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Welcome messages

Dear distinguished guests, esteemed researchers, and participants,

It is my great honor, as a Member of Parliament representing Nakhon Pathom Province, to extend
a warm welcome to all of you at the 22nd International Heat Pipe Conference and 16th International
Heat Pipe Symposium 22IHPC & 161HPS). This prestigious gathering of minds in the fields of heat

pipe research and thermal technology brings together scholars, scientists, and experts from across
the globe. We are truly delighted to host this significant event here in our province.

Nakhon Pathom is a province rich in culture, history, and innovation. Over the years, we have
worked tirelessly to develop our infrastructure and facilities to support global events like this. Our
goal is to establish Nakhon Pathom as a new hub for international academic conferences. We

believe that through events like 22IHPC & 16IHPS, we can demonstrate our capability and
readiness to become a center of knowledge exchange, collaboration, and academic excellence on
the world stage.

We hope that this conference will not only foster fruitful discussions and groundbreaking
discoveries but also provide you with an opportunity to experience the charm and hospitality of our
province.

Once again, welcome to Nakhon Pathom, and | wish you all a successful and inspiring conference.
Thank you.

Dr. Panuwat Sasomsap,

Member of Parliament for Nakhon Pathom Province, THAILAND
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I still remember when the 6IHPS-2000 has been successfully organized in Chiang Mai Thailand
with great appreciation of research exchanging as well as our northern Thai culture and cuisine in
November 2000. By this special occasion of the 22" IHPC and 16" IHPS here in Silpakorn
University, Nakhon Prathom Province, we, in the same manner, cordially welcome all participants
in this conference. We wish this occasion of exchange of research information will be in a friendly
environment among variety of expert researchers, scientists and engineers from different
institutions and industries around the world. Moreover, an unforgettable experience in several
activities, nature, cultural, performance and Central Thai food in this beloved province of Nakhon
Prathom can be unforgettable. The city represents Dvaravati civilization that once flourished here
in the central plain of Thailand. The name Nakhon Prathom technically means the very first city
here in this land. Silpakorn University (SU) is firmly established in this very first city of Nakhon
Prathom. SU was originally established as the School of Fine Arts under the Fine Arts Department
in 1933. Its inception and development owed much to an almost lifetime devotion of Professor
Silpa Bhirasri, an Italian sculptor with original name of Corrado Feroci, who was commissioned
during the reign of King Rama VI to work in the Fine Arts Department. SU presents its vision as a
leading university in fostering creativity and integrating science and arts for the sustainable
development of society.

I, therefore, would like to declare that on this occasion of 22IHPC and 16IHPC, we, on behalf of
SU, will foster science and engineering for the sustainable development of our world. Let us, I
mean all of you participants, contribute this fostering through out the 22IHPC and 16IHPS in this
special week of November. Again, ladies and gentlemen, let me cordially welcome you all to our
international Heat Pipe Conference.

Prof.Pradit Terdtoon

Honorary Chair of Local Organizing Committee
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Dear Conference Participants,

On behalf of the organizing committee, it is my great honor, as the Chairman of the Joint 22" ITHPC
(International Heat Pipe Conference) and the 16" IHPS (International Heat Pipe Symposium), to
warmly welcome researchers, academics, and experts from around the world to this significant
conference, which will be held from November 24 to 28, 2024, in Nakhon Pathom, Thailand.

Thailand is rich in diverse cultures and a long history that harmoniously blends art, architecture,
traditions, and a unique way of life. Hosting this conference here not only provides an opportunity
for academic knowledge exchange but also offers a wonderful chance for all attendees to
experience the charm of Thai culture, whether through exquisite Thai cuisine, the beauty of Thai
music, or the breathtaking landscapes and cultural heritage sites.

This conference is an important platform for presenting research and exchanging the latest
knowledge in heat pipes, heat transfer, and energy management. We aim to foster innovative
solutions that meet current industrial demands and establish sustainable collaborations among
researchers and experts worldwide.

As the chairman, [ sincerely thank everyone for their participation. I hope each of you will gain
invaluable insights from the conference and enjoy the richness of Thai culture. May this event be
a successful gathering that promotes knowledge exchange and fosters sustainable innovations.

Best regards,
Asst. Prof. Dr. Nattawut Tharawadee

Chairman of Local Organizing Committee

VI
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Curriculum Vitae of Prof. Aliakbar Akbarzadeh

Founder and Past Leader of the Energy Conservation and Renewable Energy Group
School of Engineering, RMIT University, Melbourne, Australia

Aliakbar was born in Iran. He completed his schooling in Mashhad and received his BSc in
Mechanical Engineering from Tehran University, Iran (1966). Later, he earned his MSc (1972)
and PhD (1975) from the University of Wyoming, USA. Over the past 50 years, he has held
academic positions at Shiraz University, the University of Melbourne, UC Berkeley, and RMIT
University in Melbourne, Australia.

In 1988, Aliakbar established the Energy Conservation and Renewable Energy Group in the
School of Engineering at RMIT University, where he was its leader until his retirement in 2020.
He supervised approximately 40 PhD candidates to completion and has authored over 200
refereed publications and four books, accumulating more than 7,000 citations. A
thermodynamicist, Aliakbar’s research interests span a wide range of areas, including the use of
salinity gradient solar ponds as a source of industrial process heat, the application of
thermoelectric generators for power generation from waste heat and renewable sources, and the
use of heat pipes for cooling electric and electronic devices. His pioneering work on developing
heat pipe heat exchangers for waste heat recovery systems in bakeries earned him the Australia
National Energy Award in 1992.

Many of the PhD students he trained now work for companies manufacturing computer
components and their cooling devices, or as academics in engineering schools in Australia,
Thailand, Iran, and Saudi Arabia. Aliakbar has been an active participant in International Heat
Pipe Symposia and International Heat Pipe Conferences, chairing the first [HPS held outside of
Japan in 1991. He also served as the Honorary Chair of the joint IHPC/THPS in 2022, held in
Melbourne, Australia.

After more than 50 years in academia, Aliakbar retired in 2020 to focus on voluntary work,
studying philosophy, and playing music. He is currently an Honorary Professor at RMIT
University, mentoring younger academics. Aliakbar is blessed with a supportive partner, Nasrin,
two children, their spouses, and two grandchildren. As a volunteer, he supports several not-for-
profit organizations dedicated to the care of the elderly and the welfare of refugees and newcomers
to Australia.

\1
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Curriculum Vitae of Prof. G. P. "Bud" Peterson
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G. P. “Bud” Peterson is currently President Emeritus and Regents Professor in the Woodruff
School of Mechanical Engineering at the Georgia Institute of Technology. He served as the 11th
president of Georgia Tech from April 1, 2009 through August 31, 2019. Under his leadership
Georgia Tech exceeded the $1.5 billion goal for Campaign Georgia Tech by 20%, grew innovative
collaborations and strategic partnerships, expanded the campus infrastructure, and increased
national and global visibility.

Prior to joining Georgia Tech, he served as Chancellor at the om the University of Colorado at
Boulder, where he served as Chancellor. Prior to that he s Chancellor at CU, he served as provost
for six years at Rensselaer Polytechnic Institute (RPI) in New York, where he played a key role in
the institutional transformation and the dramatic improvement in the faculty’s quality, size, and
diversity; and at Texas A&M University for 19 years, where he held a number of leadership
positions, including Associate Vice Chancellor for Engineering for the Texas A&M University
System, Executive Associate Dean of Engineering, and Head of the Department of Mechanical
Engineering. Prior to his service at Texas A&M, he served as a visiting research scientist at
NASA-Johnson Space Center in Houston, Texas.

Throughout his career, Peterson has played an active role in helping to establish the national
research and education agendas, serving as a member of a number of congressional task forces,
research councils, and advisory boards, including the Office of Naval Research (ONR), the
National Aeronautics and Space Administration (NASA), the Department of Energy (DOE), the
National Research Council (NRC), and the National Academy of Engineering (NAE). In addition,
he has served as a member of the Board of Directors of the American Institute of Aeronautics and
Astronautics (AIAA), a member of the Board of the Association of Public and Land-grant
Universities (APLU), a member of the Executive Committee of the Association of American
Universities (AAU), a member of the Board of Directors of the American Council on Education
(ACE), and currently serves on the AIAA Board of Trustees, a member of the Knight Commission
on Intercollegiate Athletics, and Chair of the NCAA Board of Governors.

A distinguished scientist, he was appointed in 2008 by President George W. Bush to the National
Science Board (NSB), which oversees the NSF and advises the President and Congress on matters
related to science and engineering research and education, and in 2014 was reappointed to the
board by President Barack Obama. He has served on the U.S. Council on Competitiveness, the
National Advisory Council on Innovation and Entrepreneurship (NACIE), and was appointed by
President Obama to the the Advanced Manufacturing Partnership (AMP) 2.0 Steering Committee.

VIl
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In 2018 he was appointed by Vice President Mike Pence to the National Space Council — User
Advisor Group.

Peterson's research interests have focused on the fundamental aspects of phase-change heat
transfer, including the heat transfer in reduced-gravity environments, boiling from enhanced
surfaces, and some of the earliest work in the area of flow and phase-change heat transfer in
micro/nanochannels. Early investigations focused on applications involving the thermal control of
manned and unmanned spacecraft and progressed through applications of phase-change heat
transfer, to the thermal control of electronic components and devices. His current research
includes fundamental applications of phase-change heat transfer to the field of biotechnology;
including the in-situ treatment of cancerous tissue using hypo- and hyper-thermia to arrest
epileptic seizures through the rapid cooling of localized brain tissue; the cooling of the leading
edges of hypersonic vehicles utilizing phase-change processes; and heat dissipation from personal
and wearable technologies.

He is a fellow of both the American Society of Mechanical Engineers and the American Institute
of Aeronautics and Astronautics and is the author or co-author of 17 books or book chapters, 260
refereed journal articles, and 145 conference publications. He has 22 patents, with two others
pending.

Peterson earned a bachelor's degree in Mechanical Engineering, a second bachelor's degree in
Mathematics, and a master's degree in Engineering, all from Kansas State University. He earned a
Ph.D. in Mechanical Engineering from Texas A&M University. He and his wife, Val, have four
adult children, two of whom are Georgia Tech alumni and eight grandchildren.
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History of the International
Heat Pipe Conference (IHPC)

History of the International
Heat Pipe Symposium (IHPS)

No LOCATION YEAR
IS THPS | Tokyo, Japan 1985
2" JHPS | Osaka, Japan 1987
3 THPS | Tsukuba, Japan 1988
4" THPS | Tsukuba, Japan 1994
5" IHPS | Melbourne, Australia | 1996
6™ THPS Chiangmai, Thailand 2000
70 IHPS | Jeju, Korea 2003
8" IHPS | Kumamoto, Japan 2006
O THPS | it LmPur 2008
10" THPS | Taipei, Taiwan 2011
11" IHPS | Beijing, China 2013

History of the Joint International
Heat Pipe Conference and
International Heat Pipe Symposium

No LOCATION YEAR
1'IHPC | Stuttgart, Germany | 1973
2" |[HPC | Bologna, Italy 1976
3 1HPC | Palo Alto, USA 1978
4" [HPC | London, UK 1981
5 IHPC | Tsukuba, Japan 1984
6" IHPC | Grenoble, France 1987
7" IHPC | Minsk, Belarus 1990
8" IHPC | Beijing, China 1992
o IHPC | Albuquerque, USA | 1995
10" IHPC | Stuttgart, Germany | 1997
11" IHPC | Tokyo, Japan 1999
12" IHPC | Moscow, Russia 2002
13" IHPC | Shanghai, China 2004
14" IHPC | Florianopolis, Brazil | 2007
15" IHPC | Clemson, USA 2010
16" IHPC | Lyon, France 2012
17" IHPC | Kanpur, India 2013

(IHPC&IHPS)

No LOCATION | YEAR
18" IHPC and .
12 THPS Jeju, Korea 2016
19" JHPC and | .
13 THPS Pisa, Italy 2018
20" IHPC and | Gelendzhik, 021
14" THPS Russia
218 THPC and | Melbourne, 2003
15" THPS Australia
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International Committee Members
Honorary Chairperson

Prof. M. Groll, Stuttgart, Germany

Past-Chairpersons
Prof. J. Bonjour, Lyon, France (interim chairperson)

Prof. Y. Maydanik, Ekaterinburg, Russia

Chairperson

Prof. S. Khandekar, Kanpur, India (deceased)

Members

Prof. J. H. Boo, Seoul, Korea

Assoc. Prof. A. Date, Melbourne, Australia
Prof. S. Filippeschi, Pisa, Italy

Prof. S. W. Kang, Taipei, Taiwan

Prof. M. Mantelli, Florianopolis, Brazil
Prof. M. Marengo, Pavia, Italy

Prof. H. Nagano, Nagoya, Japan

Prof. J. M. Ochterbeck, Clemson, USA
Prof. K. S. Ong, Kuala Lumpur, Malaysia
Prof. W. Qu, Beijing, China

Assoc. Prof. N. Soponpongipat, Nakhon Pathom, Thailand
Mr. W. Supper, Leiderdorp, Netherlands
Prof. L. L. Vasiliev, Minsk, Belarus
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Local Committee Members
Honorary Chair
Prof. Dr. Pradit Terdtoon, Chiang Mai University
Chair
Asst. Prof. Dr. Nattawut Tharawadee, Silpakorn University
Co-chair
Assoc. Prof. Dr. Nitipong Soponpongppipat, Silpakorn University
Members
Assoc. Prof. Dr. Pracha Yuenyongkul Rajamangala, University of Technology Lanna
Assoc. Prof. Dr. Piyanan Charoensawan, Naresuan University

Asst. Prof. Dr. Kridsadakorn Budachan, King Mongkut's University of Technology North
Bangkok

Assoc. Prof. Dr. Phrut Sakulchangsajathai, Chiang Mai University

Dr. Tanad Katapradit, Engineo Co.LTD.

Assoc. Prof. Dr. Niti Kammuang-Lue, Chiang Mai University

Dr. Sura Tandee, Rajamangala University of Technology Isan

Asst. Prof. Dr. Narong Srihajong, Rajamangala University of Technology Isan
Asst. Prof.Surapin Phromdan Rajamangala, University of Technology Lanna
Dr. Nat Thuchayapong, Silpakorn University

Asst. Prof. Dr. Weeranut Intagun, Silpakorn University

Dr. Paisan Comsawang, Silpakorn University

Advisory committee

Prof. Budsaba Kanoksilpatham, Silpakorn University
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List of Session Topics

S1

S2

S3

S4

S5

S6

S7

S8

Fundamental studies on thermal-fluid phenomena associated with heat pipes and closed
two-phase thermosyphons

Theoretical and experimental studies on heat pipes and thermosyphons, including
capillary pumped loops (CPL), loop heat pipes (LHP), oscillating (or pulsating) heat pipes
(OHP-PHP), mini-micro-heat pipes, etc.

e S2A s a session on Pulsating Heat Pipe (PHP)

e S2B s a session on Loop Heat Pipe (LHP)

e S2C is a session on Heat Pipe and Vapor Chamber (HP&VC)
e S2D is a session on Thermosyphon (TS)

Electronics and battery cooling applications, including thermal control of microelectronics
and power electronics, cooling of CPU, LED system.

Heat pipe and thermosyphon applications in energy industry, including heat exchangers,
new and renewable energy systems, etc.

Aerospace applications of heat pipes, including spacecraft thermal control, space power
systems, aircraft thermal control, avionics cooling, etc.

Heat pipes for special applications, including biomedical instruments, precision
metrology, agricultural facilities, environmental systems, etc.

Manufacturing processes and material processing associated with heat pipes and
thermosyphons, including new developments of wicks, working fluids, materials,
modeling of corrosion and life tests

State-of-the-art heat pipe development and applications, novel ideas of heat pipe
development

XV
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Detailed Program Schedule of Parallel Sessions

Day 1 (Sunday) November 24, 2024

10:00-17:00

-Registration and Welcome Party
-Service Van Available at Suvarnabhumi Airport

Day 2 (Monday) November 25, 2024

8:30-10:10

Open Ceremony, MC : Prof. B. Kanoksilpatham, Silpakorn University

10:10-10:20

Coffee Break

10:20-10:40

Oral presentations - Parallel sessions

[ID003-S2B] Copper-Water Loop Heat Pipes with Flat Evaporators:
Development, Tests and Application
Yury F. Maydanik, Sergey V. Vershinin and Maria A. Chernysheva

10:40-11:00

[ID012-S2B] Visualization of vapor-liquid interface in vapor grooves of
loop heat pipe
Xue Zhou, Lingji Hua, Nanxi Li, Zhenhua Jiang, Yan Lu

11:00-11:20

[ID040-S2B] Numerical and experimental study on heat and mass transfer
in the secondary wick of a loop heat pipe
Le Liu, Zhenhua Jiang, Bo Shao, Bingyao Lin, Nanxi Li and Deping Dong

11:20-11:40

[ID049-S2B] Thermal Vacuum Testing of Loop Heat Pipe Controlled by
Electrohydrodynamic Conduction Pump

Genki Seshimo, Masahito Nishikawara, Takeshi Miyakita and Hiroshi
Yokoyama

11:40-12:00

[ID081-S2B] Measurement of Impact Force of Geyser Boiling in Two-
Phase Closed Thermosyphon
JinHyeuk Seo and Jungho Lee

Room 2 Chair: Prof.J. Bonjour
Co-Chair: Dr.P. Yuenyongkul

10:20-10:40

[ID005-S7] Experimental Investigation of the Structure of SiC Porous
Ceramic in Application to LHP Evaporator Working in Medium-
Temperature Heat Rejection Systems

Pawel Szymanski, In-Hyuck Song, Jae-Ho Jeon, Piotr Radomski, Tadeusz
Miruszewski and Dariusz Mikielewicz

10:40-11:00

[ID015-S7] Heat transport characterization of a loop heat pipe with
primary/secondary wick-integrated evaporator by additive manufacturing
Yuki Akizuki, Kimihide Odagiri, Hiroshi Yoshizaki, Masahiko Sairaiji, Hosei
Nagano and Hiroyuki Ogawa

11:00-11:20

[ID029-S7] Development of a Vapor Chamber with Hybrid Wick Structure
by Additive Manufacturing Technology
Yawei Xu, Hongxing Zhang, Jinyin Huang and Jianyin Miao

11:20-11:40

[ID033-S7] Novel Ultra-Thin Vapor Chambers with Composite Triple
(Mesh, Grooves and Powders) Wicks Having Cooling Capacity of 860 W
under 40 x 40 mm? Heating

Shwin-Chung Wong, Chih-Yuan Fu, Lian-Qi Huang, Ting-Yun Kuo, Jo-Ting
Tang, Chih-Chao Hsu and Chung-Yen Lu

XVI
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11:40-12:00

[ID047-S7] Numerical investigation of the hierarchical micro pore-channel
composite evaporator for high-performance heat dissipation devices

Jiaxi Du, Jialin Liang, Binjian Ma, Huizhu Yang, Yue Yang and Yonggang
Zhu

12:00-13:00

13:00-13:20

Lunch

[ID085-S2B] Modeling Ultra-Thin Flat Loop Heat Pipes using a 1-D
Lumped Parameter Approach

Marco Bernagozzi, Kelvin Guessi Domiciano, Larissa Krambeck, Marcia B.
H. Mantelli and Marco Marengo

13:20-13:40

[ID090-S2B] Fabrication Procedures and Experimental Study of a Sodium
Rod-Plate Heat Pipe

Elvis Falcdo de Araujo, Alice Toledo de Castro, Juan Pablo Florez Mera,
Luis H.R. Cisterna and Marcia Barbosa Henriques Mantelli

13:40-14:00

[ID093-S2B] Experimental studies on startup behavior of cylindrical
evaporator nickel bi-porous wicked miniature loop heat pipe
Toni Kumari, Chandan Nashine and Manmohan Pandey

14:00-14:20

[ID128-S2B] Multievaporator Cold Plate (MECOP) Heat Loop
characterization with butane and R134a

Luka Ivanovskis, Igors Usakovs, Donatas Mishkinis,Marco Gottero, Albino
Quaranta and Stéphane Lapensée

Room 2 Chair: Prof.P. Terdtoon
Co-Chair: Dr.P. Yuenyongkul

13:00-13:20

[ID004-S2C] Start-up characteristics of a high-temperature liquid metal
heat pipe with fins: An experimental study
Zhi-Hu XUE, Yin Yu and Wei Qu

13:20-13:40

[ID011-S2C] Thermal Performance Evaluation of Tower Type Vapor
Chamber

Harutoshi Hagino, Phan Thanglong, Tsuyosi Koshio, Yuji Saito and Yoji
Kawahara

13:40-14:00

[ID013-S2C] Temperature Uniformity Characteristics of a Sodium Heat
Pipe-Based Isothermal Heat Pipe Liner
Eunsueng An, Kyungsoo Park, Pyungsoon Kim, Wukchul Joung

14:00-14:20

[ID017-S2C] The effect of gradient structure wick on the heat transfer
performance of polyurethane flexible flat heat pipe
Hongling Lu, Li Jia, Liaofei Yin and Chao Dang

14:20-14:40

14:40-15:00

Coffee Break

[ID021-S2A] Mono-sized Cryogenic Pulsating Heat Pipe Operational with
both Neon and Helium — an Experimental Study

Tisha Dixit, Gilles Authelet, Charles Mailleret, Florian Gouit, Vadim
Stepanov and Bertrand Baudouy

15:00-15:20

[ID024-S2A] Advancements in Commercialization of Oscillating Heat Pipes
Corey A. Wilson
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15:20-15:40

[ID043-S2A] Visualization Study of a Unique Heat Transfer Mechanism in
an Ultra-Low Fill Rate Heat Pipe with a Single Serpentine Channel
Resembling Pulsating Heat Pipes

Koji FUMOTO, Kento OKUBO, Shotaro OSHIMA, Asami HATAMOTO,
Keisuke KURITA, Isao HARAYAMA and Hiroshi [IKURA

15:40-16:00

[ID080-S2A] Heat Transfer Characteristics of Oscillating Heat Spreader
with Petal-shaped Topological Channel Layout
Guoging Zhou, Ziang Li and Jian Qu

Room 2 Chair: Prof.P. Terdtoon
Co-Chair: Dr.P. Yuenyongkul

14:40-15:00

[ID22-S2C] Development of Cryogenic Methane Constant Conductance
Heat Pipe
Sandeep Hatte, Kuan-Lin Lee and Calin Tarau

15:00-15:20

[ID064-S2C] Experimental study of heat transfer characteristics of bent
high-temperature heat pipe

Zhipeng Zhang, Hongyu Yang, Chenglong Wang, Kailun Guo, Wenxi Tian,
Suizheng Qiu and Guanghui Su

15:20-15:40

[ID067-S2C] Visualization Experiments and Numerical Analyses of Ultra-
thin Heat Pipes Using a Wick Structure with Non-uniform Shape
Yasushi Koito, Junichi Akiyama and Hiroto Ueno

15:40-16:00

[ID088-S2C] An Experimental Investigation of Aluminum/Ammonia Heat
Pipe with Rectangular Smooth Edge Axial Groove Wick

Amawasee Rukruang, Sajad Mishkhas, Meng-Hao Chen, Tzu-Hui Yu, Yen-
Ting Chen, Jong-Shinn Wu, Piyatida Trinurak, Somchai Wongwises and
Chi-Chuan Wang

16:00-16:20

[ID131-S2C] The Heat Pipe with Variable Size of Pores
V.V. Cheverda, A.A. Lukyanov and 1.S.Vozhakov

16:20-18:00

Free time

18:00-20:00

Dinner

Day 3 (Tuesday) November 26, 2024

9:00-9:20

Oral presentations - Parallel sessions

[ID083-S2A] Novel Pulsating Heat Pipe Composed of Wire-Plate Grooves
Larissa Krambeck, Kelvin Guessi Domiciano, Kénia Warmling Milanez and
Marcia Barbosa Henriques Mantelli

9:20-9:40

[ID097-S2A] Experimental study of low cost extruded aluminum profiles as
pulsating heat pipes for long distance heat transfer
Claus Brede, Stefan Becker and Florian Schwarz

9:40-10:00

[ID103-S2A] Detection and Measurement of Non-Equilibrium States in
Pulsating Heat Pipes
Mauro Mameli, Mauro Abela, Davide Della Vista and Sauro Filippeschi

10:00-10:20

[ID104-S2A] Deployable Pulsating Heat Pipe: Experiments on Ground and
onboard Parabolic Flight

Roberta Perna, Mauro Mameli, Maksym Slobodeniuk, Luca Pagliarini,
Cyril Romestant, Vincent Ayel and Fabio Bozzoli and Sauro Filippeschi
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Room 2 Chair: Prof.W. Supper

Co-Chair: Dr.P. Charoensawan
[ID045-S3] Study on On-Board Inverter Cooling Loop Heat Pipe for
Electronic Vehicles

9:00-9:20 Makoto Kamata, Yuta Shimada, Noriyuki Watanabe, Shinobu Aso, Kazuki
Sadakata, Shigeyuki Tanabe and Hosei Nagano
[ID069-S3] Experimental study of pulsating heat pipes for cooling the stator
9:20-9-40 of an electrical machine

Halima Aziza, Riadh Boubaker, Safouene Ouenzerfi, Naoko Iwata, Vincent
Dupont, Souad Harmand

[ID084-S3] Electric Vehicle Battery Cooling via Loop Heat Pipes coupled
9:40-10:00 | with Underbody Aerodynamics

Marco Bernagozzi, Marco Marengo and Anastasios Georgoulas
[ID106-S3] Antiparallel Flat Plate Pulsating Heat Pipe for the Cooling of
Electronic Enclosures

Davis T Vempeny, Laxman Kumar Malla, Hemanth Dileep, Pankaj
Srivastava, Pallab Sinha Mahapatra and Arvind Pattamatta

10:00-10:20

10:20-10:40 Coffee Break

[ID112-S2A] Comparative Study on Operational Characteristics of Polymer
10:40-11:00 | Pulsating Heat Pipes in Different Orientations
Zhengyuan Pei and Yasushi Koito
[ID115-S2A] Effect of bending angle on the thermal performance of a
polymeric flat plate pulsating heat pipe
11:00-11:20 | Marco Marengo, Ayse Candan Candere, Francois Clemens, Nicolas Miché,
Marco Bernagozzi, Mehmet Saglam, Anastasios Georgoulas and Orhan
Aydin
[ID132-S2A] Feasibility Study on the Application of a Novel Three-
11:20-11:40 | Dimensional Structured Pulsating Heat Pipe
Jongmin Jung and Yongseko Jeon
[ID133-S2A] The Effect of Unidirectional Circulation Mechanism of
Asymmetric and Interconnecting Channels on the Heat Transfer
Performance of Pulsating Heat Pipe
Junseok Kim and Yongseok Jeon
Room 2 Chair: Prof.W. Supper

Co-Chair: Dr.P. Charoensawan
[ID107-S3] Design and Evaluation of Remote Loop Thermosyphon for
High Heat-flux 2U Servers
Abdolmajid Zamanifard, Piyatida Trinurak, Somchai Wongwises and Chi-
Chuan Wang
[ID126-S3] Identifying Niche of Heat Pipe Technology in Electric Vehicle
Battery Cooling Applications
Randeep SINGH, Takeshi KOSHIO, Harutoshi HAGINO, Phan Thanh
LONG, Tsuyoshi OGAWA, Tien NGUYEN, Masataka MOCHIZUK]I,
Thanudej AUSSAWINWONG, Charoenrath CHANSIRISATHAPORN and
Kanokwan CHAICHANA

11:40-12:00

10:40-11:00

11:00-11:20
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11:20-11:40

[ID036-S6] Two-phase Thermosyphon with Horizontal Evaporator and
Radiative Sky Cooling at the Condenser

Aalekh Srivastava, Prem Kumar, Amrit Ambirajan, Pradip Dutta, Zubin
Varghese, Rohith B L and Praveena Subrahmanya

11:40-12:00

[ID061-S6] Thermal performance of the geothermal thermosyphon for snow
melting on paved roads
Hyunmuk Lim, Seokjin Lee, Sukkyung Kang, and Jungho Lee

12:00-13:00

Lunch

Poster session
Chair: Prof.S.W. Kang, Co-Chair: Dr.P. Charoensawan

13:00-15:00

[ID010] Pore Network Simulation for Design of Biporous Structures in
Loop Heat Pipe Evaporators
Masahito Nishikawara

[ID032] Optimization of capillary structures for loop heat pipes based on
multiscale carbonyl nickel powder

Qi Wu, Guoguang Li, Zhichao Jia, Hanli Bi, Hongxing Zhang and Jianyin
Miao

[ID035] Experimental and Numerical Studies of a Loop Thermosyphon
Prem Kumar, Jayant Kathuria, Aalekh Srivastava, Susmita Dash, Amrit
Ambirajan and Pradip Dutta

[ID050] Evaluation of Heat Transfer Characteristics in Pulsating Heat Pipes
under Ultralow Filling Ratios: Effect of the Working Fluid Type
Atsushi Shiokawa, Asami Hatamoto and Koji Fumoto

[ID055] Spreading Thermal Resistance of Boiling-driven Heat Spreader
Jung Chan Moc, Su Yoon Dohl and Jungho Lee

[ID062] Thermal Performance of Surface Characterization for Two-phase
Immersion Cooling using HFE-7200
Sanghyeon Shin and Jungho Lee

[ID078] Thermal Performance Enhancement of Two-Phase Closed
Thermosyphon by Thread Tapping inside the Evaporator
Sukkyung Kang, Seokjin Lee and Jungho Lee

[ID079] Experimental Study on Oscillating Heat Spreader with Topology
Optimization Channels for the Cooling of Multiple Heat Source Electronics
Ziang Li, Guoging Zhou and Jian Qu

[ID082] Thermal Performance of a LHP (loop heat pipe) for Ultra-high Heat
Flux Cooling
Hee Soo Myeong and Seok Pil Jang

[ID102] Study of the Pool Boiling Heat Transfer Coefficient in a
Thermosyphon

Souza, Fernando Gongalves, Ribeiro, Andreza Sousa, Pabon, Nelson Yurako
Londoniol and Mantelli, Marcia Barbosa Henriques

[ID108] Pseudo steady state temperature predictions for a bottom heated
pulsating heat pipe utilizing a correlation based tool

K. Nandakumar Chandran, Kailash Choudhary, Jason Chetwynd-Chatwin,
June Kee Min and Man Yeong Ha
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[ID114] Current development of the thermal hydraulic code AC*/ATHLET
for the high-temperature heat pipe simulation

Daniel Eckert, Fabian Weyermann and Jorg Starflinger

[ID125] Performance Evaluation of a Bi-porous Wicked Flat Miniature

Loop Heat Pipe

Chandan Nashine, Toni Kumari and Manmohan Pandey
16:00-18:00 Woodland Museum
18:00-21:00 Conference Banquet

Day 4 (Wednesday) November 27, 2024
Keynote Lecture: Prof.G.P. Peterson
Topic: An Historical Overview of the use of Heat Pipes in the Thermal
Control of Hypersonic Vehicles
Chair: Prof.P. Terdtoon, Co-Chair: Prof.B. Kanoksilpatham
9:20-9:40 Coffee Break

Oral iresentations - Parallel sessions

[ID054-S5] Reliable Startup and Continuous Oscillation Conditions of OHP
9:40-10:00 e .
Nagai Hiroki and Kawaguchi Ayumu
[ID073-S5] Experimental Study on thermal performance of a 3D printed
Titanium-Water Heat Pipe
Shuaiting Lu, Huizhi Wang, Yuandong Guo, Jinyin Huang, Jianyin Miao
and Guiping Lin
[ID095-S5] Heat Transfer Performance of a Six-turn Pulsating Heat Pipe for
10:20-10:40 | Aeronautical Application under Vibration Environment
Naoko Iwata, Vincent Dupont and Antoine de Ryckel
[ID044-S4] Numerical and Experimental Investigation of a 10 kW Flat-
Type LHP for Waste Heat Recovery
Shawn Somers-Neal, Tatsuki Tomita, Noriyuki Watanabe, Ai Ueno, Hosei
Nagano
[ID051-S4] Optimal Heat Pipe Operation for Efficient Latent Energy
11:00-11:20 | Exchanger
Helen Skop and Darrell Klammer
[ID070-S4] Heat pipe assisted combined power generation and water
11:20-11:40 | desalination
Oranit Traisak, Aliakbar Akbarzadeh and Abhijit Date
[ID124-S4] Heat transfer performance of a prototypically 8 m-long two-
11:40-12:00 | phase closed thermosyphon for spent fuel pool passive cooling
Sergio Ivan Caceres Castro, Rudi Kulenovic and Jorg Starflinger
Room 2 Chair: Prof.J. Bonjour

Co-Chair: Dr.P. Yuenyongkul
[ID028-S8] Influence of the liquid lifting height on the performance of an
inverted two-phase thermosyphon
Ricardo Schneider Calomeno, Fernando Henrique Milanez and Marcia
Barbosa Henriques Mantelli

9:00-9:20

10:00-10:20

10:40-11:00

9:40-10:00

XXI
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[ID030-S8] Experimental Study on Two-Phase Loop Driven by Osmotic
Pressure and Capillary Force

10:00-10:20 Hanli Bi, Zheng Peng, Chenpeng Liu, Zhichao Jia, Guoguang Li, Yuandong
Guo, Hongxing Zhang and Jianyin Miao
10:20-10-40 [ID058-S8] The aluminum boiling-driven heat spreader

Su-Yoon Doh, Junyoung Choi, Seung M. You and Jungho Lee

[ID071-S8] Low Pressure Drop Biomimetic Manifold Microchannels for
10:40-11:00 | Cooling Electronic Devices

Keyi Huang, Guiping Lin, Kai Tang and Yuandong Guo

[ID087-S8] Thermal Characteristics of Concentric Annular Thermosyphon
with Phase Change Material

Weeranut Intagun, Paisan Comsawang, Nattawut Tharawadee

and Nat Thuchayapong

[ID096-S8] Experimental investigation of the effect of the vibration on the
operation of the direct contact condensation “box” component of a Capillary
Jet Loop

V. Dupont, C. Popper, M. Bertha, S. Hoffait and A. de Ryckel

[ID118-S8] Enhancing the Performance of Single-Loop Pulsating Heat Pipe
11:40-12:00 | by Creating a Novel Asymmetry

Anoop Kumar Shukla and Subrata Kumar

11:00-11:20

11:20-11:40

12:00-13:30 Lunch

13:30-15:00 Wat Phra Kaew and Grand Palace
15:30-19:30 ICONSIAM

19:45-21:45 Dinner Cruise along Chao Phraya River

Day 5 (Thursday) November 28, 2024
Keynote Lecture: Prof.N. Hirotaka
9:00-9:20 | Topic: Cryogenic Heat Pipes
Chair: Prof.P. Terdtoon, Co-Chair: Prof.B. Kanoksilpatham
9:20-9:40 Coffee Break

Oral iresentations - Parallel sessions

[ID041-S1] Effect of evaporation and orientation on surface tension-induced
9:40-10:00 | liquid penetration in a porous medium

Rampally Srirama, Chandra Murthy and Navneet Kumar

[ID048-S1] High-speed microscopic observation of thermo-fluid behavior
in a porous wick under saturated vapor condition for loop heat pipes

Taito Kato, Kimihide Odagiri, Yuki Akizuki, Hosei Nagano and Hiroyuki
Ogawa

[ID105-S1] Two-phase Pressure Drop Experimental Study for Small
Capillary Tubes

Kelvin G. Domiciano, Mauro Mameli, Larissa Krambeck, Sauro Filippeschi
and Marcia B. H. Mantelli

[ID025-S2D] Enhancing Condensation and Evaporation Performance in
Two-Phase Closed Thermosyphons through Inner Surface Treatment: An
Experimental Investigation

Marc Kirsch, Rudi Kulenovic and Jorg Starflinger

10:00-10:20

10:20-10:40

10:40-11:00
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11:00-11:20

[ID026-S2D] Aluminum Loop Thermosyphon with two Evaporators and
One Condenser for Electronic Cooling

Leonard L. Vasiliev, Alexander S. Zhuravlyov, Alyona A. Gasparovich and
Dmitry S. Sadchenko

Room 2 Chair: Prof. M. Mantelli
Co-Chair: Dr.T. Khamdaeng

9:40-10:00

[ID092-S7] Experimental studies and analytical mathematical modeling of
the evaporation rate of the sintered-grooved wick

Wanchai Pileug, Pradit Terdtoon, Niti Kammuang-lue and Phrut
Sakulchangsatjatai

10:00-10:20

[ID099-S7] Accommodating Thermal Stress in High-temperature Heat
Pipes

Longfei Hu, Bo Li, Wei Qu, Xiaoguang Luo, Jijun Yu, Bangcheng Ai and
Mohan zhang

10:20-10:40

[ID109-S7] Additive Manufacturing of Vapor Chamber
Chen K. L, Hsu S. C and Kang S. W

10:40-11:00

[ID110-S7] Numerical Simulation of Fluid Dynamics Characteristics in 3D
printed TPMS Structures

Senthilkumar S., Kishore Bhaskar S., Penubarthi Guru Varun, Chen K. L.
and Kang S. W.

11:00-11:20

[ID111-S7] Experimental Investigation of An Air-Cooled Roll-Bond Flat
Thermosyphon Module

Mohsen Khandan Bakavoli, Piyatida Trinurak, Somchai Wongwises and
Chi-Chuan Wang

11:30-12:00

Closing ceremony
MC : Prof.B. Kanoksilpatham
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Copper-Water Loop Heat Pipes with Yury F. Maydanik,
ID003-S2B | Flat Evaporators: Development, Tests | Sergey V. Vershinin, and 1
and Application Maria A. Chernysheva
Experimental Investigation of the Pawel Szymanski, In-
Structure of SiC Porous Ceramic in Hyuck Song, Jae-Ho Jeon,
ID005-S7 Application to LHP Evaporator Piotr Radomski, Tadeusz 7
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ID017-S2C Hongling Lu, Li Jia, 48

Liaofei Yin, Chao Dang
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Tisha Dixit, Gilles
Mono-sized Cryogenic Pulsating Heat Authelet, Charles
ID021-S2A | Pipe Operational with both Neon and Mailleret, Florian Gouit, 54
Helium — an Experimental Study Vadim Stepanov, and
Bertrand Baudouy
ID022-52C Development of Cryogenic Methane Sandeep Hatte, Kuan-Lin 61
Constant Conductance Heat Pipe Lee and Calin Tarau
Advancements in Commercialization .
ID024-S2A of Oscillating Heat Pipes Corey A. Wilson 67
Enhancing Condensation and
Evaporation Performance in Two- Marc Kirsch, Rudi
ID025-S2D | Phase Closed Thermosyphons through Kulenovic 77
Inner Surface Treatment: An and Jorg Starflinger
Experimental Investigation
: : Leonard L. Vasiliev
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ID029-S7 with Hybrid Wick Structure by Zhang, Jinyin Huang, 100
Additive Manufacturing Technology Jianyin Miao
Optimization of capillary structures Sﬁi\é\(}l;ﬁ?aogﬁsgﬁ E:
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multiscale carbonyl nickel powder

Hongxing Zhang, Jianyin
Miao
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Novel Ultra-Thin Vapor Chambers Shwin-Chung Wong,
with Composite Triple (Mesh,Grooves Chih-Yuan Fu, Lian-Qi
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Capacity of 860 W under 40 x 40 Jo-Ting Tang, Chih-Chao
mm? Heating Hsu, and Chung-Yen Lu
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P P Amrit Ambirajan, Pradip
Dutta
Aalekh Srivastava,
Two-phase Thermosyphon with Prem Kumar, Amrit
ID036-S6 Horizontal Evaporator and Radiative | Ambirajan, Pradip Dutta, 123
Sky Cooling at the Condenser Zubin Varghese, Rohith B
L, Praveena Subrahmanya
Numerical and experimental study on Le Liu, Zhenhua Jiang,
ID040-S2B heat and mass transfer in the Bo Shao, Bingyao Lin, 133
secondary wick of a loop heat pipe Nanxi Li, Deping Dong
Effect of evaporation and orientation | Rampally Srirama Chandra
ID041-S1 on surface tension-induced liquid Murthy and Navneet 139
penetration in a porous medium Kumar
Numerical and Experimental ShaV.V” Sor_ners-Ne_aI, .
ID044-S4 | Investigation of a 10 kW Flat-Type | | 2tsuki Tomita, Noriyuki -1, 5
Watanabe, Ai Ueno, Hosei
LHP for Waste Heat Recovery
Nagano
Numerical investigation of the Jiaxi Du, Jialin Liang,
ID047-S7 hlerarch!cal micro pore-cha_nnel Binjian Ma, Huizhu Yang, 158
composite evaporator for high- Yue Yang, and Yonggang
performance heat dissipation devices Zhu
Thermal Vacuum Testing of Loop Genki Seshimo, Masahito
ID049-S2B Heat Pipe Controlled by Nishikawara, Takeshi 164

Electrohydrodynamic
Conduction Pump

Miyakita, Hiroshi
Yokoyama
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ID050 - . Asami Hatamoto, 170
under Ultralow Filling Ratios: Effect Koii Fumoto
of the Working Fluid Type )
i Optimal Heat Pipe Operation for Helen Skop, Darrell
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Boiling-driven Heat Spreader Doh and Jungho Lee
. . . Su-Yoon Doh, Junyoung
ID058-S8 The aluminum boiling-driven heat Choi, Seung M. You and 188
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Jungho Lee
Thermal performance of the Hyunmuk Lim, Seokjin
ID061-S6 geothermal thermosyphon for snow Lee, Sukkyung Kang, and 192
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. : Yasushi Koito,
ID067-s2¢ | Numerical Analyses of Ultra-thin Heat Junichi Akiyama, 200
Pipes Using a Wick Structure with :
. and Hiroto Ueno
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Halima Aziza, Riadh
Experimental study of pulsating heat Boubaker, Safouene
ID069-S3 pipes for cooling the stator of an Ouenzerfi, Naoko Iwata, 206
electrical machine Vincent Dupont, Souad
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Heat pipe assisted combined power Oranit Traisak,
ID070-54 PIp P Aliakbar Akbarzadeh, 211

generation and water desalination

Abhijit Date
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Low Pressure Drop Biomimetic gﬁ?"i;luaﬂg’
ID071-S8 Manifold Microchannels for Cooling Kfi Tgn ' 216
Electronic Devices 9.
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Experimental Study on thermal ngrlljalt\l;]ugah(l;(’):'ugsg
ID073-S5 performance of a 3D printed 'ang, g 5uo, 226
. . Jinyin Huang, Jianyin
Titanium-Water Heat Pipe . e ;
Miao, Guiping Lin
Thermal Performance Enhancement of Sukkvuna Kana. Seokiin
ID078 Two-Phase Closed Thermosyphon by Leey angd Jungho Lee{ 231
Thread Tapping inside the Evaporator ’ g
Experimental Study on Oscillating
Heat Spreader with Topology . : .
ID079 Optimization Channels for the Zlang L':]g::cgl:ng Zhou, 235
Cooling of Multiple Heat Source
Electronics
Heat Transfer Characteristics of Guoaina Zhou. Ziand Li
ID080-S2A | Oscillating Heat Spreader with Petal- aing Jian Q’u gt 243
shaped Topological Channel Layout
Measurement of Impact Force of .
ID081-S2B | Geyser Boiling in Two-Phase Closed JinHyeuk Sicé,eand Jungho 250
Thermosyphon
Larissa Krambeck, Kelvin
. . Guessi Domiciano, Kénia
ID083-S2A Novel Pulsat_lng Heat Pipe Composed Warmling Milanez, Marcia 255
of Wire-Plate Grooves .
Barbosa Henriques
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Underbody Aerodynamics

and Anastasios Georgoulas
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Modeling Ultra-Thin Flat Loop Heat | Guessi Domiciano, Larissa
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Marengo
Thermal Characteristics of Concentric %ig;a%ugnlqgﬁgg’
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and Nat Thuchayapong
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An Experimental Investigation of Hao Chen, Tzu-Hui Yu,
i Aluminum/Ammonia Heat Pipe with Yen-Ting Chen, Jong-
ID088-S2C Rectangular Smooth Edge Axial Shinn Wu, Piyatida 286
Groove Wick Trinurak, Somchai
Wongwises, and Chi-
Chuan Wang
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ID090-S2B | Experimental Study of a Sodium Rod- . . d, 295
Plate Heat Pipe LUI_S H.R. Cisterna an
Marcia Barbosa Henriques
Mantelli
Experimental studies and analytical Wanchai Pileug, Pradit
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evaporation rate of the sintered- lue and Phrut
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Aeronautical Application under
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Abstract
The results of the development and research of copper-water LHPs with flat evaporators are presented. The tests were
conducted with heat sources with different heating surface areas and under different conditions of condenser cooling.
The maximum heat load achieved when testing a miniature LHP with a 2.3 mm thick evaporator and a 6.6 cm? heat
source was 20 W with natural air cooling of the condenser and 44 W with forced convection. The total thermal
resistance of the LHP was at the level of 0.6 °C/W and 1.3 °C/W, respectively. When testing an LHP with a 10 mm
thick flat-oval evaporator with a 34 cm? heat source, the maximum heat load was restricted to 700 W, which was not
the limiting value. When the condenser was cooled with water with a temperature of 40 °C, the evaporator temperature
was 78 °C, and its thermal resistance was 0.016 °C/W. An LHP with a 19 mm thick and 50 mm diameter disk-shaped
evaporator was tested with a 16 cm? heater. The minimum evaporator thermal resistance of 0.043 °C/W was obtained
at a heat load of 460 W. Examples of the use of copper-water LHPs in various electronics cooling systems are also

presented.

Keywords: Heat-transfer device; Loop heat pipe; Cooling system

1. Introduction

Loop heat pipes (LHPs) are highly efficient heat-
transfer devices that are increasingly being used in
various fields of technology. LHPs are made in the
form of a closed loop, including an evaporator and
a condenser, connected by separate smooth-walled
pipelines for the movement of vapor and liquid,
having a relatively small diameter. The fine-pored
capillary structure (wick) with which these devices
are equipped has a special shape and is located only
in the evaporator. Evaporators can be cylindrical or
flat. Flat evaporators can be rectangular, disk-
shaped, or flat-oval. In flat-oval evaporators,
longitudinal replenishment of the wick evaporation
zone is realized, while others use opposite
replenishment [1]. The advantage of flat evaporators
is that they have a flat thermal contact surface.
Unlike cylindrical evaporators, they usually do not
require any additional intermediate interface
elements to provide thermal contact with heat
sources. Flat evaporators are usually used in LHPs
with working fluids that have a pressure at the
operating temperature not greater than or slightly
greater than the external atmospheric pressure. The
most effective of them is water in combination with
a copper body and a wick. The results of the
development and testing of a copper-water LHP
with a 3.2 mm thick flat-oval evaporator were first
published in 2004 [2]. Even then, these tests
demonstrated the high efficiency of copper-water
LHPs. When this device was tested with a heat
source with a heating surface area of 4 cm?® and

forced air cooling of the finned condenser, the heat
load was increased from 10 to 160 W. The
temperature of the evaporator varied from 35 to
98 °C. The minimum value of the evaporator
thermal resistance of 0.05 °C/W was reached at the
maximum heat load, which was not the limit. At
present, the results of the development and testing
of LHPs with flat-oval evaporators with a thickness
of 2 to 15 mm are known, confirming their high
efficiency [3-8]. The thickness of evaporators with
opposite replenishment, which are most often disk-
shaped, is typically in the range of 15-30 mm.
Disadvantages of copper-water LHPs with flat
evaporators include the limited temperature range of
0 to 100 °C at which they can be stored, transported
and operated. The lower temperature limit is
associated with the risk of water freezing, which can
cause deformation of the thin flat walls of the
evaporator. The upper limit is due to the fact that at
temperatures above 100 °C, the water vapor
pressure inside the LHP exceeds the external
atmospheric pressure, which can also cause
deformation. To avoid these undesirable effects, it is
necessary to increase the wall thickness, which
increases the thermal resistance of the evaporator.
Another limitation of copper-water LHPs is the
strong dependence of the operating temperature on
the inner diameter of the vapor line, which should
be sufficiently large [9]. As a result, there is a
decrease in the possibilities for configuring the
vapor line when placing the LHP in constrained
conditions. However, copper-water LHPs with flat
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evaporators currently have the best thermal
characteristics and high potential for practical
applications in electronic cooling systems.

2. LHPs with flat-oval evaporators

Figure 1 shows the external view of a miniature
copper-water LHP with a flat evaporator measuring
45 mm x 26 mm x 2.3 mm and an active zone
measuring 30 mm x 22 mm.

Evaporator

Liquid line

Condenser interface

Figure 1. A miniature LHP.

The vapor line, liquid line and condenser of this
device are 120 mm, 130 mm and 210 mm long,
respectively. They are made of a 3/2.5 mm diameter
copper tube, flattened to the thickness of the
evaporator. The condenser was connected to the
interface, a copper plate with dimensions of 185 mm
x 50 mm x 0.5 mm. The tests were carried out with
the device in a horizontal position. The heat source
was a copper block with a heating surface area of 6
cm? equipped with an electric heater. The condenser
was cooled by natural and forced air convection at a
rate of 6 m/sec at a temperature of 22-24 °C. Figure
2 presents the experimental dependence of the
evaporator temperature on the heat load under the
specified conditions.

Figure 3 shows the external view of an LHP with
a 10 mm thick flat-oval evaporator that was tested
with a heat source with a heating surface of 34 cm?
when the condenser was directly cooled with water
at a flow rate of 4 L/min and a temperature of 20 °C
and 40 °C.

The LHP vapor line is 300 mm long and 6/5 mm
in diameter. The condenser is 500 mm long and has
the same diameter. The liquid line is 630 mm long
and 4/3 mm in diameter. The condenser is made in
the form of a loop and is has a polyvinyl cooling
jacket. Figure 4 demonstrates the experimental
dependence of the temperature at the heating surface
of the heat source (T;) on the heat load at different
cooling water temperatures.
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Figure 2. Dependence of the evaporator

temperature on the heat load under different
condenser cooling conditions.
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Liquid line
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Figure 3. An LHP with a 10 mm thick flat-oval
evaporator.
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Figure 4. Dependence of the temperature at the
heating surface of the heat source on the heat load at
different condenser cooling temperatures.
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Analysis of the graphs shows that there is no
direct proportional dependence of the operating
temperature on the condenser cooling temperature,
which is typical for copper-water LHPs. In this case,
at a maximum heat load of 700 W, the temperature
difference is only 3 °C, while the cooling
temperature difference is 20 °C. This fact has an
important practical meaning, especially when using
LHPs in cooling systems of servers in data centers,
where the so-called "free cooling” is implemented,
where it is necessary to use warm water with a
temperature of 40 °C or more. It should also be
noted that the heat load of 700 W, which in this case
is limited only by the power of the heat source, is
not the limit for this LHP. This follows from the fact
that the vapor temperature is significantly below
100 °C. In addition, the analysis of the thermal
resistance dependence Rj = T;—T.J/Q presented in
Figure 5 shows a tendency for its further decrease
below the achieved minimum value of 0.016 °C/W.
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0.021 A

0.019 A

Thermal resistance R;, °C/W

0.017 4 )
°

0.015 T T T T T T ]
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Heat load, W

Figure 5. Dependence of the thermal resistance R;
on the heat load at a cooling temperature of 40 °C.

3. LHPs with disk-shaped evaporators

Figure 6 shows a copper-water LHP with a disk-
shaped evaporator with a diameter of 50 mm and a
thickness of 19 mm.

The LHP vapor line is 330 mm long and 6/5 mm
in diameter. The condenser is 200 mm long and has
the same diameter. The liquid line is 345 mm long
and 4/3 mm in diameter. The condenser is
connected to a copper interface with dimensions of
100 mm x 75 mm x 4 mm. During the LHP tests, a
heat source with a heating area of 16 cm? was used.
The condenser interface was pressed against a heat
exchanger, through which water was pumped at a
flow rate of 4 L/min and a temperature of 20 °C,

40 °C and 60 °C. The test results are presented in
Figure 7.

Evaporator __ ¢4 ﬂ

Vapor line
\ / 7~

Liquid line

Condenser

Figure 6. An LHP with a disk-shaped evaporator.
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Figure 7. Dependence of the temperature at the
heating surface of the heat source on the heat load at
different condenser cooling temperatures.

Here it can also be seen that the temperature of
the heat source is weakly dependent on the cooling
temperature of the condenser. When the latter
changed by 40 °C, the temperature of the heat
source changed by only 10 °C at the maximum heat
load of 600 W, and the maximum difference of
19 °C was observed at a heat load of 200 W. It
should also be noted that the vapor temperature in
the LHP exceeded normal atmospheric pressure
only at a cooling temperature of 60 °C with a heat
load above 450 W. At its maximum value, this
excess reached 43 kPa, which was not critical for
such an evaporator, whose flat wall thickness was
double that of the flat-oval evaporator. This led, as
expected, to an increase in the thermal resistance R;,
whose minimum value was 0.042 °C/W at a heat
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load of 400 W. At the same heat load and with the
same heat source, the R; value with the flat-oval
evaporator was 0.030 °C/W.

4. Practical application of copper-water
LHPs with flat evaporators

For the first time, such LHPs were used in coolers
designed to cool powerful CPUs and GPUs in
personal computers and servers. One such cooler
with an LHP equipped with a 7 mm thick flat-oval
evaporator and 6 mm diameter pipelines is shown in
Figure 8.

Evaporator
@

Figure 8. A CPU cooler for a personal computer.
The cooler had copper fins with an area of 0.328

m? connected to a 120 mm fan. The overall
dimensions and weight of the cooler with the fan are

150 mm x 120 mm x 85 mm and 380 g, respectively.

The operating characteristic of the cooler at a fan
speed of 980 rot/min is demonstrated in Figure 9.
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Figure 9. Dependence of the temperature at the
heating surface of the CPU simulator on the heat
load.

Here it is clear that the maximum allowable
temperature of 70 °C is reached at a heat load of 370
W, and a comfortable temperature of 50 °C is
achieved at a heat load of 200 W, which is in good
agreement with the actual demand with a good
reserve for further increases in the heat load.

Figure 10 shows another cooler developed on the
basis of an LHP with the same evaporator for the
GPU of a powerful gaming computer. The
diameters of the vapor and liquid lines were 5/4 mm
and 4/3 mm, respectively.

Evaporator

" . ,
L A
\ ' i '.} ] T
e [

Figure 10. A GPU cooler.

The cooler was equipped with a double-sided
aluminum radiator with 0.5 m? fin area and a 120
mm fan with a speed of 1800 rot/min. Figure 11
shows the cooler’s operating characteristics
obtained with the GPU thermal simulator.

90 -
80 - L
70 -
60 -

50 A ®

Temperature, °C

40 1

30 4@

20

0 100 200 300 400
Heat load, W
Figure 11. Dependence of temperature at the

heating surface of the GPU simulator on the heat
load.

A reference temperature of 70 °C was achieved
here at a heat load of 270 W, and a temperature of
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50 °C was reached at a heat load of 120 W. These
parameters fully meet the specified requirements for
the cooler.

Figure 12 shows another cooler that was
developed on the basis of a copper-water LHP with
a 7 mm thick flat-oval evaporator for a cooling
system of CPUs ina 1U server.

Liquid line

Evaporator Condenser — heat exchanger

Vapor line

Figure 12. A cooler for a CPUs cooling system in a
1U server.

The LHP here has a vapor line with a diameter of
5/4 mm and a liquid line with a diameter of 4/3 mm.
A modified serial "Alphacool" heat exchanger with
dimensions of 145 mm x 40 mm x 40 mm, equipped
with three high-speed "Nidec Ultra Flo" fans with a
maximum speed of 12000 rot/min and a blowing
rate of 7 m/sec was used as the LHP condenser.

Figure 13 demonstrates the temperature
dependence of the CPU simulator on the heat load
at the maximum blowing rate.
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The test results of the cooler show that the
reference temperature of 70 °C is achieved under the
given cooling conditions at a heat load of 200 W.
This also meets the specified technical requirements
for the cooling system with some margin. Figure 14
shows a 1U server equipped with such coolers, one
of which has flexible lines made of bellows tube
with a nominal inner diameter of 6 mm.

Figure 14. A 1U server with cooling systems based
on copper-water LHPs with "Aphacool” heat
exchangers.

Figure 15 shows a hybrid server cooling system
where copper-water LHPs with 7mm thick flat-oval
evaporators were used to dissipate heat from two
CPUs with a TDP of 95 W. A vertical liquid heat
exchanger located outside the server was acted as a
heat sink. At a cooling water temperature of 40 °C,
the temperature of CPUL and CPU2 was maintained
at 61 °C and 68 °C, respectively.
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Figure 13. Dependence of the temperature at the
heating surface of the server CPU simulator on the
heat load.

Figure 15. A hybrid 1U server cooling system.
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5. Conclusions

The paper presents the results of development,
experimental studies and practical application of
copper-water loop heat pipes with flat-oval
evaporators with a thickness of 2.3 mm, 7 mm and
10 mm, and with a disk-shaped evaporator with a
diameter of 50 mm and a thickness of 19 mm. The
tests were carried out under different condenser
cooling  conditions  with  cooling  water
temperatures of 20 °C, 40 °C and 60 °C. It is
shown that the cooling water temperature does not
significantly affect the temperature of the heat
load source. A maximum heat load of 700 W was
achieved with a 10 mm flat-oval evaporator with a
minimum thermal resistance of 0.016 °C/W. The
minimum thermal resistance of the disk-shaped
evaporator of 0.030 °C/W was obtained at a heat
load of 400 W. Examples of different variants of
cooling systems for electronic components based
on LHPs with flat-oval evaporators are also
presented.
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Abstract
This study investigates the structure and microstructure of a mullite-bonded SiC porous ceramic disk intended to
function as a wick in a flat-type Loop Heat Pipe (F-LHP) operating within medium temperature ranges. The analysis
focused on critical physical properties, including pore distribution, size, and permeability, to evaluate their influence
on the performance of the LHP. Porosity was assessed using both percolation and Archimedes methods, while pore
size was determined through Scanning Electron Microscopy (SEM) and Mercury Intrusion Porosimetry. The chemical
composition of the wick was characterized using Energy Dispersive X-ray Spectroscopy (EDX) and X-ray diffraction
(XRD), which identified the presence of silicon, aluminum, and oxygen. These chemical constituents have significant
implications for the selection of chemically compatible medium temperature working fluid for use in the LHP system.

Keywords: Loop Heat Pipe, wick, working fluid, chemical compatibility.

1. Introduction

This paper discusses the effect of ceramic porous
wick microstructure properties and chemical
composition on the performance of a F-LHP
operating in medium-temperature applications. The
wick is made of mullite-bonded SiC developed as a
disc.

In the experiment, the wick structure with
multiple physical properties, including pore size
distribution, total and effective porosity, and
permeability across different structural topologies,
was measured and tested to precisely determine the
capillary performance necessary for heat and mass
transport in LHP. The chemical composition of the
wick was analyzed to identify its chemical elements
and further precisely qualify its chemical
compatibility with potential working fluids. Table 1
presents a list of working fluids that are
recommended or not recommended for use with
specific construction materials, serving as a guide in
selecting potential working fluids.

The function of the wick is to provide the
necessary capillary pressure to the working fluid for
continuous circulation in the loop and to direct the
flow of liquid through a permeable medium to the
evaporation area, while preventing the backflow of
vapor.

The pressure drop across the wick is determined
by the wick's structural parameters, including open
porosity, permeability, mean pore radius, and the
properties of the working fluid. An important
function of the LHP evaporator is that the meniscus

inside the wick automatically adjusts due to heat
load by reducing its radius of curvature to match the
effective pore radius of the wick, thereby creating
the highest possible capillary pressure to counter the
total pressure drop in the system. This maximum
pressure is determined by the Young-Laplace
equation:

20cos6
AP, capmax =

1)

where rp is the wick meniscus curvature radius,
o is the liquid surface tension and © is the liquid-
solid contact angle [8].

Another important parameter that determines a
wick's performance is the pressure drop it can
create. This pressure drop is characterized by the
liquid's viscosity and the wick's permeability and
can be approximated by the Darcy equation;

Tp

lﬂl .
APy =——m 2
wick PLAIK] l ( )

Where% is the average area for the flow divided

by the length of the flow path, s is the liquid
dynamic viscosity, ki is the liquid permeability and
ry is the liquid mass flow rate across the porous
wick. The Carman-Kozeny equation provides a
simple model that relates permeability to the
average pore diameter, such that:

2.3
T'pg

U= 375002 )

where ¢ is the porosity of the wick.
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Table 1. Materials and working fluids
compatibility table [1-7]

. Non -
Compatible Compatible
S, CigHua,
C12H1o,
Alumi C7Hg (137°0), i?gh' TiCla,
uminum . I3
(215°C) ,
CoHg SbBr3,
ShCls,
S/110%
C7Hg @80),C1oHs®°O, | Dowtherm
Copper H,0(200C) A, Cs
TiCL®0 AIBr®0, [ snCl,.
Nickel CsHyNO®B20°0), GaCls, Cs,
NakK (650°C) Na
C7Hg°0), C1oH1(?50°0),
Molybdenum CioHs700)
Niobium K (600°C) S/110%
Dowtherm A(#20°0),
C1gH14380°C),
CgH1sN,?°0),
C7H 8(28000),
C12H10140°),
Iron C1oHg®80°0), SbCls
C1oH7F®70),
SnCl, 270
TiC|4(159°C), H20(165°C),
S/110%(350°C),
NaK(7%°0), Hg(600-0)
TiBI’4,
Dowtherm A®00), GaCls,
P (250°C) @20-c) |AlBIs,
Titanium C/Hg , C10Hs ' | shBr
i~ (227°C) (252°C) 3
TGS, HO™, 511006, K,
Cs
2. Wick analysis
The  mullite-bonded  SiC  disc  was

manufactured by uniaxial pressing of a powder
mixture containing 80 wit% SiC and 20 wt%
kaolin, followed by conventional sintering at
1500°C for 2 hours in air. Photos of the wick,
evaporator, and its elements are presented in

Figures. 1, 2, and 3.

Figure 2. Photograph of the evaporator elements.

Figure 3. Side view of the evaporator.
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2.1. Porosity measurement

The wick has been measured and weighted to
evaluate its open porosity. Porosity has been
calculated using two methods, i.e. perlocation
theory to determine total porosity:

_ _ Pmeasured \ , 0
€= (1 ptheoretical) 100% (2)
where prneoretical IS the density of mullite-bonded SiC,
determined by the X-ray crystallography analysis
allowing to obtain the atomic and molecular
structure of the material and in consequence
determine its concise molecular-theoretical density
of a structure that is pieoreiica= 0,0031 g/mm?. The
pmeasured 1S the density measured experimentally:

Pmeasured = M (3)
The second method to calculate porosity is the
Archimedes method, which allows for the
calculation of open porosity (ak.a. ’effective’
porosity), responsible for pumping the working
fluid around the loop. The procedure involves first
measuring the dry weight m; of the wick using the
electronic scale, then, saturating the wick with
acetone (CHs;COHs;, CAS:67-64-1 - density
0.00079 g/mm?3) for 6 hours, and finally measuring
the weight of the saturated wick in the air m; and in
the acetone ms:

g, = 2. 100% (5)

mz—m3

Porosity calculation results are presented in Table
2.

Table 2. Wick properties.

Diameter [mm] 60.3
Thickness [mm] 9.9
Volume [mm?] 28193
Mass of dry sample m; [g] 56.8

Mass of sample saturated in acetone and

: A 61.9
weighed in air m; [g]
The apparent mass of the sample 413
saturated and weighted in acetone ms [g] '
Total porosity calculated using the 36.6
perlocation theory [%] '
Effective porosity calculated by the 248

Archimedes method [%]

2.2 Pore size measurement and
permeability calculation

The pore size of the wick was determined using
two methods: scanning electron microscopy (SEM)

and mercury intrusion porosimetry. SEM images of
the wick samples are presented in Figure 4. The first
method, using SEM, allows for the measurement of
pore sizes only at the external cut surface of the wick
and thus represents only the largest pores. Moreover,
the pore channels inside the material change their
dimensions due to the irregular microstructure,
which could enhance the capillary pressure.
Therefore, it is necessary to measure pore sizes
inside the sample using porosimetry evaluation.

Figure 4. SEM images of the wick sample at (a)
2000x magnification (b) 100x magnification.

Mercury porosimetry, a.k.a mercury intrusion
porosimetry (MIP), is a technique used to measure
the porosity and pore size distribution of a material.
In this method, the non-wetting properties of
mercury, a non-wetting liquid, are utilized by
forcing it into the pores of a material under
increasing pressure. Due to its high surface tension,
mercury does not spontaneously enter the pores; it
requires external pressure. The pressure required to
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intrude mercury into a pore is inversely proportional
to the pore diameter, as described by the Washburn
equation:

__ 2ycos6

p (6)

=
where

P is the pressure, vy is the surface tension of mercury,
@ is the contact angle, and r is the pore radius.

As the pressure increases, mercury intrudes into
progressively smaller pores. The volume of mercury
intruded at each pressure is measured, allowing for
the determination of the pore size distribution. By
analyzing the volume of mercury intruded at various
pressures, a pore size distribution curve can be
generated, providing insights into the material's
porosity, pore size distribution, and total pore
volume. Figure 5 presents the pore size distribution
in a ceramic disc obtained through porosimetry
analysis.

g:n — Air sintered_1500 °C

g
i 3 um

; 0.4 M

=

E

=

S0.2-

=

[-F]

B

b=

=

£00.0

q L L Ll T T
0.01 0.1 1 10 100

Pore Size Diameter (1um)

Figure 5. Pore size distribution obtained by
porosimeter analysis.

As it can be seen from Figure 5, the mean diameter
of the single pore is around 3 pm. Therefore using
Eq. (3) the permeability can be calculated to be 6.4
x108 m?,

2.3 Chemical composition analysis
Energy Dispersive X-ray Spectroscopy (EDX)
measurements allow for the determination of the
chemical composition of each element in the
ceramic structure. An example of the EDX
spectrum obtained for the studied SiC sample is
shown in Figure 6, while the corresponding weight
percentages of the analyzed elements are listed in
Table 3. As can be seen, the studied sample
consists mainly of silicon, aluminum, and oxygen.
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Since carbon is too light an element to be detected
by the EDX method, it was not included in Table
3. The weight proportions indicate the dominance
of silicon in the structure, with aluminum present
at 10 wt%. The presence of aluminum likely
results from the SiC manufacturing process,
indicating that the analyzed sample contains
impurities. The oxygen detected during EDX
analysis probably comes from trace amounts of
silicon dioxide (SiO2), formed during the silicon
oxidation in the SiC manufacturing process.

Count: 5

80k
si

20k Al

1.00 2.00 3.00 4.00 5.00 6.00 7.00 8.00 9.00 10.00 keV

Figure 6. EDX spectra of mullite-bonded SiC disc
collected from the surface.

Table 3. Weighted composition of elements of
which the wick is made.

Element | Weights (%)
0 33.8
Al 10.1
Si 56.1
Total 100.00

X-ray diffraction (XRD) studies were also carried
out in a 10-90° range to check the phase purity of
studied material. The measurements were
performed on the surface of the cylindrical
sample. Figure 7 shows the XRD diffractogram
for the investigated SiC sample, measured in
different atmospheres — argon and air. As
observed in Dboth atmospheres, the main
diffraction peak (visible for ~36°) corresponds to
the a-SiC phase crystallized in a hexagonal crystal
structure [9]. The other reflections are from silicon
dioxide (~22°) and a mullite phase of probably
unknown stoichiometry xAl>O5:ySiO; (visible at
~27°). 1t was also observed that when the samples
were fabricated in an air atmosphere, the amount
of the SiO; phase was significantly higher, which
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is related to the oxidation of silicon in the
structure. The amount of mullite phase observed,
and SiC, does not depend on the atmosphere.

1400 °C SiC Ar
- \
=| Si0, Mullite| | |
B | ‘
g IR WA SRS VW I NSV U N S P
= Air]
o
=
3 ’
=
= | h \
N W W LJ L' W-JL_J_,__A.._J »_,JLJ WA

10 20 3 0 70 80

0 _40 50 6
2 0 (degree)
Figure 7. XRD patterns of studied SiC sample as

a function of atmosphere.

Figure 8 presents the XRD pattern for the pellet
with a composition of 80 wt% SiC and 20 wt%
kaolin, sintered at 1500°C for 2 hours in air. The
chemical composition of kaolin is mainly
aluminum and silicon, classifying it as a natural
aluminosilicate. Kaolin is added to silicon carbide
(SiC) for several reasons, primarily to improve the
material's mechanical properties and chemical
resistance, as well as to reduce costs [10]. As can
be seen, the addition of kaolin did not significantly
change the XRD pattern, as it is mainly composed
of aluminum and silicon, which were also detected
in the unmodified SiC (see Figure 7).

— 1500 °C

Intensity (a.u.)

L

T T T T T T T T T T T

10 20 30, 40, 50 60
2 0 (degree)

Figure 8. XRD pattern of analyzed pellet with
composition 80 wt% SiC (a-SiC ~30 pm) + 20
wit% Kaolin, processed at 1500°C for 2 h in air.
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3. Conclusions

This study investigates the structure and
microstructure of a porous ceramic material
shaped into a disk, intended to function as a wick
in a F-LHP operating at medium temperatures.
The research focuses on evaluating the physical
parameters, such as pore distribution and size, as
well as permeability, to assess their impact on the
subsequent performance of the LHP.

The porosity of the material was examined using
two methods: percolation and the Archimedes
method. The pore size was measured using
Scanning Electron Microscopy (SEM) and
Mercury Intrusion Porosimetry. Additionally,
Energy Dispersive X-ray Spectroscopy (EDX)
was employed to determine the chemical
composition of the elements within the ceramic
structure. The EDX results revealed that the
material contains silicon, aluminum, and oxygen.

X-ray diffraction (XRD) analysis revealed that the
main diffraction peak corresponds to the a-SiC
phase, with additional peaks for silicon dioxide
and a mullite phase, where the presence of SiO2
increased when the material was fabricated in air
due to silicon oxidation. The addition of kaolin (20
wt%) to SiC did not significantly alter the XRD
pattern, as kaolin’s primary components,
aluminum and silicon, were already present in the
unmodified SiC.

Given that the wick contains aluminum, this
affects the final selection of the working fluid.
After preliminary analysis, it was determined that
suitable working fluids could include CsHs
(Toluene) and CioHs (Naphthalene), while fluids
such as S (Sulfur), CigHia (O-Terphenyl), Ci2H1o
(Diphenyl), SnCl, (Tin Tetrachloride), TiCl,
(Titanium  tetrachloride), AIBr; (Aluminum
Bromide), SbBrs (Antimony Tribromide), SbCls
(Antimony Trichloride), and S/110% were deemed
unsuitable.
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Abstract

With the rapid development of additive manufacturing technology, the optimal design of microstructure for
evaporative heat transport is increasingly necessary; however, no established method currently exists. In this study,
thermal hydraulic simulations of biporous wicks with different pore-size ratios were performed using a pore network
model to obtain information for designing the pore-size distributions in loop heat pipe evaporators. The calculated
permeabilities of all biporous wicks were adjusted to isolate the influence of pore-size ratios. Results indicated that a
smaller pore-size ratio led to higher maximum heat fluxes and improved heat-transfer coefficients of the evaporator.
As observed in monoporous wicks, longer three-phase contact lines at the contact surface between the evaporator
casing and the wick enhanced heat transfer performance. The findings suggest that adjusting the radius ratio of
biporous wicks could design heat fluxes with higher heat-transfer coefficient.

Keywords: Additive manufacturing; Biporous wick; Heat-transfer coefficient; Pore network simulation

1. Introduction

Thermal control devices, known as loop heat
pipes (LHP), have recently gained attention in
various fields. Capillary pressure develops, and
liquid evaporates in the porous media of the
evaporator. The configuration of the evaporator is a
critical factor in performance design. However,
establishing an optimal design method remains
challenging due to the complexity of two-phase
thermal hydraulics within the capillary evaporator.

The heat transfer mechanism in an evaporator
using both analytical and experimental approaches
was investigated. Three-dimensional pore network
simulations and a visualized evaporator with an
observable contact surface between the heated
casing and the wick were used in this study [1, 2].
The pore network simulation elucidated the
relationship between the shape of the liquid-vapor
interface and the heat transfer performance of the
evaporator. Specifically, it was found that the length
of the three-phase contact line (TPCL) at the contact
surface between the evaporator casing and the wick
was linearly related to the heat-transfer coefficient
of the evaporator [1]. This result highlights the
importance of considering the three-dimensional
microstructure of porous media, marking the first
such clarification by this study. In addition, this
study experimentally validated the linear
relationship between TPCL length and heat-transfer
coefficient of the evaporator, as revealed by a pore
network simulation, using custom observation
equipment [2].

In addition, pore network simulations, validated
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by experiments, were performed by changing the
shape of a simple pore-size distribution (called a
monoporous wick). The results showed that a
moderate pore-size distribution increased the heat-
transfer coefficient of the evaporator [1]. This result
suggests that the microstructure itself directly
affects thermal performance rather than inducing
indirect changes in macroscopic properties such as
permeability. This study introduces a new research
direction focused on improving the performance of
LHPs through the microstructural design of porous
media. With recent advances in additive
manufacturing, it is now possible to fabricate porous
materials with tailored microstructures. As a result,
there is growing interest in using pore network
simulations to design porous media.

This study investigated biporous wicks, which
are characterized by double peaks in pore-size
distribution. Experimental evidence has shown that
biporous  structures improve  evaporator
performance [3-5]. Mottet et al. [6] performed pore
network simulations on LHP/CPL evaporators with
clustered biporous wicks, showing that under high
heat flux conditions, monoporous wicks exhibited a
completely vapor-filled region immediately below
the heating surface, creating a thermal resistance
layer. In contrast, biporous wicks maintained a two-
phase state, resulting in an increased heat-transfer
coefficient. However, the correlation between the
pore-size distribution in biporous wicks and the
thermal hydraulics of the liquid and vapor phases,
as well as the influence of the physical properties of
the working fluid, remains unresolved.

In this study, three-dimensional pore network
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simulations were performed on dissolving-type
biporous wicks [3, 5], which are considered easy to
produce using additive manufacturing technology.
The pore-size distribution was varied to investigate
its effect on the heat-transfer coefficient of the
evaporator. These results can be used to formulate
design methodologies for optimizing pore-size
distributions in biporous structures. This study is

divided into sections that cover the numerical model,

porous sample generation, results, discussion, and
conclusions. The numerical model describes the
governing equations, evaporator geometry, and pore
network model. Porous samples were generated by
varying the pore radius ratio while maintaining
constant permeability. The results section presents
the effect of the pore radius ratio on heat-transfer
coefficients and compares the findings with
Monoporous wicks.

2. Numerical model

The computational domain, representing part of
the periodic structure of the capillary evaporator is
shown in Figure 1. Itis a cuboid with the size of 4.0
x 35 x 1.5 mm (L« x Ly x L), consisting of a
stainless-steel (SS) casing, wick, and grooves. The
groove height was 1.0 mm, the casing thickness was
1.0 mm, and the contact surface between the casing
and the wick was 50% of the L x L, area. Although
the domain can be reproduced in two dimensions,
the liquid-vapor interface shape has a distribution in
the z-direction due to the disordered porous
structure, necessitating 3D simulations.

In the simulation, the porous structure flow was
represented using a pore network model (Figure 2),
and the energy conservation of the casing and wick
was solved. Depending on the heat flux applied to
the evaporator, the state of the wick phase is divided
into saturated with liquid for low heat flux and a
liquid-vapor two-phase for high heat flux. In the
simulation, the transition conditions for the two-
phase state were decided based on the boiling
critical superheat. The wick liquid-vapor interface
was calculated such that the pressure difference

Contact surface
Evaporator v y =3.5m
case
Groove Z
\ p L7
Wick Lz =1.5mm
(porous) ~Vapor phase
X Liquid phase
bar v 4 O
=4.0 mm

Figure 1. Computational domain (not-to-scale).
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Figure 2. Overview of pore network model.

between the vapor and liquid at the interface
balanced the local capillary pressure. The local
capillary pressure Pcgp, is expressed as follows:

P 20080

ih &

where, o is surface tension, 4 is the contact angle, r
is the throat radius. The throat mass flow rate
between neighboring pores was proportional to the
pressure difference between the pores. The mass
conservation is expressed as follows:

6
Oin
2R

where v is the kinetic viscosity and gin is the flow
conductance, which is proportional to the
quadruplicate  throat radius and inversely
proportional to the throat length. The details of the
numerical model are available in [1].

Constant saturation temperature and pressure
were applied to the groove and compensation
chamber (CC). Zero-pressure loss was assumed
through the transport line and a constant heat flux
was applied at the top of the casing. The applied heat
fluxes increased to the operating limit of the upper
temperature range. Ammonia was used as the
working fluid, and porous polytetrafluoroethylene
(PTFE) porous media were used as wicks.

%)

3. Porous sample

Three porous samples with different pore radius
ratios ( = r./rs) were generated, as shown in Figure
3. The porosity characteristics of the samples are
listed in Table 1. The ratio of the pore radius at the
peak on the small side ( = rs) to the pore radius at
the peak on the large side ( = r.) is defined as r./rs,
which was adjusted by changing ri, while keeping
rs constant for each sample. The frequencies at rs
and r, are defined as fs and fi, respectively, with the
ratio fu/fs set to 1.0, 0.25, and 0.10 for r./rs = 4, 10,
and 16, respectively. The throat radii were generated
based on the designed pores. Diameter distribution
was then randomly allocated to the wick. The
computational permeability was fitted to match the
permeability measured in [5].
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Figure 3. Pore-size distribution of the three
biporous samples.

Table 1. Porous characteristics of the biporous

samples.
Sample | rs(um) | re(um) | fi/fs K(m?)
rirs=4 | 3.0 12 1.0 9.6x107%3
r/rs=10 | 3.0 29 0.50 9.8x107%3
r/rs=16 | 3.0 47 0.25 9.7x107%3

4. Results and discussion

The results of the evaporator heat-transfer
coefficients are shown in Figure 4. The heat-
transfer coefficient was calculated using the heat
flux applied to the evaporator casing and the
temperature difference between the average
temperature of the evaporator casing surface and
the saturation temperature of the vapor. The
sample with a small r./rsdemonstrated a high

3,500

; rL/rS =16 I’L/I'S =10 rirg=4

= g n w

3 o 33 [=)

o ) =) S

S S S S
T T T

I

o

o

o
T

Heat-transfer coefficient (W/m2K)

500 f

0 5 10 15
Heat flux (W/cm?)

Figure 4. Computed heat-transfer coefficients of
the evaporator for each sample.
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maximum heat flux and heat-transfer coefficient.
The computed liquid-vapor interfaces and
phase distributions at the contact surface between
the casing and wick for the sample with r./rs = 4
are shown in Figure 5. For reference, the liquid-
vapor interface of a liquid-saturated wick is also
shown for reference, although this state was not
simulated. At low heat fluxes, the liquid-vapor
interface within the wick exists only near the
contact surface. At 6.25 W/m?, the liquid-vapor
interface extended in the depth direction, and the
length of the TPCL (the boundary line between the
two phases at the contact surface) increased. At
8.75 Wi/cm?, the liquid-vapor interface shape
became more complex, and the TPCL became
longer. In addition, some Haines jumps, local
breakthroughs at the pore scale, occurred at the
liquid-vapor interface between the grooves and
wick. This phenomenon does not occur in
monoporous wicks. At 10 W/cm?, the interface
receded across the plane, and the TPCL became

o sara
R AR

Vapor:\;:"-;
phase

Liquid
phase

) .25 wiemz

(c) 3.75 Wicm?
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(f) 10 W/cm?

Figure 5. Liquid-vapor interface for the sample

with ru/rs = 4. (a) Saturated wick and (b) 1.25
W/cm?, (c) 3.75 W/cm?, (d) 6.25 W/cm?, (e) 8.75
W/cm?, (f) 10 W/cm? of applied heat flux.

significantly shorter, causing a reduction in heat-
transfer coefficient. Numerous local Haines jumps
occurred below the grooves, resulting in a complex
liquid-vapor interface.

Three main modes of phase distribution were
classified: (1) shallow vapor pockets with relatively
short TPCL lengths (Low-hevap), as shown in
Figures 5b and c; (2) locally deep vapor pockets
with long TPCL lengths (High-hevap), as shown in
Figures 5d and e; and (3) deep vapor pockets
throughout the plane with short TPCL lengths (Pre-
dryout). These three-phase distribution modes are
clearly observed in Figure 6, where the TPCL length
and maximum depth of the vapor pocket are shown.

Figure 7 shows the temperature distribution at
the contact surface at 8.75 W/cm?, where the heat-
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transfer coefficient was high. The temperature was
lower near the TPCL areas, where evaporation
occurred, and higher in regions farther from the
TPCL. Evaporation at the TPCL was the dominant
heat transport mechanism in the evaporator in the
two-phase state, particularly in wicks with low
thermal conductivity. As shown in Figure 8, the
heat-transfer coefficient of the evaporator was
linearly related to the TPCL length. This
characteristic is consistent with that of monoporous
wicks.

Figure 9 shows the phase distributions with the
samples of ru/rs = 10, 16 at high heat fluxes where
the heat-transfer coefficients are high. Both
distributions have the long TPCL similar to Figure
5d, e and can be classified as the High-hevap mode.

Compared to monoporous wicks, while the
shapes of the liquid-vapor interface and TPCLs
differed, there was no difference in the

4.5
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evap
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High-A Pre-dryout

evap
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Figure 6. The TPCL length of each sample. Ly are

normalized with the TPCL length in the case of the

liquid-saturated wick. Dy, are normalized with the

wick height.
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Figure 7. Temperature distribution at the contact

surface between the casing and wick at 8.75
W/cm? of heat flux for the sample with ri/rs = 4.
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Figure 8. Relationship between the TPCL length
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Figure 9. Liquid-vapor interfaces for the samples
with ru/rs = 10 and 16.

fundamental heat transport mechanism; the heat-
transfer coefficient increased with TPCL length.
Figure 4 shows that the heat flux at which the
phase distribution mode transitions to the High-
hevap Mode varies with the pore radius ratio. A
higher pore radius ratio corresponds to a low
transition heat flux to the High-hevap mode. This
suggests that the high heat-transfer coefficient can
be optimized by adjusting the pore-radius ratio of
the biporous wick. Future research should focus
on the influence of pore-size distribution and fluid
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properties.

5. Conclusions

To optimize the pore-size distribution of
biporous wicks, the thermal hydraulics of the LHP
evaporator were calculated using a pore network
simulation for three different pore radius ratios
while keeping permeability constant. The sample
with a small pore radius ratio exhibited a high
maximum heat flux and a high heat-transfer
coefficient of the evaporator. The relationship
between the TPCL and the heat-transfer
coefficient was linear for biporous wicks, and
there was no difference in the fundamental heat
transport mechanism; a longer TPCL showed a
higher heat-transfer coefficient compared to
monoporous wicks. A high pore radius ratio
indicated a lower transition heat flux to the high
heat-transfer coefficient mode. This suggests the
heat-transfer coefficient can be deliberately
increased at specific heat fluxes, potentially
expanding the use of low-heat-flux sources such
as solar and geothermal heat.
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Abstract

Tower heat sink is used for high power electronic device cooling solution. There are tower type heat pipe and vapor
chamber design. Tower type heat pipe have multiple heat pipes on solid metal base. Tower type vapor chamber have
multiple heat pipe on vapor chamber base and bottom of pipe and vapor chamber is integrated. Tower type vapor
chamber’s thermal resistance is lower than tower type heat pipe because there is no interface between pipe and base
and large vapor space. Experimentally, thermal resistance of tower type vapor camber is 12% lower and dry out
limit is around 14% higher than tower type heat pipe. Tower type vapor chamber’s performance is depended on
internal water flow path and amount of fluid charging. Especially heat transfer coefficient and dry out limit is
affected. Internal flow path between condensation and evaporation area and high amount of fluid charging is
necessary for high power heating solution.

Keywords: Vapor Chamber; Heat Spreader; High Heat Flux; Chip packaging

1. Introduction

Tower heat sink is used for high power cooling
solution. It is made from metal base, heat pipe
and fin. Heat pipe is connected on top side of
metal base with bending and the other side of HP
is connected to fin. Recently power density of
chip is increasing and heat dissipation capacity of
tower heat sink may not be enough for high
power electronics like a high density CPU/GPU.

2. Structure of Tower Type Vapor Chamber

Fig. 1 shows a schematic of a typical vapor
chamber[1]. Vapor chamber is made from
container, wick and column. Air in inside of vapor
chamber is evacuated and the working fluid is
charged with keeping vacuum for make saturated
condition. When one area of the vapor chamber is
heated, working fluid is vaporized and vapor is

Heat pipe is bended and heat transport property is
decreased due to decreasing of vapor path at
bending area. Furthermore, there is contact
thermal resistance of bonding layer between heat
pipe and metal base. Recently tower type vapor
chamber is attracting attention as an air-cooling
solution. Vapor chamber is well-known two-phase
heat transfer device, which spreads heat from small
area of heat sources to large area of heatsink.
Appearance of tower type vapor chamber is similar
to tower heat sink but inside of metal base is vapor
chamber and heat pipe is connected to vapor
chamber directly. Vapor space of vapor chamber
and heat pipe is continuously and there is no
thermal resistance between vapor chamber and
heat pipe. Fluid and vapor flow paths in tower
vapor chamber is complex than tower heat sink
because the direction of vapor and liquid flow in
tower vapor chamber is changed to horizontally or
vertically in internal space. A comparison between
tower vapor chambers and tower heat pipes and the
effect of the tower vapor chamber’s internal
structure on the heat transport characteristics and
the effect of water charging to evaporation and
condensation condition will be reported.

flowed to the other area. Vapor is condensed to
fluid at condensation area and latent heat is
released. Condensed fluid is spread on column or
wall surface or moved in wick by capillary force. It
is returned to the evaporator area and vaporized
again. The vapor chamber can transport heat from
heating area to cooling side by using this cycle of
evaporation and condensation and thermal
resistance of vapor chamber is kept lower than that

Heatsink

! | f
Container

Column
Heat source
= = —> Vapor

—— Liquid

Figure 1. Fundamental of Vapor Chamber
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of heat sink. When it is used to high heat
generation solution like a CPU/GPU, it is need to
increase heat dissipation [2]. Tower type heat sink
solution is used for increase heat dissipation. Fig.2

is shown a schematic of a tower heat pipe heat sink.

It has multiple heat pipes. It is bended to L shape
or U shape. Bottom side of heat pipe is on base
plate and other side is extended to vertical direction
for set fin. Heat is conducted from base and moved
to fin by heat pipe. Appearance is tower like and
fin volume is high for large amount of dissipation
heat. The dissipation heat of tower type heat pipe
solution is depended on the number of pipes. As a
result, size of tower type heat pipe is easily
increased when it is used high power heat source.
Fig.3 and Fig.4 show tower type vapor chamber.
Vapor chamber is used as a base and heat pipe is
connected on the top side of vapor chamber base
as a condensation area. Vapor space in pipe and
base is combined and heat sink is attached to the
outside of pipe. Vapor chamber base is contacted
to heat source and working fluid in inside of
vapor chamber is vaporized by heat from heat
source. Vapor is rising in pipe and condensed. As
a result, heat is dissipated through the fins.
Condensed fluid on the surface of pipe is returned
to the evaporator area by wick’s capillary force.
The heat transport capacity of tower type vapor
chamber is higher than tower heat sink and tower
heat pipe due to large internal vapor space. The
design of liquid and vapor flow paths is important
for performance because the direction of vapor and
liquid flow in tower vapor chamber is changed to
horizontally or vertically in vapor space.

Al

|_Heat pipe

| T

Base

V4

Figure 2. Tower type heat pipe

I:I

Figure 3. Tower vapor chamber.

3. Simplified vapor chamber model

The main difference between the tower type
vapor chamber and heat pipe is evaporator
structure. Fig. 5 show thermal circuit schematic of
tower type heat pipe and vapor chamber. In general,
the heat pipe is soldered to the base on the other
hand, the space in heat pipe and vapor chamber is
integrated. Thermal resistance of tower type heat
sink is high due to the effect of heat conduction of
the solder layer and base. There is no solder layer
in tower type vapor chamber and heat is conducted
to vapor chamber base directly. As a result, tower
vapor chamber can kept low thermal resistance.
Furthermore there is difference in evaporation area.
Tower type heat pipe’s evaporator is made from
multiple heat pipes and evaporation area is internal
surface of heat pipe. It is separated and vapor and
liquid flow in heat pipe is limited to pipe length
direction due to pipe wall. Considering the
thickness of the pipe wall, the apparent area of the
evaporation area is decreased. There is no interface
like wall of pipe in evaporator area of vapor
chamber and effective evaporator area is larger
than tower heat pipe. As a result, vapor chamber
base is effective for decrease evaporation thermal
resistance.

4. Sample and test condition

The tower heat pipe consists of 8 pcs of L-shape
bended heat pipe, and it is fixed by solder to solid

Cu base. Fin is connected to
‘ &

(@ Tower type vapor chamber

Heat pipe

Vapor
chamber
base

(b) Vapor chamber base and hipe condensation
structure.

Figure 4. Tower type vapor chamber
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each pipe for cooling side (Fig.2). Inside of
tower vapor chamber base have space as
vapor chamber and heat pipe are connected
to the top of base. Wick is formed to the
inner wall of pipe for condensed water flow
path. It is extended from the pipe inside wall
to bottom surface for contact wick in pipe
and bottom wick on the surface of base wall
(Fig.6). In order to evaluate the effect of the
wick to water flow, a sample without a wick
in the pipe was evaluated (Fig.3).Samples
were tested in wind tunnel (Air temperature
Is 25°C and air flow rate is 60 CFM) with 50
mm Xx 30 mm heater. Heater is fixed under
center of base and thermal grease is printed
between base and heater. Thermal resistance
Rt [°C/W] is defined from the base
temperature Thase [°C], inlet air temperature
Tair [°C] and heater power Q [W] as below.

Ry = (Tyase — Tair)/Q (1)
The evaporation heat transfer coefficient hevp
[W/(m? - K)] was calculated from tube top
temperature Tiop [°C] as below.

hevp = Q/((Tpase — Ttop)Aevp) (2)
where A is the area of the evaporation area [m?].
The condensation heat transfer coefficient heon
[W/(m? - K)] was calculated from tube top

temperature Tup wp [°C] and VC top temperature
Tve wp[°C].

hevp = Q/((Typ top — TVC_top)Acon) 3)

6.Experimentalresult

6.1. Heat transport property consideration
Figure 8 and 9 shows the measured value of R;
and heyp. Rt of sample without a wick in pipe was
increased from 200W and hey, was decreased. It
shows dryout was happen from low power [2]

— Fin

Pipe
Condenser
wick
Wick

asc
Figure 7. Temperature measurement point

T air

R fin _contact

R HP cond—

R HP eva

R contact

AN
[l
/
R base condu

T base center

(@) Tower type heat pipe

T air

R fin

R fin _contact

R VC cond Il il%

R VC conduct /-

T base center

(b) Tower type vapor chamber
Figure 5. Tower type vapor chamber
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Figure 6. Tower type vapor chamber
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This case fluid returning direction and vapor
condition. On the other hand, Rt of sample with
wick in HP is kept steady condition with
increasing power and dryout does not occur until
800W. In case of no wick on the surface of inner
pipe, the condensed liquid must either slip out
from the pipe or return to the evaporation zone
along the wall surface. It is considered that
dryout occurred because the liquid condensed in
the pipe was not returned sufficiently and there
was not enough liquid in the evaporation area.
flow direction is different. Fluid and vapor is
affected and fluid returning is impeded by
counter flow effect[2]. Extending wick from pipe
to bottom wick act as liquid reflux flow path
from condensation area to evaporation area. As a
result, condensed liquid move from condensation
area to evaporator and dryout limit is increased
due to the amount of liquid reflux increasing.
Comparing the thermal resistance of the tower
vapor chamber with that of the tower heat pipe,
the thermal resistance of the tower vapor
chamber is about 15% lower. The evaporative
heat transfer coefficient for the tower heat pipe
was about 30,000[W/(m2-K)], while that for the
tower vapor chamber was about 90,000[W/(m2-
K)]. In the tower type heat pipe, each vapor space
in pipe is independed and the vapor transport
path is restricted to the inside of the pipe. It
means heat spreading is one-dimensional. In the
tower-type vapor chamber, the pipe and the base
are combined and the vapor diffuses in the plane
direction and then rises in the pipe to dissipate
heat. Heat dissipation is three-dimensional
transport. Therefore, it is considered that the
evaporative heat transfer coefficient is larger than
that of the tower type heat pipe due to the larger
vapor space and lower pressure drop in vapor
transport, resulting in lower thermal resistance.

6.2. Effect of charging liquid

Fig.10 show the water charging ratio dependence
of thermal resistance of tower type vapor chamber.
When charging water is 5.4 cc, it was worked until
400 W and thermal resistance is increased at high
input power condition. Working power limit is
increased to 800W by increasing amount of
charging liquid. Rt of sample with 6.5cc charging
is decreased with increasing input power until
800W and it is increased over 800W. Rt of sample
with 7.3cc charging have same property. Fig.10
and Fig.11 show the results of evaporation and
condensation heat transfer coefficient for various
liquid volumes. Peak of heyp of sample with 5.4cc
charging is 400W and hey, is decreased with
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Figure 9. Evaporation heat transfer
coefficient: heyp.

0.040
—@—7.3cC
6.5¢cc
5.4cc
S
é0.0ZO
=
M‘\///
0.000

0 200 400 600 800 1000
QW]

Figure 10. The amount of charging fluid
dependence of thermal resistance

increasing power. It means water charging level is
low level and the dryout limit of vapor chamber is
400W level. The dryout limit of sample with
charging of 6.5cc and 7.3cc is 800W level but
decreasing in hey, of sample with 7.3cc is smaller
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than sample with charging 5.4cc. It show dryout
condition is different due to high water charging
and it is partial dryout condition. Any case of
liquid charging level, peak of hey is same level.
heon have same property. When amount of charging
fluid is increased, peak of hen is shifted to high
input power condition. It means tower type vapor
chamber’s performance and dryout limit is
depended on charging water level.

7. Conclusion

Heat transfer property of tower type vapor
chamber and heat pipe is evaluated and compare
property of same size of tower type heat pipe.
Thermal resistance of tower type vapor camber is
12% lower and dry out limit is around 14%
higher than tower type heat pipe. Tower type
vapor chamber’s performance is depended on
internal water flow path and amount of fluid
charging. Especially heat transfer coefficient and
dry out limit is affected. Internal flow path
between condensation and evaporation area and
high amount of fluid charging is necessary for
high power heating solution.
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Abstract

Loop heat pipes (LHPs), utilizing the capillary force of the porous wick to circulate the working fluid internally, has
been widely employed as an efficient thermal management device in both aerospace industries and household
technologies. Thanks to the endeavors of the pioneering researches, various optimization methods, especially
regarding to the pivotal component — evaporator with the wick inside, have been proposed to improve the heat transfer
performance of LHPs. Despite these advances, there are still divergence on the optimal size of groove dimensions in
the wick, presumably due to the common neglect on the influence imposed by the changing vapor-liquid interface. In
this work, therefore, a three-dimensional numerical simulation model based on CFD method, as well as a visual
experiment, is established to simultaneously observe the vapor-liquid distribution and the thermal efficiency of the
LHPs in the vapor grooves. The experimental results and simulation have shown that there is thin-film evaporation in
the vapor groove when the evaporator is applied with a low heat load. However, such liquid film will gradually
attenuate or even retract into the solid wick when the heat load is above a threshold value. Particularly, the change in
liquid film leads to the altering in the evaporator heat-transfer coefficient.

Keywords: Loop heat pipe; Visualization; Vapor-liquid distribution; Heat-transfer coefficient

1. Introduction maximum heat flux can be achieved.

The loop heat pipe (LHP) is an efficient two- Nevertheless, the relationship between the liquid-
phase heat transfer device that utilizes the vapor interface behaviors under different heat loads
evaporation and condensation of the working fluid and the evaporator heat-transfer coefficient has not
internally [1]. Different from the traditional heat been verified by the combination of visualization
pipe (HP), LHPs separate the liquid and vapor lines and simulation. In this work, a visualization
and leverage the porous wick in the evaporator to experiment on a LHP was conducted to observe the
drive the circulation of the working fluid [2]. This internal working fluid state in the vapor grooves
special structure renders anti-gravity ability, long- from the radial circumferential surface of the
distance, and high heat transfer capacity for LHPs, evaporator. At the same time, a 3-D numerical
making them widely used for the payloads in simulation of the evaporator was established based
satellites [3], battery thermal management [4], and on CFD methods, comprehensively considering the
electronic devices [5]. capillary force and phase change. The relationship

As akey component of LHP, the evaporator plays between the liquid film thickness inside the vapor
a pivotal role in both organizing evaporation and grooves and the evaporation heat transfer coefficient
providing the driving force for the LHP system. under varying heat loads was analyzed by the
Consequently, enhancing the heat transfer visualization experiment and the 3-D numerical
performance of the evaporator is a key strategy in simulation.

optimizing the design of LHPs. The heat transfer
capability of the evaporator can be characterized by
an evaporative heat transfer coefficient. The
evaporative heat transfer coefficient is considered to
have a significant relationship with the liquid-vapor
distribution in the vapor groove and the wick.
Anand [6] pointed out that the thermal resistance
from the evaporator wall to the liquid-vapor
interface is a major factor affecting the evaporative
heat transfer coefficient. Kissev [7] concluded that
when the evaporator operates in the meniscus
evaporation mode, an enhancement in both the
evaporative heat transfer coefficient and the

2. Experimental setup

2.1. LHP with visualized evaporator

and experimental apparatus

The LHP used in the experiment is shown in Fig.
1 (a). It consists of a cylindrical evaporator
containing a PTFE wick, a CC, a condenser, a vapor
line, and a liquid line. The envelope of the
evaporator is made of quartz glass to facilitate the
visualization of the vapor-liquid interface in the
wick grooves. Fig. 1 (b) presents a detailed view of
the internal structure of the visualized evaporator
and CC. Both the radial circumferential surfaces of
the evaporator and CC, as well as their axial planes,
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are all fabricated with high-transparency quartz
glass as the visualization windows. The various
components are securely fastened and sealed using
flanges and O-rings, ensuring tight connections
between the evaporator and CC. A pressure test has
demonstrated that this structure can withstand a
pressure of 1.2 MPa. The loop heat pipe employs
R245fa, an eco-friendly refrigerant, as its working
fluid. Its saturation pressure ranges from 0.053 MPa
to 1.006 MPa within the temperature span of 0 to
90°C, fulfilling the pressure-bearing capability of
the visualized evaporator. The detailed structural
parameters of the LHP are presented in Table 1.

Liquid inlet Vapor outlet

Visualization Window

T Wick

(a) LHP

(b) Cross-sectional view of the visualized evaporator

Figure 1. The LHP and the visualized
evaporator diagram

Table 1. Main geometric parameters of the LHP

Components Parameters Dimensions
Evaporator ID/ODXL (mm) | 22/40%95
CcC ID/ODXL (mm) | 32/50x83

. ID/ODXL (mm) | 8/22x80
Wick Porosity 33%
Vapor grooves W/HXL (mm) 1/1x80

Quantity 12

Vapor line ID/ODXL (mm) | 4/6x740
Liquid line ID/ODXL (mm) | 4/6x570
Condenser ID/ODXL (mm) | 4/6x420

The schematic diagram of the experimental setup
and the distribution of the temperature sensors are
depicted in Fig. 2. During the experiment, the LHP
is placed horizontally. Four-wire Pt1000 platinum
resistance temperature sensors are assigned along
the LHP to measure local temperature at crucial
points along the LHP. Polyethylene film heaters are
uniformly affixed to the circumferential wall of the
evaporator covering an area of 72 cm’ to provide
various heat loads. It is worth mentioning that the
polyethylene film heaters which are not transparent
would block out the view of the evaporator wall. To
facilitate clear observation of the wvapor-liquid
distribution within the axial vapor grooves of the
evaporator, the polyethylene film heaters are only
put on the outer surface of the evaporator
corresponding to the locations of the wick fins. The
condenser is thermally coupled to a water-cooled
plate using a thermal pad and secured with C-

24

clamps to minimize contact thermal resistance.
Serving as a heat sink, the temperature of the water-
cooled plate is regulated by the temperature control
module of the water chiller, maintaining a constant
sink temperature of 15 + 0.1°C throughout the
experiment. A high-speed camera operating at 1000
frames per second (fps) is utilized to record the
vapor-liquid distribution in the vapor grooves.

!
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==T, WV li T I © PT1000 thermal H
Qm\'lf[-:-‘ wporine o (I resistance sensor |
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Liquid line Condenser

‘Water
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High-speed camera

Figure 2. Experiment system & temperature
sensor distribution

2.2. Data Processing and Uncertainty
Analysis

The following steps are employed to visually
record and extract liquid film thickness
characteristic parameters in the vapor grooves:

(1) Adjust the focus of the high-speed camera so
that it can clearly discern the vapor-liquid
distribution features within the vapor grooves.

(2) Given the known groove width W,, compare
the number of pixels occupied by the channel width
in the image (Ny), and convert this to determine the
actual size represented by each pixel in the image.

(3) Process the captured images for grayscale and
binarization, enhancing the visual distinction
between the vapor and liquid phases.

(4) Utilize image processing software to measure
the total number of pixels occupied by the liquid
film (N;), thereby the liquid film thickness (d;) can
be obtained by:

W,
dl = m X N 1 (1)

The operating temperature T. is utilized to

assess the heat transfer performance of the LHP.
T, + T

T, = % (2)

The evaporator heat-transfer coefficient is a

critical parameter for assessing the heat transfer

performance of the LHP, which is defined as the

evaporator heat-transfer coefficient between the
inner wall of the evaporator shell and the vapor:

Qappty
h = 3
evap Aapply (Tw - Tv) ( )
Qapply = 1U (4)

Where, Tw denotes the temperature of the
evaporator’s inner shell, and Tv signifies the
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temperature of the vapor. The temperature of
the evaporator inner shell Tw is obtained by
subtracting the temperature difference caused
by heat conduction through the evaporator
shell from the average surface temperature of
the evaporator Te:

Qapplyln(Do/Di) (5)

2nAL,

Where, D, and D; denote the outer and inner
diameters of the evaporator wall respectively, A
signifies the thermal conductivity of the quartz
glass, and L. stands for the length of the
evaporator.

T, =T, —

In the experiment, the liquid film thickness,
temperature, voltage, and current are directly
measured parameters. After an appropriate focal
length of the high-speed camera is determined, the
real size of one pixel in the recorded image can be
calculated, which is about 154 pm. The
uncertainty of liquid film thickness measured is
determined as one pixel at the direction vertical to
the vapor grooves, corresponding to = 15.4 um.
The uncertainty of the PT1000 platinum resistance
temperature sensor with an accuracy is + 0.15 K.
The accuracy grades of both the ammeter and
voltmeter are 0.5%. The heat load and thermal
resistance are indirect measurement parameters,
with their uncertainties primarily stemming from
directly measured parameters such as temperature,
resistance, and voltage. According to the standard
uncertainty analysis [8], the uncertainty of heat
load and evaporator heat-transfer coefficient are
5.31%, and 5.53%, respectively.

3. Numerical simulation model

Fig. 3 shows the schematic of the computational
domain for the LHP evaporator. As shown in Fig. 3,
the computational domain comprises wall, wick,
and vapor groove. The vapor grooves are several
rectangle grooves milled on the outer surface of the
wick, whose width and height are presented as W,
and Hy. The region where the inner surface of the
wick comes into contact with the evaporator wall is
called as fin. The length of the fin in the cross
section is described as Wsn. To reduce the
computational burden, a half-domain model is
adopted with symmetric boundary conditions along
the axes of 6 = 0 and 6 = 0,/2, as depicted in Fig. 3
(b). A uniform heat load is applied to the outer wall
of the evaporator. The influence of gravity is
neglected in this work. Notably, the wick is assumed
as homogeneous and isotropic porous material.
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Figure 3. Computational domain & coordinate
system

3.1. Governing equation

The Volume of Fluid (VOF) method, intended to
track vapor-liquid interfaces, is commonly
employed in computations involving multiphase
flows with immiscible phases [9]. In the VOF model,
the phase interface within each infinitesimal is
implemented by means of the introduction of the
volume fraction variable. The governing equations
encompass the continuity equation, momentum
equation, and energy equation.

Continuity equation:

ai=1

, (©

a .
a(eappp) + V- (eapppty) =S, (7)
Where, p, U, and a respectively denote the
density, velocity, the volume fraction of vapor or
liquid. The state of the fluid is designated by the
subscript p, containing the vapor phase or liquid
phase. € signifies porosity. In the zone of wick, ¢ is
the porosity of the porous PTFE. In the other fluid
zone, the value of ¢ is set at 1. The right term S, is
represents the mass source term, which is described
in Section 3.2 in detail.
Momentum equation:

v o) = —vp +

1 . 4
-V [t (Vi + Vit )] + Scap + Sy + Fes(8)

Where, Sc;p and S; represent respectively the
momentum source term contributed by the capillary
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force and the momentum source term accounting for
flow resistance in the porous medium zone, which
are detailed with their exact expressions further
elaborated in Section 3.3 and Section 3.4. P in Eq.
(8) denotes the pressure. The subscript m indicates

the mixture phase of liquid and vapor. ﬁcs refers to
the volumetric force caused by interfacial surface
tension. This force can be computed using the
Continuum Surface Force (CSF) model, which was

proposed by Brackbill et al. [10].
R (9)
5 (o1 + py)

prVa,

Where, ¢ and r; respectively denote the surface
tension coefficient and the curvature of the liquid
phase surface.

Energy equation:

V- (evpmtmCpmTm) = €V - (A VTyy) +

(1 —-¢&)V-(AVTy,) + S
Where, the subscript s and Sg refer to the solid
portion of the wick and the energy source term
associated with phase change.
3.2. Phase-change model
The primary function of the phase-change model
is to compute the phase-change mass source term S,
which is then incorporated into the continuity
equation to simulate the phase-change process. In
this study, the Lee model [11] is employed, utilizing
the saturation temperature Tg as the criterion of
condensation and evaporation, to accurately predict
the occurrence of phase change.

( Clalpl(Tm - Tsat)

FCS=O-.

, T = Tsat

(10)

= e (11)

S.
P chavpv(Tm - Tsat) T<T
sat

TSle ’

Where, C; and C, are mass transfer time
parameters with unit s-1. According to the work of
Wu et al. [12] and De Schepper et al. [13], CI and
Cv are set to 0.1. Particularly, both the numerical
simulation and experimental observation are
consistent with each other in the work of Wu et al.

[12].
(12)
latent heat of

SE = Sphlv

Where, hy represents the
vaporization of the fluid.

3.3. Porus media model

The wick within the evaporator constitutes a
porous medium zone, with its pressure drop
conforming to the Forchheimer equation [14]. As a
result, the resistance source term within the porous
medium can be captured by:
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(13)

Where, p is dynamic viscosity. C; is the
Forchheimer factor (inertial force factor), which can
35 1—-¢

be calculated by:
C 14
2 D, &3 (14)

Where, D, denotes the average particle diameter.
Generally, the second term on the right of Eqn. (8)
can be omitted due to the small mass flow rate in the
LHP [15]. K is the permeability of the porous
material, obtained by the Ergun equation [16]:

D} &3 I
K=Ts0 a—op3 (15)

3.4. Capillary force model

The capillary force formed at the evaporating
meniscus drives the return of liquid from the central
core back to the evaporation interface, playing a
crucial role in the LHP cycle. However, since the
solid skeleton that is physically present is not
represented in the porous media model, the capillary
force formed by the surface tension on the three-
phase contact line between solid, liquid, and vapor
cannot be calculated in the model. In the present
work, capillary force is represented as a momentum
source term added to the momentum equations,
which is applied only at the vapor-liquid interface
within the porous zone through the use of a User
Defined Function (UDF). Although capillary force
manifests as a volume force in the momentum
equation, it is in essence surface forces acting
perpendicular to the vapor-liquid interface. The
capillary force is determined by the Young-Laplace

equation as follows:
16
R (16)

Where, ¢, Reff, and Vo, represent the contact
angle, the effective radius of the wick, the gradient
of the vapor phase volume fraction, respectively. In
the porous medium zone, Vo, is always
perpendicular to the vapor-liquid interface.
Apparently, the magnitude of the capillary force
varies with the gradient of the vapor volume fraction
and the area of vapor-liquid interface caused by
changes in heat loads.

3.5. Initial and boundary conditions

The heat transfer between the vapor groove, wick
and wall is a mutually coupled process. The
boundary conditions are represented as following.

At r = Ryick 0w, for heated surface (Lwan - Lv <

z< Lwall),
0_T — Qapply (17)
aﬁ Aheat

20cos¢

Scap = Va,

-1 X
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At 7 = Rwick +dw, for other surface (z < Lwal
- Lv)
oT

—AX o= = (18)

At 7 = Reore, for inlet surface (0 < z < Lyan), a
velocity has been set as the inlet condition. The
velocity is determined by the input heat load and
the latent heat of vaporization of the fluid:

Qapply
v = 19
ZhlvplT[RcoreLwall ( )
At z =0, for adiabatic surface (Rcore <7 < Ryal)
T
AX—==

= = 20

PE (20)
At z= Lyan, for outlet surface (Reore < 7 < Rwick),

we set pressure as the outlet condition (the gauge

pressure):
Pyt =0Pa (21)
At z= Lyan, for other surface (Rwick <7 < Rwall)

oT (22)

—AX—==
on

At 6= 0 and 6 = 6,/2, symmetry boundaries (0
<z < Lyan) are set in this model.

The vapor-liquid distribution in the initial state
of the evaporator is depicted in Fig. 4. In the
legend, 0 denotes liquid and 1 represents vapor. As
shown in Fig. 4, the vapor groove is filled with
vapor, and the wick is flooded with liquid in the
initial state of the evaporator.

0.011 0.011

r (m)
r(m)

0.004 0.004
0 0

0.02 0.04

z (m)

0.06

0.08

15
0(" )
z2=Ly.W/2

Figure 4. Initial vapor-liquid distribution of the
evaporator

0=0

3.6. Mesh Independence Verification

The computational domain is divided into three
zones: the wall as the solid zone, and the vapor
groove and wick as the fluid zones. The overall
domain is primarily discretized using hexahedral
volume meshes, with coarser volume meshes
employed for areas distant from the vapor groove in
both the wall and wick zones, while mesh
refinement is applied near the vapor groove and
throughout the entire vapor groove zone. The total
numbers of meshes resulting from this domain
division are 100300, 123600, 155378, and 173148,
with corresponding minimum mesh lengths of 0.09
mm, 0.08 mm, 0.07 mm, 0.06 mm, and 0.05 mm,
respectively. Mesh independence verification
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calculations are performed for the average
temperature of the evaporator outer wall at a heat
load of 40 W using these four meshes, as depicted
in Fig. 5. In consideration of the accuracy of the
computational results, as well as the conservation of
computational resources and time, the mesh with a
minimum cell length of 0.07 mm is ultimately
selected for the simulation calculations.

Minimum mesh length (mm)
0.08 0.07

0.06

317

316

123600

Evaporator temperature (K)

155378

sl 173148}

i L
100000 120000

I HE| H
140000 160000 180000

Cell number

Figure 5. Mesh independence verification

4. Results and discussions
4.1. Experiment results

The temperature distribution along the LHP and
vapor-liquid phase interface of the working fluid
are experimentally observed under the heat load
range from 5 W to 45 W. As shown in Fig. 6, under
the heat load of 5 W, temperatures T1 and T2
gradually increased from ambient temperature to
around 320 K. Concurrently, there were slight
increases in the temperatures of the evaporator
vapor chamber T3, evaporator outlet T4, and CC
inlet T11, as well as the CC temperatures T12-T14.
Conversely, the temperatures of the condenser T6-
T9 remained virtually unchanged. The observed
temperature rise can be attributed to heat leakage
between the evaporator and CC and thermal
conduction through the connecting lines. After 50
minutes, the evaporator outlet temperature T4 did
not exhibit an appreciable tendency to increase,
indicating no vapor output. Namely, the LHP
failed to startup under the heat load of 5 W.
Consequently, the LHP is considered to have
failed to startup under a heat load of 5 W.

When increasing the heat load to 10 W, the
evaporator temperature skyrocketed immediately
rose, followed by a rapid decline after 175 seconds,
indicative of the substantial generation of vapor in
the evaporator and its subsequent escaping along
the vapor line. As a result, the temperatures of the
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vapor line and condenser inlet also increased.
After 190 seconds, the temperatures of the liquid
line and CC inlet began to decrease. Such a
decrease suggested that the vapor produced by the
evaporator was driving the working fluid into the
CC, initiating the circulation of the working fluid
within the LHP successfully.

Successful LHP startup is thus confirmed.
Following the successful startup, stepwise
increases of the heat load from 10 W to 45 W are
successively exerted on the LHP. As a response,
the temperatures of the LHP evaporator
consistently exhibited an initial rapid rise within
10 minutes and then followed by a gradual
stabilization plateau. The LHP demonstrated
response times within 10 minutes and is capable
of maintaining steady-state temperatures for 30
minutes before each change in the heat load.

50
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W
0
S

Temperature (K)
Heat load (W)

310 |

300 e
Y - — T,

290

1 L L
0 200 400 600

Heat load

Time (min)
Figure 6. Temperature of the LHP in the
experiment

Fig. 7 demonstrates the vapor-liquid
distribution images in the vapor groove of the
visualized LHP under the heat load range from 10
W to 45 W. As shown both in the visualized
images, it is evident that a thin liquid film of
approximately 0.169 mm thick covers resided on
the outer surface of the wick within the vapor
grooves when the heat load is 10 W. Due to the
influence of gravity, the liquid film layer at the
upper part of the vapor groove is significantly
thinner than the lower part. Also notably, small
bubbles sporadically emerge from the thin liquid
film layer on the wick surface under the heat load
of 10 W and 15 W, which means that nucleate
boiling is dominant in this state [17]. As the heat
load gradually increases, the thickness of the thin
liquid film layer decreases, and it eventually
disappears after the heat load reaches 35 W.
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Figure 7 Vapor-liquid distribution diagrams in
the vapor groove under varying heat loads

4.2. Model validation

Fig. 8 presents a comparison of model
simulation results for the experimental and
numerical data of the average wall temperature of
the evaporator under various heat loads with the
experimental data, which exhibited a monotonous
increase against the heat load. A constant offset no
larger than 2K is observed between the experiment
and simulation. This offset is attributed to the
neglect of the heat leakage through the evaporator
wall to the CC and the surroundings in the
simulation. Given the small thermal conductivity
of the quartz glass composing the evaporator wall,
heat loss to the environment via this wall
constitutes a consistently significant proportion.
Despite this small disparity, the numerical and
experimental data exhibit strong consistency,
indicating that the model possesses a certain
degree of feasibility in predicting the operating
conditions of the LHP evaporator.
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Figure 8 The comparison between the
experimental and numerical data
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To further validate the simulation method, the
numerical picture of the vapor-liquid distribution
in the evaporator at different heat load is also
presented and compared with the visualization
experiments in Fig. 9. It should be noted that when
the heat load exceeds a threshold value, the vapor
penetrates in to the wick and the vapor-liquid
interface becomes experimentally invisible. The
corresponding experimental data of the liquid
layer thickness is therefore recorded as O.
Numerical simulation can be employed to trace the
exact vapor-liquid interface inside the wick.

—=— d,, Simulation
0.20 Ll

— @ -d,, Experiment

Thickness of liquid film (mm)

Heat load (W)

Figure 9 The comparison between
experimental and numerical data

the

4.3. Simulation results

Fig. 10 presents the temperature contour for
the symmetry plane at 8 = 0 and 6 = 0,/2, as well
as the axial cross-section at z= L/2, under a heat
load of 15 W. In Fig. 10 (a) and (b), the wall
temperature distribution is similar at both the
symmetry planes 8 = 0 and 6 = 0,/2. The outer
wall temperature gradually increases along the z-
axis and eventually levels off, reaching a
maximum of 315.46 K on the evaporator’s outer
surface. Along the radial direction, the
temperature decreases from the outer surface
inward. In the gap between the evaporator’s
inner surface and the wick, temperatures in the
region with groove (z = 0.005 ~0.08 m) are
slightly lower than those without groove
between z = 0 ~ 0.005 m. Moreover, the
temperature distribution of the wick below the
vapor groove exhibits slight variations along the
z-axis at both 8 = 0 and 6 = 0,/2, showing a good
uniformity of the temperature along the z-axis.
The temperature contour in Fig. 10 (c) further
displays that the temperatures near the vapor
groove interface are lower than those beneath the
vapor groove. Additionally, a slightly lower
temperature at the symmetry plane 6 = 0 with a

29

vapor groove is observed when compared to the
symmetry plane 0 = 0,/2 without a vapor groove.
The temperature distribution pattern within the
evaporator at other heat loads follows similar
trends as those observed at 15 W, hence further
elaboration is omitted.
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Figure 10 Temperature contour of the
evaporator under 15 W

Fig. 11 presents the phase fraction contour and
velocity vector in the z =Lyai/2 plane when the
heat load is 15 W. The working fluid in the wick
is entirely liquid, while the vapor-liquid interface
exists in the vapor groove. A thin liquid film is
present at the bottom of the vapor groove. The
three-dimensional velocity vector in the vapor
groove is shown in Fig. 11 (b). Due to the presence
of the thin liquid film near the vapor groove
interface, the velocity of the working fluid in this
region is slightly lower than that at the center of
the vapor groove. The two-dimensional velocity
vector in the wick is depicted in Fig. 11 (c),
indicating that the flow velocity of the working
fluid inside the wick is significantly lower than
that in the vapor groove. Fig. 12 displays the phase
fraction contour in the evaporator for the
symmetry plane at 6 = 0 under the heat load of 15
W. As shown, a uniform layer of thin liquid film
extends along the z-axis in the vapor groove, with
an average thickness of 0.19 mm.

a 0.011 b —
0.0001 m/s

0.004
0 s
0C)
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3-D velocity vector in the vapor groove

Figure 11 Temperature -contour

evaporator under 15 W
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Figure 12 Phase fraction contour at 8 = 0 under
ISW

When the heat load exceeds 40 W, its phase
fraction distribution is significantly different
compared to that at 15 W, as shown in Fig. 13.
Under the heat load of 40 W, the vapor-liquid
interface penetrates in to the wick, allowing an
increased evaporation surface area and enhanced
evaporation rate. The increased evaporation rate,
in turn, raises the flow resistance of the liquid in
the wick and decreases the replenishment rate
from the CC. The combined effect of these two
factors—the increased evaporation rate and the
reduced replenishment rate—causes the vapor-
liquid interface to penetrate even deeper into the
wick.
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0.011
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0.009
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Figure 13 Phase fraction contour in the
evaporator under 40 W

4.4. The effect of vapor-liquid distribution
on the evaporator heat-transfer
coefficient

The evaporator heat-transfer coefficient is a key
parameter to assess the heat transfer performance
of the evaporator. The numerical calculation
results for the evaporator heat-transfer coefficient,
along with experimental data are depicted in Fig.
14. It is clear that there is a common tendency in
both simulation and experiment results that the
evaporator heat-transfer coefficient experiences a
rapid increase, a short plateau, and a sharp decline
with the increasing heat load. The reason behind
this can be explained by the observation of vapor-
liquid interface mentioned above. The vapor-
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liquid interface is formed at the boundary between
the evaporator wall, wick and vapor groove under
a lower heat load. It is characterized by liquid film
thickness in this paper. By connecting Fig. 9 and
Fig. 14, it is considered that there are two modes
for the relationship between the vapor-liquid
interface behavior and evaporator heat-transfer
coefficient: Fig. 15 and Fig. 16 show images of
these:

(a) Lower heat load

As depicted in Fig. 16 (a), the evaporation
occurs at the vapor-liquid interface which forms at
the surface of the liquid film in the vapor grooves.
From the schematic diagram of thermal resistance
in Fig. 16 (b), there are some constant thermal
resistances caused by the thermal properties of
materials and fluids, as well as the structure. They
are the thermal conduction resistance of wall Ry,
the thermal convection resistance between vapor
groove and the inner surface of wall Rejn.y, the
thermal resistance from wall to the interface of the
vapor grooves Ry, the thermal resistance for
heating the liquid working fluid replenished from
the CC Ruyick. In this mode, the vapor-liquid
interface retreats towards the boundary of vapor
groove with the increasing of heat loads, which
characterized by the thinning of liquid film. The
thermal conduction resistance of liquid film (Rjn
) and interfacial evaporative thermal resistance
Riv due to the movement of the vapor-liquid
interface are the main reason for the increasing of
evaporator heat-transfer coefficient. The thermal
resistances in the liquid film can be written as
follows when they are assumed as one-
dimensional in the normal direction of the vapor-
liquid interface [18].

_1 (A
Rint—lv + Rl—v =A ! <_l>
d;

2 0.5\ 1
pamt) 2y (hue, 1 (23)
2— Y Tlv ZﬂRngv

Where, vy is the evaporative accommodation
coefficient, R, is the gas constant. As the heat load
increases, the liquid film thickness within the
vapor groove is observed to decrease, leading to
the decrease of the Rineiv and Ri.y and the increase
of the evaporator heat-transfer coefficient.

(b) Higher heat load

As shown as Fig. 16 (a), the liquid film in vapor
groove disappears and the vapor penetrates into
the wick region, leading to the wvapor-liquid
interface recede into the wick once the heat load
exceeds a threshold value. A different transfer
mechanism exists in the wick and vapor grooves
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as depicted in Fig. 16 (b). A vapor blanket is
formed in the vicinity of vapor groove and the
contact surface between the wall and wick. The
thermal resistance from wall to the interface of the
vapor grooves Ry, becomes dominant. With
further increase in heat load, the vapor-liquid
interface extends deeper into the wick,
augmenting the rapid decline of the evaporator
heat transfer coefficient.
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Figure 14 Evaporator heat-transfer coefficient

in simulation and experiment

T.

Tee

(a) Vapor-liquid interface behavior (b) Thermal resistance in the evaporator

Figure 15 Schematic diagram of vapor-liquid
interface behavior and thermal resistance in the
evaporator when liquid film in the vapor groove

Other research of LHP evaporator have
investigated the similar phenomena. Nishikawara
et al. [19] manufactured a cylindrical evaporator
sealed with a glass window and observed a
transition from a liquid-saturated state to a two-
phase state of the wick. Anand et al. [20]
performed an experiment of a flat evaporator with
a visualized CC and found the formation of bubble
in the CC when the capillary limit is reached. They
explained it as the movement or recession of the
vapor-liquid interface in the wick. Liao et al. [21]
carried out a visual study on the phase change
behaviors in a vertical two-dimensional porous
structure. The results illustrated that a high
frequency cyclic process of the bubble growth-
collapse and liquid replenishment behaviors
virtually led to a vapor-liquid co-existing zone
under a lower and moderate heat load. And a
stable vapor film formed with a further increase of
heat load. Such observation explained that the heat
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transfer coefficient increased with the increase of
heat flux until a peak value occurred. What they
have in common is that the vapor blanket is
formed in the wick as the heat load increases in the
visualized observation. This phenomenon
explains why the evaporator heat-transfer
coefficient increases first, then reaches its peak,
and drops afterwards, when combined with the
experimental observation and simulation on the
vapor—liquid distribution in the condenser in this
work. The thermal resistance in the liquid film
becomes dominant under a lower heat load, while
the thermal resistance between wall to the
evaporation interface plays an essential role in
deteriorating the evaporator performance.

5. Conclusions

In this work, a three-dimensional numerical
model based on CFD method is established to
predict the temperature and vapor-liquid
distribution in the evaporator. The applicability of
this simulation model is validated by visualized
experiments and the relationship between the
vapor-liquid distribution and the heat transfer
characteristics is summarized: At lower heat loads,
a thin liquid film is present inside the vapor groove,
upon which evaporation takes place. The
evaporator heat-transfer coefficient exhibits a
close relationship with the wvapor-liquid
distribution (characterized by liquid film thickness)
in the vapor grooves. As the heat load increases,
the thickness of this liquid film gradually
decreases, correspondingly causing the evaporator
heat-transfer coefficient to increase. The film is
progressively attenuated until the vapor-liquid
interface retreats into the interior of the wick. At
this point, the evaporator heat-transfer coefficient
reaches a peak and then rapidly declines.
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Abstract

In this work, a heat pipe-based isothermal furnace liner (HPL), employing sodium (Na) as a working fluid, was
fabricated to enhance temperature uniformity of a high-temperature furnace. The HPL was constructed with two
concentric stainless-steel (316 L) tubes to have external dimensions of approximately 101.6 mm x 70 mm x 410 mm
(outer diameter x inner diameter x length). The HPL possessed two 1 mm thick wicks on the internal surfaces of the
HPL; the wicks were directly sintered on the internal surfaces of the inner and outer tubes with approximately 100 pm
diameter stainless-steel (316 L) powder. Approximately 175 g of 99.8 % pure Na was injected into the evacuated
HPL, which corresponded to approximately 170 % of the void volume of the wick. The temperature uniformity of the
HPL, which was defined as the maximum temperature change over a 200 mm distance from the bottom of the working
space, was tested at diverse temperatures in the range from 800 K (530 °C) to 1100 K (830 °C). Test results showed
that the temperature uniformity of the HPL was improved with increasing temperature, attaining 0.63 K + 0.31 K
(approximately 95 % level of confidence) at 1100 K.

Keywords: High-temperature heat pipe liner; Sodium; Sintered wick; Isothermal furnace liner, Temperature
uniformity

1. Introduction of 1990) [4, 5]. Conventionally, multi-zone furnaces

Realisation of a uniform temperature field at
elevated temperatures is essential in numerous high-
value industries and precision thermometry [1-5].
Representative applications include semiconductor
manufacturing processes [1], reactors in chemical
plants [2], hydrogen production facilities [3], and
precision furnaces for thermometer calibration and
realisation of the reference temperatures (i.e., the
fixed points of the International Temperature Scale

Heat pipe
liner (HPL)

Figure 1. Schematic diagram of the annular
HPL.

have been widely used to realise a working space of
a high degree of temperature uniformity. However,
due to the increased heat loss at elevated
temperatures and finite thermal conductivity of
diffusion-based furnace liners, a temperature
inhomogeneity of several tens of kelvins is
considered inevitable at temperatures above the
aluminium freezing temperature (i.e., 660.323 °C)
[5, 6]. In this circumstance, a highly conductive
isothermal furnace liner, such as an isothermal
furnace liner made of an annular heat pipe (hereafter
the heat pipe liner, HPL), has been extensively
employed to improve the temperature uniformity of
the heated space of the conventional high-
temperature furnaces [2, 3, 5]. Figure 1 shows the
schematic of the HPL having an annular cross
section.

Heat pipes are undisputedly the most effective
two-phase passive heat transfer devices which
utilise saturation pressure difference between the
heated section (evaporator) and cooled section
(condenser) for vapour flow from the evaporator to
the condenser and the capillary pressure difference
across the evaporating meniscuses of the wick in the
evaporator for the liquid return from the condenser
to the evaporator, respectively [7]. As shown in Fig.
1, the HPL realises a cylindrical working space of
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enhanced temperature uniformity due to the internal
circulation and continuous evaporation and
condensation of the working fluid. Due to their
excellent isothermalisation characteristics, heat
pipes have extensively been used for temperature
homogenisation of the conventional furnaces in a
form of the annular heat pipe (i.e., the HPL) [8-12].
In particular, due to the unsatisfactory temperature
uniformity of the conventional furnaces at elevated
temperatures, the HPLs are finding their niches for
high-temperature furnaces in precision thermometry
[5, 11, 12].

High-temperature HPLs are characterised by
their working fluids, which are predominantly alkali
metals such as potassium (K) and sodium (Na) due
to their proper saturated vapour pressure
characteristics at high temperatures [5, 10-15]. The
traditional high-temperature HPLs were generally
fabricated with grooves or meshes as the wick
structure for ease of the machining and accessibility,
respectively [5, 13, 14, 16]. However, the low
available capillarity of the groove wick and the
difficulties in the firm attachment of the mesh wick
to the HPL wall have rendered the HPLs with
grooves or meshes unsatisfactory in terms of the
temperature uniformity and the manufacturability [7,
17]. In this circumstance, a sintered wick, which has
widely been used for mass production of
commercial room-temperature heat pipes, can
possibly be used as the wick of the high-temperature
HPL due to their high capillarity and superior
manufacturability.

In this work, a stainless-steel HPL, employing
sodium (Na) as a working fluid (Na HPL), was
fabricated for use at elevated temperatures. In
particular, two porous layers were directly sintered
on the inner surfaces of the HPL to form a sintered
porous wick on each of the inner and outer tubes of
the HPL. The temperature uniformity characteristics
of the fabricated Na HPL were systematically
investigated at different temperatures in the range
from 800 K (530 °C) to 1100 K (830 °C) to examine
the effect of the operating temperature on the
temperature uniformity of the Na HPL.

2. Sodium heat pipe liner

Figure 2 shows the dimensions and section view
of the fabricated HPL. The HPL had external
dimensions of 101.6 mm x 70 mm x 410 mm (outer
diameter x inner diameter x length); two concentric
inner and outer tubes of approximately 3 mm
thickness comprised the main body of the HPL with
5 mm thick bottom and lid plates. For enhanced
temperature uniformity of the cylindrical working
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Figure 2. External-dimensions and section view
of the tested HPL (dimensions in mm).

space formed by the HPL, the wick was sintered on
the internal surfaces of both the inner and outer
tubes; the outer wick on the outer tube was expected
to absorb external thermal disturbances, and the
inner wick on the inner tube was employed to
further uniformise the temperature field of the
cylindrical working space [18]. For the wick of the
HPL, stainless steel (316 L) powder of
approximately 100 pm diameter was directly
sintered on the inner surface of the outer tube (the
outer wick) and the outer surface of the inner tube
(the inner wick) at a thickness of approximately 1
mm. Two 6.4 mm (1/4 inch) diameter tubes were
attached to the upper lid of the HPL; one was used
for injection of the working fluid into the HPL, and
the other was used to evacuate or degas the HPL;
after completion of the working fluid injection and
degassing of the HPL, the two tubes were pinched
off from the HPL and welded for hermetic sealing.
Figure 3 shows the schematic of the working fluid
injection apparatus used for fabrication of the Na
HPL. 99.8 % pure sodium was used as the working

Degassing » Working fluid
tube harge tube
HEL
Pinch-off
point
Test
furnace

Figure 3. Schematic of the working fluid
injection apparatus.
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fluid of the HPL for use at high temperatures. The
HPL was filled with approximately 175 g of Na,
which corresponded to approximately 170 % of the
wick void volume. Due to the reactive nature in the
air and higher melting temperature than the room
temperature (i.e., approximately 98 °C) of sodium,
a predetermined mass of sodium was first injected
into a sealed transfer chamber in an inert atmosphere,
and then the molten sodium in a heated transfer
chamber was guided to flow into an evacuated HPL,
which was maintained at a temperature above the
melting temperature of sodium; when the working
fluid was injected into the HPL, the working fluid
injection tube was pinched off and welded.

After the working fluid injection, the HPL was
degassed by heating the HPL to an elevated
temperature with the degassing tube closed and then
by evacuating the HPL at room temperature. The
degassing of the HPL was repeated until the
pressure indicated by the vacuum gauge did not
change with successive repetition of the degassing
process. When the degassing was finished, the
degassing tube was also pinched off and welded,
completing the fabrication of the Na HPL.

3. Test setup and method

In this work, to test the temperature uniformity
characteristics of the HPL, immersion temperature
profiles of the working space of the HPL (i.e., axial
distributions of temperature changes from bottom of
the working space to a certain height) were
measured. In particular, to investigate the effect of
the operating temperature on the immersion
characteristics of the HPL, the axial temperature
profiles were measured at temperatures in the range
from 800 K (530 °C) to 1100 K (830 °C) with an
increment of 100 K. The lower limit of the
temperature range was determined based on the
wetting characteristics of sodium on a stainless-steel
surface and the continuum start-up temperature of
sodium heat pipe, both of which require to use a
sodium heat pipe at a temperature above
approximately 500 °C (770 K) [19, 20]; the upper
limit was set by the maximum service temperature
of 316 stainless steel, which was approximately
870 °C (1140 K) [21].

To perform the immersion temperature profile
test, the HPL was located in a single-zone furnace,
which had a heated zone measuring approximately
150 mm x 600 mm (diameter x length). In addition,
to accurately measure the axial temperature
distribution of the working space, a cylindrical
alumina (AlOs) block, having dimensions of 65
mm x 12 mm x 350 mm (outer diameter x inner
diameter x length), was place in the working space
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Figure 4. Locations of the temperature
measurements along the centre axis of the
working space.

of the HPL; at the centre of the alumina block, an
alumina thermometer well with dimensions of 10
mm x 6 mm x 500 mm (outer diameter x inner
diameter x length) was inserted into the alumina
block to allow a thermometer to scan the axial
temperature distribution. The remnant of the
working space was filled with a ceramic wool
insulator to reduce unnecessary heat loss.

The immersion characteristics of the working
space was assessed by measuring temperature
changes along the thermometer well from the
bottom of the working space, and this was carried
out by pulling out a thermometer located in the
thermometer well from the bottom. Figure 4 shows
the measurement locations of the temperature
distributions along the central axis of the working
space. As shown in the figure, the height of the
thermometer, at which temperatures were measured,
was increased from 0 cm (i.e., the bottom) to 32 cm
with an increment of 4 cm. Together with the
assessment of the immersion characteristics of the
Na HPL, immersion temperature profiles of an
empty HPL, which was not injected with the
working fluid but filled with argon (Ar) at an
atmospheric pressure, were also measured for
comparison purpose.

Type N thermocouple with an Inconel sheath of 5
mm diameter and 610 mm length was used to
measure the axial temperature distribution with a
precision potentiometer, and their stated accuracies
were approximately 0.8 % of reading and +0.12 °C,
respectively. The temperature uniformity of the
working space was characterised by temperature
deviations from the bottom of the working space
(i.e., temperature differences). In this circumstance,
using the same (i.e., single) thermometer and
potentiometer, due to the correlations of the
measurand, the systematic uncertainty components
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(e.g., uncertainties due to calibration, potentiometer,
etc.) were eliminated, and repeatability was the only
influencing uncertainty factor, thus enabling precise
measurements of the temperature difference [22].
The measurement of the immersion profile was
repeated three times to estimates the repeatability at
an approximately 95 % level of confidence.

4. Test results

The temperature uniformity of the working
space of the Na HPL was characterised by the
temperature distribution along the central axis of the
working space (i.e., the immersion temperature
profile), and to demonstrate the effectiveness of the
Na HPL as an isothermal furnace liner, comparisons
of the immersion profiles between the Na HPL and
the empty HPL were carried out. The immersion
temperature profiles measured with the empty HPL
and the Na HPL are provided in Figures 5 (a) and
(b), respectively. As shown in Figure 5 (a), at all the
tested temperatures, the immersion temperature
profiles of the empty HPL revealed monotonic
decrease in temperature with increasing distance
from the bottom of the working space, reproducing
the non-uniform temperature field outside the HPL.
At 1100 K, the temperature depression, measured
with the empty HPL over 20 cm from the bottom,
was 11.2 K + 0.3 K (at approximately 95 % level of
confidence).

On the other hand, as shown in Figure 5 (b), the
immersion profiles of the Na HPL demonstrated
apparent improvement in the temperature
uniformity at elevated temperatures (e.g., at 1000 K
and 1100 K). At temperatures less than 1000 K, the
Na HPL produced immersion profiles similar to the
temperature profiles of the empty HPL, but at
temperatures above 1000 K, the temperature
uniformity of the working space was greatly
improved with increasing temperature. For
example, at 1100 K, the maximum temperature
change of the working space of the Na HPL over 20
cm from the bottom was 0.63 K + 0.31 K (at
approximately 95 % level of confidence),
manifesting itself as a clear indication of the
effectiveness of the Na HPL as an isothermal
furnace liner.

The outstanding enhancement in the
temperature uniformity of the Na HPL at elevated
temperatures were attributed to the formation of the
dual liquid—vapor phase interfaces on the inner and
outer wicks and the internal convection of the
working fluids inside the HPL [18]; the outer phase
interface on the outer wick absorbed thermal
disturbances from the external thermal environment
outside the HPL (i.e., the heated zone of the single-
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Figure 5. Immersion temperature profiles of the
working spaces formed by (a) the empty HPL
and (b) the Na HPL. The error bars indicate the
expanded measurement uncertainties  at
approximately 95 % level of confidence.

zone furnace), thus allowing the inner phase
interface on the inner wick to have a more stable and
uniform temperature field. In particular, as the
isothermal characteristics of the Na HPL was further
enhanced at 1100 K than the case at 1000 K (e.g.,
0.63 K+ 0.31 Kversus 7.5 K £ 1.9 K), the optimum
operating temperature of the Na HPL was expected
to be above 1100 K (830 °C), necessitating tests of
the Na HPL, made of more effective heat-resistant
materials (e.g., Inconel), at temperatures above 1100
K. At lower temperatures than 1000 K, due to the
insufficient saturated vapour pressure inside the
HPL, the internal vapour flow was supposed to be
ineffective, resulting in the poor temperature
homogenisation characteristics at 800 K and 900 K.
Overall, the Na HPL, employing the sintered dual
wicks on its internal surfaces, demonstrated its
potential as an isothermal furnace liner at
temperatures above 1100 K.
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5. Conclusions

In this work, a stainless-steel HPL, employing
sodium as a working fluid, was fabricated to
homogenise the uneven temperature field of the
conventional high-temperature furnace. The HPL
was constructed with two concentric tubes to have
an annular cross section and had outer dimensions
of 101.6 mm x 70 mm x 410 mm (outer diameter
x inner diameter x length), thus forming a
cylindrical working space inside the HPL. Dual
stainless-steel ~ sintered porous wicks of
approximately 1 mm thickness were directly
sintered on the internal surfaces of the concentric
tubes to generate the dual liquid-vapour phase
interfaces on both of the outer and inner wicks,
thus to further uniformise the temperature field of
the working space formed by the HPL. 99.8 %
pure sodium was injected into the HPL (i.e., the
Na HPL), which corresponded to approximately
170 % of the void volume of the wick, for use at
elevated temperatures.

The temperature uniformity characteristics of
the Na HPL was assessed by measuring the
immersion temperature profiles along the central
axis of the working space at diverse temperatures
from 800 K to 1100 K. Test results showed that
effective temperature homogenization of the
working space was attained with the Na HPL with
the dual sintered wick structure, and at 1100 K, a
maximum temperature change of approximately
0.63 K was measured over 20 cm distance from
the bottom of the working space, demonstrating
the effectiveness of the Na HPL as an isothermal
liner for high-temperature furnaces.
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Abstract

This paper reports the design, fabrication, and testing of a loop heat pipe (LHP) with an additive manufacturing
evaporator integrated with an evaporator/reservoir and primary/secondary wick. Conventional LHP evaporators have
been made with their evaporator case and wick separate, then joined by shrink fitting or other means. This study
applied additive manufacturing (AM) to designing and fabricating a wick-integrated evaporator that provides high
performance and reliability at low cost. Step-up heat load tests were conducted with different tilt angles to evaluate
the heat transport capability of LHPs with an AM evaporator and the effectiveness of a secondary wick. The LHP
with the AM evaporator achieved a maximum heat transport capability of 170 W (heat flux: 11.3 W/cm?) and a
minimum thermal resistance of 0.24 °C/W (at 90 W) at a 0 deg tilt angle. The study demonstrated a heat transport of
20 W ata 90 deg tilt angle, the most difficult orientation for LHP operation. The heat transfer coefficient of evaporation
and the heat leak ratio were calculated, and the test results were evaluated. This demonstrated that the AM evaporator
offers high evaporative performance and that the secondary wick in the evaporator can reduce the heat leak ratio.

Keywords: Loop heat pipe, additive manufacturing, secondary wick, spacecraft thermal control

1. Introduction performance. In addition, manufacturing is
A loop heat pipe (LHP) is a two-phase fluid loop expensive due to the large number of steps in
driven by capillary force M, The efficient heat manufacturing and verification, the manufacturing
transport device utilizes latent heat, is lightweight, difficulty, and the long development period, all of
powerless, long distance, and anti-gravity which limit the device’s scope of use. We
operation. It is gaining attention for space and conducted this research to develop a low-cost,
terrestrial applications. In space application, this high-performance, high-reliability LHP with an
device is now being applied to thermal control for evaporator made by additive manufacturing (AM).
spacecraft, especially for waste heat from space Utilizing AM reduces the work of producing the
telescope cryocoolers and temperature control of primary/secondary wick and of joining the wick
electric propulsion systems for deep space probe. with the evaporator case, which has been the rate-

Figure 1 is a schematic diagram of LHP limiting step in the cost and schedule.
operation. The LHP driving force is the capillary Table 1 shows the previous research on LHPs
force generated by the primary wick, but a utilizing AM. Although several LHPs have been
secondary wick may be equipped to move the developed utilizing additive manufacturing E7,
working liquid from the reservoir to the evaporator. many are fabricated separately from the evaporator
In microgravity, the surface tension of a fluid causes case and wick. There is no research for developing
the fluid to stick to the reservoir wall, making it and evaluating the thermal performance of a wick-
difficult to supply liquid to the primary wick. This integrated evaporator with a secondary wick. In
can easily lead to dryout. A secondary wick enables addition, the unique evaporation ability of the AM
a stable fluid supply to the primary wick and is evaporator has not been studied, now have the heat
essential when LHPs are used for space application, transport characteristics of the LHP using an AM
where operation in a microgravity environment and evaporator. There has been no comprehensive
high reliability are required. clarification of these.

LHP evaporators have been manufactured with Based on the above background, this study
the evaporator case and primary/secondary wick reports on the development of an LHP with a
separate, joining them using shrink fitting, primary and secondary wick-integrated evaporator
welding, or another process. This method, for space applications and our evaluation of its heat
however, causes some variation in the evaporator transport characteristics.
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Figure 1. LHP operation schematics.
Table 1. Previous research on LHPs utilizing AM.

EVA case and Working  Heat transport Heat transport

Authors Year x::tﬁogrinting Secondary wick fluid capability, W length, mm
J. Esarte et al. [% 2017 Separate With (separate) Methanol 80 100
B. Richard et al. [ 2017 Integrated With (separate) Ammonia 45 300
Z.Huetal. Bl 2020 Separate Without Water 160 220
R. Gupta et al. [ 2022 Integrated Without Ammonia 70 3000
J. Corrochanoetal. 1 2023  Separate Without Ammonia 236 1000
*The porous material is SUS 316L in each reference.
2. Development of an Additive radius of 70 pum for the secondary wick.
Manufactured Evaporator 15 | | | | |
2.1. Printing with porous media F[ e primary wick
Laser powder bed fusion (LPBF) was adopted for 125 ¢ ]
the AM, and SUS316L powder with an average : .
particle diameter of 10 um was used as the base g 10r o ]
material. Before the evaporator was fabricated, a g i ]
condition search was performed for fabricating S 75f .
high-performance porous media with high porosity o [ o’
and a small pore radius. The laser energy flux was g s5f °*° ]
varied to obtain the correlation between the laser ! Lo “Selected 1
energy flux and the porosity and pore radius by o5l e ® ° ]
measuring the porosity and pore radius of the [ e ]
fabricated samples. The porosity was calculated 03 - , , , , ]
from the mass measurement results using Equation 0 005 01 015 02 025 03
(1), and the pore radius was calculated from the Porosity, -
maximum capillary force obtained in the bubble =
point test using Equation (2). [[ @ secondary wick
Meva - Mec r 4 1
ik =————— 1 200 - 1
Puict PsusVwick @) I ]
20 cos O.ont £ [ ]
T =— = L .
pore Pcap 2) 5 150 1 . ]
Figure 2 shows the relationship between porosity g . * ]
and pore radius during primary wick conditioning S 100 ¢ 1
(top) and secondary wick conditioning (bottom). - . &
The figure also shows a correlation between the . * on “Selected ]
porosity and pore radius. It was clarified that  en, % 1
printing conditions by changing printing parameters o
other than laser energy flux had to be optimized for ol ' ' : '
high-performance porous media. This study chose a o4 05 06 07 08 09
porosity of 23% and a pore radius of 4.6 um for the Porosity, -
primary WiCk, and a porosity of 66% and a pore Figure 2. The relationship between porosity and

pore radius obtained from condition search.
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2.2. Primary/secondary Wick-integrated

Evaporator/reservoir

Figure 3 and Figure 4 show an external view
and a 3D CAD cross-section of the evaporator and
reservoir fabricated by AM. Table 2 shows the
AM evaporator specifications. The evaporator was
cylindrical shape. The evaporator case, reservoir,
primary wick, and secondary wick were all made
in a single piece. The secondary wick was formed
continuously along the reservoir wall and the inner
wall of the primary wick and is designed to
transport the working fluid in the reservoir to the
primary wick.

The secondary wick on the inner wall of the
primary wick also reduces the heat leakage from
the evaporator. The effective thermal conductivity
of the sintered wick can be calculated using
Maxwell's equation, shown in Equation (3) [,

2+kl/ks_2€(1_kl/ks) (3)
$ 2+ kl/ks + 3(1 — kl/ks)
where kg is the thermal conductivity of the solid
phase, k; is the thermal conductivity of the liquid
phase, and ¢ is the wick porosity. Figure 5 shows
the thermal conductance through the wick when
the thickness of the primary and secondary wick
changes. Since the porosity of the primary wick is
lower than the secondary wick, the thermal
conductance of the entire wick can be reduced by
adding a thickness of the secondary wick.
However, making the primary wick too thin
reduces the capillary force. In this study, the wick
thickness was determined so that the thermal
conductance through the wick was below 10% of
the expected evaporative thermal conductance,
and the primary and secondary wick thicknesses
were 1.5 mm each.

A babble point test was conducted on the
fabricated units, and the maximum pore radius
was calculated to be 5.2 um. This result confirmed
that the wick with the same pore radius as the
porous sample fabricated in the condition search
was formed during evaporator fabrication.

kwick =k

Reservoir

el e

View from B
Evaporator

View from A

Figure 3. Appearance and side view from
evaporator/reservoir of an AM evaporator.
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Figure 4. 3D CAD cross-section of an AM
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Table 2. Specifications of an AM evaporator.
Component | Dimension
Evaporator | ID/OD: 10/12 mm
Length: 50 mm
Reservoir ID/OD: 34/36 mm
Length: 60 mm
Primary ID/OD: 5.5/10 mm
wick Thickness: 1.5 mm
Pore radius: 4.6 pm (5.2 pm)
Porosity: 23%
Secondary | ID/OD, Thickness:
wick 2.5/5.5 mm, 1.5 mm (EVA side)
30/34 mm, 2.0 mm (RES side)
Pore radius: 70 um
Porosity: 66%
Vapor W/H/L: 1/ 0.75/40 mm
grooves Number: 16
Thickness of secondary wick, mm
3 25 2 1.5 1 0.5 0
5777
\ I
\ 1
4 Priman Secondary !
= 4l wick \ wick ! i
g % v
E \ [I
g 3tk K ] |
o \ /
& X 8
= o /
2 27 Sl ]
o (oS
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£
g 1r
o
~ Primary/
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Thickness of primary wick, mm
Figure 5. Dependence of thermal conductance
through the primary and secondary wick on
thickness.

3. Test Specimens and Conditions

The LHP system was developed by combining a
fabricated AM evaporator with a transport line and
condenser. The appearance and specifications of the
LHP are shown in Figure 6 and Table 3. Acetone
was selected as the working fluid and charged to 36
g (volume ratio: 63%). Table 3 lists the main
specifications for the LHP with an AM evaporator.
Thermal performance tests were conducted under
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atmospheric pressure and room temperature
conditions (25°C). Temperatures were measured by
20 T-type thermocouples (accuracy +1.0°C) and
collected with a data logger at two-second intervals.
The condenser was temperature-controlled by a
copper cooling line parallel to the condenser line,
and a chiller unit controlled the cooling fluid
temperature. The evaporator, transport lines, and
condenser were all insulated with thermal insulators
to reduce heat loss to the environment. The heat
source was simulated by an aluminum heater block
heated by four rod heaters attached to the evaporator
and a DC power supply was used to apply heat load.
The test conditions are shown in Table 4. Nos.
1-4 were conducted by changing the LHP tilted
angle, as shown in Figure 7, and step-up heat load
tests were conducted until the heater block rose to
150 °C or until dryout occurred in the evaporator.
No. 5 was conducted by changing the sink
temperature with a constant heat load of 80 W.

o  —— b= Flow meter
Cooling water—

)‘q

Condenser

o : thermocouples

| Evaporator enlarged view

e AMB RES1

EVAL EVA2

® HBins e RESins

Figure 6. Appearance and thermocouple position
of LHP system.
Table 3. Specifications of LHP system.

Table 4. Test conditions.

No. | Heat load, W tSeirr:\l;erature, o ;-elzlg; ?g)gle,
! %féi/?losteps) 20 0 deg

g %fél\fgvosteps) 20 45 deg

3 10-20-30 20 90 deg

N %10(-)1\?Vosteps) 20 -90 deg

i (()180°C steps) | 0 €9

Component Dimension

Heating area | OD, Length: 12/40 mm
(Area: 15.1 cm?)

EVA/RES (Refer to Table 2.)

Vapor line ID/OD: 4.57/6.35 mm
Length: 400 mm

Condenser ID/OD: 4.57/6.35 mm

line Length: 1067 mm

Liquid line ID/OD: 1.76/3.18 mm
Length: 400 mm
Bayonet tube | ID/OD, Length:

1.5/1.7 mm, 55 mm (EVA side)
1.76/3.18 mm, 50 mm (RES side)

Working fluid | Acetone, 36 ¢
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R
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Figure 7. Test configuration.
4. Results and Discussion

4.1. Effect of the LHP tilt angle (Results of
Nos. 1-4)

The temperature profile of No. 1 is shown in
Figure 8, with the graph for startup at the top and
for the entire test at the bottom. The temperature
profile at startup shows that the LHP started up
successfully because the temperature at the
condenser inlet (CON1) rose rapidly 3.5 minutes
after the start of the 10 W heat load to the heater
block. The temperature of CON2 increased at a
heat load of around 70-80 W, indicating an
extension of the two-phase length at the condenser.
When the heat load reached 180 W, the evaporator
temperature (EVAL) rose rapidly due to dryout,
and the test was terminated.

The temperature profile of No. 3 is shown in
Figure 9 for startup at the top and for the entire test
at the bottom. The temperature profile at startup
shows that LHP started up 8 minutes after a heat
load of 10 W was applied to the heater block.
Compared to No. 1, it took longer to start due to
the difficult tilt angle. Temperature oscillations
occurred at CON1 and LL2 at a heat load of 10 W
due to a low mass flow rate. As the heat load was
increased, the evaporator temperature rose sharply
at 30 W, resulting in a dryout. Since a maximum
heat transport capability of 170 W was observed
in No. 1, we believe the liquid supply to the
primary wick was cut off due to the secondary
wick's capillary limit rather than the primary
wick's capillary limit, thus causing a dryout. The
performance evaluation of the secondary wick is
discussed in Section 5.2.
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Figure 9. No. 3 temperature profile (top: startup,
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Next, the operating temperature (EVA1) and
LHP thermal resistance at the steady state of Nos.
1-4 are summarized to compare the heat transport
performance at each tilt angle. The relationship
between the heat load and the operating
temperature and that of the LHP thermal resistance
at steady state is shown in Figure 10, where the
LHP thermal resistance was calculated from the
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Figure 10. Operating temperature and LHP
thermal resistance at steady state of Nos.1-4.

operating  temperature, average condenser
temperature, and heat load using the following
equation.

TEVA1 - TCON_ave

Riyp =

4
Qload ( )

Nos. 1 and 2 found a maximum heat transport
capability of 170 W, and No. 4 achieved 180 W.
The effectiveness of the secondary wick was
confirmed partially by the result that heat transport
capability at a tilt angle of 45 deg was equivalent
to that at an tilt angle of 0 deg. Compared with the
results of No. 3, the tilt angle of No. 2 was such
that the liquid returned through the bayonet tube
was easily supplied directly to the evaporator.
Therefore, we inferred that the heat transport
capability of No. 2 was as high as that of No. 1.
Conversely, in No. 4, the liquid was more easily
supplied to the evaporator than at other tilt angles,
and thus dryout was less likely to occur.

The operating temperatures of Nos. 1 and 2
were higher than those of No. 4 at low heat loads.
In the low heat load region where the flow velocity
is small, the liquid cooled by the condenser is less
likely to flow back to the reservoir than in No. 4,
and the heating effect by heat transfer between the
liquid line and the ambient was larger.

All test results show similar operating
temperatures in the medium heat load range of 30-
100 W. However, in the high heat load range of
100 W and above, the operating temperatures
increase in the order of No. 2, No. 1, and No. 4.
This is due to the insufficient liquid near the wick
tip in No. 2, where liquid supply is difficult,
causing the operating temperature to rise. No. 4 is
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less likely to run out of liquid and thus maintains
a low operating temperature up to the high heat
load region.

The LHP thermal resistance of No. 1 had a
minimum of 0.24 °C/W at 90 W. It was confirmed
that the LHP thermal resistance was equivalent in
the high heat load region, although there were
differences at low heat loads for each tilt angle.
4.2. Effect of the sink temperature, No. 5
results

The temperature profile of No. 5 is shown in
Figure 11, where the top shows representative
temperature points and the bottom is an excerpt of
condenser measurement points. This shows that
heat transport is stable for sink temperatures from
0 to 50 °C. This result shows that the two-phase
length extended as the sink temperature increased.
Since the temperature difference between the
internal fluid and the condenser is smaller, a
longer two-phase length is required to increase the
heat transfer area of the condenser tube and keep
the heat dissipation amount to the condenser.

Figure 12 shows the steady-state LHP thermal
resistance, evaporator thermal resistance, and
condenser thermal resistance. The evaporator
thermal resistance and condenser thermal
resistance are calculated from the following
equations.

_ TEVAl - TVLl

Reva = (%)
eva Qload
Tyi1— T,
Rcon — VL1 CON_ave (6)
Qload
Figure 12 shows that the LHP thermal
resistance decreases with increasing sink

temperature; a minimum thermal resistance of
0.094 °C/W is achieved at a sink temperature of
50 °C. Similar to the LHP thermal resistance, the
condenser thermal resistance also decreases with
increased sink temperature, which is attributed to
an increase in the condenser temperature with the
extension of the two-phase length. However, the
evaporator thermal resistance was stable at 0.06-
0.07 °C/W for each temperature range, indicating
a small dependence on the sink temperature. With
a sink temperature of 50 °C, the evaporator
thermal resistance accounted for 70% of the LHP
thermal resistance, thus confirming it is the rate-
limiting factor of thermal resistance.
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of No. 5.
5. Thermal Performance Evaluation of
Evaporator
5.1. Heat transfer coefficient of evaporation
The thermal performance of the AM

evaporator was evaluated by calculating the
evaporative heat transfer coefficient. This
coefficient is calculated from Equation (7), where
the evaporative heat amount Q,,, in Equation (7)
can be expressed as shown in Equation (8), based
on energy conservation in the evaporator.
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Qev
Rovap = 7
evap Aevap (TEVAl - TVLl) ( )
_ Qapply - Qloss
Qev = (8)

C
1+ Tp (Typ1 — TpLi2)

where A4, represents the contact area between
the wick and groove and the evaporator case, and
Q1055 represents the heat loss amount released to
the atmosphere through the evaporator insulation.

The dependence of the evaporative heat
transfer coefficient on the heat load for each tilt
angle is shown in Figure 13. The trend in the
evaporative heat transfer coefficient with heat load
is similar for each tilt angle. In all cases except for
No. 3, the heat transfer coefficients are high at 12-
15 kW/m?/K in the 30-70 W heat load range but
then gradually decrease and stabilize at 5
kW/m?/K after 100 W. This is because the
recession of the vapor-liquid interface occurs on
the wick surface as the heat flux increases . From
the viewpoint of the tilt angle, the decrease in heat

transfer coefficient is particularly noticeable in No.

2, where the liquid is not easily supplied to the
evaporator.

5.2.

A simplified pressure drop calculation was
performed when designing the secondary wick.
This section compares the design results with the
test results.

In the vertical orientation above the evaporator
and below the reservoir tested in No. 3, when the
total pressure drop generated in the secondary
wick exceeds the maximum capillary force, it

Thermal performance of secondary wick
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Figure 14. Capillary force and pressure drop
at the secondary wick.

becomes difficult to supply liquid to the primary
wick, and dryout occurs. Thus, the LHP can
operate as long as Equation (9) is valid. The
capillary force generated at the wick is expressed
by Equation (10), and the total pressure drop can
be expressed as the sum of the flow pressure drop
through the wick and the volumetric force of the
liquid held in the wick, as shown in Equations (11)
and (12).

APcap_sw > APloss_sw + APloss_g (9)
20 cos@
AP, cap_sw = e (10)
Tvore_sw
©Q
APloss_sw = m::vpll'sw (11)
APloss_g = pigh (12)

Figure 14 compares the capillary force and
total pressure drop at the secondary wick at 10-30
W. The reservoir temperature is about 35 °C at 20
W from the No. 3 result, and the figure shows that
the pressure drop at the secondary wick is about
the same as the capillary force. At a heat load of
30 W, the pressure drop is larger than the capillary
force. This confirms that there is no significant
discrepancy between the test results and the
calculated results for the heat transport capability
of the secondary wick. To increase the heat
transport capability, it is necessary to reduce the
pore size while maintaining a high porosity.

Next, the heat transport performance of the
evaporator was evaluated based on the heat
balance in the evaporator. The heat load Q44
applied to the evaporator is roughly divided into
the evaporative heat amount Q.y,;, e€xpressed by
Equation (8), heat leakage Qicx and Q.qse INtO
the reservoir through the wick and evaporator case,
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Figure 15. Breakdown of the heat balance in
the evaporator at steady state for No. 1.

and heat loss Q,ss released to the ambient
through the evaporator's insulation. Each heat
amount can be calculated from the following
equations.

Qcase = Gcase (TEVA_ave - TRES_ave) (13)
Qross = Gloss(THBins - TAMB) (14)
Qwick = Qapply - Qev - Qcase - Qloss (15)

The breakdown of the heat balance in the
evaporator at steady state for test result No. 1 is
shown in Figure 15. It was confirmed that 80-95%
of the heat load was used as the evaporative heat
in each heat load region. The heat leakage through
the wick was also suppressed to less than 10% in
the heat load of 140 W or less, indicating that the
secondary wick effectively suppresses heat
leakage to the reservoir. To further reduce heat
leakage through the wick, the porosity of the
primary wick should be increased.

6. Conclusions
In this study, a primary/secondary wick-
integrated evaporator/reservoir was fabricated by

AM. LHP system was developed, and its heat

transport performance was demonstrated and

evaluated. The knowledge gained from this study
is listed below.

i) A primary and secondary wick-integrated
evaporator/reservoir was fabricated by AM
with a pore radius of 5.2 um.

ii) A step-up heat load test was conducted, and
a maximum heat transport capability of 170
W (heat flux: 11.3 W/cm?) and minimum
thermal resistance of 0.24 °C/W (at 90 W)
were achieved in the tilt angle of 0 deg.
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iii) The secondary wick's effectiveness was
verified by performing the step-up heat load
tests at different tilt angles. The heat transport
of up to 20 W was successfully achieved at
the tilt angle of 90 deg, and it was confirmed
that the test result largely agreed with the
calculation results.

The effect of sink temperature on heat

transport performance was verified, and it

was found that the evaporator thermal
conductance was independent of sink
temperature.

v) The evaporative heat transfer coefficient was
calculated, showing that a high heat transfer
coefficient of 15 kW/m?/K was achieved. The
secondary wick thermal performance was
evaluated, and it was shown that the heat
leakage through the wick was sufficiently
reduced.
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Abstract
To address the heat dissipation challenges of foldable wearable electronic devices, in this paper, we prepared
polyurethane flexible flat heat pipe using pouring technology, employing copper wire mesh as the wick and machining
it into a strip structure to achieve gas-liquid coplanarity. Infrared thermography was used to observe the capillary
climb phenomenon of the working fluid, and the gradient structure with different mesh counts of the wire mesh was
identified as the optimal wick structure through comparative experiments. The heat transfer performance of the heat
pipe at different tilt and bending angles was experimentally investigated. The results showed that the heat pipe could
achieve the optimal balance between evaporation and condensation processes when the filling ratio (fr) was 100% and
the tilt angle was 90< thus constructing an efficient and stable two-phase circulation mechanism. However, with the
increase of the bending angle, the flow resistance of the working fluid inside the heat pipe increases and the heat

transfer path became more complicated, leading to the increase in the overall thermal resistance of the heat pipe.

Keywords: Polyurethane flexible flat heat pipe; Infrared thermography; Capillary climb; Gradient structure wick;

Heat transfer performance

1. Introduction

With the rapid development of foldable and
wearable electronics in recent years, microelectronic
devices gradually exhibited a trend towards high
performance and miniaturization. However, as the
functionality and integration of the devices increased,
the heat flux generated internally also surged
significantly ™, particularly during the dynamic
processes of folding and unfolding, posing a
particularly tricky heat dissipation problem. Within
small and compact spaces and in complex operating
environments, traditional rigid heat pipes struggled to
keep pace with the escalating demand for heat
dissipation > 3. To confront this challenge, flexible
flat heat pipe technology commenced its rapid
development and gradually emerged as the premier
choice for solving the thermal management problems
of such electronic devices .

Current research on flexible flat heat pipes centered
on optimizing the shell material and the design of the
wick structure. Yang et al ®! utilized a metal cavity in
conjunction with a flexible copper foil as the shell
material for the evaporating, condensing, and
adiabatic sections, respectively, and employed UV-
curing adhesive sealing technology to fabricate a
novel flexible flat heat pipe. They thoroughly
examined the impacts of the filling ratio, bending
curvature, and bending angle on its heat transfer
performance. The study revealed that, under the
optimal filling ratio and horizontal operation, the heat
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pipe was capable of transferring up to 25 W with a
minimum thermal resistance of 0.99 K/W, and
maintained the ability to transfer 15 W even under
180°bending and a curvature diameter of 30 mm.
Zhang et al. © utilized copper as the evaporating and
condensing section shell material and epoxy resin
pouring in the adiabatic section to manufacture the
heat pipe, and investigated the thermal performance
of the heat pipe with varying filling ratios under
different tilting and bending conditions. It was found
that the most significant factor influencing the heat
transfer performance of the ultra-thin flexible flat
plate heat pipe was its internal volume, whereas the
tilt angle and bending angle had less impact. In
addition, Liu et al. " and Sun et al. ® both utilized
aluminum-plastic film for the shell material, but the
structure of the wick differed. The former employed
three layers of sintered stainless-steel mesh
accompanied by hot pressing technology to achieve
sealing, thereby reducing the contact thermal
resistance, while the latter combined multi-layer
copper mesh with porous microcolumns and utilized
hot pressing and bonding technology for
encapsulation. The results indicated that the flexible
flat heat pipe designed by Liu et al. not only achieved
a bending angle of 180< but also maintained a stable
heat transfer performance after repeated bending,
exhibiting a minimum thermal resistance of
0.525 T/W and a maximum effective thermal
conductivity of 1499 W/m K. Meanwhile, the heat
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pipe developed by Sun et al., with a thickness of 0.8
mm, boasted a maximum thermal conductivity of
1943.5 W/m K and a maximum heating power of
17.1 W. Within a bending range of 0°to 180< the
thermal conductivity fluctuation remained minimal,
preserving excellent heat transfer stability. It is
evident that the design of the internal wick structure
exerts a crucial influence on the heat transfer
performance of the heat pipe.

It is worth noting that, in the heat transfer process,
the flexible flat heat pipe required the utilization of the
high permeability of the wick to ensure rapid transport
of the working fluid, while also employing high
capillary force to guarantee adequate supply and
distribution of the working fluid within the wick
structure. However, a single wick structure inherently
exhibited either high capillary force but low
permeability, or high permeability with limited
capillary force. A composite wick structure, though
capable of balancing the relationship between
capillary force and permeability, was more complex
to process, and its enhancement of heat transfer
performance was limited. Consequently, this paper
proposed the use of a gradient structure wick,
achieved by combining different mesh counts, to
optimize the matching of capillary force and
permeability. Furthermore, an integrated pouring
process was utilized to fabricate a flexible shell with
a tight structure and excellent performance.

2. Experimental investigations

2.1. Experimental samples and systems

Due to the superior performance of polyurethane
material in terms of thermal stability, flexibility, and
strength, it was selected as the substrate of the flexible
flat heat pipe shell in this paper. In order to further
enhance the airtightness of the shell, the shell in this
study was poured using polyurethane solvent, with
the size of 90 mm x50 mm % 1.6 mm. The specific
pouring process was as follows: the polyurethane
solvent was mixed with the curing agent at the mass
ratio of 1:1 through a mixer, and then the mixed
solvent was slowly poured into the well-designed
shell plate mould of the heat pipe, with a 3 mm
diameter hole pre-drilled for the filling tube. The
mould was evacuated using a vacuum drier until all
air bubbles were removed. Finally, the filled mould
was transferred to the oven for curing, with the oven
temperature set at 60 <C for 90 minutes. Once cured,
the mould was allowed to cool naturally to room
temperature, and then it was removed for demoulding,
thus completing the casting and resulting in a
complete polyurethane flexible flat heat pipe
(PFFHP) shell.

In order to ensure that the wick could maintain its
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structural integrity during the bending and
deformation of the flexible flat heat pipe, and at the
same time possess good flexibility and capillary
properties, copper wire mesh was used as the material
for it in this study. Two types of structures were
designed: a single structure of wick (with the same
count of mesh) and a gradient structure of wick (a
combination of two different mesh counts). In order
to further optimize the flow paths of the gas and liquid
phases within the wick and reduce the flow resistance,
the copper wire mesh wick was designed in a strip
structure. The strip structure wick is illustrated in
Figure 1a, while the gradient structure wick is shown
in Figure 1b. Based on the relevant research results,
the optimal widths of the gas-phase and liquid-phase
channels were determined to be 1.5 mm and 2.5 mm,
respectively, at the wick height of 0.8 mm in this
» evaporator wick

experiment.
+ liquid phase channel
: s > Vapor phase channel
(@) strip structure (b) gradient structure

Figure 1. Schematic structure.

The specific mesh counts for the single and the
gradient structure wicks are detailed in Table 1.

Table 1. Type and parameters of the wick

Wick number Type A | TypeB
Wick material copper mesh
Wick size 80 x 40 x 0.8 mm?

Wick mesh count | 10#250 | 8#250+2#350

Note: a#th, where “a” represents the number of layers
and “b” represents the mesh count.

The designed wick structure was embedded
directly into the PFFHP shell, and the heat pipe was
sealed using a secondary pouring technique.

A capillary climb test setup, as depicted in Figure
2, was constructed to accurately evaluate the
influence of two types of the wick on the capillary
climb rate of the working fluid. This setup primarily
consisted of an infrared thermal imaging camera, a
lifting platform, a glass petri dish, a ruler, clamps,
wick samples, a computer, and a data acquisition
instrument.
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Figure 2. Schematic diagram of the capillary climb
test setup.

The experimental setup for the heat transfer
performance of the PFFHP was constructed, as
previously shown in Figure 3, and the entire system
consisted of a heating module, a data acquisition
module, a vacuum module, and a heat pipe sample.
The heat source was a ceramic heating plate (10 mm
»10 mm), which was stably powered by a DC power
supply. On the surface of the heat pipe, in the boxed
area depicted in Figure 3, eight thermocouples were
arranged to monitor its temperature distribution.
Specifically, T1 and T2 were positioned near the heat
source to measure the evaporating section
temperature, whereas T3, T4,and T5, T6, T7, T8 were
uniformly distributed along the axial position of the
upper shell of the heat pipe, tasked with measuring the
temperatures of the adiabatic section and the
condensing section, respectively. Furthermore, to
simulate the actual operating conditions of electronic
equipment, the system employed a natural convection
cooling method, utilizing common deionized water as
the working fluid. In order to minimize the impact of
heat loss on the heat transfer performance of the heat
pipe, the remaining portion of the PFFHP, excluding
the condensing section, was wrapped in thermal
insulation wool.

gl il

______ == :l_

rrrrrrrr

Figure 3. Experimental setup for the heat transfer
performance of the PFFHP.

Vacuum pump
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2.2. Data reduction and uncertainty

analysis
The thermal resistance, a crucial metric in
assessing the heat transfer performance of

polyurethane flat heat pipes, is derived through the
following formula:
To.e—T

e-ave c-ave

Q

In the formula, Teae represents the average
temperature at the evaporation section, Tcave
represents the average temperature at the
condensation section, and Q represents the heating
power.

To thoroughly investigate the impact of the
bending process on the overall heat transfer
performance of flat heat pipes, the following equation
can be utilized to calculate the vapor pressure drop
incurred as the vapor flows from the evaporation end
to the condensation section I:

R= (1)

APV:[C(f “Re, )4, JLQ
(rhv) A\/pvhfg (2)

In the formula, C represents the constant related to
the Mach number, f, represents the vapor friction
coefficient, Re, represents the vapor Reynolds
number, v represents the wvapor viscosity, rhy
represents the hydraulic diameter, A, represents the
cross-sectional area of the channel, p, represents the
vapor density, hy represents the latent heat of
vaporization, and Les represents the effective length
of the heat pipe.

When steam flows through curved sections,
additional hydraulic losses occur, which can be
quantified using the following equation:

35 2
hm={0.131+0.159(%j }9‘30;’—
)

In the formula, v represents the steam velocity, and
g represents the gravitational acceleration.

The filling ratio, defined as the ratio of the filling
volume to the pore volume of the wick structure, is
crucial for understanding the performance of the heat
pipe. Its calculation formula is as follows:

Ve @)

Before the experiment commenced, all measuring
devices were calibrated to ensure data accuracy. The
pressure sensors had a precision of #0.25%, the T-
type thermocouples had a precision of #).10<C, and
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the DC power supply voltage and current readings
had precisions of #1% and 0.50%, respectively.
Based on the formula proposed by Moffat R J 9, the
uncertainty of the thermal resistance of the
polyurethane flat heat pipe was calculated to be

1.03%.
2 1/2
] }
3. Results and discussion
3.1. Influence of the wick structure on
the heat transfer performance of
the PFFHP

Figure 4 showed infrared thermal image
observations, illustrating the rate of capillary climb
of the working fluid in the structures of type A and
B wicks. Given the different infrared emissivity of
water and copper at room temperature, the region
where water climbed appeared dark blue in the
infrared thermal image. The observation revealed
that the working fluid inside the gradient structure
reached a higher climb height within the same time
frame, clearly indicating that the gradient structure
significantly improved the capillary performance of
the type B wick compared to the type A wick.

This improvement stemmed from the gradient
structural design of the type B wick. The upper layer,
featuring a large porosity, facilitated the rapid entry
and filling of the working fluid by providing
sufficient flow space; while the lower layer,
designed with a smaller porosity, significantly
strengthened the capillary force, ensuring stably
maintained and slowly release of the working fluid
within the wick. This gradient distribution of
porosity not only directly improved the capillary
performance of the wick, enabling continuous and
stable climbing of the working fluid, but also
facilitated rapid flow through the high permeability
of the upper layer while ensuring the uniform
distribution within the wick through the low
permeability of the lower layer.

In the heat transfer process, the gradient structure
leveraged the capillary force to drive the transport
of the working fluid, accelerating the heat transfer
and diffusion, and effectively improving the heat
transfer efficiency of the system. Additionally, the
gradient design reduced the resistance encountered
by the working fluid during the transport process,
allowing for smoother flow and even distribution
within the wick. This optimized distribution further
enhanced the contact area between the wick and the
heat source, ultimately improving the overall heat
transfer performance of the system.

®)

i=1
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Figure 4. Capillary rise conditions.

Consequently, we conducted the heat transfer
performance test on the polyurethane flexible flat heat
pipe equipped with a gradient structure wick (G-
PFFHP).

3.2. Effect of the tilt angle on heat
transfer performance

Firstly, we tested the effect of the filling ratio (50%,
70%, and 100%) on the heat transfer performance of
G-PFFHP at the tilt angle of 0< as depicted in Figure
5, and the results indicated that G-PFFHP exhibited
the optimal heat transfer performance at this angle
when fr was set to 100%.

sol  TEAE100% —e— fi=T0% —+— fi=50%

2.6 F

R (K/W)

24+

22

2.0

0 ) 3 6 "
0(W)

Figure 5. Trend of thermal resistance with heating

power at different filling ratios.

Subsequently, we further investigated the influence
of inclination angles (90° and -909 on the heat
transfer performance of G-PFFHP at fr=100%, and
the trend of thermal resistance changes was depicted
in Figure 6. At the tilt angle of 90< the G-PFFHP
showed the best heat transfer performance, which was
primarily attributed to the synergistic effect of gravity
and the gradient structure wick. Gravity assisted the
flow of the working fluid, as its direction aligned with
the direction of the working fluid's return from the
condensing end to the evaporating end, effectively
reducing the risk of drying out at the evaporating end
and ensuring continuous wetting of the evaporating
interface, thereby significantly enhancing the heat
transfer efficiency. Moreover, the gradient structure
of the wick design amplified this benefit: the lower
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layer of 350-mesh copper wire mesh, with its fine
mesh structure, imparted robust capillary force,
becoming the crucial driving force for the working
fluid's return flow, even under high thermal loads,
ensuring its efficient pull-back to the evaporating end.
Meanwhile, the upper layer of 250-mesh copper wire
mesh accelerated the flow rate of the working fluid
through its high permeability, shortening the retention
time in the wick and enabling the evaporation-
condensation cycle to proceed faster.

However, when the thermal load surpassed 4 W,
the thermal resistance of the G-FFHP at 90 tilt
abruptly increased. This was most likely due to the
extreme evaporation phenomenon triggered by
overheating at the evaporation end, rapidly depleting
the working fluid near the evaporation interface.
Despite the potent capillary force of the wick's
gradient structure, timely replenishment of sufficient
working fluid to meet the evaporation demand
became challenging, leading to partial or complete
drying out of the evaporation interface, diminishing
heat transfer efficiency and elevating thermal
resistance. Furthermore, a copious amount of vapor
bubbles generated at the evaporation end under heavy
heat load may have accumulated in the wick, forming
a blockage that further impeded the flow of the
working fluid and heat transfer. Simultaneously, the
capillary force of the lower layer of 350-mesh copper
wire mesh may have reached saturation, unable to
further accelerate the reflux of the working fluid;
whereas the upper layer of 250-mesh copper wire
mesh, despite its high permeability, could not fully
function due to the vapor bubble blockage or
insufficient working fluid.

3.0
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Figure 6. Variation of thermal resistance with heat
load at different tilt angles.

3.3. Effect of the tilt angle on heat
transfer performance
Since flexible flat heat pipes were usually bent in
practice, we further investigated the effect of the
bending angle (45 and 909 on the heat transfer
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performance of the G-PFFHP at fr=100%, and the
trend of its thermal resistance is shown in Figure 7.
As shown in the figure, it could be seen that the
thermal resistance increased with the bending angle at
different bending angles. This was due to the fact that
at small bending angles (e.g., 0=and 459, the vapor-
phase and liquid-phase channels within the G-PFFHP
remained relatively straight or were slightly curved,
which facilitated the smooth flow of the working fluid
(a mixture of liquid and vapor) in the wick, thereby
reducing flow resistance and ensuring efficient heat
transfer. However, as the bending angle grew,
particularly when it reached 90< the internal channels
of the heat pipe underwent significant bending, which
not only shortened the length of the straight sections
but also enlarged the radius of curvature of the flow
channels. This resulted in increased centrifugal and
frictional forces that had to be overcome by the flow
of the working fluid. The formation of local vortexes
or reflux zones at the bends further aggravated the
flow resistance, slowing down the circulation speed
of the working fluid and impairing the effective
transmission of heat.

From a heat transfer perspective, the heat transfer
path at small bend angles was relatively direct and
efficient, relying on the efficient conduction and
convection of the liquid in the vapor chamber and the
wick. However, as the bending angle increased, the
heat transfer path became more complicated, and heat
had to bypass additional bending segments,
increasing the path length and complexity while
decreasing heat transfer efficiency. Simultaneously,
the augmentation of flow resistance and the
complexity of the heat transfer path led to heightened
energy loss and heat loss during the heat transfer
process. Additionally, there might have been heat
accumulation and an increase in the temperature
gradient at the bending sections. These factors, in
concert, contributed to the rise in thermal resistance.

Furthermore, the enlargement of the bending angle
also impacted the phase transition process within the
heat pipe. At the evaporating end, heat was absorbed
to convert the liquid mass to a gaseous state, while at
the condensing end, the gaseous mass released heat
and condensed. The increase in the bending angle
disrupted the equilibrium and efficiency of the phase
change process. Moreover, the heightened flow
resistance may have diminished the pressure
difference between the evaporating end and the
condensing end, thereby affecting the steam flow rate
and condensation effect, and ultimately, adversely
influencing the heat transfer performance of the heat

pipe.
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Figure 7. Variation of thermal resistance with heat
load at different bending angles.

4. Conclusions

In this paper, a new type of flexible flat heat pipe
was manufactured by the pouring method, and its
internal wick was constructed from copper wire
mesh. The influence of the wick structure on the
transport of the working fluid was analyzed using
infrared thermography, and the effects of tilt angle
and bending angle on the heat transfer performance
of the PFFHP under the optimal filling ratio were
experimentally  investigated. ~ The  primary
conclusions that were drawn are as follows:

(1) In comparison to the single-structure wick
with uniform mesh count, the gradient-structure
wick featuring varying mesh counts was more adept
at balancing the mutually constraining relationship
between capillary force and permeability.
Consequently, the working fluid ascended to a
greater height within the same timeframe, ensuring
a more robust transport capacity.

(2) The PFFHP exhibited optimal heat transfer
performance at a filling ratio of 100% and a tilt
angle of 90< The tilt angle significantly impacted
the flow of the working fluid and the efficiency of
heat transfer. By optimizing the filling ratio and tilt
angle, an efficient and stable two-phase circulation
mechanism could be established.

(3) The increase in the bending angle led to a
significant increase in the thermal resistance of the
heat pipe due to impeded working fluid flow, vortex
phenomena, complexity of the heat transfer paths,
and a decrease in the efficiency of the phase change
process.
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Abstract

A single pulsating heat pipe (PHP), having an inner diameter tube of 1 mm, has been experimentally tested at low
temperature with two different cryogens. The tests consist of measuring the thermal performance of this heat pipe
with neon and helium as working fluids. For neon, the Bond number is around 2.5 and for helium, it is close to 12.
The idea behind this study is to investigate the functioning of a cryogenic PHP at Bond number much higher than 4 —
the well-accepted design limit. This paper presents the results in vertical and horizontal orientations and for different
filling ratios. It has been demonstrated that at a diameter well above the classical Bond number criterion, a cryogenic
PHP is operational. At best, the helium PHP is able to transfer heat with a thermal resistance in the range of 1 K/W in
vertical orientation. Although the evaporator enters the supercritical regime at few instances, it is observed to
successfully transport heat — perhaps not in “true” PHP mode. The neon PHP exhibits a thermal resistance four times
lower in vertical orientation and, unlike helium PHP, always remains within the saturation dome. Horizontally both
PHPs showcase relatively higher thermal resistance values.

Keywords: Cryogenics; Pulsating heat pipe; Bond number criteria; Experimental study

1. Introduction multi-layer insulation are employed to enclose the
For small size and low power (below 20 W) PHP thereby inhibiting radiation heat in-leak, which
cryogenic system, such as superconducting magnet, can be of the order of several watts if not intercepted.
alternative solutions to liquid cryogen cooling using These PHPs have cryocoolers connected to the
refrigerators (generally called cryocoolers) are condenser for the cold source. As a result, maximum
pursued to simplify the cryogenic scheme and performance capacity of cryogenic PHPs is at the
operation. It has also the advantage to make the moment limited by the cryocooler capacities
overall system compact and autonomous. The provided by the manufacturers. This necessitates the
cryogenic design is therefore different and requires optimization of the performance of cryogenic PHPs
the use of efficient and passive thermal link between based on the geometric dimensions.
the cryocooler's cold tip and the system to be cooled. The present study focuses on development of a
Several solutions exist and are under investigation. single cryogenic PHP that can operate with two
One of the most promising thermal link, developed working fluids. The target application is High-
by CEA Paris-Saclay, is the cryogenic fluid based Temperature Superconducting (HTS) magnet that
Pulsating Heat Pipes [1-5]. can operate around 20-30 K but would produce high
The working physics of room temperature and magnetic field at helium temperature [7, 8]. The
cryogenic PHPs remains the same except for the main idea is use the same PHP to permit the
differences due to the intrinsic properties of superconducting magnet to work at neon and helium
cryogenic fluids [6]. However, the experimental temperature (27 K and 4 K respectively at saturation
measurements of cryogenic PHPs are relatively condition and 1 atm. pressure). These cryogenic
more complex and dissimilar. The tests have to be fluids are chosen for working temperature range and
conducted at temperatures below 120 K safety reason (no hydrogen). The design for the
(- 153.15 °C) and as low as 2.3 K (- 270.85 °C) if capillary tube diameter for neon is obtained from the
helium is employed. The foremost challenge is the classical Bond number  criterion  [9-11].
cool-down from room temperature to such low Accordingly, the PHP is fabricated from a 1 mm
values which is a time-consuming process (one inner diameter tube that equates to Bo~ 2.5 [12-13].
week for our study). Moreover, the PHP must be In the goal of studying large Bond number PHP
placed in a cryostat where high vacuum of the order performance, the same PHP has been tested in
of 10° mbar is maintained to annihilate thermal helium [14]. This tube size renders a relatively very
convection. Additionally, radiation shield and high Bond number of 12 if helium is employed. This
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work presents the experimentally measured thermal
and hydraulic performance of the same cryogenic
PHP operational with both neon and helium in
horizontal and vertical orientation and at varying
filling ratios.

2. Cryogenic PHP design

The PHP tube is made of stainless steel SS316L
and is wound between the evaporator and condenser
in 10 turns. The total length of the PHP tubing is
around 8.5 m with only one soldered connection at
the T-joint as shown in Figure 1. This T-joint
connects the PHP to the feeding tube. The overall
PHP length is 0.44 m long with an adiabatic part of
0.2 m. The tubing wound is only 0.4 m long, so the
bends are completely embedded in the evaporator
and condenser (depicted in Figurel). The
condenser and evaporator, made of oxygen free
electronic (OFE) copper, are identical in length with
0.12 m and are specifically machined to embed the
PHP tubes. Details of the cryogenic PHP have been
specified in Table 1.

. SR
Figure 1. Pictures of the tubing alone (left) and
with the evaporator and condenser (right).

Table 1. Specifications of the fabricated
cryogenic PHP.

Working fluids (condenser | Neon (27.1 K)
temperature) Helium (2.3-5.1 K)
PHP tube inner diameter 1 mm
Number of PHP tubes 20

PHP tube material SS316L_ann
Projected PHP tube length 0.40m
Projected overall length 0.44 m
Length of PHP embedded in | 0.10 m
condenser/evaporator

Condenser/evaporator OFE copper
material

Condenser/evaporator length | 0.12m
Adiabatic part length 0.20m
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3. Experiment test-rig

In order to experimentally investigate the
cryogenic PHP, a test-rig has been developed in-
house. 3D rendering of the cryostat is shown in
Figure2. The two-stage Gifford-McMahon
cryocooler (Make: Sumitomo, Model: RDE 418-D4
4 K) at the condenser provides a maximum cooling
capacity of 18 W for neon and 1.8 W for helium
temperature range (@ 50 Hz). Flexible Kapton
thermofoil heaters are glued onto the evaporator to
stimulate the heat load. Specialized cryogenic low
temperature  sensors  (Cernox®) record the
temperature evolution of the condenser and the
evaporator while a room pressure transducer located
at the entry of the gas feedthrough pipe displays
global pressure of the PHP.

&)

Two-stage GM

Cryocooler
Cryocooler - ‘

T s Cryostat
Cryocooler { — Radiation shield
2ndstage |\ M.

Filling tube —— Condenser
——— Adiabatic part
Evaporator
Figure 2. 3 renderin of cryostat for

experimental testing of cryogenic PHP.

To intercept the room radiation, radiation shield
combined with fifteen layers of superinsulation are
thermally connected to the first stage of the
cryocooler which is at around 50 K. The PHP itself
is wrapped around superinsulation to minimize
parasitic heat load that are in the order of ~33 mW
and for neon and ~50 mW for helium temperatures.
Another heat load that must be inhibited is the
incoming heat in-leak from the wiring running
between the room temperature feedthrough and
cryogenic instrumentation. The wires, therefore,
have larger length (few meters long) and
thermalized intermittently resulting in heat in-leak
of ~40 mw for neon and ~310 mW for helium
respectively.

External to the cryostat (Figure 2), the test-rig
consists pumping units for vacuum insulation and
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PHP filling ratio adjustment, a data acquisition
system and a gas filling equipment for both fluids as
pictorially shown in Figure 3. The filling ratio (FR),
defined as the ratio of the volume of liquid to the
total PHP volume, is adjusted via a controlled
pressure buffer fed by the gas reserve. The rig also
allows changing the orientation of the cryostat from
vertical to horizontal and vice-versa for both fluids.
Some of the intrinsic fluid properties of neon and
helium have been enlisted in Table 2.

o

Figure 3. Picture of the test-rig with the cryostat
in horizontal orientation (top). Pumping system
and the two gas buffers (left center), DAQ (right
center) and gas reserves (right).

Table 2. Thermophysical properties of neon and

helium.

Working fluid Neon | Helium
Saturation temperature* 27.1 4.22
Critical temperature (K) 44.4 5.2

Critical pressure (bar) 26.53 2.27
Freezing temperature (K) 24.5 <2
Freezing pressure (bar) 0.43 25.3
Density liquid (kg/m?3)** 1207 125
Density vapor (kg/m3)** 9.58 16.8

* at atmospheric pressure
** at saturation and atmospheric pressure

The foremost task is to cool-down the PHP from
room temperature to the desired cryogenic
temperature. As the cryocooler is turned on, the
PHP condenser takes about 8 hours to reach low
temperatures while the evaporator takes few days
(owing to the SS316L adiabatic part). The cryostat
vacuum is maintained in the range of 10 mbar.
Another flexible Kapton thermofoil heater is added
on the cryocooler second stage so that its
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temperature can be controlled when neon is
employed in the PHP. Once all the equipment
within the cryostat has reached steady cryogenic
temperatures, the PHPs are ready to be filled with
the working fluid.

4. Results and Discussion

The tests are commenced with neon as the
working fluid — first in vertical orientation having
bottom heating mode followed by horizontal
orientation. Same PHP configuration is then tested
with helium as the operating fluid. The PHP thermo-
hydraulic performance is mapped for different
filling ratios and at varying evaporator heat load (0-
20 W for neon and 0-1.5 W for helium).

For the first test set of neon PHP, the condenser
temperature is regulated at 27.1 K (- 246.05 °C) —
which corresponds to the saturation temperature of
neon at atmospheric conditions. Several FRs in
range of 10% to 90% are tested with systematic
addition of evaporator heat load (each step held for
30 minutes).

The temperature of the evaporator and the global
pressure are seen to rise with increase in the
evaporator heat load. Figure 4 (a) and 4 (b) illustrate
sample  time-evolution  profiles of  the
experimentally recorded temperature difference
between evaporator and condenser (AT) and the
global pressure respectively for neon PHP with FR
of 20%, 40% and 60% both in vertical and
horizontal orientation.

Below FR of 20%, dry-out of the PHP is
observed. Lower is the FR, smaller is the heat load
at which the dry-out occurs. Horizontally oriented,
dry-out occurs at relatively lower heat loads with the
same FR values as of vertical orientation. Above FR
of 20%, this heat pipe is able to transfer up to 18 W
before reaching the maximum extraction power of
the cryocooler. However, at few instances of higher
heat load with higher FR, the pressure reaches above
the mechanical safety pressure limit which is when
the test is immediately terminated.

It can be seen from Figure4 (a) that at no
evaporator heat load, the PHP condenser and
evaporator are in equilibrium. Their temperature
differenceis in the order of ~40-120 mK. During the
functional range of up to 18 W, depending on the
PHP orientation, a maximum AT of 6 K is recorded.
Beyond 18 W, cryocooler is unable to regulate the
condenser temperature and its temperature rises
rapidly reflecting a drop in AT. In regards to the
global pressure, it rises to 2.5 times that of the
atmospheric pressure.

Comparing the performance of the neon PHP
between its vertical and horizontal placement, for
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same FR and evaporator heat load, the PHP
evidentially maintains a higher AT in horizontal
orientation than wvertical. Likewise, the PHP
oscillations are more distinctly seen in horizontal
orientation.
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Figure 4. Time-evolution of (a) evaporator-
condenser temperature difference (b) global
pressure across the neon PHP as a function of
evaporator heat load, filling ratio and orientation
(V=Vertical and H=Horizontal).

Literature review reveals that few works have
experimentally reported a functional cryogenic
pulsating heat pipe at diameters above that of the
critical diameter based on the Bond number
criterion [3-5, 15-18]. The diameters corresponds to
Bond number values in the range of 5 to 6 [14]. This
prompted the authors’ interest in exploring the
functionality of cryogenic PHPs with relatively high
Bond number. Using the PHP diameter of 1 mm
with helium renders a Bond number value close to
12. Initial trial tests conducted with helium PHP in
vertical orientation showcased it to be indeed
operational. Furthermore, the helium PHP was also
observed to function in horizontal orientation.
Systematic tests were thereafter conducted at
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various FRs. Figure5(a) and 5 (b) presents the
time-evolution curves of evaporator-condenser
temperature difference (AT) and the global pressure
for helium PHP both in vertical and horizontal
orientation depicted at few FRs (20%, 35% and
65%).

As the cryocooler second stage can attain a lowest
temperature of 2.3 K (- 270.85 °C), the condenser
temperature is not regulated for testing the PHP with
helium. Its cooling capacity in this temperature
range is also significantly lower than that of neon
which is why the imposed evaporator heat load
range is only until 1.5 W. From no load condition,
the heat load is gradually increased by 0.1 W and
held constant for 30 minutes. Beyond 1.0 W, each
heat load is imposed for 15 minutes. Both the
condenser as well as the evaporator temperature rise
with the gradual addition of evaporator heat load.
The PHP is observed to re-adjust itself at larger
evaporator-condenser temperature difference and
pressure for higher heat load (Figure 5).
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Figure 5. Time-evolution of (a) evaporator-
condenser temperature difference (b) global
pressure across the helium PHP as a function of
evaporator heat load, filling ratio and orientation
(V=Vertical and H=Horizontal).
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The helium PHP also undergoes dry-out at FRs
below 20% in vertical orientation. Around FR of
20%, sudden large amplitude oscillations are
recorded (at 0.6 W and 0.7 W) in which the fluid in
the evaporator is seen to oscillate between the super-
critical and saturation/superheated states of helium.
This peculiar behavior is validated by multiple
repeatability tests conducted on different days. It has
also been found by other authors [19, 20] that have
experimentally tested helium PHP but with tube
diameter satisfying the Bond number criterion of
Bo < 4. At all other FRs up to 90%, helium PHP is
operational and does not experience dry-out.

However, for heat load from 1.0W, the
evaporator temperature or the global pressure (or
both) rise above the helium supercritical
temperature and pressure values while the
condenser remains in the saturation region. Even so,
at some instances, the characteristic pulsations of
PHP are recorded and it still successfully transfers
heat. This is again similar to the characteristics
reported by other works on helium PHP where the
Bond number criterion is respected [19-22]. Even
for some room-temperature fluids like ethanol [23]
and FC-72 [24], the transition to supercritical states
has been observed — but under micro-gravity!

In horizontal orientation, the PHP fails to start
until 35% FR (this is why there is no data for
H_20% in Figure 5) — in which case too the PHP
sees a quick dry-out at just 200 mW of heat load.
Furthermore, unlike the vertical orientation in which
the PHP operates until 1.5W of evaporator heat
load, horizontally a maximum of 1.0 W could be
imposed at 55% FR [14]. It is observed to function
in supercritical state at much lower heat loads than
when operated vertically.

The  experimentally  obtained  thermal
performance data for neon as well as helium PHP
is expressed in terms of thermal resistance which
is evaluated as the ratio of evaporator-condenser
temperature  difference  and the imposed
evaporator heat load. This has been depicted
graphically in Figure 6 against varying evaporator
heat load for both neon and helium PHP oriented
vertically and horizontally.

For the fabricated PHP geometry and neon as
the working fluid, the lowest thermal resistance
has been found at maximum heat load of 18 W for
FR of 40%. This is why, so as to highlight the
difference, data for 40% FR has been showcased
for all cases except for helium-horizontal for
which the data was not available at 40%. Instead,
it has been presented at 35% and 45% FR.

It can be evidently seen from Figure 6 that neon
PHP has thermal resistance quantitatively in lower
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range than the same diameter helium PHP
(0.20 - 0.72 K/W vs 0.91 — 24 K/W respectively).
For both working fluids, PHP in horizontal
orientation is observed to have higher thermal
resistance than when placed in a gravity-assisted
vertical orientation. Furthermore, while the neon
PHP always functions within the saturation
regime, the helium PHP is seen to enter
supercritical state (marked in Figure 6) at several
instances and still operate.

100

—o— Neon-Vertical-FR 40.0%
Neon-Horizontal-FR 40.6%
0— Helium-Vertical-FR 40.6%
Helium-Horizontal-FR 35.4%
—0— Helium-Horizontal-FR 46.4%

-
o
T

Zone Ty, > T,
Zone Ty, > T and Ppyp > P,

[«}

]
[+}

8
8

NEO

Thermal Resistance (K/W)

o
T 0—_ —0—0-0-0-0 ox,

0.1 Lt 1 1
0.1 1 10

Evaporator Heat Load (W)

Figure 6. Thermal resistance against homogenous
evaporator heat load for mono-sized PHP
operational with both neon (shaded green zone)
and helium (shaded yellow zone) at FR of
approximately 40%. For helium, zone where only
the evaporator temperature and where both
pressure as well as the evaporator temperature are
in supercritical regime are marked.

It is interesting to note that neon-vertical, neon-
horizontal and helium-vertical have thermal
resistance values of 0.27 K/W, 0.53 K/W and
1.01 K/W respectively at 1.0 W of evaporator heat
load. In other words, neon-horizontal has 2 times
and helium-vertical has 3.7 times higher thermal
resistance than that of neon-vertical for same PHP
configuration, filling ratio and evaporator heat
load.

On another note, successful long duration tests
stretching several hours (~100 hours for neon PHP
and ~65 hours for helium PHP) with constant
filling ratio and evaporator heat load have been
conducted [13,14]. The PHP pressure and
evaporator temperature are observed to be in
steady range throughout the test duration. This
demonstrates the stability and reliability of this
cryogenic PHP in long run.
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5. Conclusions

This work establishes that a helium-based
cryogenic PHP is operational even when the Bond
number considerably overshoots the
conventionally-set limit value of 4. This PHP,
initially designed to meet Bond number criterion
for neon as the working fluid, exhibits the same
characteristics as those observed generally in
helium PHPs. However, the exact effect is
difficult to ascertain and needs visualization aide
to determine when and if the PHP is in ‘true’
pulsating mode. This is not a straightforward task
in cryogenics owing to the complexities associated
in barring the undesired heat in-leaks. Similar
large diameter tests must be conducted with other
cryogens as well in order to explore usage of a
single PHP working with several cryogenic fluids
thereby attracting more applications of cryogenic
PHPs.
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Abstract

Cryogenic heat pipes have been of great interest for thermal management of space applications involving
cooling and thermal control of optical surfaces, infrared scanning systems, large superconducting magnets,
etc. However, the development of cryogenic heat pipes is more challenging than ambient temperature or
liquid metal heat pipes, due to the relatively low surface tension of candidate working fluids and their high-
pressure values that present the safety challenges during the storage. In this study, the design, fabrication,
and demonstration of a constant conductance heat pipe (CCHP) that uses methane as the working fluid is
conducted to carry a design power of 15 Watts in the operational cryogenic temperature range of 100 — 140
K. Funded by NASA Goddard Space Flight Center (GSFC), Advanced Cooling Technologies Inc (ACT)
has developed a methane CCHP using axial grooved structures for efficient capillary pumping of otherwise
low surface tension methane working fluid. The thermal performance testing demonstrated that the
cryogenic heat pipe can carry about 3 times the required power, i.e., 45 Watts, for up to 0.762 ¢cm (0.3”) of
inclination against gravity, about three times the space qualification of 0.254 cm (0.1”). Steady isothermal
heat pipe operations were observed with less than 5 Kelvin temperature drop for a 1.42-meter (56”) length
heat pipe.

Keywords: Cryogenic heat pipe; methane; thermal management; grooves

1. INTRODUCTION
Various space applications and instruments 2. DESIGN AND FABRICATION

require efficient thermal management at low Figure 1 shows the design of the Methane CCHP
(cryogenic) temperature levels.!> Therefore, the and associated components. The design
development of cryogenic heat pipes is of great requirements identified for the development of
interest. Primary challenges in the design of methane CCHP are as follows:

cryogenic heat pipe based thermal management
system is the high pressures of the working fluids at
room temperature or storage temperatures. In
addition, popular cryogenic working fluids such as
nitrogen, methane, etc., have low surface tension
thereby offering additional challenges particularly
in space configurations where the liquid return to
evaporator is governed by the capillary action. As a
result, significant attention has been given to wick
structures that enable efficient pumping of
cryogenic liquids. Existing studies®” have identified

1. Operating temperature: 100 — 140 K

2.  Minimum power carrying capacity: 15 Watts.

3. Steady state operations at space orientation
ie., 0.254 cm inclination against gravity
during ground testing.

4. Heat pipe dimensions: 1.1 meters (44”)

evaporator and 0.3 meters (12”’) condenser

with no adiabatic section.

Storage temperature of about 333 K

6. Factor of safety of 4 or higher

b

Pressure Transducer

the lack of appropriate wick structure designs to T =
efficiently pump low surface tension fluids such as i | #Mql)t, sresenver
methane, nitrogen, argon, etc. as the most critical Condenser needed) 2 =
aspect of cryogenic heat pipe development. In this '%% o ¢ m; ™ e
NASA GSFC-funded work, ACT developed a et o condctie st S
cryogenic constant conductance heat pipe using fiting

Figure 1. Schematic representation of methane
CCHP design and associated components
Figure 1 shows that the aluminum envelope of
methane CCHP is connected to a stainless-steel
reservoir via a stainless-steel to aluminum

axial groove structures and methane as a working
fluid. Using ACT’s proprietary groove design,
detailed investigation into the performance of
methane constant conductance heat pipe is
conducted.
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bimetallic Vacuum Coupling Radiation (VCR)
fitting. Higher operating pressures of methane gas at
ambient and storage temperatures require the
addition of a reservoir. Figure 1 shows a stainless-
steel reservoir used to accommodate the higher
pressure of methane gas at room temperature and
temperature values suitable for transport. Assuming
a storage temperature of 333 K, reservoir sizing is
determined by the maximum pressure in the system.
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Figure 2. Reservoir sizing.

Figure 2 shows the variation of pressure in the
system with maximum temperature for various
sizes of the reservoir. The reservoir size is decided
by designing the system for a factor of safety of 4.
The maximum allowable pressure in the system is
calculated using Barlow’s prediction. For a
maximum temperature of 333K, the maximum
allowable pressure in the system is calculated to
be around 3700 psi. Accordingly, a reservoir size
with volume that is three times the volume of heat
pipe, is chosen to generate a maximum pressure in
the system to be below 750 psi, thereby achieving
a factory of safety of 4 or higher.

Reservoir

N 3 ’( ;.

Figure 3. Fabrication and assembly of
methane CCHP system.
Figure 3 shows the as-fabricated methane CCHP
with associated components. The heat pipe side is
made of aluminum with a bimetallic fitting in
between to connect to the components made of
stainless steel. A pressure transducer is installed to
monitor pressure at all times, during testing and
storage. The heat pipe assembly is positioned on a
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non-conductive platform to minimize conductive
heat losses.

3. RESULTS AND DISCUSSION

The performance characterization of the methane

CCHP was conducted by monitoring the
temperature profiles on the heat pipe assembly.
Pressure Transducer ¢
Valve for recharge l SS reservoir
working fluid (if o7 (1615

A

i

needed) —

a
N =_—

Low-conductive platform

SS coil

Al/SS Bimetallic VCR
fitting

Setup for testing the Methane CCHP inside the ACT vacuum chamber.

Figure 4. Thermocouple map

Figure 4 shows the relative position of all the
thermocouples on the heat pipe system. A total of
11 thermocouples are located on the evaporator,
three on the short condenser, and three on the
reservoir and pressure transducer. During testing,
it was observed that reservoir and pressure
transducer remain relatively warm = with
temperature above 288 K due to lack of working
fluid and very low thermal conductivity of the SS
coil.

TC location

(a)

‘Up’ configuration

Tttt TR R

(b)
4333333333383

‘Upside-down’
configuration

TC location

Figure 5. two configurations studied: 'up' and
'upside down'.

The testing was conducted for two configurations
of the heat pipe, namely, up and upside down.
These two configurations enable us to characterize
the effects of potential puddle formation due to de-
wetting of the grooves, as discussed later.

During testing, a number of parameters are varied
to study the performance of the methane heat pipe.
Given the primary objective of the study is to
develop methane CCHP for space applications,
the testing is conducted at several inclinations
against gravity. It is noted that in this paper, a
select set of results are discussed in which the
values of inclination against gravity are 0.1° (i.e.,
~0.17), 0.2° (i.e., ~0.2”), and 0.4° (i.e., ~0.4”). In
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an against gravity inclination case, the condenser
end is below the evaporator end. For reference, it
is noted that inclination against gravity of 0.1”
corresponds to the space qualification. Next, a
working fluid (methane) amount with 2% margin
of undercharged heat pipe is used. For a cryogenic
heat pipe with low surface tension working fluid
such as methane, the possibility of puddle
formation due to excess liquid is high. To avoid
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this situation, an undercharged heat pipe
configuration is suitable. For each set of
parameters, both the up and upside down
configurations are testes. For each test, the power
is varied from 10 Watts to 75 Watts. For each case
transient variation of temperature is noted along
with maximum temperature difference on the heat

pipe.
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Figure 6. Performance of methane CCHP for 0.1° inclination against gravity orientation.

Figure 6 shows the case of 0.1° inclination against
gravity with both up and upside-down
configurations. It is evident from Figure 6 that the
evaporator and condenser temperatures are close
to 120K. For all power values covered in the test,
the maximum temperature difference any two
locations on the heat pipe are less than SK. For a
56” long heat pipe a maximum temperature
difference of less than 5K indicates an isothermal
performance. For both up and upside-down

6

3

configuration, the heat pipe is working with
minimum temperature gradient between the
evaporator and condenser sections of the heat
pipe. However, the maximum temperature
difference between any two locations on the heat
pipe is higher for the case of upside-down
configuration compared to up configuration. The
slight variation in the maximum temperature
difference indicates towards the puddle formation.
To elucidate the effects of puddle formation of the
working fluid, the inclination against gravity is
increased as follows.
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Figure 7. Performance of methane CCHP for 0.2° inclination against gravity orientation.

For the case of 0.2° inclination against gravity, the
performance of heat pipe remains same with close
to isothermal behavior and a maximum
temperature difference of less than 5K for both up
and upside-down configuration. However, the
maximum temperature difference on the heat pipe
is greater for upside-down configuration than in
Up configuration
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up configuration. The continued similar difference
in the maximum temperature difference on the
heat pipe is an indication of potential puddle
formation. To gather more information, and to
highlight the effects of puddle formation, the
inclination angle is increased to 0.4°.
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Figure 8. Performance of methane CCHP for 0.4° inclination against gravity orientation.

64



Joint 22* International Heat Pipe Conference & 16™ International Heat Pipe Symposium
24% 28 November 2024, Nakhon Pathom, Thailand

Figure 8 shows the variation of temperature with
time for various power increments. For the up
configuration at 0.4 ° inclination of the pipe
against gravity, isothermal conditions with
maximum temperature difference of less than 5K
are observed. This consistent performance in
comparison to lower inclination angles indicates
normal operations. However, in the upside-down
configuration, a local dry out is observed at about
50 Watts power input. Figure 8 shows that
temperatures at two locations on the evaporator
are rising with time uncontrollably. In addition,
thermocouple 1 begins showing an abrupt rise in

TC location

temperature followed by thermocouple 2. Both
thermocouples are located at the beginning of the
evaporator. In a local dry out, a section of the
evaporator is dried of liquid leading to superheated
region and sudden rise in temperature. The local
dry out is mitigated by reducing the power back to
40 Watts when the thermocouples 1 and 2 are
replenished with liquid and normal operations
resume. The difference in performance between
the upside-down configuration and up
configuration indicates higher chances of puddle
formation.
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Figure 9. Summary of methane CCHP performance and comparison against predictions.

Figure 9 offers a summary of the methane CCHP
tests conducted at various powers, inclinations,
and two configurations. The overall performance
of the methane CCHP is compared against a
theoretical prediction. It is seen from Figure 9 that
for the case of 0.4° inclination against gravity, the
theoretical prediction indicates that the heat pipe
should not carry any power. However, the pipe
carried about 75 Watts of power without drying
out in up configuration, and up to 40 Watts of
power before drying out in upside-down
configuration. Such significant difference points
to two possibilities: 1. Partial drainage of grooves
leading to puddle formation, 2. Huge errors in the
theoretical predictions.

In figures 6, 7, and 8, insignificant variation of
temperature with time for increasing power is
investigated through numerical analysis. The
evaporator and condenser sections of the heat pipe
are analyzed by conducting numerical simulation.
Figure 10 shows the numerical simulation setup
and discusses the results in terms of temperature
variation with time for various power input values.
It is evident from Figure 10 that due to lower heat
flux values, the rise in temperature with time as the
power increases in insignificant. The non-
dominating temperature rise can be verified by
overlapping the experimental performance in the
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results obtained from numerical analysis, as
shown in Figure 10.
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Figure 10. Numerical simulation of
temperature rise in evaporator and condenser
sections.

The effects of puddle formation that affects the
performance of methane heat pipe is illustrated
through the following figure. Assuming complete
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drainage of the grooves, the condenser end is filled
with working fluid and evaporator end shows
multiple grooves drained of liquid.
Angle: 0.4° against gravity
Condenser end Evaporator end

Figure 11. Puddle formation resulting from
complete drainage of grooves.

Such as configuration with complete drainage of
grooves leading to the formation of puddle could
significantly hinder the performance of cryogenic
heat pipe. Further investigation, possibly with
significant undercharging of heat pipe, and
careful considerations of the effects of puddle
formation on the performance of heat pipes are
needed.

4. CONCLUSIONS

In this study, Advanced Cooling technologies,
Inc. demonstrated design, fabrication, and detailed
testing of a cryogenic constant conductance heat
pipe (CCHP) that used methane as a working fluid.
Using proprietary groove design, the performance
of the methane CCHP is evaluated for various
inclinations against gravity, various power input
values, and two configurations namely up and
upside-down. Through testing it was observed that
the pipe operated with maximum temperature
difference of less than 5K and carried about 75
Watts of power as opposed to the design
requirement of 15 Watts. In addition, extensive
testing revealed that there is a possibility of partial
or complete drainage of working fluid leading to
puddle formation.
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Abstract

Commercial adoption of oscillating heat pipes (OHPs) has been slow due to challenges in operational predictability and
stability. Since 2007, ThermAvant Technologies has focused on developing manufacturing processes, operational
modeling, and qualification testing for a wide range of OHP applications. These OHPs vary from small high-flux heat
spreaders to over 1-meter long heat transporters and can serve as dual-purpose structural and thermal systems. The
operational limits model was essential for creating a predictable design and was validated using extensive data from both
ground and orbital testing, including an on-orbit experiment conducted between 2017 and 2019. In 2021, these efforts
culminated in the integration of an OHP into a commercial satellite, marking a significant advancement in OHP technology
for space-based thermal management solutions. This paper presents these advancements and discusses these commercial

OHP applications.

Keywords: Oscillating Heat Pipe; Pulsating Heat Pipe; Commercialization; Heat Spreader; Heat Transporter

1. Introduction

The oscillating heat pipe (OHP), also called a
pulsating heat pipe (PHP), was invented and
patented in 1990 by Akachi [1-4]. Since then,
substantial progress has been made in academia and
industry to better understand OHP operating
characteristics. Despite these advancements,
commercialization remained limited until recently
[5-10]. This hesitation stemmed from concerns
over the OHP’s predictable operating limits,
operational stability, repeatability, and limited
heritage.

Since 2007, ThermAvant Technologies has
sustained focus on addressing these concerns
regarding the OHP’s commercial viability. Initial
work focused on extensive testing of a wide range
of OHPs, and developing manufacturing and
modeling capabilities. This testing included an on-
orbit experiment from 2017 to 2019 [11-15]. In
2018 ThermAvant began developing and delivering
OHPs for integration into terrestrial, airborne, and
on-orbit commercial systems and in 2021 the first
commercial satellite using an OHP, developed by
ThermAvant, was launched [16]. Over the years,
the company has undertaken hundreds of
demonstration,  qualification, and  system
integration projects including over 10 orbital flight
qualification campaigns.

These OHPs’ sizes range in lengths from less
than 2 cm to over 1 m and in thicknesses from less
than 2 mm for thin, two-dimensional spreading to
over 10 cm for more complex form factors with
three-dimensional channel routing for heat
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transfer in all three planes. Dissipated powers
managed by these OHPs vary from a few watts to
several kilowatts.

As part of their commercial qualification, they
have been designed to meet various industry
standards such as ANSI/AIAA S-080A-2018 [17]
and SMC-S-016 [18], and pass additional
customer specific tests including mechanical and
thermal shock, mechanical vibration, temperature
cycling, high acceleration loading, aging, non-
condensable gas injection, cold soaking, repeat
cycle testing, long-duration testing, part-to-part
performance consistency, and operational limits
testing.

To date, ThermAvant has delivered over 5,000
OHPs, primarily for commercial aerospace and U.S.
government end-uses, with over 1,000,000 hours of
successful on-orbit operation. This paper presents

ThermAvant’s work on OHP design and
manufacturing, OHP  modeling, and OHP
applications.

2. OHP Manufacturing

ThermAvant primarily develops flat-plate
OHPs, as shown in Figure 1. These OHPs are
highly  customizable to meet customer
specifications and can be manufactured with tight
tolerances  using  standard  metalworking
techniques.
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Figure 1. 3U OHP heat spreader with corner
removed for inspection.

These OHPs are most commonly manufactured
via computer numerical control (CNC) machining
to create channels in individual plates of material.
These channel plates are then stacked to form a
complex three-dimensional channel path, after
which the plates are hermetically joined to create
a sealed monolithic structure. Finally, the external
surfaces are machined into their final shape, and
the working fluid is introduced.

This form factor offers high structural integrity,
largely due to the frequent bridging of channel
walls. As a result, the stiffness of the OHP is
typically only 6% lower than a solid, channel-less
version, while the modal frequencies increase by
just 3-5%. Additionally, the internal channels
reduce the overall density by 10-30% compared
to a solid structure. These OHPs are typically
made from aluminum to minimize mass while
ensuring high thermal conductivity in the support
structure.

This method allows ThermAvant to develop
OHPs in a wide range of two-dimensional and
three-dimensional geometries with integral
mounting features, support structures such as
isogrids, and coatings. In addition, this method
allows for complex and precise channel routing
predicted by the in-house OHP Limits of
Operation model.

3. OHP Limits Of Operation Model

Many OHP models have been developed to
predict operation and performance. For commercial
development, a model that allows for rapid design
iteration and optimization was essential. Asaresult,
a model was created similar to the constant
conductance heat pipe (CCHP) operational limits
model to predict a set of operational limits for the
OHP.
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The initial version of this model was published in
Drolen and Smoot defining the Bond number limit,
sonic limit, swept length limit, and vapor inertia
limit [19]. In addition to these limits, the viscous-
temperature-difference contour is defined to predict
the portion of operational temperature difference
due to viscous losses. The startup limit was defined
in a subsequent presentation [20]. The combined
limits are shown in Figure 10 with the operational
envelope defined as the region above the startup
limit and below the sonic, vapor inertia, swept
length, and bond number limits.

Total Heat Load [W]
Hwip Jaquiny puog

%
("?)f’t

Operational Region

Startup Limit "
Columnar Flow Region

Adiabatic Temperature [°C]
Figure 2. Example OHP limits of operation chart.

The Bond number limit is a well-established limit
for the OHP that determines when the liquid no
longer bridges the channel in a gravity field and
instead forms a stratified flow [21-23]. In a
constant gravitational field this limit defines the
maximum operating temperature. This maximum
operating temperature is the temperature at which
the working fluid thermophysical properties for the
surface tension, ¢, and liquid and vapor densities
p; and p,, resolve the following equation,

o
D, = 2.74 /—
" (o1 — py)

where Dy, is the hydraulic diameter of the channel
and g is the OHP’s acceleration.
The sonic limit occurs when the fluid velocity is

choked at the speed of sound for the two-phase
mixture. It is defined as,

@)
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where Cy is the number of condensers, N is the
number of channels, y is the evaporative fraction
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as further defined in Drolen et al. [24], f is the fill
fraction, hy, is the latent heat of vaporization, c,

specific heat at a constant volume, and Ty, is the

saturation temperature. This limit is rarely
encountered and has minimal experimental
validation.

The startup limit is the inception of boiling in the
OHP, when the incident heat flux is sufficient to
create the necessary superheat at the wall to create
nucleation in a flowing two-phase mixture. Once
nucleation begins in the OHP, fluid flow is much
more rapid and continuous. At heat loads below this
limit, heat is transported by non-nucleating
convective flow that transports significantly less
heat than above the limit.

ﬂCNNth

Tin
2B¢ey In (r—m - 6)

Qstart =

)

where N, is the number of heaters, Lj is the
length of the heater, S is a startup figure of merit
which is a function of the fluid properties , € is the
surface roughness, r;,, is the channel inner radius,
and é is the liquid film thickness.

The vapor inertia limit is defined as when the
vapor generation rate is high enough to allow vapor
to penetrate the liquid slug resulting in annular flow,

1.924NCyr1inh
Quap = +nfg\/apyrm(coser —cosfy) (4)

where 6, is the receding contact angle and 8, is
the advancing contact angle.

The swept length limit is defined as when the
nucleation frequency is too high preventing liquid
from fully circulating through an evaporator
channel. The swept length limit is a modifier on the
vapor inertial limit resulting in reduced heat
transport,

CNU 1.35

A ()
aLhtrf

Quwept = Quap |

where U is the bulk flow speed, f is the frequency
of nucleation, and « is the conduction correction
factor when heat spreading occurs in the OHP.

In addition to these limits, the viscous flow losses
in the OHP are also frequently a limiting factor for
OHP operation. At lower temperatures, the viscous
drag results in an added pressure head to the OHP
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which must be overcome by an increase in
temperature rise across the OHP. When this added
temperature difference exceeds the customer
requirement or in a worst case scenario approaches
the solid conduction of the base material, the OHP
is no longer viable.

This model is continually being refined from the
initial published framework. The limits models
presented in this paper are from a more recent
iteration of the model.

4. Limits Model Validation

The OHP limits of operation model was
developed and validated with thousands of datasets
collected from a wide range of OHP designs and test
conditions. Two key experiments were selected
from this larger collection to demonstrate the
model’s accuracy: the ASETS-II experiment for the
swept length and vapor inertia limits, and the high
flux OHP experiment for the startup limit.

The ASETS-II experiment was an important
study for validating the swept length and vapor
inertia limits in a range of operating conditions
[13]. The experiment was conducted by the Air
Force Research Laboratory (AFRL) using three
OHPs developed by ThermAvant. The experiment
aimed to assess the long-term on-orbit operation
of the OHPs, validate their operational limits, and
compare performance to on-ground horizontal
operation. The testing included six months of on-
ground evaluation before launch, followed by 780
days of on-orbit testing. All three OHPs
performed as expected in orbit, demonstrating that
horizontal on-ground operation is equivalent to
on-orbit operation. Additionally, the operational
limits and performance remained consistent
throughout the entire testing period [11-14]. The
complete dataset is available on the NASA
Physical Sciences Informatics (PSI) website:
https://psi.ndc.nasa.gov [15].

While all ASETS-II OHPs were important for
validating the limits model, the OHP charged with
R-134a and using the small heater was specifically
designed to cross the vapor inertia and swept length
limits. The dimensions of the OHP are shown in
Figure 3 and the heat map is shown in Figure 4.
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IEigure 3. ASETS-II OHP dimensions (units: mm)
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Figure 4. Heat map for ASETS-II OHP charged
with R-134a where (a) is the top surface and (b) is
the bottom surface with the active heater (units:
mm).

Figure 5, based on Drolen et al. [13], shows the
on-ground and on-orbit experimental data overlaid
on the OHP limits chart. Each dataset was analyzed
for stable operation, unstable operation with partial
dryout, and runaway conditions with full dryout.
The experiment demonstrates close alignment
between the predicted limits and experimental
results. Some working and non-working results
overlap in the dataset, this is attributed to the
stochastic nature of the OHP where the OHP is
assumed to be in a quasi-stable state.

/

Total Heat Load [W]
[ w B
S © o
|4 »
x »
| 5
»
.8
g .g.
»ll

X

10 e & =
0 1
-25 0 25 50 75 100
Adiabatic Temperature [°C]
—Bond Limit —Startup Limit

—Vapor Inertia Limit
Viscous Contour - 0.1 [°C]
Viscous Contour - 10 [°C]
m Flight Data - Working O Fight Data - Partial Dryout
m Flight Data - Dryout 4 Ground Test Data - Working
A Ground Test Data - Partial Dryout 4 Ground Test Data - Dryout
[ Operational

Figure 5. ASETS-II OHP #3 with small heater
limits model and test results, based on Drolen et al.
[13].
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The high flux OHP experiment was important
in validating the startup limit, as it required a
relatively high heat load to initiate operation [25].
The OHP was designed to spread heat from a high
heat flux heat source to a larger rejection area on
the opposite surface. The heat source was 1 cm X
1.3 cm centered on the 3.7 cm x 7.6 cm x 0.4 cm
copper OHP with heat rejection on the entire
surface opposite the heat source (Figure 6). The
OHP, charged with methanol, was tested to 330 W
(254 W/cm?). The OHP was evaluated with a
rejection temperature from 10 °C to 80 °C. Figure
7 shows the time series data of the OHP’s
transition across the startup limit when the cold
plate was set to 40 °C. The transition across the
startup is visible in the change in temperature
amplitude as it crosses the limit. This amplitude
change is not measurable with all OHP designs.
Figure 8 shows that the conductance significantly
increases as the OHP crosses above the startup
limit. Figure 9 shows close alignment of the
startup limit to the experimental data.

»

9L

1
97

Figure 6. Copper OHP dimensions in centimeters
and heat map.
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Figure 7. Timeseries results for 40 °C rejection
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Figure 8. OHP Experimental data at a range of
cold plate temperatures showing conductance
transition at startup limit.
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5. Case Study: 3U VPX Heat Frame OHP

The manufacturing and predictive modeling of
an OHP’s operational limits has enabled
ThermAvant to develop commercially viable
OHPs for a wide range of applications. Because
OHPs provide efficient heat transport in thin,
structural form-factors and can handle high fluxes,
one natural application is a heat spreader for
electronics cooling. This case study will present
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an OHP heat spreader designed for a standardized
form factor and a comparison with existing
solutions.

The ANSI/VITA 48.2 3U VPX heat frame is a
standardized heat spreader for ruggedized
electronics boxes used in terrestrial, airborne, and
on-orbit applications [26]. The heat frame is
designed to attach to one side of a circuit card to
conduct heat from the tops of high heat flux
components on the card to the perimeter of the
card at heat sink locations, called cold rails, in the
electronics box.

The attachment between the heat spreader and
the circuit card often requires screw holes near
high-flux components and around the perimeter of
the plate. Additionally, the design may necessitate
cut-outs or varying planes to accommodate
components or allow for electrical connections.
Due to alignment requirements between the cold
rails and the circuit board, the heat spreader may
need to jog out of plane by less than 1 cm to
effectively transport heat to the cold rail.

These heat frames are commonly solid
aluminum heat spreaders, however more efficient
heat transporters are required for high flux
applications, such as encapsulated graphite heat
spreaders [27], heat pipe embedded spreaders
[28], or OHP heat spreaders. Each has their
advantages and limitations.

Encapsulated graphite heat frames can
inherently operate across a wide range of
temperatures due to lack of two-phase heat
transport. They are however inherently 2D heat
spreaders in the plane of the graphite. The
performance does not degrade beyond the
reduction in transport path with through holes and
cut-outs in the design. However, they are typically
single plane heat spreaders, or if the graphite is in
multiple planes, it is not continuous and therefore
has a thermal break with solid metal between.
This leads to reduced performance when multiple
planes are required.

Heat pipe-embedded heat frames usually utilize
one or more flattened copper-water heat pipes
embedded in an aluminum plate to transport heat
from electronic components to cold rails [29].
These heat pipes serve as axial heat spreaders
along the tube path and are ideally routed directly
from the heat source to the heat sink.
Consequently, their heat transport efficiency is
limited by their formability. A typical heat pipe
has a minimum bending radius of at least 2.5 times
its outer diameter [30]. Many heat frames require
frequent holes for mounting circuit cards and other
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components, which can limit heat pipe routing
options and may sacrifice thermal performance.
Additionally, heat frames often have out-of-plane
cold rails for heat rejection. Due to tight offsets,
the heat pipes may not bend sufficiently to route
toacoldrail, leading to a final conduction distance
of about 1 cm through the lower conductance
aluminum plate [31].

OHP heat frames are inherently 3D heat
spreaders, as their highly flexible channel routing
allows heat transport from multiple planes and
orientations. Through-holes and changes in planes
do not pose significant complications. Therefore,
an OHP heat frame can transport thermal energy
in the working fluid from the heat source to the
sink with less than 1 mm of solid aluminum
conduction. However, a significant number of
through-holes or other constrictions may limit the
number of OHP turns for stable operation.
Additionally, the OHP requires sufficient
thickness for the fluid channel, typically between
1 to 3 mm. Figure 10 shows a 6U VPX OHP heat
frame. These OHPs are generally designed for
heat fluxes of less than 30 W/cm?2 but can be
engineered to handle at least 250 W/cm2,

Figure 10. 6U VPX heat frame OHP

An unfeatured 3U VPX heat frame OHP was
developed to demonstrate these operational
capabilities (Figure 11). The aluminum OHP was
heated uniformly across three heat sources and
cooled at rails along the edges of the heat frame in
a horizontal orientation (Figure 12). The heat map
and OHP dimensions can be seen in Figure 13a.
The OHP was tested under a combined total heat
load of 130 W, with the highest heat flux
measuring 3.1 W/cmz, Three working fluids were
evaluated: ammonia, butane, and propyne and a
solid aluminum version was also tested as a
baseline. Ammonia proved to be the highest-
performing  working  fluid, achieving a
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conductance of 53 W/K—nearly ten times the
conductance of the solid aluminum envelope
(Figure 13b).

Figure 12. Experimental setup for the 3U VPX

heat frame.
100 mm
LC 7 8C EE‘O
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ml:::ﬁl
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Figure 13. Heat map (a) and thermal performance
data for 3U VPX heat frame with a combined heat
load of 130 W.

The time series data for the ammonia OHP is
shown in Figure 15, showing the rapid transition
to steady-state without overshoot and low thermal
amplitude of the oscillating motion. Figure 14
shows the limit chart for the ammonia OHP with
the experimental results overlaid, indicating
significant margin to the operating limits.
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Figure 14. Limits of operation for the ammonia
3U VPX heat frame with experimental results.
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Figure 15. Timeseries data of 3U VPX heat frame
charged with ammonia.

Case Study: OHP Base Plate Heat
Transporter

Many of the same reasons for using an OHP
with a heat spreader are applicable to heat
transporters. Such as in applications that are space
constrained, require the thermal device to be
structural, and/or transport a high heat load or
acquire a high heat flux. This case study will
compare an OHP heat transporter with the status
guo CCHP heat transporter, and a design that
incorporates the unique capabilities of an OHP.

The most common high-performance passive
heat transporter for satellite applications is the
CCHP, which operates efficiently in both gravity-
neutral and gravity-aided orientations, allowing it
to transport heat over multiple meters [32,33]. For
on-orbit applications, CCHPs are frequently
utilized as thermal linkages between payloads and
radiator panels, helping to thermally balance the
satellite by transporting heat across its structure.
These CCHPs typically have a diameter of at least
10 mm and can be bent to form complex routing,
with bend radii at least 3-5 times the outer
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diameter, typically ranging from 30 to 35 mm [32—
34].

OHP-based  transporters  offer  several
advantages and some disadvantages compared to
CCHPs. OHP transporters generally have a
thickness between 1.5 mm and 7 mm, depending
on design requirements, heat load, and transport
distance. They can be bent or machined into
various shapes, including branching structures to
collect heat from multiple locations. For example,
a 1.5 mm thick OHP can be bent with a 4.6 mm
inner diameter radius, while a 5.6 mm thick OHP
can achieve a bend radius of 28 mm. If tighter
curvature is needed, the OHP can be machined to
create the required sharp angles. Moreover, OHPs
can operate against gravity over distances of at
least 1 m, with the heat source positioned above
the heat sink [35].

The primary disadvantage of OHPs is that their
transport length is inherently limited compared to
CCHPs. In an OHP, the two-phase mixture flows
along the entire transport length at high velocity,
resulting in higher viscous losses. This added
pressure loss leads to a greater temperature
gradient along the transport length. Depending on
the fluid and design constraints, an OHP has been
demonstrated to be competitive with other heat
pipes for lengths of up to approximately 1 m. At
lengths longer than 1 m, manufacturing limits
prevent a full evaluation. Therefore, at multi-
meter scales and low heat loads, CCHPs may
present a more effective solution.

In one application, ThermAvant designed an
OHP heat transporter to spread heat from an
electronics box in a satellite to a CCHP-embedded
radiator panel. In this scenario, the OHP was
designed to evenly remove heat from the
electronics box and to then evenly distribute the
heat across multiple CCHPs. Furthermore, the
OHP had to function effectively in any orientation,
allowing for ground testing after integration
without requiring satellite reorientation.

The OHP heat transporter (Figure 16a) was
1067 mm long by 152 mm wide at its widest point,
and 5.6 mm thick. The narrow section was 280
mm long by 50 mm wide. This region was
designed to remove heat from a 280 mm x 50 mm
heat source and the entire opposite surface of the
OHP was designed to reject the heat to ten 30.5
mm wide cold rails evenly spaced (Figure 16b).



Joint 22* International Heat Pipe Conference & 16™ International Heat Pipe Symposium
24% 28 November 2024, Nakhon Pathom, Thailand

(b)
Figure 16. (a) OHP Heat Transporter next to inch
ruler and (b) heat map of experiment

The OHP was tested at 75 W, 100 W, and 200
W in horizontal, 5° and a vertical orientation. The
highest thermal performance was in the horizontal
orientation at 200 W (1.4 W/cm?) with a

conductance of 129 W/K.
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Figure 17. Experimental results for OHP

transporter at different orientations and heat loads.

Figure 18 shows the transporter OHP’s limits
model with experimental results. The
experimental results for the three orientations
occur at nearly the same adiabatic temperature and
therefore are overlapping. The OHP operated well
within the safe operational region with margin for
higher heat loads.
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Figure 18. Limits model for OHP transporter with

experimental results.

CCHPs could be designed to transport this heat
flux, however they are not able to transport this
heat load in a 5.6 mm thick structural form factor,
transform the high flux to a lower flux in the
rejection region, and do so in all orientations [32].

6. Conclusions
ThermAvant has developed and demonstrated

OHPs with a wide range of capabilities:

e Heat acquisition from less than 1 W/cm? to
over 250 W/cm?

e Transport lengths ranging from less than 2 cm
to3m

e Heat rejection fluxes of less than 1 W/cm? to
10s of W/cm?,

e Thicknesses less than 1 mm to several mm for
multi-kilowatt thermal transporters

e Operating temperatures from -196 °C (77 K)
to 1200 °C

e A wide range of working fluids and envelope
materials

e Operate as a
functional material

e Producible in complex three-dimensional
thermally active shapes

thermal-structural  multi-

Extensive work was conducted to predictively
model OHPs, design and manufacture them to
industry standards, and commercially produce
them for a wide range of applications. With
thousands of OHPs fielded, over 10 space flight
qualification campaigns completed, and over 1
million hours of on-orbit flight time, the OHP is
an important new tool for thermal management in
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commercial systems.
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Abstract

Straight stainless steel two-phase closed thermosyphons (TPCTs) of 3 m length with deionized water as the working
fluid are experimentally investigated. The TPCTs with an inner diameter of 35 mm and a wall thickness of 1,5 mm
consist of an evaporator, an adiabatic and a condenser section of equal length. In this study, TPCTs with five different
inner surface treatments have been investigated: two sandblasted with surface roughness of R, = 6030 nm resp.
R, =9020 nm, one polished with R, =900 nm, one with a laser-structured condenser section exhibiting a
superhydrophobic contact angle, and an untreated TPCT as a reference. The influence of the filling ratios V+ (20 %, 30 %,
40 %, 56 %, 75 %, 100 %) at different evaporator temperatures T, (45 °C, 60 °C and 80 °C) and condenser
temperatures T, (10 °C, 20 °C and 30 °C) on the heat transfer performance of the TPCT has been investigated. The
results show that inner surface treatment significantly improves the heat transfer rate of the TPCT by up to 35 % at
the maximum operating point.

Keywords: thermosyphon; inner surface treatment; sandblasting; polished; laser structuring; coating; stainless steel-
water

1. Introduction filling ratios of the TPCTSs. To achieve this objective,
Two-phase closed thermosyphons (TPCT) are a an extensive experimental investigation for five
widely used system for heat transfer. Their stand out different TPCTSs has been undertaken.
attribute is their straightforward design combined 2. Experimental setup and test procedure
with low-cost production and high level of )
reliability in operation. Due to these advantageous 2.1. Experimental setup
properties, they have been tested and used for years The experimental setup can be seen
in a wide variety of applications such as de-icing schematically in Figure 1. The TPCT measured in
roads, maintaining permafrost soils or turbine blade the test stand consist of three zones, a 1 m long
cooling [1]. Considering the Fukushima reactor evaporation zone, a 1 m long adiabatic zone, and
accidents, research endeavors have pivoted towards a 1m long condensation zone. For the
the development of passive safety devices for construction of the TPCT, pipes made of 1.4301
cooling of spent fuel pools of nuclear power plants. (ANSI 304) steel with an inner pipe diameter of
TPCTs emerge as promising candidates for this 35 mm and a wall thickness of 1.5 mm were used.
purpose due to the above-mentioned properties. A cover was welded on each end of the TPCT,
Within the PALAWERO research project at the which is equipped with two 1/4-inch connection
Institute  of Nuclear Technology and Energy pieces. This enables evacuation and filling via a
Systems (IKE), University of Stuttgart [2; 3], the connected valve. Furthermore, a pressure
feasibility of TPCTs for the cooling of spent fuel transducer and invasive temperature measurement
pools was comprehensively investigated and sensors are additionally attached here.
validated [4; 5]. The measurement setup of the five TPCT is
However, the use of untreated steel pipes as the identical. At equal distances of 250 mm, 12 PT-
base of the TPCT does not fully utilise the possible 100 temperature sensors are mounted on the
heat transfer potential. It is well known that an outside of the TPCT to determine the TPCT
improvement in the evaporation and condensation surface temperature. In the evaporation and
properties can be achieved by e.g. mechanical condensation zones, the tube surfaces at the sensor
treating the inner heat transferring surface [6; 7]. positions were milled to a depth of approx. 1 mm
The objective of this study is to evaluate the efficacy to improve the measuring accuracy. The resulting
of various processing methods namely laser flat surfaces ensure that the attached temperature
structuring, sandblasting, and polishing in sensors measure the surface temperature without
comparison to an untreated reference condition an undercutting by the fluid of the thermostat
across a spectrum of operational parameters and circuit. Inside the TPCT there are 4 invasive

temperature measuring points, 2 in the
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condensation zone and 2 in the evaporation zone,
which are equipped with PT 100 measuring
sensors inserted into the TPCT via the 1/4-inch
connection described above. The absolute
pressure is also measured here by means of a cross
piece attached to the connection pieces. A Lauda
T 4600 thermostat is used on the heating side and
a Huber CC525 on the cooling side, both using
water as working fluid. For heating the
evaporation zone and cooling the condensation
zone, identical semi-circular heat exchangers with
an internal diameter of 47 mm are used. The heat
exchangers have 11 baffle plates guiding the
working fluid of the thermostat circuits along the
TPCT in a meandering pattern. For calorimetric
heat flow measurements, the temperatures at the
outlet and inlet of each heat exchanger are
measured by PT-100 temperature sensors.
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Figure 1 Scheme of the test stand design
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The volume flows of the two thermostat circuits
are determined by means of ultrasonic flow meters.
The mass flow rate of the temperature control
circuit is adjusted via a bypass. This also ensures
that fluctuations greater than 0.2 I/s due to the
pump do not occur. The accuracies of the
measuring sensors used are as follows. The
absolute pressure sensors of type PAA-33x from
Omega have an accuracy of + 0.15 % FS, where
FS stands for full scale. All PT-100 temperature
sensors have class A accuracy and thus a
measurement uncertainty of + (0.15 + 0.002 T).
The measurement uncertainty of the volumetric
flow meter is + (0.7 % RD + 0.7 % FS), where RD
stands for reading. The measurement data
acquisition is carried out via a Keysight 34970A
data logger, and the measurement software is
based on Agilent VEE.

The entire measurement setup was insulated
with Amaflex XG with a thermal conductivity of
0.042 W/(mK). The ambient and the insulation
temperature was also measured with a PT-100
Sensor.

2.2. Surface treatment

For the 5 TPCTs analysed, different methods of
processing the inner surface were selected. One
TPCT is used as an untreated reference TPCT in
order to be able to evaluate the influence of the
surface treatments. The other methods can be
divided into two groups, those aimed at optimising
condensation, laser-functionalisation and
polishing, and those aimed at improving
evaporation due to surface roughness, in this study
with the help of sandblasting [8-10]. Their
manufacturing will be described now in more
detail. The first internally processed TPCT is a
laser-functionalized pipe in the 1m long
condensation area. The rest of the TPCT is made
out of the reference pipe. In general, this
processing method uses texturing with ultrashort
laser pulses [7] to change the contact angle and
thus the wettability. The contact angle defined
according to Young's equation changes from
72°+3° for the reference TPCT to 153°+3° for the
laser-functionalized TPCT, as can be seen in the
lower part of Figure 2. The upper part of the figure
shows the behaviour of a water droplet in the cut-
open pipe half-shell with laser-functionalized
internal machining.

The second inner machined TPCT was polished
using a cylindrical grinding machine to reduce the
roughness alongside the 3 m pipe. The realisation
can be seen in Figure 3. A roughness value R,
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(average roughness) of 900 nm was achieved
using this process. In all cases, the roughness
values indicated in this paper were determined in
collaboration with the Materials Testing Institute
(MPA), University of Stuttgart and the highest R,
value was selected from the multi-point
measurements carried out.

AR

Figure 2 Above, water droplets in the laser-
functionalized TPCT; below, change in contact angle
due to laser functionalisation

The third and fourth internally machined tubes
shown in Figure 4 were sandblasted with different
coarse abrasives. Roughnesses R, of 6030 nm and
9020 nm were achieved. Again, the entire 3 m pipe
was machined internally.

.

Figure 3 Polished TPCT tube

Figure 4 Sandblasted tubes with R, 9020 nm (left) and
R, 6030 nm (right)
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2.3. Test Procedure

The experimental investigations were performed
with V+ of 20 %, 30 %, 40 %, 56 %, 75 % and
100 % at three fluid inlet temperatures of the heat
exchanger at the evaporation zone (45°C, 60 °C
and 80 °C) and the condensation zone (10 °C, 20
°C, 30 °C). Each TPCT is filled according to a
uniform procedure. For this purpose, the TPCT is
evacuated before the filling procedure and then
leakage tested with helium. Afterwards, a leak test
is carried out with the help of the attached pressure
sensors. This ensures that the pressure does not
exceed 3 mbar, the maximum error of the pressure
sensor. Deionized and degassed water is used for.
After the TPCT has been filled, it is degassed. For
this purpose, only the evaporation side is heated
up to 60 °C. In this state, the valve in the upper
area of the TPCT is opened and the non-
condensable gas, that accumulates there, is
released into an attached, vacuumed expansion
tank. This process with the expansion tank reliably
prevents the ingress of outside air, as it is still a
closed system. The non-condensable gas comes
from air dissolved in the working fluid which
cannot be completely removed during the
degassing process before filling. A check is made
via the upper of the two invasive temperature
sensors mounted in the condensation zone. After
degassing, the temperature of the lower sensor
adjusts to the temperature of both sensors. The
measurements on the filled TPCT were carried out
in measurement series with predefined filling
levels and predefined temperature at the flow inlet
of the condensation zone. The flow inlet
temperature to the evaporation zone was then
raised from 45°C to 80°C in 5°C steps.
However, to keep this paper concise and focused,
only the key temperatures of 45 °C, 60 °C, and
80 °C were selected for detailed analysis. The
measurement was carried out according to the
following principle. After reaching the selected
inlet temperature in the evaporation zone, 10 min
were waited to ensure that the system was
completely thermally settled. After that,
measurements were taken for 10 min. After
completion of this measuring point, the next
evaporator temperature was adjusted for the
subsequent measurement.

2.4. Data reduction

The heat transfer Q. is  determined
calorimetrically for the condenser section. This is
done via the difference of the inlet temperature
T, in to the outlet temperature T, ., the specific
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heat capacity c,, the density p and the volume

flow V. of the coolant water of the thermostat
circuits.

Q. = Vc P Cp(Tc,out - Tc,in) (1)

Based on this, the average heat transfer coefficient
of the condenser h, can then be calculated.

hc — QC

21y Lo (Tysat—Tew)

)

The variables required for this are the TPCT radius
r, of 19 mm, the length L. of the condenser of
1000 mm, the temperature of the steam in the
condenser Ty¢q¢, Which in this case is determined
by the saturation temperature of the vapour based
on the pressure p. present in the condenser, and
the wall temperature of the condenser T¢w. For the
wall temperature Tc w, the average value of the 4
PT-100 temperature sensors Ty125, 12375, T2625
and T,g-5, which can be seen in Figure 1, is used.
Specific property data for water and steam are
determined by using the Industrial Formulation
1997 for the Thermodynamic Properties of Water
and Steam IAPWS R7-97.

2.5. Error calculation

The measurement uncertainty is calculated using
the Gaussian error propagation approach.

Ay = J N Axn (3)

Here Ay is the total error of the parameter y, x,, is
the independent measured variable and Ax,, is the
measurement error.

3. Results
The presented graphs show the heat transfer rate Q.
as a function of the filling ratio V+ at three different
evaporator temperatures T, of 45°C, 60 °C and
80 °C under three different condenser temperatures
T.of 20 °C, 10 °C, and 30 °C. The experimental
investigations were carried out for five different
inner surface conditions: polished surface
(R4 =900 nm), rough surfaces (R, = 6030 nm and
o = 9020 nm), a laser-structured surface and an
untreated reference surface
In Figure 5 the results for T, = 20 °C are shown. In
general, the highest heat transfer rate is at V+ of
20 and 30 % for R, = 6030 nm with an absolute
value of 4.45 kW. For T, = 45 °C, it can be stated
that, with the exception of the filling level of 30 %,
any internal surface treatment brings a significant
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improvement. The reference TPCT still in an
unstable operation point has a heat transfer rate of
0.195 kW, while the R, =6030 nm TPCT
operates stable at 1.05 kW. Across all filling levels,
the TPCT with R, = 6030 nm has the highest heat
transfer rate. Another striking aspect is the
difference of maximum heat transfer rates
depending on the inner surface treatment method
and V+. For example, it is 20 % for the laser-
functionalized tube, 30 % for the two sandblasted
tubes and the reference TPCT and 40 % for the
polished tube. At T, =60 °C, the differences
between the reference, polished and laser
functionalized TPCT are within the range of the
measurement error. The difference between the
two sandblasted TPCTs could not be greater. For
R, = 9020 nm, the heat transfer rate is 10 to 15 %
below the reference TPCT, whilst for
R, = 6030 nm there is a maximum improvement
of over 25 % compared to the reference TPCT.
With the exception of V +=100%, the
improvement is at least 10 %. For T, =80 °C
again R, = 6030 nm stands aside of the other inner
surface treatments. The heat transfer rate increases
by at least 13.5 % compared to the reference TPCT,
and even 20 % at V +=100 %. Additionally, the
polished TPCT shows promising heat transfer
improvements of about 5 to 10 % at VV+ of 30, 40
and 75%. At V+ of 20 % however, both the
polished and R, =9020 nm TPCTs show lower
heat transfer rates than the reference TPCT due to
a higher dry-out possibility.

In Figure 6 the results for T, = 10 °C can be seen.
For R, = 6030 nm, results are presented only for
'+ =20, 30 and 56 %. Measurements were only
conducted for V+ of 20 % and 30 % - where the
maximum heat transfer rate is expected based on
measurements at 20 °C and prior findings from the
other TPCTs - and 56 % was included as a
reference value in general, the highest heat
transfer rate of about 5 kW isat T. =80 °C and V/+
of 20% resp. 30% for R, =6030 m . For
T, =45°C and V + of 20% and 30 %, the
reference TPCT shows better results than any
other surface treatment. With 2.15kW at
7+ =30 % it is also the highest total heat transfer
rate achieved at this T,. At V+ above 30 % the
results change drastically and the polished and the
R, = 6030 nm TPCT have more than 160 % higher
heat transfer rates than the reference TPCT. As seen
for T, =20 °C, it should be noted that the large
percentage difference is due to the unstable
operation of the reference TPCT. At VV+ =100 %,
the differences even out more or less, and there is
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no superior TPCT. For T, =60 °C, the TPCT
behave in a similar way then seen in Figure 5 for
T, =20°C. The best results can be seen for
R, =6030 nm with a peak value of 3,45 kW at
V+ =20 %. The overall improvement rate is 13 %,
45 % and 7,3 % at V+ of 20, 30 and 56 %. The
polished and the laser functionalized TPCTs
behave similar to the reference TPCT with the
exception of V+=20% for the polished TPCT
with a heat transfer drop of - 21 %. Again, the
R, =9020 nm TPCT is below the heat transfer rate
of the reference TPCT with - 6 to - 34 %. The results
for T, = 80 °C show a heat transfer improvement of
6 to 9% for R, = 6030 nm. Besides this there is
only a significant change in contrast to the reference
TPCT for the laser functionalized and the polished
TPCT at V+ =20 % with a heat transfer decrease
of -7,5% and - 12,9 %.

In Figure 7 the results for T, = 30 °C are given.
For R, =6030 nm, results are again presented
only for V+=20,30 and 56 %. In general, the
highest heat transfer rate of 3.95 kW is at V+ of
20 % for R, = 6030 nm(note that the scale of the
y-axis is adapted to the lower heat transfer rates
for the middle and lower part of the figure).

For T, =45°C, the reference and the laser
functionalized TPCTs are not in a working state.
Therefore, a comparison of the heat transfer
increase in percentage does not provide a valuable
result. After all, it is to be seen that for
R, =6030 nm a stable TPCT operation occurs,
with a maximum heat transfer rate of 1,2 kW at
V+ =30 %. Also, a working state of the TPCT can
be seen for the R, =9020 nm with heat transfer
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rates between 0.5 kW and 0.7 kW for VV+ up to 56 %.

In this V+ area the polished TPCT also shows heat
transfer rates of around 0.5 kKW.

At T, =60 °C, all surface treatments with the
exception of R, = 9020 nm show improvements in
the heat transfer rate at any V+. For polished and
laser functionalized TPCTs, with one exception at
V+ of 20 %, the heat transfer improvement lies
between 8,5 % and 12,5 %. R, = 9020 nm shows
only an improvement at a V+ of 20 % with around
11,5 %. For the other V+, the heat transfer rate
decreases compared to the reference from - 10,5 %
to — 20 % and at 100 % even as high as - 53 %. The
highest heat transfer rate can be achieved with the
R, =6030 nm TPCT at V+=20%. It shows a
59 % better result at a total value of 2.45 kW. For
V+ of 30 % and 56 %, the improvements are high
with 37 % and 41 %.
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At T, =80 °C all surface-treated TPCTs show an
improvement compared to the reference TPCT.
The most significant improvement is achieved for
R, = 6030 nm with a maximum of 35 % and a heat
transfer rate of 3.95 kW at V+=20%. For 30 %
and 56 % V+, an improvement of around 25 % is
reached. For the polished and the laser
functionalized TPCTs, a heat transfer increase
between 6,5% and 12,5% can be attained. The
TPCT with R, = 9020 nm reaches for 20 % V+ an
improvement of 17,5 %, which flattens out to 7,5 %
improvement rate for 30 % and 40 % V+. For V+ of
56 % and 75 % it goes down even more so it is
within the error margin. In Figure 8 the average
heat transfer coefficient h, in the condenser
section as a function of the heat flux g, is given
and provides an insight into the effect of surface
treatment with sandblasting at R, =6030 nm
compared to the reference TPCT.
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Figure 8 Heat transfer coefficients vs. heat flux for
the reference and the R, = 6030 nm TPCT at
V+=20% and 75 % for T, of 45 °C, 60 °C and 80 °C

The R, = 6030 nm TPCT was selected due to its
overall high improvement in heat transfer rate.
Two V+ of 20 % and 75% where chosen, due to the
significant difference in their influence on the heat
transfer rate. The general impact of varying T, of
45 °C, 60 °C and 80 °C can be easily observed, as
it strongly correlates with the value of ¢, .
Additionally, the higher heat transfer rate of the
R, =6030 nm TPCT and the higher heat transfer
rate for both surfaces at V+=20% is evident.
Beyond these expected effects, the influence of the
rougher surface R, = 6030 nm on the condenser
compared to the reference TPCT is highlighted.
Despite having a higher heat transfer rate at any of
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the inspected T, and V +, the heat transfer
coefficient is significantly lower for the
R, = 6030 nm TCPT for g, > 20kW/m?. The h,
decrease in comparison to the reference TPCT is in
the range of - 11 % to - 18,5 %. An explanation for
this could be that the surface roughness prevents a
good backflow of the condensate and therefore
reducing the effective condensation there. As
mention in chapter 2.2 the expected positive
influence of the sand blasting should be improving
the evaporation. For g, < 20 kW/m?, the behavior
is reversed, as at this point, stable operational
behavior of the TPCT becomes the more
influential factor. The influence of stable
operational behavior of the TPCT can also be
observed for the reference TPCT at g, between 15
and 20 KW/m?, Ata V+ =75 % the TPCT operates
in an unstable and pulsating manner, which
directly results in a lower average heat transfer
coefficient h, compared to the h. at V+=20%
during stable operation.

4. Comparison and Conclusions

The results of this study demonstrate that surface
treatment significantly influences the heat transfer
performance of TPCTs under various operating
conditions. The TPCT with a surface roughness of
R, = 6030 nm consistently exhibited the highest
heat transfer rates at most of the investigated
conditions, particularly at the low evaporator
temperature T, =45°C. The most significant
improvement was observed for the filling ratios
V+ =20 % and 30 %, where a stable operation of
the TPCT resulted in a significant higher heat
transfer rate compared with the untreated
reference TPCT. The study revealed that while
intermediate surface roughness R, =6030 nm
produced the best overall heat transfer rates, the
TPCT with a rougher surface R, =9020 nm
generally underperformed, often showing lower
heat transfer rates than the reference TPCT,
particularly at high filling ratios and evaporator
temperatures. This suggests that an excessive
roughness may be counterproductively for the
condensation process by inhibiting the condensate
backflow, reducing the effective heat transfer.

At higher evaporator temperatures T, = 80 °C, the
polished and laser-functionalized TPCTs
demonstrated notable improvements, achieving
heat transfer rates up to 20 % higher than the
reference TPCT. However, these gains were not as
pronounced as those achieved by the
R, = 6030 nm TPCT, highlighting the advantage
of a moderate roughness level for the thermal
performance.
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In conclusion, this study confirms that surface
treatment is a critical factor in enhancing TPCT
heat transfer rate, and that a surface roughness of
around R, =6030 nm provides the most
consistent  improvements. However, the
effectiveness of surface treatments varies
depending on the specific combination of
operating temperatures and filling ratios.
Therefore, further research is necessary to explore
the long-term effects of surface treatments and
possible influence of combined inner surface
treatments.
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Abstract
This paper presents the results of investigation of the parameters of a new flat aluminum thermosyphon, the evaporator
of which contains two identical panels operating in parallel, each of which has eight mini-channels. The panels are
combined by single vapor and liquid collectors. On each of the evaporator panels there are heat sources (chips) of
varying power, a cooling of which is carried out using loop thermosyphon condenser. The working fluid is acetone. The
influence of the heat load and the working fluid volume on the heat transfer coefficients of the evaporator, condenser
and the thermal resistance of the thermosyphon was determined and investigated. The system's optimal filling ratio is
found to be around 30-50%, and the lowest evaporator thermal resistance is 0.15 K/W for the heat load range 20-80 W.
The test results showed that the thermal resistance of the thermosyphon decreases with an increase in the transferred
heat flux due to an increase in a speed of a circulating working fluid and intensification of heat transfer. The
thermosyphon has good dynamics of quick access to the operating mode. It is stable in operation in a wide range of heat

fluxes.

Keywords: Thermosyphon; Evaporator; Condenser; Heat transfer coefficient

1. Introduction

Modern electronic chips are minidevices with a
high packing density inside electronic or electrical
cabinets. Active thermal management of chips
using heat pipes and thermosyphons ensures their
reliable operation and maximizes the mean time
between failures of minielectronic devices. As a
result of the miniaturization of highly integrated
electronic components packed inside electronic
cabinets, the heat flux density generated by them
reaches 100-200 W/cm?. Chip miniaturization
increases the density of the heat flux, which must
be dissipated into the environment (air). Two-
phase thermal regulation systems (heat pipes and
thermosyphons) play a vital role in the efficient
cooling of electronic or electric cabinet
components due to their ability to transfer heat at
high speed over long distances without significant
heat losses [1-5]. Thermosyphon and its integrated
system have distinct advantages over other free
cooling methods and have great application
potential. A two-phase loop thermosyphon (TPLT)
is a type of passive heat transfer device which has
the ability of efficient heat transfer over a long
distance without any external power supply [6-9].
Loop thermosyphons can be effectively used in
cooling systems for powerful electronic
components, in particular, central and graphic
processors, thyristors, IGBT modules, LEDs, the
maximum operating temperature of which is in the
range of 70-100 °C. It has been widely used in

various thermal engineering application, including

data center [10-14].

The full information about the thermosyphon is

given in Table 1.

Table 1. Specifications of the thermosyphon

Specifications

Size/Material

Dimensions of one
mini-channel (length x
width x height)

Working fluid Acetone
Filling volume 15-63%
Evaporator
Material Aluminum
Number of panels 2
Number of  mini-
channels in one panel 8

7 mm x 3 mm x 110 mm

External dimensions
(length x external

Hydraulic diameter 4.2 mm
Condenser

Type Tube in tube

Material Aluminum

200 mm x 24 mm

diameter)
Wall thickness 2mm
Dimensions of vapor | 160 mm x 9 mm x 9 mm
and liquid collectors
Cooling liquid Water
Liquid temperature 20 °C

Thus, it can be concluded that at the present
time, the development and study of the possibilities
of introducing highly efficient thermosyphons is a
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promising and relevant line of research. In recent
years, mini-channel heat exchangers have been
used as compact evaporators in both the
automobile system of air conditioning and heat
pumps [15, 16]. TPLT consists of an evaporator,
condenser, a compensation chamber (second panel,
transient time of switch on) , vapor and liquid
pipes, Fig. 1. The working fluid is acetone. At the
low filling ratio, the flow pattern changes as slug,
flow-churn, flow-annular, flow with the heat load
increase and the gas — liquid flow shifts to slug
flow — geyser boiling — been revealed as well, Fig.
2. The panels are united by single vapor and liquid
collectors.

N
T
5— —

I
| 7
|
I —
—8

4

Fig.1. Schematic diagram of the thermosyphon: 1,
2) evaporator panels; 3) vapor collector; 4) liquid
collector; 5)vapor tube; 6)filling connection; 7)

condenser; 8) liquid tube.
2 3 5 6
Fig. 2. Characteristic features of boiling of liquid

1

in the vertical channels of the thermosyphon (d =
4 mm) as a function of the heat load [5]:
1) nucleation of mini-bubbles on the channel wall;
2) merging of mini-bubbles into larger ones, 3)
separation of the liquid flow into vapor plugs and
liquid cuffs; 4) the development of turbulence in a
two-phase vapor — liquid flow; 5) annular
separation of the vapor-liquid flow with formation
of thin liquid films on the wall, accompanied by an
increase in the vapor content of the two-phase flow;
6) wet vapor flow (fog).

The evaporator and condenser of thermosyphon
are connected to each other by means of a vapor

4
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(5) and liquid (8) tubes. The inner diameter of the
vapor tube is 8 mm and that of the liquid one is
4mm. In each panel the mini-channels are
separated by thin walls (ports) 1 mm thick. The
ports in the mini-channels are used as internal fins.
They increase the heat exchange surface area and
the evaporation rate of the working fluid.
Multichannel loop thermosyphons have advantages
over single-channel ones. They are more compact,
have a larger ratio of the inner surface of the
channel to its volume, a smaller volume of
working fluid and mass, which leads to more
intensive and efficient heat transfer [17-19].

Depending on the heat load, the two-phase
process of hydrodynamics and heat transfer of the
working fluid in mini-channels is accompanied by
the nucleation and development of vapor bubbles.

The thermosyphon condenser is made in the
form of a water double-tube heat exchanger and is
cooled by a water flow from a LOIP FT-316-40
thermostat. The evaporator is heated by a
HY10010E DC  power  supply.  T-type
thermocouples (copper-constantan) are installed at
the main points of the thermosyphon. The
thermocouple signals are processed by an Agilent
34980A multimeter and transferred to a computer
for further processing. To minimize heat losses, the
evaporator, vapor and liquid tubes are covered with
a layer of thermal insulation. The liquid tube
connects the condenser with the evaporator and
runs inside the lower evaporator collector of the
thermosyphon along its entire length to ensure
uniform supply of the working fluid to both panels.
The general view of the experimental setup is
shown in Fig. 3.

Fig. 3. Loop thermosyphon with two evaporator

panels: 1) thermosyphon; 2) multimeter; 3)
personal computer; 4) thermostat; 5) power
supplies.

The location of the thermocouples on the surface
of the thermosyphon is shown in Fig. 4, where the
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main numbers of thermocouples are circled in red.
The experimental setup is designed to study heat
transfer processes during evaporation, boiling, and
condensation in thermosyphons. In the process of
research, the  temperatures along  the
thermosyphon, the thermal resistance of the
thermosyphon components, the heat transfer
efficiency, and the critical heat flux were
determined. All tests were carried out under the
same conditions at an air temperature in the room
of 18-20 °C. The water coolant temperature was
20 °C. The time intervals between two successive
tests were at least 12 hours, which made it possible
to completely cool the setup down to room
temperature.
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Fig. 4. Arrangement of the thermocouples on the
evaporator panels with two heaters, condenser,
vapor and liquid collectors, vapor and liquid tubes.

2. Experimental study of the parameters of the
thermosyphon with a thermal load on one
or two panels

2.1. Panel No. 1

Figure 5 shows a graph of the evolution of the
temperature field on the surface of the annular
thermosyphon over time when 33% of its volume
is filled with acetone. The heat flux (Q = 40 W) is

supplied to panel 1; initially panel 2 is used as a

compensation  chamber, contributing to a

successful and reliable start of the thermosyphon

as an auxiliary analog of the condenser. Non

stationary heating of the thermosyphon panel 1

occurs in the transitional period of time (number 1

in Fig. 5). Vapor does not enter the thermosyphon

vapor tube until the time when the saturation
temperature in the vapor collector reaches 60 °C.
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Fig. 5. Graph of temperature distribution in time
for filling 33% of acetone at a heat load of 40 W:
1) nonstationary heating process; 2) stationary
process of heat transfer in the thermosyphon.

During the transient process of heat transfer from
panel 1 to panel 2 of the evaporator, the
thermosyphon condenser remains passive, as
evidenced by the constancy of its temperature in
the vapor tube (Number 1, Fig. 5). After the
temperature of the panel 2 rises to the saturation
temperature (60 °C), the operation of the
thermosyphon condenser is activated, and the heat
transfer in the thermosyphon becomes stationary
(Number 2, Fig. 5). The end of the transitional
period of operation of the thermosyphon and the
beginning of the stationary period of heat transfer
of the annular thermosyphon can be determined by
the change in the temperature at entry of the liquid
coming from the condenser to the liquid collector
of the evaporator (thermocouple 34 on the liquid
tube of the thermosyphon, Fig. 4).

The evolution of the thermosyphon launching in
time and the transition from the nonstationary
operation mode to a stationary one is shown in
Fig. 6.

7N

o]

= - small contour
- large contour

Y

Fig. 6. Scheme of operation of the thermosyphon:
the transient mode of operation is indicated by a
green contour 1 (small contour of operation), the
stationary mode of operation of the thermosyphon
with the active participation of the condenser (heat
sink) is indicated by a red contour 2 (large contour
of operation).
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Fig. 7 shows the temperatures along the
thermosyphon.

€ 110 mm 510mm 200 mm 250 mm 160 mm
85 | ¢
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26 27 28 30 33 35 36 32 34 3 29 2% M
thermocouple
Evaporator  Vapor collector Copdenser Liquid Liquid
and tube tube collector
Fig. 7. Temperature distribution along the

thermosyphon in the stationary mode of operation,
Q=80W.

The average heat transfer coefficient in a
thermosyphon is determined from the Newton—
Richman equation:

__Q _a
AT-F AT’

The heat transfer coefficient calculated for
different fillings of the thermosyphon with the
working fluid is shown in Fig. 8.
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Fig. 8. Graph of the dependence of the heat transfer
coefficient on the volume of filling the evaporator
with acetone (percentage).

30 40

From the analysis of Fig. 8 it can be concluded
that significant changes in the heat transfer
coefficient are observed when 30% to 50% of the
evaporator are filled with acetone. With a further
increase in the filling volume, the heat transfer
coefficient remains near constant. Thus, the
optimal filling of the thermosyphon with the
working fluid is 50% at a nominal thermal load on
the thermosyphon of 40 W.

The thermal resistance of the evaporator Re,
condenser R, and the total thermal resistance R;,
shown in Fig. 9, are calculated by formulas (2)-

(4):
(2)

88

T, T,
RC —__V C , (3)
Q
R =TeTc (4)
Q
R, K/W
14 Rt

QW

Fig. 9. Thermal resistance of evaporator (Re),
condenser (R¢) and total thermal resistance (R;) vs.
heat load Q.

2.2. Heat load on two thermosyphon

panels

The loop thermosyphon with two evaporator
panels is capable of removing the heat flux from
two identical or different heat sources, which may
differ in the heat flux value.

To study the effect of the load on two panels of
the thermosyphon, an experiment was carried out
during which the main panel (1) was activated at a
heat flux of 40 W. After reaching the stationary
mode, an additional panel (2) with a heat flux of
20 W was activated too. The graph of temperature
distribution is shown in Fig. 10.

7,°C Vapor collector  Evaporator 1

B e T P A e VAT VL |

65 $
55 b i Vapor channel
4 Evaporator 2
© ‘ ~ Liquid channel
25 |
I 2 3

15O 10 20 30 40 50 60 70 80 1, min
Fig. 10. Graph of the temperature distribution on
the surface of the thermosyphon evaporator in
time. Both panels are active, the total heat load is
60 W.

Figure 10 is divided into three parts. The first
part shows the startup process of panel 1 at a heat
flow of 40 W. The second part displays the startup
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of the thermosyphon and the emergence into the
stationary mode of operation.

The third part displays the emergence into the
stationary mode of operation of the thermosyphon
with the inclusion of additional panel 2 at a heat
flux of 20 W. When a heat load was applied to
panel 2, the temperature of the main panel 1
remained practically unchanged, there was a slight
increase in the vapor temperature and a significant
decrease in the temperature at the condenser outlet,
which indicates an intensification of the heat
exchange of the condenser. The graph of the
temperature distribution along the thermosyphon in
the stationary mode of operation with the supply of
40 W to panel 1 and the supply of 20 W to panel 2
is shown in Fig. 11.

. Liquid  Evaporator Vapor Vapor tube  Condenser  Liquid tube
X collector collector
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Fig. 11. Temperature distribution along the
thermosyphon in the stationary mode of operation
of both panels of the thermosyphon.

Results of experimental study of the thermosyphon
with two parallel panels found that it operation is
related to the difference in heating power between
the two panels. The hydraulic resistance of the
high-load panel is higer than the low-load panel.
When there is a significant difference in the loads
of the two panels, the high-load panel experiences
overheating due to insufficient flow, while the low-
load panel incurs some flow wastage.

3. Conclusions

A new flat aluminum loop thermosyphon with
two multi-channel evaporator panels has been
developed and tested. Thermal characteristics of
the  thermosyphon  have  been  studied
experimentally when the volume of filling the
evaporator with the working fluid is minimal (30-
50% of the total volume of the evaporator). The
evaporators have the common collectors for the
transfer of vapor and working fluid. The test
results showed that the thermal resistance of the
thermosyphon decreases with an increase in the
transferred heat flux due to the increase in the
speed of the circulating working fluid and
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intensification of the heat transfer. Stability of the
thermosyphon parameters is maintained even with
highly nonstationary and asymmetric heat inputs to
the evaporator surface in a wide range of heat
fluxes. The thermosyphon has a good dynamics of
quick access to the operating mode. The flat
evaporator of the thermosyphon has good thermal
contact with the objects to be cooled.
Consequently, a number of cooled elements, such
as IGBTs, cryogenic infrared sensors, electronic
circuits, LEDs, etc., can be attached to the
thermosyphon evaporator, consisting of several
multichannel panels.
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Abstract

The use of passive heat transfer technologies, such as thermosyphons and heat pipes, to transfer heat from a source
located above a heat sink is not straightforward, as the capacity of returning liquid from the condenser to the evaporator
is deeply affected. An alternative solution is the inverted two-phase thermosyphon, which uses the pressure difference
between hot and cold components to pump the working fluid and transfer heat through a closed loop, with liquid
flowing up against gravity. The condensate lifting height is one of the main operational parameters and is related to
the vertical distance between evaporator and condenser. The control of the aperture and closure of valves directs the
flow inside the loop. In the present work, an inverted two-phase thermosyphon prototype is tested under thermal load
ranging from 2.0 to 12.0 kW and for liquid lifting heights of 2.0, 3.0 and 5.0 m, with water as the working fluid. The
prototype showed a large capacity to adapt well to various operation conditions, with stable operation for all tested
configurations. The results demonstrate that the evaporator temperature is the parameter that most affect the lifting
height, as the higher temperature, the higher is the saturated vapor pressure and so its difference to the accumulator.
Actually, this pressure difference is the driving force for the condensate lifting. However, the thermal load level did
not affect the capacity of liquid lifting.

Keywords: Inverted two-phase thermosyphon; downward heat transfer; periodic operation; passive technology

1. Introduction

In the design of thermal systems for industrial
applications, the use of passive technologies to
transfer heat, like heat pipes and thermosyphons, is
very convenient. These devices are efficient and
reliable, when the heat source is below the heat sink
and the return of condensed liquid, from the
condenser to the evaporator, occurs in the gravity
direction. For horizontal operation, in which the
heat source and sink are at the same level, wick
structures are used to displace the liquid and the
liquid lifting height is limited by the capillary
pumping capacity of the media. The major concern,
is when liquid needs to be lifted, against the gravity,
when the heat source is above the heat sink.

A passive alternative technology to transfer heat
downwards is the inverted two-phase thermosyphon,
in which the heat transfer process can be continuous
or periodic.

The continuous process is represented by the
bubble pump technology, in which vapor bubbles
formed in the evaporator mix with the working fluid,
resulting in a fluid with lower density, that pushes
the working fluid through a closed loop [1-3].
Alternatively, in periodic processes, the fluid flow is
displaced against gravity by the pressure difference
between the hot and cold components of the device
[4-9].

Inverted thermosyphons can be applied for the
thermal control of electronics [10-11], of solar
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collectors [12], for the air condition systems in
house cooling systems [13], for cooling of marine
propulsion engines [14], for oil and gas rigs, among
others.

Over the last few years, the number of works
regarding inverted two-phase thermosyphons have
increased, either for the bubble pump or for the
component pressure difference technologies [12].

Both vapor and liquid are used to carry heat, for
the devices driven by pressure differences. Some
prototypes employed as working fluids the HCFC
141b [4, 8-9] and water [15], for lifting the liquid to
heights ranging from 2.0 m to 3.3 m, and R114 [5]
for liquid lifting from 7.0 m to 15.0 m. In these
works, thermal loads ranged from 50 W to 1.2 kW.
For electronics cooling, FC72 [10-11] was used for
lifting heights ranging from 0.35 m to 0.7 m and for
thermal loads from 14 W to 45 W. Prototypes in
which the liquid carries the heat normally use water
[7,16]. With this working fluid, a prototype [16]
transferred heat in the horizontal direction, being
able to lift the returning liquid up to 0.4 m.

In the present work, the thermal and hydraulic
performance of a prototype of an inverted two-phase
thermosyphon is analyzed under thermal loads
ranging from 2.0 kW to 12.0 kW, different operation
conditions and for different liquid lifting heights.
The prototype is adaptable, allowing tests with
different liquid lifting heights. Three configurations
were tested: liquid heights of 2.0 m, 3.0 m and 5.0
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m. The geometry of the prototype is based on a
previous study [17].

2. Experimental Apparatus

The inverted two-phase thermosyphon prototype
investigated in the present work is shown in Figures
1 and 2. The device is composed by an evaporator,
a condenser and an accumulator, along with
connecting pipes (lines) and valves. Four lines are
used to connect these components: equalization L,
drainage L., vapor transport Lz and liquid lifting L.
Lines L: and L connects the accumulator to the
evaporator, line Ls connects the evaporator outlet to
the condenser inlet while line Ls connect the
condenser outlet to the accumulator. Distilled water
is used as the working fluid.

Figure 1. Experimental Apparatus, configuration
with liquid lifting height (AH,) of 2.0 m.
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Accumulator

AHea

Figure 2. Inverted two-phase thermosyphon sketch
(during vapor transport process): Eg — electric
heaters, T — thermocouples, P — pressure transducer,
V — sphere valves, W; and W, — cooling fluid inlet
and outlet, respectively, lines: L1 — equalization, L,
— drainage, Ls — vapor transport and L4 — liquid
lifting, AH — height variation.

Both evaporator and accumulator have the same
geometry: cylindrical tanks with 30.0 cm height and
30.0 cm internal diameter, with an internal volume
of 21.2 L. Inside the evaporator, in the bottom, three
electric heaters are immersed in a working fluid
liquid pool, as shown in Figure 2. The resistances
are controlled by a Variac transformer, providing
heat power of up to 4.2 kW. The maximum input of
power in the evaporator, i.e., the thermal load, is of
13.2 KW. The evaporator is filled with (v,) 16.0 L
of the working fluid. The condenser is actually a
cylindrical shell-and-tube heat exchanger. The shell
has an internal diameter of 15.0 cm and contains 25
parallel tubes of 60.0 cm long, with external and
internal diameters of 1.27 cm and 1.06 cm
respectively, in a 5x5 arrangement. In the shell side,
five baffles, with a baffle cut of 18%, are employed.
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Water, from a cooling tower, flows through the heat
exchanger shell, removing heat from the condenser
tube bundle. Sphere valves are used in lines L; and
L to control the passage of working fluid between
evaporator and accumulator. The tubes of lines Ls
and L. are flanged, as indicated in Figure 2, enabling
the change of the tube, so that the height difference
between the condenser in relation to both evaporator
and accumulator can be increased or reduced. The
evaporator, line Ls and condenser are insulated with
a 3.0 cm thick Isoglas™ blanket, externally covered
by a 0.5 cm aluminized low-density polyethylene
(LDPE) blanket.

2.1. The Operation Cycle

This inverted two-phase thermosyphon prototype
operates with a periodic cycle composed by two
processes: vapor transport and drainage. The vapor
transport, illustrated in Figure 2, begins with the
closure of the sphere valves in lines L; and L, while
the electric heaters are turned on. The liquid pool
inside the evaporator is heated, vapor is formed
resulting in pressurized vapor that flows downwards,
carrying heat to the condenser through line Ls. In the
shell side of the condenser, water is continuously
supplied from a cooling tower during the entire
cycle. Therefore, the vapor that enters the tubes
condenses. A liquid pool is formed at condenser
bottom and accumulates in line L4 During the
working fluid condensation, the liquid level inside
L4 rises forced by the vapor pressure produced in the
evaporator, being able to reach the accumulator,
forming another pool. The liquid also fills the line
L, region above the valve. Therefore, to lift liquid
against gravity, the hydraulic pressure of the liquid
column in line L4 needs to be overcame by the vapor
pressure. So, a proper temperature difference
between the working fluid inside the evaporator and
the accumulator is required.

After some time, then the liquid level inside the
evaporator is low, the electric heaters are turned off
and the vapor transport process ends. Then, the
drainage process starts with the opening of the
sphere valves on lines Ly and L. As the vapor flows
from the evaporator to the accumulator through line
L., the pressure difference between these
components is equalized, and the liquid lifting from
the condenser to the accumulator ceases. Once the
pressure difference between the evaporator and the
accumulator is lower than the hydraulic head within
line Ly, the liquid flows back to the evaporator by
gravity through line L,. When the liquid level inside
the evaporator is restored, both sphere valves are
closed in order to start a new cycle.
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2.2. Data Acquisition

To measure the temperature at different locations
of the device, thirteen T-type thermocouples were
used. Six of them can be seen on Figure 2. The other
seven thermocouples were for measurements of:
ambient, accumulator (top and bottom positions),
three on line L (top, middle and bottom) and one on
the middle of line L;. For pressure measurements,
two absolute transducers were used, one at the
evaporator and the other at the accumulator, as seen
in Figure 2. The pressure difference between
condenser inlet and outlet was measured with a
differential transducer, as seen in Figure 3. The
liquid level inside the accumulator, the evaporator
and the condenser were monitored with transparent
graduated scale hoses. The flow rate of cooling fluid
supplied to the condenser by the cooling tower was
measured with a flowmeter. The power applied to
each electric heater was measured with a wattmeter.

Readings of temperature and pressure were made
using the data-acquisition hardware platform from
National Instruments™ with LabVIEW.

Figure 3. Equipment for condenser liquid level and
differential pressure measurements. Prototype at 5.0
m lifting liquid height (AH,) configuration.

2.3. Experimental Procedure

For all the analyzes, a common procedure was
followed before the first operation cycle. A vacuum
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pump is used to reduce the internal pressure of the
inverted two-phase thermosyphon prototype, with
both sphere valves opened, in order to remove non-
condensable gases inside the device. A standard
initial condition in terms of the pressure inside the
evaporator and the accumulator was then
established. The amount of working fluid removed
from the device in this procedure was minimal.

In the beginning of every start-up cycle, all the
liquid was inside the evaporator. After the reduction
of the internal pressure, both sphere valves were
closed, then, the electric heaters were turned on. The
thermal load applied to the evaporator was on, until
the evaporator liquid level decrease below 12.9 cm,
which was equivalent to 10 L of working fluid.
After that, the electric heaters were turned off and
both sphere valves were opened, so the drainage
process could begin.

After the start-up cycle described above, a certain
amount of liquid remained at the condenser bottom
and inside line L4. Thus, in the following cycles, the
volume of the evaporator liquid pool was lower than
that of the start-up cycle. All the other cycles after
the start-up cycle (regular cycles), begun with a
liquid pool at the condenser bottom and inside line
La.

As already mentioned, the applied thermal load
ranged from 2.0 kW to 12.0 kW. Three different
testing configurations were tested. The height
differences between: evaporator and condenser inlet
(AHg(), condenser outlet and accumulator (AHy),
and accumulator bottom and evaporator top (AHg )
can be seen on Table 1, along with the average
volume of the liquid pool on the condenser bottom
and line Ls, v,,.

Table 1. Height difference between components of
the inverted two-phase thermosyphon prototype and
average volume of liquid pool on condenser bottom
and line L4 in each configuration.

Configuration 1 2nd 3
AH, [M] 2.0 3.0 50
AHgc [m] 0.55 155 3.55
AHy, [m] 05 052 052

v, [L] 22 2.8 32

After the start-up cycle and some regular cycles
were finished, the evaporator was refilled, until the
liquid pool was restored to an average of 16 L. The
liquid pool inside at the condenser bottom and line
L, are drained only if, in a following analysis,
another start-up cycle will be done. So, for analysis
with only regular cycles, the total amount of
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working fluid in the prototype is given by the sum
of v, and v,.

3. Results and Discussion

In the first analysis, the device was submitted to
a single regular cycle in order to evaluate the
operational conditions in terms of temperature and
pressure. In this analysis, the second configuration
(Table 1) was tested, with the lifting liquid height
of 3.0 m, while the condenser was cooled at an
average flow rate of 4.95 L/min. During the vapor
transport process, a thermal load (Qg) of 4.0 kW
was continuous applied in the evaporator. The
volume of the evaporator liquid pool before the
electric heaters were turned on was approximately
16.4 L. Figure 4 shows temperature and pressure
measured with time obtained during this cycle.
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Figure 4. Temperature and pressure as a function

of time for a single regular cycle with Qz =4.0

kW and lifting height of 3.0 m.

As observed in Figure 4, initially, the internal
pressure of the device is approximately at the
atmospheric level. A vacuum pump connected to
the prototype was used to remove non-
condensable gases and to reduce the pressure
between t = 410 s and t = 930 s. Then, the
vacuum pump was disconnected from the device
and both sphere valves were closed. The electric
heaters were turned on at t = 1650 s, resulting in
the heating of the working fluid (and so increasing
of Tg), raising the pressure of the vapor inside the
evaporator, Pg. Vapor flowed downwards through
line Ls and reached the condenser inlet at ¢ =2340
s, when the temperature T, ; increased. During
this process, the condenser liquid level decreased
from 52 cm to 12.7 cm. In the shell side of the
condenser, the temperature of the cooling liquid at
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the inlet was Ty, ; and at the outlet it was Ty, . In
the tube side, as vapor condenses, liquid is
subcooled and leaves at the condenser outlet with
temperature T¢, . Then, cold liquid was lifted
inside line L4, where it absorbed heat from the
ambient at a slightly higher temperature T,pp
because line L4 was not thermally insulated, until
the accumulator inlet height was reached. At
t =2683 s, cold liquid reached the accumulator
inlet, decreasing the temperature T,. A liquid pool
was formed at the bottom of the accumulator.
During the vapor transport process, the internal
pressure of the accumulator (P,) presented a
smooth increase with time, which was caused by
air leakage through the transparent hoses used to
measure the liquid levels inside the components.
Also P, Ty and T ; showed a smooth increase. It
is also important to observe that, despite the
continuous increase with time of the absolute
pressure due to air leakages, the pressure
difference between evaporator and accumulator
(APg,) remained constant. This is the pressure
difference responsible for the liquid lifting, which
is constant for a given configuration and thermal
load.

As the evaporator liquid level reached 12.9 cm,
the electric heaters were turned off, ending the
vapor transport process. At t = 6565 s, the
drainage process begun with the opening of the
sphere valve on line Li, so hot vapor flowed
directly from the evaporator to the accumulator,
equalizing the pressure between components,
increasing T, while T and T, ; decreased and the
liquid lifting stopped. As the pressure equalized,
the liquid level in the condenser rose, so
temperature Ty, , decreased and approached Ty ;.
When APy, decreased below 2 kPa, the sphere
valve of line L, was opened. Then, T, and P,
decreased. Once the APy 4 fell below the hydraulic
head of the accumulator liquid pool, the return of
liquid though line L. begun. The cold liquid
reduced the evaporator temperature. Natural
convection on the accumulator surface cooled
down this component. After all liquid had returned
from the accumulator to the evaporator, both
sphere valves were closed and the cycle was
completed.

In the second analysis, the three configurations
were submitted to different thermal loads along
consecutive regular cycles. For each configuration,
the applied thermal load, Qg, ranged from 2.0 kW
to 12.0 kW, with 2.0 kW steps. Thermal load was
applied until a certain volume of liquid was
evaporated from the evaporator (AVg). These test
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parameters are listed on Table 2. The average
cooling fluid flow rates (Vy) were: V; =11.91
L/min for AH¢y =2.0 m, V; =20.61 L/min for
AHcp = 30 m and Vy= 1031 L/min for
AH:4, =5.0 m. Temperature measurements along
the prototype are shown in Figure 5, while Figure
6 shows the measurements of pressure, thermal
load into the evaporator and heat transfer rate in
the condenser (Q.), calculated with the following
equation:

Qc = PCpr(TW,o - TW,i) 1)

where p and ¢, are the density and the specific
heat of the cooling fluid, respectively.

Table 2. Thermal load (Qg), volume of liquid
evaporated (AVg) and cycle numbering for each
liquid lifting height (AH,).

AH:4 [M] 2.0 3.0and 5.0
Qr AVg AVE
Test Cycle Cycle
kwp | Y€ | YRR
1 2.0
18t 3
2 4.0 18t 2
3 6.0
2nd 3
4 8.0
2nd 3
5 10.0 31 6
6 12.0 3 6 4t 6

Right after the initial pressure reduction period
of the device with the vacuum pump, the sphere
valves were closed and the electric heaters were
turned on, heating the working fluid, very similar
to the test presented before.

The operational conditions for liquid lifting
were achieved in this prototype when Tp =
59.1°C in the first configuration (AHg4 = 2.0 m),
T, = 70.1°C for the second configuration
(AHq4, = 3.0 m) and Ty = 81.2°C for the third
configuration (AH;4 = 5.0 m).

When the thermal load Qy was increased, from
2.0 kW to 4.0 kW, a new operational condition
was quickly achieved with the increase of T, T ;,
Tco, Pg and Qc, then all become smooth as
observed in Figure 5. Once the evaporator liquid
level reached 12.9 cm, the electric heaters were
turned off and the drainage process begun with the
opening of the sphere valves, just like the previous
test. The average total time lapse required to the
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drainage process was smaller for the first
configuration (AH.4 = 2.0 m), with equalization
and liquid return time of 45 s. For the second and
third configurations with AH.-4 of 3.0 mand 5.0 m,
respectively, the sphere valves were replaced by
valves with a lower flow coefficient and that are
better suited for operation at high temperatures.
For these two configurations, the equalization last
180 s and the liquid returned within 200 s, in
average.

AHea=2.0m
95
90
BS
BO
75 N,..
m X
: e

5) 1 I

£ 55 |- i L

= B0 ‘| }5 .

45 fi : o

b -’k'g’ t

15 T T T T ]
95 CA

S0

BS

B0 —
I =] | |
70 {_,___——‘-"I |J | { (W |

& / H \I h- |

s 55 ] i -

= 50 /

45 / -

e Ill g

B N N

30 .'I : I irl:_l'l' i ; |I

e R SN

20 T2 s T M P N PO O

15 —"'_="'I .L

AHea=5.0m

95

90 .

8 ™| 1 |

B0 ¥ 1 |i | | | !|
¢ |

g "l |IJ-I | | || 1

D o / T

2.5 .

[ / J:I I
45 I,' n i |l‘ | il
40 | :ll'.| _"\ I\.1 i ;'u\
35 f i ARSIy
30 I|' i i i i .‘j v
gg ﬁ“‘:'j_:—_—_-“—_—_ﬂ-ﬂ-lu-t-h——%k;"l‘l\fr’_\l
5 ! T T T T T T T

oo 02 04 06 08B 10 12 14 16 18
tis) 10°
Ta'n: — -Iri\. '||'_: o TA
— T Twi.a e Tea

Figure 5. Temperatures measurement as a
function of time for the three tested configurations
and for thermal load Qg ranging from 2.0 kW to
12.0 kW, at 2.0 kW steps.
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Figure 6. Measured pressures, thermal load input
and heat transfer rate at the condenser as a function
of time for the three tested configurations and for
thermal load Q ranging from 2.0 kW to 12.0 kW,
at 2.0 kW steps.

After the liquid had returned to the evaporator,
both sphere valves were closed, the electric
heaters were turned on again, corresponding to the
first thermal load of the second cycle. The
temperature behavior was again similar to the
cycles presented before. Once operation
conditions were achieved again, the accumulator
was cooled by the liquid that enters this
component and by natural convection on the
exterior surface, reducing the pressure P4. A small
decrease was observed at Tg, Tc; and Pg, in
Figure 5 and 6, while the pressure difference
between evaporator and accumulator remained
constant.

The larger was the height difference between
the evaporator and the condenser (4Hg.), the
larger was the temperature difference between Tg
and T ; This was due to the pressure drop of the
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vapor flow through line L3 which also increased
with the increase of the applied thermal load.

When the fifth thermal load, Q; = 10.0 kW was
applied, the condenser was not capable to promote
subcooling of the condensate in the first
(AH¢4 =2.0 m) and the second (AH;, =3.0 m)
configuration. Therefore, hot liquid started to be
delivered to the accumulator, increasing T4. Also,
the condenser liquid level was not stable and
oscillated between 30.0 and 32.5 cm. A bubble
implosion noise could be heard from the bottom of
the condenser. This behavior lasted until the end
of the cycle for the first configuration. For the
second configuration the noise could be heard
which was much lower than the first configuration,
and it progressively reduced as the temperature of
the liquid leaving the condenser reduced,
decreasing T¢, and T,. After 820 s, this noise
vanished.

In the last cycle, the sixth thermal load, of
Qp = 12.0 kW, was applied. Soon after the
operational conditions were reached again, the
bubble implosion noise was heard again from the
condenser bottom for all the three configurations
tested. For the first configuration, with AH., =
2.0 m, a part of the vapor did not condensate
within the condenser, and so, inside line L4 a two-
phase flow was formed, which could be heard
through the sound of vapor flow while the
condenser liquid level oscillated between 17.0 to
38.5 ¢cm. During this process, there was a sharp
increase in T¢, and T, with the intake of hot
vapor and liquid in the accumulator which led to
an increase of P,, while a decrease was observed
in pressure Pg and in temperatures T; and T¢; .
The pressure difference between evaporator and
accumulator decreased and was not large enough
to maintain the liquid lifting, which stopped, and
the noise ceased. Right after that, the temperature
of the working fluid rose again, as can be seen in
Ty and T ;, increasing back the pressure Pg, while
the accumulator and line Ls were cooled,
decreasing the temperatures T., and T, and
pressure P,. Soon after, the pressure difference
between evaporator and accumulator was enough
to continue the liquid lifting, although the noise
was heard again until the end of the vapor
transport process.

For the second and third configurations, the
two-phase flow did not occur. In the second
configuration, with AH., = 3.0 m, the condenser
had not completely subcooled the liquid and the
hot liquid was lifted to the accumulator until the
end of the cycle. The noise was heard during the
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entire vapor transport process, but much lower
than the first configuration. The condenser liquid
level varied from 22.0 to 27.0 cm after the noise
started, up to 24.0 to 27.0 cm at the end of the
cycle. In the third configuration, with AH-4, = 5.0
m, the behavior observed was similar to what was
observed in the second configuration with the
thermal load Qz = 10.0 kW, where after 960 s the
noise vanished. The condenser liquid level
oscillated from 22.5 to 27.0 cm at the beginning
and was stable at 24.2 cm at the end. In this
configuration, the noise was considerably lower
than in the other two configurations. Also, the time
period between bubble implosions noises was
considerably larger.

In all configurations, it was observed that the
device was able to adapt to changes, especially the
pressure variations in the accumulator. The
temperature and pressure of the working fluid
inside the evaporator, T and P respectively,
varied as well, so that the liquid lifting heigh was
maintained. The pressure difference between
evaporator and accumulator, APg, , was very
stable when the power input was kept constant, as
it can be seen in Figure 7.

t[s] %104

—— Pea (AHCw = 2.0 m) - OPc (MHca=2.0m)
MPep [AHzu = 3.0 m) —— OPc [AHca=3.0m)
- MPen (AHon =50 m) - P (BHca=5.0m)

Figure 7. Pressure differences as a function of
time between evaporator and accumulator (APg,)
and condenser inlet and outlet (AP:) for all the
three tested configurations.

With air leaking into the device through the
hoses during the operation cycles, a smooth
increase in the accumulator pressure P, was
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observed. Due to this effect, the device adapted
constantly by increasing the evaporator pressure
P; and the vapor temperature Tz, while AP,
remained stable, according to the hydraulic head
of the liquid column that was being lifted inside
line L4. No sign of interference in the condensation
process due to air infiltration was observed, as the
pressure difference between condenser inlet and
outlet AP also remained stable during the vapor
transport process, which could also be observed in
Figure 7.

As hot vapor flowed downwards carrying latent
heat from the evaporator to the condenser, where
it condensed and the liquid was subcooled. The
heat transferred from the working fluid to the
cooling fluid, Q. , was measured for all the
configurations.

In the first configuration, lifting height of 2.0 m,
small heat losses were observed as there were
small differences between the power input and the
condenser heat transfer rate.

For the second configuration, with lifting height
of 3.0 m, larger heat losses were observed, as the
heat transfer rate at the condenser was
considerably smaller (up to 50%) than the heat
input to the condenser. For the thermal load of
Qr =2.0 kW, it was measured Q. = 1 kW, with
the average temperature difference between
condenser inlet and outlet less than 1°C. The
measurement uncertainty in the condenser heat
transfer was approximately 30%. As the thermal
load increased, average heat transfer differences
between evaporator and condenser of 1.6 kW to
1.8 kW was observed, -corresponding to
differences in heat transfer rates of less than 16%.

For the third configuration, with lifting height
of 5.0 m, the measured Q. approached the applied
thermal load for Q between 8.0 and 12.0 kW. The
first and second thermal loads steps, 2.0 kW and
4.0 kW, a relatively small temperature difference
between condenser inlet and outlet of less than
3.5 °C was observed.

4. Conclusions

Three configurations of an inverted two-phase
thermosyphon prototype were tested in this work

to evaluate the thermal and hydraulic performance.

The length of lines Lz and L. of this prototype can
be varied, thus, enabling tests with different liquid
lifting heights.

Experiments were carried out at thermal loads
ranging from 2.0 kW to 12.0 kW along
consecutive regular operational cycles for the
three configurations. The device has worked well
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for all the liquid lifting heights tested. A self-
regulation capacity was observed in this inverted
two-phase thermosyphon, that is, the system is
able to adapt to changes in the operation
conditions in order to maintain operation. The
third configuration tested, with the maximum
lifting height of 5.0 m, have shown the best
performance with a very stable operation along all
the six thermal loads levels tested.

The constant infiltration of non-condensable
gases through the transparent hoses used as visors
to measure liquid level in different components
lead to a smooth increase of the absolute pressure
inside the components, although the pressure
difference between evaporator and accumulator is
constant during the vapor transport process.

As the distance between evaporator and
condenser increased, higher was the temperature
difference between the evaporator and the
accumulator required to achieve the pressure
difference APg, to surpass the hydraulic head of
the lifting liquid. So, for devices with a heat source
with prescribed temperature, special attention
must be taken about the height between the
components in order to secure operation.

Additional experiments will be carried out with
the third configuration, with AH;, = 5.0 m, with
thermal loads ranging from 1.0 kW to 13.0 kW to
evaluate the thermal and hydraulic behavior of the
prototype for other operation conditions. The
experimental data collected will be then used to
development of thermal and hydraulic models to
predict the performance of the inverted two-phase
thermosyphon under study here.
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Abstract
This article introduced a novel method for developing vapor chamber based on additive manufacturing (AM).
Leveraging the advantages of AM in forming complex geometries, a composite capillary wick material was
designed. The microstructure was analyzed using SEM (Scanning Electron Microscopy) and MicroCT (Micro-
Computed Tomography). The results indicated that a continuous, interconnected porous structure was obtained.
Thermal performance tests showed that 3D printed capillary wick can significantly enhance the heat transfer
capability and ultimate heat flux density of vapor chamber. The 2D vapor chamber can accommodate a heat flux
density of 88W/cm? with a thermal resistance of only 0.024°C/W. The 3D vapor chamber exhibited significant
changes in thermal resistance under different orientations. Relevant data can provide guidance for the thermal design
and experiment of spaceborne high-power electronic equipment.

Keywords: Additive Manufacturing, Composite Capillary Wick, Vapor Chamber, Heat Transfer Enhancement

1. Introduction

With the development of electronic integration
technology, satellite-borne electronic equipment
exhibits characteristics of high power and high
heat flux, making thermal dissipation technology
one of the bottlenecks that constrain the
performance and reliability of satellite-borne
electronic equipment [1]. In the space vacuum
environment, the convective cooling measures
commonly used in ground consumer electronic
products cannot function [2]. Based on the classic
integrated architecture of electronic products,
reducing the thermal resistance from the heat-
generating device to the heat dissipation panel is
the focus of thermal design. The main technical
approaches include high thermal conductivity
materials, thermal interface materials, heat pipe
products, and so on [3, 4]. Among them, vapor
chambers, while possessing the advantages of
high thermal conductivity, small temperature
gradient, simple structure, and high reliability of
traditional heat pipes, also have a unigue two-
dimensional structural feature that can achieve
multi-point isothermalization, high heat flux heat
spreading, and other functions. Research on
vapor chamber technology for thermal dissipation
of high-power electronic equipment has been one
of the research hotspots in recent years.

Similar to heat pipes, vapor chambers are
composed of a shell, capillary wick, and working
fluid. The capillary wick has strong structural
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design capabilities and significantly affects the
thermal performance of the vapor chamber.
Therefore, novel capillary wick structures are a
hot topic of research for scholars all the time.
Hamdy [5] studied the mesh and powder
composite capillary wick, which had outstanding
advantages in thermal performance compared to
a single mesh or powder capillary wick. Oshman
[6] combined the wire mesh with micro-channel,
significantly enhancing the thermal performance
of the vapor chamber. Peng [7] and others,
drawing inspiration from the vein structure of
leaves, developed a biomimetic capillary wick
with vein-like patterns. The experimental results
showed that the new structural form can improve
the transport efficiency of the working fluid.
Additive manufacturing (AM) technology is a
manufacturing method developed in recent years.
It possess prominent advantages in forming
complex and irregular structures. Based on the
method described in the literature [8], a titanium-
water heat pipe for thermal management of high-
power spacecraft has been successfully
developed, preliminarily verifying the technical
feasibility of additive manufacturing technology
in the production of heat pipes.

From the above, it is evident that the heat
transfer capability of the wvapor chamber is
constrained by the single type of capillary wick.
By combining different types of porous structures,
the capillary force and the transport efficiency of
the working fluid can be synergistically improved,
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which is expected to significantly enhance the
heat transfer performance of Vapor Chambers. In
this paper, a nine-square micro-channel
composite capillary wick structure was fabricated
through AM. And based on this structure, two-
dimensional and three-dimensional  vapor
chambers were developed. The test results
showed that the 3D printed composite capillary
wick can significantly improve the critical heat
flux density of the vapor chamber.

2. Design and Fabrication

Based on AM technology, a vapor chamber
with a composite capillary wick was developed.
Both the shell material and the capillary wick
material are AlSil0Mg, which are integrated and
printed in one piece. Ammonia was chosen as the
working fluid. To verify the feasibility of the AM
technology, two different configurations of vapor
chambers were developed, namely the 2D vapor
chamber and the 3D vapor chamber.

2.1 2D vapor chamber

The structural diagram of the 2D vapor
chamber is shown in Fig. 1. The wall thickness of
the AlSil0OMg shell is 1.5mm. To ensure the
pressure-bearing capacity and rigidity of the
shell, a cylindrical pressure-bearing dot matrix is
set between the two shell bodies. To achieve the
interconnection of the liquid working fluid
between the capillary wicks on both sides, a
porous capillary wick annulus is set around the
pressure-bearing cylinder. To enhance the
working fluid transport capacity of the 3D printed
capillary wick, thereby improving the thermal
conduction capability of the vapor chamber, a
staggered nine-square micro-channel is set on the
surface of the capillary wick. The size of the
micro-channels is 0.5 ><0.5mm.

Fig. 1 Schematic diagram of the internal structure
of the 2D vapor chamber
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2.2 3D vapor chamber

In this study, a 3D vapor chamber was
designed and developed, and the schematic
diagram of its internal structure is as follows. The
3D vapor chamber is a five-sided box structure,
with the cavity at the bottom of the box
connected to the cavities on the sides. The
internal structure of the ground and the
surrounding areas is similar to that of the 2D
vapor chamber.

Fig. 2 Schematic diagram of the internal structure
of the 3D vapor chamber

2.3 Characterization of Wick Parameter

The morphological characteristics of the 3D
printed capillary wick are characterized using a
Phenom XL electron microscope, and the
microstructure photos are shown below. By
controlling the AM scanning parameters and laser
energy, a loose through-hole structure can be
obtained, with macroscopic pores formed by
large particle pores, adhering to small particle
spherical powders that are not completely fused.

Fig. 3 SEM photos of wick material
To further characterize the pore structure of the
3D printed capillary wick, the microstructure unit
of wick was inspected using the NEOSCAN N70
micro-CT. The inspection results were shown in
the figure below. It can be seen that both the
nine-square micro channels and porous skeleton
were formed. The shell and the pressure-bearing
structural columns were dense sintered, while the
capillary wick is a non-dense sintered structure. A
well-connected interface between the two
structure is formed. The nine-square micro-
channel feature on the surface of the capillary
wick is consistent with the design model. The
interconnected pore structure inside the capillary
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wick was mainly composed of gaps between
incompletely fused powder particles.
. ) !

F1;g 4 CT photos of wick material

The pore parameters of the vapor chamber
were tested using the PMI Parameter device. By
examining the curve of the flow rate change with
pressure after the capillary wick was wetted by a
liquid medium, the bubble point pressure and the
corresponding bubble point pore size of the
porous medium material can be determined. The
pore parameters of the capillary wick were
statistically obtained by testing multiple samples.
The bubble point pore size is about 25 1 m, and
the effective flow pore size is about 40
micrometers. According to Darcy's law of
permeation, the permeability of the capillary
wick is measured to be approximately 5X 10712
m’.

Table 1 Porosity parameter of wick material

o, mean flow mean flow bubble point bubble point permeability

pore pressure pore diameter prasne porz diameter constant

unit iFa microns 1 microns 1E-12m2
Sample 1 7.05 12.66 3.69 2419 458
Sample 2 6.02 1482 240 37.16 6.03
Sample 3 624 1428 345 2589 411
Sample 4 6.87 1299 3.61 473 6.16
Sample 5 6.66 1341 3.62 2463 328
Sampl= 6 6.80 1313 3in 2397 331
Sample 7 6.90 1254 3.60 2481 462
Sample § 459 17.80 2.08 42580 6.79
Sample § 6.54 13.64 334 26.69 434
Samgle 10 398 1483 282 30.57 673
Avmrage 640 14.07 M 28.36 343
STDEV 0.56 141 0.53 3.87 0.87
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3. Experimental Setup and Method

3.1 Experimental setup of 2D vapor chamber

As shown in Figure 5(a), the test setup consists
of a simulated heating system, a simulated
cooling system, and a temperature signal
acquisition system. The simulated heating
element is a ceramic heating plate measuring
I5mm by 15mm, and the power loading is
controlled by a programmable power supply. The
cooling system is composed of a cold plate and a
chiller. Under the heat transfer mode test
conditions, the coupling area between the vapor
chamber and the cold plate is approximately
20mm. Under the heat spreading mode test
conditions, the entire surface of the vapor
chamber is in contact with the cold plate. Figure
5(b) provides a photograph of the test system.
Thermocouples are placed at  various
characteristic locations of the vapor chamber, and
the temperature data is collected through the
Agilent temperature measuring instrument
KaySight 34970A. The positions of the
temperature measurement points under the heat
transfer mode and heat spreading mode are
shown in Figures 5(c) and (d), respectively.

Computer

Data Logger

(a) Schematic diagram of test system (b) Photograph of test system

= 7Dn+x o e
. 1

151 .
(e) Sensor layout diagram (d) Sensor layout diagram

Fig. 5 Schematic diagram of 2D vapor
chamber experimental setup

3.2 Experimental setup of 3D vapor chamber

To test the effect of gravity on the heat transfer
performance  of  three-dimensional  vapor
chambers, four different orientations were
compared. As shown in Figure 6, in orientation 1,
the heating element is located at the center of the
bottom of the vapor chamber, with the cold plates
on either side of the vapor chamber cavity. The
evaporation section is positioned higher than the
condensation section, with the vapor chamber
operating in an anti-gravity mode. Orientation 2
is implemented in the same state as orientation 1,
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with the difference being that the test object is
flipped, with the heating surface lower than the
condensation surface, and the vapor chamber
operating in a pro-gravity mode. Orientations 3
and 4 place the test object vertically, with the
cold plates located on the upper or lower sides or
the left and right sides of the surrounding vapor
chamber cavities, respectively.

. v T4 Horizontal
. / inversion >
| & =

Posture 1

Rotate 90 Posture 2

counterclockwise

P .
% | Rotate 90 ni
clockwise
. 4
e | & 3
\4\ R .

Posture 3 Posture 4

Fig. 6 Schematic diagram of 3D vapor
chamber experimental setup

3.3 Data Processing

In the text, two physical quantities, the
temperature difference across the heat transfer
and the thermal resistance, are used to
characterize the heat transfer performance of the
vapor chamber. The calculation method for the
temperature difference across the heat transfer is
the difference between the evaporation section
temperature and the condensation section, as
shown in the following formula. Where T, and T.
represent the temperatures of the evaporation
section and the condensation section,
respectively.

AT=T,-T,

Here, AT represents the temperature difference
across the heat transfer.

The calculation method for thermal resistance
is shown in the following formula, where R
represents the thermal resistance, AT represents
the temperature difference across the heat
transfer, and Q represents the heat power
provided by the direct current (DC) regulated
power supply.
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4, Results and Discussion

4.1 2D vapor chamber

In the heat transfer mode, the heat load is
incrementally increased by 10W steps up to
200W. The temperature rise curve at the typical
measurement points is shown in Figure 7. T1 to
T4 are located near the heat source and the
adiabatic section, while T5 is located in the
condensation section. Under various test
conditions, the temperature difference between
Tl to T4 is small. When the load power is
between 10W and 120W, there is almost no
temperature  difference  across the four
temperature measurement points. Under the
condition of loading 200W, the heat flux density
in the evaporation zone is as high as 88W/cm?,
and the temperature difference between the
evaporation zone and the adiabatic zone is only
1.3 °C. The small temperature difference between
the evaporation zone and the adiabatic zone is
mainly attributed to three factors. Firstly, the
shell and the wick are an integrated structure
made by 3D printing, with the porous structure of
the wick and the shell forming a metallurgical
bond, resulting in a low thermal resistance.
Secondly, the nine-grid composite wick shortens
the liquid supply path in the evaporation zone,
which helps to enhance the capillary heat transfer
limit. Thirdly, the internal structure of the 3D
printed porous structure contains partially
unmelted spheres, and the secondary pore
structure formed between these unmelted spheres
increases the specific surface area of the
evaporation surface. The temperature difference
between the condensation measurement point TS
and the other four measurement points continues
to widen with the increase of the load power.
Under the condition of loading 200W, the
condensation heat transfer temperature difference
is 4.75 °C. The TS5 measurement point is located
above the condensation section. The coupling
length between the condensation section and the
cold plate is 20mm, considering the shell side
wall thickness of 5mm, the effective
condensation heat transfer surface area is
approximately 13.5cm?, and the condensation
heat transfer heat flux density is about
14.8W/cm?.  The condensation temperature
difference is relatively larger compared to the
evaporation temperature difference, which is
believed to be due to the wider pore size
distribution of the 3D printed porous wick. As the
heat transfer increases, the liquid in the larger
pore size decreases and accumulates in the
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condensation zone, reducing the number of
condensation nucleation sites on the wick
surface, leading to a decrease in condensation
heat transfer efficiency.

504 7 200w
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351
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Temperature /°C
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Fig. 7 Temperature Rise Curve of 2D Vapor
Chamber in Heat Transfer Mode

In the heat transfer mode, the trend of the
temperature difference and thermal resistance of
the vapor chamber with the increase of loading
power is shown in Figure 8. The temperature
difference across the heat transfer continuously
widens as the loading power increases, and an
inflection point appears in the temperature rise
slope when the power is increased to 200W. At a
loading power of 10W, the thermal resistance of
the heat transfer is about 0.06 °C/W, and it
quickly decreases to 0.015 °C/W (at a loading
power of 40W). Between 40W and 180W, the
thermal resistance of the heat transfer remains
approximately constant. At 200W loading, the
thermal resistance of the heat transfer increases to
0.024 °C/W. It is analyzed that at 200W, the heat
transfer capacity limit of the vapor chamber is
approached, the temperature rise slope shows an
inflection point, and the thermal resistance begins
to rise.

—u— Temperature difference L 0.06
\ —5= Thermal resistance

5] | -0.05

-0.03
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Fig. 8 Temperature Difference and Thermal
Resistance Curves of 2D Vapor Chamber in Heat
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Transfer Mode

In the heat spreading mode, the power is
incrementally increased by 20W steps up to
200W. The temperature rise curve at the
typical measurement points is shown in
Figure 9. The vapor chamber is horizontally
placed on the cold plate, with T1 located near
the heat source and T2 to T5 located at the
four corners of the vapor chamber. As the
loading power increases, the temperature
difference among the five measurement
points continues to widen. The temperature at
T4 is significantly lower than the other
measurement points, and the temperature
difference continues to expand with the
increase in loading power. At 200W loading,
a sudden drop in temperature is observed at
T4, and the temperature difference with other
measurement points expands to about 6.5 °C.
Combined with the test results in the heat
transfer mode, it is analyzed that in the heat
spreading mode, the condensation heat
transfer area increases, and the mechanism of
liquid plug formation is somewhat alleviated,
but not eliminated. Due to the wide
distribution of capillary pore sizes, at high
power levels, the working fluid in the large
capillary pores decreases under the action of
capillary pressure, and the working fluid
accumulates at the condensation position.
When the loading power reaches 200W, the
accumulated working fluid at T4 exceeds a
critical value and forms a liquid plug,
causing a sudden drop in temperature at that
point.

200W

36

[ )
o
L

Temperature /°C
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Fig. 9 Temperature Rise Curve of 2D Vapor
Chamber in Heat Spreading Mode
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The statistical results of the temperature
difference and thermal resistance of the vapor
chamber in the heat spreading mode are shown in
Figure 10. The patterns of change for both are
similar to the test results in the heat transfer
mode. The temperature difference across the heat
transfer continuously widens as the loading
power increases, and an inflection point appears
in the slope of the temperature difference
increase at 200W. The thermal resistance curve
shows a pattern of decreasing first and then
increasing, with a thermal resistance of about
0.015 °C/W between 40W and 180W. At 200W,
due to the formation of a liquid plug in a local
cavity, the temperature at the T4 measurement
point drops sharply, causing the thermal
resistance to soar to 0.033 °C/W.
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Fig. 10 Temperature Difference and Thermal
Resistance Curves of 2D Vapor Chamber in Heat
Spreading Mode

In summary, the additively manufactured two-
dimensional vapor chamber was tested in both
the heat transfer mode and the heat spreading
mode, and the sample has a heat transfer capacity
of 200W. Thanks to the unique porous structure
of the additively manufactured capillary wick, the
sample can adapt to a heat flux density of
88W/cm?, with an evaporation temperature
difference of only 1.3 °C. At the same time, due
to the wide distribution of pore sizes in the
additively manufactured porous structure, with
the interlacing of large and small pore sizes, it is
easy for liquid plugs to form in the condensation
section at high power, which in turn leads to an
increase in the heat transfer temperature
difference.

4.2 3D vapor chamber

The heat transfer performance of 3D vapor
chamber was tested in four different orientations.
The patterns of change in temperature difference
and thermal resistance are shown in Figures 11
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and 12. In orientation 1, the temperature
difference across the heat transfer and thermal
resistance began to soar when the loading power
exceeded 8OW. In orientation 2, the temperature
difference across the heat transfer increased
approximately linearly with the loading power,
and the thermal resistance remained stable at
around 0.048 °C/W between 20W and 200W. For
orientations 3 and 4, where the heated surface is
placed vertically, the patterns of change in the
temperature difference across the heat transfer
with the loading power are the same. Between
20W and 120W, the temperature difference
across the heat transfer increased approximately
linearly with the loading power, and the thermal
resistance remained approximately constant, at
0.052 °C/W (orientation 3) and 0.042 °C/W
(orientation 4). When the loading power exceeds
120W, the slope increases, and the thermal
resistance rises.
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Fig. 11 Temperature Difference Curves of 3D
Vapor Chamber Under Different Orientations
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Fig. 12 Thermal Resistance Curves of 3D Vapor
Chamber Under Different Orientations

Based on the criterion that overheating occurs
at the evaporation section measurement point and
there is an abrupt change in thermal resistance,
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the heat transfer capacity of the three-
dimensional vapor chamber under different
orientations is as follows. Under horizontal anti-
gravity conditions, the heat transfer capacity is
about 80W (orientation 1), under horizontal pro-
gravity conditions, the heat transfer capacity is
greater than 200W (orientation 2), with the
heated surface vertical and the cooling cold plate
arranged above and below, the heat transfer
capacity is about 180W (orientation 3), and with
the heated surface vertical and the cooling cold
plate arranged left and right, the heat transfer
capacity is about 100W (orientation 4). It should
be noted that although the power at which
overheating occurs at the T1 measurement point
is relatively low during the orientation 4 test, the
overall temperature at the other measurement
points is lower than that in orientation 3. At a
loading power of 100W, the thermal resistance of
orientation 4 is lower than that of orientation 3,
and at a loading power of 200W, the thermal
resistance of both is the same. The results of the
multi-orientation heat transfer performance tests
indicate that the heat transfer capacity of the
three-dimensional vapor chamber is significantly
affected by the gravitational field (orientation).

5. Conclusion

This article introduced a method for
developing vapor chambers by additive
manufacturing techniques. Taking advantage of
the benefits of additive manufacturing technology
in forming complex geometries, a composite
capillary wick structure was designed, which
interweaves a nine-square micro-channel with a
powder porous material. Both 2D and 3D vapor
chambers were developed. The quality of the
microstructure formation was analyzed using
SEM (Scanning Electron Microscopy) and
MicroCT methods. The results showed that by
controlling the scanning parameters at different
locations, it was possible to simultaneously
achieve a dense shell structure and a continuously
interconnected non-dense porous structure.
Thermal performance tests indicated that the 3D
printed capillary wick can significantly enhance
the heat transfer capability and the maximum
heat flux density of the vapor chamber. Test
results under different orientations showed that
the thermal resistance was highest under the
condition against gravity, followed by the
condition with gravity, and the lowest under the
vertically oriented condition, which is less
affected by gravity. This phenomenon was
owning to the uneven porosity of the 3D printed
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porous structure, leading to inadequate working
fluid supply in anti-gravity attitude.
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Abstract
The wick is the core component that provides driving force for the operation of the loop heat pipe, and its capillary
force determines the heat transfer capacity of the loop heat pipe. It is very important to know the performance
characteristics and adaptation range of wicks of different scales for the practical application of wicks in different types
of loop heat pipes. In this paper, the performance parameters of loop heat pipe wick prepared by micron carbonyl
nickel powder, submicron carbonyl nickel powder and nanoscale carbonyl nickel powder were characterized and
compared, and the problems of different scale wick in practical application were analyzed. By optimizing the scale of
carbonyl nickel powder, the capillary driving force is greatly increased from 55 kPa to 130 kPa. The experiment proves
that this optimization can make the loop heat pipe better meet the needs of high-power and long-distance heat

transmission, and has obvious application advantages.

Keywords: Loop heat pipe; Capillary structure; Multiscale; Carbonyl nickel powder

1. Introduction

Since Maidanik Y. F. et al. first proposed the
concept of loop heat pipe in 1971, it has become one
of the key technologies for the heat dissipation of
high-power spacecraft loads due to its features such
as high-power long-distance heat transfer, no
vibration, long life and high reliability. It has been
widely used in the field of space thermal control and
has broad application prospects [1-4]. As the core
component of loop heat pipe, wick provides driving
force for loop heat pipe operation, and its capillary
force determines the heat transfer capacity of loop
heat pipe [5]. It is generally believed that the small-
pore capillary structure can provide greater capillary
driving force to overcome the loop pressure drop.
But at the same time, the permeability of wick will
be reduced, thereby increasing the flow resistance of
the working medium [6-7]. Therefore, it is very
important to define the performance characteristics
and adaptation range of wicks of different scales for
the practical application of wicks in different types
of loop heat pipes.

In this paper, the performance parameters of the
loop heat pipe wicks prepared by micron carbonyl
nickel powder, submicron carbonyl nickel powder
and nanoscale carbonyl nickel powder were
characterized, and the problems in the practical
application of the above wicks of different scales
were analyzed. The performance of the loop heat
pipe was optimized by adjusting the scale of
carbonyl nickel powder, and the suitable application
range was given.
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2. Wicks based on carbonyl nickel powder
with different scales

2.1. Micron carbonyl nickel powder

The particle size of the common micron carbonyl
nickel powder is 1.2~1.8 um, as shown in the figure
below. The experimental results show that the
maximum pore size of the prepared wick is
generally 0.9~1.3 um; permeability range: 1.0x10
14-5.0x10™ m?; and the capillary driving force of
the corresponding loop heat pipe is about 55 kPa.

Figure 1. SEM image of micron carbonyl nickel
powder.

Although increasing the pressing pressure can
reduce the maximum pore diameter of the wick and
thus increase the capillary driving force, micron
carbonyl nickel powder cannot achieve more than
100 kPa capillary driving force, due to the limitation
of the size of the powder. Therefore, the use of
smaller particle size powder is the key to improve
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the capillary driving force.

2.2. Nanoscale carbonyl nickel

powder

The particle size of nanoscale powder is much
smaller than that of micron powder, but if nanoscale
powder is used as wick raw material alone, it will
cause extremely low permeability and great
resistance, which is not conducive to the overall
performance of the evaporator. Therefore, the pore
size was reduced by mixing nanoscale nickel
powder into micron carbonyl nickel powder. The
use of nanoscale mixed powder can effectively
reduce the maximum pore size and improve the
capillary force. The experimental results show that
the capillary force of the wick can reach 210 kPa
with the addition of 15% nanoscale carbonyl nickel
powder (with a particle size of 50 nm), which is four
times of the 55 kPa capillary driving force of the
micron wick. But at the same time, its permeability
drops to the order of 10-° and the resistance is much
greater.

In addition, it is also found that there are serious
problems of low-temperature sintering of nanoscale
mixed powders during the study. The
manufacturing process of loop heat pipe usually
includes high-temperature welding process, and it is
necessary to ensure that the capillary force of the
evaporator does not decrease after welding and
other processes. Therefore, the capillary force
changes of the wick prepared by nanoscale mixed
powder before and after heating at 200°C/1h were
compared. The test results showed that after heating
at 200°C/1h, the capillary force decreased from 210
kPa to 150 kPa.

In order to confirm the reason for the change of
capillary force of the wick prepared by nanoscale
mixed powder before and after heating, scanning
electron microscopy was conducted to observe the
microscopic morphology of the powder before and
after heating, as shown in Figure 2. It can be seen
from the figure that after heating, the powder
shrinks and aggregates to a certain extent, and the
pores formed between the powders become larger.
It can be inferred that the low-temperature sintering
of nanoscale powders occurs [8-9], which leads to a
significant reduction in capillary force.
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(b) After heating
Figure 2. Comparison of nano-scale mixed
powder before and after heating.

2.3. Submicron carbonyl nickel
powder

From the above analysis, it can be inferred that
the use of a single particle size of submicron powder
can simultaneously improve the capillary force,
reduce the problem of low-temperature sintering
and ensure a certain permeability. Therefore, the
capillary structure of the loop heat pipe was
optimized by using submicron carbonyl nickel
powder. Carbonyl nickel powder with particle size
0f 0.69 um was pressed under conventional pressure,
as shown in Figure 3. The experimental results
showed that the permeability range was as follows:
6.86x1015~8.22x10"® m?, the capillary driving
force of the wick can reach 130 kPa at room
temperature, which is more than twice the capillary
driving force of the micron carbonyl nickel powder
wick pressed under the same pressure. In addition,

the submicron wick was heated at 200°C/1h, and the

results showed that the capillary force did not
change after heating.



Joint 22* International Heat Pipe Conference & 16™ International Heat Pipe Symposium
24% 28 November 2024, Nakhon Pathom, Thailand

Figure 3. SEM im ge of submicron rboyl
nickel powder.

In addition, the thermal conductivity of the wick
directly affects the heat leakage inside the loop heat
pipe evaporator. So the thermal conductivity of
micron carbonyl nickel powder wick and submicron
carbonyl nickel powder wick formed by the same
process were tested respectively. The measurement
was carried out by laser pulse method according to
ASTM E1461. The test results show that the thermal
conductivity of micron carbonyl nickel powder
wick is 3.89 W/m-K, while that of submicron
carbonyl nickel powder wick is only 0.96 W/m-K,
showing better thermal insulation characteristics.

In summary, although the capillary driving force
of the wick prepared by submicron powder is lower
than that prepared by nanoscale mixed powder, it
can achieve the improvement of the capillary
driving force without introducing defects, and has a
low thermal conductivity, which has obvious
application advantages.

3. Experimental verification of heat transfer

performance

In order to verify the influence of the above
optimization on the heat transfer performance of the
loop heat pipe, the evaporator of the loop heat pipe
was fabricated by using micron carbonyl nickel
powder and submicron carbonyl nickel powder as
the raw material of the wick. The two evaporators
were connected to the test system respectively to test
the heat transfer performance. The dimensions of
the two evaporators are the same. The vapor pipe,
liquid pipe and condensing pipe used in the test
system are small-diameter pipes with an inner
diameter of 2 mm (high resistance). The test results
are shown in Table 1.
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Table 1. Comparison of heat transfer
performance of loop heat pipe before and after

optimization.
Maxim- .
{-rl:r?;,port um heat Perr_n_— gr?/pm
Evaporator di transfer | eability
istance . 2 force
capacity | (m?)
(m) W) (kPa)
Evaporator
based on | 05 450
micron 1.1x 55
carbonyl 10
nickel 10 215
powder
Evaporator
based on | 0.5 410
submicron 1.2x
carbonyl 101° 130
nickel 10 300
powder

It can be seen that compared with the evaporator
based on micron carbonyl nickel powder, the
evaporator based on submicron carbonyl nickel
powder has no advantage in short-distance heat
transfer, because the flow resistance in the
evaporator is dominant at this time, and the
permeability of submicron carbonyl nickel powder
is lower and the resistance is larger. However, the
evaporator based on submicron carbonyl nickel
powder has obvious advantages in long-distance
heat transfer, when the external loop resistance is the
main resistance, and the large capillary driving force
can significantly improve the overall heat transfer
capacity. Therefore, it is verified that the above
optimization design for loop heat pipe evaporator
can better meet the needs of high-power and long-
distance heat transmission.

In order to more comprehensively compare the
application range of loop heat pipes based on two
sizes of carbonyl nickel powder, the relationship
between the maximum heat transfer capacity and
transmission distance of the two evaporators was
theoretically calculated. The calculation results are
shown in the figure below. As can be seen from the
figure, only in the case of short-distance heat
transfer of less than 1m, the evaporator based on
micron carbonyl nickel powder will show
application advantages. When the heat transfer
distance is greater than 1m, with the increase of the
transmission distance, the advantage of the
evaporator based on submicron carbonyl nickel
powder will become more and more obvious.
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Figure 4. The relationship between maximum heat
transfer capacity and transmission distance.

4. Conclusions

In this paper, the properties of the loop heat
pipe wick prepared by micrometer carbonyl nickel
powder, submicron carbonyl nickel powder and
nanoscale carbonyl nickel powder were
characterized and compared. The results show that
the use of smaller particle size powder is the key
to improve the capillary driving force. The use of
nanoscale mixed powder can effectively reduce
the maximum pore size and increase the capillary
force. But at the same time, its permeability is very
low, the resistance is large, and there are problems
of low-temperature sintering. Relatively speaking,
the submicron carbonyl nickel powder can achieve
the improvement of capillary driving force
without introducing defects. The experiment
proves that it can better meet the needs of high-
power and long-distance heat transfer, and has
obvious application advantages.
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Abstract

140 x 80 x 1.0 mm? ultra-thin vapor chambers (UTVCs), to be used in air-cooling modules for high-power
Al servers, are fabricated and tested horizontally under a heating area of 30 x 30 or 40 x 40 mm?. The measured
maximum heat transfer rates with the thermal resistances of the UTVCs are 696.8 W with 0.027 K/W and 860
W with 0.016 K/W, respectively. In contrast, the UTVC with a 2x200 mesh wick can reach only 259 W [3].
Accordingly, the air-cooling UTVC module may reach 1400 W if four 8 mm composite heat pipes are used,
or reach > 1900 W if eight ®8 mm heat pipes are used. Higher Qmax and lower R can be expected for a 50 x 50
mm? heating area. These results indicate that the proposed air-cooling UTVC module will very likely stand out
and be chosen for high-power Al server cooling among the cold-plate cooling modules.

Keywords: Vapor chamber; Composite wick; Air-cooling module; Al server; Triple composite wick

1. Introduction

This work tests the ultra-thin vapor chambers
(UTVCs) with novel composite triple (mesh-
groove-powder) wicks under high heating rates up
to 700 W at a heating area of 30 x 30 mm? or 40 x
40 mm? Recent power dissipations of Al GPUs
have exceeded 1000 W and are claimed to be
unsolvable using air cooling method. However, the
liquid cooling method adopting cold plates requires
extremely complex liquid piping for servers, racks,
and infrastructure of the data centers. Above all, the
installation and maintenance costs are extremely
high and inconvenient for cold-plate liquid cooling.
If air cooling can solve such high-power
consumptions, nothing needs to be changed. The
only drawback is to maintain the large heat sink
height to deal with the > 1000 W high powers. If air
cooling method is plausible, direct installation of the
data center with low cost can be easily realized.
Hence, we propose a thermal module, as shown in
Fig. 1, that can reach a cooling capacity of 1500 W
with a core unit of high-power UTVC under a
heating area of 40 x 60 mm?. In Fig. 1, the UTVC
lies at the 40 x 40 mm? bottom center of the module,
and four (or eight) $8 mm heat pipes (HPs) with a
composite groove-powder wick compressed to 3.5
mm, two (or four) HPs at each side witha 40 x 10
mm? area but remain cylindrical when penetrating
through the heatsink plate fins. If eight HPs are used,
a heat spreader made of oxygenless copper is
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needed. The HPs are flattened to 3.5 mm at the
evaporator section. Subtracting the ineffective end
of 5 mm, the heated area of a HP is 15 x 9 mm2 We
have measured the cooling capacity of a vertically-
oriented bent HP to be about 140—-150 W. Thus,
with a high cooling capacity of 860 W and a rather
low thermal resistance of about 0.016 K/W for a
high-power UTVC with a triple composite wick, the
total cooling capacity may reach > 1400 W (or 1900
W when eight HPs are used). without exceeding the
chip temperature limit of 85 °C.

The composite-wick UTVC is the core unit of
an air-cooling module, for Al server management,
as shown in Fig. 1. The UTVC lies under the
bottom of this module to contact the Al heater. To
dissipate an amount of heat larger than 1 kW, a
large fin area is needed. Using a large fin height,
the fin efficiency may be lowered. Consequently,
four (or eight) 8 mm heat pipes are used to co-
cool the Al chip laying at both sides of the heater.
The heat pipes are flattened to 3.5 mm at their
evaporator and their 8 mm cylindrical condenser
penetrates through the heatsink fins. Each bent
heat pipe has been tested to solve a heat load up to
140-150 W.

The excellent thermal performance of the
present novel UTVC mainly results from the fact
that the condensate can return to the evaporator
wick directly via the numerous pillars, as shown
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in Fig. 2. The low-power applications of it are
mostly on smartphones. Since this novel design
adopts a rather thin container wall and mesh wick
to reach a sufficient heat transfer capability and a
low vapor chamber resistance (R) under a
thickness of 0.2-0.4 mm, it has been widely
applied in commercial smartphones. As to its
high-power capability, the greatly shortened
return distance, and hence much lowered liquid
flow resistance, is of crucial importance. It makes
possible a high maximum heat load (Qmax) of 140
W and a low minimum thermal resistance (Rmin) Of
0.03-0.05 K/W for a 140 x 80 x 0.6 mm* UTVC
which adopted only a single layer of #200 mesh
wick [2]. When a mesh-groove composite wick is
adopted, a Qmax near 487 W and an Rmin as low as
about 0.03 K/W can be obtained with the UTVC
thickness slightly increased to 0.7 mm [3].

The objective of this study is to test a kind of
triple composite wick consisting of one layer of
#200 mesh over the grooves with powders added in
the evaporator [4]. Outside the evaporator, only
double composite mesh-groove is employed to
avoid excessive liquid flow resistance. The thermal
performance of these UTVCs with the triple
composite wick will be compared with the double
composite wick under a fixed UTVC footprint and
thickness. The tests results reveal that a Qmax as high
as 860 W with a low thermal resistance (R) of 0.016
K/W can be obtained for the triple-wicked UTVC
heated under 40 x 40 mm?2,

2. Experiments
2.1. Preparation of the triple composite-
wicked UTVC

The schematic structure of the triple composite-
wicked UTVC is depicted in Fig. 3. The footprint
(or condenser) area of the UTVC is 140 x 80 mm?.
The UTVC thickness is fixed at 1.0 mm. The
material is copper alloy C5191. After thorough
cleaning, the top and bottom plates were integrated
by diffusion bonding in an 800 °C environment with
15% hydrogen under 50 kg/cm? for 2 h. The static
contact angles of outer flat UTVC surfaces were
kept as small as 12+2° The filling tube was
mounted using a high-frequency welder.
Evacuation of the non-condensable gas (NCG)
was conducted before sealing of the filling tube.

The @1.0 mm pillars at a pitch of 3.0 mm were
formed by chemical etching on the inner surface
of the top plate. On the top plate, a 0.10 mm-thick
recess over the whole inner chamber was etched
out to accommodate the originally 0.11 mm-thick
#200 mesh wick. The pillar depth or the vapor duct
thickness was 0.6 mm. The wire diameter of the
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#200 copper mesh is 0.055 mm and the wire
distance is 0.072 mm. The porosity of the mesh
wick is estimated to be 0.607 [1]. Parallel grooves
similar to those shown in [2] were etched on the
bottom plate.

For an Al chip without a hot spot, the highest
heat flux occurs at the chip center. In the triple
composite wick, the composite mesh-powder wick
has the highest -capillarity but the lowest
permeability. So, it is applied at the center of the
heater with a small area (Region A in Fig. 3).
Some pillars are made in Region A for its anti-
compression strength. Outside the powder wick is
a 40 x 40 mm? region of a densified double
composite mesh-groove wick (Region B). This
heated region must have a sufficiently strong
capillarity to avoid early dryout. So, the groove
width is lowered to 0.10 mm here. Yet, the groove
wall thickness cannot be too small to maintain a
low evaporator resistance. Outside Region B is
Region C with a double composite wick, Further
outside is Region D with another double
composite wick having a highest permeability K.
Both Regions C and D can have a large K with
wider and deeper grooves without concern of
capillarity. But the groove length of Region C is in
line with that of Region B, at 0.5 mm. The groove
length of Region D can be longer, selected as 5
mm. All these groove depths and widths depend
on the etching technique of the producer.

2.2. The test setup

The schematic of the experimental setup is shown
in Fig. 4. The UTVC was tested under a horizontal
orientation. The heating block was made of
oxygenless copper C30100 with a thermal
conductivity of 391+3 W/(m-K). A uniform heating
surface of 30 x 30 mm? is attached to be bottom
center of the UTVC, while a cold plate with running
water of 50+1 °C at 2-:10° m3/s covers the top
surface (i.e., the condenser) of the UTVC. A total
load of 3.6 kg, including the weight of the cold
plate, was applied on the test sample to minimize
the TIM resistances. This load has been proved to
be non-influential to the test results [3].

K-type thermocouples (Omega, Inc.) were used
in this work. In Fig. 4, thermocouples T; and T»
are implanted 10 mm apart along the centerline of
the heating rod to measure the actual heat input
(Q). The temperature measured at the center of the
top surface of the heating rod (Ts) was assigned as
the junction temperature (T;j). Qmax is defined as the
largest Q prior to dryout.
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Figure 1. A proposed air-cooling thermal
module for air-cooling of Al servers.

Filling tube Q
Channel wall+

Vapor duct

Support
pillar

Container

Figure 2. The novel UTVC and the liquid
cycling route.
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Figure 3. The triple composite wick structure.
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Figure 4. The test setup for the UTVCs.
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As shown in Fig. 5, seven thermocouples (T+—
Tio), spreading over the bottom surface of the cold
plate, measured the condenser temperatures. The
cold plate has two symmetric serpentine ducts,
each with one inlet and outlet. The outlet
temperature was higher than the inlet temperature
by 4 K. A thin layer of thermal grease (DOWSIL
TC-5021, thermal conductivity of 3.5 W/(m-K))
was laid between every contact interface. The
measured values of R involved the resistance
associated with the thermal grease, which
occupied a small fraction of the total R. The
experimental Q and R are defined as

Q =35.19 x (T; — T,) (30 x 30 mm?) or (1a)
Q = 6256 x (T, — T,) (40x 40mm?.  (1b)

The thermal resistance of the UTVC (including
Riim) is calculated as

R=(Tj- Tcaw)/Q, (2)
10
.~ T;
where Teag = % 3
cold plate
20 30 30 30 ‘I
|___ F r——,‘————'r————l
15 15 15 1
uew v v I
Tio Tg 40 T; I
— I
L v I
Tg 1
T, TS Ts I
Y . 4 I
S| B S | P PSS || S

length unit in mm

Figure 5. The thermocouple positions on the
bottom surface of the cold plate.

3. Results and Discussion

Fig. 6 shows the thickness of the UTVC. Fig. 7
shows the R-Q performance for a triple composite
wick at 30 x 30 mm?, along with a two-layer
2x200 mesh wick [2]. Obviously, the triple
composite wick displays superior thermal
performance to the ordinary 2x 200 mesh wick. Fig.
8 presents the R-Q performance for a densified
triple composite wick, along with a double
composite mesh-groove wick, at 30 x 30 mm? or
40 x 40 mm?, Heated at 30 x 30 mm?, the Qmax for
the triple-wick UTVC reaches 700 W, while that
of the densified double composite wick and the
2x200 mesh wick are only 632 W [1] and 259 W
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[3], respectively. At a larger heating area of 40 x
40 mm?, the Qmax may reach 860 W with an R as
low as 0.016 K/W. The triple composite wick
obtains a higher Qmax and slightly better in R than
the double composite mesh-groove wick. In the
triple composite-wicked UTVC, the largest
differences among the condensation temperatures
were less than 6.4 K. This value may be affected
by the water temperature different in the cold plate.
We will use a new cold plate with a much smaller
temperature difference between the inlet and
outlet for improvement.

Figure 6. The thickness of a UTVC with a triple
composite wick.
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Figure 7. The R-Q relation for a triple composite
wick in comparison with a two-layer 2x200 mesh
wick heated at 30 x 30 mm?.
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Figure 8. The R-Q relation for a triple composite
and a double composite wick heated at 30 x 30
mm? or 40 x 40 mm?2.
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4. Concluding Remarks

140 x 80 x 1.0 mm? ultra-thin vapor chambers
(UTVCs), to be used in air-cooling modules for
high-power Al servers, were fabricated and tested
horizontally under a heating area of 30 x 30 mm? or
40 x 40 mm?, The measured maximum heat transfer
rates with the thermal resistances of the UTVCs are
696.8 W with 0.027 K/W and 860 W with 0.016
K/W, respectively. We will optimize the design to
improve the Qmax and R. In contrast, the UTVC with
a 2x200 mesh wick can reach only 259 W [3]. We
will also test the UTVC with a 50 x 50 mm? heater,
which corresponds to the heating area for the UTVC
for the 58 x 63 mm? GB200 heater. Accordingly, the
air-cooling UTVC module may reach 1400 W if
four $8 mm heat pipes are used, or reach > 1900 W
if eight $8 mm heat pipes are used. These results
indicate that the proposed air-cooling UTVC
module will stand out and be chosen for high-power
Al server cooling among the cold-plate cooling
modules.
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Abstract

A two-phase loop thermosyphon is a passive two-phase heat transfer device. In the literature, mathematical modeling is
carried out with the assumption that a two-phase flow is present in the riser and the downcomer is fully filled with liquid.
In the present work, a 1D mathematical model is developed for fully-filled and partially filled downcomers. The
mathematical model successfully modeled the trend of mass flow rate with input heat as observed in the literature. An
experimental setup is also designed to compare the predicted results with experimental results. The model predicted the
trend mass flow rate pattern with heat loads, as observed in the literature. The model predicts a higher operating
temperature than the experimental results. Visualization studies are also carried out to observe the flow pattern in the
riser. The visualization study showed that in the riser, vapor dragged the liquid to some height and the liquid returned to
the evaporator and only vapor went to the loop. Higher predicted temperature can be attributed to the invalidity of the
assumption of two-phase flow throughout the riser.

Keywords: Loop Thermosyphon; Modelling; Partially Filled Downcomer; Visualization

1. Introduction liquid lines. Aung et al. [11] modeled a loop

Loop thermosyphon is a hermetically sealed thermosyphon to investigate the effect of riser
passive two-phase device that transports heat from the diameter and inclination angle on collector efficiency
evaporator to the condenser with liquid return for solar heating applications. They assumed a fully
facilitated by gravity. It consists of an evaporator, a filled downcomer and two-phase flow in the riser in
condenser, and separate tubes for vapor flow (riser) the model. It was observed that collector efficiency
and liquid flow (downcomer), as shown in Figure 1 increased with an increase in riser diameter and
[1]. inclination. During the above studies,- two-phase flow

is assumed in the riser and the downcomer is
considered to be fully filled with liquid. The liquid
level in the downcomer depends on the heat load,
fluid charging, and dimensions of the loop. The level
can be partially filled in some cases. Zhang, et al. [3]
formulated a one-dimensional steady-state model
for a two-phase thermosyphon loop (TPTL) with
both fully and partially filled downcomer. For
partially and fully filled downcomers, the state at
the condenser outlet will be saturated and
subcooled, respectively.

Modelling is a tool to estimate the performance of
the loop thermosyphon. In the open literature, various
studies have been done with steady-state thermo-
hydraulic mathematical models of the loop
thermosyphon. Normally, 1D mass, momentum, and
energy equations are solved using an iterative scheme
[2]. Mathematical models are available with the
assumption that the downcomer is filled with liquid
[3, 4]. The flow in the riser is generally assumed to be
two-phase [5, 6]. The output parameters are the mass
flow rate, temperatures, and pressures in the loop [3,

4, 7, 8, 9]. Literature shows the increasing and For low thermal loads and low filling ratio, the
decreasing trend of mass flow rate with an increase in downcomer is partially filled. Increasing the
heat loads. The increase in mass flow rate with load at thermal load and the refrigerant charge both leads to
lower heat loads is termed as gravity-dominated an increase in liquid height in the downcomer and
regime. Beyond a certain heat load, the mass flow rate finally fully filled downco_mer operation is achieved
in the loop decreases with increase in heat load which [4]. Zhang et al. [4] experimentally investigated the
is termed friction-dominated regime. thermal performance of loop thermosyphon and

Song et al. [8] analytically studied the loop compared it with a mathematical model. They
normalized mass flow rate for different heat inputs. observed that the actual driving force is less than
They observed a gravity and frictional-dominated that of fully filled downcomer. Visualization
regime. Chehade et. al. [10] modeled a loop showed that the downcomer can be partially filled.
thermosyphon for telecommunication cabinet As discussed above, few modeling studies are
cooling and validated it with experimental data. available that solve the governing equations for both
They observed two-phase flow in the vapor and partially or fully filled downcomers [3, 4]
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In this paper, a 1D mathematical model of a
constant conductance loop thermosyphon (i.e.,
without a reservoir) is developed for the general case
of no constraints on the boundary conditions or the
imposition of any fixed states. It also considers the
conditions where the downcomer is fully and partially
filled. An experimental setup is also fabricated to
validate the model by comparing the predicted results
from the model with experimental data.

2. Mathematical model

One-dimensional steady-state mass, momentum,
and energy equations are iteratively solved using
MATLAB. It is assumed that a two-phase flow is
present in the riser. The model is developed for
situations when the downcomer is either partially
filled or fully filled. The steady-state equation for
the conservation of mass is:

1)

m = constant
Where m is the mass flow rate of the working fluid.

The steady-state momentum equation after

integrating around the loop is [4]:

§ dE, ZS"S ds+ $((1 — a)p; + apy )gsinbds =0  (2)
hP1

G is the mass flux, « is the void fraction, ¢;° and fi,
are respectively the two-phase friction multiplier
and Fanning frictional factor when the entire flow is
liquid, and s is the length variable along the loop.
Equation (2) states that the gravity head balances the
frictional pressure drop. The void fraction a and is
calculated using Thom’s correlation [12].

o= (1+ ()™ (2)) ®

The two-phase multiplier is calculated using
Freidel's corrections [5]

¥ = Cor + ramgesors @

Cpp=(1—-%+x° (g—"/) (ff‘l’_:)’) ©)

Crz = x07(1 =02 (2) 7 (2) (1-2)" (5)

U= o 7)
2

We= s ®)

Pep = (i + ?)_1 ©)

The equation for conservation of energy is [3]:

o =q; (10)
where £ is the enthalpy and ¢ is the supplied heat
per unit length. The current model used Shah
correlation for condensation which is a function of
vapor quality [12].

The mass of fill constraint within the loop is given by
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$ pAds = My, (11)
Note that My is the quantity of working fluid filled
in the loop, p is the local density, and 4 is the cross-
sectional area of the tube. The details of the loop and
working fluid are given in Table 1.

Table 1. Dimensions of the loop thermosyphon.

Height of loop 750 mm
Width of loop 300 mm
Length of evaporator 150 mm
Length of condenser 220 mm
Inner tube diameter 9.2 mm
Working fluid Methanol
Charging volume 100 ml

4] -

Oforo ==
0 &l || =
O CONDENSOR| 1
15
. 0 B
0 EVAPORATOR
gl
-2
& £

Figure 1. Schematic for loop thermosyphon for
modeling with fully filled downcomer

The loop is divided into different zones based on the
state of the working fluid for fully-filled and partially-
filled downcomers, as shown in Figure 1 and Figure
2. Table 1 and Table 2 describe the zones for the fully
filled and partially filled cases, respectively. Each
zone is further divided into a large number of small
elements and an assumption is made that the
properties do not vary within the element. Enthalpy
and pressure at node points are calculated using the
energy and momentum conservation equations
mentioned above. The flow charts to solve the
equations for fully-filled and partially-filled
downcomers are given in Figure 3 and Figure 4,
respectively.

Initially, the model is run assuming the downcomer
is filled with liquid. If the model does not converge,
then the downcomer is partially filled and the
relevant algorithm for that case is then used.
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Table 1. Zones for fully filled downcomer case

ZONE DESCRIPTION
1-2 | Subcooled liquid flow in evaporator
2-3 | Two-phase flow in evaporator
3-4 | Two-phase fluid flow in vertical riser
4-5 | Two-phase fluid flow in horizontal riser
5-6 | Two-phase fluid flow in condenser
6-7 | Subcooled liguid flow in a condenser
7-8 | Subcooled liquid flow in vertical
downcomer
8-1 | Subcooled liquid flow in horizontal
downcomer
* 1-2 is the region between points 1 and 2 in Figure 1.
= [=)
[4]- (Q'O o o \__ 5
o
0
0 CONDS\I?IR |:>
C T '@
0 EVAPORATOR
» O Ldown
2 2]
J
3 o2 [C1

Figure 2. Schematic for loop thermosyphon for
modeling with partially filled downcomer

Table 2. Zones for partially filled downcomer case

ZONE DESCRIPTION
1-2 Subcooled liquid flow in evaporator
2-3 Two-phase flow in evaporator
3-4 Two-phase fluid flow in vertical riser
4-5 Two-phase fluid flow in horizontal riser
5-6 Two-phase fluid flow in condenser
6-7 Liquid film in downcomer
7-8 Liquid flow in vertical downcomer
8-1 Liquid flow in horizontal downcomer

* 1-2 is the region between points 1 and 2 in Figure 2.

117

ASSUME LENGTH OF SUBCOOLED _
REGION v *

¥

ASSUMEMASS FLOWERATE m

)

ASSUME PRE3SURE ATFRODNT 6
(SATURATED LIQUID STATE)

CHANGE -
CALCULATE §, I

CHANGE
m

AFTER. CALCULATION AT PRESSURE
POINT 615 E; AND MASSFILL IS My

E 3

-

l

Figure 3. Flow chart to solve the mathematical
model when the downcomer is full.

3. Experimental Details

A schematic of the loop thermosyphon is given in
Figure 5. The experimental setup of the loop
thermosyphon has the same general dimensions as
the mathematical model. The dimensions of the loop
components are given in Table 1. The loop is made
using copper tubing of (outer diameter [OD] -12.7
mm, inner diameter [ID]-9.2 mm). The evaporator
and condenser are oriented vertically. The
evaporator is heated with the help of aluminum
saddle and cartridge heaters. The condenser is a
tube-in-tube type heat exchanger. The cold water
from the chiller is circulated in the annular section
to cool the thermosyphon condenser. Thirteen T-
type thermocouples are placed at different locations
on the loop for temperature measurement. The
details of the instruments used in the experimental
set-up are given in Table 2.
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Figure 4. Flow chart to solve the mathematical
model when the downcomer is partially filled.
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Figure 5. Schematic of experimental set-up for loop
thermosyphon

Table 3. Details of the sensors and instruments used

Company TC Direct

Type T-Type,
Thermocouples Welded Tip

Bead Diameter 0.3mm
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Accuracy +0.4°C
Company Omega
Model PX309-
Pressure 500A5V
Transducer Operating -40°C to 85°C
Temperature
Output 0-5Vdc
Company Siskin
Model RCC2500-
Constant RT3
Temperature | Maximum 2 bar
fluid circulator | Pressure
Cooling Capacity | 2 kW @ 20°C
Heating Capacity | 2.5 kW
Evaporator Glass Wool
(0.023 -0.04
Insulation W/mK)
Loop Black Nitrile
(0.034W/mK)
Dimensions 150 mm x 50
Saddle mm x 50 mm
Material Aluminium
Type Cartridge
Heater
Heater Maximum Power ggg\\//\;c@
Dimension @ 8 mm x 140
mm
Company Keithley
Data Model 7708 - 40
Acquisition Channel .
System D|ffgrent|al
Multiplexer
Sampling Rate 5 seconds
Company DENKO
Power Supply ;)/r?arllsaec—Smgle
(Heater) Type AC
Voltage/current 0-270V/0-6A
T aa— 3
(Pressure Voltage 0-32Vdc
Transducer) Current 0-2A
4. Results

The results of the mathematical model are
presented in Figure 6 with 100 ml of methanol as the
working fluid (fill ratio: 35%). The model predicts
similar trends for mass flow rate and vapor quality at
the evaporator outlet as reported in the open literature
[2,3,7].

With an increase in heat load, the mass flow rate
increases reaching a maximum, and then decreases.
The first portion (increase in flow rate) is termed as
gravity-dominated regime and the second portion
(decrease in flow rate) is called the friction-
dominated regime as shown in Figure 6.
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In gravity-dominated mode, with a small increase
in vapor quality, there is a large increase in void
fraction and a large decrease in mean density of the
two-phase flow. After a certain value of vapor
quality, driving pressure force reached nearly a
constant value. The mass flow rate keeps increasing
till the driving force increases.

With an increase in heat loads, vapor quality
increases, which causes an increase in frictional
losses. The mass flow has to decrease in order to
satisfy the constant driving force. The mass flow
rate decreases with an increase in heat load, this
regime is termed a frictional-dominated regime.

METHANOL 100 mL
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25 § A : g
~&- Quality o i
. 52 2
2 A e !
4 - 1
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215 i !
4 A L 1 15 ~
= / - 1 =\°
5 -
= ’ - 1 o
g 2 »” Il Z
- | =
& 7 1 g
Py 1 1
Z2s ¥ A i
= » » P 1
o« / 1
; GDR : FDR -
7 1
195 ’ H
£ 1
1
19 L 0
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Figure 6. Mass flow rate and vapor quality in the
loop at various heat loads

The measured transient temperatures obtained from

the experiments with methanol are shown in
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Figure 7. The loop successfully started at S0W, the
heat load is varied up to 600W. The variation of
temperature at different locations of the loop is
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119

shown in

METHANOL 100 mL
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Figure 7. It is also noticed that there is geysering in
the loop indicated by the fluctuation of pressure in
loop [13] and increases with increase in heat load as
shown in Figure 8.

10000 12000 14000 16000

METHANOL 100 mL
160

600 W

~——Evap Out ——Cond In

~==Cond Out —LL

_500W_
——EvapIn ——Heater

400 W

o ¢ —L14

Temperature ("C)

Tooe = 300 K

0 2000

4000

6000 8000

Time (s)

10000 12000 14000 16000

Figure 7. Variation of temperature at different
locations with time
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Figure 8. The variation of pressure in the loop at
different heat load.
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The experiments were performed with pentane,
methanol, and water and the results for the steady-
state thermal resistance are summarized in Figure 9.
It is observed that pentane had lower thermal
resistance at low heat loads whereas water had a
lower thermal resistance at higher heat loads.
Pentane exhibited dry-out at heat loads above
300W. Experiments with methanol were stopped at
600W since the heater temperature exceeded 160°C.
The experiments with water were terminated at
900W due to a limitation with the power supply.
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Figure 9. Comparison of thermal performance of
loop thermosyphon with different working fluid

The modeling and experimental results are shown
in Figure 10. There is a clear discrepancy between the
results. The model predicts higher temperatures than
the experiments. The predicted temperature behavior
is nearly isothermal. The temperature depends on the
saturation pressure in the loop which is a function of
the heat transfer coefficient in the condenser.

In the model, it is assumed that a two-phase flow is
present throughout the riser. To validate this, a
visualization study is carried out.

79
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Figure 10. Comparison of results from experiments
and modeling at heat load of 300 W.

4.1 Visualization study

In the modified experimental setup, a transparent
tube is placed in the riser at the exit of the evaporator
to visually observe the flow, as shown in Figure 11.
Flow visualization in the transparent riser was carried
out using a DSLR camera (Canon M50 mark 2).

Condenser

Transparent

Tube ~i

Downcomer
3.

Evaporator 5,

1.

Figure 11. Schematic of loop thermosyphon for
fully filled downcomer with a glass tube in the riser.

Figure 12 shows the flow pattern in the transparent
tube at a heat load of 300 W with working fluid as
methanol for a fill ratio of 35% (100 ml). It was
observed that geysering occurred in the riser, wherein
liquid plugs rise to some height and then fall back to
the evaporator, resulting in only vapor reaching the
condenser. This is akin to geysering [13, 14]. The
standard two-phase models with separated flow do
not account for this counter-flow effect. This suggests
that the conventional mathematical modeling
approach needs to be modified.

Falling liquid
film

Two-phase
flow

\/

Evaporator outlet

Figure 12. Visualization of fluid flow in the riser of

the small loop thermosyphon at 300 W with
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methanol.
5. Summary and Conclusion

In the present work, a 1D mathematical model is
developed for fully and partially filled downcomers.
An experimental setup is also built to compare the
predicted results and experimental results.
Visualization studies are also carried out to observe
the flow pattern in the riser. The following
observations were drawn from the present study.

o The mathematical model exhibited an increasing
then decreasing trend in the mass flow rate with
heat input indicating a transition from gravity
dominated to friction dominated regimes.

o The experiments showed that the pentane had the
lowest thermal resistance for heat loads below
200 W whereas water had the lowest thermal
resistance above this (200 W).

e The mathematical model predicts a higher
operating temperature than the experimental
data. This is attributed to the assumption of
steady two-phase flow in the riser.

e The visualization study showed that geysering
was occurring in the riser. This may explain the
discrepancy between the experimental data and
the mathematical model.

Nomenclature

A Area (m?)

D diameter (m)

F Friction factor

Fr Froude number (-)

G mass flux (kg/m?)

g Acceleration due to gravity (m/s?)
h Enthalpy (J/kg)

L Length (m)

m Mass flow rate (kg/s)

M Mass (kg)

P Pressure (Pa)

Q Heat per unit length (W/m)

S Local space variable

We Weber number (-)

X Vapor Quality (-)

Greek Symbols

o void fraction (-)

©] Angle (°)

M Viscosity (Pa.s)

P Density (kg/m3)

3 Surface tension (N/m)

oL’ Two-phase frictional multiplier (-)
Subscript

Tp Two-phase (homogeneous model)
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Vo Vapor only
Lo Liquid only
Fill Filled

I Liquid

v Vapor

h Hydraulic
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Abstract
Radiative sky cooling (RSC) is a passive technique of heat transfer with outer space and can achieve temperature below
ambient. This technique has a variety of applications, including cooling of buildings, small warchouses, etc. The constraint
of this technique is to keep the system under the sky to have a sufficient view for heat transfer. There are options for
transferring the heat from a source using a pumped loop system coupled with the RSC sink kept under open sky. However,
electric energy is required for this operation. This paper provides a solution for passive heat transfer using a two-phase
closed tubular thermosyphon (TPCTT) with low startup requirements under low heat flux. This paper presents the design
study and on-field testing of such thermosyphon. Different parameters, like orientation, working fluids, sink temperature
and heat flux, are studied in the design aspects.
A lab experimental setup is fabricated to test the best combination of parameters for RSC application. The tests are made
in evaporator control and condenser control mode. In the former, heat flux is applied in the evaporator at a fixed condenser
temperature and thermal resistance is calculated for performance. In latter, the condenser temperature drops below
ambient, keeping the evaporator dipped in a thermal storage tank filled with water. The relative closeness of the TST-
filled water temperature to the sink defines the performance.
The optimum design parameters are used to fabricate an on-field testing setup of TPCTT, coupled with RSC. The on-
field testing has been done under the open sky, and the experiment result shows that this design can help transfer heat
from one location to the RSC sink.

Keywords: Heat Transfer, Thermosyphon, Two-Phase, Radiative Sky Cooling.

1.

Introduction

Radiative sky cooling (RSC) is the cooling of
objects on Earth by emitting infrared radiation to
space through the atmospheric window, which is
transparent to radiation for wavelengths in the range
of 8-13um [1]. Unlike losing heat to the ambient by
cooling using forced or natural convection, this
system exchanges heat with outer space which is at
approximately 4K. Recent developments in RSC-
based coatings demonstrate that surface temperatures
below ambient can be achieved [2]. This is possible
because of the lower absorption of solar and
atmospheric radiation and the higher emission of
radiation in the 8-13pm range from terrestrial objects
to space. As a result, a net cooling effect is produced
at night and during the day. Many researchers
focusses on using this passive technique to cool
buildings, establish cold storage systems, etc., thus
reducing energy consumption [3]. Generally, the heat
source (building space or chamber) is in thermal

phase thermosyphons [4]. The main limitation is that
flow initiation happens only when the temperature
difference between inlet and outlet of RSC panel is
sufficient to generate the density difference required
to overcome the pressure drop. That is why, single-
phase solar water heaters are replaced by two-phase
thermosyphon-equipped solar water heaters [5]. This
paper explores the potential of a two-phase
thermosyphon to transfer heat from a source to an
RSC sink due to the low-temperature difference
between the source and sink compared to a single-
phase thermosyphon.

Vapor Region

EEEEDE 1

Condenser

1

Adiabatic
Section

contact with the RSC sink using either direct contact, = ® . — 5
a passive heat transport system or a pumped cooling = b oveningmio ¢ — £
system. Using pumped loops for flow of fluid = : qf .

requires electricity for operation. A survey of the
open literature shows that passive heat transfer from
a source to the RSC sink is accomplished with single-
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Figure 1. Schematic of thermosyphon
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Two-phase closed tubular thermosyphon (TPCTT),
being a passive heat transfer device, has been widely
used in various thermal management applications [6].
It consists of an evaporator connected to a heat source,
a condenser thermally attached to the heat sink and an
adiabatic section that connects the evaporator and
condenser. Figure 1 presents a schematic of the
TPCTT. The working fluid in the evaporator takes the
heat from the source by a phase change of liquid to
vapour. The vapour rises to the condenser and releases
the heat to sink by condensation. The condensed liquid
returns to the evaporator because of gravity. Thus,
phase change led to a high thermal conductance of this
device. In the literature, substantial work has been done
on the startup and operational characteristics of
TPCTTs. Various parameters such as working fluid, fill
ratio (ratio of working fluid filled to the evaporator
volume), operating temperature, heat load, sink
temperature, inclination, internal surface texture, etc.,
affect the performance of thermosyphons. The
selection of working fluid is decided by the operating
temperature range, figure of merit (FOM), working
pressure and chemical compatibility [7].

Russo et al. [8] studied a vertical thermosyphon using
several working fluids with an FR of 40%. The
condenser was air-cooled, and the evaporator was
heated from 0 to 25 W (evaporator heat flux 0 to 10500
W/m?). Among water, ethanol, acetone, and methanol,
the authors found that acetone performs the best, while
water is the worst in thermal resistance. Rongchai et al.
[9] explored the use of thermosyphons in air-water heat
recovery systems, comparing R134a, water, and a
hybrid of water and R134a. The condenser was cooled
by water flow in their setup, while the evaporator
absorbed heat from the airflow. Their findings
indicated that R134a outperformed water, achieving
the highest heat transfer rate. Naresh et al. [10]
conducted an experimental study on thermosyphons
using R134a, water, and acetone as working fluids,
with heat loads ranging from 0 to 150 W. Their results
showed that R134a exhibited the lowest heat resistance,
followed by acetone and then water. Anand et al. [11]
investigated thermosyphons using R134a and water as
working fluids, with heat loads varying from 0 to 300
W (0<q” <75200 W/m?). They concluded that R134a
maintained lower evaporator temperatures at low heat
loads (Q < 100 W), whereas water achieved lower
evaporator temperatures at higher heat loads.

The amount of working fluid in the thermosyphon,
often expressed as the Fill Ratio (FR), affects the
performance of the thermosyphon. Lower thermal
resistance can be obtained in thermosyphon with low
FR. This has been experimentally validated by Choi et
al. [12], tested 25%, 50% and 75% FRs, and Reji et al.
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[13], tested 50%, 60% and 70% FRs. A study
conducted by Naresh et al. [10] on different fill ratios
of R134a varied from 20% to 80%. Results showed that
50% is the optimum FR, resulting in the lowest thermal
resistance compared to FRs of 20% and 80%,
respectively. Jiao et al. [ 14] concluded that low FR will
lead to quicker startup of the thermosyphon and
observed that shaking and reversing can further reduce
startup time.

Tilting the straight thermosyphon relative to its
horizontal plane significantly affects its performance.
This change influences both the distribution of the
working fluid and the liquid return head within the
system. The thermal resistance decreases at smaller
angles because the working fluid covers a larger
evaporator area than vertical thermosyphons, however,
this also reduces the gravity head for liquid return.
Wang et al. [15] investigated a thermosyphon, using
ammonia as the working fluid filled with 40% FR, at
various inclination angles and found that the lowest
thermal resistance was at a 10° inclination relative to
the horizontal. Kim et al. [16] studied a thermosyphon
with water as the working fluid and determined that the
lowest thermal resistance occurred at 50% FR and a 30°
inclination angle. Zhang et al. [17] studied
thermosyphons by controlling the condenser
temperature and noted a lower startup temperature
difference in the horizontal position. However, the
minimum “operating” thermal resistance was observed
at a 20° inclination. Reji et al. [18] tested a copper
thermosyphon with R600a as the working fluid,
comparing smooth and grooved evaporators under heat
loads from 0 W to 50 W (heat flux ~ 8000 W/m?). The
grooved evaporator showed a lower thermal resistance
01 0.19 °C/W than the smooth one had 0.26 °C/W. This
highlights the importance of internal surface
modifications and thermosyphon’s inclination in
reducing startup superheat. Choi et al. [12] found that
coating the evaporator’s inner surface with cellulose
nanofiber reduced thermal resistance by about 30%
compared to an uncoated flat surface. Researchers also
explored thermosyphon by modifying the design with
a horizontal evaporator. DenHartog [19] investigated a
thermosyphon designed for permafrost cooling,
featuring a horizontal evaporator and a vertical
condenser, with R12 as the working fluid. In this
testing, the evaporator was submerged in water and the
condenser sink was maintained at -15°C. This setup
successfully transformed the water surrounding the
evaporator into ice. These findings have also been
verified by Haynes et al. [20], who studied a horizontal
evaporator-based thermosyphon in which the
evaporator is 37 m long and filled with CO; as the
working fluid. Jouhara et al. [21] tested a
thermosyphon with a horizontal evaporator and an
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inclined condenser at various inclination angles, using
two working fluids: pure water and an azeotropic
mixture of water and ethanol. At low heat loads, the
horizontal evaporator exhibited significantly lower
thermal resistance compared to larger inclination
angles. However, at higher heat loads, the thermal
resistance showed less sensitivity to changes in
inclination angle. Zhang et al. [22] investigated
thermosyphons  for  permafrost cooling and
recommended a 20° inclination from horizontal to
maintain the stability of the permafrost stratum. A
recent numerical study by Chen et al. [23] on
permafrost cooling suggested that a horizontal
evaporator thermosyphon could be a viable alternative,
providing 72% better heat transfer than inclined
thermosyphons. A summary of the literature suggests
that at low heat flux, refrigerants, acetone, and
methanol offer lower thermal resistance; however, at
high heat load, water performs the best by offering
lower thermal resistance. A lower fill ratio, surface
modification, and more tilt towards the horizontal
increase the performance by reducing the startup
superheat and the thermal resistance of the
thermosyphon. However, as the heat load increases,
horizontal orientation lacks the gravity head required
for liquid return.

In literature, the utilization of TPCTT has not been
explored for an RSC application. RSC applications
possess great potential for cooling along with
convective cooling media. For RSC applications, a
thermosyphon with minimal startup superheat is
required due to the limited temperature difference these
passive devices generate. In these scenarios, where the
condenser temperature governs heat transfer rather than
the evaporator, it is crucial to understand the effects of
orientation, working fluid, and fill ratio (FR). A
literature survey suggests that refrigerants, methanol,
and acetone are effective for low-temperature
differences. However, it is of interest to know which
among them gives lower thermal resistance and
improved startup when the condenser temperature
drops below ambient.

This paper presents a comparative study of horizontal
and vertical evaporator TPCTTs for RSC applications
with R134a and methanol. In this study, the adiabatic
and condenser configurations remain unchanged by
altering orientations. These tests aim to identify a
thermosyphon  configuration/design  for  RSC
applications; hence, the condenser is designed to cool
the condenser below ambient temperature. Based on
the trials with small thermosyphons, a larger
thermosyphon is fabricated and field-tested with actual
RSC film.
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2. Design and Development of thermosyphon

The thermosyphon design includes an evaporator, an
adiabatic section, and a condenser. The radiative sky
cooling and the requirement of a gravity head
influenced the condenser design. It is inclined at 15°
with the horizontal to have the gravity head for liquid
return and sufficient view of the sky to have efficient
RSC [24].
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t g & Vacuum line

\ Water
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Figure 2. Actual photo of
different orientations and TST

thermosslphon at

The adiabatic section connects the evaporator and
condenser and is vertical in orientation. Generally, in
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most applications, the evaporator is oriented vertically,
and inclination effects are studied by tilting the whole
thermosyphon. Tilting the thermosyphon changes
orientation and the gravity head. To study the influence
of evaporator orientation, a setup is fabricated that can
incorporate horizontal and vertical evaporators with the
same condenser design, as shown in Figure 2. The TST
shown in figure 2 is used in testing methods explained
later. The schematics of these thermosyphons and
positions of thermocouples are shown in Figure 3.
Miniature thermosyphon is fabricated with stainless
steel material. Table 1 summarises the details of
thermosyphon.

Table 1. Summary of thermosyphon parameters

Parameter Description
Evaporator length 300 mm
Adiabatic length 300 mm
Condenser length 310 mm

Working fluids R134a, Methanol
Fill Ratios 25%
Angle of condenser with  15°
horizontal

Material of tubes Stainless Steel
Inner Diameter 10 mm

Outer Diameter 12.5 mm
Thermocouples T-type

Cylinder on weighing scale
(High Pressure Fluids)

inlet

Adiabatis

un ¢
uoIS IEqEIPY

Thermocouples Positioning

Evap-1 Evap-2

— 10 cm 1 10 cm l

Lo
V4 Horizontal Evaporator

30 cm

(a) TPCTT with horizontal evaporator

>
=
5
w
2 JI2E
| ERGA
b2 4
Z 2
ne- E
inlet F 2
R
Evap-2 5 =
S oflws
E oflS=
- g g
=
Evap-1 & —ef(® %
= 5
e
E]

(b) TPCTT with vertical evaporator
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Figure 3. Schematic of TPCTT with different
evaporator arrangements
A diffusion pump pumping station evacuates the
thermosyphon to a pressure of 10~ mbar before filling.
It should be noted that the fill ratio is defined as the
ratio of the volume occupied by the working fluid as a
liquid to the volume of the evaporator.

2.1 Testing Methodology
The testing of horizontal and vertical evaporator-
based thermosyphon has been made in two ways:

1. Condenser Control Mode (CCM): In this
method, the condenser temperature drops below
the evaporator temperature (ambient condition) by
circulating a fluid through a cold fluid circulator.
The boundary conditions on the condenser side are
to simulate a condenser attached to the RSC film
by dropping the temperature below ambient
(depending on atmospheric and ambient
conditions). In this case, the evaporator is dipped
in a water tank (made of CPVC material shown in
Figure 2) filled with (0.3 kg) of water. The drop in
condenser temperature causes the startup of the
thermosyphon. The rate of temperature drops of
water from ambient and minimum temperature
attained  describes the  performance  of
thermosyphon. In this test, the sink temperature is
dropped and maintained at 16°C, while the ambient
temperature varies from 29°C to 30°C.

2. Evaporator Control Mode (ECM): In this
experiment, the evaporator is heated using a heater
made of nichrome wire wrapped around the
evaporator. The evaporator is wrapped in ceramic
fibre tape and encased in black nitrile insulation.
The average sink temperature is maintained at
25°C for all sets of ECM experiments. The heat
load varies from 0 W to 58 W (heat flux ~5140
W/m?) using an AC Variac (max. Current capacity:
6A). Multimeter and clamp meter measure the
voltage and current, respectively. Thermal
resistance is used to characterise the performance
of thermosyphon. It is expressed as:

T, —T
Ry, = chf (1)

where, T, is the average temperature of evaporator,
T.r is the average temperature of cold fluid
circulator (referred as average sink temperature)
and Q is the heat supplied.

2.2 Uncertainty Analysis:

To estimate the uncertainty in the temperature
difference between the thermocouples, they are all
immersed in a well-stirred constant temperature bath
that is maintained in the range of 15°C to 55°C. The
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standard deviation among them is determined to be
0.1°C. Consequently, the uncertainty in the
temperature difference with 95% confidence is 0.3°C.
The voltage and current measurements uncertainties
are =£1% and £4%, respectively. Table 2 summarizes
the various measurement uncertainties. Using the
method of Kline and McClintock, the uncertainty in
thermal resistance is estimated as follows:

AT
R = 0} ()
Q=VI A3)
o

Table 2 summarizes the uncertainty in various measuring
parameters.

Table 2. Uncertainty in Parameters

S. No. Measured Uncertainty
Parameters
1 Temperature +0.5°C
2 Temperature +0.3°C
difference
3 Voltage +1%
4 Current +4%

Figure 4 shows the uncertainty in calculating thermal
resistance for TPCTT at different orientations.

25% FR of R134a at sink temperature of 25°C
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Figure 4. Uncertainties in Thermal Resistance
Calculation

3. Results and discussion

This section presents the effect of evaporator
orientation on thermal performance at a FR of 25%.
The tests have been performed for R134a and methanol
in both CCM and ECM, respectively. The effect of the
orientation of the evaporator on startup and thermal
resistance for each TPCTT is presented. As discussed
subsequently, horizontal evaporator thermosyphon has
lower thermal resistance and improved startup
behaviour.
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3.1 Effect of evaporator orientation in ECM

In evaporator control mode, the effect of orientation
on methanol and R134a is examined. Figure 5 (a and b)
illustrates methanol tested at 25% FR and a sink
temperature of 25°C. The heat load varies from 0 to 58
W (heat flux~ 5180 W/m?) using an AC variac. In a
vertical orientation, methanol exhibits oscillation at all
heat loads. At 12 W, the evaporator temperature
reaches 80°C. The temperature drops suddenly when
the condensed liquid film reaches the condenser,
indicates the start-up. As the heat load increases, the
degree of overshoot decreases because the frequency of
bubble formation increases.
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Figure 5. TPCTT with methanol at 25% FR for
horizontal and vertical evaporators.

This is evident from Figure 5(a) that at 55 W, the
frequency of oscillation rises. Conversely, a smooth
temperature profile is achieved at each heat load in a
horizontal orientation of evaporator. This can be
attributed to the availability of large liquid-vapor
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interface area, evaporation mode of phase-change
dominates over boiling mode (up to heat load of 40 W).
Further increase in heat load, at 57W, a transition of
phase-change mode occurs, indicating the initiation of
boiling (indicated by fluctuation and drop in
temperature). Because of the evaporation mode of
phase-change, no temperature overshoot is observed at
horizontal compared to vertical orientation showing
start-up.

Figure 6 (a and b) represents the transient
temperature profile at different heat loads of R134a in
vertical and horizontal orientations. The sink
temperature is maintained at 25°C. In Figure 6-a, the
temperature shows start-up at 12W, a relatively less
temperature overshoot (~ 5°C) compared to methanol
(~ 50°C). This also shows that, for low heat loads
R134a is better than methanol.
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Figure 6. TPCTT with R134a and 25% FR for
horizontal and vertical evaporators.
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However, in the horizontal orientation shown in Figure
6-b, TPCTT achieves a steady state temperature for
each heat load. It is also seen that two thermocouples
of the evaporator in horizontal conditions are almost
similar, while in vertical, the difference persists for
each heat load. It is also seen in figure 6a, that as the
heat load is increased, there is a slight kink in the
evaporator temperature is observed as the heat load is
increased, however that is not present in figure 6-b.

Figure 7 compares the thermal resistance for
methanol and R134a at different orientations of the
evaporator. Since the steady-state temperature is not
achieved in a vertical orientation for methanol, it is not
included in the comparison. When R134a is compared
in TPCTT with different orientations, it is observed that
the horizontal configuration provides lower thermal
resistance compared to the vertical one. However, as
the heat load increases, the difference between them
decreases. The effect of evaporation, in case of
unavailability of superheat, lowers the thermal
resistance at low heat load (12W, 20W etc.). At heat
load of 55 W, the thermal resistance of both
orientations for R134a lies in the uncertainty range of
each other (shown in Figure 4).
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Figure 7. Thermal resistance of Rl134a and
methanol at different orientations

When R134a and methanol are considered at
horizontal evaporator configuration, R134a performs
better at all heat loads than methanol regarding thermal
resistance. Also, it is seen that thermal resistance is
almost constant at all heat loads, and sudden drops
occur when boiling initiates in the case of methanol.
From the study it is concluded that, at low heat load,
the horizontal offers better performance, due to
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evaporation mode of phase change compared to
boiling, which requires superheat.

3.2 Effect of evaporator orientation in CCM

In CCM, the evaporator is dipped in a thermal storage
tank (TST), filled with 0.3 kg of water. The
performance of TPCTT is defined by the rate of
temperature drop of water, and the temperature attained
by water at equilibrium.
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Figure 8. Transient temperature of water in
vertical orientation filled with R134a
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Figure 9. Transient temperature of water in
horizontal orientation of evaporator filled with
R134a

Figure 8 shows the temperature drop of water in TST,
where TPCTT is filled with R134a (25%FR) in vertical
orientation of evaporator. The average sink
temperature is maintained at 15.9°C, while the water
was initially at 25°C. The minimum temperature
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attained by the water is 19°C which is average of two
thermocouples places in TST (shown in figure 2).
Figure 9 represents the transient behaviour of water
when evaporator is in horizontal orientation. The
TPCTT is filled with R134a with 25% FR. The
minimum temperature reached by the water at sink
temperature of 16°C, is 18.6°C. From figure 8 and 9 it
can be concluded that, in CCM, the results are
validating the ECM, showing horizontal leads to more
relative closeness to sink compared to vertical one.

Figure 10 illustrates the transient temperature profile
of water in a TST with a vertically oriented evaporator
containing methanol at 25% FR. The sink temperature
decreased to 15.9°C, while the average ambient
temperature was 30.3°C. The cooling behavior of
methanol differs from that of R134a. Initially,
methanol cools down rapidly, but a slight kink is
observed, after which the cooling rate changes. This
may happen because, initially the condensed subcooled
liquid film falling along the wall of evaporator, would
start evaporating. Since the evaporator is filled with
25% only, therefore, 75% of it is left with the liquid
film. This phenomenon is not observed with R134a in
a vertical orientation. This may happen, due to
methanol’s specific heat being 1.8 times that of R134a,
requiring more heat to change the temperature of the
subcooled  liquid. @ However, for  complete
understanding of this phenomenon, it needs further
investigation. The adiabatic line shows the film
temperature, which is nearer to sink temperature. Once
the water reaches a temperature, which causes the
evaporator to rather depend on evaporation, or reduced
boiling. This causes the water to cool down at a less
rate compared to the initial one.
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Figure 10. Transient temperature of water in
vertical orientation of evaporator filled with
methanol
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Figure 11. Transient temperature of water in
horizontal orientation filled with methanol

The minimum temperature attained by the water after
two hours of test is 20.1°C at sink temperature of 16°C.
which is better than horizontal case of methanol

Figure 11 illustrates the transient temperature of
water when the TST, equipped with an evaporator, is in
a horizontal orientation. The TPCTT is filled with
methanol at 25% FR, and the sink is maintained at
16°C. The minimum temperature achieved by the water
was 20.6°C, with the sink temperature at 16°C. The
cooling is governed mainly by evaporation mode of
phase change and a similar cooling rate can also be seen
in Figure 9.

The section led to the conclusion that TPCTT
performed better in case of horizontal, compared to
vertical oriented evaporator in case of R134a.
However, in the case of methanol, initially, the
subcooled liquid film offers higher cooling rate to
water in vertical as compared to horizontal orientation
and later it is reduced.

4. Field testing of TPCTT with RSC

This section describes an experimental setup and
tests with a thermosyphon wherein the condenser is
coupled a radiator that is covered with RSC film. The
tests are carried out with a direct view of the sky. The
evaporator is horizontal, as decided from the above.
Based on earlier results [25] and the above
experimental studies a horizontal evaporator
thermosyphon filled with R134a was chosen. Further,
since the effect of FR is insignificant for a longer
evaporator, and threading influences the performance,
an FR of 40% is used. The schematic of the
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experimental setup is shown in Figure 12. The TPCTT
is made of a copper tube with an inner diameter of 9.5
mm and a thickness of 1 mm as described in [25].
Threading improved performance in condenser control
mode and has been experimentally verified by Aalekh
et al. [25] and study of FR is insignificant for these
applications. The horizontal evaporator has internal
circumferential threads with a pitch of 0.5 mm to
enhance the wetting area of the working fluid. The
condenser is inclined at a 15° angle relative to the
horizontal plane, providing a gravity head for the liquid
to return and allowing the RSC sink to have a good
view of the sky.
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Figure 12. Schematic of the experimental setup
for testing thermosyphon with RSC sink

Table 4 summarizes details of the fabricated

thermosyphon for on-field testing.

Table 4. Description of thermosyphon fabricated for
on-field testing

Parameter Description
Container material Copper
Evaporator length 1920 mm
Adiabatic section 838 mm
Condenser length 1920 mm

Angle of inclination of 15
condenser
Inner diameter 9.5 mm
Wall thickness of tube I mm
Pitch of threading 0.5 mm
Working fluid R134a
Fill ratio 40%
Thermocouples T type

The radiator is an aluminum sheet that is covered
with RSC film on the top surface. The radiator is in
physical/thermal contact with the condenser. Tests are
performed to check the response of the evaporator
temperature corresponding to the sub-ambient
temperature produced by the RSC film at the condenser
end. Figure 13 illustrates the test results demonstrating
that the evaporator temperature closely tracks the RSC
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sink temperature, which is sub-ambient. The novel
feature of this thermosyphon is that even a small drop
in condenser temperature is tracked by the evaporator.
This test was conducted over two consecutive days on
the terrace of the ICER building of IISc. At the two
highlighted points, the RSC film was 2.9°C and 2.6°C
below ambient, while the difference between the
evaporator and RSC film temperature was 1.5°C and
2.2°C, respectively.
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Figure 13. Response of the evaporator to the
radiator temperature.

The RSC sink did not have a convective cover, hence
lower sub-ambient temperatures could not be achieved.

5. Summary and Conclusions
A two-phase closed tubular thermosyphon is tested

with horizontal and vertical evaporator orientation in
ECM and CCM mode. Methanol and R134a are used
as working fluid. Another setup was also fabricated to
field test a horizontal evaporator TPCTT with the
condenser coupled to a radiator covered with radiative
sky cooling film. The following conclusions can be
drawn from the present study.

e [t is observed that horizontal evaporator TPCTT
lowers thermal resistance in ECM and lowers the
temperature difference between the water and sink
for R134a.

e In CCM, for methanol, the subcooled condensed
falling film causes higher cooling rate in vertical
orientation as compared to horizontal orientated
evaporator.

e In horizontal orientation, evaporation mode of
phase-change dominant over the boiling mode at
lower heat load in ECM. After a certain heat load,
boiling becomes the dominant mode of phase-
change.
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e Rl134a performed better than methanol in the
given heat range and sink temperature.

e The evaporator closely tracked the condenser
temperature. Thus, this thermosyphon-based
approach has the potential to transfer heat
passively from a heat source to an RSC-covered
radiator.

e A on-field testing of thermosyphon is shown with
RSC application and evaporator tracks well the
condenser temperature, which was below ambient.
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Abstract
In this paper, the effects of secondary wicks on the performance of loop heat pipe were investigated under different
evaporator tilts, and the corresponding physical mechanism was analyzed based on the results of the experiments and
CFD numerical simulations. The detachable structure in the compensation chamber was designed and constructed to
realize the disassembly or installation of a secondary wick. A 3D model of the whole LHP was built and numerical
simulations of steady state operation were conducted by ANSY'S software. According to the experimental results,
increasing the evaporation tilt would make the LHP without a secondary wick in a more unfavorable operating state
and even dry out. After adding a secondary wick, it operated smoothly under all the same conditions. The numerical
and experimental results showed that the secondary wick could play a role in stabilizing the return flow of the working
fluid, improving working fluid redistributions and making the LHP system operate more stably. When designing and

utilizing LHP, the impact of the secondary wick should be carefully taken into account.

Keywords: Loop heat pipes; Secondary wick; Evaporator tilt; Numerical simulation

1. Introduction

When the LHP is applied on the spacecraft under
microgravity ~ conditions, the  vapor-liquid
distribution state of the evaporator core and the
working fluid in the CC is random, unlike that in the
ground, there will be obvious vapor-liquid interface.
Once the evaporator core in the primary wick
produces vapor to cause the accumulation and
blockage, the working fluid in the CC will not be
able to effectively supply to the primary wick, and
the evaporator will have the phenomenon of high
operating temperature or burning dry under small
heat load[1]. Reasonable organization of the flow
and heat transfer of the working fluid inside the
evaporator is one of the ways to improve the heat
transfer performance of the evaporator[2].
Therefore, a secondary wick is usually installed
between the CC and the evaporator core to ensure
the normal operation of the LHP in space
applications[3, 4].

A few researches have suggested operation
principle, performance and analysis of secondary
wick in the cylindrical evaporator. Van et al.[5]
investigated the influence of different connection
modes between evaporator and CC, and concluded
that the way to achieve the best performance of LHP
is to conduct thermal separation and mass transfer
coupling between evaporator and CC through a
secondary wick and a bayonet, especially in
microgravity and tilt attitude. Hoang[6] discussed
the numerical method and prediction of the
secondary wick transport requirements, and given
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theoretical aspects of heat transfer and fluid
dynamics in the secondary wick with the model
assumptions and simplifications. These studies on
the secondary wick are analyzed from the
theoretical and qualitative perspectives, and lack of
experimental research.

In the ground environment, the force of gravity
has an effect on the flowing situation of working
fluid and on the initial vapor-liquid distribution,
causing the relative position between evaporator
and CC to influence the performance of LHP. In the
past, some literature concerning the effect of
evaporator tilt on LHP performance have reported.
Bai et al.[7] experimentally found the operating
temperature was much higher when the evaporator
was a little higher than the CC at a tilt angle of
1.8<without a secondary wick. The experimental
analysis indicated that the cooling effect of the
returning liquid on the vapor region in the CC or
evaporator core was crucial. Shen et al.[8]
investigated the coupling effect of non-condensable
vapor and evaporator tilts on the steady state
operation of a LHP. The noteworthy phenomenon
was that the increase of evaporator temperature was
only about 7°C at an adverse tilt angle of 15°, which
was much lower than that in Ref.[7] (about 15-
30°C). This might be related to whether the
secondary wick is installed in evaporator core and
CCI[8]. However, there was no specific study on the
single variable of secondary wick in the LHP system.

As briefly reviewed above, few studies have
reported the coupling effect of secondary wick and
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evaporator tilt in the LHP. In this paper, the effects
of secondary wicks on the performance of LHP
were investigated under different evaporator tilts,
and the corresponding physical mechanism was
analyzed theoretically based on the results of the
experiments and simulations.

2. Numerical simulation

In this paper, a LHP with or without a secondary
wick was taken as the research object to study the
steady state inside the LHP and validate the
effectiveness of proposed improvements through
CFD numerical simulations. A 3D model of the
whole LHP was built and numerical simulations of
steady state operation were conducted by ANSYS
software.

2.1. The LHP geometry

Figure.l illustrates the LHP geometry studied in
this work. The 3D model has the same structural
parameters as the real LHP, which consists of the
evaporator (include wicks), the compensation
chamber (CC), and the condenser. In order to make
the model compact, the vapor and liquid lines are
slightly shorter than that in the experiment. Heat
loads are applied on the edge of the evaporator of
the LHP. Gravity was heavily considered in this
work, which is the advantage of the 3D model.

Heat sink

C —_— i ~—~—— Liquid lie ™
Condens«;rw D
—
Evaporator
- Vapor line 2 ‘ Heat source
Figure 1. The LHP geometry
2.2. Capillary force model

The capillary force drives the condensed liquid
back to the evaporator through the bayonet tube.
The capillary force plays a significant role in the
LHP circulation. In this work, the wick is assumed
as an isotropic porous zone. The capillary force is
described as a momentum source term added to the
momentum equation, and the momentum source
term is only applied to the liquid-vapor interface in
the porous zone by UDFs. The capillary force,
though appearing as a body force in the momentum
equation, is a surface force perpendicular to the
vapor-liquid interface. The magnitude of the
capillary force is determined by the Young Laplace
equation (1):
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20cos6 (1)
Pc R
where p. is the capillary force, o is the surface
energy of the liquid and @ is the contact angle of
liquid at the solid- liquid interface, and R refers to
the capillary radius in the capillary.

There are two main ways to apply the capillary
force to porous media: one is to directly apply the
capillary force to the vapor-liquid interface of the
working fluid in the wick. Generally, the equivalent
surface with a vapor phase volume fraction of 0.5 in
the vapor-liquid two-phase transition zone of the
working fluid is used as the vapor-liquid interface.
This method is easy to accurately apply the capillary
force at the vapor-liquid interface, and the operation
is relatively simple, but it cannot reflect the
difference of the capillary force caused by the
different volume fraction of each phase in the two-
phase region. At the same time, in the finite element
calculation, the vapor volume fraction may not be a
continuous surface, so it is difficult to define the
normal vector of the surface to determine the
direction of the capillary force. Another method is
to obtain the iso-enthalpy line in the two-phase
region according to the enthalpy value, apply the
capillary force on the iso-enthalpy line, and take the
normal direction of the iso-enthalpy line of the
working fluid as the direction of applying the
capillary force. Because the endothermic enthalpy
of the working fluid will increase, but the phase
transition does not necessarily occur, this method is
also different from the real physical process.

In this paper, another method of applying
capillary force is proposed, which can not only
accurately apply the capillary force to the vapor-
liquid interface transition region of the working
fluid, but also distribute the capillary force
according to the gradient of the phase fraction of the
working fluid, which is more consistent with the real
physical process. The specific methods are as
follows:

Sc =pVa 2

Va,represents the vapor phase volume fraction
gradient of the working fluid in the vapor-liquid
interface transition zone inside the wick. After the
vapor volume fraction distribution field of the
working fluid in the wick is obtained by the user-
defined scalar (UDM), the vapor volume fraction
gradient of the working fluid in the wick is obtained,
and then the capillary force is applied to the vapor-
liquid interface transition zone of the wick in the
form of vapor gradient by the source macro, and
finally the capillary wicking process of the wick is
realized.
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2.3. Boundary conditions

Similar to the role of film heating and water
cooling in the experiment, the part of evaporator
wall is set to Neumann boundary condition
(constant heat flux) to represent the heat load, while
the part of condenser wall is set as the Dirichlet
boundary condition (constant temperature), which
represents the heat taken away from the LHP by the
water cooler.

3. Experimental system

In order to facilitate the installation or
disassembly of the secondary wick, the
conventional cylindrical CC construction was
sectioned and a flange connection was used.
Figure 2 displays the general design and method
of construction for the removable structure. The
special flanges had square grooves in which PTFE
gaskets were placed. Hexagon socket bolts sealed
the flanges, preventing the working fluid in the
LHP from coming into contact with the outside
environment. To lessen axial heat leakage and
guarantee mechanical strength, stainless steel was
used as the evaporator and CC's casing material.

.— Evaporator

.— Flange
.— PTFE gasket

f—

Compensation
~ Chamber shell

i PTFE gasket

<= .— Flange

Figure 2. Scheme of the detachable experimental
structure

Stainless steel wire mesh, which is cheap and
readily available, is used to make the secondary
wick in this research. Compared with the primary
wick made of sintered metal powder, the increase
in manufacturing cost and complexity of the
secondary wick is very small and almost
negligible. The secondary wick is utilized to link
the evaporator and CC for mass transfer. The inner
wall of the secondary wick has a gap with the outer
surface of the bayonet, which allows the vapor in
the evaporator core to return to the CC. The outer
wall of the secondary wick, which is located in the
evaporator core, and the inner wall of the primary
wick need to be closely fitted. The secondary wick
acts as compensation to ensure that the primary
wick is always wet. Figure 3 displays the detailed
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structure of the processed primary wick as well as
a SEM image of porous wicks. Nickel powder was
used to sinter the primary wick. The working fluid
used for the experiment was ammonia because of
its strict and complex conditions.

\.;x

S ",_\id ~
Bl

N\ & ) > " N
_MAG: 268, 0um., KYKY-EM6900 ) MAG: 3000% 1 88m o€ D@v-:mesoo

Figure 3. (a) The processed primary wick
structure (b) SEM image of secondary wick (c)
SEM image of primary wick

In addition, all of the LHP's transport lines,
including the bayonet tube, vapor lines, condenser
lines, and liquid lines, were made of stainless-steel
pipes having an outside diameter of 3 mm and an
inner diameter of 2 mm. Condenser lines were
attached to four aluminum cold plate channels and
maintained at 293 K with a water cooler. To
provide a better liquid supply and cooling for the
porous wick, one end of the bayonet tube was
linked to the liquid line and the other end was
pierced into the center of the evaporator core. The
overall design and assembly scheme of the whole
LHP structure are shown in Figure 4, which also
depicts how the measure points are arranged in the
LHP system. Three on the CC (T1-T3), two on the
evaporator (T4-T5), two on the vapor line (T6-T7),
one on the liquid line (T8), and two on the
condenser  (T9-T10) comprised the ten
temperature measurement locations in total. A
personal computer and a Keithley-2700 data
gathering system made up the data acquisition
system. Every second, the measured temperature
data was captured and saved.

Condenser

Compensation
Chamber

Figure 4. Scheme of the whole LHP structure
As shown in Figure 5, the heat transfer
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performance of the LHP with or without secondary
wick was explained at six different evaporator tilts
(-1550<15<30< 45< 909. The applied heat load
varied from 10 W to 80 W with a step of 10 W.

Gravity

Vapor phase [ Liquid phase Primary wick

Figure 5. Schematic of the evaporator tilt 6 in the
gravity environment

4, Results and discussions

Table 1 displayed summary of the tested LHP
operation results in forward motion (step increase of
heat load) under different evaporator tilts with or
without secondary wick, where \ meant that the
LHP could start up at heat load of 10W, and
operated normally at heat load of 20W-80W, x
meant that the LHP cannot start-up normally at heat
load of SW/10W/20W. When it was 6=30° without
secondary wick, the tested LHP operated normally
at heat load of 10W-50W, and would dry out when
the heat load was increased to 60W. The reasons for
the changes would be analyzed and discussed in
detail later.

Table 1. Summary of LHP operation results

without or with a secondary wick

Secondary | -15°| 0°| 15°| 30°| 45°| 90°
wick\0

wih | v V| V[ V[ V][

without R 0 x x

The LHP performance under various evaporator
tilts in the cases with and without a secondary wick
is displayed in Figure 6. When there is no secondary
wick, the adverse tilt-induced temperature increase
rises noticeably as the heat load increases. This is
especially true when 0 = 30°, at which point the LHP
dries out at 60 W. The tested LHP does not start up
at a heat load of 10W when 0 = 45°r 90°, so there
is no valid data in in Figure 6. Nevertheless, the
addition of a secondary wick reduces the
temperature variations brought on by adverse tilt. As
the heat load increases, the increment of temperature
caused by adverse tilt declines. When 6 >=45°, both
evaporator temperature and thermal resistance are
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almost unaffected by the variation of adverse tilt in
the fixed thermal conductivity zone. When 6 = 30°,
the adverse tilt-induced temperature increase is only
about 1.2K with a secondary wick at a heat load of
50W, which is much lower than that (about 15.5K)
in the case without a secondary wick.

—=— @ =-15°,without

—=— 0=0° ,without

O = 15° ,without

—=— @ =30° ,without

1 [ no work @ =45° without

no work @ = 90° ,without
1]~ ==~ 0=-15°with
0=0° ,with
] 0= 15°,with
—" 0 =30°,with
— | 0 =45° with

L . L
) 20 10 60 50 0 =90° .with
Heat load (W)

LA

)
[
\ N

Evaporation Temperature (K)

Figure 6. Evaporation temperature under different
evaporator tilts

Evaporator tilts change the location of the liquid-
vapor contact within the evaporator core, which is
primarily responsible for the LHP's dependable
performance. As shown in Figure 7, the larger the
evaporator tilts, the smaller the direct contact area
between the primary wick and the liquid in the
evaporator core. And it is more difficult to replenish
the liquid to keep the primary wick wet. This is why
the LHP performance is worse with a larger
evaporator tilt. In addition, the evaporation rate rose
in tandem with the rise in heat load. If the amount of
liquid replenished does not keep up with the mass
reduction due to evaporation, it will lead to a thicker
vapor blanket or even dry out in the primary wick.
As a result, the adverse tilt-induced temperature
increase rises significantly as the heat load increases.
This is particularly true when 8 =30°, at which point
the LHP dries out at 60W.

=== 0=+ lGravity

= 0=0°

Vapor phase
Liquid phase

Primary wick

e -

Figure 7. The contact area between the primary
wick and liquid under various evaporator tilts

As shown in Figure 8, the LHP only runs stably
for a few minutes at an adverse tilt angle of 45, and
then there will be increasing temperature oscillation
until it exceeds the safe operating temperature and
is forcibly shut down. For the orientation
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“evaporator above CC”, the primary wick has no
direct contact with the liquid in the CC. Supplying
liquid to the evaporator is the hardest at this time,
since it tends to stay in the CC due to buoyancy and
gravity forces. The heat leakage of the evaporator
cannot be balanced by the reflux subcooling liquid,
and the tested LHP does not work. However, after
adding the secondary wick, as shown in Figure 9,
the tested LHP operates smoothly under the same
condition.

330 . . . . 40
—®— Evaporator

CC-top
CC-mid
CC-bottom
Vapor line
—e— Liquid line
—*— cond-oul
—e— cond f

wa
2
=

=}
=

Heat load (W)

Temperature (K)
£

s
=3
S

290 1 1 I | 1
22:40 22:50 23:.00 23:10 2320 23:30

Time (1111:mm)

Figure 8. Temperature characteristics (6 = 45°)
without secondary wick
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Figure 9. Temperature characteristics (0 = 459
with secondary wick

To understand reason of the failure, a contrast
simulation was conducted under the same operate
condition as the feasibility experiment. Figure 10
and Figure 11 are contour diagrams of temperature
and ammonia volume fraction (6 = 45°) without
secondary wick on the symmetry plane,
respectively. Based on Figure 10, temperature in
the bayonet and evaporator inlet raises to a large
value under the heat power of 20W. According to
Figure 11, almost all the fluid in the evaporator,
bayonet and wick is vapor. The large vapor pressure
hinders liquid from returning back to the evaporator,
which makes the LHP lose efficacy. The evaporator
exceeds the safe temperature after iterating for about
1800 steps.
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T

Figure 10. Contour diagram of temperature (6 =
459 without secondary wick on the symmetry

I
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Figure 11. Contour diagram of ammonia volume
fraction (6 = 45°) without secondary wick on the
symmetry plane

In the case with secondary wick, temperature
distribution (6 = 45°) with secondary wick on the
symmetry plane of the LHP is shown in Figure 12.
In the evaporator and CC, temperature increased
along the flow direction, and then dropped a little
because of the thermal conduction through bayonet.
After condensing into liquid in the condensing tube
by enhanced heat transfer with 293 K cooling plate,
the fluid returned to the evaporator and completed a
heat exchange circulation.

Figure 12. Contour diagram of temperature (6 =
45 with secondary wick on the symmetry plane
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Figure 13. Contour diagram of ammonia volume
fraction (6 = 45°) with secondary wick on the
symmetry plane

Figure 14 illustrates the difference in liquid
supply mode without or with secondary wick
respectively. In the case without secondary wick, as
shown in Figure 14(a), the liquid does not stay in
the evaporator core, but flows straight along the
bayonet’s outer wall to the CC due to gravity and
surface adhesion force. The primary wick will dry
out without a liquid supply when 6 = 45°/90°
because there is no direct contact area between it
and the liquid in the CC. After adding the
secondary wick, as shown in Figure 14(b), the
primary wick and the liquid in the evaporation
core and CC are hydraulically and thermally
associated with a capillary link.

Vapor line
Evaporator Gravity

[ @ D BN @

B & Y
\ H , Heatload =T Vapor phase

57 {, input [ $
Liquid phase
Compensation Primary wick

Chamber

Secondary wick
Liquid line
(a) Without secondary wick (b) With secondary wick

Figure 14. Different liquid supply modes without
and with secondary wick

For one thing, the secondary wick improves the
path of the reflux liquid from the bayonet to the
primary wick and has the function of saving the
return liquid in the evaporation core at any angle.
For another, it can play a role in pumping the
liquid from the CC to the evaporator, and insuring
a wetted primary wick during start-up and
power/sink temperature transient conditions,
which result in an imbalance between the liquid
taken away by evaporation from the primary wick
and the liquid returning from the condenser. When
0>=45°, there is almost no contact between the
primary wick and the liquid in the CC, and the
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liquid used for evaporation in the primary wick
only comes from the secondary wick. Therefore,
when 0>=45°, both evaporator temperature and
thermal resistance are almost unaffected by the
variation of adverse tilt in the fixed thermal
conductivity zone.

5. Conclusion

The LHP without secondary wick was very
sensitive to evaporator tilts. Adding a secondary
wick could adapt to a wider range of evaporator tilts
and operate normally when the evaporator was
above the CC. The numerical and experimental
results showed that the secondary wick could play a
role in stabilizing the return flow of the working
fluid, improving working fluid redistributions and
making the LHP system operate more stably. This
research of the secondary wick in LHP not only
provides more support and reliability for space
applications, but also helps LHPs adapt to various
attitudes in gravity applications.
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Abstract

Wicking is a well-studied process in both natural and industrial applications, with a notable example being the
evaporation of liquids in heat pipes for temperature regulation. This study focuses on a simplified scenario where
ethanol spreads horizontally across thin filter papers followed by subsequent evaporation. Three types of filter paper,
each with different permeability, were used, and data were collected through optical and thermal imaging. The results
for horizontal-oriented filter papers revealed that the steady-state spreading length (L.) was much shorter than that
obtained by following Jurin's law, indicating that evaporation is the limiting factor in such processes. However, these
values were higher than the vertical counterparts by ~30% and this increase reflects the non-negligible contribution
by the gravitational forces in the vertical cases. Thermal imaging revealed an uneven temperature profile, with an
inversion near the middle of the wicked liquid length. We use this non-linear temperature distribution to assume a
power-law relation of the evaporation rate as a function of the wicked length (local) and improve the existing Constant
Evaporation Model (CEM) that assumes a constant evaporation rate throughout the wicked liquid length. This model
is termed the Non-Constant Evaporation Model (NCEM). The NCEM yields h — t curves that agree quite well with
the experimental data. We further proposed two new dimensionless numbers that suitably collapsed various h — t
curves into a single master curve. The results provided new insights into wicking behavior, with important implications

for thermal management systems, including wicks and heat pipes.

Keywords: Wicking; Evaporation; Volatile liquids; NCEM

1. Introduction

Capillary movement of liquids through porous
materials is an important process in many fields,
such as microfluidic devices [1], [2], paper-based
fuel cells [3], [4], textile engineering [5], [6], oil
recovery [7], medical testing [8], inkjet printing [9],
and fluid flow in biological tissues [10].
Additionally, dynamic wicking can help to measure
key properties of porous materials, like capillary
radius (R.) and permeability (K) [11], [12], [13].
Capillary flow in porous materials behaves similarly
to how liquids move through narrow tubes, driven
by capillary force. Porous materials can often be
modeled as hollow tubes with an effective capillary
radius.

Over a century ago, Lucas [14] and Washburn [15]
described how liquids move through capillary tubes.
They proposed that the distance a liquid spread (h)
and the time (t) it takes follows a diffusion-like
relationship: h = (Dt)%>, where D is a diffusion
coefficient that depends on the size of the tube and
the properties of the liquid. This relationship applies
to both horizontal spread [16], [17], [18], [19] and

vertical penetration [20], [21], [22], ignoring gravity.

Similar results have been found for capillary flow in
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porous materials, whether the flow is unidirectional
or radial, even in cases where the pores are not
uniform in size [23], [24], [25], [26], [27].

However, in real-world situations, evaporation
plays a key role during capillary penetration,
especially when dealing with volatile liquids. As the
liquid evaporates from the surface of the porous
material, the speed at which the liquid front
advances slows down [28]. As a result, the
penetration process is limited to a certain region [28],
[29], [30]. This evaporation effect is particularly
important in applications like vertical capillary
penetration, where gravity also plays a role [31],
[32], [33].

Fries and his team studied how volatile liquids affect
capillary dynamics. They used a liquid commonly
found in the printing industry [34] and a metallic
weave as the porous medium. By extending the
Lucas-Washburn law, they added an evaporation
term, which they linked to the total viscous
resistance through what they called the "refill
velocity" (discussed further in Section 5). Their key
finding was that the capillary rise was limited by
evaporation. However, their theoretical model
overestimated experimental results by about 35%.
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This difference might be due to factors like
assuming a constant evaporation rate, using a
simplified Lucas-Washburn model, treating the
medium as homogeneous, and applying a one-
dimensional analysis [28]. Recently, the effect of
evaporation has gained attention in paper-based
sensors and diagnostics [35], [36], where it can
affect how far the detecting liquid can travel.

While most studies have focused on evaporation
during vertical penetration, fewer have looked at its
effects on horizontal flow, which is important for
applications like printing, microfluidic devices, and
textiles. Understanding how evaporation affects
horizontal capillary penetration can help improve
the design of porous structures in engineering
applications.

In this study, we apply two simultaneous diagnostic
methods — surface temperature measurements and
optical imaging — to gain a deeper understanding of
the dynamics of horizontal wicking of volatile
liquids on thin porous media. Surface temperature
data is used to construct the surface energy budget
(SEB) in the steady state, helping to determine the
evaporation rate based on measured parameters
such as surface and ambient temperatures. By
incorporating the energy equation into the
momentum equation, we derive the height-time
relationship, h(t). The Non-Constant Evaporation
Model (NCEM) [37] is employed to account for the
length-wise variation of the evaporation rate,
capturing the non-linear trend in surface
temperature data more accurately. We demonstrate
that these modifications improve the existing
theoretical framework by better modeling the
wicking behavior, particularly when phase change
is involved. A comprehensive set of experiments
was conducted to test and validate the proposed
NCEM framework for horizontal orientations.

The article is organized as follows. Section 2 covers
the materials and methods used in this study,
followed by a discussion on the limitations of the
existing theory in capturing the evaporation effects
during horizontal liquid wicking. In the following
sections, we present an improved mathematical
model in Section 5 that accounts for height-wise
evaporation variations in horizontal wicking.
Results and discussions are provided in Sections 3,
4, and 6, with conclusions in Section 7.
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Symbols
ao, a1
FP
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+ o3

< ST

UT
w

Evaporation rate constant (kgm-2s1)
Filter paper

The cross-sectional area of the FP (m?)
Coordinate along paper length (m)
Location of liquid front at time ‘t” (m)

Average convective heat transfer

coefficient (Wm2K1)
Latent heat of vaporization (Jkg™?)

Permeability (m?)

Thermal conductivity (Wm™K1)
Steady state length (m)

Total evaporation mass flow (kgs™?)
Evaporated mass (kgm-2s)

Mass flow of the liquid front (kgs™)
Average Nusselt number

Capillary pressure (Nm)

Viscous pressure loss due to liquid front
velocity (Nm)
Prandtl number

Viscous pressure loss due to refill
velocity (Nm)
Rayleigh number

Capillary radius (m)
Ambient temperature (K)
Surface temperature (K)
Uncertainty

Time (s)

Thickness of the FP (m)
Liquid front velocity (ms™)
Refill velocity (ms™)

Width of the filter paper (m)

Greek letters

A
¢

P1

Fitting parameter
Porosity

Liquid density (kgm)

Interfacial Surface tension (Nm)
Stefan-Boltzmann constant (Wm2K-4)
Contact angle ( °)

Emissivity
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2. Methods & Methodology

We used a specially designed experimental setup
and Whatman filter papers to study liquid spread
on horizontal thin rectangular paper strips,
essentially a 2D porous medium.

2.1 Experimental procedure:

We use Whatman filter paper (FP) of Grades 1, 4,
and 5 (commonly referred to as 1001FP, 1004FP,
and 1005FP). The filter papers were cut, precisely
using a laser cutter, into a rectangular shape of
8.5cm x 2.5cm. Porosity and thickness values were
taken from the manufacturer, and the same are seen
in Table 1.

Table 1 Filter paper properties [38].

Paper Thickness | Porosity
Grade t, (m) é
1001 FP 180 x 108 0.48
1004 FP 205 x 10°° 0.76
1005 FP 200 x 10°° 0.54

The experiments were conducted in controlled
laboratory conditions (temperature of 28 + 0.5 °C
and relative humidity of 52 + 2%). Figure la
shows the sketch of the experimental setup. A liquid
reservoir (R1, 10cm x 10cm x 10cm) is seen at the
right and an empty reservoir (R2, 10cm x 10cm X
10cm) seen on the left side of Figure 1a; both the
reservoirs were made up of polymethyl
methacrylate, PMMA and are separated by a divider
(AA). Provisions are made such that the FP remains
horizontal (and doubly exposed) and without
buckling for a major portion with one end pasted on
a horizontal platform (that is on top of R2, see
Figure 1a) and the other end (~5mm from the top)
is pasted on the right side of AA. This vertical 5mm
long portion is dipped in the pool of ethanol inside
R1. Atop cover is placed over R1 to avoid unwanted
mass loss from the liquid reservoir.

This top cover was initially a flat PMMA piece,
which did allow more mass loss from the system,
and that must be due to the circumferential gap
between the lower surface of this plate and the top
surface of R1. For this purpose, the top cover plate
was specially designed as seen in Figure 1b. The
rectangular slot (3cm x 0.5cm) at the top allows the
FP to pass, while the other grooves allow efficient
sliding (if needed) and stop unwanted evaporation.
The assembled experimental setup can be seen in
Figure 1c. A thermal (Fluke TiX580, sensitivity of
0.05K) and an optical camera (Nikon Z24) were
used to track the temperature and liquid penetration
with time as seen in Figure la. A small piece of
graph paper was pasted on the horizontal platform
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for reference (Figure 1c) to measure capillary
penetration over time. The optical images and films
were then analyzed using ImageJ software for post-
processing purposes. The thermal images were
analyzed in SmartView software.

(a)
- Optical
Thermal
Camera ™ / Camera
Horizontal -‘- Horizontal
Platform Filter Paper Top Cover
\ / A / Plate
Smm
Empty Ethanol Liquid l?l
100 mm Reservoir Rrscrvn‘ilr
(R2) ®R1) 100 mm
A
100 mm 100 mm

Divider

Horizontal Platform

Figure 1. a) Schematic of the experimental setup,
(b) top cover with slots for ethanol container (all
dimensions are in mm), and (c) a sample
photograph showing the experimental setup.

3. Results and Discussions

Liquid penetration on horizontal filter papers
(HFP) is different than that on a vertical filter
paper (VFP) [37] since the gravitational force is
active in the latter case where the meniscus forms
with a distinct capillary radius (R.) that
influences the height rise. We discuss the optical
and thermal evolution of ethanol penetrating on
FPs in both transient and steady states.

3.1 Optical analysis:

Figure 2 shows snapshots for the Whatman
1004FP case at notable instances. Time t = 0
corresponds to when the wicking front becomes
visible in the camera mounted on the top. The
transient wicking front growth is seen in Figure
2b-e. Att ~ 300 seconds (not shown), the wicking
front stops growing and reaches a steady state (see
Figure 3). The wicking front location was tracked
along the line MM (see Figure 2d), and the
distance penetrated was obtained against a graph
paper serving as a calibrator. Note that the camera
captured ~7.8cm length of the FP giving a
pixilation error of ~0.20mm (U,y;).
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(@)t=0s (b)t=15s (c)t=30s (d)t=150s (e)t=270s

.

Figure 2. A series of snapshots captured at
different time instants showing the location
(marked by black arrows) of the wicking front on
a horizontal 1004FP. The images are enhanced for
clarity. The penetrated distance is measured along
the mid line (marked MM in ‘d’).

Figure 3 shows the capillary penetration or
wicking front location (k) for liquid ethanol on all
the three FP cases. Initially, there is a rapid rise in
h (~20 seconds), followed by a non-linear trend
until a steady state (L.) is reached: L. values are
~32mm, ~20mm, and ~15mm for 1004, 1001, and
1005FP cases, respectively. The trends of highest
and lowest steady-state lengths (L) are similar in
the case of vertically oriented filter papers also
[37]. The comparison is seen in Table 2.

35E-2
s & & 8 *
3.0E-2 1 ot -
|
[} L ]
2.5E-2 A oot
*
_ 2.0E2- /' P EEEEES
£ o
= 1.5E-24 “‘LtatgiEE
bbb
1.0E-2 1
= 1001 HFP (Exp.)
5.0E-3
® 1004 HFP (Exp.)
F
A "
0.0E+0 45 . . . 1005 HEP (Exp)
0 100 200 300 400 500

t(s)
Figure 3. Temporal variation of capillary
penetration for liquid ethanol in three different
filter papers. The bar represents the experimental
deviation across three experiments in each case.

The deviations across multiple experiments in
each case for HFP are shown by bars in Figure 3.
Note that without evaporation, the L-V meniscus
would reach infinity (as per the Youngs-Laplace
equation for the horizontal papers since surface
tension force is unopposed in this orientation),
which is much higher than L..
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Table 2. Comparison of steady state lengths (L.)
in different orientations

Filter paper Steady state length

grade VFP [37] HFP
1001 FP ~15.1mm | ~20.2mm
1004 FP ~26.4mm | ~31.3mm
1005 FP ~12.4mm | ~149mm

The data shows that the L, is consistently greater
in the horizontal filter paper (HFP) compared to
their vertical counterparts, across all cases studied
here, suggesting that orientation does play some
role in determining the L. values in such
processes. However, it remains to be seen as to
how these observations would impact the
scenarios in heat pipes (where gravity is
important) and loop heat pipes (where gravity is
not important) given the fact that the entire process
is passive in nature.

3.2 Thermal analysis:
Ethanol's relatively high volatility leads to rapid
evaporation that cools the surface leading to sub-
ambient surface temperature values (at least when
no external heating is done). We now discuss the
surface temperature evolution.

Transient Analysis:

(c)t=150s  (d) t=270s

23.0°C

5 5 N C S

(@)t=15s  (b)t=30s

18.3°C

Figure 4. [Colour online] Time sequence of
thermal images in local temperature scale (such
that the hotter dry FP is not seen intentionally) for
1004FP at different time instants; the temperature
value ranges between 18.3°C and 23°C.

Figure 4 shows thermal images at notable
instances for 1004FP case. Magenta represents the
lowest temperatures and red represents the
highest. Higher temperature values are seen at the
ethanol source (near the bottom) and near the
liquid front. The temperature scale was chosen
such that the dry FP zone is not seen in the thermal
images.
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Figure 5 shows the pixel-wise variation of the
surface temperature along the centerline (LO) for
1004FP case. The surface temperature first
decreases along L0, reaches a local minimum, and
then rapidly increases when the dry FP region is
approached; the temperature remains constant
beyond this. The wuncertainty in surface
temperature, Uy, [39], is ~0.10K.

30

1004 FP

=28°C

= Exp t=15s
— Exp t=30s
— Exp t=150s
— Exp t=270s

T T T T
0 50 100 150 200 250

Pixel

Figure 5. [Colour online] Height-wise variation of
surface temperature along the centerline (LO) at
four different time instants for 1004FP. A notable
temperature jump is seen near the wicking liquid
front when the dry FP region is approached. The
double-headed arrow represents the fluctuations
(£0.5 °C) in the ambient temperature value
throughout the experimental duration.

Steady-State Analysis:
(b)

(a)

18.7°C

Figure 6. [Colour online] Thermal images in the
steady state for (a) 1001FP, (b) 1004FP, and (c)
1005FP, shown in the global temperature scale. A
sandwiched patch (warmer than the liquid ethanol
and colder than the dry FP) representing the
condensed water is also seen.

Figure 6 shows thermal images in steady states,
highlighting a relatively "warmer"” (seen in green
color) zone, representing the condensed water,
between the liquid ethanol region and the dry FP
zone [40]. Condensation is unlikely to occur on the
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wicking liquid ethanol surface but can occur at the
wicking front. However, since this front is moving
in the transient state, condensation does not occur.
All the conditions meet perfectly for the
condensation to occur in the steady state.

Figure 7 shows surface temperature variation
along LO versus the liquid penetration length (h)
for the three FPs. Paths 1-2-3 and 4-5 represent the
liquid ethanol and the condensed water,
respectively. Paths 3-4 and 5-6 indicate the
ethanol-water and water-dry FP zone interfaces,
respectively. These interfaces are diffusive in
nature as far as temperature is concerned.

30

— 1001 HFP
~— 1004 HFP

— 1005 HFP
18 T T T T T
60 80

h (mm)

Figure 7. [Colour online] Surface temperature
variation versus FP length along line LO for 1001,
1004, and 1005FP in the steady state showing
distinct temperature paths for liquid ethanol and
condensed water zones. The double-headed arrow
represents the temperature fluctuations (+0. 5°C).

4. Obtaining Permeability (K) &
Average Evaporated Mass (1i,)

In a non-evaporating horizontal system (in the
initial time periods [28], [41]), the process of
liquid spread on a porous surface is a competition
of two forces (surface tension pulling the liquid
while the viscous forces opposing it) leading to the
dynamic motion of the liquid front. The dynamic
pressure balance is given by,

20cosf _ @
R¢ —xH

@)

The terms in Eqg. (1) can be rearranged to give,

dh
Pl 0
h dt
20cosB\ K
where, a = ( )—
Pu R¢

With the known initial condition (z = 0 att = 0),
the solution to Eq. (2) is,
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h? = 40 cos BK]

B PuiRc

3)

where, p is the slope of the h? — t experimental
curve (see Figure 8), and we have incorporated
capillary radius values as 59um, 64um, and 75um
for 1005FP, 1001FP, and 1004FP, respectively in
Eq. (3) to obtain permeability. In fact, it is K/R
value which is of significance (see Eq. 3) and the K
value would depend on the choice of R, i.e., R,
(capillary radius) or R (nominal pore size quoted
by the manufacturer) as used by a few others [42].
In both cases, the final outcomes remain unaltered.

Ethanol (HFP)

[p]t

= 1004 HFP
e = 9.652
* 1001 HFP
80 j===p = 6.029
4 1005 HFP
o= = 3.162

100 A

60 1

h* (mm?)

40 1

204

t(s)

Figure 8. [Colour online] Variation of h? versus
time with linear fits for liquid ethanol wicking on
the three FP cases studied here. Values of ‘p’ seen
in the legend represent the slope of the linear fit in
each case with units of mm?s~1. The error bars

show the uncertainty (Uhlg) in each case.

The uncertainty U n? [38] for the i"™ measurement of

the height reached by the liquid front A? is
evaluated using,

Uyz = \/ (2R Ugpe)” + (2”7‘5)2 @)

Uop¢ is the uncertainty contribution from the optical
resolution as discussed in Section 3.1. The
uncertainty U, [43] (depth of dipping) is considered
negligible and thus not included in this uncertainty
calculation. Eq. 3 yields the permeability values,
and its uncertainty (Uy) [38] was calculated as,

a 2 a 2 a 2
= J(Getime) + (o) + (o) ®
In obtaining U, we did not consider Uy and Ug,_.

The permeability and its uncertainty, hence
calculated, are seen in Table 3.

144

Table 3. Permeability values for VFP and HFP
cases, and their uncertainties based on Eq. 3 and 5.

Permeability, K (um?)
FP VFP [37] HFP
1001 FP | 1.42 +0.03 | 2.26 + 0.08
Ethanol
1004 FP | 4.86 +0.13 | 6.87 £ 0.03
1005FP | 0.66 +£0.05 | 1.23 + 0.04

Data shows that permeability is consistently higher
for HFP cases compared to the VFP, for all the three
cases, suggesting the orientation to affect the fluid
flow considerably.

Dry
Zone
— Water-Dry zone
interface
Control Volume \wa;[t‘:reﬁ
for SEB ~_, Ethanol-Water

interface

Ilat

Figure 9 [Colour online] Schematic of the control
volume in the steady state for the wet zone. SEB
simplifies to energy balance terms between the
surface and ambient, primarily through
conduction, convection, and radiation.

Another critical factor influencing the wicking
process is the evaporation rate, which plays a vital
role in evaporating systems. We consider the wet
zone (see Figure 9) as the control volume (CV) in
the steady state and calculate the average
evaporation rate, m,, using the surface energy
budget (SEB) [44], [45], [46]. Rampally and Kumar
[37] used SEB to calculate the average evaporated
mass loss. In the steady state, the SEB s,

Igain = lioss @ lcona + lconv + Iraa = liar (6)

where, I;4in and I, are the heat fluxes received
in the CV and lost by the CV, respectively. I,
leond» Icony, @and 1,4 are the latent heat loss term
due to evaporation from the FP, the heat conducted
from the condensed water surface to wet zone,
convective heat gain from the ambient, and net
radiative heat gain from the ambient, respectively.
The terms are expressed in Wm™2. Eq. (6) can be
finally written as,
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%CV_TS) + h(Too—Ts) + 05€(Th-Ts)
= _ 2
e = - (7)
where, the average convective heat transfer
coefficient h is determined using a suitable
Nusselt-Rayleigh (Nu-Ra) correlation for natural
convection in horizontal configurations with both
sides exposed. One such correlation proposed by
Churchill and Chu [47] in case of the horizontal
plates is,

1

Nu = 096+ (Ray,) /6; Ra; < 10° (8)

ghpL?
pva
[48] . Ra,_is determined by considering the
overall change in density of the vapor phase,
which is influenced by both the temperature and
concentration differences between the evaporated
vapors on a wet surface and the ambient, g is the
gravitational acceleration, v and « are the
momentum and thermal diffusivities of air,
respectively, and Ap = ps—po. The density of

ambient air is calculated using po, = %, where
B

p is absolute pressure (Pa) calculated at the
elevated location of 327 meters (for Jammu,
India), m is the molecular mass of dry air (~ 4.81
x 10%kg), ks is the Boltzmann constant ( ~
1.380649 x 102 J/K), and T is the absolute
ambient temperature (K). The liquid-vapor
mixture density is calculated using the correlation
n(py)) = ao + o Ts + aTs” + asTy + a,Ts + asTs®
[49], where T is surface temperature (°C) and
air/vapor mixture densities at the liquid surface
IS, ps = Py1+ Poo-

With the measured average surface temperature of
the wet zone and the ambient surface temperature,
Ray,_is calculated, which in turn yields Nu from
Eg. (8). Note that the experimental L. value was
used in the steady state for this purpose. The
obtained Nu of the wet zone gives us h, which is
then used in Eq. (7) to estimate 71,.

Rayleigh number is defined as Ra, =

Table 4. Comparison of calculated evaporation
rates using SEB (Eq. 7) for both VFP and HFP.

i::;sgr my(kgm2s™1) | m,(kgm?2s1)
ot | TvFPT [37] [HFP]
1001 2.67 x10% 2.52 x 10%
1004 2.23 x 10% 2.43 x 10%
1005 2.67 x 10% 2.70 x 10°%

The average evaporation rates, m, for both the
VFP and HFP configurations are relatively close
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in magnitude for all the FPs (1001, 1004, and
1005). This suggests that the rate of evaporation is
indeed determined as per the atmospheric demand
and is weakly dependent either on the paper type
or on the orientation.

5. Theoretical Framework:

Rampally and Kumar [37] developed an analytical
framework (extension of the CEM [28]) for
predicting the height of the wicking front in
vertical systems with non-constant evaporation
rate varying along the papers’ height. The local
evaporation rate (1,) was assumed to be a power
function of ‘z’ only (not to vary across the FP
width). In this study, we extended NCEM for
horizontal systems by considering no gravity
(g = 0) with two models as follows,

Liguid / /
Wicking in FP \& %
Empty ) ]_Zthanol )
Reservoir  [Liquid Reservoi
(R2) (R1)

Figure 10. [Colour online] Integral and
differential Mass Balance of the FP, showing the
total mass inflow M(z = 0) comprising mass
flow for liquid front movement M; and total
evaporation mass flow M,.

. z”‘_
me—aog )

z -1
e =a;(1-2) "; [-2model] (10)

[ +4 model ] 9

where, 4 is a fitting parameter that quantifies the
non-uniformity of the evaporation flux, a, and a,
are the corresponding proportionality constants.
Note that A = 0 in Eq. (9) returns to the CE model.
To find the proportionality constant, say for ‘a,’
in Eq. (9), we integrate the local evaporative mass
loss dM(e), from an elemental FP strip of total
perimeter 2(W +t,,), see Figure 10, and length
‘dz’ from 0 to h,

[lame) = [ =21 (W +t,)dz (11)

Total evaporative mass flow from the entire FP is,
M(e) = —2mh(W +t,) (12)

where, m, is the length-averaged evaporation
rate, and is related to ‘a,’ by,
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-~ dg
Me = T30 (13)
From Eq. (13) and Eq. (9), we get

_ 1
g = e (1+2) (%) (14)
The overall mass inflow at z= 0, denoted

as M(z = 0), can be separated into two parts: (i)
the mass flow required to sustain the movement of
the liquid front, M;, and (ii) the total mass loss due
to evaporation, M,. M, is given by,

Mh = (%) pthpQ)

The differential mass balance (see Figure 10) can
be expressed as,

(15)

dM(z) = M(z + dz) — M(2) = =2, (W + t,)dz (16)

When integrating and using the boundary
condition that the total mass inflow at z = 0
must be equal to M;, + M,, one obtains,

hm) ho(17)

The local mass flow M(z) can be represented as a
function of the flow velocity, which is used to
calculate the viscous pressure loss. Additionally,
the flow velocity within the filter paper (FP) can
be broken down into two separate components.
The first component corresponds to the velocity of

the liquid front, represented by %. And, the
second component is to replenish the lost liquid
mass via evaporation, often termed refill velocity,

v,.. It is evident that at z = 0, the velocity of the
refill reaches its maximum value.

M(z) = My, + 2m (W + tp)(

M,
P14p

_ 2meh(WHtp)
T pWit,®

Ur,O -

(18)

Evaporation rate varies with height and the refill
velocity becomes,

v (2) = vpg [1 - —

It can be seen that v, becomes zero at z = h (for
positive 1). In the horizontal systems, the surface
tension pulls water along the solid surface while
the evaporation and viscous forces act against this
pull. The entire process is a competition of these
forces leading to the dynamic motion of the liquid
front eventually attaining an equilibrium condition
given as,

,1+1] 19)

Pe =Ph +Pr (20)
Where the individual terms refer to,

. 20 cos 6
Capillary pressure, p. = -
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Viscous pressure loss due to o ph

Viscous pressure loss due to Ur (z) Dr
Viscous pressure loss can be calculated as,

pi = (n) fo hdz = guh g (21)
2
Pr = —uf v (2) dz = #vroh (;;)
[ +1 model ] (22a)
9 9
Pr = E.u fgh Ur(z) dz = E.uvr,oh (ﬁ)
[ =2 model ] (22b)

All these terms are substituted in Eq. (20) to get,

206059_(2) dh @ [2m,(W +t)]A+1 _
R kM a T awene _(/1+2> ’
[ +1 model ] (23a)
20cos0 @ dh @ 2m,(W +t,)]/ 1 .
R, kM Tt pWt,0 _(Z—A)hz'
[ =4 model ] (23b)
This can be further simplified as,
a_dh
R a TR _ (24)
where, a and ¢ are written as,
Zacose( ) (25)
Zme(W+tp) /’E .
s (5): [+ model ] (26a)
2me(W+tp) _
g (55): [ —2 model ] (26b)
Eq. (24) can be rewritten as,
) Ch2+ dh = [ 1dt (27)
With the boundary condition of z = 0att = 0,

the solution to Eq. (24) is given in the form of h(t)

Eq. (28) is the solution using the Non-Constant
Evaporation Model (NCEM) for horizontal
orientation (g = 0).

(28)

Now, we compare the outcomes from the current
NCE model with that of the CE model for the
experimental data in 1001FP, 1004FP, and
1005FP cases for horizontal (as well as vertical
[37]) configurations. Figure 11 shows a
comparison of VFP cases with HFP for all the
cases; the CE model overestimated the
experimentally observed h — t curves.
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Figure 11. [Colour online] Comparison of the
NCE and CE models with experimental data for
(a) 1001FP, (b) 1004FP, and (c) 1005FP cases,
showing the CE model overestimates while the
NCE model agrees well with the experimental data
when+4 = 6,—41 = 0.99 across all FP cases.

The predicted uptake curve has a similar shape as
the experimental curve, with a maximum
deviation of ~ + 8% at the end of the experiment.
However, the proposed NCE model agrees
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reasonably well for 1001FP and 1005FP with the
experiments when A = 6 for +1 model and A =
0.99 for - 2 models in all the three cases studied
here. Interestingly, these A values are observed to
be consistent across the three cases.

6. Time scales & Dimensional analysis

We have defined two dimensionless numbers
previously [37] using the concept that the interplay
is between the mass gain term (driven by surface
tension) and the mass loss term (evaporation rate).
This interplay yielded Evaporation Time Number
(ETN) and Evaporation Height Number (EHN).
These are given as,

EHN = K \F —h /—’?‘E”R“ 37)
a opiKty
ETN = ct = e (38)
pitp

Note that ETN excludes the effect of the viscous
and gravitational forces both while EHN excludes
only the latter.

1.0
0.8 1
7 0.6
==}
=
0.4 1
— 1001 HFP
0.2 — 1004 HFP
0.0 - — 1005 HFP
(]:l] I).Il 0:2 [)13 0:4 015 0.6
ETN

Figure 12. [Colour online] Variation of EHN
versus ETN, indicating ETN as a potentially more
suitable time scale in cases dominated by
evaporation, with EHN values converging to ~1
in the steady state.

Figure 12 shows the variation of EHN versus
ETN. These new numbers seem to collapse all
three curves into a single master curve, thereby
indicating the utility of these scales in such a
system. Note that we used the average evaporation
rate in the steady state for scaling; however, the
temporal values of evaporation can also be used.
Further, EHN-ETN curve also collapsed the
completely different h — t curves in the vertical
cases as well [37].
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7. Conclusions

We report findings from the investigation of the
process of wicking liquid ethanol on horizontal
thin rectangular filter papers exposed on both
sides. The experiments were accordingly designed
and were conducted under the controlled
laboratory conditions on three different filter
papers (FPs). The aim was to understand the
importance of evaporation on the liquid
penetration dynamics in horizontal configurations.
Two diagnostic tools were used simultaneously:
optical and thermal imaging.

As the liquid spreads across the horizontally
oriented FPs, the wicking liquid front eventually
reaches a finite steady-state position, marked
by L.. Possibly, without evaporation, the liquid
front would reach infinity. Our findings indicate
that evaporative mass loss plays a dominant role
in limiting the liquid's spread, rather than capillary
and viscous effects, which are usually considered
in conventional wicking systems. The L. values
for the HFP are higher than the VFP cases
indicating that the gravitational forces are non-
negligible in the latter.

In this study, we adopted the Non-Constant
Evaporation Model (NCEM) proposed by
Rampally and Kumar [37], which assumes a
power-law variation of the local evaporation rate.
Here, we use NCEM by neglecting the
gravitational effects (g = 0). The permeability
values were obtained by h? —t experimental
curve in the initial ~15 seconds where its slope
yields a ratio K/R; the choice of R is not of
importance here and we chose to use R = R,
where R were obtained for the three FPs in the
vertical cases [37]. The Surface Energy Budget
(SEB) equation was used to express the local
evaporation rate as a function of the measured
temperature, and this was integrated into the
momentum equation to model the evolution of
height versus time, h(t) in the modified NCEM.
The resulting model provided a close match with
the experimental data (within +8%).

A key observation was the successful application
of the non-dimensional numbers proposed by
Rampally and Kumar [37]. When using ETH and
ETN, we found an agreeable collapse of data
across different experimental conditions. This
indicates that these numbers effectively describe
the wicking process in the presence of
evaporation.
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Abstract
A flat-type loop heat pipe was designed to sustain power loads within the kilowatt scale for the use of waste heat
recovery. The loop heat pipe used a stainless steel wick with a pore radius of 1.0 microns and a box-type wick design
to reduce the pressure loss within the wick with water as the working fluid. Experimental testing was performed with
the evaporator in an upright and flat orientation, with the condenser placed above the evaporator with a height
difference of 0.3 m. For the experimental testing, passive cooling was used for the condenser. The loop heat pipe was
able to sustain a 10 kW power load with the upright orientation and 8.5 kW with the flat orientation. The lowest
thermal resistance value between the evaporator and the condenser was around 0.008 °C/W for the upright orientation
and 0.009 °C/W for the flat orientation. To predict the performance of both orientations for the loop heat pipe a
numerical model was developed. The average temperature difference between the numerical and experimental results

was 10.2 °C for the upright orientation and 9.5 °C for the flat orientation.

Keywords: Loop heat pipe; Kilowatt power load; Numerical model; Waste heat recovery

1. Introduction

Due to the yearly increase in global emissions,
improving the efficiency of certain applications can
lead to a reduction in emissions. Industrial
processing (IP) and internal combustion engines
(ICEs) are afew examples of uses that could benefit
from improving efficiencies through waste heat
recovery (1-3;. A loop heat pipe (LHP) is a heat
transfer device that can handle power loads found in
these uses while providing waste heat recovery
without using any additional energy.

An LHP consists of an evaporator, grooves, wick,
vapor line (VL), condenser, liquid line (LL), and
compensation chamber (CC). When heat is applied
to the evaporator, the working fluid on the outer
layer of the wick will heat up and turn to vapor. This
vapor enters the grooves and moves to the VL and
the condenser. In the condenser, the vapor will be
cooled and will turn back to liquid while moving to
the LL and then returning to the CC. The wick
separates the CC and the evaporator, and the wick
also draws the working fluid back to the outer layer
of the wick to sustain the loop through capillary
pressure. There are many uses for ICEs and IP that
have power loads within the kW scale, and waste
heat recovery can be used to help improve the
overall efficiency.

Previous research on kW-class LHPs has been
performed, but the research is still limited overall.
The most recent work regarding kW-class LHPs
includes research by Aono et al., which was
performed with a flat-type LHP that was able to
sustain a power load of up to 6.2 kW with a working
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fluid of water and a stainless steel wick that had a
1.2 pm pore radius 4. More recent research

performed by Wang et al. used a cylindrical-type
LHP using an ammonia and nickel combination for
working fluid and wick structure, which had a pore
radius of 0.53 um and sustained a power load of
1.03 kW (51. Improving the maximum power load

capabilities will increase the range of available uses
for waste heat recovery.

A flat-type LHP was designed for higher power
loads for the application of waste heat recovery. The
wick was made of stainless steel and had a box-type
design, and the condenser was cooled with passive
cooling. Additionally, a numerical model was
designed to estimate the temperatures and analyze
the pressure loss throughout the LHP. Designing
kW-class LHP helps expand the potential uses of
waste heat recovery, leading to a reduction of
emissions in uses such as IP and ICEs.

2.0. Experimental setup and testing

All of the dimensions for the LHP components
can be found in Table 1, and the setup for the
experiments and the wick can be seen in Figure 1.
The wick was made of stainless steel, and its cores
were used to help reduce pressure loss throughout
the wick. The cores help lower the pressure loss
because the flow path of the working fluid is
reduced, and the length from the wick surface to the
outside of the core is shorter than a wick without
cores. Lastly, water was selected as the working
fluid for the LHP because of the high heat of
vaporization, boiling point, and low vapor pressure,
which match well with the application of waste heat
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recovery.
Table 1. Dimension and properties of the LHP.
Section Variable Values
Wick Pore size (um) 2.0
Porosity 0.4
Permeability (m?) 2.6x 10
Number of cores 6
Core diameter (mm) 18
Overall (W/H/L) 143/22/145
(mm)
Evaporator OVl (WHIL) 154/ 39/ 183
(mm)
Grooves ~ OVerAlWHIL) 1 /5 /1435
(mm)
Number of grooves 164
VL Tube OD/ID /L 19.1/16.6/
(mm) 2500
Condenser Tube OD/ID /L 12.7/10.7/
(mm) 5000
LL Tube OD/ID/L 9.53/7.75/
(mm) 2200
cc Overall (WHIL) 165/ 135/ 160
(mm)
Heater Overall (mm)
blocks (W/HIL) 143/16/ 115
Water Volume (cm?3) 3300

2.1. Experimental testing

The VL, evaporator, CC, heater blocks, and LL
were insulated during the testing, and the
temperature of each section was measured using a
total of 46 thermocouples. The thermocouple
locations of each component can be seen in Figure
1, with Figure la showing the placement of the
thermocouples for both the VL and LL, Figure 1b
showing the locations for the condenser, and Figure
1c showing the CC and evaporator locations. For
both experimental tests, the condenser was cooled
using passive cooling, and the evaporator was
located below the condenser by about 0.3 m. The
upright orientation and flat orientation were both
used for experimental testing, which can be seen in
Figure 2. The gravity assist also helps performance
because the height difference reduces pressure loss
due to the hydrostatic pressure gain from the
condenser being located above the evaporator. Step-
up tests were performed with 0.5 kW steps and
passive cooling, with water as the coolant. The
experimental test was limited by the thermal paste
as the damage occurs at the temperature of 320 °C
or when the pressure of the CC reaches 0.6 MPa.
The temperature, power, voltage, and time were
recorded every 5 seconds using a data acquisition
system for each test. Upon comprehending the
experimental setup, the results of the experimental
test will be discussed next.
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Figure 1. (@) A picture of the LHP with the
thermocouple positions for the LL and VL and the
dimensions of the box-type wick shown. (b) A
photo of the condenser with the thermocouple
positions is shown. (c) The CC and the evaporator
are rendered in a 3D model with the positions of
the thermocouples shown in the upright
orientation.

-l ! i ',
(a) (b)
Figure 2. (a) A picture of the evaporator in the

upright orientation. (b) A picture of the evaporator
in the flat orientation.

2.2 Experimental results

Figures 3a and 3b show the results for upright
and flat orientations, respectively. The results
included temperature locations for the CC,
evaporator, heater block, VL inlet, condenser inlet,
LL inlet, and LL outlet. The highest power load
achieved for the upright orientation was 10 kW,
while for the flat orientation, the highest power
load was 8.5 kW.
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Figure 3. Experimental results for the temperature
over time for the upright orientation. (b)
Experimental results for the temperature over time
for the flat orientation.

For the experimental testing, the upright
orientation was stopped due to the maximum
temperature being reached, and the flat orientation
was stopped due to the pressure limit. The
temperatures were similar between the two
orientations for the lower power loads, but began
to separate at higher power loads as the flat
orientation began to become higher in temperature
in most locations. This increase in temperature
could be caused by the vapor layer that would
form in the flat orientation, as the vapor in the core
would become difficult to remove compared to the
upright orientation. The thermal resistance
between the heat source and the heat sink and the
evaporative heat transfer coefficient can help
demonstrate the efficiency of the LHP.

The thermal resistance calculation can be seen
in Eq. 1:

153

_ TEvap,Max_TCond,Min

REvap—Cond - QLoad (1)

where the Revap-cona IS the thermal resistance
between the heat source and heat sink, Qioad
denotes the power load, Tevapmax refers to the
maximum evaporator temperature, and Tcond,min
stands for the minimum condenser temperature.
Based on previous research performed by
Chernysheva and Maydanik, using the maximum
temperature for the evaporator and minimum
temperature for the condenser was found to be
better for comparison for the thermal resistance [6].
The evaporative heat transfer coefficient was
calculated using the average evaporator
temperature, which can be seen in Eq. (2):

_ QLoad

hE - (TEvap_TVL)A (2)
where Ty. denotes the VL temperature, A stands
for the area, Tevap denotes the average evaporator
temperature, and he signifies the evaporative heat
transfer coefficient. The values for the thermal
resistance and evaporative heat transfer
coefficient for the upright and flat orientations can
be seen in Figure 4 and Figure 5.

The values for the thermal resistance were
lower for most power loads for the upright
orientation compared to the flat orientation. The
lowest value achieved for the upright orientation
and flat orientation was about 0.008 °C/W for the
upright orientation and about 0.009 °C/W for the
flat orientation. For the evaporative heat transfer
coefficient using the average temperature, the
highest value was achieved at 4.5 kW with a value
of about 92 kW/m?/K for the upright orientation
compared to the highest value for the flat
orientation, which was at 2.5 kW with a value of
about 80 kW/m?/K. This difference shows that the
orientation change affected the peak heat transfer
coefficient as the peak occurred earlier in the flat
orientation. Also, as expected, the heat transfer
coefficient was higher in the upright orientation,
but at the higher power loads, the heat transfer
coefficient for the flat orientation was higher even
though the temperatures were hotter than the
upright orientation values. One reason for this
difference could be that the connection quality was
better for the flat evaporator. In a previous
experimental test in the flat orientation, the heat
transfer coefficient had a similar drop-off in the
value at the higher power loads, but the results of
the most recent test did not have the same issue
and even performed better than the upright
orientation at the higher power loads. On average,
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the heat transfer coefficient values were higher,
and the thermal resistance values were lower for
the upright orientation, suggesting that the upright
orientation is better for operational performance.
The upright orientation is ideal for performance
compared to the flat orientation due to the vapor
forming at the top of the core of the wick. The
upright orientation allows any vapor that forms
within the cores to escape to the CC due to
buoyancy, which could not happen in the flat
orientation. The upright orientation results could
be further improved in the future using similar
improvements made to the flat orientation for a
better connection between the heater and the

evaporator.
0.08
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0.071 —&— Upright

e 9
o o
QO

Thermal Resistance, K/IW
3
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0 \ , . \ \
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Power, kW

Figure 4. Thermal resistance values between the
heat source and the heat sink at different power
loads.
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Figure 5. Evaporative heat transfer coefficient

values for both orientations.

3. Numerical model

A steady-state numerical model was designed to
predict the temperature performance and analyze
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the pressure loss throughout the LHP. The method
used for modeling the LHP was inspired by a
previous model developed by Jazebizadeh and
Kaya [71.

3.1. Evaporator

The heat load for the model was broken into a few
components, which can be seen in Eq. (3):

Qroaa = Qamp + O + Qs + Oy ©)

where Q denotes the heat transfer rate, subscript,
Amb subscript stands for the ambient, E subscript
signifies the evaporation, S subscript denotes the
superheated, and HL subscript stands for the heat
leak. The approach had to be updated for a flat-type
evaporator, and the conduction through the walls of
the evaporator case to the CC needed to be added
since flat-type evaporators have thicker walls
compared to cylindrical evaporators. The updated
equation for the evaporator for a flat-type
evaporator and the considered heat leak from the
axial conduction can be seen in Eq. (4):

kefwaick AT:

. 1
Qur = Rom ATyg cc + int.cc @
HB_CC

wick
where the ATws cc Stands for the temperature
difference between the heater blocks and CC,
ATint_ cc denotes the temperature difference between
the surface interface of the wick and the CC, ke
refers to the effective thermal conductivity, L
signifies the length, Rug cc stands for the thermal
resistance between the heat block and the CC, and
the subscript wick signifies the wick.
3.2.  Pressure loss

An approach for handling the pressure loss for a
box-type wick was used to account for the effect of
the flow path of the liquid from the core to the
surface, which can be seen in Eq. (5)-(7):

Mptesy
Pyick = —""— 6)
wick WwickLwickKp
_ Xt
terr =7 ®

t; = /xlz +y2—r, @

where Puic denotes the pressure loss within the wick,
m stands for the mass flow rate, t signifies the
thickness, w denotes the width, K signifies the
permeability, r. stands for the radius of the core and
p denotes the density. Also, N signifies the number
of nodes, x denotes the distance in the x-direction, y
stands for the distance in the y-directions, i subscript
denotes that value for an individual node. A
breakdown of how the equations are applied to the
wick can be seen in Figure 6. Determining the
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pressure loss is important due to the capillary limit
within an LHP. The capillary limit is determined
using properties which can be seen in Eq. (8):

20cos6
F, cap =

®

Tpore

where Py stands for the capillary pressure, o
represents the surface tension, rpore refers to the pore
radius, and & denotes the contact angle. The total
pressure loss has to be less than the capillary
pressure. The total pressure loss can be seen in Eq

):
PtotaLZPwick+Pgr+PTL+PG O

where the subscript total stands for all of the
pressure loss/gains of the entire LHP, gr subscript
denotes the grooves, TL signifies the transport lines
(VL, condenser, and LL), and G stands for gravity.

The condition for the pressure loss can be seen in Eq.

(20):
Protar < Peap 10

The pressure loss had to be determined for every
testing condition to ensure the capillary limit was
not reached.

(c)

Evaporator case Groove i

Figure 6. A 3D model of the CC and the
evaporator showing two cuts for section AA and
section BB. (b) Shows the internal structure of the
LHP along the AA cut section. (c) The internal
section of the evaporator with the wick and the
grooves where the blue represents the working
fluid. (d) The component breakdown for the
effective wick thickness calculation.

3.3.  Transportation lines

Temperature-dependent correlations were used to
simulate the cooling for the transport lines. For
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passive cooling, two types of cooling were used:
unsaturated and saturated boiling. Unsaturated
cooling heat transfer coefficients were determined
numerically to be 1 kW/m?K for the unsaturated
cooling, and the saturated boiling cooling condition
was determined using Egs. (11)-(14) (8::

_ 9B(Tsy=Tamp)D3Pr

Rap = i
2
0-387R31/6
Nu=16.0 + 5 »
{ [1+(0'559/PT)9/16]8/27} a2

_ 9(p1-py) ]2 Cp(Tsf—Tsat) 3
q= Mlhfg[ o ] ( CsphygPr] a3

hD

Nu = r 14
where Rap denotes the Rayleigh number, g signifies
gravity, A is the coefficient of volume expansion, D
indicates the diameter of the pipe, Pr is the Prandlt
number, and v is the kinematic viscosity. Also, Nu
stands for the Nustel number, g is the heat flux, h
represents the heat transfer coefficient, hy represents
the enthalpy of vaporization, Ce denotes the specific
heat, Cs is an experimental constant based on the
surface and fluid combination, n is an experimental
constant based on the cooling fluid. Lastly, for
subscripts, sf indicates the surface, o refers to the
outside of the pipe, sat denotes saturated, | signifies
liquid, and v indicates vapor. Before the numerical
results were conducted, a sensitivity analysis was
performed to ensure that the control volume size did
not have an effect on the numerical results. Several
control volume sizes were tested, and it was noticed
that after increasing the number of control volumes
from 150 to just under 300, the change in the CC
temperature was less than 0.2 °C. With the small
temperature changes based on the number of control
volumes, a total of 150 volumes was used for
numerical testing to help reduce calculation time.
The lengths of each control volume for each section
of the LHP are shown in Table 2. A comparison of
the experimental results and the results from the
model can be done to understand the accuracy of the
numerical model.

Table 2. Length of control volumes for the model.

Section Length (mm) # of volumes
Grooves 12.3 11
VL 59.6 42
Condenser 63.7 80
LL 128 17
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4. Results

The steady-state temperatures for the passive
cooling experimental test compared with the
model's results can be seen in Figure 7a for the
upright orientation and Figure 7b for the flat
orientation. The numerical model matched well
with the experimental results, with the average
temperature difference being 10.2 °C for the
upright orientation and 9.5 °C for the flat
orientation. The best-matched and worst-match
components for both orientations were the same,
as the CC was the best matched with a temperature
difference of 7.3 °C for the upright orientation and
4.5 °C for the flat orientation. The worst-matched
component was the evaporator, which had a
temperature difference of 16.3 °C for the upright
orientation and 14.1 °C for the flat orientation.

] ] © HB Exp.
350 ——HB Mod.
EVAP Exp.
300 EVAP Mod.
O 250 VL, Exp.

- VL,, Mod.
5200 o COND,_Exp.
o —_COND._ Mod.
o 150 in o
g— o LLin Exp.

@ 100 ——LL, Mod.
50 LL, Exp.
LL . Mod.
out
0 * + © CC Exp.
0 5 10 |——CC Mod.
Power, kW
(a)
O HB Exp.
350 ——HB Mod.
EVAP Exp.
300 EVAP Mod.
g_) 250 | ‘\.v’Lin Exp.
< VL, Mod.
5200} o COND. Exp.
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g. o LLin Exp.
@ 100 ——LL, Mod.
LL . Exp.
50 L out
LL_ Mod.
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0 5 10 |=——CC Mod.
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(b)
Figure 7. Model results vs. the steady-state
temperatures for the upright orientation. (b) Model
results vs. the steady-state temperatures for the flat
orientation.

For the model, it seems that the model
overpredicted the temperatures for the upright
orientation; therefore, the benefit of the pressure
gain and better fluid flow within the evaporator
from the upright orientation was underpredicted.
The flat orientation tended to underpredict the
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temperature, and this was most likely due to the
vapor layer not being able to be simulated within
the evaporator. This vapor layer would reduce
performance, leading to higher temperatures,
which was not accounted for within the model.

5. Conclusion

The LHP was able to handle power loads up to 10
kW with the upright orientation and 8.5 kW for the
flat orientation. The lowest thermal resistance
between the heat source and the heat sink was about
0.008 °C/W for the upright orientation and about
0.009 °C/W for the flat orientation. For the
evaporative heat transfer coefficient, the highest
value achieved was with the upright orientation,
with a value of 92 kW/m#¥K and 80 kW/m#K for
the flat orientation. The numerical model was able
to predict the performance well, with the average
temperature error being 10.2 °C and 9.5 °C for all
power loads and locations for the upright and flat
orientations, respectively. The increase in
maximum power load in the LHP can help expand
the potential uses for waste heat recovery in uses
such as ICEs and IP.
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Abstract
With the increasing integration of portable electronic devices and the reduction of the available space inside them, the
heat flux generated by high-power components increases dramatically, causing great difficulties in the thermal
management of electronic devices. High-performance heat dissipation devices, such as ultra-thin flat heat pipes and
vapor chambers, have attracted much attention due to their suitability for confined spaces and high heat transfer
performance. The evaporator, as a key component of these ultra-thin heat transfer devices, where the intense phase
change heat transfer process takes place inside the device, has a decisive influence on its thermal performance. In this
study, we simulated the capillary-driven evaporation process in a hierarchical micro pore-channel composite
evaporator using a dual-scale numerical model, analyzed the effect of microporous diameter, and predicted the overall

thermal performance of the evaporators.

Keywords: Capillary-driven evaporation; Hierarchical microstructure evaporator; Numerical simulation; Heat

dissipation.

1. Introduction

The effective thermal management of electronic
components with ultra-high heat flux is crucial in
advancing next-generation computation and
communication technologies [1]. Conventional
cooling technologies, such as air and liquid cooling,
typically rely on highly complex equipment and
external power supplies, and cannot solve the
problem of heat dissipation in confined spaces [2].
Phase change heat transfer devices based on passive
capillary wicking and thin-film evaporation
processes, such as flat heat pipes and vapor
chambers, have been widely researched and applied
due to their better adaptability to this operating
condition.

The performance of these phase change heat
transfer devices is significantly affected by the
evaporator design where intense phase change heat
transfer occurs. Proper microstructure design can
enhance capillary flow and phase change heat
transfer of the working liquid in the evaporator of
these devices and ultimately ensure that these
electronic devices operate stably within a
predetermined temperature range. Due to its
significance, numerous evaporators with micro/
nano features have been proposed to improve the
capillary-driven liquid film evaporation process of
the phase-change heat transfer devices. Early
research focused on investigating the amorphous
microstructure evaporators made from conventional
porous materials such as sintered powder, mesh, and
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metal foam. Besides, several evaporators with
multi-pore size or composite structures were also
proposed and investigated. However, due to the lack
of artificial control over the internal structure,
quantitative optimization of these evaporators is
difficult, limiting further enhancement of their
thermal performance. In recent years, well-defined
structures have attracted more attention in this field.
In order to improve the thermal performance of the
evaporators, research on the capillary flow and
evaporation process in micropillar arrays was first
conducted. On this basis, experimental and
numerical investigations of micropillar array
evaporators were also conducted, in which the
micropillars have various cross-section shapes such
as circular, elliptical, and rectangular. An optimal
evaporator necessitates the simultaneous fulfillment
of three fundamental criteria: high capillary pressure,
permeability, and a high heat transfer coefficient.
The aforementioned evaporators, comprising arrays
of microstructures with a single cross-sectional
shape, are typically unable to balance the
paradoxical relationship between capillary pressure
and permeability. Hierarchical microstructural
evaporators, particularly those comprising micro
channel-pore composite structures, are regarded as
pioneering designs poised to integrate these
advantageous characteristics. Nevertheless, despite
the completion of several laboratory studies on
hierarchical microstructural  evaporators, the
majority of these devices possess a heated area of
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approximately 1 mm=2which raises questions about
their practical applicability at the device level.

In order to explore the potential of hierarchical
microstructured  evaporators for high heat
dissipation devices, we developed a micro-macro
dual-scale model to predict their heat transfer
performance numerically.

2. Methodology

In this study, the heat transfer performance of the
hierarchical composite evaporator with different
pore diameter and total length is numerically
predicted using a dual scale model. As shown in
Figure 1, the hierarchical composite evaporator
consists of a layer of microporous film with
uniformly distributed micropores, rectangular
microchannels arranged periodically along the y-
axis, and a substrate. The capillary wicking and thin
film evaporation characteristics of the evaporator
are simulated sequentially at the cell and device
levels. The micro-scale model is used to capture the
interface shape dependent liquid flow and heat
transfer characteristics in unit cells with different
geometry and contact angle. And the macro-scale
model is used to evaluate the overall thermal
performance of the whole evaporator, including the
dry-out heat flux and the effective heat transfer
coefficient. The dual-scale model is solved
numerically using rigorous grid-independent tests
and is validated against two sets of heat transfer
experiments on micropillar evaporators, which are
widely used as benchmarks for validating relevant
numerical models.

Evaporation Evaporation

N Y T G O e i
) o LRI ETEE L] w I
Reservior | Microchannel
‘ ,T_‘ Substrate

x=0 Heat flux TTox=L Heat flux

(c)

Liquid
Reservior

)

x

Figure 1. (a)Front view, (b)right view, and (c) top
view schematics of the microporous film-
microchannel composite evaporator.

2.1. Microscale model

Microscale simulations are performed in unit
cells consisting of a minimal repetitive element of
the composite microstructure and the liquid within
it to investigate the effect of interface shape. For a
unit cell with specific geometry, parametric studies
of the interface shape have to be conducted first to
build the liquid domains. Then, the microscale
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liquid flow and heat transfer simulations are
conducted in the calculated liquid domain and
predefined solid domain. Finally, the calculated
permeability and heat transfer coefficient are
constructed as functions of the interface shape and
are passed to the macroscale models [3].

For a unit cell with specific geometry, the
interface shape is a function of the local capillary
pressure, which is the difference between liquid and
vapor pressures. Gravity and inertia are ignored due
to the small Bond number (Bo « 1) and Weber
number (We <« 1). Vapor pressure is assumed
constant throughout the evaporator. Sufficient
liquid supply allows the liquid to fill the
microchannel and keep the interface pinned at the
top of the hydrophilic micropore before dry-out.
According to the Young-Laplace equation, the
relationship between capillary pressure and local
interface height (f) is:

v. (L) _Pe %

VI+I|VfI2) @
where o is the surface tension. Parametric studies
were conducted to calculate the interface shape at
different capillary pressures by solving Eq. (1).
With the decrease of liquid pressure from the
entrance to the center of the evaporators caused by
the viscous liquid flow, the interface shape changes
from flat to concave. When the contact angle
decreases to the receding contact angle, the
depinning of three phase line will lead to a localized
dry-out phenomenon. The interface shape with
contact angles ranging from 90° to 0 are calculated
and used to build the liquid domains for micro scale
liquid flow and heat transfer models.

In the micro scale heat transfer model, conduction
is considered the dominant heat transfer mode in the
liquid domain, due to the small Peclet number
(Pe «< 1). A quarter of the combination of both
liquid and solid domains is used as the calculation
domain. The governing equation of the heat transfer
model is:

V- (kVT) =0 (2)
where k is the thermal conductivity and T is the
temperature. The calculation domain and boundary
conditions are shown in Figure 3(a). A uniform heat
flux g, transferred from the heated substrate is
applied at the bottom of the unit cell. And the
interfacial evaporative heat flux (q,,, = Meva/
h;,,) characterizes the heat transfer between the unit
cell and the saturated vapor environment (at T;).
The lateral heat conduction between unit cells is
neglected, due to the small lateral temperature
gradient compared with the vertical one from
substrate to the interface. Thermal convection at the
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top of the microporous film is neglected in the
model because it has a thermal resistance that
exceeds the phase change heat transfer by about
three orders of magnitude. The approximate
Schrage’s equation is used to calculate the
evaporative mass flux:

= 26 ( M )1/2 psatlTl,, _ Py (3)
e 2—6\2nR TY? T2
v v

where 6, M, R, Psatlry, » Pv, Tiv, Ty are the
accommodation coefficient (0.052), the molar mass
of the liquid, the universal gas constant, saturation
pressure at the interface pressure, vapor pressure,
interface temperature and vapor temperature,
respectively.

In microscale liquid flow model, half of a liquid
domain is used as the calculation domain. Navier-
Stokes equations are the governing equations of the
steady-state laminar flow (Re « 1):

V-(pu)=0 (4a)
pu-Vu=-Vp+V-(u(Vu+ (Vu)T)) (4b)
where, p, u, and p are the density, dynamic
viscosity and pressure of liquid, u is the velocity
vector. The calculation domain and boundary
conditions are shown in Figure 3(b) and set as
follows: (a) periodic boundary condition with a
pressure difference (Ap;) between the inlet and
outlet of the microchannel; (b) shear-free boundary
condition on the liquid—vapor interface; (c)
symmetry boundary condition at the mid-surface of
the domain; (d) no-slip walls at the bottom surface
and the side surface in contact with the
microchannel wall.

Free shear wall

5T

Insulation

Periodic
Periodic /
Flow
diectio®

N \

q’,’ Symmetry
Other boundaries: Other boundaries:

symmetry no-slip wall
(a) (b)

Figure 3. The schematic diagram of calculation

domains and boundary conditions in micro scale
(a) liquid flow and (b) heat transfer models.

A series of parametric studies of microscale heat
transfer and liquid flow problems are solved in unit
cells with various geometry. The calculated velocity
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and temperature fields are used to capture the
microscale characteristic parameters, which are
permeability x and h,, respectively. For a unit cell
with specific geometry, k is a function of interface
shape only, and h,, is a function of interface shape
and q;. The value of ¢, is set as equal to g, to
reduce the complexity of the model here,
considering the weak dependence of h, on q;
value.

The permeability x calculated in microscale
model is determined by Darcy’s Law:

K
u=-——Vp )

where @ is the average velocity magnitude (along
wicking direction) at the inlet (or outlet) of
microchannel, and Vp is the pressure gradient
across a unit cell (Vp=Ap/l). And the heat transfer
coefficient h, under a given q't' is defined as:

9¢
— (6)
) Te - Tsat
where T, is the average temperature at the bottom
surface of the unit cell.

he =

2.2. Macroscale model

In the macroscale model, the coupled liquid flow
and heat transfer phenomenon is studied in only one
row of the evaporator due to the periodic
arrangement (in y-direction). Macroscale liquid
flow along the wicking direction, evaporative heat
and mass transfer in the microstructures were
mainly considered in this part. A nonlinear dual-
dimensional and two-physics field-coupled model
(one-dimensional fluid flow and two-dimensional
heat conduction) is developed with reference to the
iteratively solved device-level model in the study by
Vaartstra et al [1]. The coupled liquid flow and heat
transfer models and their coupling relationship are

shown in Fig.4.
P =0 o P /ax=0
- Liquid flow _
| 7 - (o) = 4, () (ko) |
uzngPl j |
x=0 q;;(\X) Coupling ﬁ%, ' x=1
‘ N he(x) = f(P, qin)
— e (%) = he (X)(T — Tsqr)
N N O G
aT/dx =0 Heat conduction 0T /0 = 0
I

Gin
Figure 4. The schematic diagram of the

macroscale model.

Liquid flow from the inlet (x = 0) to centerline
(x = L) inthe concerned row is simplified to a one-
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dimensional liquid flow problem in a continuous,
porous media with variable permeability according
to Darcy’s Law to calculate the liquid pressure,
where the local permeability is a function of liquid
pressure itself (for a given microstructure). The
mass transfer of evaporation is modeled as a
volumetric mass loss in the continuity equation:

V- (p11) = Qnm (7)
where, @, = —¢,(x)/(hytc), and 1w is the average
velocity along wicking direction. Reference liquid
pressure (p; =p, ) at entrance and symmetry
boundary condition at center line are set as boundary
conditions of liquid flow model, respectively.

The heat transfer in the substrate is simplified to
a two-dimensional heat conduction problem [4]. A
uniform input heat flux q'l.'n is applied at the bottom
and dissipated by evaporative heat flux q;va(x) at
the top of the substrate, where q;va(x) =
he(x)(T — Tgae) and T is the local temperature on
the interface, and h, is a function of q; and py .
Symmetry boundary conditions were set at both
lateral boundaries of the substrate.

For each case of the evaporator with specific
geometry parameters, various q;n are given from
low to high value by a parametric sweep process to
predict their heat transfer performance under
different operating conditions. In each calculation,
the temperature and flow fields are recorded until
the p. at centerline is equal to p rec. This extreme
operating condition means that localized dry-out
occurs at the centerline, which is the position most
affected by the competing relationship between
capillary pressure and flow resistance in the
evaporator. The corresponding heat flux is called
dry-out heat flux q:iryout. In addition, the heat

transfer coefficient of the entire evaporator h, is
defined as the average value h, at the top surface of
the substrate under a specific operating condition.
3. Results and discussion

The dual-scale numerical model was
validated by comparing two sets of calculated
results (h, and q:iryout) of cylindrical pillar array

evaporators with experimental values in the
literature which are widely used as benchmarks for
model validation in the related numerical research.
The predicted h, was validated against the
experiments conducted by Adera et al [5]. The
evaporator was placed in a vacuum chamber at 3
kPa, and was surrounded by liquid water on all
sides. The predicted and experimentally measured
average superheats at different input heat fluxes
are shown in Figure 5(a). The predicted ¢ dryout
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was validated by the experiments conducted by
Zhu et al. [6], in which only one side of the
evaporators was immersed in the water bath in an
air ambient. The dry-out heat fluxes of two sets of
evaporators with different wicking lengths were
predicted by the model and compared with the
experiment results, as shown in Figure 5(b). The
high agreement between the predicted results and
the experimental data demonstrates this dual-scale
model's high accuracy in predicting evaporators'

performance.
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Figure 5. Comparison of the average evaporator

superheat and dry out heat flux predictions of the
proposed model and the experimental results.

Unlike normal micropillar evaporators, the
hierarchical composite evaporator is considered as
a special design that successfully balances the
paradoxical dependence of capillary pressure and
flow resistance on feature size. In particular, the
capillary pressure and permeability of such
hierarchical composite evaporator are no longer
determined by the shape of the micropillar alone,
but are decoupled to be determined by the
characteristic size of the micropore and
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microchannel, respectively. In addition, the size of
the micropore also has a great influence on the
interface area and the length of the three-phase
contact line, which affect the thin film evaporation
characteristics.  Therefore, for evaporators
operating under high heat flux conditions, proper
pore size design is an effective method of
improving their thermal performance.

To assess the effect of pore size on the overall
thermal performance of the evaporator, we first
calculated the trend of capillary pressure versus
contact angle for the working fluid (deionized
water) in micropores of different diameters. As
shown in Figure 6, as the diameter decreases from
15 to 2.5 pm, the capillary pressure shows a non-
linear increase at all contact angles. Furthermore,
the significant increase in decreasing capillary
pressure will significantly increase the dry-out
heat flux of evaporator.

Capillary pressure P, (kPa)

-100 L 1 L L L 1 I 1 1
90 80 70 60 50 40 30 20 10

Contact angle (deg)
Figure 6. Capillary pressure versus contact angle
for micropores with different diameter.

Figure 7 shows the calculated heat transfer
coefficient of unit cells with different pore size,
which are being heated with a uniform heat flux of
60 W/cm?. The calculated evaporator has specific
geometric parameters with microchannel width
and height of 16 and 20 pum, and the thickness of
the porous layer is 10 um. The material of
evaporator is silicon. As shown in the figure, the
enlargement of the pore causes a significant
increase in the heat transfer coefficient, which is
dominated by the change in interfacial area. For
the same reason, the effect of the contact angle on
the heat transfer coefficient is more pronounced
for larger diameter pores.
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Figure 7. Heat transfer coefficient versus contact
angle of unit cells with diameter.

Predictions of the thermal performance of
evaporators with different pore sizes, including
the dry-out heat flux and the efficient heat transfer
coefficient at dry-out, are given in Table 1. From
these results it can be seen that for a hierarchical
composite evaporator with the same pore spacing
design, the burnout heat flux (or critical heat flux
density) increases with decreasing pore size.
However, too small pore diameter will result in
ultra-high heat flux density and low heat transfer
coefficient, which is further manifested as ultra-
high superheat at the wall. This problem will lead
to the occurrence of boiling, which is considered
to be an unstable heat transfer phenomenon in the
field of heat dissipation in highly integrated
electronic devices [7]. Increasing the heat transfer
coefficient within the unit cell by reducing the
pore spacing would be a viable way to further
improve the thermal performance of the
evaporator.

Table 1. Thermal performance of evaporators
with different pore diameter.

Pore diameter q({,l’ryout he,dryout
um W/cm? KW/(m?K)
7.5 251.9 42.017
10.0 189.6 51.418
12.5 1515 64.269
15.0 92.3 67.718

4. Conclusions

In this study, we simulated the capillary-
driven evaporation process in a hierarchical micro
pore-channel composite evaporator using a dual-
scale numerical model, analyzed the effect of
microporous diameter, and predicted the
integrated  thermal  performance of the
evaporators. This work demonstrates the potential
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of the hierarchical micro pore-channel composite
evaporator to operate at high heat flux conditions
and provides theoretical guidance for further
evaporator design.
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Abstract
Loop Heat Pipes (LHPs) are two-phase heat transfer devices that can be used for spacecraft. In specific environments
that have large ambient temperature variations, LHPs have risks of making equipped electric devices overcooled if
they are used without temperature control. In this study, we developed a new temperature control technique using
electrohydrodynamic (EHD) conduction pumps. An EHD conduction pump is installed to the liquid line of a LHP and
generates pressure against the capillary force to impede heat transfer. This paper includes the experimental result of
evaporator temperature control testing in a thermal vacuum environment. A feedback control algorithm for evaporator
temperature with the EHD pump was newly developed for this test. The evaporator temperature was maintained near
the constant temperature for 12 hours in a low-temperature environment. The power consumption of the EHD pump
during the test was less than 27 mW. The detailed analysis confirmed two different LHP operation modes under
control by EHD pump, restricting flow mode and switching flow direction mode. It is suggested that the EHD pump
can control LHP with low power consumption and low-pressure drop in normal LHP operation, and that more accurate

temperature control can be expected by improving the algorithm.

Keywords: EHD Conduction pump; Heat switch; Loop heat pipe; Lunar rover; Temperature control

1. Introduction

In space environments, Loop heat pipes (LHPs)
are an effective option for dissipating heat of space-
craft electric equipment. They operate passively
when the evaporator receives heat flux from the heat
source, and the driving force of the working fluid is
the capillary force of the wick. The evaporator tem-
perature is mainly dependent on the temperature of
the compensation chamber (CC), which is deter-
mined primarily from the heat load, the pressure
drop of the entire system, and the ambient tempera-
ture [1].

In some cases, the evaporator temperature would
be below the proper equipment temperature due to
drastic decreases on ambient temperature, like the
night in the lunar. Several techniques have been de-
veloped to control the CC temperature. Bypass
valves were arranged in a branch pipe that short-cir-
cuits the vapor line (VL) and liquid line (LL) [2,3].
They operate passively based on the line pressure or
working fluid temperature. As the LHP operation
temperature decreases, the vapor flows into the
blanch pipe and directly returns to the CC. As an ac-
tive control technique, thermoelectric coolers
(TECs) were installed on the CC [4,5]. They were
also thermally connected to the evaporator to regu-
late the CC temperature using the heat flux from the
evaporator.

Although these techniques have been verified to
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control the evaporator temperature, they would face
some issues and requirements for spacecraft; that
are less weight, less pressure drop during normal
LHP operation, and less power consumption. We
developed a new active technique using an electro-
hydrodynamic (EHD) conduction pump [6]. EHD
conduction pumps are coulomb-force-driven pumps,
and their advantages include no movable parts, ad-
justable flow resistance and pressure rise, and low
power consumption. Figure 1 shows a conceptual
diagram of the LHP controlled by the EHD conduc-
tion pump. An EHD conduction pump is installed in
the LL, and the direction of the generated pressure
is opposite to that of a flow driven by the capillary
force.

Day(~100 °C)

1
1
Heat exhaustion i
1
1

Night(-190°C~)
Heat exhaustion
P Radiator —J——y
b EHIID pump

. ‘ (XgEHD pump
(disable) Controlled .(enable)

) ... |
Iz input from

Figure 1. Conceptual diagram of LHP controlled
by EHD conduction pump in lunar rover in day
and cold night.
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We previously developed a proper EHD conduc-
tion pump for the experimental LHP [7]. The devel-
oped EHD pump stopped the LHP heat transfer in a
room temperature environment, and its power con-
sumption was extremely small compared to other
techniques. In this paper, we investigated the avail-
ability of a developed EHD pump for the evaporator
temperature control, in which the development of a
controller for evaporator temperature using an EHD
pump and thermal vacuum testing of the evaporator
temperature control were conducted.

2. EHD conduction pump

2.1 Requirement definition and construc-
tion of experimental EHD pump

According to the experimental LHP characteris-
tics, some requirements were determined for the de-
sign of the experimental EHD pump. First, the
working fluid was R134a, which can be used for
LHPs and EHD pumps. Second, the generated pres-
sure was set to 10 kPa to sufficiently overcome the
capillary force of the wick.

An EHD pump that met requirements was de-
signed through simulations using COMSOL Mul-
tiphysics® and the production of an EHD pump pro-
totype. Figure 2 shows the structural diagram of the
fabricated EHD pump. Ring-shaped electrodes
made of stainless steel were embedded in the fluid
path, and rod-shaped stainless steel electrodes were
placed concentrically. 6-pairs of electrodes were
constructed for gaining sufficient pressure genera-
tion. The rod used for the electrodes was covered
with an insulation layer, except for the electrode sec-
tion. Due to the high working fluid pressure, these
structures were inserted into the manifold.

2.2 Evaluation of manufactured EHD
pump

The manufactured EHD pump was evaluated in a
preliminary experiment. Figure 3 shows the gener-

6.55

10.27 ]

182,18

Rod electrode w/ insulation cover
Cover thickness = 0.2mm

Fluid path

Ring electrode

Channel wall

Unit : mm

Figure 2. Structural diagram of EHD conduc-
tion pump. Rod electrode with cover and Ring
electrodes are placed in concentric. There are 6
pairs of electrodes in manufactured EHD

pump.
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Figure 3. Characteristics of the developed EHD
pump.

ated pressure and the power consumption character-
istics against the applied voltage in no flowrate.
Each point indicates the results of measuring for the
steady state of constant applied voltage. Approxi-
mation curves drawn by dashed lines. Error bars in-
dicate maximum and minimum values of each point
except outside 3. The generated pressure was pro-
portional to the square of the applied voltage, which
agrees with the theoretical estimation [6]. The max-
imum generated pressure was approximately 10.8
kPa, and 170 mW was consumed at 11 kV. Approx-
imately, the driving voltage of 6 kV and 30 mW of
the power consumption was estimated to be neces-
sary for sufficient generated pressure to overcome
the capillary force, 3 kPa.

3. Thermal vacuum testing of LHP-EHD
system

3.1 Thermal vacuum testing setup

The demonstration was conducted in a thermal
vacuum environment. An overview of the experi-
mental LHP equipped with an EHD pump is shown
in Figure 4. Each point and legend indicate the ther-
mocouple placement. The dimensions and materials
of the LHP are summarized in Table 1. The
experimental LHP had a cylindrical evaporator, and
a disk-shaped black radiator as the condenser. The
experimental LHP had a three-layer structure; with
the upper layer being the radiator, the middle layer
being the evaporator, CC, and vapor line, and the
lower layer being the EHD pump and liquid line.
The EHD pump was placed in the liquid line, and
the distance between the EHD pump and the CC
was 260 mm.

The experimental LHP equipped with the
developed EHD pump was installed in the vacuum
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CC,EVP, VL
gl Radiator
N —— EHD,LL
Figure 4. Overview of experimental LHP sys-

tem with the EHD pump.

chamber. Only the equipped black radiator radiated
heat into the black shroud in the vacuum chamber,
and the other part was covered with multi-layer
insulation (MLI). The evaporator is heated by a tape
heater. Figure 5 presents an overview of measuring
and control system. The temperature distribution
and differential pressure of the EHD pump pgyp
were measured in the chamber, and the applied
voltage Vgyp and current of the EHD pump Izyp
were measured in the power supply line.

3.2 EHD voltage control system

A LabVIEW-based applied voltage controller for
the EHD pump was constructed for automatic evap-
orator temperature control. Figure 6 shows the struc-
tural diagram of the entire system. This system was
based on proportional feedback control with the
function for voltage raises rate limit. This function
limits the slope when the input slope overcomes the
setting value, and the function is valid when the fol-
lowing conditions are met:

Vie1

v, —
Ay, =L 1

T > AV, €9)

Table 1. Dimensions and materials of the LHP.

value

¢®18.6 mm X L76.5 mm

parameter

Evaporator size

Wick size ©12.6 mm X @6 mm X L60 mm
Wick material SUS304
pore diameter 2.8um
porosity 40%
CC dimensions ®34 mm X 100 mm
VL length 700 mm
Condenser length 1500 mm
LL length 1300 mm
EHD pump length (in LL) 200 mm
VL tube diameter @3/16"
RAD/LL tube diameter ol1/8"
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Figure 5. Overview of entire measuring and con-
trol system.

Here, V; is the current input value, dT is time span,
and AV}, is the slope limit. To smoothly change its
operation, the restriction continues until the slope
and current value from the input are below the slope
limit and last output value, respectively. The current
value comparison is described as follows:
Vi> Vo (2)
Here, V,_, is the last output. The output value is
overridden if any comparison is met. V; is used for
the output only if both terms are not met. The over-
ride value calculate as follows:
V,_1 + AV, xdT 3)
The output value is set to IV, for the next time step
calculation.
In thermal vacuum testing, the target and feed-
back values were the evaporator temperature.

[ r
Proportional | |
Kp (Trarget = Teve)

AV, /60[kV/s] \
i Slope

comparison
Yes

Tpvp—| Calculate w/ limitation

V'ooy + AV, X dT
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Viw < V5" < Vaax Exchange

i

Vv Vmax

Figure 6. The structural diagram of voltage con-
trol system. In this paper, the first node of volt-
age raise rate limit function was fixed to ‘on’.
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3.3 Procedures and conditions of the ex-
periment

The experiment was carried out in the following
order. First, it was confirmed that the LHP was op-
erating stably with the shroud temperature Tsyr =
27 °C. Then, the EHD pump controller was started.
Tsyr had been changed with sequences, at first de-
scent from 27 °C to —5 °C in 3 hours and held at
=5 °C in 19 hours, then raised to 27 °C in 10 hours.
The EHD controller was turned off after the stable

operation of the LHP without control was confirmed.

The heat load was almost constant at 4.6 W through-
out the test. The target temperature in this
experiment Tr4pcpr set for 35°C. For the input
of the control system, the proportional gain Kp =
10, minimum and maximum voltage limit set for
Vyin = 0KV and V4 = 9 kV, respectively. The
limitation of voltage raise rate AV, set for 50
kV/min.

4. Results and discussion

The time series results of the test are shown in
Figure 7. The Tgyp setting changed from 27 °C to
—5°C at EV1. It had started to apply a voltage to the
EHD pump automatically after the Tgy p reached the
Trarcer at EV2. Between EV2 and EV3, Ty p was
almost constant at 33.6 °C, which was owing to re-
stricting heat transfer under forward LHP fluid
flows. EV3 shows the time when the LHP operation
stopped for the first time. Between EV3 and EVS,
Tgyp vibrated between 32.0 °C and 34.8 °C. These
phenomena are discussed later. Tgyr was changed
from —5 °C to 27 °C at EV4. At EVS5, the vibration
of Tgyp decreased. Ty p exceeded the target value

EV1 EV2 @ EV3 I EV4

after EV6, and then the EHD pump automatically
shut down.

The behavior of Ty p changed at EV3 and EVS,
indiating that there are two different LHP
operation states. Here, we name these as “flow
restriction mode” for EV2-EV3 and EV5-EV6,
and “switching flow direction mode” for EV3-
EVS5, respectively. Figure 8 shows each typical
behavior. In the switching flow direction mode
shown in Figure 8 (I), it can be observed that there
are 3 drastic changes from (a) to (c). Through the
point of (a), the temperature at the outlet of the
liquid line Tj,,; drastically increases, which
means that pgpyp overcomes capillary limit and
backflow occur in the LHP by the EHD pump.
Then, pgyp is controlled to decrease as Tgyp
increases. After (b), the fluid flow turned to
forward direction and Tj,,; decreases rapidly.
Tgyp continues to increase due to the heat
retention effect by stopping heat transfer to the
vapor line or receiving warm liquid from the liquid
line between (a) and (c). Tgyp decreases between
(¢) and (a’) due to normal heat transfer. The
backflow occured again at (a'). These heat
retention effects involved the LHP backflow,
which caused the Tgyp to vibrate. In flow
restriction mode shown in Figure 8 (II), there is no
drastic transition in the T4, Which means that
there is no backflow of LHP. Ty, p was maintained
by the increased heat leak to CC involving an
increased pressure drop by the EHD pump within
the capillary force. As the Tgyr decreased and the
Veyp increased, the pressure drop exceeded the
maximum capillary force for the first time at EV3.

N !
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Figure 7. Time series result of the experiment with events (EVs). Tgyg setting changed from 27°C to -

5°C at EV1. At EV2, the voltage started to be applied to the EHD pump. Tgyp started to vibrate at EV3.
Tsyr setting changed from -5°C to 27°C at EV4. No longer vibrate of Ty p observed after EVS. The ap-

plied voltage of EHD pump cut off at EV6.

167



Joint 22* International Heat Pipe Conference & 16™ International Heat Pipe Symposium
24% 28 November 2024, Nakhon Pathom, Thailand

35

[o2]

30

251

201

Temperature[°C]

5 . e llin L cwerm] Y . ey i |
00:00 00:30 01:00 01:30 02:00 02:30 03:00 03:30 04:00 04:30 05:00
Clock

(D) switching flow direction mode

L
~

TCDNin 5 L L L L L L L L L u
00:00 00:30 01:00 01:30 02:00 02:30 03:00 03:30 04:00 04:30 05:00
Clock

L
[}

= m o & W
Diff. pres. of EHD[kPa], Volt of EHD[kV]

L
o

1

(IT) flow restriction mode

Figure 8. Typical behaviors between EVs, (I) EV2 and EV3, (II) EV3 and EVS.

As mentioned above, there was a temperature
swing between 32.0 °C and 34.8 °C for Tgyp, and
the average temperature was below the Tr4rgeT>
33.5 °C. There are some reasons considable for
this results. First, some time lags between the
control output and Tz, p may degrade the control
performance and cause oscillations. In the peek-
to-peek analysis, a 50 seconds average lag was
observed between them. This time lag occurred in
the backflow mode and led to an increase in
temperature swings. This problem can be
improved by developing more sophisticated
controls that consider the time lag. It is also
considered 2 reasons for average temperature
offset: a control-derived offset and standing
error of the thermocouples. According to the
gain of proportional control K = 10 and
Figure 8 (1), there is a standing offset of 0.5°C by
the control method. There is 1.0°C of standing
error between the measured Tgyp and the control
input due to the temperature accuracy of the T-
type thermocouples. These problems can be
addressed by improving the control methods and
measuring apparatus.

Throughout the test, the average power
consumption was approximately 27 mW, which is
approximately 0.6% of the heat load. This shows
that the EHD conduction pump can be added to the
heat switch function with sufficiently low power
consumption.

5. Conclutions

In this paper, we demonstrate the temperature
control of the LHP using the developed EHD
pump. The developed EHD pump generated 11
kPa at the maximum applied voltage and can
sufficiently overcome the capillary force. After
evaluating the EHD pump, the thermal vacuum
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experiment was performed. The evaporator
temperature was maintained at almost the target
value over 12 hours in a low-temperature
environment. There were two different LHP
operation states observed in the result; the flow-
direction-reversed state and flow-restricted state.
The offset and vibration of the evaporator
temperature may be alleviated by improving the
experimental equipment or algorithms. The power
consumption of the EHD pump was 27 mW, and
it’s sufficiently smaller than the heat load.
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Abstract
In this study, the highly efficient heat-transfer phenomenon observed when the working fluid filling ratio in a pulsating
heat pipe (PHP) is extremely low was investigated. The authors previously proposed this phenomenon as a new type
of heat pipe called an ultralow-fill-rate heat pipe (ULFR-HP). The device consisted of a flat aluminum tube with a
total length of 400 mm, featuring 28 straight channels, each with a square cross-section measuring 1.26 mm on each
side. In this study, the heat transfer characteristics of the heating and cooling sections were evaluated to understand
this unique phenomenon. Additionally, experiments were conducted using working fluids other than water, including
alcohol-based fluids and refrigerants, to investigate the effects of different working fluids on device performance. The
results confirmed that the ULFR-HP operated effectively with these alternative fluids, achieving a minimum thermal

resistance of 0.041 K/W in the 400-mm device.

Keywords: Pulsating heat pipe; Aluminum flat plate; Filling ratio; Surface tension; Thermal transfer performance

1. Introduction

Recently, the miniaturization and performance
enhancement of electronic devices have led to an
increase in the heat generation density of electronic
components.  Particularly, the semiconductor
components of electronic devices have low heat
resistance and cannot maintain their performance
once they exceed a certain temperature. Various
heat pipe types utilizing the phase change of an
internally sealed working fluid to transfer heat have
been widely studied as cooling technologies to
address this issue [1-5]. However, heat pipes face
constraints such as capillary, sonic, entrainment,
and boiling limits [6]. These limitations are
particularly problematic when heat pipes are used to
cool miniaturized electronic devices. Additionally,
heat pipes are susceptible to the effects of gravity
and heating orientation. To overcome these
challenges, Akachi [7] invented the pulsating heat
pipe (PHP) in 1990. A PHP consists of a single
narrow tube that repeatedly loops between an
evaporator and a condenser, with a certain amount
of working fluid sealed inside. The PHP channel
does not have a wick structure, and because the
channel diameter is small (on the order of
millimeters), the working fluid seals the channel
cross-section via surface tension, and liquid slugs
and vapor plugs alternate along the tube axis. As the
working fluid continuously evaporates in the
evaporator and condenses in the condenser, it
enables latent heat transfer through a phase change
and sensible heat transfer through self-excited
working fluid oscillations. The heat transfer
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performance of a PHP is determined by several
parameters, one of which is the working fluid fill
rate. Rudresha et al. [8] clarified that the working
fluid fill rate affects the heat transfer performance
using a copper tube PHP and reported that the
optimal fill rate was 55 vol.% of the channel volume.
A review by Ayel et al. [9] suggested that the
optimal PHP filling ratio lies within 50%-60%.
Additionally, Yang et al. [10] reported that when the
fill rate dropped below 20%, the liquid phase was
not sufficiently supplied to the evaporator, leading
to dry-out, which is the operational limit of a PHP.

This study focused on a new type of heat pipe
with a unique operating principle, the ultralow-fill-
rate heat pipe (ULFR-HP), which we previously
devised [11]. Its appearance and experimental
overview are almost identical to those of
conventional PHPs. However, the ULFR-HP
employs an extremely low fill rate (below 10 vol.%),
which has traditionally led to dry-out. We reported
that the ULFR-HP achieved highly efficient heat
transfer compared with the conventional PHP (50
vol. %) and exhibits superior effective thermal
conductivity and minimum thermal resistance.
However, in our previous work, we only
demonstrated the heat transfer performance when
using water as the working fluid. To date, there are
no reports on using fluids other than water in the
ULFR-HP.

Therefore, this study aimed to clarify the impact
of different working fluids on the heat transfer
performance of a ULFR-HP. In this study, the
effects of the surface tension and kinematic
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viscosity of different working fluids on the heat
transfer performance using aqueous solutions with
surfactants as working fluids were investigated.
Additionally, experiments were conducted using
single-component alcohol-based fluids (acetone and
ethanol) and a fluorinated inert liquid (FC-72) as the
working fluids to explore the possibility of using
fluids other than water in the ULFR-HP.

2. Experimental setup and methods

2.1. Experimental setup

Figure 1 shows a schematic of the experimental
setup. The experimental procedure followed the
conventional PHP method. The ULFR-HP was
arranged vertically. The upper part of the channel
served as the cooling section, while the lower part
served as the heating section. The experimental
setup consisted of a heating system, vacuum pump
system, measurement system, and syringe for the
working fluid. The heating system included a
cartridge heater and a transformer. The vacuum
pump system was equipped with a digital vacuum
gauge, and the measurement system featured
thermocouples (K-type, eight points) attached to the
ULFR-HP. Heat was supplied to the heating section
using a heater block. The heating load from the
heater was varied by adjusting the voltage. To
reduce the thermal contact resistance, thermal
grease was applied to the contact surface between
the ULFR-HP and heater. The cooling section was
open to the atmosphere, and heat was dissipated via
natural cooling. Except for the ULFR-HP’s cooling
section, the system was covered with an insulation
material to prevent heat loss.

Figure 2 shows a schematic of the test section and
a detailed view of the channel cross section. The
main component was aluminum with a total length
of 400 mm, width of 48 mm, and thickness of 2 mm.
The flow path comprised 28 parallel channels, each
with a square cross-section measuring 1.26 mm on
each side. The flow passage surfaces were anodized
to suppress non-condensable gas generation. The
serpentine channel structure has an open-loop
configuration. The area ratios of the heating and
cooling sections were set to either 20% and 50%, or
30% and 30%, respectively. The working fluids
included water, aqueous solutions with added
surfactants, acetone, ethanol, and FC-72. Tween 80
was used as a surfactant. The working fluid was
thoroughly degassed using a vacuum pump.

Figure 3 shows a schematic of the experimental
setup used to measure the droplet contact angle.
This setup included a light source, high-speed
camera, anodized aluminum sample, and stage. The
liquid consisted of an aqueous solution with a
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specified amount of Tween 80 added, and 30 pL
was dropped using a micropipette. The solid surface
of the anodized Al sample was thoroughly cleaned
using acetone and pure water. A light source
illuminated the droplet from behind and a high-
speed camera captured the droplet images. The
droplet contact angles on the solid surface were
measured using these images.

Vacuum pum Syringe
/Insulation
o logch— Thermocouple
-l [ (Between the ULFR-HP
| and insulation)
Transformer
— - ——ULFR-HP
T - Tl — Insulation
' — ‘I—‘ Cartridge heater
L !

Power meter

Figure 1. Schematic of the experimental setup.
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Figure 2. Testing part details (ULFR-HP).

Heating

Light

Droplet

High speed camera

Anodized aluminum

Stage

Figure 3. Schematic of the contact angle
measurement method.

2.2. Experimental methods

The experimental parameters are listed in Table
1. In this experiment, the ULFR-HP was set up
either vertically or horizontally with the type of
working fluid as a variable parameter. The heating
section area ratios were set to 20% or 30%.

The ULFR-HP was evacuated using a vacuum
pump to a gauge pressure of -0.099 MPa or less,
and the vacuum in the ULFR-HP was maintained
by closing the attached valve. The working fluid
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was then injected using a syringe. Because
dissolved air in the working fluid could adversely
affect the ULFR-HP operation, the working fluid
was degassed in advance using a vacuum pump.
The working fluid filling ratio (FR) is defined as

FR="12x100 [vol%] )
P

H

where Vg is the working fluid volume at room

temperature and atmospheric pressure and Vyp is
the ULFR-HP channel volume. In this experiment,
the filling ratio was zero (without working fluid),
10, and 50 vol.%. The 50 vol.% value was used for
comparison with the conventional PHP. After the
working fluid was filled, power was supplied to
the cartridge heater via a transformer. The applied
voltage was increased after confirming that the
temperature measured by the thermocouples
attached to the ULFR-HP reached a steady state.
Steady state was defined as the condition where
the temperature variation in the heating section
over 5 min was within 1 K. For safety, the
experiment was ended when the temperature in the
heating section approached 100 °C.

Table 1. Experimental parameters.

Heating Cooling |\ rking fluid
section area section area
20% 50% Surfa(?tant
solution
Water
Acetone
0, 0,
30% 30% Ethanol
FC-72

2.3. Evaluation methods

The net input heat Q,,.; supplied by the heater
to the ULFR-HP was obtained by subtracting the
ambient air heat loss Q,,ss from the heater-
provided heating amount Q. Assuming that Q; s
varies with the temperature difference between the
heating section and the ambient air, a preliminary
experiment was conducted to understand this
correlation. Specifically, the experiment involved
replacing the ULFR-HP with a solid aluminum
plate of the same dimensions and known thermal
conductivity  ky;, =222 [W/m-K] in the
experimental apparatus shown in Figure 1. Figure
4 shows the details of the solid aluminum plate
used in the preliminary experiment. The lengths of
the heating, insulating, and cooling sections were
120, 160, and 120 mm, respectively. The net input
heat Q,,.; and heat loss Q;,ss in the preliminary
experiment were respectively calculated as
follows:
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Qnee = ka7 Tz =T W] ()

Qioss = Qn — Qnet [W] (3)

where A is the cross-sectional area of the solid
aluminum plate (equal to that of the ULFR-HP)
and Lpc is the distance between measurement
points B and C (0.03 m). Ty is the average
temperature of the three points at measurement
point B and T¢ is the average temperature of the
three points at measurement point C. The average
temperature of the three points at measurement
point A was taken as the heating section
temperature Ty, and the temperature difference
between Ty and the ambient air temperature T,
was correlated with Q;,ss, as calculated using Eq.
(3) and shown in Figure 5. The figure shows the
results for the heating section with 30% coverage
as a representative case. Similar experiments were
conducted for the other heating section areas
(20%). As can be seen in the figure, Qo5 IS
proportional to Ty —T, . T, and can be
determined as follows:

Quoss = 0.099(Ty — Ta) [W] 4)

As a result, the net input heat Q,,., Was defined by
combining Egs. (3) and (4) as

Qnet = Qu — 0-099(TH - Ta) [W] (5)

The thermal resistance R, which indicates the
heat transfer performance of the ULFR-HP, is
given by:

R= (Theat - Tcool)/Qnet [K/W] (6)

where Q,,.; is calculated using Eq. (5). Tyeq: iS the
average value of T; and T,, and T, is the average
value of T, and Ty at the positions shown in Figure
2.

A B C
_60 130 @
. ¢ o
[ ] [ ] [ ]
e [ ] [ ]

Heating Insulating Cooling
120 160 120
e Thermocouple

Figure 4. Details of the solid aluminum plate
used in the preliminary experiment.
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Figure 5. Heat loss to ambient air.

2.4. Preliminary experiment to
verify reproducibility

Figure 6 shows the thermal resistance values
obtained from the three tests conducted in the
vertical position to demonstrate the ULFR-HP
reproducibility. The horizontal axis represents
Qne:- The heating section area ratio was 30%, and
the cooling section area ratio was 30%. The filling
ratio was set at 10 vol.%. The figure shows some
variation in heat resistance at approximately
Qner = 1 W, however, as Q. increased, the
difference in heat resistance between each
operation decreased. This indicates that the
reproducibility improved with increasing input
heat.

10F Test 1 |
= L
5 \ ~#- Test 2
9 -4 Test 3
S ¢!
o ) |
<
i7)
B7
(]
— |
15} - 2
ﬁ \~:::::“ i
0 ! ! i ) “l::t:::l:i\\_*"‘r“*+-'_
0 5 10

Net input heat [W]

Figure 6. Experimental results to clarify data

reproducibility. The experiments were conducted
under the same conditions.
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3. Results and discussions
3.1. Comparison between the
ULFR-HP and the conventional
PHP
In this section, the heat transfer characteristics
of the conventional PHP and ULFR-HP are
compared. The working fluid filling ratio was 50
vol.% for the conventional PHP and 10 vol.% for
the ULFR-HP. Both devices have identical
external shapes and channel dimensions, with the
heating and cooling section areas each occupying
30%. The installation position was vertical, and
the working fluid was water.

3.1.1. Temperature time history
Figure 7 shows the temperature time history of
the conventional PHP (50 vol.%) and the ULFR-
HP (10 vol.%). The figure also includes Q.-

100

— Heating section * Th
'|— Cooling section : Tt

x®©
(=]

601

40f

Temperature [°C]

207T.0W | 13W | 45W | 69W _9.4W 1

0 10000
Time [s]

(@). PHP (50 vol.%).

100 : . :
— Heating section * Th

|— Cooling section : Tc

0
(=}

60

40

Temperature [°C]

20F13W | 25W | 49W
0 10000
Time [s]
(b). ULFR-HP (10 vol.%).
Figure 7. Temperature time history of the
conventional PHP and ULFR-HP.

7.2W | 9.4W +

From both figures, at all heat levels, the
temperature difference between the heating and
cooling sections in the ULFR-HP decreased
compared to the conventional PHP, with the
temperature difference for Q,.; = 9.4 W being
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1.6 K. Furthermore, focusing on the temperature
behavior of each thermocouple, the ULFR-HP
exhibited a smoother graph, indicating more stable
heat transfer compared to the conventional PHP.
This is attributed to the predominant latent heat
transfer in the ULFR-HP, as discussed in Section
3.1.2.

Figure 8 shows the thermal resistance values of
the conventional PHP (50 vol.%), the ULFR-HP
(10 vol.%), and without working fluid (0 vol.%).
The horizontal axis represents Q. As shown in
the figure, the thermal resistance of the ULFR-HP
is lower than that of the conventional PHP at all
heat levels. The minimum thermal resistance of
the ULFR-HP was 0.17 K/W for Q.. = 9.4 W,
which is a reduction of approximately 81%
compared to the conventional PHP (0.91 K/W).

T T

E °* o 0 vol.%

< ol o8 |® PHP(50vol%) |

Y s | A ULFR-HP (10 vol.%)

2

S n

= A 0.91 K/W

2 0% g

=

é A

o A

<

3 0.17 K/W —
10" e

5 10
Net input heat [W]

Figure 8. Thermal resistance of the conventional
PHP and ULFR-HP.

3.1.2. Heat transfer

characteristics in the heating and

cooling sections

To gain a more detailed understanding of the
heat transfer characteristics of the conventional
PHP and ULFR-HP, the heat transfer performance
was evaluated separately for the heating and
cooling sections. The heat transfer coefficients for
the heating and cooling sections (h;, and h.,
respectively) are defined as a heat transfer
characteristic as follows:

hp = qn/AT, [W/m? - K] )
he = qC/ATC [W/mz - K] (8)

Where g, (= Qnet/sh) and q. (= Qnet/Sc)
represent the heat fluxes in the heating and cooling

sections, respectively, and S, and S, are the
surface areas of each section. AT, (=T, — T,)
and AT, (=T, —T,) refer to the temperature

difference between the heating and insulating
sections and between the insulating and cooling
sections, respectively. Ty, T,,and T, are the
average wall temperatures of the heating,
insulating, and cooling sections, respectively.

Figure 9 shows the heat transfer coefficients of
the heating and cooling sections for both the
conventional PHP and ULFR-HP. The horizontal
axis represents the heat flux in the heating and
cooling sections. As can be seen, the heat transfer
coefficient of the heating section increases with
the heat flux for both cases, ranging between 30—
2200 W/m? - K, with both cases showing similar
values. In contrast, the cooling section heat
transfer coefficient for the PHP remained nearly
constant around 270 W/m? - K beyond a cooling
section heat flux of 1200 W/m?2. For the ULFR-HP,
the heat transfer coefficient increased linearly with
the cooling section heat flux, ranging between
10002600 W/m? - K. Therefore, the significant
difference in the ULFR-HP, as shown in Figure 8,
is considered to stem from the improved cooling
section heat transfer coefficient. Furthermore, the
authors confirmed through neutron radiography
experiments of the internal flow in the ULFR-HP
that, unlike the conventional PHP, the ULFR-HP
did not exhibit liquid slug oscillations. These
liquid slugs tended to stagnate and were
distributed in the heating and cooling sections,
suggesting that latent heat was the primary heat
transfer mode. The absence of pressure losses
owing to liquid slug oscillations, as observed in
conventional systems, and the reliance on the
phase change of the working fluid for heat transfer
are believed to contribute to the enhanced cooling
section heat transfer coefficient.

)
k= O ha—pup ¢
E O he_pup =
=.20000 W hy_yyrromip
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G .
= o
2]
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S 500 1000 1500
!

Net heat flux g, or g, [W/m?]

Figure 9. Heating and cooling section heat

transfer coefficients for the conventional PHP
and ULFR-HP.
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3.2. Effect of surfactant

concentration
3.2.1. Surface tension of the
working fluid with surfactant

addition

Figure 10 shows the relationship between the
Tween 80 concentration in an aqueous solution,
used as a surfactant, and the droplet contact angle
on an anodized surface. The horizontal axis
represents the Tween 80 concentration in the
aqueous solution and the vertical axis represents
the contact angle.

A surfactant molecule has a structure with two
opposing  properties:  hydrophilicity  and
hydrophobicity. As the concentration of the
surfactant increases beyond the saturation
concentration for molecular dispersion, the
surfactant molecules in the aqueous solution form
aggregates (micelles), where the hydrophilic
heads face the continuous water phase [12]. The
critical micelle concentration (CMC) is the
concentration at which micelle formation begins.
When the surfactant concentration exceeds the
CMC, the water surface is covered by surfactant
molecules and the surface tension remains nearly
constant. After a concentration of 0.5 mM, the
contact angle remained nearly constant even as the
concentration increased, as shown in Figure 10.
Therefore, the CMC is considered to exist between
0.2 and 0.5 mM. Beyond 0.5 mM, the surface
tension did not change, and only the kinematic
viscosity increased. By comparing the results
obtained using this concentration as the working
fluid, the effect of kinematic viscosity on the heat
transfer performance of the ULFR-HP can be
evaluated.

80- @
— ®
o
L 70r °
o0
=]
<
k3]
8
= 60r
o ®
@)
50+ ® o
0 1

Concentration [mM]

Figure 10. Relationship between surfactant
concentration and contact angle.
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3.2.2. Effect of surfactant
concentration on the heat transfer
characteristics
Table 2 lists the surfactant aqueous solution

concentrations used in this experiment, and Figure
11 shows the relationship between the surfactant
concentration and thermal resistance at a Q¢ of
approximately 15 W. The filling ratio was 10
vol.% for all cases, and the Q. range was from
14.9 (0.5) to 15.8 W (0.2 mM). The area ratios are
20% and 50% for the heating and cooling sections,
respectively. As can be seen, up to a concentration
of 0.2 mM, the thermal resistance decreases as the
surfactant concentration increases. The lowest
thermal resistance within the scope of this
experiment was 0.146 K/W at 0.08 mM,
approximately 0.38 times that of 0 mM (0.384
K/W). This is considered to be due to the decrease
in the surface tension of the working fluid. The
reduction in surface tension increases the contact
area between the liquid film remaining on the
channel walls and walls themselves, while also
reducing the liquid film thickness. As a result, the
amount of evaporation from the liquid film
increases as the liquid slug retreats from the
heating to cooling section, which in turn reduces
the liquid film thickness and leads to a decrease in
thermal resistance. Therefore, it was previously
considered that the ULFR-HP operated only with
water due to wettability concerns; however, these
results suggest that it can also operate with
working fluids with a lower surface tension.
Meanwhile, after a concentration of 0.5 mM,
increasing the surfactant concentration did not
improve the heat transfer performance. This is
considered to be due to the increase in the
kinematic viscosity of the working fluid. Beyond
0.5 mM, the concentration reached the CMC,
causing no further changes in surface tension
while only increasing the viscosity. These results
suggest that the liquid slug extension from the
heating section to the adiabatic section and its
movement towards the cooling section, as
revealed by previous visualization experiments,
were suppressed, leading to an increase in thermal
resistance. The reason for this is as follows. This
liquid slug flow is mainly observed in the low to
high heat input ranges. It is considered a crucial
flow characteristic for transitioning to the
characteristic liquid slug distribution in the high
heat input range, where the slug is almost stagnant
in the heating and cooling sections, thus
improving the thermal transport performance.
Therefore, the increase in the working fluid
dynamic viscosity likely inhibited the transition to
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the ULFR-HP-specific liquid slug distribution,
resulting in increased thermal resistance.

Table 2. Surfactant addition concentration.

Surfactant Addition concentration
[mM]
Tween 80 0, 0.012,0.08,0.2,0.5,1.0
| .
— 0.5
=
M,
204 o
8 .
.2 #
© 03
=
&
5
= 02
=
o ©
0 1

Concentration [mM]

Figure 11. Relationship between concentration
and thermal resistance at a net input heat of 15
W.

3.3. Effect of the type of working

fluid on the heat transfer
characteristics

Figure 12 shows the thermal resistance of the
ULFR-HP filled with 10 vol.% of water, acetone,
ethanol, and FC-72. The horizontal axis represents
Qne:. Except for acetone at 8.8 W, the thermal
resistance values for acetone and ethanol were
lower than those for water at all heat loads. The
minimum thermal resistance with ethanol was
0.041 K/W at 9.4 W, which is approximately 0.24
times that of water (0.17 K/W). This difference is
likely because the surface tension of acetone and
ethanol is approximately one-third that of water.
Similar to the effect of surfactants, the reduction
in surface tension promotes a phase change in the
working fluid, thereby enhancing the heat transfer
performance.

Furthermore, the kinematic viscosity of acetone
(0.387 mm¥/s) is approximately 0.4 times that of
water (0.891 mm2/s), while the kinematic
viscosity of ethanol (1.37 mm2/s) is approximately
1.5 times that of water [13]. Despite this, the
thermal resistance of acetone and ethanol were
lower than that of water. These findings suggest
that the reduction in surface tension has a more
dominant effect on the heat transfer performance
of the ULFR-HP than the reduction in kinematic
viscosity. Additionally, the thermal resistance of
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acetone increased at Q,,. = 8.8 W. This increase
is likely due to acetone's boiling point (56.6 °C),
which is approximately half that of water, causing
an excess of evaporation relative to condensation,
leading to localized dry-out [13].

For all heat loads, the thermal resistance of FC-
72 exceeded that of water. This is likely because
the latent heat of evaporation (hsy) for FC-72
(hsg = 88 kl/kg) is extremely low, approximately
one-tenth that of ethanol (hs, = 855 kJ/kg) and
one-fifth that of water (hs, = 2257 kJ/kg) [14].
Given the very low liquid-phase volume of 10
vol.%, FC-72 likely evaporates more actively even
at low heat loads, reducing the liquid phase
volume in the heating section and causing
localized dry-out.
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Figure 12. Thermal resistance for each working
fluid.

4. Conclusion

In this study, the thermal transport
characteristics of the conventional PHP and
ULFR-HP were compared based on experimental
results. Additionally, the impact of different
working fluids on the thermal transport
performance of different heat pipes were
investigated. Based on the overall results, the main
conclusions of this study can be summarized as
follows:

(1) The significant difference in the thermal
transport  performance  between  the
conventional PHP and ULFR-HP s
attributed to the improved heat transfer rate
in the cooling section of the ULFR-HP.

(2) A reduction in the surface tension of the
working fluid decreased the thermal
resistance of the ULFR-HP.

(3) The use of acetone and ethanol as working
fluids reduced the thermal resistance
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compared with that using water. This
reduction likely results from the lower
surface tension of the working fluids.
Conversely, when using FC-72, the thermal
resistance increased compared with that
using water. This increase is likely due to the
significantly lower latent heat of FC-72
compared with water.
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Abstract

Traditional methods for heat recovery rely predominantly on sensible heat transfer, which is unsuitable for effectively
recuperating energy from the low-temperature wet exhaust emissions typical of many industrial processes. This paper
explores the potential of heat pipes for latent heat transfer in waste heat recovery systems, particularly within the context
of a novel technology referred to as a Latent Energy Exchanger (LEExchanger). The study examines the specific features
of the LEExchanger in maintaining conditions for a stable, and therefore efficient, phase transition process, based on the
mathematical similarity of process parameters and LEExchanger geometry. The impact of this similarity on the efficiency
of heat pipes, which are integral to the energy transfer during phase transitions, is analyzed, along with the associated
thermal resistances. Additionally, the paper presents the design and optimization of a LEExchanger, which utilizes heat
pipes to facilitate energy transfer during phase transitions. Special attention is given to the internal and external surface
arrangement of the heat pipe walls to ensure efficient condensation and evaporation processes. The study concludes that
grooved surfaces on both sides of the heat pipe wall offer a cost-effective and efficient solution, capable of facilitating
latent energy exchange, particularly for applications in waste heat recovery.

Keywords: Latent energy transfer; Low-temperature exhaust; Moist gas; Heat pipe; Heat and mass exchanger

1. Introduction sectors, including power generation, chemical
The decarbonization of processes in modern engineering, distillation, .and air conditioning.
industry is crucial both for mitigating environmental Moreover, the augmentation of Brayton cycle
impacts and improving energy efficiency. performance became possible through liquid addition
Traditionally, heat transfer technologies have been to the gas ﬂOVY before ' the turbine and after
designed for the management of sensible heat. recuperation. This trend is further propelled by
However, this approach is often unsuitable for Increasing urgency to address the water-energy nexus,
effectively recuperating energy from the low- which emphasizes the role of efficient heat transfer in
temperature wet exhausts common to many industrial condensing  technology ~and encourages the
processes. As these processes are modified to development of novel approaches to manage latent
improve efficiency, significant challenges and heat.

substantial opportunities for innovation in energy

recovery arise. 2. Latent energy exchange approach

The Latent Energy Exchange (LEE) approach
introduces a novel paradigm in heat transfer which
employs a non-linear distribution of heat during
condensation. This process alters the mass and dew
point of a flow of a partially condensed mixture,
requiring innovative techniques capable of managing
these parametric changes effectively. Heat pipes play
a crucial role in this process, facilitating the transfer
of energy between phase change processes and
enabling a balanced heat exchange with minimal
temperature differences. The design of the Latent
Energy Exchanger (LEExchanger) leverages a
sequence of latent energy transfer processes—
including condensation in the hot flow section,
vaporization and condensation within heat pipes, and
vaporization in the cold flow section—to achieve
high-performance heat transfer (Figure 1).

One of the most promising technologies in this
context are heat pipes, which, despite traditional
application in aerospace and electronics cooling, are
increasingly being recognized for their potential in
waste heat recovery systems. Heat pipes are noted for
their high heat transfer capability and near-uniform
temperature  distribution.  Yet employed in
conventional sensible heat transfer applications, their
heat transfer capacity is underutilized. The use of heat
pipes in latent heat transfer processes, rather than
traditional sensible energy transfer applications, has
created a significant shift in focus from sensible heat
transfer to latent heat transfer. Latent heat transfer is
inherently more demanding than sensible heat
transfer and presents unique technical challenges and
opportunities.

The condensation of the vapor component in
exhaust gases has become a process of special interest
for enhancing energy efficiency across various

As shown in Figure 2, the shape of the LEExchanger
channel is formed by walls twisted in a logarithmic
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Figure 1. LEExchanger concept design.

spiral, resulting in an exponential change in the cross-
sectional area of the channels:

WQ) _ ,b(61-62)
w(2)

M

Latent energy may be transferred through the
common interface surface ( A;r ) along the two
logarithmic spiral channels in such a manner that in
each section of the channels, the relationship between
vapor saturation pressure and temperature may be
determined by the Clausius-Clapeyron equation for
air containing water vapor:

Pysat(1)
Pysat(2)

L(;_;)
= eRv\Tsat(2) Tsar(1)

@)

Figure 2. Logarithmic spiral channel of the
LEExchanger.
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Figure 3. Flow temperature and vapor partial
pressure distribution along LEExchanger flow
paths.

The similarity of exponential changes in vapor
saturation pressure and channel geometry maintains a
state of flow saturation, ensuring stable LEE
transition along the entire length of the channels and
a constant minimum temperature difference
between the flows. Figure 3 illustrates the parallel
linear temperature distribution in the hot and cold
flows along the logarithmic spiral channel,
demonstrating the constant temperature difference
between the flows. The change in partial vapor
pressure in both LEExchanger channels is depicted
by the similar exponential curves.

3. PCE transition around heat pipes

A computational model for a LEExchanger
designed for heat recovery from an average
commercial bakery oven was developed. The model,
described in Table 1, balances the energy transferred
from the hot flow to the cold flow via heat pipes:

thot = thlat = QCtot ®)
Table 1. LEExchanger pilot parameters.

Parameter Name Value
Channel height 500 mm
Hot side inlet velocity 2ms’!
Channel temperature difference 10K
Hot side outlet temperature 303K
Cold side water inlet temperature 298 K
Atmospheric pressure 101,325 Pa
Hot side inlet mass flow rate 0.111kgs!
Hot side inlet specific humidity 0.333 [-]

The process of condensation occurring on the
exterior of the heat pipes, in the presence of non-
condensable gases, contrasts with the evaporation
inside the pipe, which occurs almost without
impurities. Although these processes are similar,
they are not identical. The contribution of sensible
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Figure 4. Temperature and energy transfer capacity
of LEExchanger.

heat exchange from the dry components of the
mixture on the outside results in a slight deviation
of the heat transfer curve inside the heat pipe from
the symmetry axis between the heat transfer lines in
the hot and cold flows. This deviation is illustrated
in Figure 4, highlighting the nuanced dynamics of
heat transfer within the system.

4. Heat pipe distribution in channels

Control of latent energy transfer within the
LEExchanger is tuned through strategic placement of
heat transfer surfaces along the flow channels. This
distribution is crucial, as the area of heat transfer (4, ),
must align proportionally to the change in mass flow
resulting from ongoing phase transformation.

SectionA

~

Figure 5. Heat pipes comprise the heat transfer area
(Ap¢) and interface surface (4;r) in hot and cold
channels.

This relationship is described by the following
equation:

AQuar = ¢ X DAp = L X Arh,, 4)

The combined surface area of all heat pipes,
positioned within the common interface surface,
constitutes the total heat transfer surface (4p;). To
maintain stable phase transformation, the heat pipes
must be strategically positioned along the interface
surface (Figure 5) according to the distribution of
condensation and evaporation processes, which are
governed by the local partial vapor pressure:

= C1f(R) )

AApt _ AthXAhp
AAif - AAir

The phase change mass transformation balance
for the LEExchanger model was defined using
Equations (3) and (4). The resulting condensate
formation rate distribution for even distribution of
phase transition along the channel is shown in
Figure 6 and described by the following:

o constant 6)
AA; f

It should be noted that the condensate formation rate
inside the heat pipes exceeds the condensate
formation rate outside of the heat pipes (in the hot
channel). This is because the latent heat component
of heat transfer inside the pipes surpasses the latent
heat component outside of the pipes, where sensible
heat transfer from non-condensable components
also occurs.

Figure 6 also illustrates the deviation of the vapor
formation rate inside the pipes from the average
value vapor formation rate when assessing the
formation processes within individual heat pipes.

4.0E-3

2.0E-4

ie condensate formation

r formation

3.5E-3 ;::
or formation 2,
3.0E-3 ® Individual heat pipe vapor formation 1.5E-4 _:3
= » » Average heat pipe vapor formation s
2.5E-3 -
E
2.0E-3 1.0E-4 5
g
.5E-3 [ ] 2
9 =) 5
0g® <] =
§1063, 8.0 80000 . Ro L 0Rg0®™ soesE
- 0% °o® %
> g
% 5.0E-4 8
-
0.0E+0 0.0E+0
0 n 2n 3In/2 4n sn/2 6n
Channel rotation angle (number of spiral turns)

Figure 6. Mass rate of phase transition in channels
and inside pipes with equal thermal power of pipes
and in each pipe cross-section with a given design.
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When using heat pipes with uniform thermal load
and water-fill, such deviations can be compensated
by adjusting the range of the circulating water mass
fraction within the pipes and determining the
minimum fluid fill volume of the pipes.

5. Mass transfer dynamics in and around heat
pipes

Traditional criteria for evaluating the operation of
heat pipes in sensible heat transfer focus on the heat
transfer wall area and the thermal conduction
capability. These factors are influenced by the wall's
conductivity properties and the efficiency of phase
change processes occurring inside the heat pipes.
However, in a LEExchanger, heat pipes primarily
facilitate LEE transitions between the outside and
inside of the heat pipes. The efficiency of this heat
transfer depends on maintaining the stable
conditions that support these phase change
processes. This requires providing and stabilizing
the vapor pressures of both the hot and cold flow
vapor outside the heat pipes, as well as the vapor
inside the heat pipes, in accordance with the energy
distribution throughout the LEExchanger (see
Figure 7).

These phase transformations are accompanied by
condensation of water on both the external and
internal surfaces of the heat pipes, forming films
which flow downward (Figure 8). The mass film
formation rate of this condensate increases as more
latent heat is transferred. However, this also creates
additional resistance to thermal conductivity, which
affects the temperatures of the flows outside and
inside the heat pipe. Under these conditions, the
optimal operation of the heat pipe depends on

40 350
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340
T 30 !
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2, 330 X
225 @
F P!
1) [
g 20 320 5
o o
5 :
2 15 @
g 310 3
8 10 8
& . 300
0 290

0 1§ 2n 3n/2 4n 5m/2 6n
Channel rotation angle (number of spiral turns)

Figure 7. Vapor saturated partial pressure around
and inside the heat pipes.
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Section B

™~

th

1

Figure 8. Condensate and vapor flow direction
inside and outside of a heat pipe in the hot flow
stream.

balancing the LEExchanger with the formation of
corresponding resistances from the condensate
films on the surfaces.

In order for heat pipes to operate efficiently
within a LEExchanger, they must fulfill two critical
conditions:

1.  Effective Latent Heat Transfer: The heat
pipes must efficiently transfer latent heat from the
condensation occurring from the hot flow to the
evaporation happening in the cold flow. This
balance ensures that the heat flow from the hot side
to the heat pipe is equal to the heat flow from the
heat pipe to the cold side per Equation (3).

2. Stable Temperature Difference: A constant
temperature difference between the hot and cold
flows (AT,_. = 5K) must be maintained, which
creates saturation conditions in the flow
surrounding the heat pipe.

In this multi-stage system of phase transitions, the
temperature difference between the hot and cold
flows is distributed according to the thermal
resistances present (Figure 9). The resistances
include:

1. Hot Flow: Sensible cooling of the gas
(Rp,sens) » vapor condensation (Rp cong) , and
cooling of the condensate film (Ry ).

2. Heat Pipe: Conduction through the wall in
the hot channel (Rpy,wr), evaporation from the
condensate film (Rpyp £ evap), vapor transport along
the central vertical heat pipe axis (Rppy), vapor
condensation (Rpp,f,cona)»> and conduction through
the wall to the cold channel (Rpp ). Additionally,
there is conduction along the heat pipe wall parallel
to the central axis (R, f).
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3. Cold Flow: Conduction through the water
film (R.f), evaporation into the flow (R¢epap),
and limited sensible heating of the gas (R sens)-

As illustrated in Figure 9, the system of thermal
resistances in the LEExchanger, represented by an
electrical analog circuit, exhibits symmetry along an
axis passing through the geometric center of the heat
pipe. From this symmetry, it follows that the
temperature drops between the external flows and
inside of the heat pipe must be equal (i.e., T, —
Thp = Thp — T¢) to ensure saturation conditions at
all stages of phase transition. For this to occur, all
symmetric resistances within the system must be
equal.

The most challenging resistances to balance are
those associated with the condensate film in the hot
flow, the water in the cold flow, and the condensate
inside the pipe. These resistances must be equal to
maintain proper thermal balance:

Rh,f = th,f,evap = th,f,cond = Rc,f (®)

The mass rate of condensate film formation and
the rate of water evaporation in the cold flow are
practically equal due to the equal heat flow
associated with these phase transitions. For
instance, in the design under consideration, the rate
of condensate formation in the hot flow is
0.00572 mun s~ 1, while the rate of condensate film
formation inside the pipe is 0.00612 mm s *.

However, the thickness of the film depends on the
relationship between the processes of formation and
transport along the pipe, calculated as follows:

_ mcond_mtransport
PXAnp

©)

The rate of film transport, in turn, depends on the
surface arrangement. Therefore, to achieve
complete heat transfer balance and maintain
saturation conditions, and thus stable operation of
the heat pipes in the heat exchanger, the external and
internal heat pipe wall should receive similar
surface treatment, creating near-identical conditions
for film mass transfer during the phase transition.

h.cond

m R R Rhowe
b Rn_f Rrw.f.wep : thl.f.omo‘

T.(P,) TulPs)

Figure 9. Electrical circuit analogy of thermal
resistances in LEExchanger between the hot flow
(red), heat pipe, and cold flow (blue).
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6. Surface arrangement strategies for optimal
heat pipe operation

In traditional approaches to optimizing heat pipe
operation, the focus is primarily on extending the
external surface area, often through the addition of
fins or similar enhancements, to improve heat
transfer efficiency. While this method is effective in
many cases, it primarily addresses sensible heat
transfer and does not fully account for the specific
requirements of LEExchanger. As discussed in the
previous sections, the optimal operation of heat
pipes in LEExchangers necessitates a more holistic
design approach, where both the external and
internal surfaces of the heat pipe wall are carefully
selected to facilitate simultaneous condensation and
evaporation processes.

Over the past decade, significant research has
been dedicated to enhancing heat transfer through
the strategic arrangement of condensation surfaces.
This research has largely focused on the condensing
side of the wall, where various innovations, such as
the use of hydrophobic and hydrophilic surface
treatments, have been explored. These solutions,
while effective in certain contexts, have not yet been
fully developed for specific technological
applications and often remain prohibitively
expensive. This makes them unsuitable for cost-
sensitive systems like the LEExchanger, whose
primary application is in waste heat recovery—a
field where cost efficiency is crucial.

A particularly promising solution involves the
use of grooved surfaces. This approach has been
proven effective on both external and internal walls
of heat pipe, facilitating both condensation and
evaporation processes. The analysis procedure for
the coupled condensing/evaporating films flowing
down along the outer and inner walls of a vertical
grooved tube has shown the effectiveness of this
method, as performed by researchers in [31. In

traditional heat pipe research, the use of a grooved
inner surface has been shown to efficiently transport
condensed liquid back to the evaporator section,
ensuring continuous and optimal operation. The
primary advantage of grooved wick structures lies
in their cost-effectiveness, as the grooves can be
formed as part of the extrusion process, making
them a practical choice for gravity-neutral or
gravity-aided applications.

7. Conclusion

This study has demonstrated the critical role of
heat pipes in optimizing the performance of Latent
Energy Exchangers (LEExchangers) for waste heat
recovery. Unlike traditional heat transfer methods
that focus on extending external surface areas
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through fins and other enhancements, the
LEExchanger requires a more comprehensive
design approach. The research highlights the
importance of carefully arranging both the internal
and external surfaces of heat pipe walls to support
efficient phase transitions, particularly
condensation and evaporation. Among various
surface arrangement strategies, the use of grooved
surfaces on both sides of the heat pipe wall has
proven to be highly effective. This solution, which
has been validated in (3], not only optimizes heat
transfer but also aligns with the cost-sensitive nature
of waste heat recovery applications. The dual-sided
grooved design offers balanced, stable operation by
enhancing the management of condensing and
evaporating films within the heat pipe, ultimately
contributing to the overall efficiency of the
LEExchanger system.
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Abstract

As the heat generation in electronic devices increases while their size decreases, the challenge of effective thermal
management is becoming more significant. Boiling-driven heat spreaders, which operate through boiling rather than
evaporation and do not require wick structures, offer a novel approach with higher operational limits. Despite the
potential advantages, existing research on boiling-driven heat spreaders has focused primarily on their axial thermal
performance, with less attention given to their heat spreading capabilities. However, in evaluating heat spreaders'
thermal performance, axial heat transfer and heat spreading are crucial factors. In this study, we fabricated a boiling-
driven heat spreader and quantified its heat spreading performance by measuring spreading thermal resistance and
temperature uniformity. The fabricated boiling-driven heat spreader achieved a remarkably low spreading thermal
resistance of 0.1 K/W at high heat fluxes of 300 W/cm?. Additionally, the temperature uniformity of the condenser
section showed significant improvement compared to a copper plate of the same dimensions across all heat flux ranges.
These results confirm that the boiling-driven heat spreader has excellent heat transfer capabilities and effectively

spreads heat evenly across the cold side, indicating that it is a highly efficient heat spreader overall.

Keywords: Spreading Thermal Resistance; Boiling-driven Heat Spreader; Thermal Performance; Electronics

Cooling

1. Introduction

As the heat generation in electronic devices
increases while they become more compact, the heat
flux within these devices is rapidly rising. Effective
thermal management is essential to address this
issue. A heat spreader, which efficiently spreads
high heat flux to a heat sink, plays a crucial role in
this process. A common example of such a device is
the vapor chamber, widely used for cooling
electronic equipment. The vapor chamber
comprises a container, a wick structure, and a
working fluid. It operates by evaporating the
working fluid at the hot side and condensing it at the
cold side, with the fluid circulating back through the
wick structure. However, the wick structure relies
on capillary action to circulate the working fluid,
which can lead to dry-out at heat fluxes exceeding
150 W/cm?. This dry-out phenomenon hinders fluid
circulation,  drastically = reducing  thermal
management performance and potentially leading to
failure. Additionally, the capillary action is affected
by gravity, causing performance variations
depending on the orientation of the vapor chamber.

To overcome these challenges, boiling-driven
heat spreaders, which do not require a wick structure,
have recently gained attention. These heat spreaders
operate through boiling and utilize the bubble
pumping effect to circulate the working fluid
effectively. Unlike vapor chambers, this mechanism
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allows boiling-driven heat spreaders to maintain
low thermal resistance without dry-out, even at high
heat fluxes. Moon et al. [1] evaluated the thermal
performance of boiling-driven heat spreaders under
various filling ratios, operating orientations, and
temperatures. Wang et al. [2] investigated the
impact of heat spreader thickness on thermal
performance. Lim et al. [3] explained the operating
mechanism of boiling-driven heat spreaders through
flow visualization.

However, existing studies have not sufficiently
evaluated the spreading thermal resistance and
temperature uniformity index (TUI) of the
condenser section in boiling-driven heat spreaders.
Spreading thermal resistance is a crucial metric for
assessing the performance of a heat spreader,
indicating how effectively heat is spread and
dissipated. The temperature uniformity index (TUI)
of the condenser section measures how evenly heat
is spread across the heat sink, with higher
uniformity leading to more efficient heat dissipation.
Vapor chambers have traditionally been evaluated
using these metrics to assess their thermal
management performance. As a new concept in heat
spreaders, boiling-driven heat spreaders require a
thorough  evaluation of their  operating
characteristics and thermal performance. In this
study, we quantitatively evaluated the thermal
management and heat spreading performance of
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boiling-driven heat spreaders using the metrics of
spreading thermal resistance and temperature
uniformity index (TUI), which have been applied in
previous heat spreader performance assessments.

2. Fabrication and Apparatus
2.1. Boiling-driven heat spreader

Figure 1. Boiling-driven heat spreader.

Figure 1 shows the boiling-driven heat spreader
used in this study. It is a rectangular structure
composed of two copper plates with dimensions of
90 mm x 90 mm X 2 mm. The boiling section covers
the condenser section and is sealed by welding. A
25 mm % 25 mm boiling enhancement coating was
applied to the center of the boiling section to
enhance boiling performance. Degassed water was
used as the working fluid, and 4.1g was injected.

2.2. Test setup

A heater assembly was attached to the boiling
section to apply heat to the boiling-driven heat
spreader. This assembly consisted of a 10 mm X
10 mm x 3 mm copper block and a 10 mm X 10
mm ceramic heater, with a T-type thermocouple
inserted into the center of the copper block to
measure the junction temperature. The heater
assembly was soldered to the center of the outer
wall of the boiling section and insulated with
epoxy to minimize heat loss. The test setup is
shown in Figure 2(a). The condenser section of the
boiling-driven heat spreader was attached to an
aluminum cold plate using thermal grease, and
40°C water was circulated through the cold plate
using a thermostatic bath. Nine T-type
thermocouples were inserted into the cold plate to
measure the temperature of the condenser section.
performance test setup
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Figure 2. Boiling-drven heat spreader thermal
performance test setup. (a) Exploded view. (b)
Assembled view.

Additionally, the surrounding area of the boiling-
driven heat spreader was insulated with a PEEK
housing to minimize heat loss.

2.3. Thermal performance test

The experiment was conducted by assembling the
test setup, as shown in Figure 2(b). Power was
supplied to the ceramic heater via a power supply,
and temperature data was collected using 10
thermocouples. The experiment gradually increased
the heat flux from 2 W/cm? to 300 W/cm?. The
steady-state was confirmed when the temperature
difference over 50 seconds, measured by the
thermocouple inserted into the copper block, was
less than 0.1°C between the initial and final 25
seconds. The experiment continued with further
increases in heat flux. The experiment was
conducted in four different orientations: when the
boiling-driven heat spreader was positioned
horizontally with the boiling section facing up
("horizontal face up"), horizontally with the boiling
section facing down ("horizontal face down"),
vertically with the inlet aligned parallel to the
ground ("vertical right"), and vertically with the
inlet perpendicular to the ground ("vertical up"). To
ensure repeatability, each orientation was tested
twice, resulting in eight experiments.
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3. Experimental results
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Figure 3. Junction temperature of the Boiling-
Driven Heat Spreader by operating orientation.

The junction temperature of the boiling-driven
heat spreader is shown in Figure 3. with the
average values obtained from two repeated
experiments for each operating orientation. The
junction temperature increased as the heat flux
increased, reaching a maximum of 91°C at 300
W/cm? in the horizontal face-down orientation. In
contrast, the vertical right orientation recorded the
lowest junction temperature at 86.5°C under the
same heat flux, showing a difference of about
4.5°C between the two orientations, indicating
minimal variation in junction temperature based
on orientation. In all orientations, the junction
temperature remained below 79°C at a heat flux of
240 W/cm?, which is lower than the allowable
temperature range for CPUs and GPUs (80-85°C).
This suggests that the boiling-driven heat spreader
can be effectively used for cooling high-heat-flux
electronic devices.

The spreading thermal resistance of the
boiling-driven heat spreader is presented in Figure
4. The results for each orientation are shown in
Figure 4(a). The working fluid within the boiling-
driven heat spreader operates in a very constrained
environment with a gap of 0.8 mm. Due to this
limited space, the wall superheat required for
boiling increases. This leads to the spreader
operating primarily through micro-convection and
evaporation at low heat fluxes, resulting in
relatively high axial thermal resistance. However,
as nucleate boiling initiates, thermal resistance
decreases, and at heat fluxes above 40 W/cm?, the
spreading thermal resistance drops below 0.2 K/W
for all orientations. In particular, the vertical up
orientation recorded a very low spreading thermal
resistance of 0.088 K/W at a heat flux of 200
W/cm?. The standard deviation of thermal
resistance across all orientations was 0.006 K/W,
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indicating consistent performance regardless of
orientation.

Figure 4(b). compares the performance of the
boiling-driven heat spreader with that of a copper
plate of the same dimensions under identical test
conditions. The results demonstrate that the
boiling-driven heat spreader exhibits lower
thermal resistance at heat fluxes above 30 W/cm?,
with approximately 43% lower spreading thermal
resistance than the copper plate, indicating
superior heat dissipation performance. The
Temperature Uniformity Index (TUI) is shown in
Figure 5. The TUI of the boiling-driven heat
spreader was lower than that of the copper plate at
all heat fluxes except 2 W/cm?, indicating a more
uniform temperature distribution in the condenser
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Figure 4. Spreading thermal resistance of the
Boiling-Driven Heat Spreader. (a) Different
orientations. (b) Comparison between the boiling-
driven heat spreader and copper block.

section of the boiling-driven heat spreader
compared to the copper plate. Particularly in the
range above 200 W/cm?, the TUI remained stable
without significant changes. This stability is
attributed to the bubble pumping phenomenon,
where vapor bubbles escape the boiling surface,
immediately displacing the limited volume of
working fluid and supplying new liquid to the
boiling enhancement surface.



Joint 22* International Heat Pipe Conference & 16™ International Heat Pipe Symposium
24% 28 November 2024, Nakhon Pathom, Thailand

0.35
{—=— Boiling-Driven Heat Spreader .«
030 Copper.Block
el
0.25 ﬁ/O/
0.20 /
E 0.15 g
-/./
0.10 o
./-’J/
0.05 -
g
oo THRE
0 20 40 60 80 100 120 140 160 180 200 220 240 260 280 300
q" [W/em’]
Figure 5. Temperature uniformity index

comparison between the boiling-driven heat
spreader and copper block.

As a result, the boiling-driven heat spreader not
only maintains low thermal resistance at high heat
fluxes but also ensures uniform temperature
distribution in the condenser section, making it
ideal for high-performance thermal management.

4. Conclusions

In this study, a boiling-driven heat spreader
was fabricated, and an analysis of spreading
thermal resistance and temperature uniformity
index (TUI) was conducted, focusing on aspects
that had not been previously evaluated. The
spreading thermal resistance achieved a low value
of approximately 0.1 K/W at high heat fluxes
above 100 W/cm?, regardless of the operating
orientation. The TUI was also found to be lower
than that of a copper plate with the same
dimensions across all heat fluxes above 6 W/cm?,
and it remained stable with almost no change at
high heat fluxes exceeding 200 W/cm? due to the
active circulation of the working fluid.
Consequently, this study confirmed that the
boiling-driven heat spreader maintains low
thermal resistance and evenly distributes heat to
the heat sink even at high heat fluxes. Therefore,
the boiling-driven heat spreader is expected to be
effectively applied to thermal management in
electronic devices with heat fluxes exceeding 200
W/em?.
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Abstract
This study explores the development and performance of an aluminum boiling-driven heat spreader (Al-BDHS) that
offers enhanced capability for high-heat-flux applications compared to typical aluminum heat spreaders in electronic
device cooling. The Al-BDHS, lighter and more cost-effective than its copper counterpart, integrates easily with
aluminum heat sinks and operates through a bubble pumping mechanism on a microporous-coated surface, eliminating
the need for a wick and maintaining performance regardless of orientation. Using acetone as the working fluid, tests
demonstrated that optimal boiling heat transfer is achieved when the coating thickness is approximately four times the
diameter of the aluminum powder used. The AI-BDHS maintained consistent thermal performance, even at heat fluxes
as high as 150 W/cm?, without the risk of dryout. This study provides valuable insights into advanced thermal

management strategies for high-performance electronic devices.

Keywords:boiling-driven; aluminum; heat spreader; Thermal performance

1. Introduction

The increasing power demands of high-
performance  electronic  devices  necessitate
advanced thermal management strategies [1].
Among these, the boiling-driven heat spreader
(BDHS) has emerged as a promising solution,
capable of operating at higher heat fluxes than
conventional evaporation-driven heat spreaders [2].
Unlike traditional systems, the BDHS maintains
consistent performance regardless of orientation,
thanks to a bubble pumping mechanism facilitated
by boiling on a microporous-coated surface.
Notably, this device does not require a wick, as the
bubble pumping ensures continuous delivery of the
working fluid under high heat flux conditions,
effectively preventing dryout.

Previous studies have focused on developing a
BDHS using copper (Cu-BDHS); however, this
study introduces an aluminum version (AI-BDHS).
Aluminum offers significant advantages over
copper, being lighter, more cost-effective, and
easily integrated with widely used aluminum heat
sinks.

In this study, we investigate the boiling heat
transfer performance of the microporous coating, a
critical component of the aluminum boiling-driven
heat spreader (AIl-BDHS), using acetone as the
working fluid. The fabricated Al-BDHS, with an
optimized coating, demonstrates enhanced heat-
spreading performance and orientation-independent
operation. These findings provide valuable insights
into advanced thermal management solutions for
high-heat-flux applications in electronic device
cooling.
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2. Boiling-driven Heat Spreader

Figure 1 illustrates the operational mechanism
of the boiling-driven heat spreader, which consists
of a flat container with a microporous coating on the
heating surface. When the surface is heated, boiling
initiates, leading to an increase in bubble pressure
that expels the working fluid to the sides. This
continuous boiling process generates a bubble
pumping effect, allowing the condensed working
fluid from the sides to be replenished on the heating
surface during operation [3].

E.

Initial state Heat input

Onset of boiling

Condensation Refeeding

Bubble pumping

Figure 1. Schematic diagram of the working
mechanism of the boiling-driven heat spreader

Figure 2 compares the thermal performance of
the vapor chamber and the boiling-driven heat
spreader. The vapor chamber relies on evaporative
heat transfer and functions optimally at lower heat
fluxes. However, it suffers from performance
variability due to its wick-based fluid circulation
system and is prone to dryout at higher heat fluxes.
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In contrast, the boiling-driven heat spreader, which
has a wickless design and is engineered for efficient
operation around 20 W/cm?, maintains consistent
performance even at high heat fluxes. Its simpler
structure and the proper filling ratio of the working
fluid effectively eliminate the risk of dryout.
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Figure 2. Thermal resistance of the boiling-driven
heat spreader and typical heat spreader (vapor
chamber)

3. Aluminum Microporous Coating

Enhancing boiling heat transfer in the boiling-
driven heat spreader is crucial. To achieve this, a
microporous coating was fabricated using brazed
aluminum powder. The brazing process for the
microporous coating was carried out using
equipment that shown in Figure 3. The coating
height was precisely controlled by combining a
precision height gauge with a minimum scale of 10
pum and a machined scraper. The coating was then
formed by heating it to approximately 600°C in a
vacuum furnace.

Figure 3. Coating fabrication equipment and high
vacuum furnace

The detailed morphology of the microporous
coating, made from 60 pm diameter aluminum
particles, was captured using a scanning electron
microscope (SEM). The pore diameter is
approximately 50 pum, and the porous structure
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facilitates the efficient supply of the working fluid
to the heated surface through strong capillary action,
as shown in Figure 4. Additionally, the numerous
microscale cavities where boiling occurs
significantly enhance boiling heat transfer.

S R A e R qe

Figure 4. SEM Image of the coating with brazed
aluminum particles

Pool boiling tests were conducted using acetone
as the working fluid to determine the optimal
coating thickness by comparing boiling heat transfer
performance based on the powder’s diameter and
the coating’s thickness. Acetone was selected for its
excellent chemical compatibility with aluminum [4].
The test results confirmed that optimal performance
is achieved when the coating thickness is
approximately four times the diameter of the
powder. Specifically, the tests indicated that a
coating thickness of 240 pum provided the best
boiling heat transfer performance. As shown in
Figure 5, using the 240 um coating reduces wall
superheat by more than 10°C compared to a plain
surface at the same heat flux, and increases the
critical heat flux (CHF) from 48 W/cm? to 62 W/cm?.
These results align with previous studies, which
found that the pool boiling performance of
microporous structures made from particles is
optimal when the coating thickness 1is
approximately 3 to 5 times the particle diameter [5].
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Figure 5. Pool boiling test results for aluminum
plain and brazing surface

4. Aluminum boiling-driven heat spreader

As depicted in Figure 6, the test sample was
machined from aluminum, with an area of 90 mm?
and a thickness of 3 mm. An aluminum plate with a
240 um thick coating, optimized for the best boiling
heat transfer performance (boiling side), was
diffusion bonded to a plate with machined ribs
(condensation side).

L i

Il
Wﬂﬂﬂﬂ*ﬂﬂ

e e

]

Fa i

Figure 6. Typical picture of the aluminum
boiling-driven heat spreader before diffusion
bonding

The container was maintained at a vacuum of
1073 hectopascals using a rotary pump and a turbo
pump, and acetone, from which non-condensable
gases (NCGs) had been removed by heating for one
hour, was injected. For the heat transfer
performance test of the AI-BDHS, a 10 x 10 mm?
ceramic heater and an aluminum block were
soldered to the boiling side, and the hot side
temperature (7)) was obtained by measuring the
center temperature of the aluminum block.

5. Results
The test specimen was attached to the water-
cooled aluminum cooling plate of the thermal
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performance test apparatus using thermal grease to
minimize contact thermal resistance, and the cold
side temperature (7,) was obtained by measuring the
temperature of the aluminum cooling plate.

Boiling-driven
heat spreader

\\\ .
X Cooling plate

5 TR
Figure 7. Thermal performance test apparatus

The thermal resistance of AIl-BDHS was
calculated using the hot surface temperature and the
cold surface temperature as described in Equation 1.

t t
1—1'1 s = 7—;1 — al X Q _ ___ solder X Q
kal Aal ksolder Asolder
t t
]—;521—;1_ al XQ_ grease XQ
k al Aal kgrease grease
R _ 7—;1.5 — T;.s
BDHS — Q

)

The test results are shown in Figure 8, where it
can be seen that the thermal resistance significantly
decreased after starting operation at 10 W/cm?
According to the pool boiling test on the coating
shown in Figure 5, it was observed that the initiation
of boiling was difficult due to the characteristics of
acetone, which has a small contact angle. However,
in the case of AlI-BDHS, the sufficient removal of
NCGs and the injection under high vacuum
conditions allowed for easier initiation of boiling.
As the heat flux increased, the thermal resistance
gradually rose. This increase is attributed to the low
surface tension of acetone, which reduces capillary
forces and makes it difficult to supply acetone to the
heated surface. Finally, dryout occurred at 100
W/em?.
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Figure 8. Thermal performance of AI-BDHS

6. Conclusions

This study explored the thermal performance
of an aluminum boiling-driven heat spreader (Al-
BDHS) optimized for high-heat-flux electronic
cooling. The Al-BDHS, featuring a 240 pm thick
microporous coating, demonstrated improved
boiling heat transfer, reducing wall superheat and
increasing critical heat flux (CHF). Tests showed
that the device maintained low thermal resistance
at heat fluxes starting from 10 W/cm?, with easier
boiling initiation due to effective NCG removal
and high vacuum conditions. However, thermal
resistance gradually increased at higher heat
fluxes, leading to dryout at 100 W/cm?, primarily
due to acetone's low surface tension and latent
heat.

If further studies are conducted on coatings
with higher permeability or fluids with higher
latent heat, the performance of the Al-BDHS
could be further enhanced. The AI-BDHS presents
a promising solution for advanced thermal
management in high-power electronics.
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Abstract
This study suggests a geothermal thermosyphon using a stainless-steel container and acetone. A thermosyphon
experimental setup was designed to demonstrate the thermal resistance of geothermal thermosyphon at the
underground temperature of 15°C. The thermal resistance of the experimental result is 0.08 K/W. The geothermal
thermosyphon was numerically evaluated for its snow removal performance. The numerical simulations are performed
on installation parameters of a full-scale geothermal thermosyphon. The numerical results show the thermal
performance in heat release and heat flux on the road surface. These results indicated the trends in thermal performance
for snow removal. The optimal installation design could be achieved when thermosyphons are installed close to the
pavement surface, with narrow spacing between pipes and proper insulation to minimize heat loss. This paper provides
valuable guidelines for designing and implementing geothermal thermosyphon for snow melting infrastructure,

contributing to environmentally friendly and efficient snow management practices.

Keywords: Snow removal; Road pavement; Geothermal energy; Thermosyphon

1. Introduction

Snow melting on paved roads is essential from an
economic, social, and industrial perspective.
Chemical snow melting methods are widely used,
but those have problems such as environmental
pollution and accelerated corrosion of roads and
vehicles. In addition, electric heating methods have
the disadvantages of high energy consumption and
difficulties in application outside of cities. So, this
research introduces a thermosyphon technology for
melting snow by utilizing subterranean heat [1].
Experimental and numerical methods were used to
verify the performance of snow melting using
geothermal energy. Experiments were conducted to
demonstrate a lab-scale geothermal thermosyphon.
The experimental results determined the geothermal
thermosyphon's thermal resistance and effective
thermal conductivity. Numerical studies were
conducted to evaluate realistic installation
conditions for the geothermal thermosyphon's
spacing, depth, and insulation [2]. As a result, this
study shows the maximum heat flux that can heat a
paved road with underground heat and the
difference in performance based on installation
conditions. The results of this study could predict
the performance of snow-melting devices that can
operate independently of geographical location,
providing new ideas for the commercialization of
thermosyphon technology utilizing renewable
energy.
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2. Geothermal snow removal thermosyphon

The thermosyphon was designed with stainless
steel (ASTM S30400), which is highly corrosion
resistant; acetone, chemically compatible with
stainless steel, was chosen as the working fluid [3].
Ammonia is the commonly used working fluid for
geothermal thermosyphons, but in case of leakage,
it can cause severe toxicity to humans [4]. Acetone,
which was used in this study, is a promising
alternative as a working fluid for geothermal
thermosyphons.

2.1. Experimental approach

Experimental studies were performed to
demonstrate the feasibility and thermal performance
of the thermosyphon. An experimental test rig was
made, as shown in Figure 1. The experimental
conditions considered the seasonal and geothermal
temperatures in Suwon, Republic of Korea. The
temperature in the basement is always 15 degrees,
regardless of outside weather factors, from a depth
of 5 m to 200 m. So, the amount of heat supplied
through the band heater was increased until the
temperature of the evaporator section reached 15°C.
The temperature of the condenser section was kept
constant temperature at 0°C through a water bath.
The whole experimental setup was well insulated,
and the energy balance in the experiment was at
least 99%.
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Figure 1. Schematics of the lab-scale experimental

setup for geothermal thermosyphon

2.2. Numerical approach

As shown in Figure 2, the thermosyphon region
was modeled with a condensation section of 3
meters and an evaporation section of 15 meters.
Three thermosyphons are installed at the borehole in
the center of the computational model. The
temperature for the wall condition is a depth-
dependent temperature change. The roads' surface is
assumed to be convection heat transfer with -2°C of
the air temperature and 50 W/m#K of the heat
transfer coefficient. The computational grids are
generated with hexahedral conformal grids, as
shown in Figure 2(b). The grids were determined to
be about 2,300,000 by the grid-independent test.

Wall

w LTSI

Thermosyphon
Ground Region
Region 8 m
(a) (b)

Figure 2. (a) Boundary conditions of the
numerical geometry, (b) Grid of the numerical
model for geothermal thermosyphon
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The parameters of geothermal thermosyphon
devices were the burial depth from the pavement
surface, burial spacing within the pavement, and
thermosyphon distance within the borehole. Table
1 summarizes the specifications of the numerical
studies conducted.

Table 1. Specifications of the geometrical
parameters of the geothermal thermosyphons

No. Depth Spacing Distance
(mm) (mm) (mm)

1 50

2 100 150
3 250
4 50

5 70 200 150
6 250
7 50

8 400 150
9 250

3. Data reduction

The heat transfer performance can be expressed
as Equation 1 with the wall temperature difference
of the temperature at the evaporator and condenser
and the input power [5].

Rer = = @

Thermal resistance, obtained from the
temperature difference and the amount of heat
applied, allows us to evaluate how easily the heat is
transferred. Temperature was measured until the
average temperature difference over 10 minutes
converged to within 0.2°C. The heat can be
calculated by the voltage and current applied to the
band heater, and the energy balance was calculated
with the heat output through the cooling jacket.
Specifically, the measurement error of temperature
using T-type thermocouples is 0.4%, and the voltage
and current accuracy are 0.2% and 0.1%,
respectively. The experimental uncertainties could
be calculated with equation 2 [6]. The uncertainty
analysis of this study was performed on the thermal
resistance. The maximum expanded relative
uncertainty of the thermal resistance is 6.9%.

SR = \/ZL(%&J )
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4. Results and discussions

The thermal performance of the newly
designed stainless steel-acetone thermosyphon
was experimentally verified over a geothermal
temperature range. The thermal performance was
tested by maintaining the condenser temperature
through cooling water at 0°C. The temperatures of
the condenser, evaporator, and condenser sections
were verified by increasing the heat applied to the
band heater. The experiments were performed
until the evaporator temperature exceeded 15°C,
and the experimental results are shown in Figure
3. According to the input power, the evaporator
and condenser temperatures indicate that the
thermosyphon can operate stably in the
temperature range of 0°C to 15°C. In particular,
the acetone inside the thermosyphon can transfer
heat from the high-temperature section to the low-
temperature section through repeated evaporation
and condensation, and its performance was
verified.

Numerical analysis predicted the snow
removal device's performance according to the
thermosyphon's installation configuration. A snow
removal equipment using thermosyphons absorbs

20
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Figure 3. Experimental results of the geothermal
thermosyphon
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Figure 4. Numerical results on the heat
transmission of the geothermal thermosyphon
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Figure 5. Numerical results on the maximum heat

flux of geothermal thermosyphon

heat from the ground. The snow removal
equipment using thermosyphons absorbs heat
from the ground by installing multiple
thermosyphons  within a single borehole.
Therefore, the distance  between each
thermosyphon inside the borehole affects the
surrounding ground and the thermosyphon’s
temperature.

Figure 4 and Figure 5 show all the numerical
results regarding the spacing of thermosyphons
inside the borehole. As evident from the analysis
results, in all conditions, the heat transmission and
maximum surface heat flux tend to increase as the
spacing of the heat thermosyphon increases. For
example, under the condition where the burial
depth in the road pavement is 70 mm, and the
burial spacing is 100 mm, increasing the
installation distance of thermosyphons inside the
borehole from 50 mm to 250 mm results in an
increase in heat supply capacity from 184.6 W to
201.1 W. The maximum heat flux increases from
134.3 W/m2to 146.2 W/m=2

5. Conclusions

A thermosyphon's design and thermal
performance utilizing underground heat have been
studied experimentally and numerically. The
stainless steel-acetone thermosyphon was verified
to operate in the lower temperature range of
geothermal environments, and the amount of heat
that could be transferred to the ground surface was
predicted by numerical methods. Based on the
subsurface temperature distribution in Suwon,
South Korea, installation conditions were
identified for achieving heat fluxes of up to 146.2
W/m2.  Thus, the stainless steel-acetone
geothermal thermosyphon presented in this study
has shown promise as a future snow-melting
method for paved roads.
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Abstract
The recent advancements in Al have led to increased heat generation in CPUs and GPUs, consequently driving the
expansion of data centers. Traditional air-cooling methods used in existing data centers are becoming increasingly
inadequate to effectively manage the rising heat loads, prompting extensive research into immersion cooling. While
numerous studies have explored thermal performance enhancement through surface modification in two-phase
immersion cooling, this research has largely been confined to pool boiling chambers, which do not accurately reflect
actual server environments. In this study, we fabricated surface-modified samples using copper foam and sintered
copper microporous coating (MPC) with varying thicknesses and evaluated thermal performance within a chamber
designed to simulate real server immersion cooling conditions. The results showed that both surface modification
methods significantly reduced the maximum superheat by more than 15K and increased the critical heat flux (CHF)
compared to smooth surfaces. The copper foam demonstrated the highest convective heat transfer coefficient at 300
pum, while the sintered copper MPC exhibited the highest at 200 um. Both surface modification methods showed an
increasing trend in CHF with increasing thickness, although the changes in CHF for sintered copper MPC were
minimal compared to the more pronounced improvements observed with copper foam. This study contributes insights
into the most effective surface modification techniques and optimal thicknesses for practical application in immersion

cooling environments.

Keywords: Immersion cooling; Surface modification; Dielectric liquid, Critical heat flux

1. Introduction

Recently, as interest in Al has increased, the
performance improvements in CPUs and GPUs
have led to an increase in Thermal Design Power
(TDP) and the expansion of hyperscale data centers.
Electronic equipment must be maintained at a
temperature below 85 C to ensure stable server
operation [1]. However, the air-cooling methods
used in conventional data centers are limited in
effectively dissipating the increasing heat load.
Consequently, research on immersion cooling,
where server boards are directly immersed in
dielectric liquid for cooling, has been actively
researched.

Immersion cooling includes single-phase
cooling using sensible heat and two-phase cooling
using latent heat. With boiling heat transfer, two-
phase immersion cooling possesses a convective
heat transfer coefficient that is an order of
magnitude higher than single-phase immersion
cooling [2]. Therefore, two-phase immersion
cooling more effectively addresses the increasing
heat dissipation challenges.

Two-phase immersion cooling uses dielectric
liquid, which has high wettability and low thermal-
physical properties compared to water. When
surface modification is applied, the heat transfer
coefficient and Critical Heat Flux (CHF) can be
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increased compared to a smooth surface [3].
Therefore, surface modification is a promising
option for enhancing the heat transfer performance
of dielectric liquids. Extensive research has been
conducted to enhance thermal performance through
surface modifications in pool boiling using
dielectric liquids to apply immersion cooling.
However, most of this research has been conducted
in pool boiling chambers, where the heat source is
small, and experiments are conducted horizontally,
which is not representative of the actual immersion
cooling environment in servers. Therefore, it is
crucial to identify the most effective surface
modification method when applied to actual
application environments.

In this study, experiments were conducted in a
chamber that simulated a server's actual immersion
cooling environment. Additionally, we performed
surface modification using copper foam and
sintered copper MPC and evaluated the thermal
performance based on coating thickness. The goal is
to propose the most effective surface modification
method and optimal thickness for application to
actual server boards.
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2. Fabrication and experiment

2.1. Sample fabrication

The surface modification was performed using
copper foam and sintered copper microporous
coating. First, the copper foam samples were
fabricated as follows. Copper foam with 200, 300,
and 500 pm / 130 ppi was placed on a copper block,
and then a graphite block weighing approximately
200 g was placed on top to apply pressure. And
sintering in a vacuum furnace (1040°C, 1 hour
heated, 30 minutes maintained) to attach each other.
For the sintered copper MPC samples, copper
powder with a particle size of 62 um was used. A
mixture of thinner and copper powder was evenly
spread over the copper block, and the sintering was
done under the same conditions as the copper foam
samples. After sintering, the thickness of the
samples was measured to be approximately 200,
300, and 500 pm.

The fabricated copper blocks, each measuring
25.4 x 25.4 mm?, were soldered to ceramic heaters
of the same size. A wire thermocouple (TC) was
inserted into the center of the copper block to
measure the junction temperature of the copper
block. Subsequently, the samples were placed in
PEEK molds and attached with epoxy, as shown in
Figure 1(a). The completed samples were then fixed
at the center of a 5 mm thick polycarbonate board to
simulate a server board, as shown in Figure 1(b).

(a)

— Epoxy
— PEEK(5 mm)

PC board
(12 * 13 inch?)

Test sample

Figure 1. Two-phase immersion cooling test

sample. (a) Test sample (b) Test sample and PC
board assembly
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" Copper block(3mm)

2.2. Experimental setup

The equipment used in the experiment is shown
in Figure 2. The chamber was designed to
accommodate an E-ATX standard server board
(12 x 13 inch?), the size of a commercially
available board. The working fluid used was 3M
Novec HFE-7200, with a boiling point of 76°C.
Three thermocouples were inserted inside the
chamber to measure the temperature of the liquid
top, bottom, and vapor. The saturation condition
was considered the point at which the three TC
readings equalized. During the experiments, a
cartridge heater and condenser were used to
maintain the chamber in a saturated state. A
pressure transducer was installed at the top of the
chamber to maintain the internal pressure at 1 atm.
Additionally, a high-speed camera was used to
visualize the bubbles' behavior.

. '%"

0

i
J‘%‘ Pressure transducer

|
-

Cartridge heater

: Power supply

Figure 2. Experimental setup of two-phase
immersion cooling

2.3. Data reduction

The following methodology was employed to
calculate the wall superheat (ATsx) and heat transfer
coefficient (h). First, it was assumed that the
problem could be treated as a one-dimensional heat
conduction issue because the heating area was
identical to the area of the heater, and insulation was
provided using PEEK and epoxy. Using Eq (1), the
thermal resistance of the copper block was
calculated, which allowed for the determination of
the wall temperature.

d
T =T, —q— ()
w='h~d KA
Using Eq (2), the wall superheat was determined
from the previously calculated wall temperature
and the measured liquid temperature.

ATsat =Tw — Tsat @

Finally, heat transfer coefficient was calculated with
Newton’s cooling law Eq (3).
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Tw ~ Tsat
3. Test result and discussion
Experiments were conducted under identical
conditions to investigate the effects of surface
modification methods and thickness. To compare
the thermal performance improvements through
surface modification, the experiments were first
performed on a smooth surface. Both surface
modification methods resulted in a reduction in
maximum wall superheat and an enhancement in
CHF compared to the smooth surface. At the same
heat flux of 15 W/cmz, all surface modification
methods exhibited a reduction in superheat of more
than 15 K compared to the smooth surface, and CHF
was also improved in all cases.

Surface modification was performed using two
methods: copper foam and sintered copper MPC. To
compare the effects of thickness, samples were
fabricated with thicknesses of approximately 200,
300, and 500 um, and experiments were conducted
accordingly. The experimental results for each
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Wall superheat (K)
Figure 3. Pool boiling curve of surface
modification methods (a) Sintered copper MPC,
(b) Copper foam
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surface modification method according to thickness
can be seen in Figure 3. For the sintered copper
MPC samples, the highest heat transfer coefficient
was observed at a thickness of 200 um, while the
highest CHF was recorded at 23 W/cm?2 with a
thickness of 500 um. In the case of copper foam, the
highest heat transfer coefficient was observed at a
thickness of 300 um, and the highest CHF of 31
W/cmz was recorded at 500 um. Although the
copper foam at 500 pum exhibited the highest CHF,
it also showed an increase in maximum superheat to
17.8 K, which is more than 7 K higher compared to
other surface modification samples. For CHF, both
surface modification methods exhibited an
increasing trend with increasing thickness. While
the change was minimal for the sintered copper
MPC samples, the copper foam showed significant
improvements with increasing thickness.

The sintered copper MPC samples exhibit a higher
heat transfer coefficient compared to the copper
foam as shown in Figure 4(a). This is attributed to
the smaller pore size and the greater number of
nucleation sites in the sintered copper MPC. Due to

80
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Figure 4. Comparison of immersion cooling

performance based on thickness (a) Heat transfer
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the low surface tension of dielectric liquids, larger
cavities may fail to retain vapor embryos
effectively. Therefore, the smaller and more densely
distributed pores in the sintered copper MPC
samples are believed to result in a lower maximum
superheat.  Additionally, while the CHF
improvement is significant with increasing
thickness in the copper foam, the increase in CHF
for the sintered copper MPC is relatively minor as
shown in Figure 4(b). This can be attributed to the
larger pore size in the copper foam, which facilitates
easier bubble departure and consequently better

liquid supply.

4. Conclusions

In this study, a chamber simulating an actual
server environment was fabricated, and surface
modification was carried out using copper foam
and sintered MPC. To analyze the effects of
thickness, experiments were conducted on
samples fabricated at three different thicknesses:
200, 300, and 500 pum.
1. Both surface modification methods showed
improvements in maximum superheat and CHF
compared to a smooth surface, with a reduction in
maximum superheat of over 15 K at a heat flux of
15 Wicmz,
2. For the sintered copper MPC, the highest heat
transfer coefficient was observed at 200 um, while
the CHF of 23 W/cm?2 was the highest recorded at
500 pm.
3. For the copper foam, the highest heat transfer
coefficient was observed at 300 um, and the CHF of
31 W/cmz was the highest recorded at 500 pm.
4. The sintered copper MPC showed a reduction
in maximum wall superheat by more than 2 K
compared to the copper foam. This is due to the
smaller pore size and the greater number of
nucleation sites compared to the copper foam.
5. The CHF improvement with increasing
thickness is more pronounced in copper foam
compared to MPC samples. This is likely because
the larger pore size in the copper foam allows for
easier bubble departure, leading to more efficient

liquid supply.
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Abstract
A wick structure with a constriction shape was proposed to improve the thermal performance of ultra-thin heat
pipes. Visualization experiments and numerical analyses were conducted with two types of wick structures with and
without a constriction shape. In the experiments, fluid-flow and phase-change phenomena in the heat pipe were
captured with a video camera, and temporal changes in temperatures were measured with thermocouples. In the
numerical analyses, velocity and temperature distributions in the heat pipe were obtained. The experimental results
confirmed that the constriction shape prevented the liquid slug formation in the vapor-flow channels and thus
improved the thermal performance of the heat pipe. The numerical results clarified that the constriction shape
increased a condensation area not only in the constriction direction but also in the vapor-flow direction in the vapor-
flow channels. Thus, it was explained that the condensation-area increase in the two directions improved the thermal

performance of the heat pipe.

Keywords: Ultra-thin heat pipe; Centered wick structure; Striped wick structure; Condensation; Liquid slug

1. Introduction

Ultra-thin heat pipes have been developed for
the enhancement of heat removal within a thin
electronic device like a smartphone. Since the
overall thickness is less than 1 mm, ultra-thin heat
pipes cannot be fabricated with a traditional design
of a wick structure, that is, a wick structure cannot
be attached to the inner wall of a heat pipe
container. Thus, centered [1-3] or striped [4—6]
wick structures have been proposed to leave vapor-
flow channels within the heat pipe. In the heat pipe
with a centered wick structure, vapor-flow
channels are left on both sides of the wick structure.
In the heat pipe with a striped wick structure, wick
structures and vapor-flow channels are arranged
alternately.

The centered and striped wick structures are
effective to leave vapor-flow channels within an
ultra-thin heat pipe. The height of the vapor-flow
channels is the same as the thickness of the wick
structures. However, at a condenser section of the
heat pipe, vapor is directly cooled by the inner wall
of a heat pipe container, which essentially differs
from heat pipes with a traditional wick structure.
Because of this, condensate droplets were observed
in the vapor-flow channels, and in some cases, the
droplets coalesced to form a liquid slug [7, 8].

The liquid slug hinders vapor flow in the vapor-
flow channels. Thus, it is expected that the thermal
performance of ultra-thin heat pipes with a
centered or a striped wick structure would be
increased when the liquid slug is eliminated in the
vapor-flow channels. In the present study, therefore,
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a non-uniform wick structure, that is, a wick
structure with a constriction shape was proposed.
This wick structure was intended to prevent liquid
slug formation by partially increasing the width of
the vapor-flow channels. Visualization experiments
and numerical analyses were conducted with two
types of wick structures with and without a
constriction shape. Based on the experimental and
numerical results, discussion was conducted on the
effectiveness of the constriction shape.

5 110 N

Wick structure

Unit: mm
Figure 1. Dimensions of the wick structure
with a constriction shape.

T, T,

al Tul Tu3 TL‘I ]“2

10 40 L 60 >]1
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Adiabatic section Condenser section

Evaporator section .
Unit: mm

> : Temperature measurement point

Figure 2. Wick structure with a constriction
shape in a semi-transparent heat pipe.
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Figure 3. Experimental apparatus.

2. Experimental method

Figure 1 shows the design of a constriction-
shaped wick structure. The wick structure was 110
mm long, and the constriction shape was made at
the middle, where the width was constricted from
10 mm to 5 mm. A semi-transparent heat pipe
developed in the previous study [7] was used, and
the wick structure was placed as shown in Figure 2.
The wick structure was made by sintering copper
powders. The thickness of the wick structure was
0.5 mm, which was equal to the height of the
vapor-flow channels. An evaporator, adiabatic, and
condenser sections of the heat pipe were 10 mm,
40 mm, and 60 mm long, respectively. Water was
used as a working fluid.

Figure 3 shows an experimental apparatus. The
heat pipe was placed horizontally. A heater and a
cooling jacket were mounted on the evaporator and
condenser sections of the heat pipe, respectively. In
experiment, the evaporator section was heated and
the condenser section was water-cooled. Fluid-
flow and phase-change phenomena in the heat pipe
were captured with a video camera, and temporal
changes in temperatures were measured with
thermocouples. Temperature measurement points
are also shown in Figures 2 and 3. The temperature
and flow rate of the cooling water were 15°C and
50 mL/min, respectively. The heating was started
under the condition that the electrical power (P) to
the heater was 4 W, and then P was increased
stepwise when the temperature changes reached a
steady state. The experiment was terminated when
the evaporator temperature (Te) reached 90°C. For
comparison, the experiments were also conducted
when the wick structure without a constriction
shape was placed in the heat pipe. The width of the
wick structure was constant at 10 mm. The wick
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Figure 4. Mathematical model of the heat pipe.

length and wick thickness were the same as those
of the constriction-shaped wick structure. From
temperature gradient in a rod between the heat pipe
and the heater, the heat transfer rate (Q) was
evaluated by using Fourier’s law.

3. Numerical method

Figure 4 shows a mathematical model of the
ultra-thin heat pipe with a constriction-shaped wick
structure. Because the wick structure was placed
at the center of the heat pipe, numerical analyses
were conducted for the half domain of the heat
pipe. As shown in Figure 4 (a), the model
comprised three regions: a vapor channel,
liquid—wick, and container wall regions in the x-
y-z coordinate system. These three regions were
the same in length (l). Heated and cooled
sections were on the bottom of the model. Except
for these two sections, the rest of the outer
surface of the model was insulated. Figure 4 (b)
shows the x — y cross section of the model at the
center of the vapor channel region in the z
direction. For simplicity, the constricted part of the
wick structure was considered to be rectangular in
shape.
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The same governing equations and boundary
conditions as those in the previous paper [9] were
applied to the present model. As the governing
equations, the conservation equations of mass,
momentum, and energy were given for the vapor
channel and liquid-wick regions. Only the
conservation equation of energy was used for the
container wall region. The boundary conditions
were applied to the solid-liquid, solid-vapor, and
liquid-vapor interfaces as well as the heated,
cooled, and adiabatic sections of the model. The
governing equations were discretized by using
the control volume method, and calculations were
conducted based on the SIMPLE algorithm. Non-
uniform mesh was used in a computational
domain.

As mentioned earlier, the vapor flow is hindered
by a liquid slug in the vapor-flow channels. Thus,
it was assumed that condensation of vapor occurs
only in the vapor-flow channel upstream of the
liquid slug. Based on this assumption, the vapor-
liquid interface was separated into condensation
and non-condensation interfaces, and thermal
boundary conditions were applied as follows:

Condensation interface (0 <y <ls) :

-1

1 R

T,=T, = (—— —glnﬁ> —273.15
Tref hfg pref

1)
Non-condensation interface (I.s <y <) :
WO, O
Vox ¢ ax (2)

where T, is the vapor temperature, T, is the
liquid-wick temperature, Tt is the reference
temperature, py is the vapor pressure, and prer is
the reference pressure. Moreover, hy is the latent
heat, Ry is the gas constant, A, is the thermal
conductivity of the vapor channel region, and Aex
is the effective thermal conductivity of the liquid-
wick region. y = I s is the boundary between the
condensation and non-condensation interfaces,
which implies a condensation end point.

Numerical conditions were given according to
the heat pipe and wick structure used in the
experiments. Regarding the wick structure with a
constriction shape, the dimensions were given as
lii=1l3=45mm, |, =20 mm, and w;; = w,, =
2.5 mm. For comparison, the numerical analyses
were also conducted when the wick structure
without a constriction shape was placed in the
model.
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Figure 5.Images in the heat pipe (P = 18 W).

4. Results and discussion

4.1. Experimental results

Figure 5 shows images in the semi-transparent
heat pipe at P = 18 W for the wick structures (a)
without and (b) with a constriction shape. The
vapor-flow channels and wick structure at the
adiabatic and condenser sections are shown. The
evaporator section is located to the left of the
image. Liquid evaporates at the evaporator section,
and vapor flows toward the condenser section. In
each image as indicated by arrows, the vapor was
flowing to the right in the vapor-flow channels. For
the wick structure without a constriction shape,
because the width of the vapor-flow channel was
entirely very small, condensate droplets coalesced
to form a liquid slug, which was observed in both
of the vapor-flow channels as shown in Figure 5
(@). The liquid slug was pushed by the vapor flow,
and then absorbed into the wick structure.
However, the generation and absorption of the
liquid slugs were repeated, which would hinder the
vapor flow in the vapor-flow channels. The
generation and absorption of the liquid slugs were
observed around y =55 mmat P = 18 W.

The coalescence of condensate droplets was also
observed in the case of the wick structure with a
constriction shape. However, no liquid slugs were
observed in this case. The liquid slug formation
was prevented by the constriction shape, that is, an
increase in the width of the vapor-flow channels
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where condensation occurred. Instead of the liquid
slug, a large liquid droplet was observed in the
constricted region as shown in Figure 5 (b). The
liquid droplets grew larger over time, and was
absorbed when it came into contact with the wick
structure.

The thermal resistance (R) of the heat pipe was
evaluated by

R = Te - (Tcl +5c2 + Tc3)/3 (3)

where Q is the heat transfer rate of the heat pipe.
Moreover, the Q value when T, = 90°C was
defined as the maximum heat transfer rate (Qmax).

Figure 6 compares the R values for the wick
structures with and without a constriction shape.
The comparison indicates that the R value with a
constriction shape was entirely lower than that
without a constriction shape. Besides, the Qmax
value with a constriction shape was 27.4 W, which
was 21.2% larger than that without a constriction
shape. These experimental results confirmed that
the constriction shape improved the thermal
performance of the heat pipe.

4.2. Numerical results

For the wick structure without a constriction
shape, experimental and numerical results are
compared in Figure 7 (a) regarding the temperature
distribution of the heat pipe at P = 18 W. The
numerical result was obtained with l.s = 65 mm.
The numerical result depends on the I.s value, and
fairly good agreement between the experimental
and numerical results was obtained when ls = 65
mm. In the present experiments, the generation and
absorption of the liquid slugs were observed
around y = 55 mm in the vapor-flow channels.
Thus, the setting I.s = 65 mm was acceptable in
this calculation.

Experimental and numerical results are also
compared in Figure 7 (b) for the wick structure
with a constriction shape. The numerical results
were obtained for the two cases of l.s = 65 mm and
80 mm. l.s = 80 mm implies that I s located at the
center of the condenser section in the y direction.
Regarding the temperature difference between the
evaporator and condenser sections, the numerical
result with I.s = 65 mm was larger than the
experimental result. Although the constriction of
the wick structure was considered in the
calculation, a difference was found between the
experimental and numerical results when s = 65
mm. Fairly good agreement was obtained when Is
= 80 mm. The present experimental results
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confirmed that the constriction shape of the wick
structure prevented the liquid slug formation. This
prevention increased the condensation interface in
the vapor-flow direction, and thus the fairly good
agreement was obtained when Is was increased
from 65 mm to 80 mm. The constriction shape of
the wick structure increased the condensation area
not only in the constriction direction but also in the
vapor-flow direction in the vapor-flow channels.

Together with the temperature distributions
shown in Figure 7, the numerical results of vapor
velocity distributions were also obtained in the
above calculations. These vapor velocity
distributions are shown in Figure 8 for the wick
structures (a) without and (b) with a constriction
shape. The distributions on the x—y cross section at
the center of the vapor channel region in the z
direction are shown here. In Figure 8 (a), because
of I.s = 65 mm, no vapor flow was found in the
vapor-flow channel downstream of y = 65 mm. In
Figure 8 (b), since the vapor velocity distribution
was obtained with l.s = 80 mm, the vapor flow
further downstream within the vapor-flow channel
was demonstrated. The inflow of vapor into the
constriction region (2.5 mm < x < 5.0 mm and 45
mm <y <65 mm) was confirmed. The vapor flow
downstream of the constriction region was also
confirmed. These vapor flows explained the
thermal performance improvement of the heat pipe.
Since the non-condensation interface was still
found in Figure 8 (b), the thermal performance of
the present heat pipe would be further improved by
increasing the condensation interface within the
vapor-flow channels.

5. Conclusions

A constriction-shaped wick structure was
proposed for ultra-thin heat pipes. The
experimental results confirmed that the constriction
shape prevented the liquid slug formation in the
vapor-flow channels. It was also confirmed that the
constriction shape decreased the thermal resistance
and increased the maximum heat transfer rate of
the heat pipe. The numerical results clarified that
the constriction shape increased a condensation
area not only in the constriction direction but also
in the vapor-flow direction in the vapor-flow
channels. The condensation-area increase in the
two directions explained the thermal performance
improvement of the heat pipe.
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Abstract
As the electrification of transport systems expand, the development of high-power high-efficiency electric motors is
becoming essential. In order to ensure the integrity and the safety of E-wehicles, a rigorous thermal management is
required. The subject of this study is to determine the thermal performances of a novel design pulsating heat pipes
(PHP) designed to cool the stator of an e-motor. The device is partially filled up (38 %) with R1233Zd and is made of
copper tubes. The novel design has 10 segments; each is composed of 3 sections evaporator, adiabatic and condenser
regions and had two different cross section (rectangular and circular). The critical inner diameter (ID) was used in the
evaporator (1,75 mm), and a significantly larger ID in the other regions, with two types of inner surfaces (grooved
and smooth). The device was tested at different heat inputs (200 to 1000 W) and in various volumetric airflows. The
study demonstrated the capacity of the PHP to dissipate high heat powers up to 1000 W whi le maintaining a thermal

resistance lower than 70 K/kW and a temperature under 90 °C.

Keywords: Pulsating Heat Pipe; E-motor; Heat transfer; Thermal management

1. Introduction

Global rush to reduce greenhouse gas emissions,
improve air quality and decrease dependency on
fossil fuels, shifted the transportation industry
towards electrification. The shift toward more
compact and powerful electric motors presents
significant challenges in managing heat losses. As
these motors become more integral to modem
technology, particularly in electric vehicles, the
importance of effective thermal management cannot
be overstated. Pulsating heat pipes (PHP or OHP)
have gained considerable interest in recent years due
to their exceptional efficiency and eco-friendly
nature as heat transfer systems. They provide viable
solutions for cooling e-motors.

Several studies have investigated the
performance of pulsating heat pipes to assess their
efficacy and improve the understanding of their
behavior. Some of these studies investigated the
performance of the PHP in cooling powertrain
components such as batteries, a study by Chi et al.
[1] used a pulsating heat pipes made out of copper
and had an internal diameter of 1 mm, where several
parameters were inspected to verify the potential of
using the PHP as cooling module. The thermal
performance was primarily dependent on the
quantity of working fluid charged. The system
functioned correctly with a filling ratio (FR) that
was around 10% of the total. The variation in the FR
amount ranged from 10% to 26% as the heat input
increased. The thermal resistance of the OHP
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system was only little affected by the inclination
angles at high heat input. The heater surface
temperature was consistently maintained at around
60 °C for heat fluxes below Q = 20 W [1]. In a
similar study Chen and Li [2] investigated the
thermal management of a 68 Ah square lithium iron
phosphate battery using an aqueous TiO2-based
PHP. Heat dissipation tests were conducted under
various  vehicle workloads and  ambient
temperatures. The TiO2-based PHP was found to
optimize heat dissipation performance maintaining
maximum temperature and temperature gradient
within 35.86 °C and 1.15 °C. The PHP also
improved uniformity in temperature at the battery
surface by up to 60% under different operating
conditions. As operating conditions changed,
battery heat generation increased, leading to a
gradual increase in temperature difference between
the evaporation and condensation ends of TiO2-
PHP, accelerating the start of the PHP. The PHP
operated efficiently and achieved effective heat
transfer and dissipation under environmental
temperature and battery heat generation.

However, there is lack of research on the
utilization of PHP for cooling the electric motors.
Zhu et al. [3] proposed a novel cooling solution
based on a 3D rotational oscillating heat pipes
(ROHP), designed for cooling the rotor part of the
motor, for urban electric vehicles, which depends on
the gravity, centrifugal force and cooling air
generated by motor rotation. The experimental
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study consisted of two stages: theoretical study and
application feasibility study. The theoretical study
revealed the influence mechanism of rotation on
ROHP performance, while the application
feasibility study verified the heat dissipation
capacity of the ROHP under real driving cycles. It
was concluded that ROHP can be used to dissipate
heat and maintain the temperature of the permanent
magnet in an in-wheel motor under different heating
powers and rotation speeds. In a similar study,
Czajkowki et al. [4] focused on flower shaped
oscillating heat pipes (FSOHP). The experimental
set-up consisted of 8 horizontal bends on the bottom
(evaporator) and the top (condenser) connected by a
1.1 m long vertical quasi-adiabatic section of
capillaries filled with deionized water. The study
examined various rotational speeds and heat loads,
with different filling ratios. The results showed that
a higher temperature amplitude in rotary system
associated with obtaining the appropriate level of
pressure required to cause the slug-plug internal
displacement flow, directly affecting the increase in
flow rate of the working fluid and the heat transport
capabilities of the FSOHP improved as the
centrifugal acceleration increased. Other studies
focused on the cooling of the stator, A Prianingsih
et al. [5] investigated the thermal performance of
pulsating heat pipes cooling the stator of an e-motor.
The pulsating heat pipes were made of a copper
capillary tube, using acetone as a working fluid with
a filling ratio of 0.5 and were able to decrease the
temperature of the outer surface of the e-motor by
84.05 K. The thermal resistance was 0.21 K/W
when subjected to a heat load of 120 W. J.F.
Bonnenfant [6] conducted an experimental study to
assess the efficiency of a pulsating heat pipes in
cooling the stator of a motorized turbomachine. The
PHP consisted of 24 branches with an internal
diameter of 2.4 mm. Acetone, ethanol and N-
pentane were used as working fluids at varying
filling ratios, in three different inclinations. It was
demonstrated that the thermal conductance rose by
six times more compared to the conductive ones,
also that the presence of the PHP increases by a
factor of 20 to 25 the pure diffusive situation.
Previous research demonstrated the ability of the
PHP in cooling e-motors. The present study focuses
on the evaluating of the thermal performances of a
novel design pulsating heat pipes developed by
Calyos S.A,, initially for the cooling of a stator of an
unmoving industrial device in horizontal position.
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2. Experimental apparatus and procedure

The pulsating heat pipe, investigated in this study,
was made out of ten individual sections, each
considered on its own a PHP, and is composed from
an evaporator, an adiabatic and condenser segments,
as illustrated in Figure 1, which were then
assembled into a cohesive cylindrical structure,
designed specifically to fit seamlessly with the stator
design, and were connected to ensure the flow of the
working fluid. Figure 2 represents the final
configuration of the PHP after the assembly of its
sections.

Evaporator

N

Adiabatic
segment

Figure2. Final configuration of the PHP after the
assembly of ten sections.

The tube of the PHP is made out of copper and is
partially filled (38 % FR) with R1233zd(E). The
selection of this refrigerant as the working fluid is
based on its dielectric properties, low boiling point
of 18.3 °C, and decreased latent heat. These
characteristics make it an ideal choice for cooling e-
motors. Due to its low Global Warming Potential
(GWP=1) and Ozone Depletion Potential (ODP=1),
it is a highly favorable option in terms of ecological
and environmental friendliness.

The evaporator tube was 3D printed in a
rectangular cross section shape with smooth inner
surface, and is divided into four channels each have
a hydraulic diameter of 1.75 mm, which was
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selected to not exceed the critical diameter. Each
evaporator span a length of 185.30 mm and a width
of 11 mm. The adiabatic and condenser segment
both features a circular cross section and are
composed from two types of tubes, one with inner
smooth surface with a 4 mm inner diameter, the
other with grooved inner surface and a diameter of
4.58 mm. The tube at the condenser are equipped
with twenty five cooling fins and were made out of
aluminum, with a thickness of a 1 mm and the
spacing betweenis 1.2 mm.

To simulate the heat losses from the stator, ten
cartridge heaters were utilized to heat up the
evaporator. A fan capable of delivering six different
air velocities is connected to the condenser through
an air duct measuring 175 cmin length and 9.8 cm
in diameter. A flow straightener is incorporated to
ensure uniform air distribution. The experimental
test bench is illustrated in the Figure 3 below.

Power supplier /

——
s —

,,,,, A

Figure 3. Experimental test-bench.

The thermal performance of the PHP is
determined with thermocouples located on the three
sections. Six thermocouples are utilized on the
evaporator segment, and are positioned on an
alternating basis among the other segments. On the
adiabatic  and  condenser  segment, five
thermocouples were positioned in the same way as
the evaporator, with the addition of three
thermocouples on the condenser, two on the back
and front fins and one was added on the turns of the
condenser. Figure 4 represents the positioning of

the thermocouples on the three segments of the PHP.
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Figure 4. Thermocouples  position,  red

(evaporator), orange (adiabatic section), blue
(condenser), green (fins).

Monitoring the evolution of the overall thermal
resistance Rthtot of the system, the thermal
resistance of the evaporator Rthev and the condenser
Rthcondg, are calculated as follows:

_ TEv_Tuir
RthTOt - Heat Power (1)
Rthg, = £ —T4d_ )

Heat Power

RthCand = Laa—Tatr (3)

Heat Power

Where the Tg,,Taq represent the average
temperature at the evaporator and the adiabatic
segment, respectively.

3. Results and discussion

A series of tests were conducted to examine
the parameters affecting the performance and
efficiency of the PHP under varied operating
conditions, with a fixed inclination of 0°
(horizontal). These elements include heat input
and varying airflow.

3.1. Influence of heat input

The objective of this set of tests was to analyze
the temperature profiles and performances of the
PHP under a constant airflow rate while varying
the heat input. The heat input was varied
incrementally from the value of 200 W to the value
of 1000 W and vice versa.

Figure 5 represents the temperature profile of
the PHP at different heat power input and
volumetric airflow of 55.8 dm?3/s. The evaporator
temperature reached a steady-state value at each
heat input level, except for 800 W. The
oscillations began at the lowest heat input and
increased as the heat input rose, becoming
stabilized in the steady state regime and achieving
a stable operating mode. At 800 W, a partial dry-
out occurred, indicated by a noticeable change in
the temperature profile and more pronounced
oscillation amplitudes, likely due to the presence
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of more bubbles in the evaporator section, which
increased the temperature difference between the
evaporator and condenser. The presence of
oscillations from the lowest heat input level and
their increasing amplitude with higher heat inputs
demonstrate the dynamic nature of the PHP and its
response to varying thermal loads. The steady
state temperatures further indicate the stability of
the PHP and reflects its effectiveness in
maintaining the motor at a stable operating
temperature, which is crucial for preventing
overheating and ensuring performance and
longevity of the motor. This can be shown by the
observation that the temperature in the evaporator
section remained below 88 °C, even under the
highest power conditions. The temperature over
the whole evaporator portion was consistent, as
indicated by the readings from all the
thermocouples. The thermal uniformity observed
indicates the absence of any hotspots, thereby
verifying the efficient connection and effective
dissipation of heat throughout all segments of the

PHP.
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Figure 5. Temperature profile of the PHP at
different heat input for a volumetric air flow of
55.8 dmd/s.

Thermal resistance was shown in Figure 6; it
remained almost stable as the heat power
increased up to 800 W. Beyond this point, a
sudden increase in the thermal resistance of the
evaporator was observed, leading to an overall
increase in the total thermal resistance. This abrupt
rise is attributed to the partial dry-out occurring at
the 800 W heat input, which disrupts the efficient
heat transfer process. Despite this, the overall
thermal resistance remained under 70 K/kW. This
low thermal resistance also highlights the system
overall energy efficiency.
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Figure 6. Thermal Resistance vs. Heat Input at a
constant volumetric airflow of 55.8 dm3/s.

3.2. Influence of airflow rate

Toinvestigate the influence of the airflow rate
on the PHP performance, we conducted a test
where the heat power was fixed at 800 W, while
varying the airflow rate from highest to lowest
(55.8 dm3/s to 23.3 dm3/s). As we reduced the air
velocity, there was a slight increase in the
evaporator temperature as illustrated in Figure 7,
and the oscillation amplitudes became more
pronounced. At volumetric flow rate 23.3 dm? /s,
complete dry-out occurred, and the oscillations
ceased, marking a limit in the performance of the
PHP at low airflow rate. The temperature of the
evaporator in the volumetric airflow of 55.8 m3/s,
48.2 dmds and 38.4 dm?d/s exhibited few
fluctuations and remained nearly constant and
didn’t surpass the 85 °C. This suggests that the
device has the ability to efficiently cool a
maximum of 800 W, even when the airflow is at a
moderate level. It is capable of achieving this
without  experiencing  overheating or the

development of localized areas of high
temperature on the evaporator part.
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