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Welcome messages 

 

Dear distinguished guests, esteemed researchers, and participants, 

It is my great honor, as a Member of Parliament representing Nakhon Pathom Province, to extend 

a warm welcome to all of you at the 22nd International Heat Pipe Conference and 16th International 

Heat Pipe Symposium (22IHPC & 16IHPS). This prestigious gathering of minds in the fields of heat 

pipe research and thermal technology brings together scholars, scientists, and experts from across 

the globe. We are truly delighted to host this significant event here in our province. 

Nakhon Pathom is a province rich in culture, history, and innovation. Over the years, we have 

worked tirelessly to develop our infrastructure and facilities to support global events like this. Our 

goal is to establish Nakhon Pathom as a new hub for international academic conferences. We 

believe that through events like 22IHPC & 16IHPS, we can demonstrate our capability and 

readiness to become a center of knowledge exchange, collaboration, and academic excellence on 

the world stage. 

We hope that this conference will not only foster fruitful discussions and groundbreaking 

discoveries but also provide you with an opportunity to experience the charm and hospitality of our 

province. 

Once again, welcome to Nakhon Pathom, and I wish you all a successful and inspiring conference. 

Thank you. 

Dr. Panuwat Sasomsap,  

Member of Parliament for Nakhon Pathom Province, THAILAND 
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Welcome Messages 

 

I still remember when the 6IHPS-2000 has been successfully organized in Chiang Mai Thailand 

with great appreciation of research exchanging as well as our northern Thai culture and cuisine in 

November 2000. By this special occasion of the 22nd IHPC and 16th IHPS here in Silpakorn 

University, Nakhon Prathom Province, we, in the same manner, cordially welcome all participants 

in this conference. We wish this occasion of exchange of research information will be in a friendly 

environment among variety of expert researchers, scientists and engineers from different 

institutions and industries around the world.  Moreover, an unforgettable experience in several 

activities, nature, cultural, performance and Central Thai food in this beloved province of Nakhon 

Prathom can be unforgettable. The city represents Dvaravati civilization that once flourished here 

in the central plain of Thailand. The name Nakhon Prathom technically means the very first city 

here in this land. Silpakorn University (SU) is firmly established in this very first city of Nakhon 

Prathom. SU was originally established as the School of Fine Arts under the Fine Arts Department 

in 1933. Its inception and development owed much to an almost lifetime devotion of Professor 

Silpa Bhirasri, an Italian sculptor with original name of Corrado Feroci, who was commissioned 

during the reign of King Rama VI to work in the Fine Arts Department. SU presents its vision as a 

leading university in fostering creativity and integrating science and arts for the sustainable 

development of society. 

I, therefore, would like to declare that on this occasion of 22IHPC and 16IHPC, we, on behalf of 

SU, will foster science and engineering for the sustainable development of our world. Let us, I 

mean all of you participants, contribute this fostering through out the 22IHPC and 16IHPS in this 

special week of November. Again, ladies and gentlemen, let me cordially welcome you all to our 

international Heat Pipe Conference. 

Prof.Pradit Terdtoon 

Honorary Chair of Local Organizing Committee 
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Welcome messages 

 

Dear Conference Participants, 

On behalf of the organizing committee, it is my great honor, as the Chairman of the Joint 22nd IHPC 

(International Heat Pipe Conference) and the 16th IHPS (International Heat Pipe Symposium), to 

warmly welcome researchers, academics, and experts from around the world to this significant 

conference, which will be held from November 24 to 28, 2024, in Nakhon Pathom, Thailand. 

Thailand is rich in diverse cultures and a long history that harmoniously blends art, architecture, 

traditions, and a unique way of life. Hosting this conference here not only provides an opportunity 

for academic knowledge exchange but also offers a wonderful chance for all attendees to 

experience the charm of Thai culture, whether through exquisite Thai cuisine, the beauty of Thai 

music, or the breathtaking landscapes and cultural heritage sites. 

This conference is an important platform for presenting research and exchanging the latest 

knowledge in heat pipes, heat transfer, and energy management. We aim to foster innovative 

solutions that meet current industrial demands and establish sustainable collaborations among 

researchers and experts worldwide. 

As the chairman, I sincerely thank everyone for their participation. I hope each of you will gain 

invaluable insights from the conference and enjoy the richness of Thai culture. May this event be 

a successful gathering that promotes knowledge exchange and fosters sustainable innovations. 

Best regards, 

Asst. Prof. Dr. Nattawut Tharawadee 

Chairman of Local Organizing Committee 
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Curriculum Vitae of Prof. Aliakbar Akbarzadeh 

 

Founder and Past Leader of the Energy Conservation and Renewable Energy Group 

School of Engineering, RMIT University, Melbourne, Australia 

Aliakbar was born in Iran. He completed his schooling in Mashhad and received his BSc in 

Mechanical Engineering from Tehran University, Iran (1966). Later, he earned his MSc (1972) 

and PhD (1975) from the University of Wyoming, USA. Over the past 50 years, he has held 

academic positions at Shiraz University, the University of Melbourne, UC Berkeley, and RMIT 

University in Melbourne, Australia. 

In 1988, Aliakbar established the Energy Conservation and Renewable Energy Group in the 

School of Engineering at RMIT University, where he was its leader until his retirement in 2020. 

He supervised approximately 40 PhD candidates to completion and has authored over 200 

refereed publications and four books, accumulating more than 7,000 citat ions.  A 

thermodynamicist, Aliakbar’s research interests span a wide range of areas, including the use of 

salinity gradient solar ponds as a source of industrial process heat, the application of 

thermoelectric generators for power generation from waste heat and renewable sources, and the 

use of heat pipes for cooling electric and electronic devices. His pioneering work on developing 

heat pipe heat exchangers for waste heat recovery systems in bakeries earned him the Australia 

National Energy Award in 1992. 

Many of the PhD students he trained now work for companies manufacturing computer 

components and their cooling devices, or as academics in engineering schools in Australia, 

Thailand, Iran, and Saudi Arabia. Aliakbar has been an active participant in International Heat 

Pipe Symposia and International Heat Pipe Conferences, chairing the first IHPS held outside of 

Japan in 1991. He also served as the Honorary Chair of the joint IHPC/IHPS in 2022, held in 

Melbourne, Australia. 

After more than 50 years in academia, Aliakbar retired in 2020 to focus on voluntary work, 

studying philosophy, and playing music. He is currently an Honorary Professor at RMIT 

University, mentoring younger academics. Aliakbar is blessed with a supportive partner, Nasrin, 

two children, their spouses, and two grandchildren. As a volunteer, he supports several not-for-

profit organizations dedicated to the care of the elderly and the welfare of refugees and newcomers 

to Australia. 
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Curriculum Vitae of Prof. G. P. "Bud" Peterson 

 

G. P. “Bud” Peterson is currently President Emeritus and Regents Professor in the Woodruff 

School of Mechanical Engineering at the Georgia Institute of Technology.  He served as the 11th 

president of Georgia Tech from April 1, 2009 through August 31, 2019. Under his leadership 

Georgia Tech exceeded the $1.5 billion goal for Campaign Georgia Tech by 20%, grew innovative 

collaborations and strategic partnerships, expanded the campus infrastructure, and increased 

national and global visibility.  

Prior to joining Georgia Tech, he served as Chancellor at the om the University of Colorado at 

Boulder, where he served as Chancellor. Prior to that he s Chancellor at CU, he served as provost 

for six years at Rensselaer Polytechnic Institute (RPI) in New York, where he played a key role in 

the institutional transformation and the dramatic improvement in the faculty’s quality, size, and 

diversity; and at Texas A&M University for 19 years, where he held a number of leadership 

positions, including Associate Vice Chancellor for Engineering for the Texas A&M University 

System, Executive Associate Dean of Engineering, and Head of the Department of Mechanical 

Engineering. Prior to his service at Texas A&M, he served as a visiting research scientist at 

NASA-Johnson Space Center in Houston, Texas. 

Throughout his career, Peterson has played an active role in helping to establish the national 

research and education agendas, serving as a member of a number of congressional task forces, 

research councils, and advisory boards, including the Office of Naval Research (ONR), the 

National Aeronautics and Space Administration (NASA), the Department of Energy (DOE), the 

National Research Council (NRC), and the National Academy of Engineering (NAE). In addition, 

he has served as a member of the Board of Directors of the American Institute of Aeronautics and 

Astronautics (AIAA),  a member of the Board of the Association of Public and Land -grant 

Universities (APLU), a member of the Executive Committee of the Association of American 

Universities (AAU), a member of the Board of Directors of the American Council on Education 

(ACE), and currently serves on the AIAA Board of Trustees, a member of the Knight Commission 

on Intercollegiate Athletics, and Chair of the NCAA Board of Governors. 

A distinguished scientist, he was appointed in 2008 by President George W. Bush to the National 

Science Board (NSB), which oversees the NSF and advises the President and Congress on matters 

related to science and engineering research and education, and in 2014 was reappointed to the 

board by President Barack Obama. He has served on the U.S. Council on Competitiveness, the 

National Advisory Council on Innovation and Entrepreneurship (NACIE), and was appointed by 

President Obama to the the Advanced Manufacturing Partnership (AMP) 2.0 Steering Committee.  
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In 2018 he was appointed by Vice President Mike Pence to the National Space Council – User 

Advisor Group. 

Peterson's research interests have focused on the fundamental aspects of phase-change heat 

transfer, including the heat transfer in reduced-gravity environments, boiling from enhanced 

surfaces, and some of the earliest work in the area of flow and phase-change heat transfer in 

micro/nanochannels. Early investigations focused on applications involving the thermal control of 

manned and unmanned spacecraft and progressed through applications of phase-change heat 

transfer, to the thermal control of electronic components and devices. His current research 

includes fundamental applications of phase-change heat transfer to the field of biotechnology; 

including the in-situ treatment of cancerous tissue using hypo- and hyper-thermia to arrest 

epileptic seizures through the rapid cooling of localized brain tissue; the cooling of the leading 

edges of hypersonic vehicles utilizing phase-change processes; and heat dissipation from personal 

and wearable technologies. 

He is a fellow of both the American Society of Mechanical Engineers and the American Institute 

of Aeronautics and Astronautics and is the author or co-author of 17 books or book chapters, 260 

refereed journal articles, and 145 conference publications. He has 22 patents, with two others 

pending.   

Peterson earned a bachelor's degree in Mechanical Engineering, a second bachelor's degree in 

Mathematics, and a master's degree in Engineering, all from Kansas State University. He earned a 

Ph.D. in Mechanical Engineering from Texas A&M University. He and his wife, Val, have four 

adult children, two of whom are Georgia Tech alumni and eight grandchildren. 
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History of the International 

Heat Pipe Conference (IHPC) 

No LOCATION YEAR 

1st IHPC Stuttgart, Germany 1973 

2nd IHPC Bologna, Italy 1976 

3rd IHPC Palo Alto, USA 1978 

4th IHPC London, UK 1981 

5th IHPC Tsukuba, Japan 1984 

6th IHPC Grenoble, France 1987 

7th IHPC Minsk, Belarus 1990 

8th IHPC Beijing, China 1992 

9th IHPC Albuquerque, USA 1995 

10th IHPC Stuttgart, Germany 1997 

11th IHPC Tokyo, Japan 1999 

12th IHPC Moscow, Russia 2002 

13th IHPC Shanghai, China 2004 

14th IHPC Florianopolis, Brazil 2007 

15th IHPC Clemson, USA 2010 

16th IHPC Lyon, France 2012 

17th IHPC Kanpur, India 2013 

 

 

 

 

 

 

 

 

 

 

 

 

 

History of the International  

Heat Pipe Symposium (IHPS) 

No LOCATION YEAR 

1st IHPS Tokyo, Japan 1985 

2nd IHPS Osaka, Japan 1987 

3rd IHPS Tsukuba, Japan 1988 

4th IHPS Tsukuba, Japan 1994 

5th IHPS Melbourne, Australia 1996 

6th IHPS Chiangmai, Thailand 2000 

7th IHPS Jeju, Korea 2003 

8th IHPS Kumamoto, Japan 2006 

9th IHPS 
Kuala Lumpur, 

Malaysia 
2008 

10th IHPS Taipei, Taiwan 2011 

11th IHPS Beijing, China 2013 

 

History of the Joint International 

Heat Pipe Conference and 

International Heat Pipe Symposium 

(IHPC&IHPS) 

No LOCATION YEAR 

18th IHPC and 

12th IHPS 
Jeju, Korea 2016 

19th IHPC and 

13th IHPS 
Pisa, Italy 2018 

20th IHPC and 

14th IHPS 

Gelendzhik, 

Russia 
2021 

21st IHPC and 

15th IHPS 

Melbourne, 

Australia 
2023 
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International Committee Members 

Honorary Chairperson 

Prof. M. Groll, Stuttgart, Germany 

 

Past-Chairpersons 

Prof. J. Bonjour, Lyon, France (interim chairperson) 

Prof. Y. Maydanik, Ekaterinburg, Russia 

 

Chairperson 

Prof. S. Khandekar, Kanpur, India (deceased) 

 

Members 

Prof. J. H. Boo, Seoul, Korea 

Assoc. Prof. A. Date, Melbourne, Australia 

Prof. S. Filippeschi, Pisa, Italy 

Prof. S. W. Kang, Taipei, Taiwan 

Prof. M. Mantelli, Florianopolis, Brazil 

Prof. M. Marengo, Pavia, Italy 

Prof. H. Nagano, Nagoya, Japan 

Prof. J. M. Ochterbeck, Clemson, USA 

Prof. K. S. Ong, Kuala Lumpur, Malaysia 

Prof. W. Qu, Beijing, China 

Assoc. Prof. N. Soponpongipat, Nakhon Pathom, Thailand 

Mr. W. Supper, Leiderdorp, Netherlands 

Prof. L. L. Vasiliev, Minsk, Belarus 
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Local Committee Members 

Honorary Chair 

Prof. Dr. Pradit Terdtoon, Chiang Mai University 

Chair 

Asst. Prof. Dr. Nattawut Tharawadee, Silpakorn University 

Co-chair 

Assoc. Prof. Dr. Nitipong Soponpongppipat, Silpakorn University 

Members 

Assoc. Prof. Dr. Pracha Yuenyongkul Rajamangala, University of Technology Lanna 

Assoc. Prof. Dr. Piyanan Charoensawan, Naresuan University 

Asst. Prof. Dr. Kridsadakorn Budachan, King Mongkut's University of Technology North 

Bangkok 

Assoc. Prof. Dr. Phrut Sakulchangsajathai, Chiang Mai University 

Dr. Tanad Katapradit, Engineo Co.LTD. 

Assoc. Prof. Dr. Niti Kammuang-Lue, Chiang Mai University 

Dr. Sura Tandee, Rajamangala University of Technology Isan 

Asst. Prof. Dr. Narong Srihajong, Rajamangala University of Technology Isan 

Asst. Prof.Surapin Phromdan Rajamangala, University of Technology Lanna 

Dr. Nat Thuchayapong, Silpakorn University 

Asst. Prof. Dr. Weeranut Intagun, Silpakorn University 

Dr. Paisan Comsawang, Silpakorn University 

Advisory committee 

Prof. Budsaba Kanoksilpatham, Silpakorn University 
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List of Session Topics 

S1 Fundamental studies on thermal-fluid phenomena associated with heat pipes and closed 

two-phase thermosyphons 

S2 Theoretical and experimental studies on heat pipes and thermosyphons, including 

capillary pumped loops (CPL), loop heat pipes (LHP), oscillating (or pulsating) heat pipes 

(OHP-PHP), mini-micro-heat pipes, etc. 

• S2A is a session on Pulsating Heat Pipe (PHP) 

• S2B is a session on Loop Heat Pipe (LHP) 

• S2C is a session on Heat Pipe and Vapor Chamber (HP&VC) 

• S2D is a session on Thermosyphon (TS) 

S3 Electronics and battery cooling applications, including thermal control of microelectronics 

and power electronics, cooling of CPU, LED system. 

S4 Heat pipe and thermosyphon applications in energy industry, including heat exchangers, 

new and renewable energy systems, etc. 

S5 Aerospace applications of heat pipes, including spacecraft thermal control, space power 

systems, aircraft thermal control, avionics cooling, etc. 

S6 Heat pipes for special applications, including biomedical instruments, precision 

metrology, agricultural facilities, environmental systems, etc. 

S7 Manufacturing processes and material processing associated with heat pipes and 

thermosyphons, including new developments of wicks, working fluids, materials, 

modeling of corrosion and life tests 

S8 State-of-the-art heat pipe development and applications, novel ideas of heat pipe 

development 
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Detailed Program Schedule of Parallel Sessions 

Day 1 (Sunday) November 24, 2024 

10:00-17:00 
-Registration and Welcome Party 

-Service Van Available at Suvarnabhumi Airport 

Day 2 (Monday) November 25, 2024 

8:30-10:10 Open Ceremony, MC : Prof. B. Kanoksilpatham, Silpakorn University 

10:10-10:20 Coffee Break 

 Oral presentations - Parallel sessions 

 
Room 1 Chair: Prof.M. Marengo 

  Co-Chair: Dr.P. Sakulchangsajathai 

10:20-10:40 

[ID003-S2B] Copper-Water Loop Heat Pipes with Flat Evaporators: 

Development, Tests and Application 

Yury F. Maydanik, Sergey V. Vershinin and Maria A. Chernysheva 

10:40-11:00 

[ID012-S2B] Visualization of vapor-liquid interface in vapor grooves of 

loop heat pipe 

Xue Zhou, Lingji Hua, Nanxi Li, Zhenhua Jiang, Yan Lu 

11:00-11:20 

[ID040-S2B] Numerical and experimental study on heat and mass transfer 

in the secondary wick of a loop heat pipe 

Le Liu, Zhenhua Jiang, Bo Shao, Bingyao Lin, Nanxi Li and Deping Dong 

11:20-11:40 

[ID049-S2B] Thermal Vacuum Testing of Loop Heat Pipe Controlled by 

Electrohydrodynamic Conduction Pump 

Genki Seshimo, Masahito Nishikawara, Takeshi Miyakita and Hiroshi 

Yokoyama 

11:40-12:00 

[ID081-S2B] Measurement of Impact Force of Geyser Boiling in Two-

Phase Closed Thermosyphon  

JinHyeuk Seo and Jungho Lee 

 Room 2 Chair: Prof.J. Bonjour 

  Co-Chair: Dr.P. Yuenyongkul 

10:20-10:40 

[ID005-S7] Experimental Investigation of the Structure of SiC Porous 

Ceramic in Application to LHP Evaporator Working in Medium-

Temperature Heat Rejection Systems 

Pawel Szymanski, In-Hyuck Song, Jae-Ho Jeon, Piotr Radomski, Tadeusz 

Miruszewski and Dariusz Mikielewicz 

10:40-11:00 

[ID015-S7] Heat transport characterization of a loop heat pipe with 

primary/secondary wick-integrated evaporator by additive manufacturing 

Yuki Akizuki, Kimihide Odagiri, Hiroshi Yoshizaki, Masahiko Sairaiji, Hosei 

Nagano and Hiroyuki Ogawa 

11:00-11:20 

[ID029-S7] Development of a Vapor Chamber with Hybrid Wick Structure 

by Additive Manufacturing Technology 

Yawei Xu, Hongxing Zhang, Jinyin Huang and Jianyin Miao 

11:20-11:40 

[ID033-S7] Novel Ultra-Thin Vapor Chambers with Composite Triple 

(Mesh, Grooves and Powders) Wicks Having Cooling Capacity of 860 W 

under 40 × 40 mm2 Heating 

Shwin-Chung Wong, Chih-Yuan Fu, Lian-Qi Huang, Ting-Yun Kuo, Jo-Ting 

Tang, Chih-Chao Hsu and Chung-Yen Lu 
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11:40-12:00 

[ID047-S7] Numerical investigation of the hierarchical micro pore-channel 

composite evaporator for high-performance heat dissipation devices 

Jiaxi Du, Jialin Liang, Binjian Ma, Huizhu Yang, Yue Yang and Yonggang 

Zhu 

12:00-13:00 Lunch 

 
Room 1 Chair: Prof.A. Pattamatta 

  Co-Chair: Dr.N. Kammuang-Lue 

13:00-13:20 

[ID085-S2B] Modeling Ultra-Thin Flat Loop Heat Pipes using a 1-D 

Lumped Parameter Approach 

Marco Bernagozzi, Kelvin Guessi Domiciano, Larissa Krambeck, Marcia B. 

H. Mantelli and Marco Marengo 

13:20-13:40 

[ID090-S2B] Fabrication Procedures and Experimental Study of a Sodium 

Rod-Plate Heat Pipe 

Elvis Falcão de Araújo, Alice Toledo de Castro, Juan Pablo Flórez Mera, 

Luis H.R. Cisterna and Marcia Barbosa Henriques Mantelli 

13:40-14:00 

[ID093-S2B] Experimental studies on startup behavior of cylindrical 

evaporator nickel bi-porous wicked miniature loop heat pipe 

Toni Kumari, Chandan Nashine and Manmohan Pandey 

14:00-14:20 

[ID128-S2B] Multievaporator Cold Plate (MECOP) Heat Loop 

characterization with butane and R134a 

Luka Ivanovskis, Igors Ušakovs, Donatas Mishkinis,Marco Gottero, Albino 

Quaranta and Stéphane Lapensée 

 
Room 2 Chair: Prof.P. Terdtoon 

  Co-Chair: Dr.P. Yuenyongkul 

13:00-13:20 

[ID004-S2C] Start-up characteristics of a high-temperature liquid metal 

heat pipe with fins: An experimental study 

Zhi-Hu XUE, Yin Yu and Wei Qu 

13:20-13:40 

[ID011-S2C] Thermal Performance Evaluation of Tower Type Vapor 

Chamber 

Harutoshi Hagino, Phan Thanglong, Tsuyosi Koshio, Yuji Saito and Yoji 

Kawahara 

13:40-14:00 

[ID013-S2C] Temperature Uniformity Characteristics of a Sodium Heat 

Pipe-Based Isothermal Heat Pipe Liner 

Eunsueng An, Kyungsoo Park, Pyungsoon Kim, Wukchul Joung 

14:00-14:20 

[ID017-S2C] The effect of gradient structure wick on the heat transfer 

performance of polyurethane flexible flat heat pipe 

Hongling Lu, Li Jia, Liaofei Yin and Chao Dang 

14:20-14:40 Coffee Break 

 
Room 1 Chair: Prof.A. Pattamatta 

  Co-Chair: Dr.N. Kammuang-Lue 

14:40-15:00 

[ID021-S2A] Mono-sized Cryogenic Pulsating Heat Pipe Operational with 

both Neon and Helium – an Experimental Study 

Tisha Dixit, Gilles Authelet, Charles Mailleret, Florian Gouit, Vadim 

Stepanov and Bertrand Baudouy 

15:00-15:20 
[ID024-S2A] Advancements in Commercialization of Oscillating Heat Pipes 

Corey A. Wilson 
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15:20-15:40 

[ID043-S2A] Visualization Study of a Unique Heat Transfer Mechanism in 

an Ultra-Low Fill Rate Heat Pipe with a Single Serpentine Channel 

Resembling Pulsating Heat Pipes 

Koji FUMOTO, Kento OKUBO, Shotaro OSHIMA, Asami HATAMOTO, 

Keisuke KURITA, Isao HARAYAMA and Hiroshi IIKURA 

15:40-16:00 

[ID080-S2A] Heat Transfer Characteristics of Oscillating Heat Spreader 

with Petal-shaped Topological Channel Layout 

Guoqing Zhou, Ziang Li and Jian Qu 

 Room 2 Chair: Prof.P. Terdtoon 

  Co-Chair: Dr.P. Yuenyongkul 

14:40-15:00 

[ID22-S2C] Development of Cryogenic Methane Constant Conductance 

Heat Pipe 

Sandeep Hatte, Kuan-Lin Lee and Calin Tarau 

15:00-15:20 

[ID064-S2C] Experimental study of heat transfer characteristics of bent 

high-temperature heat pipe 

Zhipeng Zhang, Hongyu Yang, Chenglong Wang, Kailun Guo, Wenxi Tian, 

Suizheng Qiu and Guanghui Su 

15:20-15:40 

[ID067-S2C] Visualization Experiments and Numerical Analyses of Ultra-

thin Heat Pipes Using a Wick Structure with Non-uniform Shape 

Yasushi Koito, Junichi Akiyama and Hiroto Ueno 

15:40-16:00 

[ID088-S2C] An Experimental Investigation of Aluminum/Ammonia Heat 

Pipe with Rectangular Smooth Edge Axial Groove Wick 

Amawasee Rukruang, Sajad Mishkhas, Meng-Hao Chen, Tzu-Hui Yu, Yen-

Ting Chen, Jong-Shinn Wu, Piyatida Trinurak, Somchai Wongwises and 

Chi-Chuan Wang 

16:00-16:20 
[ID131-S2C] The Heat Pipe with Variable Size of Pores 

V.V. Cheverda, A.A. Lukyanov and I.S.Vozhakov 

16:20-18:00 Free time 

18:00-20:00 Dinner 

Day 3 (Tuesday) November 26, 2024 

 Oral presentations - Parallel sessions 

 Room 1 Chair: Prof.M. Mantelli 

  Co-Chair: Dr.T. Khamdaeng 

9:00-9:20 

[ID083-S2A] Novel Pulsating Heat Pipe Composed of Wire-Plate Grooves 

Larissa Krambeck, Kelvin Guessi Domiciano, Kênia Warmling Milanez and 

Marcia Barbosa Henriques Mantelli 

9:20-9:40 

[ID097-S2A] Experimental study of low cost extruded aluminum profiles as 

pulsating heat pipes for long distance heat transfer 

Claus Brede, Stefan Becker and Florian Schwarz 

9:40-10:00 

[ID103-S2A] Detection and Measurement of Non-Equilibrium States in 

Pulsating Heat Pipes 

Mauro Mameli, Mauro Abela, Davide Della Vista and Sauro Filippeschi 

10:00-10:20 

[ID104-S2A] Deployable Pulsating Heat Pipe: Experiments on Ground and 

onboard Parabolic Flight 

Roberta Perna, Mauro Mameli, Maksym Slobodeniuk, Luca Pagliarini, 

Cyril Romestant, Vincent Ayel and Fabio Bozzoli and Sauro Filippeschi 
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Room 2 Chair: Prof.W. Supper 

  Co-Chair: Dr.P. Charoensawan 

9:00-9:20 

[ID045-S3] Study on On-Board Inverter Cooling Loop Heat Pipe for 

Electronic Vehicles 

Makoto Kamata, Yuta Shimada, Noriyuki Watanabe, Shinobu Aso, Kazuki 

Sadakata, Shigeyuki Tanabe and Hosei Nagano 

9:20-9:40 

[ID069-S3] Experimental study of pulsating heat pipes for cooling the stator 

of an electrical machine 

Halima Aziza, Riadh Boubaker, Safouene Ouenzerfi, Naoko Iwata, Vincent 

Dupont, Souad Harmand 

9:40-10:00 

[ID084-S3] Electric Vehicle Battery Cooling via Loop Heat Pipes coupled 

with Underbody Aerodynamics 

Marco Bernagozzi, Marco Marengo and Anastasios Georgoulas 

10:00-10:20 

[ID106-S3] Antiparallel Flat Plate Pulsating Heat Pipe for the Cooling of 

Electronic Enclosures 

Davis T Vempeny, Laxman Kumar Malla, Hemanth Dileep, Pankaj 

Srivastava, Pallab Sinha Mahapatra and Arvind Pattamatta 

10:20-10:40 Coffee Break  

 
Room 1 Chair: Prof.M. Mantelli 

  Co-Chair: Dr.T. Khamdaeng 

10:40-11:00 

[ID112-S2A] Comparative Study on Operational Characteristics of Polymer 

Pulsating Heat Pipes in Different Orientations 

Zhengyuan Pei and Yasushi Koito 

11:00-11:20 

[ID115-S2A] Effect of bending angle on the thermal performance of a 

polymeric flat plate pulsating heat pipe  

Marco Marengo, Ayse Candan Candere, Francois Clemens, Nicolas Miché, 

Marco Bernagozzi, Mehmet Saglam, Anastasios Georgoulas and Orhan 

Aydin 

11:20-11:40 

[ID132-S2A] Feasibility Study on the Application of a Novel Three-

Dimensional Structured Pulsating Heat Pipe  

Jongmin Jung and Yongseko Jeon 

11:40-12:00 

[ID133-S2A] The Effect of Unidirectional Circulation Mechanism of 

Asymmetric and Interconnecting Channels on the Heat Transfer 

Performance of Pulsating Heat Pipe 

Junseok Kim and Yongseok Jeon 

 
Room 2 Chair: Prof.W. Supper 

  Co-Chair: Dr.P. Charoensawan 

10:40-11:00 

[ID107-S3] Design and Evaluation of Remote Loop Thermosyphon for 

High Heat-flux 2U Servers 

Abdolmajid Zamanifard, Piyatida Trinurak, Somchai Wongwises and Chi-

Chuan Wang 

11:00-11:20 

[ID126-S3] Identifying Niche of Heat Pipe Technology in Electric Vehicle 

Battery Cooling Applications 

Randeep SINGH, Takeshi KOSHIO, Harutoshi HAGINO, Phan Thanh 

LONG, Tsuyoshi OGAWA, Tien NGUYEN, Masataka MOCHIZUKI, 

Thanudej AUSSAWINWONG, Charoenrath CHANSIRISATHAPORN and 

Kanokwan CHAICHANA 
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11:20-11:40 

[ID036-S6] Two-phase Thermosyphon with Horizontal Evaporator and 

Radiative Sky Cooling at the Condenser 

Aalekh Srivastava, Prem Kumar, Amrit Ambirajan, Pradip Dutta, Zubin 

Varghese, Rohith B L and Praveena Subrahmanya 

11:40-12:00 

[ID061-S6] Thermal performance of the geothermal thermosyphon for snow 

melting on paved roads 

Hyunmuk Lim, Seokjin Lee, Sukkyung Kang, and Jungho Lee 
12:00-13:00 Lunch 

 
Poster session 

Chair: Prof.S.W. Kang, Co-Chair: Dr.P. Charoensawan 

13:00-15:00 

[ID010] Pore Network Simulation for Design of Biporous Structures in 

Loop Heat Pipe Evaporators 

Masahito Nishikawara 

[ID032] Optimization of capillary structures for loop heat pipes based on 

multiscale carbonyl nickel powder 

Qi Wu, Guoguang Li, Zhichao Jia, Hanli Bi, Hongxing Zhang and Jianyin 

Miao 

[ID035] Experimental and Numerical Studies of a Loop Thermosyphon 

Prem Kumar, Jayant Kathuria, Aalekh Srivastava, Susmita Dash, Amrit 

Ambirajan and Pradip Dutta 

[ID050] Evaluation of Heat Transfer Characteristics in Pulsating Heat Pipes 

under Ultralow Filling Ratios: Effect of the Working Fluid Type 

Atsushi Shiokawa, Asami Hatamoto and Koji Fumoto 

[ID055] Spreading Thermal Resistance of Boiling-driven Heat Spreader 

Jung Chan Moc, Su Yoon Doh1 and Jungho Lee 

[ID062] Thermal Performance of Surface Characterization for Two-phase 

Immersion Cooling using HFE-7200 

Sanghyeon Shin and Jungho Lee 

[ID078] Thermal Performance Enhancement of Two-Phase Closed 

Thermosyphon by Thread Tapping inside the Evaporator 

Sukkyung Kang, Seokjin Lee and Jungho Lee 

[ID079] Experimental Study on Oscillating Heat Spreader with Topology 

Optimization Channels for the Cooling of Multiple Heat Source Electronics 

Ziang Li, Guoqing Zhou and Jian Qu 

[ID082] Thermal Performance of a LHP (loop heat pipe) for Ultra-high Heat 

Flux Cooling 

Hee Soo Myeong and Seok Pil Jang 

[ID102] Study of the Pool Boiling Heat Transfer Coefficient in a 

Thermosyphon 

Souza, Fernando Gonçalves, Ribeiro, Andreza Sousa, Pabon, Nelson Yurako 

Londoño1 and Mantelli, Marcia Barbosa Henriques 

[ID108] Pseudo steady state temperature predictions for a bottom heated 

pulsating heat pipe utilizing a correlation based tool 

K. Nandakumar Chandran, Kailash Choudhary, Jason Chetwynd-Chatwin, 

June Kee Min and Man Yeong Ha 
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[ID114] Current development of the thermal hydraulic code AC2/ATHLET 

for the high-temperature heat pipe simulation  

Daniel Eckert, Fabian Weyermann and Jörg Starflinger 

[ID125] Performance Evaluation of a Bi-porous Wicked Flat Miniature 

Loop Heat Pipe 

Chandan Nashine, Toni Kumari and Manmohan Pandey 

16:00-18:00 Woodland Museum 

18:00-21:00 Conference Banquet 

Day 4 (Wednesday) November 27, 2024 

9:00-9:20 

Keynote Lecture: Prof.G.P. Peterson 
Topic: An Historical Overview of the use of Heat Pipes in the Thermal 

Control of Hypersonic Vehicles 

Chair:  Prof.P. Terdtoon, Co-Chair: Prof.B. Kanoksilpatham  

9:20-9:40 Coffee Break 

 Oral presentations - Parallel sessions 

 
Room 1 Chair: Prof.M. Marengo 

  Co-Chair: Dr.P. Sakulchangsajathai 

9:40-10:00 
[ID054-S5] Reliable Startup and Continuous Oscillation Conditions of OHP 

Nagai Hiroki and Kawaguchi Ayumu 

10:00-10:20 

[ID073-S5] Experimental Study on thermal performance of a 3D printed 

Titanium-Water Heat Pipe 

Shuaiting Lu, Huizhi Wang, Yuandong Guo, Jinyin Huang, Jianyin Miao 

and Guiping Lin 

10:20-10:40 

[ID095-S5] Heat Transfer Performance of a Six-turn Pulsating Heat Pipe for 

Aeronautical Application under Vibration Environment  

Naoko Iwata, Vincent Dupont and Antoine de Ryckel 

10:40-11:00 

[ID044-S4] Numerical and Experimental Investigation of a 10 kW Flat-

Type LHP for Waste Heat Recovery 

Shawn Somers-Neal, Tatsuki Tomita, Noriyuki Watanabe, Ai Ueno, Hosei 

Nagano 

11:00-11:20 

[ID051-S4] Optimal Heat Pipe Operation for Efficient Latent Energy 

Exchanger 

Helen Skop and Darrell Klammer 

11:20-11:40 

[ID070-S4] Heat pipe assisted combined power generation and water 

desalination 

Oranit Traisak, Aliakbar Akbarzadeh and Abhijit Date 

11:40-12:00 

[ID124-S4] Heat transfer performance of a prototypically 8 m-long two-

phase closed thermosyphon for spent fuel pool passive cooling 

Sergio Iván Cáceres Castro, Rudi Kulenovic and Jörg Starflinger 

 
Room 2 Chair: Prof.J. Bonjour 

  Co-Chair: Dr.P. Yuenyongkul 

9:40-10:00 

[ID028-S8] Influence of the liquid lifting height on the performance of an 

inverted two-phase thermosyphon 

Ricardo Schneider Calomeno, Fernando Henrique Milanez and Marcia 

Barbosa Henriques Mantelli 
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10:00-10:20 

[ID030-S8] Experimental Study on Two-Phase Loop Driven by Osmotic 

Pressure and Capillary Force 

Hanli Bi, Zheng Peng, Chenpeng Liu, Zhichao Jia, Guoguang Li, Yuandong 

Guo, Hongxing Zhang and Jianyin Miao 

10:20-10:40 
[ID058-S8] The aluminum boiling-driven heat spreader  

Su-Yoon Doh, Junyoung Choi, Seung M. You and Jungho Lee 

10:40-11:00 

[ID071-S8] Low Pressure Drop Biomimetic Manifold Microchannels for 

Cooling Electronic Devices 

Keyi Huang, Guiping Lin, Kai Tang and Yuandong Guo 

11:00-11:20 

[ID087-S8] Thermal Characteristics of Concentric Annular Thermosyphon 

with Phase Change Material 

Weeranut Intagun, Paisan Comsawang, Nattawut Tharawadee 

and Nat Thuchayapong 

11:20-11:40 

[ID096-S8] Experimental investigation of the effect of the vibration on the 

operation of the direct contact condensation “box” component of a Capillary 

Jet Loop 

V. Dupont, C. Popper, M. Bertha, S. Hoffait and A. de Ryckel 

11:40-12:00 

[ID118-S8] Enhancing the Performance of Single-Loop Pulsating Heat Pipe 

by Creating a Novel Asymmetry 

Anoop Kumar Shukla and Subrata Kumar 

12:00-13:30 Lunch 

13:30-15:00 Wat Phra Kaew and Grand Palace 

15:30-19:30 ICONSIAM 

19:45-21:45 Dinner Cruise along Chao Phraya River 

Day 5 (Thursday) November 28, 2024 

9:00-9:20 

Keynote Lecture: Prof.N. Hirotaka 

Topic: Cryogenic Heat Pipes 

Chair:  Prof.P. Terdtoon, Co-Chair: Prof.B. Kanoksilpatham  

9:20-9:40 Coffee Break 

 Oral presentations - Parallel sessions 

 
Room 1 Chair: Prof.P. Terdtoon 

  Co-Chair: Dr.P. Sakulchangsajathai 

9:40-10:00 

[ID041-S1] Effect of evaporation and orientation on surface tension-induced 

liquid penetration in a porous medium 

Rampally Srirama, Chandra Murthy and Navneet Kumar 

10:00-10:20 

[ID048-S1] High-speed microscopic observation of thermo-fluid behavior 

in a porous wick under saturated vapor condition for loop heat pipes 

Taito Kato, Kimihide Odagiri, Yuki Akizuki, Hosei Nagano and Hiroyuki 

Ogawa 

10:20-10:40 

[ID105-S1] Two-phase Pressure Drop Experimental Study for Small 

Capillary Tubes 

Kelvin G. Domiciano, Mauro Mameli, Larissa Krambeck, Sauro Filippeschi 

and Marcia B. H. Mantelli 

10:40-11:00 

[ID025-S2D] Enhancing Condensation and Evaporation Performance in 

Two-Phase Closed Thermosyphons through Inner Surface Treatment: An 

Experimental Investigation 

Marc Kirsch, Rudi Kulenovic and Jörg Starflinger 
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11:00-11:20 

[ID026-S2D] Aluminum Loop Thermosyphon with two Evaporators and 

One Condenser for Electronic Cooling 

Leonard L. Vasiliev, Alexander S. Zhuravlyov, Alyona A. Gasparovich and 

Dmitry S. Sadchenko 

 
Room 2 Chair: Prof.M. Mantelli 

  Co-Chair: Dr.T. Khamdaeng 

9:40-10:00 

[ID092-S7] Experimental studies and analytical mathematical modeling of 

the evaporation rate of the sintered-grooved wick 

Wanchai Pileug, Pradit Terdtoon, Niti Kammuang-lue and Phrut 

Sakulchangsatjatai 

10:00-10:20 

[ID099-S7] Accommodating Thermal Stress in High-temperature Heat 

Pipes 

Longfei Hu, Bo Li, Wei Qu, Xiaoguang Luo, Jijun Yu, Bangcheng Ai and 

Mohan zhang 

10:20-10:40 
[ID109-S7] Additive Manufacturing of Vapor Chamber 

Chen K. L, Hsu S. C and Kang S. W 

10:40-11:00 

[ID110-S7] Numerical Simulation of Fluid Dynamics Characteristics in 3D 

printed TPMS Structures 

Senthilkumar S., Kishore Bhaskar S., Penubarthi Guru Varun, Chen K. L. 

and Kang S. W. 

11:00-11:20 

[ID111-S7] Experimental Investigation of An Air-Cooled Roll-Bond Flat 

Thermosyphon Module 

Mohsen Khandan Bakavoli, Piyatida Trinurak, Somchai Wongwises and 

Chi-Chuan Wang 

11:30-12:00 
Closing ceremony 

MC : Prof.B. Kanoksilpatham 

 



Joint 22nd International Heat Pipe Conference & 16th International Heat Pipe Symposium 

24th – 28th November 2024, Nakhon Pathom, Thailand 

XXIV 

 

List of papers 

Paper ID Title Author(s) Page 

ID003-S2B 

Copper-Water Loop Heat Pipes with 

Flat Evaporators: Development, Tests 

and Application 

Yury F. Maydanik, 

Sergey V. Vershinin, and 

Maria A. Chernysheva 

1 

ID005-S7 

Experimental Investigation of the 

Structure of SiC Porous Ceramic in 

Application to LHP Evaporator 

Working in Medium-Temperature 

Heat Rejection Systems 

Pawel Szymanski, In-

Hyuck Song, Jae-Ho Jeon, 

Piotr Radomski, Tadeusz 

Miruszewski and Dariusz 

Mikielewicz 

7 

ID010 

Pore Network Simulation for Design 

of Biporous Structures in Loop Heat 

Pipe Evaporators 

Masahito Nishikawara 13 

ID011-S2C 
Thermal Performance Evaluation of 

Tower Type Vapor Chamber 

Harutoshi Hagino,Phan 

Thanglong, Tsuyosi 

Koshio, Yuji Saito and 

Yoji Kawahara 

18 

ID012-S2B 
Visualization of vapor-liquid interface 

in vapor grooves of loop heat pipe 

Xue Zhou, Lingji Hua, 

Nanxi Li, Zhenhua Jiang, 

Yan Lu 

23 

ID013-S2C 

Temperature Uniformity 

Characteristics of a Sodium Heat Pipe-

Based Isothermal Heat Pipe Liner 

Eunsueng An, Kyungsoo 

Park, Pyungsoon Kim, 

Wukchul Joung 

33 

ID015-S7 

Heat transport characterization of a 

loop heat pipe with primary/secondary 

wick-integrated evaporator by additive 

manufacturing 

Yuki Akizuki, Kimihide 

Odagiri, Hiroshi 

Yoshizaki, Masahiko 

Sairaiji, Hosei Nagano and 

Hiroyuki Ogawa 

39 

ID017-S2C 

The effect of gradient structure wick 

on the heat transfer performance of 

polyurethane flexible flat heat pipe 

 

 

 

 

 

 

Hongling Lu, Li Jia, 

Liaofei Yin, Chao Dang 
48 



Joint 22nd International Heat Pipe Conference & 16th International Heat Pipe Symposium 

24th – 28th November 2024, Nakhon Pathom, Thailand 

XXV 

 

Paper ID Title Author(s) Page 

ID021-S2A 

Mono-sized Cryogenic Pulsating Heat 

Pipe Operational with both Neon and 

Helium – an Experimental Study 

Tisha Dixit, Gilles 

Authelet, Charles 

Mailleret, Florian Gouit, 

Vadim Stepanov, and 

Bertrand Baudouy 

54 

ID022-S2C 
Development of Cryogenic Methane 

Constant Conductance Heat Pipe 

Sandeep Hatte, Kuan-Lin 

Lee and Calin Tarau 
61 

ID024-S2A 
Advancements in Commercialization 

of Oscillating Heat Pipes 
Corey A. Wilson 67 

ID025-S2D 

Enhancing Condensation and 

Evaporation Performance in Two-

Phase Closed Thermosyphons through 

Inner Surface Treatment: An 

Experimental Investigation 

Marc Kirsch, Rudi 

Kulenovic 

and Jörg Starflinger 

77 

ID026-S2D 

Aluminum Loop Thermosyphon with 

two Evaporators and One Condenser 

for Electronic Cooling 

Leonard L. Vasiliev, 

Alexander S. Zhuravlyov, 

Alyona A. Gasparovich, 

Dmitry S. Sadchenko 

85 

ID028-S8 

Influence of the liquid lifting height 

on the performance of an inverted 

two-phase thermosyphon 

Ricardo Schneider 

Calomeno, Fernando 

Henrique Milanez, Marcia 

Barbosa Henriques 

Mantelli 

91 

ID029-S7 

Development of a Vapor Chamber 

with Hybrid Wick Structure by 

Additive Manufacturing Technology 

Yawei Xu, Hongxing 

Zhang, Jinyin Huang, 

Jianyin Miao 

100 

ID032 

Optimization of capillary structures 

for loop heat pipes based on 

multiscale carbonyl nickel powder 

Qi Wu, Guoguang Li, 

Zhichao Jia, Hanli Bi, 

Hongxing Zhang, Jianyin 

Miao 

107 



Joint 22nd International Heat Pipe Conference & 16th International Heat Pipe Symposium 

24th – 28th November 2024, Nakhon Pathom, Thailand 

XXVI 

 

Paper ID Title Author(s) Page 

ID033-S7 

Novel Ultra-Thin Vapor Chambers 

with Composite Triple (Mesh,Grooves 

and Powders) Wicks Having Cooling 

Capacity of 860 W under 40 × 40 

mm2 Heating 

Shwin-Chung Wong, 

Chih-Yuan Fu, Lian-Qi 

Huang, Ting-Yun Kuo, 

Jo-Ting Tang, Chih-Chao 

Hsu, and Chung-Yen Lu 

111 

ID035 
Experimental and Numerical Studies 

of a Loop Thermosyphon 

Prem Kumar, Jayant 

Kathuria, Aalekh 

Srivastava, Susmita Dash, 

Amrit Ambirajan, Pradip 

Dutta 

115 

ID036-S6 

Two-phase Thermosyphon with 

Horizontal Evaporator and Radiative 

Sky Cooling at the Condenser 

Aalekh Srivastava, 

Prem Kumar, Amrit 

Ambirajan, Pradip Dutta, 

Zubin Varghese, Rohith B 

L, Praveena Subrahmanya 

123 

ID040-S2B 

Numerical and experimental study on 

heat and mass transfer in the 

secondary wick of a loop heat pipe 

Le Liu, Zhenhua Jiang, 

Bo Shao, Bingyao Lin, 

Nanxi Li, Deping Dong 

133 

ID041-S1 

Effect of evaporation and orientation 

on surface tension-induced liquid 

penetration in a porous medium 

Rampally Srirama Chandra 

Murthy and Navneet 

Kumar 

139 

ID044-S4 

Numerical and Experimental 

Investigation of a 10 kW Flat-Type 

LHP for Waste Heat Recovery 

Shawn Somers-Neal, 

Tatsuki Tomita, Noriyuki 

Watanabe, Ai Ueno, Hosei 

Nagano 

151 

ID047-S7 

Numerical investigation of the 

hierarchical micro pore-channel 

composite evaporator for high-

performance heat dissipation devices 

Jiaxi Du, Jialin Liang, 

Binjian Ma, Huizhu Yang, 

Yue Yang, and Yonggang 

Zhu 

158 

ID049-S2B 

Thermal Vacuum Testing of Loop 

Heat Pipe Controlled by 

Electrohydrodynamic 

Conduction Pump 

Genki Seshimo, Masahito 

Nishikawara, Takeshi 

Miyakita, Hiroshi 

Yokoyama 

164 



Joint 22nd International Heat Pipe Conference & 16th International Heat Pipe Symposium 

24th – 28th November 2024, Nakhon Pathom, Thailand 

XXVII 

 

Paper ID Title Author(s) Page 

ID050 

Evaluation of Heat Transfer 

Characteristics in Pulsating Heat Pipes 

under Ultralow Filling Ratios: Effect 

of the Working Fluid Type 

Atsushi Shiokawa, 

Asami Hatamoto, 

Koji Fumoto 

170 

ID051-S4 
Optimal Heat Pipe Operation for 

Efficient Latent Energy Exchanger 

Helen Skop, Darrell 

Klammer 
178 

ID055 
Spreading Thermal Resistance of 

Boiling-driven Heat Spreader 

Jung Chan Moc, Su Yoon 

Doh and Jungho Lee 
184 

ID058-S8 
The aluminum boiling-driven heat 

spreader 

Su-Yoon Doh, Junyoung 

Choi, Seung M. You and 

Jungho Lee 

188 

ID061-S6 

Thermal performance of the 

geothermal thermosyphon for snow 

melting on paved roads 

Hyunmuk Lim, Seokjin 

Lee, Sukkyung Kang, and 

Jungho Lee 

192 

ID062 

Thermal Performance of Surface 

Characterization for Two-phase 

Immersion Cooling using HFE-7200 

Sanghyeon Shin and 

Jungho Lee 
196 

ID067-S2C 

Visualization Experiments and 

Numerical Analyses of Ultra-thin Heat 

Pipes Using a Wick Structure with 

Non-uniform Shape 

Yasushi Koito, 

Junichi Akiyama, 

and Hiroto Ueno 

200 

ID069-S3 

Experimental study of pulsating heat 

pipes for cooling the stator of an 

electrical machine 

Halima Aziza, Riadh 

Boubaker, Safouene 

Ouenzerfi, Naoko Iwata, 

Vincent Dupont, Souad 

Harmand 

206 

ID070-S4 
Heat pipe assisted combined power 

generation and water desalination 

Oranit Traisak, 

Aliakbar Akbarzadeh, 

Abhijit Date 

211 



Joint 22nd International Heat Pipe Conference & 16th International Heat Pipe Symposium 

24th – 28th November 2024, Nakhon Pathom, Thailand 

XXVIII 

 

Paper ID Title Author(s) Page 

ID071-S8 

Low Pressure Drop Biomimetic 

Manifold Microchannels for Cooling 

Electronic Devices 

Keyi Huang, 

Guiping Lin, 

Kai Tang, 

and Yuandong Guo 

216 

ID073-S5 

Experimental Study on thermal 

performance of a 3D printed 

Titanium-Water Heat Pipe 

Shuaiting Lu, Huizhi 

Wang, Yuandong Guo, 

Jinyin Huang, Jianyin 

Miao, Guiping Lin 

226 

ID078 

Thermal Performance Enhancement of 

Two-Phase Closed Thermosyphon by 

Thread Tapping inside the Evaporator 

Sukkyung Kang, Seokjin 

Lee, and Jungho Lee 
231 

ID079 

Experimental Study on Oscillating 

Heat Spreader with Topology 

Optimization Channels for the 

Cooling of Multiple Heat Source 

Electronics 

Ziang Li, Guoqing Zhou, 

Jian Qu 
235 

ID080-S2A 

Heat Transfer Characteristics of 

Oscillating Heat Spreader with Petal-

shaped Topological Channel Layout 

Guoqing Zhou, Ziang Li, 

Jian Qu 
243 

ID081-S2B 

Measurement of Impact Force of 

Geyser Boiling in Two-Phase Closed 

Thermosyphon 

JinHyeuk Seo, and Jungho 

Lee 
250 

ID083-S2A 
Novel Pulsating Heat Pipe Composed 

of Wire-Plate Grooves 

Larissa Krambeck, Kelvin 

Guessi Domiciano, Kênia 

Warmling Milanez, Marcia 

Barbosa Henriques 

Mantelli 

255 

ID084-S3 

Electric Vehicle Battery Cooling via 

Loop Heat Pipes coupled with 

Underbody Aerodynamics 

Marco Bernagozzi, 

Marco Marengo, 

and Anastasios Georgoulas 

265 



Joint 22nd International Heat Pipe Conference & 16th International Heat Pipe Symposium 

24th – 28th November 2024, Nakhon Pathom, Thailand 

XXIX 

 

Paper ID Title Author(s) Page 

ID085-S2B 

Modeling Ultra-Thin Flat Loop Heat 

Pipes using a 1-D Lumped Parameter 

Approach 

Marco Bernagozzi, Kelvin 

Guessi Domiciano, Larissa 

Krambeck, Marcia B. H. 

Mantelli, and Marco 

Marengo 

273 

ID087-S8 

Thermal Characteristics of Concentric 

Annular Thermosyphon with Phase 

Change Material 

Weeranut Intagun, 

Paisan Comsawang 

Nattawut Tharawadee 

and Nat Thuchayapong 

281 

ID088-S2C 

An Experimental Investigation of 

Aluminum/Ammonia Heat Pipe with 

Rectangular Smooth Edge Axial 

Groove Wick 

Amawasee Rukruang, 

Sajad Mishkhas, Meng-

Hao Chen, Tzu-Hui Yu, 

Yen-Ting Chen, Jong-

Shinn Wu, Piyatida 

Trinurak, Somchai 

Wongwises, and Chi-

Chuan Wang 

286 

ID090-S2B 

Fabrication Procedures and 

Experimental Study of a Sodium Rod-

Plate Heat Pipe 

Elvis Falcão de Araújo, 

Alice Toledo de Castro, 

Juan Pablo Flórez Mera, 

Luis H.R. Cisterna and 

Marcia Barbosa Henriques 

Mantelli 

295 

ID092-S7 

Experimental studies and analytical 

mathematical modeling of the 

evaporation rate of the sintered-

grooved wick 

Wanchai Pileug, Pradit 

Terdtoon, Niti Kammuang-

lue and Phrut 

Sakulchangsatjatai 

305 

ID093-S2B 

Experimental studies on startup 

behavior of cylindrical evaporator 

nickel bi-porous wicked miniature 

loop heat pipe 

Toni Kumari, Chandan 

Nashine, and Manmohan 

Pandey 

311 

ID095-S5 

Heat Transfer Performance of a Six-

turn Pulsating Heat Pipe for 

Aeronautical Application under 

Vibration Environment 

Naoko Iwata, Vincent 

Dupont, and Antoine de 

Ryckel 

317 



Joint 22nd International Heat Pipe Conference & 16th International Heat Pipe Symposium 

24th – 28th November 2024, Nakhon Pathom, Thailand 

XXX 

 

Paper ID Title Author(s) Page 

ID096-S8 

Experimental investigation of the 

effect of the vibration on the operation 

of the direct contact condensation 

“box” component of a Capillary Jet 

Loop 

V. Dupont, C. Popper, 

M. Bertha, S. Hoffait, 

and A. de Ryckel 

326 

ID097-S2A 

Experimental study of low cost 

extruded aluminum profiles as 

pulsating heat pipes for long distance 

heat transfer 

Claus Brede, Stefan Becker 

and Florian Schwarz 
336 

ID099-S7 
Accommodating Thermal Stress in 

High-temperature Heat Pipes 

Longfei Hu, Bo Li, Wei 

Qu, Xiaoguang Luo, Jijun 

Yu, Bangcheng Ai, and 

Mohanzhang 

344 

ID102 

Study of the Pool Boiling Heat 

Transfer Coefficient in a 

Thermosyphon 

Souza, Fernando 

Gonçalves, Ribeiro, 

Andreza Sousa, Pabon, 

Nelson Yurako Londoño 

and Mantelli, 

Marcia Barbosa Henriques 

353 

ID105-S1 

TWO-PHASE PRESSURE DROP 

EXPERIMENTAL STUDY FOR 

SMALL CAPILLARY TUBES 

Kelvin G. Domiciano, 

Mauro Mameli, Larissa 

Krambeck, Sauro 

Filippeschi and Marcia B. 

H. Mantelli 

361 

ID106-S3 

Antiparallel Flat Plate Pulsating Heat 

Pipe for the Cooling of Electronic 

Enclosures 

Davis T Vempeny, 

Laxman Kumar Malla, 

Hemanth Dileep, Pankaj 

Srivastava, Pallab Sinha 

Mahapatra and Arvind 

Pattamatta 

371 

ID108 

Pseudo steady state temperature 

predictions for a bottom heated 

pulsating heat pipe utilizing a 

correlation-based tool 

K. Nandakumar Chandran, 

Kailash Choudhary, Jason 

Chetwynd-Chatwin, June 

Kee Min and Man Yeong 

Ha 

377 



Joint 22nd International Heat Pipe Conference & 16th International Heat Pipe Symposium 

24th – 28th November 2024, Nakhon Pathom, Thailand 

XXXI 

 

Paper ID Title Author(s) Page 

ID109-S7 
Additive Manufacturing of Vapor 

Chamber 

Chen K. L, Hsu S. C 

and Kang S. W 
383 

ID110-S7 

Numerical Simulation of Fluid 

Dynamics Characteristics in 3D 

printed TPMS Structures 

Senthilkumar S, Kishore 

Bhaskar S, Penubarthi 

Guru Varun, Chen K. L 

and Kang S. W 

393 

ID111-S7 

Experimental Investigation of An Air-

Cooled Roll-Bond Flat Thermosyphon 

Module 

Mohsen Khandan 

Bakavoli, Piyatida 

Trinurak, Somchai 

Wongwises, Chi-Chuan 

Wang 

400 

ID112-S2A 

Comparative Study on Operational 

Characteristics of Polymer Pulsating 

Heat Pipes in Different Orientations 

Zhengyuan Pei 

and Yasushi Koito 
407 

ID114 

Current development of the thermal 

hydraulic code AC²/ATHLET for the 

high-temperature heat pipe simulation 

Daniel Eckert, 

Fabian Weyermann 

and Jörg Starflinger 

411 

ID115-S2A 

Effect of bending angle on the thermal 

performance of a polymeric flat plate 

pulsating heat pipe 

Marco Marengo, Ayse 

Candan Candere, Francois 

Clemens, Nicolas Miché, 

Marco Bernagozzi, 

Mehmet Saglam, 

Anastasios Georgoulas, 

Orhan Aydin 

420 

ID118-S8 

Enhancing the Performance of Single-

Loop Pulsating Heat Pipe by Creating 

a Novel Asymmetry 

Anoop Kumar Shukla, 

and Subrata Kumar 
426 

ID124-S4 

Heat transfer performance of a 

prototypically 8 m-long two-phase 

closed thermosyphon for spent fuel 

pool passive cooling 

Sergio Iván Cáceres 

Castro, Rudi Kulenovic, 

Jörg Starflinger 

431 

ID125 

Performance Evaluation of a Bi-

porous Wicked Flat Miniature Loop 

Heat Pipe 

Chandan Nashine, 

Toni Kumari, 

and Manmohan Pandey 

440 



Joint 22nd International Heat Pipe Conference & 16th International Heat Pipe Symposium 

24th – 28th November 2024, Nakhon Pathom, Thailand 

XXXII 

 

Paper ID Title Author(s) Page 

ID126-S3 

Identifying Niche of Heat Pipe 

Technology in Electric Vehicle 

Battery Cooling Applications 

Randeep SINGH, 

Takeshi KOSHIO, 

Harutoshi HAGINO, 

Phan Thanh LONG, 

Tsuyoshi OGAWA, 

Tien NGUYEN, Masataka 

MOCHIZUKI, Thanudej 

AUSSAWINWONG, 

Charoenrath 

CHANSIRISATHAPORN, 

Kanokwan CHAICHANA 

445 

 



Copper-Water Loop Heat Pipes with Flat Evaporators: Development, Tests and 

Application 
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Abstract 
The results of the development and research of copper-water LHPs with flat evaporators are presented. The tests were 

conducted with heat sources with different heating surface areas and under different conditions of condenser cooling. 

The maximum heat load achieved when testing a miniature LHP with a 2.3 mm thick evaporator and a 6.6 cm2 heat 

source was 20 W with natural air cooling of the condenser and 44 W with forced convection. The total thermal 

resistance of the LHP was at the level of 0.6 °C/W and 1.3 °C/W, respectively. When testing an LHP with a 10 mm 

thick flat-oval evaporator with a 34 cm2 heat source, the maximum heat load was restricted to 700 W, which was not 

the limiting value. When the condenser was cooled with water with a temperature of 40 °C, the evaporator temperature 

was 78 °C, and its thermal resistance was 0.016 °C/W. An LHP with a 19 mm thick and 50 mm diameter disk-shaped 

evaporator was tested with a 16 cm2 heater. The minimum evaporator thermal resistance of 0.043 °C/W was obtained 
at a heat load of 460 W. Examples of the use of copper-water LHPs in various electronics cooling systems are also 

presented. 

Keywords: Heat-transfer device; Loop heat pipe; Cooling system 

1. Introduction
Loop heat pipes (LHPs) are highly efficient heat-

transfer devices that are increasingly being used in 

various fields of technology. LHPs are made in the 

form of a closed loop, including an evaporator and 
a condenser, connected by separate smooth-walled 

pipelines for the movement of vapor and liquid, 

having a relatively small diameter. The fine-pored 
capillary structure (wick) with which these devices 

are equipped has a special shape and is located only 

in the evaporator. Evaporators can be cylindrical or 

flat. Flat evaporators can be rectangular, disk-
shaped, or flat-oval. In flat-oval evaporators, 

longitudinal replenishment of the wick evaporation 

zone is realized, while others use opposite 
replenishment [1]. The advantage of flat evaporators 

is that they have a flat thermal contact surface. 

Unlike cylindrical evaporators, they usually do not 
require any additional intermediate interface 

elements to provide thermal contact with heat 

sources. Flat evaporators are usually used in LHPs 

with working fluids that have a pressure at the 
operating temperature not greater than or slightly 

greater than the external atmospheric pressure. The 

most effective of them is water in combination with 
a copper body and a wick. The results of the 

development and testing of a copper-water LHP 

with a 3.2 mm thick flat-oval evaporator were first 
published in 2004 [2]. Even then, these tests 

demonstrated the high efficiency of copper-water 

LHPs. When this device was tested with a heat 

source with a heating surface area of 4 cm2 and 

forced air cooling of the finned condenser, the heat 
load was increased from 10 to 160 W. The 

temperature of the evaporator varied from 35 to 

98 °С. The minimum value of the evaporator 

thermal resistance of 0.05 °C/W was reached at the 
maximum heat load, which was not the limit. At 

present, the results of the development and testing 

of LHPs with flat-oval evaporators with a thickness 
of 2 to 15 mm are known, confirming their high 

efficiency [3-8]. The thickness of evaporators with 

opposite replenishment, which are most often disk-

shaped, is typically in the range of 15-30 mm. 
Disadvantages of copper-water LHPs with flat 

evaporators include the limited temperature range of 

0 to 100 °C at which they can be stored, transported 
and operated. The lower temperature limit is 

associated with the risk of water freezing, which can 

cause deformation of the thin flat walls of the 
evaporator. The upper limit is due to the fact that at 

temperatures above 100 °C, the water vapor 

pressure inside the LHP exceeds the external 

atmospheric pressure, which can also cause 
deformation. To avoid these undesirable effects, it is 

necessary to increase the wall thickness, which 

increases the thermal resistance of the evaporator. 
Another limitation of copper-water LHPs is the 

strong dependence of the operating temperature on 

the inner diameter of the vapor line, which should 
be sufficiently large [9]. As a result, there is a 

decrease in the possibilities for configuring the 

vapor line when placing the LHP in constrained 

conditions. However, copper-water LHPs with flat 
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evaporators currently have the best thermal 

characteristics and high potential for practical 

applications in electronic cooling systems. 
 

2. LHPs with flat-oval evaporators 

Figure 1 shows the external view of a miniature 
copper-water LHP with a flat evaporator measuring 

45 mm × 26 mm × 2.3 mm and an active zone 

measuring 30 mm × 22 mm.  
 

 

Figure 1. A miniature LHP. 

 

The vapor line, liquid line and condenser of this 
device are 120 mm, 130 mm and 210 mm long, 

respectively. They are made of a 3/2.5 mm diameter 

copper tube, flattened to the thickness of the 
evaporator. The condenser was connected to the 

interface, a copper plate with dimensions of 185 mm 

× 50 mm × 0.5 mm. The tests were carried out with 

the device in a horizontal position. The heat source 
was a copper block with a heating surface area of 6 

cm2 equipped with an electric heater. The condenser 

was cooled by natural and forced air convection at a 
rate of 6 m/sec at a temperature of 22-24 °C. Figure 

2 presents the experimental dependence of the 

evaporator temperature on the heat load under the 
specified conditions. 

Figure 3 shows the external view of an LHP with 

a 10 mm thick flat-oval evaporator that was tested 

with a heat source with a heating surface of 34 cm2 
when the condenser was directly cooled with water 

at a flow rate of 4 L/min and a temperature of 20 °C 

and 40 °C.  
The LHP vapor line is 300 mm long and 6/5 mm 

in diameter. The condenser is 500 mm long and has 

the same diameter. The liquid line is 630 mm long 

and 4/3 mm in diameter. The condenser is made in 
the form of a loop and is has a polyvinyl cooling 

jacket. Figure 4 demonstrates the experimental 

dependence of the temperature at the heating surface 
of the heat source (Tj) on the heat load at different 

cooling water temperatures. 

 
Figure 2. Dependence of the evaporator 
temperature on the heat load under different 

condenser cooling conditions. 

 

 
 

Figure 3. An LHP with a 10 mm thick flat-oval 

evaporator. 

 
 
Figure 4. Dependence of the temperature at the 

heating surface of the heat source on the heat load at 

different condenser cooling temperatures. 

2



 

 

Analysis of the graphs shows that there is no 

direct proportional dependence of the operating 

temperature on the condenser cooling temperature, 
which is typical for copper-water LHPs. In this case, 

at a maximum heat load of 700 W, the temperature 

difference is only 3 °C, while the cooling 
temperature difference is 20 °C. This fact has an 

important practical meaning, especially when using 

LHPs in cooling systems of servers in data centers, 
where the so-called "free cooling" is implemented, 

where it is necessary to use warm water with a 

temperature of 40 °C or more. It should also be 

noted that the heat load of 700 W, which in this case 
is limited only by the power of the heat source, is 

not the limit for this LHP. This follows from the fact 

that the vapor temperature is significantly below 
100 °C. In addition, the analysis of the thermal 

resistance dependence Rj = Tj−Tv/Q presented in 

Figure 5 shows a tendency for its further decrease 
below the achieved minimum value of 0.016 °C/W. 

 

 

Figure 5. Dependence of the thermal resistance Rj 

on the heat load at a cooling temperature of 40 °C. 

 

3. LHPs with disk-shaped evaporators 

Figure 6 shows a copper-water LHP with a disk-

shaped evaporator with a diameter of 50 mm and a 
thickness of 19 mm. 

The LHP vapor line is 330 mm long and 6/5 mm 

in diameter. The condenser is 200 mm long and has 

the same diameter. The liquid line is 345 mm long 
and 4/3 mm in diameter. The condenser is 

connected to a copper interface with dimensions of 

100 mm × 75 mm × 4 mm. During the LHP tests, a 
heat source with a heating area of 16 cm2 was used. 

The condenser interface was pressed against a heat 

exchanger, through which water was pumped at a 

flow rate of 4 L/min and a temperature of 20 °C, 

40 °C and 60 °C. The test results are presented in 

Figure 7. 

 

 
 

Figure 6. An LHP with a disk-shaped evaporator. 
 

 
Figure 7. Dependence of the temperature at the 

heating surface of the heat source on the heat load at 

different condenser cooling temperatures. 

 
Here it can also be seen that the temperature of 

the heat source is weakly dependent on the cooling 

temperature of the condenser. When the latter 
changed by 40 °C, the temperature of the heat 

source changed by only 10 °C at the maximum heat 

load of 600 W, and the maximum difference of 
19 °C was observed at a heat load of 200 W. It 

should also be noted that the vapor temperature in 

the LHP exceeded normal atmospheric pressure 

only at a cooling temperature of 60 °C with a heat 
load above 450 W. At its maximum value, this 

excess reached 43 kPa, which was not critical for 

such an evaporator, whose flat wall thickness was 
double that of the flat-oval evaporator. This led, as 

expected, to an increase in the thermal resistance Rj, 

whose minimum value was 0.042 °C/W at a heat 
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load of 400 W. At the same heat load and with the 

same heat source, the Rj value with the flat-oval 

evaporator was 0.030 °C/W. 

4. Practical application of copper-water 

LHPs with flat evaporators 

For the first time, such LHPs were used in coolers 
designed to cool powerful CPUs and GPUs in 

personal computers and servers. One such cooler 

with an LHP equipped with a 7 mm thick flat-oval 
evaporator and 6 mm diameter pipelines is shown in 

Figure 8. 

 

 
 

Figure 8. A CPU cooler for a personal computer. 
 

The cooler had copper fins with an area of 0.328 

m2 connected to a 120 mm fan. The overall 
dimensions and weight of the cooler with the fan are 

150 mm × 120 mm × 85 mm and 380 g, respectively. 

The operating characteristic of the cooler at a fan 
speed of 980 rot/min is demonstrated in Figure 9. 

 

 
Figure 9. Dependence of the temperature at the 

heating surface of the CPU simulator on the heat 

load. 

 

Here it is clear that the maximum allowable 

temperature of 70 °C is reached at a heat load of 370 

W, and a comfortable temperature of 50 °C is 
achieved at a heat load of 200 W, which is in good 

agreement with the actual demand with a good 

reserve for further increases in the heat load. 
Figure 10 shows another cooler developed on the 

basis of an LHP with the same evaporator for the 

GPU of a powerful gaming computer. The 
diameters of the vapor and liquid lines were 5/4 mm 

and 4/3 mm, respectively. 

 

 
 

Figure 10. A GPU cooler. 

 

The cooler was equipped with a double-sided 
aluminum radiator with 0.5 m2 fin area and a 120 

mm fan with a speed of 1800 rot/min. Figure 11 

shows the cooler’s operating characteristics 
obtained with the GPU thermal simulator. 

 

 
Figure 11. Dependence of temperature at the 
heating surface of the GPU simulator on the heat 

load. 

 

A reference temperature of 70 °C was achieved 
here at a heat load of 270 W, and a temperature of 
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50 °C was reached at a heat load of 120 W. These 

parameters fully meet the specified requirements for 

the cooler. 
Figure 12 shows another cooler that was 

developed on the basis of a copper-water LHP with 

a 7 mm thick flat-oval evaporator for a cooling 
system of CPUs in a 1U server. 

 

 
 

Figure 12. A cooler for a CPUs cooling system in a 
1U server. 

 

The LHP here has a vapor line with a diameter of 

5/4 mm and a liquid line with a diameter of 4/3 mm. 
A modified serial "Alphacool" heat exchanger with 

dimensions of 145 mm × 40 mm × 40 mm, equipped 

with three high-speed "Nidec Ultra Flo" fans with a 
maximum speed of 12000 rot/min and a blowing 

rate of 7 m/sec was used as the LHP condenser. 

Figure 13 demonstrates the temperature 
dependence of the CPU simulator on the heat load 

at the maximum blowing rate. 

 

 
 

Figure 13. Dependence of the temperature at the 

heating surface of the server CPU simulator on the 

heat load. 

 

The test results of the cooler show that the 

reference temperature of 70 °C is achieved under the 

given cooling conditions at a heat load of 200 W. 
This also meets the specified technical requirements 

for the cooling system with some margin. Figure 14 

shows a 1U server equipped with such coolers, one 
of which has flexible lines made of bellows tube 

with a nominal inner diameter of 6 mm. 

 

 
 

Figure 14. A 1U server with cooling systems based 

on copper-water LHPs with "Aphacool" heat 

exchangers.  
 

Figure 15 shows a hybrid server cooling system 

where copper-water LHPs with 7mm thick flat-oval 
evaporators were used to dissipate heat from two 

CPUs with a TDP of 95 W. A vertical liquid heat 

exchanger located outside the server was acted as a 
heat sink. At a cooling water temperature of 40 °C, 

the temperature of CPU1 and CPU2 was maintained 

at 61 °C and 68 °C, respectively.  

 

 
 

Figure 15. A hybrid 1U server cooling system. 
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5. Conclusions 

The paper presents the results of development, 

experimental studies and practical application of 
copper-water loop heat pipes with flat-oval 

evaporators with a thickness of 2.3 mm, 7 mm and 

10 mm, and with a disk-shaped evaporator with a 
diameter of 50 mm and a thickness of 19 mm. The 

tests were carried out under different condenser 

cooling conditions with cooling water 
temperatures of 20 °C, 40 °C and 60 °C. It is 

shown that the cooling water temperature does not 

significantly affect the temperature of the heat 

load source. A maximum heat load of 700 W was 
achieved with a 10 mm flat-oval evaporator with a 

minimum thermal resistance of 0.016 °C/W. The 

minimum thermal resistance of the disk-shaped 
evaporator of 0.030 °C/W was obtained at a heat 

load of 400 W. Examples of different variants of 

cooling systems for electronic components based 
on LHPs with flat-oval evaporators are also 

presented. 
 

References 
[1] Yu.F. Maydanik, M.A. Chernysheva, and V.G. 

Pastukhov, Review: Loop heat pipes with flat 

evaporators. Applied Thermal Engineering, 2014. 
67 (1-2): p. 294. 

[2] Yu.F. Maydanik, Miniature loop heat pipes. in 

the 13th International Heat Pipe Conference, 2004. 

Shanghai, China. 
[3] Yu. Maydanik, S. Vershinin, M. Chernysheva, 

and S. Yushakova, Investigation of a compact 

copper-water loop heap pipe with a flat evaporator. 
Applied Thermal Engineering, 2011. 31 (16): p. 

3533. 

[4] M.A. Chernysheva, S.I. Yushakova, and Yu.F. 

Maydanik, Copper-water loop heat pipes for 
energy-efficient cooling systems of 

supercomputers. Energy, 2014. 69: p. 534. 

[5] Y. Maydanik, M. Chernysheva, and S. 
Vershinin, High-capacity loop heat pipe with flat 

evaporator for efficient cooling systems. Journal of 

Thermophysics and Heat transfer, 2020. 34 (3): p. 
465. 

[6] Y. Maydanik, S. Vershinin, and M. Chernysheva, 

Investigation of thermal characteristics of an LHP 

evaporator with heat sources having different 
heating surface areas. Applied Thermal Engineering, 

2021. 199:  p. 117533. 

[7] V.I. Dmitrin and Yu.F. Maydanik, Development 
and experimental investigation of a miniature loop 

heat pipe with a thin flat evaporator. Thermal 

processes in engineering, 2017. 8: p. 346. (in 
Russian). 

[8] Kangning Xiong, Like Meng, and Shuangfeng 

Wang, Design, fabrication, investigation and 

analysis of a novel flat evaporator loop heat pipe for 
cooling high heat flux server chips. Applied 

Thermal Engineering, 2022. 201: p. 117775. 

[9] S. Yushakova, M. Chernysheva, Yu. Maydanik, 
and S. Vershinin, On the lowering of the operating 

temperature of a copper-water loop heat pipe. in the 

16th International Heat Pipe Conference, 2012. 
Lyon, France. 

 

 

 

 

 

 

 

 

6



Experimental Investigation of the Structure of SiC Porous Ceramic in Application 

to LHP Evaporator Working in Medium-Temperature Heat Rejection Systems 

Pawel Szymanski1*, In-Hyuck Song2, Jae-Ho Jeon1, Piotr Radomski1, Tadeusz Miruszewski3, 

and Dariusz Mikielewicz1 

1 Faculty of Mechanical Engineering and Ship Technology, Gdansk University of Technology, Gdansk, Poland 
2Ceramic Materials Division, Korea Institute of Materials Science, Republic of Korea 

3Faculty of Applied Physics and Mathematics, Gdansk University of Technology, Gdansk, Poland 

*Corresponding author email address: pawel.szymanski2@pg.edu.pl

Abstract 
This study investigates the structure and microstructure of a mullite-bonded SiC porous ceramic disk intended to 

function as a wick in a flat-type Loop Heat Pipe (F-LHP) operating within medium temperature ranges. The analysis 

focused on critical physical properties, including pore distribution, size, and permeability, to evaluate their influence 

on the performance of the LHP. Porosity was assessed using both percolation and Archimedes methods, while pore 

size was determined through Scanning Electron Microscopy (SEM) and Mercury Intrusion Porosimetry. The chemical 

composition of the wick was characterized using Energy Dispersive X-ray Spectroscopy (EDX) and X-ray diffraction 

(XRD), which identified the presence of silicon, aluminum, and oxygen. These chemical constituents have significant 

implications for the selection of chemically compatible medium temperature working fluid for use in the LHP system. 

Keywords: Loop Heat Pipe, wick, working fluid, chemical compatibility. 

1. Introduction

This paper discusses the effect of ceramic porous 

wick microstructure properties and chemical 

composition on the performance of a F-LHP 

operating in medium-temperature applications. The 

wick is made of mullite-bonded SiC developed as a 

disc. 

In the experiment, the wick structure with 

multiple physical properties, including pore size 

distribution, total and effective porosity, and 

permeability across different structural topologies, 

was measured and tested to precisely determine the 

capillary performance necessary for heat and mass 

transport in LHP. The chemical composition of the 

wick was analyzed to identify its chemical elements 

and further precisely qualify its chemical 

compatibility with potential working fluids. Table 1 

presents a list of working fluids that are 

recommended or not recommended for use with 

specific construction materials, serving as a guide in 

selecting potential working fluids. 

The function of the wick is to provide the 

necessary capillary pressure to the working fluid for 

continuous circulation in the loop and to direct the 

flow of liquid through a permeable medium to the 

evaporation area, while preventing the backflow of 

vapor. 

The pressure drop across the wick is determined 

by the wick's structural parameters, including open 

porosity, permeability, mean pore radius, and the 

properties of the working fluid. An important 

function of the LHP evaporator is that the meniscus 

inside the wick automatically adjusts due to heat 

load by reducing its radius of curvature to match the 

effective pore radius of the wick, thereby creating 

the highest possible capillary pressure to counter the 

total pressure drop in the system. This maximum 

pressure is determined by the Young-Laplace 

equation: 

Δ𝑃𝑐𝑎𝑝,𝑚𝑎𝑥 =
2𝜎cos𝜃

r𝑝
(1) 

where rp is the wick meniscus curvature radius, 

σ is the liquid surface tension and ϴ is the liquid-

solid contact angle [8]. 

Another important parameter that determines a 

wick's performance is the pressure drop it can 

create. This pressure drop is characterized by the 

liquid's viscosity and the wick's permeability and 

can be approximated by the Darcy equation; 

Δ𝑃𝑤𝑖𝑐𝑘 =
𝑙𝜇𝑙

𝜌𝑙𝐴𝑙𝜅𝑙
𝑚̇𝑙 (2) 

where 
𝐴𝑙

𝑙
 is the average area for the flow divided 

by the length of the flow path, μl is the liquid 

dynamic viscosity, κl is the liquid permeability and 

ṁl is the liquid mass flow rate across the porous 

wick. The Carman-Kozeny equation provides a 

simple model that relates permeability to the 

average pore diameter, such that: 

𝜅𝑙 =
𝑟𝑝

2𝜀3

37.5(1−𝜀)2 (3) 

where ε is the porosity of the wick.
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Table 1. Materials and working fluids 

compatibility table [1-7] 

 Compatible 
Non -

Compatible 

Aluminum 
C7H8 (137°C),  

C10H8
(215°C) 

S, C18H14, 

C12H10, 

SnCl4, TiCl4, 

AlBr3, 

SbBr3, 

SbCl3, 

S/I10% 

Copper 
C7H8 (280°C),C10H8

(350°C),  

H2O(200°C) 

Dowtherm 

A, Cs 

Nickel 

TiCl4
(300°C),AlBr3

(400°C), 

C5H9NO(320°C), 

NaK(650°C) 

SnCl4, 

GaCl3, Cs, 

Na 

Molybdenum 
C7H8

(250°C),C12H10
(250°C), 

C10H8
(270°C) 

 

Niobium K(600°C) S/I10% 

Iron 

Dowtherm A(420°C), 

C18H14
(380°C), 

C8H18N2
(250°C), 

C7H8
(280°C), 

C12H10
(400°C), 

C10H8
(380°C), 

C10H7F(257°C), 

SnCl4
(227°C), 

TiCl4
(159°C), H2O(165°C), 

S/I10%(350°C), 

NaK(795°C), Hg(600°C), 

SbCl3 

Titanium 

Dowtherm A(406°C),  

C7H8
(250°C), C10H8

(320°C), 

TiCl4
(227°C), H2O(252°C), 

TiBr4, 

GaCl3, 

AlBr3, 

SbBr3, 

S/I10%, K, 

Cs 
 

2. Wick analysis 

The mullite-bonded SiC disc was 

manufactured by uniaxial pressing of a powder 

mixture containing 80 wt% SiC and 20 wt% 

kaolin, followed by conventional sintering at 

1500°C for 2 hours in air. Photos of the wick, 

evaporator, and its elements are presented in 

Figures. 1, 2, and 3. 

 

Figure 1. Photograph of the ceramic disc. 

 

Figure 2. Photograph of the evaporator elements. 

 

Figure 3. Side view of the evaporator. 
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2.1. Porosity measurement 

The wick has been measured and weighted to 

evaluate its open porosity. Porosity has been 

calculated using two methods, i.e. perlocation 

theory to determine total porosity: 
 

 𝜀 = (1 −
𝜌𝑚𝑒𝑎𝑠𝑢𝑟𝑒𝑑

𝜌𝑡ℎ𝑒𝑜𝑟𝑒𝑡𝑖𝑐𝑎𝑙
) ∙ 100% (2) 

where ρtheoretical is the density of mullite-bonded SiC, 

determined by the X-ray crystallography analysis 

allowing to obtain the atomic and molecular 

structure of the material and in consequence 

determine its concise molecular-theoretical density 

of a structure that is ρtheoretical= 0,0031 g/mm3. The 

ρmeasured is the density measured experimentally: 
 

 𝜌𝑚𝑒𝑎𝑠𝑢𝑟𝑒𝑑 =
𝑚𝑑𝑟𝑦 𝑠𝑎𝑚𝑝𝑙𝑒

𝑉
 (3) 

The second method to calculate porosity is the 

Archimedes method, which allows for the 

calculation of open porosity (a.k.a. ’effective’ 

porosity), responsible for pumping the working 

fluid around the loop. The procedure involves first 

measuring the dry weight m1 of the wick using the 

electronic scale, then, saturating the wick with 

acetone (CH3COH3, CAS:67-64-1 – density 

0.00079 g/mm3) for 6 hours, and finally measuring 

the weight of the saturated wick in the air m2 and in 

the acetone m3: 
 

 𝜀𝑜 =
𝑚2−𝑚1

𝑚2−𝑚3
∙ 100% (5) 

Porosity calculation results are presented in Table 

2. 

 

Table 2. Wick properties. 

Diameter [mm] 60.3 

Thickness [mm] 9.9 

Volume [mm3] 28193 

Mass of dry sample m1 [g] 56.8 

Mass of sample saturated in acetone and 

weighed in air m2 [g] 
61.9 

The apparent mass of the sample 

saturated and weighted in acetone m3 [g] 
41.3 

Total porosity calculated using the 

perlocation theory [%] 
36.6 

Effective porosity calculated by the 

Archimedes method [%] 
24.8 

 

2.2 Pore size measurement and 

permeability calculation 

The pore size of the wick was determined using 

two methods: scanning electron microscopy (SEM) 

and mercury intrusion porosimetry. SEM images of 

the wick samples are presented in Figure 4. The first 

method, using SEM, allows for the measurement of 

pore sizes only at the external cut surface of the wick 

and thus represents only the largest pores. Moreover, 

the pore channels inside the material change their 

dimensions due to the irregular microstructure, 

which could enhance the capillary pressure. 

Therefore, it is necessary to measure pore sizes 

inside the sample using porosimetry evaluation. 
 

a) 

 
 

b) 

 

Figure 4. SEM images of the wick sample at (a) 

2000x magnification (b) 100x magnification. 

 

Mercury porosimetry, a.k.a mercury intrusion 

porosimetry (MIP), is a technique used to measure 

the porosity and pore size distribution of a material. 

In this method, the non-wetting properties of 

mercury, a non-wetting liquid, are utilized by 

forcing it into the pores of a material under 

increasing pressure. Due to its high surface tension, 

mercury does not spontaneously enter the pores; it 

requires external pressure. The pressure required to 
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intrude mercury into a pore is inversely proportional 

to the pore diameter, as described by the Washburn 

equation: 
 

 𝑃 =
2𝛾𝑐𝑜𝑠𝜃

𝑟
 (6) 

where  

P is the pressure, γ is the surface tension of mercury, 

θ is the contact angle, and r is the pore radius. 

As the pressure increases, mercury intrudes into 

progressively smaller pores. The volume of mercury 

intruded at each pressure is measured, allowing for 

the determination of the pore size distribution. By 

analyzing the volume of mercury intruded at various 

pressures, a pore size distribution curve can be 

generated, providing insights into the material's 

porosity, pore size distribution, and total pore 

volume. Figure 5 presents the pore size distribution 

in a ceramic disc obtained through porosimetry 

analysis. 
 

 

Figure 5. Pore size distribution obtained by 

porosimeter analysis. 

 

As it can be seen from Figure 5, the mean diameter 

of the single pore is around 3 μm. Therefore using 

Eq. (3) the permeability can be calculated to be 6.4 

×1013 m2. 

 

2.3 Chemical composition analysis 

Energy Dispersive X-ray Spectroscopy (EDX) 

measurements allow for the determination of the 

chemical composition of each element in the 

ceramic structure. An example of the EDX 

spectrum obtained for the studied SiC sample is 

shown in Figure 6, while the corresponding weight 

percentages of the analyzed elements are listed in 

Table 3. As can be seen, the studied sample 

consists mainly of silicon, aluminum, and oxygen. 

Since carbon is too light an element to be detected 

by the EDX method, it was not included in Table 

3. The weight proportions indicate the dominance 

of silicon in the structure, with aluminum present 

at 10 wt%. The presence of aluminum likely 

results from the SiC manufacturing process, 

indicating that the analyzed sample contains 

impurities. The oxygen detected during EDX 

analysis probably comes from trace amounts of 

silicon dioxide (SiO₂), formed during the silicon 

oxidation in the SiC manufacturing process. 
 

 

Figure 6. EDX spectra of mullite-bonded SiC disc 

collected from the surface. 
 

Table 3. Weighted composition of elements of 

which the wick is made. 

Element Weights (%) 

O 33.8 

Al 10.1 

Si 56.1 

Total 100.00 

 

X-ray diffraction (XRD) studies were also carried 

out in a 10–90° range to check the phase purity of 

studied material. The measurements were 

performed on the surface of the cylindrical 

sample. Figure 7 shows the XRD diffractogram 

for the investigated SiC sample, measured in 

different atmospheres – argon and air. As 

observed in both atmospheres, the main 

diffraction peak (visible for ~36°) corresponds to 

the α-SiC phase crystallized in a hexagonal crystal 

structure [9]. The other reflections are from silicon 

dioxide (~22°) and a mullite phase of probably 

unknown stoichiometry xAl2O3:ySiO2 (visible at 

~27°). It was also observed that when the samples 

were fabricated in an air atmosphere, the amount 

of the SiO2 phase was significantly higher, which 

10



 

 

is related to the oxidation of silicon in the 

structure. The amount of mullite phase observed, 

and SiC, does not depend on the atmosphere. 

 

 

Figure 7. XRD patterns of studied SiC sample as 

a function of atmosphere. 

Figure 8 presents the XRD pattern for the pellet 

with a composition of 80 wt% SiC and 20 wt% 

kaolin, sintered at 1500°C for 2 hours in air. The 

chemical composition of kaolin is mainly 

aluminum and silicon, classifying it as a natural 

aluminosilicate. Kaolin is added to silicon carbide 

(SiC) for several reasons, primarily to improve the 

material's mechanical properties and chemical 

resistance, as well as to reduce costs [10]. As can 

be seen, the addition of kaolin did not significantly 

change the XRD pattern, as it is mainly composed 

of aluminum and silicon, which were also detected 

in the unmodified SiC (see Figure 7). 

 

 

Figure 8. XRD pattern of analyzed pellet with 

composition 80 wt% SiC (α-SiC ~30 µm) + 20 

wt% Kaolin, processed at 1500°C for 2 h in air. 

 

3. Conclusions 

This study investigates the structure and 

microstructure of a porous ceramic material 

shaped into a disk, intended to function as a wick 

in a F-LHP operating at medium temperatures. 

The research focuses on evaluating the physical 

parameters, such as pore distribution and size, as 

well as permeability, to assess their impact on the 

subsequent performance of the LHP. 

The porosity of the material was examined using 

two methods: percolation and the Archimedes 

method. The pore size was measured using 

Scanning Electron Microscopy (SEM) and 

Mercury Intrusion Porosimetry. Additionally, 

Energy Dispersive X-ray Spectroscopy (EDX) 

was employed to determine the chemical 

composition of the elements within the ceramic 

structure. The EDX results revealed that the 

material contains silicon, aluminum, and oxygen. 

X-ray diffraction (XRD) analysis revealed that the 

main diffraction peak corresponds to the α-SiC 

phase, with additional peaks for silicon dioxide 

and a mullite phase, where the presence of SiO2 

increased when the material was fabricated in air 

due to silicon oxidation. The addition of kaolin (20 

wt%) to SiC did not significantly alter the XRD 

pattern, as kaolin’s primary components, 

aluminum and silicon, were already present in the 

unmodified SiC. 

Given that the wick contains aluminum, this 

affects the final selection of the working fluid. 

After preliminary analysis, it was determined that 

suitable working fluids could include C7H8 

(Toluene) and C10H8 (Naphthalene), while fluids 

such as S (Sulfur), C18H14 (O-Terphenyl), C12H10 

(Diphenyl), SnCl4 (Tin Tetrachloride), TiCl4 

(Titanium tetrachloride), AlBr3 (Aluminum 

Bromide), SbBr3 (Antimony Tribromide), SbCl3 

(Antimony Trichloride), and S/I10% were deemed 

unsuitable. 
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Abstract 
With the rapid development of additive manufacturing technology, the optimal design of microstructure for 

evaporative heat transport is increasingly necessary; however, no established method currently exists. In this study, 

thermal hydraulic simulations of biporous wicks with different pore-size ratios were performed using a pore network 

model to obtain information for designing the pore-size distributions in loop heat pipe evaporators. The calculated 

permeabilities of all biporous wicks were adjusted to isolate the influence of pore-size ratios. Results indicated that a 

smaller pore-size ratio led to higher maximum heat fluxes and improved heat-transfer coefficients of the evaporator. 

As observed in monoporous wicks, longer three-phase contact lines at the contact surface between the evaporator 

casing and the wick enhanced heat transfer performance. The findings suggest that adjusting the radius ratio of 

biporous wicks could design heat fluxes with higher heat-transfer coefficient. 

Keywords: Additive manufacturing; Biporous wick; Heat-transfer coefficient; Pore network simulation 

1. Introduction

Thermal control devices, known as loop heat 

pipes (LHP), have recently gained attention in 

various fields. Capillary pressure develops, and 

liquid evaporates in the porous media of the 

evaporator. The configuration of the evaporator is a 

critical factor in performance design. However, 

establishing an optimal design method remains 

challenging due to the complexity of two-phase 

thermal hydraulics within the capillary evaporator. 

The heat transfer mechanism in an evaporator 

using both analytical and experimental approaches 

was investigated. Three-dimensional pore network 

simulations and a visualized evaporator with an 

observable contact surface between the heated 

casing and the wick were used in this study [1, 2]. 

The pore network simulation elucidated the 

relationship between the shape of the liquid-vapor 

interface and the heat transfer performance of the 

evaporator. Specifically, it was found that the length 

of the three-phase contact line (TPCL) at the contact 

surface between the evaporator casing and the wick 

was linearly related to the heat-transfer coefficient 

of the evaporator [1]. This result highlights the 

importance of considering the three-dimensional 

microstructure of porous media, marking the first 

such clarification by this study. In addition, this 

study experimentally validated the linear 

relationship between TPCL length and heat-transfer 

coefficient of the evaporator, as revealed by a pore 

network simulation, using custom observation 

equipment [2]. 

In addition, pore network simulations, validated 

by experiments, were performed by changing the 

shape of a simple pore-size distribution (called a 

monoporous wick). The results showed that a 

moderate pore-size distribution increased the heat-

transfer coefficient of the evaporator [1]. This result 

suggests that the microstructure itself directly 

affects thermal performance rather than inducing 

indirect changes in macroscopic properties such as 

permeability. This study introduces a new research 

direction focused on improving the performance of 

LHPs through the microstructural design of porous 

media. With recent advances in additive 

manufacturing, it is now possible to fabricate porous 

materials with tailored microstructures. As a result, 

there is growing interest in using pore network 

simulations to design porous media. 

      This study investigated biporous wicks, which 

are characterized by double peaks in pore-size 

distribution. Experimental evidence has shown that 

biporous structures improve evaporator 

performance [3-5]. Mottet et al. [6] performed pore 

network simulations on LHP/CPL evaporators with 

clustered biporous wicks, showing that under high 

heat flux conditions, monoporous wicks exhibited a 

completely vapor-filled region immediately below 

the heating surface, creating a thermal resistance 

layer. In contrast, biporous wicks maintained a two-

phase state, resulting in an increased heat-transfer 

coefficient. However, the correlation between the 

pore-size distribution in biporous wicks and the 

thermal hydraulics of the liquid and vapor phases, 

as well as the influence of the physical properties of 

the working fluid, remains unresolved. 

In this study, three-dimensional pore network 
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simulations were performed on dissolving-type 

biporous wicks [3, 5], which are considered easy to 

produce using additive manufacturing technology. 

The pore-size distribution was varied to investigate 

its effect on the heat-transfer coefficient of the 

evaporator. These results can be used to formulate 

design methodologies for optimizing pore-size 

distributions in biporous structures. This study is 

divided into sections that cover the numerical model, 

porous sample generation, results, discussion, and 

conclusions. The numerical model describes the 

governing equations, evaporator geometry, and pore 

network model. Porous samples were generated by 

varying the pore radius ratio while maintaining 

constant permeability. The results section presents 

the effect of the pore radius ratio on heat-transfer 

coefficients and compares the findings with 

monoporous wicks. 
 

2. Numerical model 

The computational domain, representing part of 

the periodic structure of the capillary evaporator is 

shown in Figure 1. It is a cuboid with the size of 4.0 

× 3.5 × 1.5 mm (Lx × Ly × Lz), consisting of a 

stainless-steel (SS) casing, wick, and grooves. The 

groove height was 1.0 mm, the casing thickness was 

1.0 mm, and the contact surface between the casing 

and the wick was 50% of the Lx × Lz area. Although 

the domain can be reproduced in two dimensions, 

the liquid-vapor interface shape has a distribution in 

the z-direction due to the disordered porous 

structure, necessitating 3D simulations. 

In the simulation, the porous structure flow was 

represented using a pore network model (Figure 2), 

and the energy conservation of the casing and wick 

was solved. Depending on the heat flux applied to 

the evaporator, the state of the wick phase is divided 

into saturated with liquid for low heat flux and a 

liquid-vapor two-phase for high heat flux. In the 

simulation, the transition conditions for the two-

phase state were decided based on the boiling 

critical superheat. The wick liquid-vapor interface 

was calculated such that the pressure difference  
 

 
Figure 1. Computational domain (not-to-scale). 

 
Figure 2. Overview of pore network model. 

 

between the vapor and liquid at the interface 

balanced the local capillary pressure. The local 

capillary pressure Pcap is expressed as follows: 
 

th
cap

r
P

 cos2
=

, 
(1) 

 

where, σ is surface tension, θ is the contact angle, rth 

is the throat radius. The throat mass flow rate 

between neighboring pores was proportional to the 

pressure difference between the pores. The mass 

conservation is expressed as follows: 
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where v is the kinetic viscosity and gi,n is the flow 

conductance, which is proportional to the 

quadruplicate throat radius and inversely 

proportional to the throat length. The details of the 

numerical model are available in [1]. 

Constant saturation temperature and pressure 

were applied to the groove and compensation 

chamber (CC). Zero-pressure loss was assumed 

through the transport line and a constant heat flux 

was applied at the top of the casing. The applied heat 

fluxes increased to the operating limit of the upper 

temperature range. Ammonia was used as the 

working fluid, and porous polytetrafluoroethylene 

(PTFE) porous media were used as wicks.  
 

3. Porous sample 

Three porous samples with different pore radius 

ratios ( = rL/rS) were generated, as shown in Figure 

3. The porosity characteristics of the samples are 

listed in Table 1. The ratio of the pore radius at the 

peak on the small side ( = rS) to the pore radius at 

the peak on the large side ( = rL) is defined as rL/rS , 

which was adjusted by changing rL, while keeping 

rS constant for each sample. The frequencies at rS 

and rL are defined as fS and fL, respectively, with the 

ratio fL/fS set to 1.0, 0.25, and 0.10 for rL/rS = 4, 10, 

and 16, respectively. The throat radii were generated 

based on the designed pores. Diameter distribution 

was then randomly allocated to the wick. The 

computational permeability was fitted to match the 

permeability measured in [5]. 
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Figure 3. Pore-size distribution of the three 

biporous samples. 
 

Table 1. Porous characteristics of the biporous 

samples. 
Sample rS(μm) rL(μm) fL/fS  K(m2) 

rL/rS = 4 3.0 12 1.0 9.6×10−13 

rL/rS = 10 3.0 29 0.50 9.8×10−13 

rL/rS = 16 3.0 47 0.25 9.7×10−13 
 

4. Results and discussion 

The results of the evaporator heat-transfer 

coefficients are shown in Figure 4. The heat-

transfer coefficient was calculated using the heat 

flux applied to the evaporator casing and the 

temperature difference between the average 

temperature of the evaporator casing surface and 

the saturation temperature of the vapor. The 

sample with a small rL/rS demonstrated a high  
 

 
Figure 4. Computed heat-transfer coefficients of 

the evaporator for each sample. 

maximum heat flux and heat-transfer coefficient. 

The computed liquid-vapor interfaces and 

phase distributions at the contact surface between 

the casing and wick for the sample with rL/rS = 4 

are shown in Figure 5. For reference, the liquid-

vapor interface of a liquid-saturated wick is also 

shown for reference, although this state was not 

simulated. At low heat fluxes, the liquid-vapor 

interface within the wick exists only near the 

contact surface. At 6.25 W/m2, the liquid-vapor 

interface extended in the depth direction, and the 

length of the TPCL (the boundary line between the 

two phases at the contact surface) increased. At 

8.75 W/cm2, the liquid-vapor interface shape 

became more complex, and the TPCL became 

longer. In addition, some Haines jumps, local 

breakthroughs at the pore scale, occurred at the 

liquid-vapor interface between the grooves and 

wick. This phenomenon does not occur in 

monoporous wicks. At 10 W/cm2, the interface 

receded across the plane, and the TPCL became  
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Figure 5. Liquid-vapor interface for the sample 

with rL/rS = 4. (a) Saturated wick and (b) 1.25 

W/cm2, (c) 3.75 W/cm2, (d) 6.25 W/cm2, (e) 8.75 

W/cm2, (f) 10 W/cm2 of applied heat flux. 
 

significantly shorter, causing a reduction in heat-

transfer coefficient. Numerous local Haines jumps 

occurred below the grooves, resulting in a complex 

liquid-vapor interface. 

Three main modes of phase distribution were 

classified: (1) shallow vapor pockets with relatively 

short TPCL lengths (Low-hevap), as shown in 

Figures 5b and c; (2) locally deep vapor pockets 

with long TPCL lengths (High-hevap), as shown in 

Figures 5d and e; and (3) deep vapor pockets 

throughout the plane with short TPCL lengths (Pre-

dryout). These three-phase distribution modes are 

clearly observed in Figure 6, where the TPCL length 

and maximum depth of the vapor pocket are shown. 

Figure 7 shows the temperature distribution at 

the contact surface at 8.75 W/cm2, where the heat-

transfer coefficient was high. The temperature was 

lower near the TPCL areas, where evaporation 

occurred, and higher in regions farther from the 

TPCL. Evaporation at the TPCL was the dominant 

heat transport mechanism in the evaporator in the 

two-phase state, particularly in wicks with low 

thermal conductivity. As shown in Figure 8, the 

heat-transfer coefficient of the evaporator was 

linearly related to the TPCL length. This 

characteristic is consistent with that of monoporous 

wicks. 

Figure 9 shows the phase distributions with the 

samples of rL/rS = 10, 16 at high heat fluxes where 

the heat-transfer coefficients are high. Both 

distributions have the long TPCL similar to Figure 

5d, e and can be classified as the High-hevap mode. 

Compared to monoporous wicks, while the 

shapes of the liquid-vapor interface and TPCLs 

differed, there was no difference in the  
 

 
Figure 6. The TPCL length of each sample. Ltri are 

normalized with the TPCL length in the case of the 

liquid-saturated wick. Dvp are normalized with the 

wick height. 
 

 
Figure 7. Temperature distribution at the contact 

surface between the casing and wick at 8.75 

W/cm2 of heat flux for the sample with rL/rS = 4. 
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Figure 8. Relationship between the TPCL length 

and heat-transfer coefficient of the evaporator.  
 

 
Figure 9. Liquid-vapor interfaces for the samples 

with rL/rS = 10 and 16. 
 

fundamental heat transport mechanism; the heat-

transfer coefficient increased with TPCL length. 

Figure 4 shows that the heat flux at which the 

phase distribution mode transitions to the High-

hevap mode varies with the pore radius ratio. A 

higher pore radius ratio corresponds to a low 

transition heat flux to the High-hevap mode. This 

suggests that the high heat-transfer coefficient can 

be optimized by adjusting the pore-radius ratio of 

the biporous wick. Future research should focus 

on the influence of pore-size distribution and fluid 

properties. 
 

5. Conclusions 

To optimize the pore-size distribution of 

biporous wicks, the thermal hydraulics of the LHP 

evaporator were calculated using a pore network 

simulation for three different pore radius ratios 

while keeping permeability constant. The sample 

with a small pore radius ratio exhibited a high 

maximum heat flux and a high heat-transfer 

coefficient of the evaporator. The relationship 

between the TPCL and the heat-transfer 

coefficient was linear for biporous wicks, and 

there was no difference in the fundamental heat 

transport mechanism; a longer TPCL showed a 

higher heat-transfer coefficient compared to 

monoporous wicks. A high pore radius ratio 

indicated a lower transition heat flux to the high 

heat-transfer coefficient mode. This suggests the 

heat-transfer coefficient can be deliberately 

increased at specific heat fluxes, potentially 

expanding the use of low-heat-flux sources such 

as solar and geothermal heat. 
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Thermal Performance Evaluation of Tower Type Vapor Chamber 
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Abstract 
Tower heat sink is used for high power electronic device cooling solution. There are tower type heat pipe and vapor 

chamber design. Tower type heat pipe have multiple heat pipes on solid metal base. Tower type vapor chamber have 

multiple heat pipe on vapor chamber base and bottom of pipe and vapor chamber is integrated. Tower type vapor 

chamber’s thermal resistance is lower than tower type heat pipe because there is no interface between pipe and base 

and large vapor space. Experimentally, thermal resistance of tower type vapor camber is 12% lower and dry out 

limit is around 14% higher than tower type heat pipe. Tower type vapor chamber’s performance is depended on 

internal water flow path and amount of fluid charging. Especially heat transfer coefficient and dry out limit is 

affected. Internal flow path between condensation and evaporation area and high amount of fluid charging is 

necessary for high power heating solution. 

Keywords: Vapor Chamber; Heat Spreader; High Heat Flux; Chip packaging 

1. Introduction

Tower heat sink is used for high power cooling 

solution. It is made from metal base, heat pipe 

and fin. Heat pipe is connected on top side of 

metal base with bending and the other side of HP 

is connected to fin. Recently power density of 

chip is increasing and heat dissipation capacity of 

tower heat sink may not be enough for high 

power electronics like a high density CPU/GPU. 

Heat pipe is bended and heat transport property is 

decreased due to decreasing of vapor path at 

bending area. Furthermore, there is contact 

thermal resistance of bonding layer between heat 

pipe and metal base. Recently tower type vapor 

chamber is attracting attention as an air-cooling 

solution. Vapor chamber is well-known two-phase 

heat transfer device, which spreads heat from small 

area of heat sources to large area of heatsink. 

Appearance of tower type vapor chamber is similar 

to tower heat sink but inside of metal base is vapor 

chamber and heat pipe is connected to vapor 

chamber directly. Vapor space of vapor chamber 

and heat pipe is continuously and there is no 

thermal resistance between vapor chamber and 

heat pipe. Fluid and vapor flow paths in tower 

vapor chamber is complex than tower heat sink 

because the direction of vapor and liquid flow in 

tower vapor chamber is changed to horizontally or 

vertically in internal space. A comparison between 

tower vapor chambers and tower heat pipes and the 

effect of the tower vapor chamber’s internal 

structure on the heat transport characteristics and 

the effect of water charging to evaporation and 

condensation condition will be reported. 

2. Structure of Tower Type Vapor Chamber

  Fig. 1 shows a schematic of a typical vapor 

chamber[1]. Vapor chamber is made from 

container, wick and column. Air in inside of vapor 

chamber is evacuated and the working fluid is 

charged with keeping vacuum for make saturated 

condition. When one area of the vapor chamber is 

heated, working fluid is vaporized and vapor is 

flowed to the other area. Vapor is condensed to 

fluid at condensation area and latent heat is 

released. Condensed fluid is spread on column or 

wall surface or moved in wick by capillary force. It 

is returned to the evaporator area and vaporized 

again. The vapor chamber can transport heat from 

heating area to cooling side by using this cycle of 

evaporation and condensation and thermal 

resistance of vapor chamber is kept lower than that  

 

Figure 1.   Fundamental of Vapor Chamber 

Wick 

Heatsink 
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Vapor 
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of heat sink. When it is used to high heat 

generation solution like a CPU/GPU, it is need to 

increase heat dissipation [2]. Tower type heat sink 

solution is used for increase heat dissipation. Fig.2 

is shown a schematic of a tower heat pipe heat sink. 

It has multiple heat pipes. It is bended to L shape 

or U shape.  Bottom side of heat pipe is on base 

plate and other side is extended to vertical direction 

for set fin. Heat is conducted from base and moved 

to fin by heat pipe. Appearance is tower like and 

fin volume is high for large amount of dissipation 

heat.  The dissipation heat of tower type heat pipe 

solution is depended on the number of pipes. As a 

result, size of tower type heat pipe is easily 

increased  when it is used high power heat source. 

Fig.3 and Fig.4 show tower type vapor chamber. 

Vapor chamber is used as a base and heat pipe is 

connected on the top side of vapor chamber base 

as a condensation area. Vapor space in pipe and 

base is combined and heat sink is attached to the 

outside of pipe. Vapor chamber base is contacted 

to heat source and working fluid in inside of 

vapor chamber is vaporized by heat from heat 

source. Vapor is rising in pipe and condensed. As 

a result, heat is dissipated through the fins. 

Condensed fluid on the surface of pipe is returned 

to the evaporator area by wick’s capillary force. 

The heat transport capacity of tower type vapor 

chamber is higher than tower heat sink and tower 

heat pipe due to large internal vapor space. The 

design of liquid and vapor flow paths is important 

for performance because the direction of vapor and 

liquid flow in tower vapor chamber is changed to 

horizontally or vertically in vapor space.  

 

 

Figure 2.  Tower type heat pipe 

 

 

Figure 3.  Tower vapor chamber. 

 

3. Simplified vapor chamber  model 

The main difference between the tower type 

vapor chamber and heat pipe is evaporator 

structure. Fig. 5 show thermal circuit schematic of 

tower type heat pipe and vapor chamber. In general, 

the heat pipe is soldered to the base on the other 

hand, the space in heat pipe and vapor chamber is 

integrated. Thermal resistance of tower type heat 

sink is high due to the effect of heat conduction of 

the solder layer and base. There is no solder layer 

in tower type vapor chamber and heat is conducted 

to vapor chamber base directly. As a result, tower 

vapor chamber can kept low thermal resistance. 

Furthermore there is difference in evaporation area.  

Tower type heat pipe’s evaporator is made from 

multiple heat pipes and evaporation area is internal 

surface of heat pipe. It is separated and vapor and 

liquid flow in heat pipe is limited to pipe length 

direction due to pipe wall. Considering the 

thickness of the pipe wall, the apparent area of the 

evaporation area is decreased. There is no interface 

like wall of pipe in evaporator area of vapor 

chamber and  effective evaporator area is larger 

than tower heat pipe. As a result, vapor chamber 

base is effective for decrease evaporation thermal 

resistance.  

4. Sample and test condition 

The tower heat pipe consists of 8 pcs of L-shape 

bended heat pipe, and it is fixed by solder to solid 

Cu base. Fin is connected to  

 

 

 

 

(a) Tower type vapor chamber 

 

 

 

(b) Vapor chamber base and hipe condensation 

structure. 

 

Figure ４.  Tower type vapor chamber 
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each pipe for cooling side (Fig.2).   Inside of 

tower vapor chamber base have space as 

vapor chamber and heat pipe are connected 

to the top of base. Wick is formed to the 

inner wall of pipe for condensed water flow 

path. It is extended from the pipe inside wall 

to bottom surface for contact wick in pipe 

and bottom wick on the surface of base wall 

(Fig.6). In order to evaluate the effect of the 

wick to water flow, a sample without a wick 

in the pipe was evaluated (Fig.3).Samples 

were tested in wind tunnel (Air temperature 

is 25℃ and air flow rate is 60 CFM) with 50 

mm x 30 mm heater. Heater is fixed under 

center of base and thermal grease is printed 

between base and heater. Thermal resistance 

Rt [°C/W] is defined from the base 

temperature Tbase [°C], inlet air temperature 

Tair [°C] and heater power Q [W]  as below. 

𝑅𝑡 = (𝑇𝑏𝑎𝑠𝑒 − 𝑇𝑎𝑖𝑟)/𝑄 (1) 

The evaporation heat transfer coefficient hevp 

[W/(m2 ・ K)] was calculated from tube top 

temperature Ttop [°C] as below. 

ℎ𝑒𝑣𝑝 = 𝑄/((𝑇𝑏𝑎𝑠𝑒 − 𝑇𝑡𝑜𝑝)𝐴𝑒𝑣𝑝) (2) 

where A is the area of the evaporation area [m2]. 

The condensation heat transfer coefficient hcon 

[W/(m2 ・ K)] was calculated from tube top 

temperature THP top [°C] and VC top temperature 

TVC top[°C]. 

ℎ𝑒𝑣𝑝 = 𝑄/((𝑇𝐻𝑃 𝑡𝑜𝑝 − 𝑇𝑉𝐶_𝑡𝑜𝑝)𝐴𝑐𝑜𝑛) (3) 

 

6.Experimentalresult 

6.1. Heat transport property consideration 

Figure 8 and 9 shows the measured value of Rt 

and hevp. Rt of sample without a wick in pipe was 

increased from 200W and hevp was decreased. It 

shows dryout was happen from low power [2] 

 

 

 
Figure 7. Temperature measurement point  

 

 
(a)Tower type heat pipe 

 
 

(b)Tower type vapor chamber 
 

Figure 5.  Tower type vapor chamber 
 

 
Figure 6.  Tower type vapor chamber 
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This case fluid returning direction and vapor 

condition. On the other hand, Rt of sample with 

wick in HP is kept steady condition with 

increasing power and dryout does not occur until 

800W.  In case of no wick on the surface of inner 

pipe, the condensed liquid must either slip out 

from the pipe or return to the evaporation zone 
along the wall surface. It is considered that 

dryout occurred because the liquid condensed in 

the pipe was not returned sufficiently and there 

was not enough liquid in the evaporation area. 

flow direction is different. Fluid and vapor is 

affected and fluid returning is impeded by 

counter flow effect[2]. Extending wick from pipe 

to bottom wick act as liquid reflux flow path 

from condensation area to evaporation area. As a 

result, condensed liquid move from condensation 

area to evaporator and dryout limit is increased 

due to  the amount of liquid reflux increasing. 

Comparing the thermal resistance of the tower 

vapor chamber with that of the tower heat pipe, 

the thermal resistance of the tower vapor 

chamber is about 15% lower. The evaporative 

heat transfer coefficient for the tower heat pipe 

was about 30,000[W/(m2-K)], while that for the 

tower vapor chamber was about 90,000[W/(m2-

K)]. In the tower type heat pipe, each vapor space 

in pipe is independed and the vapor transport 

path is restricted to the inside of the pipe. It 

means heat spreading is one-dimensional. In the 

tower-type vapor chamber, the pipe and the base 

are combined and the vapor diffuses in the plane 

direction and then rises in the pipe to dissipate 

heat. Heat dissipation is three-dimensional 

transport.  Therefore, it is considered that the 

evaporative heat transfer coefficient is larger than 

that of the tower type heat pipe due to the larger 

vapor space and lower pressure drop in vapor 

transport, resulting in lower thermal resistance. 

6.2. Effect of charging liquid 

Fig.10 show the water charging ratio dependence 

of thermal resistance of tower type vapor chamber. 

When charging water is 5.4 cc, it was worked until 

400 W and thermal resistance is increased at high 

input power condition. Working power limit is 

increased to 800W by increasing amount of 

charging liquid. Rt of sample with 6.5cc charging 

is decreased with increasing input power until 

800W and it is increased over 800W. Rt of sample 

with 7.3cc charging have same property. Fig.10 

and Fig.11 show the results of evaporation and 

condensation heat transfer coefficient for various 

liquid volumes. Peak of hevp of sample with 5.4cc 

charging is 400W and hevp is decreased with  

 

 
Figure 10.   The amount of charging fluid 

dependence of thermal resistance 

 

increasing power. It means water charging level is 

low level and the dryout limit of vapor chamber is 

400W level. The dryout limit of sample with 

charging  of 6.5cc and 7.3cc is 800W level but 

decreasing in hevp of sample with 7.3cc is smaller 
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Figure 8.  Thermal resistance: Rt . 

 

 
Figure 9.  Evaporation heat transfer 

coefficient: hevp . 
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than sample with charging 5.4cc. It show dryout 

condition is different due to high water charging 

and it is partial dryout condition. Any case of 

liquid charging level, peak of  hevp is same level. 

hcon have same property. When amount of charging 

fluid is increased, peak of hcon is shifted to high 

input power condition. It means tower type vapor 

chamber’s performance and dryout limit is 

depended on charging water level. 

7. Conclusion 

Heat transfer property of tower type vapor 

chamber and heat pipe is evaluated and compare 

property of same size of tower type heat pipe. 

Thermal resistance of tower type vapor camber is 

12% lower and dry out limit is around 14% 

higher than tower type heat pipe. Tower type 

vapor chamber’s performance is depended on 

internal water flow path and amount of fluid 

charging. Especially heat transfer coefficient and 

dry out limit is affected. Internal flow path 

between condensation and evaporation area and 

high amount of fluid charging is necessary for 

high power heating solution. 
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Figure 11. The amount of charging fluid 

dependence of hevp 

 
Figure 12. The amount of charging fluid 

dependence of hcon 
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Abstract 
Loop heat pipes (LHPs), utilizing the capillary force of the porous wick to circulate the working fluid internally, has 
been widely employed as an efficient thermal management device in both aerospace industries and household 
technologies. Thanks to the endeavors of the pioneering researches, various optimization methods, especially 
regarding to the pivotal component – evaporator with the wick inside, have been proposed to improve the heat transfer 
performance of LHPs. Despite these advances, there are still divergence on the optimal size of groove dimensions in 
the wick, presumably due to the common neglect on the influence imposed by the changing vapor-liquid interface. In 
this work, therefore, a three-dimensional numerical simulation model based on CFD method, as well as a visual 
experiment, is established to simultaneously observe the vapor-liquid distribution and the thermal efficiency of the 
LHPs in the vapor grooves. The experimental results and simulation have shown that there is thin-film evaporation in 
the vapor groove when the evaporator is applied with a low heat load. However, such liquid film will gradually 
attenuate or even retract into the solid wick when the heat load is above a threshold value. Particularly, the change in 
liquid film leads to the altering in the evaporator heat-transfer coefficient. 

Keywords: Loop heat pipe; Visualization; Vapor-liquid distribution; Heat-transfer coefficient  

1. Introduction
The loop heat pipe (LHP) is an efficient two-

phase heat transfer device that utilizes the 
evaporation and condensation of the working fluid 
internally [1]. Different from the traditional heat 
pipe (HP), LHPs separate the liquid and vapor lines 
and leverage the porous wick in the evaporator to 
drive the circulation of the working fluid [2]. This 
special structure renders anti-gravity ability, long-
distance, and high heat transfer capacity for LHPs, 
making them widely used for the payloads in 
satellites [3], battery thermal management [4], and 
electronic devices [5].  

As a key component of LHP, the evaporator plays 
a pivotal role in both organizing evaporation and 
providing the driving force for the LHP system. 
Consequently, enhancing the heat transfer 
performance of the evaporator is a key strategy in 
optimizing the design of LHPs. The heat transfer 
capability of the evaporator can be characterized by 
an evaporative heat transfer coefficient. The 
evaporative heat transfer coefficient is considered to 
have a significant relationship with the liquid-vapor 
distribution in the vapor groove and the wick. 
Anand [6] pointed out that the thermal resistance 
from the evaporator wall to the liquid-vapor 
interface is a major factor affecting the evaporative 
heat transfer coefficient. Kissev [7] concluded that 
when the evaporator operates in the meniscus 
evaporation mode, an enhancement in both the 
evaporative heat transfer coefficient and the 

maximum heat flux can be achieved. 
Nevertheless, the relationship between the liquid-

vapor interface behaviors under different heat loads 
and the evaporator heat-transfer coefficient has not 
been verified by the combination of visualization 
and simulation. In this work, a visualization 
experiment on a LHP was conducted to observe the 
internal working fluid state in the vapor grooves 
from the radial circumferential surface of the 
evaporator. At the same time, a 3-D numerical 
simulation of the evaporator was established based 
on CFD methods, comprehensively considering the 
capillary force and phase change. The relationship 
between the liquid film thickness inside the vapor 
grooves and the evaporation heat transfer coefficient 
under varying heat loads was analyzed by the 
visualization experiment and the 3-D numerical 
simulation. 

2. Experimental setup
2.1. LHP with visualized evaporator 

and experimental apparatus 
The LHP used in the experiment is shown in Fig. 

1 (a). It consists of a cylindrical evaporator 
containing a PTFE wick, a CC, a condenser, a vapor 
line, and a liquid line. The envelope of the 
evaporator is made of quartz glass to facilitate the 
visualization of the vapor-liquid interface in the 
wick grooves. Fig. 1 (b) presents a detailed view of 
the internal structure of the visualized evaporator 
and CC. Both the radial circumferential surfaces of 
the evaporator and CC, as well as their axial planes, 
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are all fabricated with high-transparency quartz 
glass as the visualization windows. The various 
components are securely fastened and sealed using 
flanges and O-rings, ensuring tight connections 
between the evaporator and CC. A pressure test has 
demonstrated that this structure can withstand a 
pressure of 1.2 MPa. The loop heat pipe employs 
R245fa, an eco-friendly refrigerant, as its working 
fluid. Its saturation pressure ranges from 0.053 MPa 
to 1.006 MPa within the temperature span of 0 to 
90°C, fulfilling the pressure-bearing capability of 
the visualized evaporator. The detailed structural 
parameters of the LHP are presented in Table 1. 

 

Figure 1. The LHP and the visualized 
evaporator diagram 
 

Table 1. Main geometric parameters of the LHP 
Components Parameters Dimensions 
Evaporator ID/OD×L (mm) 22/40×95 
CC  ID/OD×L (mm) 32/50×83 

Wick  ID/OD×L (mm) 8/22×80 
Porosity 33% 

Vapor grooves W/H×L (mm)  1/1×80 
Quantity 12 

Vapor line  ID/OD×L (mm) 4/6×740 
Liquid line  ID/OD×L (mm) 4/6×570 
Condenser  ID/OD×L (mm) 4/6×420 

 

The schematic diagram of the experimental setup 
and the distribution of the temperature sensors are 
depicted in Fig. 2. During the experiment, the LHP 
is placed horizontally. Four-wire Pt1000 platinum 
resistance temperature sensors are assigned along 
the LHP to measure local temperature at crucial 
points along the LHP. Polyethylene film heaters are 
uniformly affixed to the circumferential wall of the 
evaporator covering an area of 72 cm2 to provide 
various heat loads. It is worth mentioning that the 
polyethylene film heaters which are not transparent 
would block out the view of the evaporator wall. To 
facilitate clear observation of the vapor-liquid 
distribution within the axial vapor grooves of the 
evaporator, the polyethylene film heaters are only 
put on the outer surface of the evaporator 
corresponding to the locations of the wick fins. The 
condenser is thermally coupled to a water-cooled 
plate using a thermal pad and secured with C-

clamps to minimize contact thermal resistance. 
Serving as a heat sink, the temperature of the water-
cooled plate is regulated by the temperature control 
module of the water chiller, maintaining a constant 
sink temperature of 15 ± 0.1°C throughout the 
experiment. A high-speed camera operating at 1000 
frames per second (fps) is utilized to record the 
vapor-liquid distribution in the vapor grooves. 
 

 
Figure 2. Experiment system & temperature 

sensor distribution 
 

2.2. Data Processing and Uncertainty 
Analysis 

The following steps are employed to visually 
record and extract liquid film thickness 
characteristic parameters in the vapor grooves: 

(1) Adjust the focus of the high-speed camera so 
that it can clearly discern the vapor-liquid 
distribution features within the vapor grooves. 

(2) Given the known groove width Wv, compare 
the number of pixels occupied by the channel width 
in the image (Nv), and convert this to determine the 
actual size represented by each pixel in the image. 

(3) Process the captured images for grayscale and 
binarization, enhancing the visual distinction 
between the vapor and liquid phases. 

(4) Utilize image processing software to measure 
the total number of pixels occupied by the liquid 
film (Nl), thereby the liquid film thickness (dl) can 
be obtained by: 

𝑑𝑑𝑙𝑙 =
𝑊𝑊𝑣𝑣

𝑁𝑁𝑁𝑁
× 𝑁𝑁𝑙𝑙 �1� 

The operating temperature Te is utilized to 
assess the heat transfer performance of the LHP. 

𝑇𝑇𝑒𝑒 =
𝑇𝑇1 + 𝑇𝑇2

2
�2� 

The evaporator heat-transfer coefficient is a 
critical parameter for assessing the heat transfer 
performance of the LHP, which is defined as the 
evaporator heat-transfer coefficient between the 
inner wall of the evaporator shell and the vapor: 

ℎ𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒 =
𝑄𝑄𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎

𝐴𝐴𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎(𝑇𝑇𝑤𝑤 − 𝑇𝑇𝑣𝑣)
�3� 

𝑄𝑄𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎 = 𝐼𝐼𝐼𝐼 �4� 
Where, Tw denotes the temperature of the 

evaporator’s inner shell, and Tv signifies the 
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temperature of the vapor. The temperature of 
the evaporator inner shell Tw is obtained by 
subtracting the temperature difference caused 
by heat conduction through the evaporator 
shell from the average surface temperature of 
the evaporator Te: 

𝑇𝑇𝑤𝑤 = 𝑇𝑇𝑒𝑒 −
𝑄𝑄𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑙𝑙𝑙𝑙(𝐷𝐷𝑜𝑜/𝐷𝐷𝑖𝑖)

2𝜋𝜋𝜋𝜋𝐿𝐿𝑒𝑒
�5� 

Where, Do and Di denote the outer and inner 
diameters of the evaporator wall respectively, λ 
signifies the thermal conductivity of the quartz 
glass, and Le stands for the length of the 
evaporator. 

In the experiment, the liquid film thickness, 
temperature, voltage, and current are directly 
measured parameters. After an appropriate focal 
length of the high-speed camera is determined, the 
real size of one pixel in the recorded image can be 
calculated, which is about 15.4 μm. The 
uncertainty of liquid film thickness measured is 
determined as one pixel at the direction vertical to 
the vapor grooves, corresponding to ± 15.4 μm. 
The uncertainty of the PT1000 platinum resistance 
temperature sensor with an accuracy is ± 0.15 K. 
The accuracy grades of both the ammeter and 
voltmeter are 0.5%. The heat load and thermal 
resistance are indirect measurement parameters, 
with their uncertainties primarily stemming from 
directly measured parameters such as temperature, 
resistance, and voltage. According to the standard 
uncertainty analysis [8], the uncertainty of heat 
load and evaporator heat-transfer coefficient are 
5.31%, and 5.53%, respectively. 

 

3. Numerical simulation model 
Fig. 3 shows the schematic of the computational 

domain for the LHP evaporator. As shown in Fig. 3, 
the computational domain comprises wall, wick, 
and vapor groove. The vapor grooves are several 
rectangle grooves milled on the outer surface of the 
wick, whose width and height are presented as Wv 
and Hv. The region where the inner surface of the 
wick comes into contact with the evaporator wall is 
called as fin. The length of the fin in the cross 
section is described as Wfin. To reduce the 
computational burden, a half-domain model is 
adopted with symmetric boundary conditions along 
the axes of θ = 0 and θ = θv/2, as depicted in Fig. 3 
(b). A uniform heat load is applied to the outer wall 
of the evaporator. The influence of gravity is 
neglected in this work. Notably, the wick is assumed 
as homogeneous and isotropic porous material. 

 

 
Figure 3. Computational domain & coordinate 

system 
 

3.1. Governing equation 
The Volume of Fluid (VOF) method, intended to 

track vapor-liquid interfaces, is commonly 
employed in computations involving multiphase 
flows with immiscible phases [9]. In the VOF model, 
the phase interface within each infinitesimal is 
implemented by means of the introduction of the 
volume fraction variable. The governing equations 
encompass the continuity equation, momentum 
equation, and energy equation. 

Continuity equation: 

�𝛼𝛼𝑖𝑖 = 1
𝑖𝑖

�6� 

𝜕𝜕
𝜕𝜕𝜕𝜕
�𝜀𝜀𝛼𝛼𝑝𝑝𝜌𝜌𝑝𝑝� + ∇ ∙ �𝜀𝜀𝛼𝛼𝑝𝑝𝜌𝜌𝑝𝑝𝑢𝑢𝑝𝑝����⃗ � = 𝑆𝑆𝑝𝑝 �7� 

Where, ρ, 𝑢𝑢�⃗ , and α respectively denote the 
density, velocity, the volume fraction of vapor or 
liquid. The state of the fluid is designated by the 
subscript p, containing the vapor phase or liquid 
phase. ε signifies porosity. In the zone of wick, ε is 
the porosity of the porous PTFE. In the other fluid 
zone, the value of ε is set at 1. The right term Sp is 
represents the mass source term, which is described 
in Section 3.2 in detail. 

Momentum equation: 
1
𝜀𝜀
�∇ ∙ �

𝜌𝜌𝑚𝑚
𝜀𝜀
𝑢𝑢𝑚𝑚�����⃗ 𝑢𝑢𝑚𝑚�����⃗ �� = −∇𝑃𝑃 +

1
𝜀𝜀
∇ ∙ �𝜇𝜇𝑚𝑚�∇𝑢𝑢𝑚𝑚�����⃗ + ∇𝑢𝑢𝑚𝑚�����⃗

𝑇𝑇�� + 𝑆𝑆𝑐𝑐𝑐𝑐𝑐𝑐 + 𝑆𝑆𝑟𝑟 + 𝐹⃗𝐹𝐶𝐶𝐶𝐶�8�
 

Where, Scap and Sr represent respectively the 
momentum source term contributed by the capillary 
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force and the momentum source term accounting for 
flow resistance in the porous medium zone, which 
are detailed with their exact expressions further 
elaborated in Section 3.3 and Section 3.4. P in Eq. 
(8) denotes the pressure. The subscript m indicates 
the mixture phase of liquid and vapor. 𝐹⃗𝐹𝐶𝐶𝐶𝐶 refers to 
the volumetric force caused by interfacial surface 
tension. This force can be computed using the 
Continuum Surface Force (CSF) model, which was 
proposed by Brackbill et al. [10]. 

𝐹⃗𝐹𝐶𝐶𝐶𝐶 = 𝜎𝜎 ∙
𝜌𝜌𝑟𝑟𝑙𝑙∇𝛼𝛼𝑙𝑙

1
2 (𝜌𝜌𝑙𝑙 + 𝜌𝜌𝑣𝑣)

�9� 

Where, σ and r1 respectively denote the surface 
tension coefficient and the curvature of the liquid 
phase surface. 

Energy equation: 
∇ ∙ �𝜀𝜀𝜀𝜀𝜌𝜌𝑚𝑚𝑢𝑢𝑚𝑚�����⃗ 𝐶𝐶𝑝𝑝,𝑚𝑚𝑇𝑇𝑚𝑚� = 𝜀𝜀∇ ∙ (𝜆𝜆𝑚𝑚∇𝑇𝑇𝑚𝑚) +

(1 − 𝜀𝜀)∇ ∙ (𝜆𝜆𝑠𝑠∇𝑇𝑇𝑚𝑚) + 𝑆𝑆𝐸𝐸 �10�
 

Where, the subscript s and SE refer to the solid 
portion of the wick and the energy source term 
associated with phase change. 

3.2. Phase-change model 
The primary function of the phase-change model 

is to compute the phase-change mass source term Sp, 
which is then incorporated into the continuity 
equation to simulate the phase-change process. In 
this study, the Lee model [11] is employed, utilizing 
the saturation temperature Tsat as the criterion of 
condensation and evaporation, to accurately predict 
the occurrence of phase change. 

𝑆𝑆𝑝𝑝 =

⎩
⎪
⎨

⎪
⎧ 𝐶𝐶𝑙𝑙𝛼𝛼𝑙𝑙𝜌𝜌𝑙𝑙(𝑇𝑇𝑚𝑚 − 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠)

𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠
, 𝑇𝑇 ≥ 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠

𝐶𝐶𝑣𝑣𝛼𝛼𝑣𝑣𝜌𝜌𝑣𝑣(𝑇𝑇𝑚𝑚 − 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠)
𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠

, 𝑇𝑇 < 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠
�11� 

Where, Cl and Cv are mass transfer time 
parameters with unit s-1. According to the work of 
Wu et al. [12] and De Schepper et al. [13], Cl and 
Cv are set to 0.1. Particularly, both the numerical 
simulation and experimental observation are 
consistent with each other in the work of Wu et al. 
[12]. 

𝑆𝑆𝐸𝐸 = 𝑆𝑆𝑝𝑝ℎ𝑙𝑙𝑙𝑙 �12� 
Where, hlv represents the latent heat of 

vaporization of the fluid. 
3.3. Porus media model 
The wick within the evaporator constitutes a 

porous medium zone, with its pressure drop 
conforming to the Forchheimer equation [14]. As a 
result, the resistance source term within the porous 
medium can be captured by: 

𝑆𝑆𝑟𝑟 = −
𝜇𝜇
𝐾𝐾
𝑢𝑢�⃗ − 𝐶𝐶2 ∙

1
2
𝜌𝜌|𝑢𝑢�⃗ |𝑢𝑢�⃗ �13� 

Where, μ is dynamic viscosity. C2 is the 
Forchheimer factor (inertial force factor), which can 
be calculated by: 

𝐶𝐶2 =
3.5
𝐷𝐷𝑝𝑝

∙
1 − 𝜀𝜀
𝜀𝜀3

�14� 

Where, Dp denotes the average particle diameter. 
Generally, the second term on the right of Eqn. (8) 
can be omitted due to the small mass flow rate in the 
LHP [15]. K is the permeability of the porous 
material, obtained by the Ergun equation [16]: 

𝐾𝐾 =
𝐷𝐷𝑝𝑝2

150
∙

𝜀𝜀3

(1 − 𝜀𝜀)3 �15� 

3.4. Capillary force model 
The capillary force formed at the evaporating 

meniscus drives the return of liquid from the central 
core back to the evaporation interface, playing a 
crucial role in the LHP cycle. However, since the 
solid skeleton that is physically present is not 
represented in the porous media model, the capillary 
force formed by the surface tension on the three-
phase contact line between solid, liquid, and vapor 
cannot be calculated in the model. In the present 
work, capillary force is represented as a momentum 
source term added to the momentum equations, 
which is applied only at the vapor-liquid interface 
within the porous zone through the use of a User 
Defined Function (UDF). Although capillary force 
manifests as a volume force in the momentum 
equation, it is in essence surface forces acting 
perpendicular to the vapor-liquid interface. The 
capillary force is determined by the Young-Laplace 
equation as follows: 

𝑆𝑆𝑐𝑐𝑐𝑐𝑐𝑐 =
2𝜎𝜎𝜎𝜎𝜎𝜎𝜎𝜎𝜎𝜎
𝑅𝑅𝑒𝑒𝑒𝑒𝑒𝑒

∇𝛼𝛼𝑣𝑣 �16� 

Where, ϕ, Reff, and ∇αv represent the contact 
angle, the effective radius of the wick, the gradient 
of the vapor phase volume fraction, respectively. In 
the porous medium zone, ∇αv is always 
perpendicular to the vapor-liquid interface. 
Apparently, the magnitude of the capillary force 
varies with the gradient of the vapor volume fraction 
and the area of vapor-liquid interface caused by 
changes in heat loads. 

3.5. Initial and boundary conditions 
The heat transfer between the vapor groove, wick 

and wall is a mutually coupled process. The 
boundary conditions are represented as following. 

At r = Rwick +δw, for heated surface (Lwall - Lv < 
z < Lwall), 

−𝜆𝜆 ×
𝜕𝜕𝜕𝜕
𝜕𝜕𝑛𝑛�⃗

=
𝑄𝑄𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎
𝐴𝐴ℎ𝑒𝑒𝑒𝑒𝑒𝑒

�17� 
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At r = Rwick +δw, for other surface (z < Lwall 
- Lv) 

−𝜆𝜆 ×
𝜕𝜕𝜕𝜕
𝜕𝜕𝑛𝑛�⃗

= 0 �18� 
At r = Rcore, for inlet surface (0 < z < Lwall), a 

velocity has been set as the inlet condition. The 
velocity is determined by the input heat load and 
the latent heat of vaporization of the fluid: 

𝑣𝑣 =
𝑄𝑄𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎

2ℎ𝑙𝑙𝑙𝑙𝜌𝜌𝑙𝑙𝜋𝜋𝑅𝑅𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝐿𝐿𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤
�19� 

At z = 0, for adiabatic surface (Rcore < r < Rwall) 

−𝜆𝜆 ×
𝜕𝜕𝜕𝜕
𝜕𝜕𝑛𝑛�⃗

= 0 �20� 

At z= Lwall, for outlet surface (Rcore < r < Rwick), 
we set pressure as the outlet condition (the gauge 
pressure): 

𝑃𝑃𝑜𝑜𝑜𝑜𝑜𝑜 = 0 𝑃𝑃𝑃𝑃 �21� 
At z= Lwall, for other surface (Rwick < r < Rwall) 

−𝜆𝜆 ×
𝜕𝜕𝜕𝜕
𝜕𝜕𝑛𝑛�⃗

= 0 �22� 

At θ = 0 and θ = θv/2, symmetry boundaries (0 
< z < Lwall) are set in this model. 

The vapor-liquid distribution in the initial state 
of the evaporator is depicted in Fig. 4. In the 
legend, 0 denotes liquid and 1 represents vapor. As 
shown in Fig. 4, the vapor groove is filled with 
vapor, and the wick is flooded with liquid in the 
initial state of the evaporator. 
 

Figure 4. Initial vapor-liquid distribution of the 
evaporator 
 

3.6. Mesh Independence Verification 
The computational domain is divided into three 

zones: the wall as the solid zone, and the vapor 
groove and wick as the fluid zones. The overall 
domain is primarily discretized using hexahedral 
volume meshes, with coarser volume meshes 
employed for areas distant from the vapor groove in 
both the wall and wick zones, while mesh 
refinement is applied near the vapor groove and 
throughout the entire vapor groove zone. The total 
numbers of meshes resulting from this domain 
division are 100300, 123600, 155378, and 173148, 
with corresponding minimum mesh lengths of 0.09 
mm, 0.08 mm, 0.07 mm, 0.06 mm, and 0.05 mm, 
respectively. Mesh independence verification 

calculations are performed for the average 
temperature of the evaporator outer wall at a heat 
load of 40 W using these four meshes, as depicted 
in Fig. 5. In consideration of the accuracy of the 
computational results, as well as the conservation of 
computational resources and time, the mesh with a 
minimum cell length of 0.07 mm is ultimately 
selected for the simulation calculations. 
 

 
Figure 5. Mesh independence verification 

 

4. Results and discussions 
4.1. Experiment results 

The temperature distribution along the LHP and 
vapor-liquid phase interface of the working fluid 
are experimentally observed under the heat load 
range from 5 W to 45 W. As shown in Fig. 6, under 
the heat load of 5 W, temperatures T1 and T2 
gradually increased from ambient temperature to 
around 320 K. Concurrently, there were slight 
increases in the temperatures of the evaporator 
vapor chamber T3, evaporator outlet T4, and CC 
inlet T11, as well as the CC temperatures T12-T14. 
Conversely, the temperatures of the condenser T6-
T9 remained virtually unchanged. The observed 
temperature rise can be attributed to heat leakage 
between the evaporator and CC and thermal 
conduction through the connecting lines. After 50 
minutes, the evaporator outlet temperature T4 did 
not exhibit an appreciable tendency to increase, 
indicating no vapor output. Namely, the LHP 
failed to startup under the heat load of 5 W. 
Consequently, the LHP is considered to have 
failed to startup under a heat load of 5 W.  

When increasing the heat load to 10 W, the 
evaporator temperature skyrocketed immediately 
rose, followed by a rapid decline after 175 seconds, 
indicative of the substantial generation of vapor in 
the evaporator and its subsequent escaping along 
the vapor line. As a result, the temperatures of the 
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vapor line and condenser inlet also increased. 
After 190 seconds, the temperatures of the liquid 
line and CC inlet began to decrease. Such a 
decrease suggested that the vapor produced by the 
evaporator was driving the working fluid into the 
CC, initiating the circulation of the working fluid 
within the LHP successfully.  

Successful LHP startup is thus confirmed. 
Following the successful startup, stepwise 
increases of the heat load from 10 W to 45 W are 
successively exerted on the LHP. As a response, 
the temperatures of the LHP evaporator 
consistently exhibited an initial rapid rise within 
10 minutes and then followed by a gradual 
stabilization plateau. The LHP demonstrated 
response times within 10 minutes and is capable 
of maintaining steady-state temperatures for 30 
minutes before each change in the heat load. 
 

Figure 6. Temperature of the LHP in the 
experiment 
 

Fig. 7 demonstrates the vapor-liquid 
distribution images in the vapor groove of the 
visualized LHP under the heat load range from 10 
W to 45 W. As shown both in the visualized 
images, it is evident that a thin liquid film of 
approximately 0.169 mm thick covers resided on 
the outer surface of the wick within the vapor 
grooves when the heat load is 10 W. Due to the 
influence of gravity, the liquid film layer at the 
upper part of the vapor groove is significantly 
thinner than the lower part. Also notably, small 
bubbles sporadically emerge from the thin liquid 
film layer on the wick surface under the heat load 
of 10 W and 15 W, which means that nucleate 
boiling is dominant in this state [17]. As the heat 
load gradually increases, the thickness of the thin 
liquid film layer decreases, and it eventually 
disappears after the heat load reaches 35 W. 

 

 
Figure 7 Vapor-liquid distribution diagrams in 

the vapor groove under varying heat loads 
 

4.2. Model validation 

Fig. 8 presents a comparison of model 
simulation results for the experimental and 
numerical data of the average wall temperature of 
the evaporator under various heat loads with the 
experimental data, which exhibited a monotonous 
increase against the heat load. A constant offset no 
larger than 2K is observed between the experiment 
and simulation. This offset is attributed to the 
neglect of the heat leakage through the evaporator 
wall to the CC and the surroundings in the 
simulation. Given the small thermal conductivity 
of the quartz glass composing the evaporator wall, 
heat loss to the environment via this wall 
constitutes a consistently significant proportion. 
Despite this small disparity, the numerical and 
experimental data exhibit strong consistency, 
indicating that the model possesses a certain 
degree of feasibility in predicting the operating 
conditions of the LHP evaporator. 

 

 
Figure 8 The comparison between the 

experimental and numerical data 
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To further validate the simulation method, the 
numerical picture of the vapor-liquid distribution 
in the evaporator at different heat load is also 
presented and compared with the visualization 
experiments in Fig. 9. It should be noted that when 
the heat load exceeds a threshold value, the vapor 
penetrates in to the wick and the vapor-liquid 
interface becomes experimentally invisible. The 
corresponding experimental data of the liquid 
layer thickness is therefore recorded as 0. 
Numerical simulation can be employed to trace the 
exact vapor-liquid interface inside the wick. 

 

Figure 9 The comparison between the 
experimental and numerical data 

 

4.3. Simulation results 
Fig. 10 presents the temperature contour for 

the symmetry plane at θ = 0 and θ = θv/2, as well 
as the axial cross-section at z = Lw/2, under a heat 
load of 15 W. In Fig. 10 (a) and (b), the wall 
temperature distribution is similar at both the 
symmetry planes θ = 0 and θ = θv/2. The outer 
wall temperature gradually increases along the z-
axis and eventually levels off, reaching a 
maximum of 315.46 K on the evaporator’s outer 
surface. Along the radial direction, the 
temperature decreases from the outer surface 
inward. In the gap between the evaporator’s 
inner surface and the wick, temperatures in the 
region with groove (z = 0.005 ~0.08 m) are 
slightly lower than those without groove 
between z = 0 ~ 0.005 m. Moreover, the 
temperature distribution of the wick below the 
vapor groove exhibits slight variations along the 
z-axis at both θ = 0 and θ = θv/2, showing a good 
uniformity of the temperature along the z-axis. 
The temperature contour in Fig. 10 (c) further 
displays that the temperatures near the vapor 
groove interface are lower than those beneath the 
vapor groove. Additionally, a slightly lower 
temperature at the symmetry plane θ = 0 with a 

vapor groove is observed when compared to the 
symmetry plane θ = θv/2 without a vapor groove. 
The temperature distribution pattern within the 
evaporator at other heat loads follows similar 
trends as those observed at 15 W, hence further 
elaboration is omitted. 

 

Figure 10 Temperature contour of the 
evaporator under 15 W 

 

Fig. 11 presents the phase fraction contour and 
velocity vector in the z =Lwall/2 plane when the 
heat load is 15 W. The working fluid in the wick 
is entirely liquid, while the vapor-liquid interface 
exists in the vapor groove. A thin liquid film is 
present at the bottom of the vapor groove. The 
three-dimensional velocity vector in the vapor 
groove is shown in Fig. 11 (b). Due to the presence 
of the thin liquid film near the vapor groove 
interface, the velocity of the working fluid in this 
region is slightly lower than that at the center of 
the vapor groove. The two-dimensional velocity 
vector in the wick is depicted in Fig. 11 (c), 
indicating that the flow velocity of the working 
fluid inside the wick is significantly lower than 
that in the vapor groove. Fig. 12 displays the phase 
fraction contour in the evaporator for the 
symmetry plane at θ = 0 under the heat load of 15 
W. As shown, a uniform layer of thin liquid film 
extends along the z-axis in the vapor groove, with 
an average thickness of 0.19 mm. 

 

Figure 11 Temperature contour of the 
evaporator under 15 W 
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Figure 12 Phase fraction contour at θ = 0 under 

15 W 
 

When the heat load exceeds 40 W, its phase 
fraction distribution is significantly different 
compared to that at 15 W, as shown in Fig. 13. 
Under the heat load of 40 W, the vapor-liquid 
interface penetrates in to the wick, allowing an 
increased evaporation surface area and enhanced 
evaporation rate. The increased evaporation rate, 
in turn, raises the flow resistance of the liquid in 
the wick and decreases the replenishment rate 
from the CC. The combined effect of these two 
factors—the increased evaporation rate and the 
reduced replenishment rate—causes the vapor-
liquid interface to penetrate even deeper into the 
wick. 

 

Figure 13 Phase fraction contour in the 
evaporator under 40 W 

 

4.4. The effect of vapor-liquid distribution 
on the evaporator heat-transfer 
coefficient 

The evaporator heat-transfer coefficient is a key 
parameter to assess the heat transfer performance 
of the evaporator. The numerical calculation 
results for the evaporator heat-transfer coefficient, 
along with experimental data are depicted in Fig. 
14. It is clear that there is a common tendency in 
both simulation and experiment results that the 
evaporator heat-transfer coefficient experiences a 
rapid increase, a short plateau, and a sharp decline 
with the increasing heat load. The reason behind 
this can be explained by the observation of vapor-
liquid interface mentioned above. The vapor-

liquid interface is formed at the boundary between 
the evaporator wall, wick and vapor groove under 
a lower heat load. It is characterized by liquid film 
thickness in this paper. By connecting Fig. 9 and 
Fig. 14, it is considered that there are two modes 
for the relationship between the vapor-liquid 
interface behavior and evaporator heat-transfer 
coefficient: Fig. 15 and Fig. 16 show images of 
these:  

(a) Lower heat load 
As depicted in Fig. 16 (a), the evaporation 

occurs at the vapor-liquid interface which forms at 
the surface of the liquid film in the vapor grooves. 
From the schematic diagram of thermal resistance 
in Fig. 16 (b), there are some constant thermal 
resistances caused by the thermal properties of 
materials and fluids, as well as the structure. They 
are the thermal conduction resistance of wall Rwall, 
the thermal convection resistance between vapor 
groove and the inner surface of wall Re,in-v, the 
thermal resistance from wall to the interface of the 
vapor grooves Rhc, the thermal resistance for 
heating the liquid working fluid replenished from 
the CC Rwick. In this mode, the vapor-liquid 
interface retreats towards the boundary of vapor 
groove with the increasing of heat loads, which 
characterized by the thinning of liquid film. The 
thermal conduction resistance of liquid film (Rint-

lv) and interfacial evaporative thermal resistance 
Rl-v due to the movement of the vapor-liquid 
interface are the main reason for the increasing of 
evaporator heat-transfer coefficient. The thermal 
resistances in the liquid film can be written as 
follows when they are assumed as one-
dimensional in the normal direction of the vapor-
liquid interface [18]. 

𝑅𝑅𝑖𝑖𝑖𝑖𝑖𝑖−𝑙𝑙𝑙𝑙 + 𝑅𝑅𝑙𝑙−𝑣𝑣 = 𝐴𝐴−1 �
𝜆𝜆𝑙𝑙
𝑑𝑑𝑙𝑙
�

+𝐴𝐴−1 �
2𝛾𝛾

2− 𝛾𝛾�
ℎ𝑙𝑙𝑙𝑙

2 𝜌𝜌𝑣𝑣
𝑇𝑇𝑙𝑙𝑙𝑙

� �
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2𝜋𝜋𝑅𝑅𝑔𝑔𝑇𝑇𝑙𝑙𝑙𝑙
�

0.5

�
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Where, γ is the evaporative accommodation 
coefficient, Rg is the gas constant. As the heat load 
increases, the liquid film thickness within the 
vapor groove is observed to decrease, leading to 
the decrease of the Rint-lv and Rl-v and the increase 
of the evaporator heat-transfer coefficient. 

(b) Higher heat load 
As shown as Fig. 16 (a), the liquid film in vapor 

groove disappears and the vapor penetrates into 
the wick region, leading to the vapor-liquid 
interface recede into the wick once the heat load 
exceeds a threshold value. A different transfer 
mechanism exists in the wick and vapor grooves 
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as depicted in Fig. 16 (b). A vapor blanket is 
formed in the vicinity of vapor groove and the 
contact surface between the wall and wick. The 
thermal resistance from wall to the interface of the 
vapor grooves Rhc becomes dominant. With 
further increase in heat load, the vapor-liquid 
interface extends deeper into the wick, 
augmenting the rapid decline of the evaporator 
heat transfer coefficient. 

 

Figure 14 Evaporator heat-transfer coefficient 
in simulation and experiment 

 

Figure 15 Schematic diagram of vapor-liquid 
interface behavior and thermal resistance in the 
evaporator when liquid film in the vapor groove 

 

Other research of LHP evaporator have 
investigated the similar phenomena. Nishikawara 
et al. [19] manufactured a cylindrical evaporator 
sealed with a glass window and observed a 
transition from a liquid-saturated state to a two-
phase state of the wick. Anand et al. [20] 
performed an experiment of a flat evaporator with 
a visualized CC and found the formation of bubble 
in the CC when the capillary limit is reached. They 
explained it as the movement or recession of the 
vapor-liquid interface in the wick. Liao et al. [21] 
carried out a visual study on the phase change 
behaviors in a vertical two-dimensional porous 
structure. The results illustrated that a high 
frequency cyclic process of the bubble growth-
collapse and liquid replenishment behaviors 
virtually led to a vapor-liquid co-existing zone 
under a lower and moderate heat load. And a 
stable vapor film formed with a further increase of 
heat load. Such observation explained that the heat 

transfer coefficient increased with the increase of 
heat flux until a peak value occurred. What they 
have in common is that the vapor blanket is 
formed in the wick as the heat load increases in the 
visualized observation. This phenomenon 
explains why the evaporator heat-transfer 
coefficient increases first, then reaches its peak, 
and drops afterwards, when combined with the 
experimental observation and simulation on the 
vapor–liquid distribution in the condenser in this 
work. The thermal resistance in the liquid film 
becomes dominant under a lower heat load, while 
the thermal resistance between wall to the 
evaporation interface plays an essential role in 
deteriorating the evaporator performance. 

 

5. Conclusions 
In this work, a three-dimensional numerical 

model based on CFD method is established to 
predict the temperature and vapor-liquid 
distribution in the evaporator. The applicability of 
this simulation model is validated by visualized 
experiments and the relationship between the 
vapor-liquid distribution and the heat transfer 
characteristics is summarized: At lower heat loads, 
a thin liquid film is present inside the vapor groove, 
upon which evaporation takes place. The 
evaporator heat-transfer coefficient exhibits a 
close relationship with the vapor-liquid 
distribution (characterized by liquid film thickness) 
in the vapor grooves. As the heat load increases, 
the thickness of this liquid film gradually 
decreases, correspondingly causing the evaporator 
heat-transfer coefficient to increase. The film is 
progressively attenuated until the vapor-liquid 
interface retreats into the interior of the wick. At 
this point, the evaporator heat-transfer coefficient 
reaches a peak and then rapidly declines. 
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Abstract 
In this work, a heat pipe-based isothermal furnace liner (HPL), employing sodium (Na) as a working fluid, was 

fabricated to enhance temperature uniformity of a high-temperature furnace. The HPL was constructed with two 

concentric stainless-steel (316 L) tubes to have external dimensions of approximately 101.6 mm × 70 mm × 410 mm 

(outer diameter × inner diameter × length). The HPL possessed two 1 mm thick wicks on the internal surfaces of the 

HPL; the wicks were directly sintered on the internal surfaces of the inner and outer tubes with approximately 100 μm 

diameter stainless-steel (316 L) powder. Approximately 175 g of 99.8 % pure Na was injected into the evacuated 

HPL, which corresponded to approximately 170 % of the void volume of the wick. The temperature uniformity of the 

HPL, which was defined as the maximum temperature change over a 200 mm distance from the bottom of the working 

space, was tested at diverse temperatures in the range from 800 K (530 °C) to 1100 K (830 °C). Test results showed 

that the temperature uniformity of the HPL was improved with increasing temperature, attaining 0.63 K ± 0.31 K 

(approximately 95 % level of confidence) at 1100 K. 

Keywords: High-temperature heat pipe liner; Sodium; Sintered wick; Isothermal furnace liner, Temperature

uniformity   

1. Introduction

Realisation of a uniform temperature field at 

elevated temperatures is essential in numerous high-

value industries and precision thermometry [1-5]. 

Representative applications include semiconductor 

manufacturing processes [1], reactors in chemical 

plants [2], hydrogen production facilities [3], and 

precision furnaces for thermometer calibration and 

realisation of the reference temperatures (i.e., the 

fixed points of the International Temperature Scale 

of 1990) [4, 5]. Conventionally, multi-zone furnaces 

have been widely used to realise a working space of 

a high degree of temperature uniformity. However, 

due to the increased heat loss at elevated 

temperatures and finite thermal conductivity of 

diffusion-based furnace liners, a temperature 

inhomogeneity of several tens of kelvins is 

considered inevitable at temperatures above the 

aluminium freezing temperature (i.e., 660.323 °C) 

[5, 6]. In this circumstance, a highly conductive 

isothermal furnace liner, such as an isothermal 

furnace liner made of an annular heat pipe (hereafter 

the heat pipe liner, HPL), has been extensively 

employed to improve the temperature uniformity of 

the heated space of the conventional high-

temperature furnaces [2, 3, 5]. Figure 1 shows the 

schematic of the HPL having an annular cross 

section. 

Heat pipes are undisputedly the most effective 

two-phase passive heat transfer devices which 

utilise saturation pressure difference between the 

heated section (evaporator) and cooled section 

(condenser) for vapour flow from the evaporator to 

the condenser and the capillary pressure difference 

across the evaporating meniscuses of the wick in the 

evaporator for the liquid return from the condenser 

to the evaporator, respectively [7]. As shown in Fig. 

1, the HPL realises a cylindrical working space of 
Figure 1. Schematic diagram of the annular 

HPL. 
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enhanced temperature uniformity due to the internal 

circulation and continuous evaporation and 

condensation of the working fluid. Due to their 

excellent isothermalisation characteristics, heat 

pipes have extensively been used for temperature 

homogenisation of the conventional furnaces in a 

form of the annular heat pipe (i.e., the HPL) [8-12]. 

In particular, due to the unsatisfactory temperature 

uniformity of the conventional furnaces at elevated 

temperatures, the HPLs are finding their niches for 

high-temperature furnaces in precision thermometry 

[5, 11, 12]. 

High-temperature HPLs are characterised by 

their working fluids, which are predominantly alkali 

metals such as potassium (K) and sodium (Na) due 

to their proper saturated vapour pressure 

characteristics at high temperatures [5, 10-15]. The 

traditional high-temperature HPLs were generally 

fabricated with grooves or meshes as the wick 

structure for ease of the machining and accessibility, 

respectively [5, 13, 14, 16]. However, the low 

available capillarity of the groove wick and the 

difficulties in the firm attachment of the mesh wick 

to the HPL wall have rendered the HPLs with 

grooves or meshes unsatisfactory in terms of the 

temperature uniformity and the manufacturability [7, 

17]. In this circumstance, a sintered wick, which has 

widely been used for mass production of 

commercial room-temperature heat pipes, can 

possibly be used as the wick of the high-temperature 

HPL due to their high capillarity and superior 

manufacturability. 

In this work, a stainless-steel HPL, employing 

sodium (Na) as a working fluid (Na HPL), was 

fabricated for use at elevated temperatures. In 

particular, two porous layers were directly sintered 

on the inner surfaces of the HPL to form a sintered 

porous wick on each of the inner and outer tubes of 

the HPL. The temperature uniformity characteristics 

of the fabricated Na HPL were systematically 

investigated at different temperatures in the range 

from 800 K (530 °C) to 1100 K (830 °C) to examine 

the effect of the operating temperature on the 

temperature uniformity of the Na HPL. 

  
 

2. Sodium heat pipe liner 

Figure 2 shows the dimensions and section view 

of the fabricated HPL. The HPL had external 

dimensions of 101.6 mm × 70 mm × 410 mm (outer 

diameter × inner diameter × length); two concentric 

inner and outer tubes of approximately 3 mm 

thickness comprised the main body of the HPL with 

5 mm thick bottom and lid plates. For enhanced 

temperature uniformity of the cylindrical working 

space formed by the HPL, the wick was sintered on 

the internal surfaces of both the inner and outer 

tubes; the outer wick on the outer tube was expected 

to absorb external thermal disturbances, and the 

inner wick on the inner tube was employed to 

further uniformise the temperature field of the 

cylindrical working space [18]. For the wick of the 

HPL, stainless steel (316 L) powder of 

approximately 100 μm diameter was directly 

sintered on the inner surface of the outer tube (the 

outer wick) and the outer surface of the inner tube 

(the inner wick) at a thickness of approximately 1 

mm. Two 6.4 mm (1/4 inch) diameter tubes were 

attached to the upper lid of the HPL; one was used 

for injection of the working fluid into the HPL, and 

the other was used to evacuate or degas the HPL; 

after completion of the working fluid injection and 

degassing of the HPL, the two tubes were pinched 

off from the HPL and welded for hermetic sealing. 

Figure 3 shows the schematic of the working fluid 

injection apparatus used for fabrication of the Na 

HPL. 99.8 % pure sodium was used as the working 

Figure 2. External-dimensions and section view 

of the tested HPL (dimensions in mm). 

Figure 3. Schematic of the working fluid 

injection apparatus. 
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fluid of the HPL for use at high temperatures. The 

HPL was filled with approximately 175 g of Na, 

which corresponded to approximately 170 % of the 

wick void volume. Due to the reactive nature in the 

air and higher melting temperature than the room 

temperature (i.e., approximately 98 °C) of sodium, 

a predetermined mass of sodium was first injected 

into a sealed transfer chamber in an inert atmosphere, 

and then the molten sodium in a heated transfer 

chamber was guided to flow into an evacuated HPL, 

which was maintained at a temperature above the 

melting temperature of sodium; when the working 

fluid was injected into the HPL, the working fluid 

injection tube was pinched off and welded.  

After the working fluid injection, the HPL was 

degassed by heating the HPL to an elevated 

temperature with the degassing tube closed and then 

by evacuating the HPL at room temperature. The 

degassing of the HPL was repeated until the 

pressure indicated by the vacuum gauge did not 

change with successive repetition of the degassing 

process. When the degassing was finished, the 

degassing tube was also pinched off and welded, 

completing the fabrication of the Na HPL. 

 

3. Test setup and method 

In this work, to test the temperature uniformity 

characteristics of the HPL, immersion temperature 

profiles of the working space of the HPL (i.e., axial 

distributions of temperature changes from bottom of 

the working space to a certain height) were 

measured. In particular, to investigate the effect of 

the operating temperature on the immersion 

characteristics of the HPL, the axial temperature 

profiles were measured at temperatures in the range 

from 800 K (530 °C) to 1100 K (830 °C) with an 

increment of 100 K. The lower limit of the 

temperature range was determined based on the 

wetting characteristics of sodium on a stainless-steel 

surface and the continuum start-up temperature of 

sodium heat pipe, both of which require to use a 

sodium heat pipe at a temperature above 

approximately 500 °C (770 K) [19, 20]; the upper 

limit was set by the maximum service temperature 

of 316 stainless steel, which was approximately 

870 °C (1140 K) [21]. 

 To perform the immersion temperature profile 

test, the HPL was located in a single-zone furnace, 

which had a heated zone measuring approximately 

150 mm × 600 mm (diameter × length). In addition, 

to accurately measure the axial temperature 

distribution of the working space, a cylindrical 

alumina (Al2O3) block, having dimensions of 65 

mm × 12 mm × 350 mm (outer diameter × inner 

diameter × length), was place in the working space 

of the HPL; at the centre of the alumina block, an 

alumina thermometer well with dimensions of 10 

mm × 6 mm × 500 mm (outer diameter × inner 

diameter × length) was inserted into the alumina 

block to allow a thermometer to  scan the axial 

temperature distribution. The remnant of the 

working space was filled with a ceramic wool 

insulator to reduce unnecessary heat loss. 

The immersion characteristics of the working 

space was assessed by measuring temperature 

changes along the thermometer well from the 

bottom of the working space, and this was carried 

out by pulling out a thermometer located in the 

thermometer well from the bottom. Figure 4 shows 

the measurement locations of the temperature 

distributions along the central axis of the working 

space. As shown in the figure, the height of the 

thermometer, at which temperatures were measured, 

was increased from 0 cm (i.e., the bottom) to 32 cm 

with an increment of 4 cm. Together with the 

assessment of the immersion characteristics of the 

Na HPL, immersion temperature profiles of an 

empty HPL, which was not injected with the 

working fluid but filled with argon (Ar) at an 

atmospheric pressure, were also measured for 

comparison purpose. 

Type N thermocouple with an Inconel sheath of 5 

mm diameter and 610 mm length was used to 

measure the axial temperature distribution with a 

precision potentiometer, and their stated accuracies 

were approximately 0.8 % of reading and ±0.12 °C, 

respectively. The temperature uniformity of the 

working space was characterised by temperature 

deviations from the bottom of the working space 

(i.e., temperature differences). In this circumstance, 

using the same (i.e., single) thermometer and 

potentiometer, due to the correlations of the 

measurand, the systematic uncertainty components 

Figure 4. Locations of the temperature 

measurements along the centre axis of the 

working space. 
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(e.g., uncertainties due to calibration, potentiometer, 

etc.) were eliminated, and repeatability was the only 

influencing uncertainty factor, thus enabling precise 

measurements of the temperature difference [22]. 

The measurement of the immersion profile was 

repeated three times to estimates the repeatability at 

an approximately 95 % level of confidence.  

 

4. Test results 

The temperature uniformity of the working 

space of the Na HPL was characterised by the 

temperature distribution along the central axis of the 

working space (i.e., the immersion temperature 

profile), and to demonstrate the effectiveness of the 

Na HPL as an isothermal furnace liner, comparisons 

of the immersion profiles between the Na HPL and 

the empty HPL were carried out. The immersion 

temperature profiles measured with the empty HPL 

and the Na HPL are provided in Figures 5 (a) and 

(b), respectively. As shown in Figure 5 (a), at all the 

tested temperatures, the immersion temperature 

profiles of the empty HPL revealed monotonic 

decrease in temperature with increasing distance 

from the bottom of the working space, reproducing 

the non-uniform temperature field outside the HPL. 

At 1100 K, the temperature depression, measured 

with the empty HPL over 20 cm from the bottom, 

was 11.2 K ± 0.3 K (at approximately 95 % level of 

confidence).  

On the other hand, as shown in Figure 5 (b), the 

immersion profiles of the Na HPL demonstrated 

apparent improvement in the temperature 

uniformity at elevated temperatures (e.g., at 1000 K 

and 1100 K). At temperatures less than 1000 K, the 

Na HPL produced immersion profiles similar to the 

temperature profiles of the empty HPL, but at 

temperatures above 1000 K, the temperature 

uniformity of the working space was greatly 

improved with increasing temperature. For 

example, at 1100 K, the maximum temperature 

change of the working space of the Na HPL over 20 

cm from the bottom was 0.63 K ± 0.31 K (at 

approximately 95 % level of confidence), 

manifesting itself as a clear indication of the 

effectiveness of the Na HPL as an isothermal 

furnace liner. 

The outstanding enhancement in the 

temperature uniformity of the Na HPL at elevated 

temperatures were attributed to the formation of the 

dual liquid‒vapor phase interfaces on the inner and 

outer wicks and the internal convection of the 

working fluids inside the HPL [18]; the outer phase 

interface on the outer wick absorbed thermal 

disturbances from the external thermal environment 

outside the HPL (i.e., the heated zone of the single-

zone furnace), thus allowing the inner phase 

interface on the inner wick to have a more stable and 

uniform temperature field. In particular, as the 

isothermal characteristics of the Na HPL was further 

enhanced at 1100 K than the case at 1000 K (e.g., 

0.63 K ± 0.31 K versus 7.5 K ± 1.9 K), the optimum 

operating temperature of the Na HPL was expected 

to be above 1100 K (830 °C), necessitating tests of 

the Na HPL, made of more effective heat-resistant 

materials (e.g., Inconel), at temperatures above 1100 

K. At lower temperatures than 1000 K, due to the 

insufficient saturated vapour pressure inside the 

HPL, the internal vapour flow was supposed to be 

ineffective, resulting in the poor temperature 

homogenisation characteristics at 800 K and 900 K. 

Overall, the Na HPL, employing the sintered dual 

wicks on its internal surfaces, demonstrated its 

potential as an isothermal furnace liner at 

temperatures above 1100 K. 

 

Figure 5. Immersion temperature profiles of the 

working spaces formed by (a) the empty HPL 

and (b) the Na HPL. The error bars indicate the 

expanded measurement uncertainties at 

approximately 95 % level of confidence. 

(a) 

(b) 
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5. Conclusions 

In this work, a stainless-steel HPL, employing 

sodium as a working fluid, was fabricated to 

homogenise the uneven temperature field of the 

conventional high-temperature furnace. The HPL 

was constructed with two concentric tubes to have 

an annular cross section and had outer dimensions 

of 101.6 mm × 70 mm × 410 mm (outer diameter 

× inner diameter × length), thus forming a 

cylindrical working space inside the HPL. Dual 

stainless-steel sintered porous wicks of 

approximately 1 mm thickness were directly 

sintered on the internal surfaces of the concentric 

tubes to generate the dual liquid-vapour phase 

interfaces on both of the outer and inner wicks, 

thus to further uniformise the temperature field of 

the working space formed by the HPL. 99.8 % 

pure sodium was injected into the HPL (i.e., the 

Na HPL), which corresponded to approximately 

170 % of the void volume of the wick, for use at 

elevated temperatures.  

The temperature uniformity characteristics of 

the Na HPL was assessed by measuring the 

immersion temperature profiles along the central 

axis of the working space at diverse temperatures 

from 800 K to 1100 K. Test results showed that 

effective temperature homogenization of the 

working space was attained with the Na HPL with 

the dual sintered wick structure, and at 1100 K, a 

maximum temperature change of approximately 

0.63 K was measured over 20 cm distance from 

the bottom of the working space, demonstrating 

the effectiveness of the Na HPL as an isothermal 

liner for high-temperature furnaces.  
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Abstract 
This paper reports the design, fabrication, and testing of a loop heat pipe (LHP) with an additive manufacturing 

evaporator integrated with an evaporator/reservoir and primary/secondary wick. Conventional LHP evaporators have 

been made with their evaporator case and wick separate, then joined by shrink fitting or other means. This study 

applied additive manufacturing (AM) to designing and fabricating a wick-integrated evaporator that provides high 

performance and reliability at low cost. Step-up heat load tests were conducted with different tilt angles to evaluate 

the heat transport capability of LHPs with an AM evaporator and the effectiveness of a secondary wick. The LHP 

with the AM evaporator achieved a maximum heat transport capability of 170 W (heat flux: 11.3 W/cm2) and a 

minimum thermal resistance of 0.24 °C/W (at 90 W) at a 0 deg tilt angle. The study demonstrated a heat transport of 

20 W at a 90 deg tilt angle, the most difficult orientation for LHP operation. The heat transfer coefficient of evaporation 

and the heat leak ratio were calculated, and the test results were evaluated. This demonstrated that the AM evaporator 

offers high evaporative performance and that the secondary wick in the evaporator can reduce the heat leak ratio. 

Keywords: Loop heat pipe, additive manufacturing, secondary wick, spacecraft thermal control  

1. Introduction

A loop heat pipe (LHP) is a two-phase fluid loop 

driven by capillary force [1],[2]. The efficient heat 

transport device utilizes latent heat, is lightweight, 

powerless, long distance, and anti-gravity 

operation. It is gaining attention for space and 

terrestrial applications. In space application, this 

device is now being applied to thermal control for 

spacecraft, especially for waste heat from space 

telescope cryocoolers and temperature control of 

electric propulsion systems for deep space probe. 

Figure 1 is a schematic diagram of LHP 

operation. The LHP driving force is the capillary 

force generated by the primary wick, but a 

secondary wick may be equipped to move the 

working liquid from the reservoir to the evaporator. 

In microgravity, the surface tension of a fluid causes 

the fluid to stick to the reservoir wall, making it 

difficult to supply liquid to the primary wick. This 

can easily lead to dryout. A secondary wick enables 

a stable fluid supply to the primary wick and is 

essential when LHPs are used for space application, 

where operation in a microgravity environment and 

high reliability are required. 

LHP evaporators have been manufactured with 

the evaporator case and primary/secondary wick 

separate, joining them using shrink fitting, 

welding, or another process. This method, 

however, causes some variation in the evaporator 

performance. In addition, manufacturing is 

expensive due to the large number of steps in 

manufacturing and verification, the manufacturing 

difficulty, and the long development period, all of 

which limit the device’s scope of use. We 

conducted this research to develop a low-cost, 

high-performance, high-reliability LHP with an 

evaporator made by additive manufacturing (AM). 

Utilizing AM reduces the work of producing the 

primary/secondary wick and of joining the wick 

with the evaporator case, which has been the rate-

limiting step in the cost and schedule. 

Table 1 shows the previous research on LHPs 

utilizing AM. Although several LHPs have been 

developed utilizing additive manufacturing [3]-[7], 

many are fabricated separately from the evaporator 

case and wick. There is no research for developing 

and evaluating the thermal performance of a wick-

integrated evaporator with a secondary wick. In 

addition, the unique evaporation ability of the AM 

evaporator has not been studied, now have the heat 

transport characteristics of the LHP using an AM 

evaporator. There has been no comprehensive 

clarification of these. 

Based on the above background, this study 

reports on the development of an LHP with a 

primary and secondary wick-integrated evaporator 

for space applications and our evaluation of its heat 

transport characteristics. 
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Figure 1. LHP operation schematics. 

Table 1. Previous research on LHPs utilizing AM. 

Authors Year 

EVA case and 

wick printing 

method 

Secondary wick 
Working 

fluid 

Heat transport 

capability, W 

Heat transport 

length, mm 

J. Esarte et al. [3] 2017 Separate With (separate) Methanol 80 100 

B. Richard et al. [4] 2017 Integrated With (separate) Ammonia 45 300 

Z. Hu et al. [5] 2020 Separate Without Water 160 220 

R. Gupta et al. [6] 2022 Integrated Without Ammonia 70 3000 

J. Corrochano et al. [7] 2023 Separate Without Ammonia 236 1000 

*The porous material is SUS 316L in each reference. 

2. Development of an Additive 

Manufactured Evaporator 

2.1. Printing with porous media 

Laser powder bed fusion (LPBF) was adopted for 

the AM, and SUS316L powder with an average 

particle diameter of 10 µm was used as the base 

material. Before the evaporator was fabricated, a 

condition search was performed for fabricating 

high-performance porous media with high porosity 

and a small pore radius. The laser energy flux was 

varied to obtain the correlation between the laser 

energy flux and the porosity and pore radius by 

measuring the porosity and pore radius of the 

fabricated samples. The porosity was calculated 

from the mass measurement results using Equation 

(1), and the pore radius was calculated from the 

maximum capillary force obtained in the bubble 

point test using Equation (2). 

𝜙𝑤𝑖𝑐𝑘 =
𝑀𝑒𝑣𝑎 −𝑀𝑒𝑐

𝜌𝑆𝑈𝑆𝑉𝑤𝑖𝑐𝑘
 (1)  

𝑟𝑝𝑜𝑟𝑒 =
2𝜎 cos 𝜃𝑐𝑜𝑛𝑡

𝑃𝑐𝑎𝑝
 (2)  

Figure 2 shows the relationship between porosity 

and pore radius during primary wick conditioning 

(top) and secondary wick conditioning (bottom). 

The figure also shows a correlation between the 

porosity and pore radius. It was clarified that 

printing conditions by changing printing parameters 

other than laser energy flux had to be optimized for 

high-performance porous media. This study chose a 

porosity of 23% and a pore radius of 4.6 µm for the 

primary wick, and a porosity of 66% and a pore 

radius of 70 µm for the secondary wick. 
 

 
Figure 2. The relationship between porosity and 

pore radius obtained from condition search. 
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2.2. Primary/secondary Wick-integrated 

Evaporator/reservoir 

Figure 3 and Figure 4 show an external view 

and a 3D CAD cross-section of the evaporator and 

reservoir fabricated by AM. Table 2 shows the 

AM evaporator specifications. The evaporator was 

cylindrical shape. The evaporator case, reservoir, 

primary wick, and secondary wick were all made 

in a single piece. The secondary wick was formed 

continuously along the reservoir wall and the inner 

wall of the primary wick and is designed to 

transport the working fluid in the reservoir to the 

primary wick. 

The secondary wick on the inner wall of the 

primary wick also reduces the heat leakage from 

the evaporator. The effective thermal conductivity 

of the sintered wick can be calculated using 

Maxwell's equation, shown in Equation (3) [8]. 

𝑘𝑤𝑖𝑐𝑘 = 𝑘𝑠 [
2 + 𝑘𝑙 𝑘𝑠⁄ − 2𝜀(1 − 𝑘𝑙 𝑘𝑠⁄ )

2 + 𝑘𝑙 𝑘𝑠⁄ + 𝜀(1 − 𝑘𝑙 𝑘𝑠⁄ )
] (3)  

where 𝑘𝑠 is the thermal conductivity of the solid 

phase, 𝑘𝑙 is the thermal conductivity of the liquid 

phase, and ε is the wick porosity. Figure 5 shows 

the thermal conductance through the wick when 

the thickness of the primary and secondary wick 

changes. Since the porosity of the primary wick is 

lower than the secondary wick, the thermal 

conductance of the entire wick can be reduced by 

adding a thickness of the secondary wick. 

However, making the primary wick too thin 

reduces the capillary force. In this study, the wick 

thickness was determined so that the thermal 

conductance through the wick was below 10% of 

the expected evaporative thermal conductance, 

and the primary and secondary wick thicknesses 

were 1.5 mm each. 

A babble point test was conducted on the 

fabricated units, and the maximum pore radius 

was calculated to be 5.2 µm. This result confirmed 

that the wick with the same pore radius as the 

porous sample fabricated in the condition search 

was formed during evaporator fabrication. 
 

 
Figure 3. Appearance and side view from 

evaporator/reservoir of an AM evaporator. 

 
Figure 4. 3D CAD cross-section of an AM 

evaporator. 

Table 2. Specifications of an AM evaporator. 
Component Dimension 

Evaporator ID/OD: 10/12 mm 

Length: 50 mm 

Reservoir ID/OD: 34/36 mm 

Length: 60 mm 

Primary 

wick 

ID/OD: 5.5/10 mm 

Thickness: 1.5 mm 

Pore radius: 4.6 µm (5.2 µm) 

Porosity: 23% 

Secondary 

wick 

ID/OD, Thickness: 

2.5/5.5 mm, 1.5 mm (EVA side) 

30/34 mm, 2.0 mm (RES side) 

Pore radius: 70 µm 

Porosity: 66% 

Vapor 

grooves 

W/H/L: 1/ 0.75/40 mm 

Number: 16 
 

 
Figure 5. Dependence of thermal conductance 

through the primary and secondary wick on 

thickness. 
 

3. Test Specimens and Conditions 

The LHP system was developed by combining a 

fabricated AM evaporator with a transport line and 

condenser. The appearance and specifications of the 

LHP are shown in Figure 6 and Table 3. Acetone 

was selected as the working fluid and charged to 36 

g (volume ratio: 63%). Table 3 lists the main 

specifications for the LHP with an AM evaporator. 

Thermal performance tests were conducted under 
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atmospheric pressure and room temperature 

conditions (25°C). Temperatures were measured by 

20 T-type thermocouples (accuracy ±1.0°C) and 

collected with a data logger at two-second intervals. 

The condenser was temperature-controlled by a 

copper cooling line parallel to the condenser line, 

and a chiller unit controlled the cooling fluid 

temperature. The evaporator, transport lines, and 

condenser were all insulated with thermal insulators 

to reduce heat loss to the environment. The heat 

source was simulated by an aluminum heater block 

heated by four rod heaters attached to the evaporator 

and a DC power supply was used to apply heat load. 

The test conditions are shown in Table 4. Nos. 

1-4 were conducted by changing the LHP tilted 

angle, as shown in Figure 7, and step-up heat load 

tests were conducted until the heater block rose to 

150 °C or until dryout occurred in the evaporator. 

No. 5 was conducted by changing the sink 

temperature with a constant heat load of 80 W. 

 

 
Figure 6. Appearance and thermocouple position 

of LHP system. 

Table 3. Specifications of LHP system. 
Component Dimension 

Heating area OD, Length: 12/40 mm 

(Area: 15.1 cm2) 

EVA/RES (Refer to Table 2.) 

Vapor line ID/OD: 4.57/6.35 mm 

Length: 400 mm 

Condenser 

line 

ID/OD: 4.57/6.35 mm 

Length: 1067 mm 

Liquid line ID/OD: 1.76/3.18 mm 

Length: 400 mm 

Bayonet tube ID/OD, Length: 

1.5/1.7 mm, 55 mm (EVA side) 

1.76/3.18 mm, 50 mm (RES side) 

Working fluid Acetone, 36 g 

Table 4. Test conditions. 

No. Heat load, W 
Sink 

temperature, °C 

Tilt angle, 

deg () 

1 
10-180  

(10 W steps) 
20 0 deg 

2 
10-180  

(10 W steps) 
20 45 deg 

3 10-20-30 20 90 deg 

4 
10-190  

(10 W steps) 
20 -90 deg 

5 80 
0-50  

(10 °C steps) 
0 deg 

 
Figure 7. Test configuration. 

 

4. Results and Discussion 

4.1. Effect of the LHP tilt angle (Results of 

Nos. 1-4) 

The temperature profile of No. 1 is shown in 

Figure 8, with the graph for startup at the top and 

for the entire test at the bottom. The temperature 

profile at startup shows that the LHP started up 

successfully because the temperature at the 

condenser inlet (CON1) rose rapidly 3.5 minutes 

after the start of the 10 W heat load to the heater 

block. The temperature of CON2 increased at a 

heat load of around 70-80 W, indicating an 

extension of the two-phase length at the condenser. 

When the heat load reached 180 W, the evaporator 

temperature (EVA1) rose rapidly due to dryout, 

and the test was terminated. 

The temperature profile of No. 3 is shown in 

Figure 9 for startup at the top and for the entire test 

at the bottom. The temperature profile at startup 

shows that LHP started up 8 minutes after a heat 

load of 10 W was applied to the heater block. 

Compared to No. 1, it took longer to start due to 

the difficult tilt angle. Temperature oscillations 

occurred at CON1 and LL2 at a heat load of 10 W 

due to a low mass flow rate. As the heat load was 

increased, the evaporator temperature rose sharply 

at 30 W, resulting in a dryout. Since a maximum 

heat transport capability of 170 W was observed 

in No. 1, we believe the liquid supply to the 

primary wick was cut off due to the secondary 

wick's capillary limit rather than the primary 

wick's capillary limit, thus causing a dryout. The 

performance evaluation of the secondary wick is 

discussed in Section 5.2. 
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Figure 8. No. 1 temperature profile (top: startup, 

bottom: entire test). 

 

 
Figure 9. No. 3 temperature profile (top: startup, 

bottom: entire test). 
 

Next, the operating temperature (EVA1) and 

LHP thermal resistance at the steady state of Nos. 

1-4 are summarized to compare the heat transport 

performance at each tilt angle. The relationship 

between the heat load and the operating 

temperature and that of the LHP thermal resistance 

at steady state is shown in Figure 10, where the 

LHP thermal resistance was calculated from the 

operating temperature, average condenser 

temperature, and heat load using the following 

equation. 

𝑅𝐿𝐻𝑃 =
𝑇𝐸𝑉𝐴1 − 𝑇𝐶𝑂𝑁_𝑎𝑣𝑒

𝑄𝑙𝑜𝑎𝑑
 (4)  

Nos. 1 and 2 found a maximum heat transport 

capability of 170 W, and No. 4 achieved 180 W. 

The effectiveness of the secondary wick was 

confirmed partially by the result that heat transport 

capability at a tilt angle of 45 deg was equivalent 

to that at an tilt angle of 0 deg. Compared with the 

results of No. 3, the tilt angle of No. 2 was such 

that the liquid returned through the bayonet tube 

was easily supplied directly to the evaporator. 

Therefore, we inferred that the heat transport 

capability of No. 2 was as high as that of No. 1. 

Conversely, in No. 4, the liquid was more easily 

supplied to the evaporator than at other tilt angles, 

and thus dryout was less likely to occur. 

The operating temperatures of Nos. 1 and 2 

were higher than those of No. 4 at low heat loads. 

In the low heat load region where the flow velocity 

is small, the liquid cooled by the condenser is less 

likely to flow back to the reservoir than in No. 4, 

and the heating effect by heat transfer between the 

liquid line and the ambient was larger. 

All test results show similar operating 

temperatures in the medium heat load range of 30-

100 W. However, in the high heat load range of 

100 W and above, the operating temperatures 

increase in the order of No. 2, No. 1, and No. 4. 

This is due to the insufficient liquid near the wick 

tip in No. 2, where liquid supply is difficult, 

causing the operating temperature to rise. No. 4 is 
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Figure 10. Operating temperature and LHP 

thermal resistance at steady state of Nos.1-4. 
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less likely to run out of liquid and thus maintains 

a low operating temperature up to the high heat 

load region. 

The LHP thermal resistance of No. 1 had a 

minimum of 0.24 °C/W at 90 W. It was confirmed 

that the LHP thermal resistance was equivalent in 

the high heat load region, although there were 

differences at low heat loads for each tilt angle. 
 

4.2. Effect of the sink temperature, No. 5 

results 

The temperature profile of No. 5 is shown in 

Figure 11, where the top shows representative 

temperature points and the bottom is an excerpt of 

condenser measurement points. This shows that 

heat transport is stable for sink temperatures from 

0 to 50 °C. This result shows that the two-phase 

length extended as the sink temperature increased. 

Since the temperature difference between the 

internal fluid and the condenser is smaller, a 

longer two-phase length is required to increase the 

heat transfer area of the condenser tube and keep 

the heat dissipation amount to the condenser.  

Figure 12 shows the steady-state LHP thermal 

resistance, evaporator thermal resistance, and 

condenser thermal resistance. The evaporator 

thermal resistance and condenser thermal 

resistance are calculated from the following 

equations. 

𝑅𝑒𝑣𝑎 =
𝑇𝐸𝑉𝐴1 − 𝑇𝑉𝐿1

𝑄𝑙𝑜𝑎𝑑
 (5)  

𝑅𝑐𝑜𝑛 =
𝑇𝑉𝐿1 − 𝑇𝐶𝑂𝑁_𝑎𝑣𝑒

𝑄𝑙𝑜𝑎𝑑
 (6)  

Figure 12 shows that the LHP thermal 

resistance decreases with increasing sink 

temperature; a minimum thermal resistance of 

0.094 °C/W is achieved at a sink temperature of 

50 °C. Similar to the LHP thermal resistance, the 

condenser thermal resistance also decreases with 

increased sink temperature, which is attributed to 

an increase in the condenser temperature with the 

extension of the two-phase length. However, the 

evaporator thermal resistance was stable at 0.06-

0.07 °C/W for each temperature range, indicating 

a small dependence on the sink temperature. With 

a sink temperature of 50 °C, the evaporator 

thermal resistance accounted for 70% of the LHP 

thermal resistance, thus confirming it is the rate-

limiting factor of thermal resistance. 

 

 

 

 

5. Thermal Performance Evaluation of 

Evaporator 

5.1. Heat transfer coefficient of evaporation 

The thermal performance of the AM 

evaporator was evaluated by calculating the 

evaporative heat transfer coefficient. This 

coefficient is calculated from Equation (7), where 

the evaporative heat amount 𝑄𝑒𝑣 in Equation (7) 

can be expressed as shown in Equation (8), based 

on energy conservation in the evaporator.  

Figure 11. No. 5 temperature profile (top: 

representative temperature points, bottom: 

excerpt of condenser measurement points). 
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Figure 12. Thermal resistance at steady state 

of No. 5. 
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ℎ𝑒𝑣𝑎𝑝 =
𝑄𝑒𝑣

𝐴𝑒𝑣𝑎𝑝(𝑇𝐸𝑉𝐴1 − 𝑇𝑉𝐿1)
 (7)  

𝑄𝑒𝑣 =
𝑄𝑎𝑝𝑝𝑙𝑦 −𝑄𝑙𝑜𝑠𝑠

1 +
𝐶𝑝
𝜆
(𝑇𝑉𝐿1 − 𝑇𝐿𝐿2)

 (8)  

where 𝐴𝑒𝑣𝑎𝑝 represents the contact area between 

the wick and groove and the evaporator case, and 

𝑄𝑙𝑜𝑠𝑠 represents the heat loss amount released to 

the atmosphere through the evaporator insulation. 

The dependence of the evaporative heat 

transfer coefficient on the heat load for each tilt 

angle is shown in Figure 13. The trend in the 

evaporative heat transfer coefficient with heat load 

is similar for each tilt angle. In all cases except for 

No. 3, the heat transfer coefficients are high at 12-

15 kW/m2/K in the 30-70 W heat load range but 

then gradually decrease and stabilize at 5 

kW/m2/K after 100 W. This is because the 

recession of the vapor-liquid interface occurs on 

the wick surface as the heat flux increases [9]. From 

the viewpoint of the tilt angle, the decrease in heat 

transfer coefficient is particularly noticeable in No. 

2, where the liquid is not easily supplied to the 

evaporator.  
 

5.2. Thermal performance of secondary wick 

A simplified pressure drop calculation was 

performed when designing the secondary wick. 

This section compares the design results with the 

test results. 

In the vertical orientation above the evaporator 

and below the reservoir tested in No. 3, when the 

total pressure drop generated in the secondary 

wick exceeds the maximum capillary force, it 

becomes difficult to supply liquid to the primary 

wick, and dryout occurs. Thus, the LHP can 

operate as long as Equation (9) is valid. The 

capillary force generated at the wick is expressed 

by Equation (10), and the total pressure drop can 

be expressed as the sum of the flow pressure drop 

through the wick and the volumetric force of the 

liquid held in the wick, as shown in Equations (11) 

and (12). 

∆𝑃𝑐𝑎𝑝_𝑠𝑤 > ∆𝑃𝑙𝑜𝑠𝑠_𝑠𝑤 + ∆𝑃𝑙𝑜𝑠𝑠_𝑔 (9)  

∆𝑃𝑐𝑎𝑝_𝑠𝑤 =
2𝜎 cos 𝜃𝑐𝑜𝑛𝑡
𝑟𝑝𝑜𝑟𝑒_𝑠𝑤

 (10)  

∆𝑃𝑙𝑜𝑠𝑠_𝑠𝑤 =
𝜇𝑄𝑒𝑣

𝐾𝑠𝑤𝐴𝑠𝑤𝜌𝑙
𝐿𝑠𝑤 (11)  

∆𝑃𝑙𝑜𝑠𝑠_𝑔 = 𝜌𝑙𝑔ℎ (12)  

Figure 14 compares the capillary force and 

total pressure drop at the secondary wick at 10-30 

W. The reservoir temperature is about 35 °C at 20 

W from the No. 3 result, and the figure shows that 

the pressure drop at the secondary wick is about 

the same as the capillary force. At a heat load of 

30 W, the pressure drop is larger than the capillary 

force. This confirms that there is no significant 

discrepancy between the test results and the 

calculated results for the heat transport capability 

of the secondary wick. To increase the heat 

transport capability, it is necessary to reduce the 

pore size while maintaining a high porosity. 

Next, the heat transport performance of the 

evaporator was evaluated based on the heat 

balance in the evaporator. The heat load 𝑄𝑙𝑜𝑎𝑑 

applied to the evaporator is roughly divided into 

the evaporative heat amount 𝑄𝑒𝑣𝑎𝑝 expressed by 

Equation (8), heat leakage 𝑄𝑤𝑖𝑐𝑘  and 𝑄𝑐𝑎𝑠𝑒  into 

the reservoir through the wick and evaporator case, 
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Figure 13. Evaporative heat transfer 

coefficient of the AM evaporator for each tilt 

angle. 
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and heat loss 𝑄𝑙𝑜𝑠𝑠  released to the ambient 

through the evaporator's insulation. Each heat 

amount can be calculated from the following 

equations. 

𝑄𝑐𝑎𝑠𝑒 = 𝐺𝑐𝑎𝑠𝑒(𝑇𝐸𝑉𝐴_𝑎𝑣𝑒 − 𝑇𝑅𝐸𝑆_𝑎𝑣𝑒) (13)  

𝑄𝑙𝑜𝑠𝑠 = 𝐺𝑙𝑜𝑠𝑠(𝑇𝐻𝐵𝑖𝑛𝑠 − 𝑇𝐴𝑀𝐵) (14)  

𝑄𝑤𝑖𝑐𝑘 = 𝑄𝑎𝑝𝑝𝑙𝑦 − 𝑄𝑒𝑣 − 𝑄𝑐𝑎𝑠𝑒 −𝑄𝑙𝑜𝑠𝑠 (15)  

The breakdown of the heat balance in the 

evaporator at steady state for test result No. 1 is 

shown in Figure 15. It was confirmed that 80-95% 

of the heat load was used as the evaporative heat 

in each heat load region. The heat leakage through 

the wick was also suppressed to less than 10% in 

the heat load of 140 W or less, indicating that the 

secondary wick effectively suppresses heat 

leakage to the reservoir. To further reduce heat 

leakage through the wick, the porosity of the 

primary wick should be increased. 
 

6. Conclusions 

In this study, a primary/secondary wick-

integrated evaporator/reservoir was fabricated by 

AM. LHP system was developed, and its heat 

transport performance was demonstrated and 

evaluated. The knowledge gained from this study 

is listed below. 

i) A primary and secondary wick-integrated 

evaporator/reservoir was fabricated by AM 

with a pore radius of 5.2 µm. 

ii) A step-up heat load test was conducted, and 

a maximum heat transport capability of 170 

W (heat flux: 11.3 W/cm2) and minimum 

thermal resistance of 0.24 °C/W (at 90 W) 

were achieved in the tilt angle of 0 deg. 

iii) The secondary wick's effectiveness was 

verified by performing the step-up heat load 

tests at different tilt angles. The heat transport 

of up to 20 W was successfully achieved at 

the tilt angle of 90 deg, and it was confirmed 

that the test result largely agreed with the 

calculation results. 

iv) The effect of sink temperature on heat 

transport performance was verified, and it 

was found that the evaporator thermal 

conductance was independent of sink 

temperature.  

v) The evaporative heat transfer coefficient was 

calculated, showing that a high heat transfer 

coefficient of 15 kW/m2/K was achieved. The 

secondary wick thermal performance was 

evaluated, and it was shown that the heat 

leakage through the wick was sufficiently 

reduced. 
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Abstract 
To address the heat dissipation challenges of foldable wearable electronic devices, in this paper, we prepared 

polyurethane flexible flat heat pipe using pouring technology, employing copper wire mesh as the wick and machining 

it into a strip structure to achieve gas-liquid coplanarity. Infrared thermography was used to observe the capillary 

climb phenomenon of the working fluid, and the gradient structure with different mesh counts of the wire mesh was 

identified as the optimal wick structure through comparative experiments. The heat transfer performance of the heat 

pipe at different tilt and bending angles was experimentally investigated. The results showed that the heat pipe could 

achieve the optimal balance between evaporation and condensation processes when the filling ratio (fr) was 100% and 

the tilt angle was 90°, thus constructing an efficient and stable two-phase circulation mechanism. However, with the 

increase of the bending angle, the flow resistance of the working fluid inside the heat pipe increases and the heat 

transfer path became more complicated, leading to the increase in the overall thermal resistance of the heat pipe.  

Keywords: Polyurethane flexible flat heat pipe; Infrared thermography; Capillary climb; Gradient structure wick;

Heat transfer performance  

1. Introduction

With the rapid development of foldable and 

wearable electronics in recent years, microelectronic 

devices gradually exhibited a trend towards high 

performance and miniaturization. However, as the 

functionality and integration of the devices increased, 

the heat flux generated internally also surged 

significantly [1], particularly during the dynamic 

processes of folding and unfolding, posing a 

particularly tricky heat dissipation problem. Within 

small and compact spaces and in complex operating 

environments, traditional rigid heat pipes struggled to 

keep pace with the escalating demand for heat 

dissipation [2, 3]. To confront this challenge, flexible 

flat heat pipe technology commenced its rapid 

development and gradually emerged as the premier 

choice for solving the thermal management problems 

of such electronic devices [4].  

Current research on flexible flat heat pipes centered 

on optimizing the shell material and the design of the 

wick structure. Yang et al [5] utilized a metal cavity in 

conjunction with a flexible copper foil as the shell 

material for the evaporating, condensing, and 

adiabatic sections, respectively, and employed UV-

curing adhesive sealing technology to fabricate a 

novel flexible flat heat pipe. They thoroughly 

examined the impacts of the filling ratio, bending 

curvature, and bending angle on its heat transfer 

performance. The study revealed that, under the 

optimal filling ratio and horizontal operation, the heat 

pipe was capable of transferring up to 25 W with a 

minimum thermal resistance of 0.99 K/W, and 

maintained the ability to transfer 15 W even under 

180° bending and a curvature diameter of 30 mm. 

Zhang et al. [6] utilized copper as the evaporating and 

condensing section shell material and epoxy resin 

pouring in the adiabatic section to manufacture the 

heat pipe, and investigated the thermal performance 

of the heat pipe with varying filling ratios under 

different tilting and bending conditions. It was found 

that the most significant factor influencing the heat 

transfer performance of the ultra-thin flexible flat 

plate heat pipe was its internal volume, whereas the 

tilt angle and bending angle had less impact. In 

addition, Liu et al. [7] and Sun et al. [8] both utilized 

aluminum-plastic film for the shell material, but the 

structure of the wick differed. The former employed 

three layers of sintered stainless-steel mesh 

accompanied by hot pressing technology to achieve 

sealing, thereby reducing the contact thermal 

resistance, while the latter combined multi-layer 

copper mesh with porous microcolumns and utilized 

hot pressing and bonding technology for 

encapsulation. The results indicated that the flexible 

flat heat pipe designed by Liu et al. not only achieved 

a bending angle of 180°, but also maintained a stable 

heat transfer performance after repeated bending, 

exhibiting a minimum thermal resistance of 

0.525 °C/W and a maximum effective thermal 

conductivity of 1499 W/m·K. Meanwhile, the heat 
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pipe developed by Sun et al., with a thickness of 0.8 

mm, boasted a maximum thermal conductivity of 

1943.5 W/m·K and a maximum heating power of 

17.1 W. Within a bending range of 0° to 180°, the 

thermal conductivity fluctuation remained minimal, 

preserving excellent heat transfer stability. It is 

evident that the design of the internal wick structure 

exerts a crucial influence on the heat transfer 

performance of the heat pipe. 

It is worth noting that, in the heat transfer process, 

the flexible flat heat pipe required the utilization of the 

high permeability of the wick to ensure rapid transport 

of the working fluid, while also employing high 

capillary force to guarantee adequate supply and 

distribution of the working fluid within the wick 

structure. However, a single wick structure inherently 

exhibited either high capillary force but low 

permeability, or high permeability with limited 

capillary force. A composite wick structure, though 

capable of balancing the relationship between 

capillary force and permeability, was more complex 

to process, and its enhancement of heat transfer 

performance was limited. Consequently, this paper 

proposed the use of a gradient structure wick, 

achieved by combining different mesh counts, to 

optimize the matching of capillary force and 

permeability. Furthermore, an integrated pouring 

process was utilized to fabricate a flexible shell with 

a tight structure and excellent performance. 
 

2. Experimental investigations 

2.1. Experimental samples and systems 

Due to the superior performance of polyurethane 

material in terms of thermal stability, flexibility, and 

strength, it was selected as the substrate of the flexible 

flat heat pipe shell in this paper. In order to further 

enhance the airtightness of the shell, the shell in this 

study was poured using polyurethane solvent, with 

the size of 90 mm × 50 mm × 1.6 mm. The specific 

pouring process was as follows: the polyurethane 

solvent was mixed with the curing agent at the mass 

ratio of 1:1 through a mixer, and then the mixed 

solvent was slowly poured into the well-designed 

shell plate mould of the heat pipe, with a 3 mm 

diameter hole pre-drilled for the filling tube. The 

mould was evacuated using a vacuum drier until all 

air bubbles were removed. Finally, the filled mould 

was transferred to the oven for curing, with the oven 

temperature set at 60 °C for 90 minutes. Once cured, 

the mould was allowed to cool naturally to room 

temperature, and then it was removed for demoulding, 

thus completing the casting and resulting in a 

complete polyurethane flexible flat heat pipe 

(PFFHP) shell. 

In order to ensure that the wick could maintain its 

structural integrity during the bending and 

deformation of the flexible flat heat pipe, and at the 

same time possess good flexibility and capillary 

properties, copper wire mesh was used as the material 

for it in this study. Two types of structures were 

designed: a single structure of wick (with the same 

count of mesh) and a gradient structure of wick (a 

combination of two different mesh counts). In order 

to further optimize the flow paths of the gas and liquid 

phases within the wick and reduce the flow resistance, 

the copper wire mesh wick was designed in a strip 

structure. The strip structure wick is illustrated in 

Figure 1a, while the gradient structure wick is shown 

in Figure 1b. Based on the relevant research results, 

the optimal widths of the gas-phase and liquid-phase 

channels were determined to be 1.5 mm and 2.5 mm, 

respectively, at the wick height of 0.8 mm in this 

experiment. 
 

 
(a) strip structure             (b) gradient structure 

Figure 1. Schematic structure. 
 

The specific mesh counts for the single and the 

gradient structure wicks are detailed in Table 1. 
 

Table 1. Type and parameters of the wick 
Wick number Type A Type B 

Wick material copper mesh 

Wick size 80 × 40 × 0.8 mm3 

Wick mesh count 10#250 8#250+2#350 

Note: a#b, where “a” represents the number of layers 

and “b” represents the mesh count. 
 

The designed wick structure was embedded 

directly into the PFFHP shell, and the heat pipe was 

sealed using a secondary pouring technique. 

A capillary climb test setup, as depicted in Figure 

2, was constructed to accurately evaluate the 

influence of two types of the wick on the capillary 

climb rate of the working fluid. This setup primarily 

consisted of an infrared thermal imaging camera, a 

lifting platform, a glass petri dish, a ruler, clamps, 

wick samples, a computer, and a data acquisition 

instrument. 
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Figure 2. Schematic diagram of the capillary climb 

test setup. 
 

The experimental setup for the heat transfer 

performance of the PFFHP was constructed, as 

previously shown in Figure 3, and the entire system 

consisted of a heating module, a data acquisition 

module, a vacuum module, and a heat pipe sample. 

The heat source was a ceramic heating plate (10 mm 

× 10 mm), which was stably powered by a DC power 

supply. On the surface of the heat pipe, in the boxed 

area depicted in Figure 3, eight thermocouples were 

arranged to monitor its temperature distribution. 

Specifically, T1 and T2 were positioned near the heat 

source to measure the evaporating section 

temperature, whereas T3, T4, and T5, T6, T7, T8 were 

uniformly distributed along the axial position of the 

upper shell of the heat pipe, tasked with measuring the 

temperatures of the adiabatic section and the 

condensing section, respectively. Furthermore, to 

simulate the actual operating conditions of electronic 

equipment, the system employed a natural convection 

cooling method, utilizing common deionized water as 

the working fluid. In order to minimize the impact of 

heat loss on the heat transfer performance of the heat 

pipe, the remaining portion of the PFFHP, excluding 

the condensing section, was wrapped in thermal 

insulation wool. 
 

 
Figure 3. Experimental setup for the heat transfer 

performance of the PFFHP. 
 

2.2. Data reduction and uncertainty 

analysis 

The thermal resistance, a crucial metric in 

assessing the heat transfer performance of 

polyurethane flat heat pipes, is derived through the 

following formula: 
 

                          e-ave c-aveT T
R

Q

−
=                                (1) 

 

In the formula, Te-ave represents the average 

temperature at the evaporation section, Tc-ave 

represents the average temperature at the 

condensation section, and Q represents the heating 

power. 

To thoroughly investigate the impact of the 

bending process on the overall heat transfer 

performance of flat heat pipes, the following equation 

can be utilized to calculate the vapor pressure drop 

incurred as the vapor flows from the evaporation end 

to the condensation section [9]: 
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In the formula, C represents the constant related to 

the Mach number, fv represents the vapor friction 

coefficient, Rev represents the vapor Reynolds 

number, μv represents the vapor viscosity, rh,v 

represents the hydraulic diameter, Av represents the 

cross-sectional area of the channel, ρv represents the 

vapor density, hfg represents the latent heat of 

vaporization, and Leff represents the effective length 

of the heat pipe.  

When steam flows through curved sections, 

additional hydraulic losses occur, which can be 

quantified using the following equation: 
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In the formula, v represents the steam velocity, and 

g represents the gravitational acceleration. 

The filling ratio, defined as the ratio of the filling 

volume to the pore volume of the wick structure, is 

crucial for understanding the performance of the heat 

pipe. Its calculation formula is as follows: 
 

                                                                         (4) 
 

Before the experiment commenced, all measuring 

devices were calibrated to ensure data accuracy. The 

pressure sensors had a precision of ±0.25%, the T-

type thermocouples had a precision of ±0.10°C, and 

l

c

V
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the DC power supply voltage and current readings 

had precisions of ±1% and ±0.50%, respectively. 

Based on the formula proposed by Moffat R J [10], the 

uncertainty of the thermal resistance of the 

polyurethane flat heat pipe was calculated to be 

1.03%. 
 

                                             (5) 

 

3. Results and discussion 

3.1. Influence of the wick structure on 

the heat transfer performance of 

the PFFHP  

Figure 4 showed infrared thermal image 

observations, illustrating the rate of capillary climb 

of the working fluid in the structures of type A and 

B wicks. Given the different infrared emissivity of 

water and copper at room temperature, the region 

where water climbed appeared dark blue in the 

infrared thermal image. The observation revealed 

that the working fluid inside the gradient structure 

reached a higher climb height within the same time 

frame, clearly indicating that the gradient structure 

significantly improved the capillary performance of 

the type B wick compared to the type A wick.  

This improvement stemmed from the gradient 

structural design of the type B wick. The upper layer, 

featuring a large porosity, facilitated the rapid entry 

and filling of the working fluid by providing 

sufficient flow space; while the lower layer, 

designed with a smaller porosity, significantly 

strengthened the capillary force, ensuring stably 

maintained and slowly release of the working fluid 

within the wick. This gradient distribution of 

porosity not only directly improved the capillary 

performance of the wick, enabling continuous and 

stable climbing of the working fluid, but also 

facilitated rapid flow through the high permeability 

of the upper layer while ensuring the uniform 

distribution within the wick through the low 

permeability of the lower layer.  

In the heat transfer process, the gradient structure 

leveraged the capillary force to drive the transport 

of the working fluid, accelerating the heat transfer 

and diffusion, and effectively improving the heat 

transfer efficiency of the system. Additionally, the 

gradient design reduced the resistance encountered 

by the working fluid during the transport process, 

allowing for smoother flow and even distribution 

within the wick. This optimized distribution further 

enhanced the contact area between the wick and the 

heat source, ultimately improving the overall heat 

transfer performance of the system. 
 

 
(a) Type A                     (b) Type B  

Figure 4. Capillary rise conditions. 

 

Consequently, we conducted the heat transfer 

performance test on the polyurethane flexible flat heat 

pipe equipped with a gradient structure wick (G-

PFFHP). 
 

3.2. Effect of the tilt angle on heat 

transfer performance  

Firstly, we tested the effect of the filling ratio (50%, 

70%, and 100%) on the heat transfer performance of 

G-PFFHP at the tilt angle of 0°, as depicted in Figure 

5, and the results indicated that G-PFFHP exhibited 

the optimal heat transfer performance at this angle 

when fr was set to 100%. 
 

 
Figure 5. Trend of thermal resistance with heating 

power at different filling ratios. 
 

Subsequently, we further investigated the influence 

of inclination angles (90° and -90°) on the heat 

transfer performance of G-PFFHP at fr=100%, and 

the trend of thermal resistance changes was depicted 

in Figure 6. At the tilt angle of 90°, the G-PFFHP 

showed the best heat transfer performance, which was 

primarily attributed to the synergistic effect of gravity 

and the gradient structure wick. Gravity assisted the 

flow of the working fluid, as its direction aligned with 

the direction of the working fluid's return from the 

condensing end to the evaporating end, effectively 

reducing the risk of drying out at the evaporating end 

and ensuring continuous wetting of the evaporating 

interface, thereby significantly enhancing the heat 

transfer efficiency. Moreover, the gradient structure 

of the wick design amplified this benefit: the lower 
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layer of 350-mesh copper wire mesh, with its fine 

mesh structure, imparted robust capillary force, 

becoming the crucial driving force for the working 

fluid's return flow, even under high thermal loads, 

ensuring its efficient pull-back to the evaporating end. 

Meanwhile, the upper layer of 250-mesh copper wire 

mesh accelerated the flow rate of the working fluid 

through its high permeability, shortening the retention 

time in the wick and enabling the evaporation-

condensation cycle to proceed faster. 

However, when the thermal load surpassed 4 W, 

the thermal resistance of the G-FFHP at 90° tilt 

abruptly increased. This was most likely due to the 

extreme evaporation phenomenon triggered by 

overheating at the evaporation end, rapidly depleting 

the working fluid near the evaporation interface. 

Despite the potent capillary force of the wick's 

gradient structure, timely replenishment of sufficient 

working fluid to meet the evaporation demand 

became challenging, leading to partial or complete 

drying out of the evaporation interface, diminishing 

heat transfer efficiency and elevating thermal 

resistance. Furthermore, a copious amount of vapor 

bubbles generated at the evaporation end under heavy 

heat load may have accumulated in the wick, forming 

a blockage that further impeded the flow of the 

working fluid and heat transfer. Simultaneously, the 

capillary force of the lower layer of 350-mesh copper 

wire mesh may have reached saturation, unable to 

further accelerate the reflux of the working fluid; 

whereas the upper layer of 250-mesh copper wire 

mesh, despite its high permeability, could not fully 

function due to the vapor bubble blockage or 

insufficient working fluid. 
 

 
Figure 6. Variation of thermal resistance with heat 

load at different tilt angles. 
 

3.3. Effect of the tilt angle on heat 

transfer performance  

Since flexible flat heat pipes were usually bent in 

practice, we further investigated the effect of the 

bending angle (45° and 90°) on the heat transfer 

performance of the G-PFFHP at fr=100%, and the 

trend of its thermal resistance is shown in Figure 7. 

As shown in the figure, it could be seen that the 

thermal resistance increased with the bending angle at 

different bending angles. This was due to the fact that 

at small bending angles (e.g., 0° and 45°), the vapor-

phase and liquid-phase channels within the G-PFFHP 

remained relatively straight or were slightly curved, 

which facilitated the smooth flow of the working fluid 

(a mixture of liquid and vapor) in the wick, thereby 

reducing flow resistance and ensuring efficient heat 

transfer. However, as the bending angle grew, 

particularly when it reached 90°, the internal channels 

of the heat pipe underwent significant bending, which 

not only shortened the length of the straight sections 

but also enlarged the radius of curvature of the flow 

channels. This resulted in increased centrifugal and 

frictional forces that had to be overcome by the flow 

of the working fluid. The formation of local vortexes 

or reflux zones at the bends further aggravated the 

flow resistance, slowing down the circulation speed 

of the working fluid and impairing the effective 

transmission of heat. 

From a heat transfer perspective, the heat transfer 

path at small bend angles was relatively direct and 

efficient, relying on the efficient conduction and 

convection of the liquid in the vapor chamber and the 

wick. However, as the bending angle increased, the 

heat transfer path became more complicated, and heat 

had to bypass additional bending segments, 

increasing the path length and complexity while 

decreasing heat transfer efficiency. Simultaneously, 

the augmentation of flow resistance and the 

complexity of the heat transfer path led to heightened 

energy loss and heat loss during the heat transfer 

process. Additionally, there might have been heat 

accumulation and an increase in the temperature 

gradient at the bending sections. These factors, in 

concert, contributed to the rise in thermal resistance.   

Furthermore, the enlargement of the bending angle 

also impacted the phase transition process within the 

heat pipe. At the evaporating end, heat was absorbed 

to convert the liquid mass to a gaseous state, while at 

the condensing end, the gaseous mass released heat 

and condensed. The increase in the bending angle 

disrupted the equilibrium and efficiency of the phase 

change process. Moreover, the heightened flow 

resistance may have diminished the pressure 

difference between the evaporating end and the 

condensing end, thereby affecting the steam flow rate 

and condensation effect, and ultimately, adversely 

influencing the heat transfer performance of the heat 

pipe. 
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Figure 7. Variation of thermal resistance with heat 

load at different bending angles. 
 

4. Conclusions 

In this paper, a new type of flexible flat heat pipe 

was manufactured by the pouring method, and its 

internal wick was constructed from copper wire 

mesh. The influence of the wick structure on the 

transport of the working fluid was analyzed using 

infrared thermography, and the effects of tilt angle 

and bending angle on the heat transfer performance 

of the PFFHP under the optimal filling ratio were 

experimentally investigated. The primary 

conclusions that were drawn are as follows:  

(1) In comparison to the single-structure wick 

with uniform mesh count, the gradient-structure 

wick featuring varying mesh counts was more adept 

at balancing the mutually constraining relationship 

between capillary force and permeability. 

Consequently, the working fluid ascended to a 

greater height within the same timeframe, ensuring 

a more robust transport capacity.   

(2) The PFFHP exhibited optimal heat transfer 

performance at a filling ratio of 100% and a tilt 

angle of 90°. The tilt angle significantly impacted 

the flow of the working fluid and the efficiency of 

heat transfer. By optimizing the filling ratio and tilt 

angle, an efficient and stable two-phase circulation 

mechanism could be established.   

(3) The increase in the bending angle led to a 

significant increase in the thermal resistance of the 

heat pipe due to impeded working fluid flow, vortex 

phenomena, complexity of the heat transfer paths, 

and a decrease in the efficiency of the phase change 

process. 
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Abstract 
A single pulsating heat pipe (PHP), having an inner diameter tube of 1 mm, has been experimentally tested at low 

temperature with two different cryogens. The tests consist of measuring the thermal performance of this heat pipe 

with neon and helium as working fluids. For neon, the Bond number is around 2.5 and for helium, it is close to 12. 

The idea behind this study is to investigate the functioning of a cryogenic PHP at Bond number much higher than 4 – 

the well-accepted design limit. This paper presents the results in vertical and horizontal orientations and for different 

filling ratios. It has been demonstrated that at a diameter well above the classical Bond number criterion, a cryogenic 

PHP is operational. At best, the helium PHP is able to transfer heat with a thermal resistance in the range of 1 K/W in 

vertical orientation. Although the evaporator enters the supercritical regime at few instances, it is observed to 

successfully transport heat – perhaps not in “true” PHP mode. The neon PHP exhibits a thermal resistance four times 

lower in vertical orientation and, unlike helium PHP, always remains within the saturation dome. Horizontally both 

PHPs showcase relatively higher thermal resistance values. 

Keywords: Cryogenics; Pulsating heat pipe; Bond number criteria; Experimental study 

1. Introduction

For small size and low power (below 20 W) 

cryogenic system, such as superconducting magnet, 

alternative solutions to liquid cryogen cooling using 

refrigerators (generally called cryocoolers) are 

pursued to simplify the cryogenic scheme and 

operation. It has also the advantage to make the 

overall system compact and autonomous. The 

cryogenic design is therefore different and requires 

the use of efficient and passive thermal link between 

the cryocooler's cold tip and the system to be cooled. 

Several solutions exist and are under investigation. 

One of the most promising thermal link, developed 

by CEA Paris-Saclay, is the cryogenic fluid based 

Pulsating Heat Pipes [1-5]. 

The working physics of room temperature and 

cryogenic PHPs remains the same except for the 

differences due to the intrinsic properties of 

cryogenic fluids [6]. However, the experimental 

measurements of cryogenic PHPs are relatively 

more complex and dissimilar. The tests have to be 

conducted at temperatures below 120 K 

(- 153.15 °C) and as low as 2.3 K (- 270.85 °C) if 

helium is employed. The foremost challenge is the 

cool-down from room temperature to such low 

values which is a time-consuming process (one 

week for our study). Moreover, the PHP must be 

placed in a cryostat where high vacuum of the order 

of 10-6 mbar is maintained to annihilate thermal 

convection. Additionally, radiation shield and 

multi-layer insulation are employed to enclose the 

PHP thereby inhibiting radiation heat in-leak, which 

can be of the order of several watts if not intercepted. 

These PHPs have cryocoolers connected to the 

condenser for the cold source. As a result, maximum 

performance capacity of cryogenic PHPs is at the 

moment limited by the cryocooler capacities 

provided by the manufacturers. This necessitates the 

optimization of the performance of cryogenic PHPs 

based on the geometric dimensions. 

The present study focuses on development of a 

single cryogenic PHP that can operate with two 

working fluids. The target application is High-

Temperature Superconducting (HTS) magnet that 

can operate around 20-30 K but would produce high 

magnetic field at helium temperature [7, 8]. The 

main idea is use the same PHP to permit the 

superconducting magnet to work at neon and helium 

temperature (27 K and 4 K respectively at saturation 

condition and 1 atm. pressure). These cryogenic 

fluids are chosen for working temperature range and 

safety reason (no hydrogen). The design for the 

capillary tube diameter for neon is obtained from the 

classical Bond number criterion [9-11]. 

Accordingly, the PHP is fabricated from a 1 mm 

inner diameter tube that equates to Bo ≈ 2.5 [12-13]. 

In the goal of studying large Bond number PHP 

performance, the same PHP has been tested in 

helium [14]. This tube size renders a relatively very 

high Bond number of 12 if helium is employed. This 
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work presents the experimentally measured thermal 

and hydraulic performance of the same cryogenic 

PHP operational with both neon and helium in 

horizontal and vertical orientation and at varying 

filling ratios. 
 

2. Cryogenic PHP design 

The PHP tube is made of stainless steel SS316L 

and is wound between the evaporator and condenser 

in 10 turns. The total length of the PHP tubing is 

around 8.5 m with only one soldered connection at 

the T-joint as shown in Figure 1. This T-joint 

connects the PHP to the feeding tube. The overall 

PHP length is 0.44 m long with an adiabatic part of 

0.2 m. The tubing wound is only 0.4 m long, so the 

bends are completely embedded in the evaporator 

and condenser (depicted in Figure 1). The 

condenser and evaporator, made of oxygen free 

electronic (OFE) copper, are identical in length with 

0.12 m and are specifically machined to embed the 

PHP tubes. Details of the cryogenic PHP have been 

specified in Table 1. 
 

 
Figure 1. Pictures of the tubing alone (left) and 

with the evaporator and condenser (right). 
 

Table 1. Specifications of the fabricated 

cryogenic PHP. 
Working fluids (condenser 

temperature) 

Neon (27.1 K) 

Helium (2.3-5.1 K) 

PHP tube inner diameter 1 mm 

Number of PHP tubes 20 

PHP tube material SS316L_ann 

Projected PHP tube length  0.40 m 

Projected overall length 0.44 m 

Length of PHP embedded in 

condenser/evaporator 

0.10 m 

Condenser/evaporator 

material 

OFE copper 

Condenser/evaporator length 0.12 m 

Adiabatic part length 0.20 m 
 

3. Experiment test-rig 

In order to experimentally investigate the 

cryogenic PHP, a test-rig has been developed in-

house. 3D rendering of the cryostat is shown in 

Figure 2. The two-stage Gifford-McMahon 

cryocooler (Make: Sumitomo, Model: RDE 418-D4 

4 K) at the condenser provides a maximum cooling 

capacity of 18 W for neon and 1.8 W for helium 

temperature range (@ 50 Hz). Flexible Kapton 

thermofoil heaters are glued onto the evaporator to 

stimulate the heat load. Specialized cryogenic low 

temperature sensors (Cernox®) record the 

temperature evolution of the condenser and the 

evaporator while a room pressure transducer located 

at the entry of the gas feedthrough pipe displays 

global pressure of the PHP. 
 

 

Figure 2. 3D rendering of cryostat for 

experimental testing of cryogenic PHP. 
 

To intercept the room radiation, radiation shield 

combined with fifteen layers of superinsulation are 

thermally connected to the first stage of the 

cryocooler which is at around 50 K. The PHP itself 

is wrapped around superinsulation to minimize 

parasitic heat load that are in the order of ~33 mW 

and for neon and ~50 mW for helium temperatures. 

Another heat load that must be inhibited is the 

incoming heat in-leak from the wiring running 

between the room temperature feedthrough and 

cryogenic instrumentation. The wires, therefore, 

have larger length (few meters long) and 

thermalized intermittently resulting in heat in-leak 

of ~40 mW for neon and ~310 mW for helium 

respectively. 

External to the cryostat (Figure 2), the test-rig 

consists pumping units for vacuum insulation and 
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PHP filling ratio adjustment, a data acquisition 

system and a gas filling equipment for both fluids as 

pictorially shown in Figure 3. The filling ratio (FR), 

defined as the ratio of the volume of liquid to the 

total PHP volume, is adjusted via a controlled 

pressure buffer fed by the gas reserve. The rig also 

allows changing the orientation of the cryostat from 

vertical to horizontal and vice-versa for both fluids. 

Some of the intrinsic fluid properties of neon and 

helium have been enlisted in Table 2. 
 

 
Figure 3. Picture of the test-rig with the cryostat 

in horizontal orientation (top). Pumping system 

and the two gas buffers (left center), DAQ (right 

center) and gas reserves (right). 
 

Table 2. Thermophysical properties of neon and 

helium. 

Working fluid Neon Helium 

Saturation temperature* 27.1 4.22 

Critical temperature (K) 44.4 5.2 

Critical pressure (bar) 26.53 2.27 

Freezing temperature (K) 24.5 < 2 

Freezing pressure (bar) 0.43 25.3 

Density liquid (kg/m3)** 1207 125 

Density vapor (kg/m3)** 9.58 16.8 

* at atmospheric pressure 

** at saturation and atmospheric pressure 
 

The foremost task is to cool-down the PHP from 

room temperature to the desired cryogenic 

temperature. As the cryocooler is turned on, the 

PHP condenser takes about 8 hours to reach low 

temperatures while the evaporator takes few days 

(owing to the SS316L adiabatic part). The cryostat 

vacuum is maintained in the range of 10-6 mbar. 

Another flexible Kapton thermofoil heater is added 

on the cryocooler second stage so that its 

temperature can be controlled when neon is 

employed in the PHP. Once all the equipment 

within the cryostat has reached steady cryogenic 

temperatures, the PHPs are ready to be filled with 

the working fluid.  
 

4. Results and Discussion 

The tests are commenced with neon as the 

working fluid – first in vertical orientation having 

bottom heating mode followed by horizontal 

orientation. Same PHP configuration is then tested 

with helium as the operating fluid. The PHP thermo-

hydraulic performance is mapped for different 

filling ratios and at varying evaporator heat load (0-

20 W for neon and 0-1.5 W for helium). 

For the first test set of neon PHP, the condenser 

temperature is regulated at 27.1 K (- 246.05 °C) – 

which corresponds to the saturation temperature of 

neon at atmospheric conditions. Several FRs in 

range of 10% to 90% are tested with systematic 

addition of evaporator heat load (each step held for 

30 minutes). 

The temperature of the evaporator and the global 

pressure are seen to rise with increase in the 

evaporator heat load. Figure 4 (a) and 4 (b) illustrate 

sample time-evolution profiles of the 

experimentally recorded temperature difference 

between evaporator and condenser (ΔT) and the 

global pressure respectively for neon PHP with FR 

of 20%, 40% and 60% both in vertical and 

horizontal orientation. 

Below FR of 20%, dry-out of the PHP is 

observed. Lower is the FR, smaller is the heat load 

at which the dry-out occurs. Horizontally oriented, 

dry-out occurs at relatively lower heat loads with the 

same FR values as of vertical orientation. Above FR 

of 20%, this heat pipe is able to transfer up to 18 W 

before reaching the maximum extraction power of 

the cryocooler. However, at few instances of higher 

heat load with higher FR, the pressure reaches above 

the mechanical safety pressure limit which is when 

the test is immediately terminated. 

It can be seen from Figure 4 (a) that at no 

evaporator heat load, the PHP condenser and 

evaporator are in equilibrium. Their temperature 

difference is in the order of ~40-120 mK. During the 

functional range of up to 18 W, depending on the 

PHP orientation, a maximum ΔT of 6 K is recorded. 

Beyond 18 W, cryocooler is unable to regulate the 

condenser temperature and its temperature rises 

rapidly reflecting a drop in ΔT. In regards to the 

global pressure, it rises to 2.5 times that of the 

atmospheric pressure. 

Comparing the performance of the neon PHP 

between its vertical and horizontal placement, for 
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same FR and evaporator heat load, the PHP 

evidentially maintains a higher ΔT in horizontal 

orientation than vertical. Likewise, the PHP 

oscillations are more distinctly seen in horizontal 

orientation. 
 

 

Figure 4. Time-evolution of (a) evaporator-

condenser temperature difference (b) global 

pressure across the neon PHP as a function of 

evaporator heat load, filling ratio and orientation 

(V=Vertical and H=Horizontal). 
 

Literature review reveals that few works have 

experimentally reported a functional cryogenic 

pulsating heat pipe at diameters above that of the 

critical diameter based on the Bond number 

criterion [3-5, 15-18]. The diameters corresponds to 

Bond number values in the range of 5 to 6 [14]. This 

prompted the authors’ interest in exploring the 

functionality of cryogenic PHPs with relatively high 

Bond number. Using the PHP diameter of 1 mm 

with helium renders a Bond number value close to 

12. Initial trial tests conducted with helium PHP in 

vertical orientation showcased it to be indeed 

operational. Furthermore, the helium PHP was also 

observed to function in horizontal orientation. 

Systematic tests were thereafter conducted at 

various FRs. Figure 5 (a) and 5 (b) presents the 

time-evolution curves of evaporator-condenser 

temperature difference (ΔT) and the global pressure 

for helium PHP both in vertical and horizontal 

orientation depicted at few FRs (20%, 35% and 

65%). 

As the cryocooler second stage can attain a lowest 

temperature of 2.3 K (- 270.85 °C), the condenser 

temperature is not regulated for testing the PHP with 

helium. Its cooling capacity in this temperature 

range is also significantly lower than that of neon 

which is why the imposed evaporator heat load 

range is only until 1.5 W. From no load condition, 

the heat load is gradually increased by 0.1 W and 

held constant for 30 minutes. Beyond 1.0 W, each 

heat load is imposed for 15 minutes. Both the 

condenser as well as the evaporator temperature rise 

with the gradual addition of evaporator heat load. 

The PHP is observed to re-adjust itself at larger 

evaporator-condenser temperature difference and 

pressure for higher heat load (Figure 5). 
 

 

Figure 5. Time-evolution of (a) evaporator-

condenser temperature difference (b) global 

pressure across the helium PHP as a function of 

evaporator heat load, filling ratio and orientation 

(V=Vertical and H=Horizontal). 
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The helium PHP also undergoes dry-out at FRs 

below 20% in vertical orientation. Around FR of 

20%, sudden large amplitude oscillations are 

recorded (at 0.6 W and 0.7 W) in which the fluid in 

the evaporator is seen to oscillate between the super-

critical and saturation/superheated states of helium. 

This peculiar behavior is validated by multiple 

repeatability tests conducted on different days. It has 

also been found by other authors [19, 20] that have 

experimentally tested helium PHP but with tube 

diameter satisfying the Bond number criterion of 

Bo < 4. At all other FRs up to 90%, helium PHP is 

operational and does not experience dry-out.  

However, for heat load from 1.0 W, the 

evaporator temperature or the global pressure (or 

both) rise above the helium supercritical 

temperature and pressure values while the 

condenser remains in the saturation region. Even so, 

at some instances, the characteristic pulsations of 

PHP are recorded and it still successfully transfers 

heat. This is again similar to the characteristics 

reported by other works on helium PHP where the 

Bond number criterion is respected [19-22]. Even 

for some room-temperature fluids like ethanol [23] 

and FC-72 [24], the transition to supercritical states 

has been observed – but under micro-gravity! 

In horizontal orientation, the PHP fails to start 

until 35% FR (this is why there is no data for 

H_20% in Figure 5) – in which case too the PHP 

sees a quick dry-out at just 200 mW of heat load. 

Furthermore, unlike the vertical orientation in which 

the PHP operates until 1.5 W of evaporator heat 

load, horizontally a maximum of 1.0 W could be 

imposed at 55% FR [14]. It is observed to function 

in supercritical state at much lower heat loads than 

when operated vertically. 

The experimentally obtained thermal 

performance data for neon as well as helium PHP 

is expressed in terms of thermal resistance which 

is evaluated as the ratio of evaporator-condenser 

temperature difference and the imposed 

evaporator heat load. This has been depicted 

graphically in Figure 6 against varying evaporator 

heat load for both neon and helium PHP oriented 

vertically and horizontally. 

For the fabricated PHP geometry and neon as 

the working fluid, the lowest thermal resistance 

has been found at maximum heat load of 18 W for 

FR of 40%. This is why, so as to highlight the 

difference, data for 40% FR has been showcased 

for all cases except for helium-horizontal for 

which the data was not available at 40%. Instead, 

it has been presented at 35% and 45% FR. 

It can be evidently seen from Figure 6 that neon 

PHP has thermal resistance quantitatively in lower 

range than the same diameter helium PHP 

(0.20 – 0.72 K/W vs 0.91 – 24 K/W respectively). 

For both working fluids, PHP in horizontal 

orientation is observed to have higher thermal 

resistance than when placed in a gravity-assisted 

vertical orientation. Furthermore, while the neon 

PHP always functions within the saturation 

regime, the helium PHP is seen to enter 

supercritical state (marked in Figure 6) at several 

instances and still operate. 
 

 

Figure 6. Thermal resistance against homogenous 

evaporator heat load for mono-sized PHP 

operational with both neon (shaded green zone) 

and helium (shaded yellow zone) at FR of 

approximately 40%. For helium, zone where only 

the evaporator temperature and where both 

pressure as well as the evaporator temperature are 

in supercritical regime are marked.  

 

It is interesting to note that neon-vertical, neon-

horizontal and helium-vertical have thermal 

resistance values of 0.27 K/W, 0.53 K/W and 

1.01 K/W respectively at 1.0 W of evaporator heat 

load. In other words, neon-horizontal has 2 times 

and helium-vertical has 3.7 times higher thermal 

resistance than that of neon-vertical for same PHP 

configuration, filling ratio and evaporator heat 

load. 

On another note, successful long duration tests 

stretching several hours (~100 hours for neon PHP 

and ~65 hours for helium PHP) with constant 

filling ratio and evaporator heat load have been 

conducted [13,14]. The PHP pressure and 

evaporator temperature are observed to be in 

steady range throughout the test duration. This 

demonstrates the stability and reliability of this 

cryogenic PHP in long run. 
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5. Conclusions 

This work establishes that a helium-based 

cryogenic PHP is operational even when the Bond 

number considerably overshoots the 

conventionally-set limit value of 4. This PHP, 

initially designed to meet Bond number criterion 

for neon as the working fluid, exhibits the same 

characteristics as those observed generally in 

helium PHPs. However, the exact effect is 

difficult to ascertain and needs visualization aide 

to determine when and if the PHP is in ‘true’ 

pulsating mode. This is not a straightforward task 

in cryogenics owing to the complexities associated 

in barring the undesired heat in-leaks. Similar 

large diameter tests must be conducted with other 

cryogens as well in order to explore usage of a 

single PHP working with several cryogenic fluids 

thereby attracting more applications of cryogenic 

PHPs. 
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Abstract 

Cryogenic heat pipes have been of great interest for thermal management of space applications involving 
cooling and thermal control of optical surfaces, infrared scanning systems, large superconducting magnets, 
etc. However, the development of cryogenic heat pipes is more challenging than ambient temperature or 
liquid metal heat pipes, due to the relatively low surface tension of candidate working fluids and their high-
pressure values that present the safety challenges during the storage. In this study, the design, fabrication, 
and demonstration of a constant conductance heat pipe (CCHP) that uses methane as the working fluid is 
conducted to carry a design power of 15 Watts in the operational cryogenic temperature range of 100 – 140 
K. Funded by NASA Goddard Space Flight Center (GSFC), Advanced Cooling Technologies Inc (ACT) 
has developed a methane CCHP using axial grooved structures for efficient capillary pumping of otherwise 
low surface tension methane working fluid. The thermal performance testing demonstrated that the 
cryogenic heat pipe can carry about 3 times the required power, i.e., 45 Watts, for up to 0.762 cm (0.3”) of 
inclination against gravity, about three times the space qualification of 0.254 cm (0.1”).  Steady isothermal 
heat pipe operations were observed with less than 5 Kelvin temperature drop for a 1.42-meter (56”) length 
heat pipe.  

Keywords: Cryogenic heat pipe; methane; thermal management; grooves 

1. INTRODUCTION
Various space applications and instruments 

require efficient thermal management at low 
(cryogenic) temperature levels.1-5 Therefore, the 
development of cryogenic heat pipes is of great 
interest. Primary challenges in the design of 
cryogenic heat pipe based thermal management 
system is the high pressures of the working fluids at 
room temperature or storage temperatures. In 
addition, popular cryogenic working fluids such as 
nitrogen, methane, etc., have low surface tension 
thereby offering additional challenges particularly 
in space configurations where the liquid return to 
evaporator is governed by the capillary action. As a 
result, significant attention has been given to wick 
structures that enable efficient pumping of 
cryogenic liquids. Existing studies6,7 have identified 
the lack of appropriate wick structure designs to 
efficiently pump low surface tension fluids such as 
methane, nitrogen, argon, etc. as the most critical 
aspect of cryogenic heat pipe development. In this 
NASA GSFC-funded work, ACT developed a 
cryogenic constant conductance heat pipe using 
axial groove structures and methane as a working 
fluid. Using ACT’s proprietary groove design, 
detailed investigation into the performance of 
methane constant conductance heat pipe is 
conducted.  

2. DESIGN AND FABRICATION
Figure 1 shows the design of the Methane CCHP 
and associated components. The design 
requirements identified for the development of 
methane CCHP are as follows: 

1. Operating temperature: 100 – 140 K
2. Minimum power carrying capacity: 15 Watts.
3. Steady state operations at space orientation

i.e., 0.254 cm inclination against gravity
during ground testing.

4. Heat pipe dimensions: 1.1 meters (44”)
evaporator and 0.3 meters (12”) condenser
with no adiabatic section.

5. Storage temperature of about 333 K
6. Factor of safety of 4 or higher

Figure 1. Schematic representation of methane 
CCHP design and associated components 

Figure 1 shows that the aluminum envelope of 
methane CCHP is connected to a stainless-steel 
reservoir via a stainless-steel to aluminum 
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bimetallic Vacuum Coupling Radiation (VCR) 
fitting. Higher operating pressures of methane gas at 
ambient and storage temperatures require the 
addition of a reservoir. Figure 1 shows a stainless-
steel reservoir used to accommodate the higher 
pressure of methane gas at room temperature and 
temperature values suitable for transport. Assuming 
a storage temperature of 333 K, reservoir sizing is 
determined by the maximum pressure in the system. 

 
Figure 2. Reservoir sizing. 

Figure 2 shows the variation of pressure in the 
system with maximum temperature for various 
sizes of the reservoir. The reservoir size is decided 
by designing the system for a factor of safety of 4. 
The maximum allowable pressure in the system is 
calculated using Barlow’s prediction. For a 
maximum temperature of 333K, the maximum 
allowable pressure in the system is calculated to 
be around 3700 psi. Accordingly, a reservoir size 
with volume that is three times the volume of heat 
pipe, is chosen to generate a maximum pressure in 
the system to be below 750 psi, thereby achieving 
a factory of safety of 4 or higher.  
  

 
Figure 3. Fabrication and assembly of 

methane CCHP system. 
Figure 3 shows the as-fabricated methane CCHP 
with associated components. The heat pipe side is 
made of aluminum with a bimetallic fitting in 
between to connect to the components made of 
stainless steel. A pressure transducer is installed to 
monitor pressure at all times, during testing and 
storage. The heat pipe assembly is positioned on a 

non-conductive platform to minimize conductive 
heat losses. 
 
3. RESULTS AND DISCUSSION 

The performance characterization of the methane 
CCHP was conducted by monitoring the 
temperature profiles on the heat pipe assembly.  

 
Figure 4. Thermocouple map 

Figure 4 shows the relative position of all the 
thermocouples on the heat pipe system. A total of 
11 thermocouples are located on the evaporator, 
three on the short condenser, and three on the 
reservoir and pressure transducer. During testing, 
it was observed that reservoir and pressure 
transducer remain relatively warm with 
temperature above 288 K due to lack of working 
fluid and very low thermal conductivity of the SS 
coil.  

 
Figure 5. two configurations studied: 'up' and 

'upside down'. 
The testing was conducted for two configurations 
of the heat pipe, namely, up and upside down. 
These two configurations enable us to characterize 
the effects of potential puddle formation due to de-
wetting of the grooves, as discussed later.  
During testing, a number of parameters are varied 
to study the performance of the methane heat pipe. 
Given the primary objective of the study is to 
develop methane CCHP for space applications, 
the testing is conducted at several inclinations 
against gravity. It is noted that in this paper, a 
select set of results are discussed in which the 
values of inclination against gravity are 0.1° (i.e., 
~0.1”), 0.2° (i.e., ~0.2”), and 0.4° (i.e., ~0.4”). In 
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an against gravity inclination case, the condenser 
end is below the evaporator end. For reference, it 
is noted that inclination against gravity of 0.1” 
corresponds to the space qualification. Next, a 
working fluid (methane) amount with 2% margin 
of undercharged heat pipe is used. For a cryogenic 
heat pipe with low surface tension working fluid 
such as methane, the possibility of puddle 
formation due to excess liquid is high. To avoid 

this situation, an undercharged heat pipe 
configuration is suitable. For each set of 
parameters, both the up and upside down 
configurations are testes. For each test, the power 
is varied from 10 Watts to 75 Watts. For each case 
transient variation of temperature is noted along 
with maximum temperature difference on the heat 
pipe. 

 
Figure 6. Performance of methane CCHP for 0.1° inclination against gravity orientation. 

 
Figure 6 shows the case of 0.1° inclination against 
gravity with both up and upside-down 
configurations. It is evident from Figure 6 that the 
evaporator and condenser temperatures are close 
to 120K. For all power values covered in the test, 
the maximum temperature difference any two 
locations on the heat pipe are less than 5K. For a 
56” long heat pipe a maximum temperature 
difference of less than 5K indicates an isothermal 
performance. For both up and upside-down 

configuration, the heat pipe is working with 
minimum temperature gradient between the 
evaporator and condenser sections of the heat 
pipe. However, the maximum temperature 
difference between any two locations on the heat 
pipe is higher for the case of upside-down 
configuration compared to up configuration. The 
slight variation in the maximum temperature 
difference indicates towards the puddle formation. 
To elucidate the effects of puddle formation of the 
working fluid, the inclination against gravity is 
increased as follows.  
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Figure 7. Performance of methane CCHP for 0.2° inclination against gravity orientation. 

For the case of 0.2° inclination against gravity, the 
performance of heat pipe remains same with close 
to isothermal behavior and a maximum 
temperature difference of less than 5K for both up 
and upside-down configuration. However, the 
maximum temperature difference on the heat pipe 
is greater for upside-down configuration than in 

up configuration. The continued similar difference 
in the maximum temperature difference on the 
heat pipe is an indication of potential puddle 
formation. To gather more information, and to 
highlight the effects of puddle formation, the 
inclination angle is increased to 0.4°.  
 

 
Figure 8. Performance of methane CCHP for 0.4° inclination against gravity orientation. 
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Figure 8 shows the variation of temperature with 
time for various power increments. For the up 
configuration at 0.4 °  inclination of the pipe 
against gravity, isothermal conditions with 
maximum temperature difference of less than 5K 
are observed. This consistent performance in 
comparison to lower inclination angles indicates 
normal operations. However, in the upside-down 
configuration, a local dry out is observed at about 
50 Watts power input. Figure 8 shows that 
temperatures at two locations on the evaporator 
are rising with time uncontrollably. In addition, 
thermocouple 1 begins showing an abrupt rise in 

temperature followed by thermocouple 2. Both 
thermocouples are located at the beginning of the 
evaporator. In a local dry out, a section of the 
evaporator is dried of liquid leading to superheated 
region and sudden rise in temperature. The local 
dry out is mitigated by reducing the power back to 
40 Watts when the thermocouples 1 and 2 are 
replenished with liquid and normal operations 
resume. The difference in performance between 
the upside-down configuration and up 
configuration indicates higher chances of puddle 
formation. 
 

 
Figure 9. Summary of methane CCHP performance and comparison against predictions. 

Figure 9 offers a summary of the methane CCHP 
tests conducted at various powers, inclinations, 
and two configurations. The overall performance 
of the methane CCHP is compared against a 
theoretical prediction. It is seen from Figure 9 that 
for the case of 0.4° inclination against gravity, the 
theoretical prediction indicates that the heat pipe 
should not carry any power. However, the pipe 
carried about 75 Watts of power without drying 
out in up configuration, and up to 40 Watts of 
power before drying out in upside-down 
configuration. Such significant difference points 
to two possibilities: 1. Partial drainage of grooves 
leading to puddle formation, 2. Huge errors in the 
theoretical predictions.  
In figures 6, 7, and 8, insignificant variation of 
temperature with time for increasing power is 
investigated through numerical analysis. The 
evaporator and condenser sections of the heat pipe 
are analyzed by conducting numerical simulation. 
Figure 10 shows the numerical simulation setup 
and discusses the results in terms of temperature 
variation with time for various power input values. 
It is evident from Figure 10 that due to lower heat 
flux values, the rise in temperature with time as the 
power increases in insignificant. The non-
dominating temperature rise can be verified by 
overlapping the experimental performance in the 

results obtained from numerical analysis, as 
shown in Figure 10.   

 
Figure 10. Numerical simulation of 
temperature rise in evaporator and condenser 
sections. 
 
The effects of puddle formation that affects the 
performance of methane heat pipe is illustrated 
through the following figure. Assuming complete 
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drainage of the grooves, the condenser end is filled 
with working fluid and evaporator end shows 
multiple grooves drained of liquid.  

 
Figure 11. Puddle formation resulting from 
complete drainage of grooves. 
 
Such as configuration with complete drainage of 
grooves leading to the formation of puddle could 
significantly hinder the performance of cryogenic 
heat pipe. Further investigation, possibly with 
significant undercharging of heat pipe, and 
careful considerations of the effects of puddle 
formation on the performance of heat pipes are 
needed.  
 
4. CONCLUSIONS 

In this study, Advanced Cooling technologies, 
Inc. demonstrated design, fabrication, and detailed 
testing of a cryogenic constant conductance heat 
pipe (CCHP) that used methane as a working fluid. 
Using proprietary groove design, the performance 
of the methane CCHP is evaluated for various 
inclinations against gravity, various power input 
values, and two configurations namely up and 
upside-down. Through testing it was observed that 
the pipe operated with maximum temperature 
difference of less than 5K and carried about 75 
Watts of power as opposed to the design 
requirement of 15 Watts. In addition, extensive 
testing revealed that there is a possibility of partial 
or complete drainage of working fluid leading to 
puddle formation.  
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Abstract 

Commercial adoption of oscillating heat pipes (OHPs) has been slow due to challenges in operational predictability and 

stability.  Since 2007, ThermAvant Technologies has focused on developing manufacturing processes, operational 

modeling, and qualification testing for a wide range of OHP applications.  These OHPs vary from small high-flux heat 

spreaders to over 1-meter long heat transporters and can serve as dual-purpose structural and thermal systems.  The 

operational limits model was essential for creating a predictable design and was validated using extensive data from both 

ground and orbital testing, including an on-orbit experiment conducted between 2017 and 2019.  In 2021, these efforts 

culminated in the integration of an OHP into a commercial satellite, marking a significant advancement in OHP technology 

for space-based thermal management solutions.  This paper presents these advancements and discusses these commercial 

OHP applications. 

Keywords: Oscillating Heat Pipe; Pulsating Heat Pipe; Commercialization; Heat Spreader; Heat Transporter 

1. Introduction

The oscillating heat pipe (OHP), also called a 

pulsating heat pipe (PHP), was invented and 

patented in 1990 by Akachi [1–4].  Since then, 

substantial progress has been made in academia and 

industry to better understand OHP operating 

characteristics.  Despite these advancements, 

commercialization remained limited until recently 

[5–10].  This hesitation stemmed from concerns 

over the OHP’s predictable operating limits, 

operational stability, repeatability, and limited 

heritage. 

Since 2007, ThermAvant Technologies has 

sustained focus on addressing these concerns 

regarding the OHP’s commercial viability.  Initial 

work focused on extensive testing of a wide range 

of OHPs, and developing manufacturing and 

modeling capabilities.  This testing included an on-

orbit experiment from 2017 to 2019 [11–15].  In 

2018 ThermAvant began developing and delivering 

OHPs for integration into terrestrial, airborne, and 

on-orbit commercial systems and in 2021 the first 

commercial satellite using an OHP, developed by 

ThermAvant, was launched [16].  Over the years, 

the company has undertaken hundreds of 

demonstration, qualification, and system 

integration projects including over 10 orbital flight 

qualification campaigns. 

These OHPs’ sizes range in lengths from less 

than 2 cm to over 1 m and in thicknesses from less 

than 2 mm for thin, two-dimensional spreading to 

over 10 cm for more complex form factors with 

three-dimensional channel routing for heat 

transfer in all three planes. Dissipated powers 

managed by these OHPs vary from a few watts to 

several kilowatts.   

As part of their commercial qualification, they 

have been designed to meet various industry 

standards such as ANSI/AIAA S-080A-2018 [17] 

and SMC-S-016 [18], and pass additional 

customer specific tests including mechanical and 

thermal shock, mechanical vibration, temperature 

cycling, high acceleration loading, aging, non-

condensable gas injection, cold soaking, repeat 

cycle testing, long-duration testing, part-to-part 

performance consistency, and operational limits 

testing. 

To date, ThermAvant has delivered over 5,000 

OHPs, primarily for commercial aerospace and U.S. 

government end-uses, with over 1,000,000 hours of 

successful on-orbit operation.  This paper presents 

ThermAvant’s work on OHP design and 

manufacturing, OHP modeling, and OHP 

applications. 

2. OHP Manufacturing

ThermAvant primarily develops flat-plate 

OHPs, as shown in Figure 1.  These OHPs are 

highly customizable to meet customer 

specifications and can be manufactured with tight 

tolerances using standard metalworking 

techniques. 
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Figure 1. 3U OHP heat spreader with corner 

removed for inspection. 

 

These OHPs are most commonly manufactured 

via computer numerical control (CNC) machining 

to create channels in individual plates of material. 

These channel plates are then stacked to form a 

complex three-dimensional channel path, after 

which the plates are hermetically joined to create 

a sealed monolithic structure. Finally, the external 

surfaces are machined into their final shape, and 

the working fluid is introduced. 

This form factor offers high structural integrity, 

largely due to the frequent bridging of channel 

walls. As a result, the stiffness of the OHP is 

typically only 6% lower than a solid, channel-less 

version, while the modal frequencies increase by 

just 3–5%. Additionally, the internal channels 

reduce the overall density by 10–30% compared 

to a solid structure. These OHPs are typically 

made from aluminum to minimize mass while 

ensuring high thermal conductivity in the support 

structure. 

This method allows ThermAvant to develop 

OHPs in a wide range of two-dimensional and 

three-dimensional geometries with integral 

mounting features, support structures such as 

isogrids, and coatings.  In addition, this method 

allows for complex and precise channel routing 

predicted by the in-house OHP Limits of 

Operation model. 

 

3. OHP Limits Of Operation Model 

Many OHP models have been developed to 

predict operation and performance.  For commercial 

development, a model that allows for rapid design 

iteration and optimization was essential.  As a result, 

a model was created similar to the constant 

conductance heat pipe (CCHP) operational limits 

model to predict a set of operational limits for the 

OHP. 

The initial version of this model was published in 

Drolen and Smoot defining the Bond number limit, 

sonic limit, swept length limit, and vapor inertia 

limit [19].  In addition to these limits, the viscous-

temperature-difference contour is defined to predict 

the portion of operational temperature difference 

due to viscous losses.  The startup limit was defined 

in a subsequent presentation [20].  The combined 

limits are shown in Figure 10 with the operational 

envelope defined as the region above the startup 

limit and below the sonic, vapor inertia, swept 

length, and bond number limits.   

 

 
Figure 2. Example OHP limits of operation chart. 

 

The Bond number limit is a well-established limit 

for the OHP that determines when the liquid no 

longer bridges the channel in a gravity field and 

instead forms a stratified flow [21–23].  In a 

constant gravitational field this limit defines the 

maximum operating temperature.  This maximum 

operating temperature is the temperature at which 

the working fluid thermophysical properties for the 

surface tension, 𝜎, and liquid and vapor densities 

𝜌𝑙 and 𝜌𝑣 resolve the following equation, 

 

𝐷ℎ = 2.74√
𝜎

𝑔(𝜌𝑙 − 𝜌𝑣)
 (1) 

 

where 𝐷ℎ, is the hydraulic diameter of the channel 

and 𝑔 is the OHP’s acceleration. 

The sonic limit occurs when the fluid velocity is 

choked at the speed of sound for the two-phase 

mixture.  It is defined as, 

 

𝑄𝑠𝑜𝑛𝑖𝑐 =
𝐶𝑁𝑁𝜋𝐷

2

8𝛾 [𝑓
𝜌𝑙
𝜌𝑣

+ (1 − 𝑓)] (
1
𝜌𝑣

−
1
𝜌𝑙
)

ℎ𝑓𝑔
2

√𝑐𝑣𝑇𝑠𝑎𝑡
 (2) 

 

where 𝐶𝑁  is the number of condensers, 𝑁 is the 

number of channels, 𝛾 is the evaporative fraction 
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as further defined in Drolen et al. [24], 𝑓 is the fill 

fraction, ℎ𝑓𝑔 is the latent heat of vaporization, 𝑐𝑣 

specific heat at a constant volume, and 𝑇𝑠𝑎𝑡 is the 

saturation temperature. This limit is rarely 

encountered and has minimal experimental 

validation. 

The startup limit is the inception of boiling in the 

OHP, when the incident heat flux is sufficient to 

create the necessary superheat at the wall to create 

nucleation in a flowing two-phase mixture.  Once 

nucleation begins in the OHP, fluid flow is much 

more rapid and continuous.  At heat loads below this 

limit, heat is transported by non-nucleating 

convective flow that transports significantly less 

heat than above the limit. 

 

𝑄𝑠𝑡𝑎𝑟𝑡 =
𝜋𝐶𝑁𝑁ℎ𝐿ℎ

2𝛽𝜀𝛾 ln (
𝑟𝑖𝑛

𝑟𝑖𝑛 − 𝛿
)
 (3) 

 

where 𝑁ℎ  is the number of heaters, 𝐿ℎ  is the 

length of the heater, 𝛽 is a startup figure of merit 

which is a function of the fluid properties , 𝜀 is the 

surface roughness, 𝑟𝑖𝑛 is the channel inner radius, 

and 𝛿 is the liquid film thickness. 

The vapor inertia limit is defined as when the 

vapor generation rate is high enough to allow vapor 

to penetrate the liquid slug resulting in annular flow, 

 

𝑄𝑣𝑎𝑝 =
1.924𝑁𝐶𝑁𝑟𝑖𝑛ℎ𝑓𝑔

𝛾
√𝜎𝜌𝑣𝑟𝑖𝑛(𝑐𝑜𝑠𝜃𝑟 − 𝑐𝑜𝑠𝜃𝑎) (4) 

 

where 𝜃𝑟  is the receding contact angle and 𝜃𝑎  is 

the advancing contact angle. 

The swept length limit is defined as when the 

nucleation frequency is too high preventing liquid 

from fully circulating through an evaporator 

channel.  The swept length limit is a modifier on the 

vapor inertial limit resulting in reduced heat 

transport, 

 

 

where 𝑈 is the bulk flow speed, f is the frequency 

of nucleation, and 𝛼 is the conduction correction 

factor when heat spreading occurs in the OHP. 

In addition to these limits, the viscous flow losses 

in the OHP are also frequently a limiting factor for 

OHP operation.  At lower temperatures, the viscous 

drag results in an added pressure head to the OHP 

which must be overcome by an increase in 

temperature rise across the OHP.  When this added 

temperature difference exceeds the customer 

requirement or in a worst case scenario approaches 

the solid conduction of the base material, the OHP 

is no longer viable. 

This model is continually being refined from the 

initial published framework.  The limits models 

presented in this paper are from a more recent 

iteration of the model. 

 

4. Limits Model Validation 

The OHP limits of operation model was 

developed and validated with thousands of datasets 

collected from a wide range of OHP designs and test 

conditions.  Two key experiments were selected 

from this larger collection to demonstrate the 

model’s accuracy: the ASETS-II experiment for the 

swept length and vapor inertia limits, and the high 

flux OHP experiment for the startup limit. 

The ASETS-II experiment was an important 

study for validating the swept length and vapor 

inertia limits in a range of operating conditions 

[13].  The experiment was conducted by the Air 

Force Research Laboratory (AFRL) using three 

OHPs developed by ThermAvant. The experiment 

aimed to assess the long-term on-orbit operation 

of the OHPs, validate their operational limits, and 

compare performance to on-ground horizontal 

operation. The testing included six months of on-

ground evaluation before launch, followed by 780 

days of on-orbit testing.  All three OHPs 

performed as expected in orbit, demonstrating that 

horizontal on-ground operation is equivalent to 

on-orbit operation. Additionally, the operational 

limits and performance remained consistent 

throughout the entire testing period [11–14].  The 

complete dataset is available on the NASA 

Physical Sciences Informatics (PSI) website: 

https://psi.ndc.nasa.gov [15]. 

While all ASETS-II OHPs were important for 

validating the limits model, the OHP charged with 

R-134a and using the small heater was specifically 

designed to cross the vapor inertia and swept length 

limits.  The dimensions of the OHP are shown in 

Figure 3 and the heat map is shown in Figure 4. 

 

𝑄𝑠𝑤𝑒𝑝𝑡 = 𝑄𝑣𝑎𝑝 [
𝐶𝑁𝑈

𝛼𝐿ℎ𝑡𝑟𝑓
]
1.35

 (5) 
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Figure 3. ASETS-II OHP dimensions (units: mm) 

 

  
(a) (b) 

Figure 4. Heat map for ASETS-II OHP charged 

with R-134a where (a) is the top surface and (b) is 

the bottom surface with the active heater (units: 

mm). 

 

Figure 5, based on Drolen et al. [13], shows the 

on-ground and on-orbit experimental data overlaid 

on the OHP limits chart.  Each dataset was analyzed 

for stable operation, unstable operation with partial 

dryout, and runaway conditions with full dryout.  

The experiment demonstrates close alignment 

between the predicted limits and experimental 

results.  Some working and non-working results 

overlap in the dataset, this is attributed to the 

stochastic nature of the OHP where the OHP is 

assumed to be in a quasi-stable state. 

 

 
Figure 5. ASETS-II OHP #3 with small heater 

limits model and test results, based on Drolen et al. 

[13]. 

 

The high flux OHP experiment was important 

in validating the startup limit, as it required a 

relatively high heat load to initiate operation [25].  

The OHP was designed to spread heat from a high 

heat flux heat source to a larger rejection area on 

the opposite surface.  The heat source was 1 cm x 

1.3 cm centered on the 3.7 cm x 7.6 cm x 0.4 cm 

copper OHP with heat rejection on the entire 

surface opposite the heat source (Figure 6).  The 

OHP, charged with methanol, was tested to 330 W 

(254 W/cm2).  The OHP was evaluated with a 

rejection temperature from 10 °C to 80 °C.  Figure 

7 shows the time series data of the OHP’s 

transition across the startup limit when the cold 

plate was set to 40 °C.  The transition across the 

startup is visible in the change in temperature 

amplitude as it crosses the limit.  This amplitude 

change is not measurable with all OHP designs.  

Figure 8 shows that the conductance significantly 

increases as the OHP crosses above the startup 

limit.  Figure 9 shows close alignment of the 

startup limit to the experimental data. 

 

 
Figure 6. Copper OHP dimensions in centimeters 

and heat map. 

 

70



 
Figure 7. Timeseries results for 40 °C rejection 

showing transition across startup limit. 

 

 
Figure 8. OHP Experimental data at a range of 

cold plate temperatures showing conductance 

transition at startup limit. 

 

 
Figure 9. OHP limits chart with experimental data 

showing alignment of startup limit. 

 

5. Case Study: 3U VPX Heat Frame OHP 

The manufacturing and predictive modeling of 

an OHP’s operational limits has enabled 

ThermAvant to develop commercially viable 

OHPs for a wide range of applications.  Because 

OHPs provide efficient heat transport in thin, 

structural form-factors and can handle high fluxes, 

one natural application is a heat spreader for 

electronics cooling.  This case study will present 

an OHP heat spreader designed for a standardized 

form factor and a comparison with existing 

solutions. 

The ANSI/VITA 48.2 3U VPX heat frame is a 

standardized heat spreader for ruggedized 

electronics boxes used in terrestrial, airborne, and 

on-orbit applications [26].  The heat frame is 

designed to attach to one side of a circuit card to 

conduct heat from the tops of high heat flux 

components on the card to the perimeter of the 

card at heat sink locations, called cold rails, in the 

electronics box. 

The attachment between the heat spreader and 

the circuit card often requires screw holes near 

high-flux components and around the perimeter of 

the plate. Additionally, the design may necessitate 

cut-outs or varying planes to accommodate 

components or allow for electrical connections. 

Due to alignment requirements between the cold 

rails and the circuit board, the heat spreader may 

need to jog out of plane by less than 1 cm to 

effectively transport heat to the cold rail. 

These heat frames are commonly solid 

aluminum heat spreaders, however more efficient 

heat transporters are required for high flux 

applications, such as encapsulated graphite heat 

spreaders [27], heat pipe embedded spreaders 

[28], or OHP heat spreaders.  Each has their 

advantages and limitations. 

Encapsulated graphite heat frames can 

inherently operate across a wide range of 

temperatures due to lack of two-phase heat 

transport.  They are however inherently 2D heat 

spreaders in the plane of the graphite.  The 

performance does not degrade beyond the 

reduction in transport path with through holes and 

cut-outs in the design. However, they are typically 

single plane heat spreaders, or if the graphite is in 

multiple planes, it is not continuous and therefore 

has a thermal break with solid metal between.  

This leads to reduced performance when multiple 

planes are required. 

Heat pipe-embedded heat frames usually utilize 

one or more flattened copper-water heat pipes 

embedded in an aluminum plate to transport heat 

from electronic components to cold rails [29].  

These heat pipes serve as axial heat spreaders 

along the tube path and are ideally routed directly 

from the heat source to the heat sink. 

Consequently, their heat transport efficiency is 

limited by their formability. A typical heat pipe 

has a minimum bending radius of at least 2.5 times 

its outer diameter [30].  Many heat frames require 

frequent holes for mounting circuit cards and other 
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components, which can limit heat pipe routing 

options and may sacrifice thermal performance. 

Additionally, heat frames often have out-of-plane 

cold rails for heat rejection. Due to tight offsets, 

the heat pipes may not bend sufficiently to route 

to a cold rail, leading to a final conduction distance 

of about 1 cm through the lower conductance 

aluminum plate [31]. 

OHP heat frames are inherently 3D heat 

spreaders, as their highly flexible channel routing 

allows heat transport from multiple planes and 

orientations. Through-holes and changes in planes 

do not pose significant complications. Therefore, 

an OHP heat frame can transport thermal energy 

in the working fluid from the heat source to the 

sink with less than 1 mm of solid aluminum 

conduction. However, a significant number of 

through-holes or other constrictions may limit the 

number of OHP turns for stable operation. 

Additionally, the OHP requires sufficient 

thickness for the fluid channel, typically between 

1 to 3 mm. Figure 10 shows a 6U VPX OHP heat 

frame. These OHPs are generally designed for 

heat fluxes of less than 30 W/cm² but can be 

engineered to handle at least 250 W/cm². 

 

 

Figure 10. 6U VPX heat frame OHP 

 

An unfeatured 3U VPX heat frame OHP was 

developed to demonstrate these operational 

capabilities (Figure 11).  The aluminum OHP was 

heated uniformly across three heat sources and 

cooled at rails along the edges of the heat frame in 

a horizontal orientation (Figure 12).  The heat map 

and OHP dimensions can be seen in Figure 13a.  

The OHP was tested under a combined total heat 

load of 130 W, with the highest heat flux 

measuring 3.1 W/cm². Three working fluids were 

evaluated: ammonia, butane, and propyne and a 

solid aluminum version was also tested as a 

baseline.  Ammonia proved to be the highest-

performing working fluid, achieving a 

conductance of 53 W/K—nearly ten times the 

conductance of the solid aluminum envelope 

(Figure 13b). 

 

 
Figure 11. Three unfeatured 3U VPX heat frames. 

 

 
Figure 12. Experimental setup for the 3U VPX 

heat frame. 

 

 

 

(a) (b) 

Figure 13. Heat map (a) and thermal performance 

data for 3U VPX heat frame with a combined heat 

load of 130 W. 

 

 

The time series data for the ammonia OHP is 

shown in Figure 15, showing the rapid transition 

to steady-state without overshoot and low thermal 

amplitude of the oscillating motion.  Figure 14 

shows the limit chart for the ammonia OHP with 

the experimental results overlaid, indicating 

significant margin to the operating limits. 
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Figure 14. Limits of operation for the ammonia 

3U VPX heat frame with experimental results. 

 

 
Figure 15. Timeseries data of 3U VPX heat frame 

charged with ammonia. 

 

Case Study: OHP Base Plate Heat 

Transporter 

Many of the same reasons for using an OHP 

with a heat spreader are applicable to heat 

transporters.  Such as in applications that are space 

constrained, require the thermal device to be 

structural, and/or transport a high heat load or 

acquire a high heat flux.  This case study will 

compare an OHP heat transporter with the status 

quo CCHP heat transporter, and a design that 

incorporates the unique capabilities of an OHP. 

The most common high-performance passive 

heat transporter for satellite applications is the 

CCHP, which operates efficiently in both gravity-

neutral and gravity-aided orientations, allowing it 

to transport heat over multiple meters [32,33].  For 

on-orbit applications, CCHPs are frequently 

utilized as thermal linkages between payloads and 

radiator panels, helping to thermally balance the 

satellite by transporting heat across its structure. 

These CCHPs typically have a diameter of at least 

10 mm and can be bent to form complex routing, 

with bend radii at least 3-5 times the outer 

diameter, typically ranging from 30 to 35 mm [32–

34]. 

OHP-based transporters offer several 

advantages and some disadvantages compared to 

CCHPs. OHP transporters generally have a 

thickness between 1.5 mm and 7 mm, depending 

on design requirements, heat load, and transport 

distance. They can be bent or machined into 

various shapes, including branching structures to 

collect heat from multiple locations. For example, 

a 1.5 mm thick OHP can be bent with a 4.6 mm 

inner diameter radius, while a 5.6 mm thick OHP 

can achieve a bend radius of 28 mm. If tighter 

curvature is needed, the OHP can be machined to 

create the required sharp angles. Moreover, OHPs 

can operate against gravity over distances of at 

least 1 m, with the heat source positioned above 

the heat sink [35]. 

The primary disadvantage of OHPs is that their 

transport length is inherently limited compared to 

CCHPs. In an OHP, the two-phase mixture flows 

along the entire transport length at high velocity, 

resulting in higher viscous losses. This added 

pressure loss leads to a greater temperature 

gradient along the transport length. Depending on 

the fluid and design constraints, an OHP has been 

demonstrated to be competitive with other heat 

pipes for lengths of up to approximately 1 m.  At 

lengths longer than 1 m, manufacturing limits 

prevent a full evaluation.  Therefore, at multi-

meter scales and low heat loads, CCHPs may 

present a more effective solution. 

In one application, ThermAvant designed an 

OHP heat transporter to spread heat from an 

electronics box in a satellite to a CCHP-embedded 

radiator panel. In this scenario, the OHP was 

designed to evenly remove heat from the 

electronics box and to then evenly distribute the 

heat across multiple CCHPs. Furthermore, the 

OHP had to function effectively in any orientation, 

allowing for ground testing after integration 

without requiring satellite reorientation. 

The OHP heat transporter (Figure 16a) was 

1067 mm long by 152 mm wide at its widest point, 

and 5.6 mm thick.  The narrow section was 280 

mm long by 50 mm wide.  This region was 

designed to remove heat from a 280 mm x 50 mm 

heat source and the entire opposite surface of the 

OHP was designed to reject the heat to ten 30.5 

mm wide cold rails evenly spaced (Figure 16b). 
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(a) 

 
(b) 

Figure 16. (a) OHP Heat Transporter next to inch 

ruler and (b) heat map of experiment 

 

The OHP was tested at 75 W, 100 W, and 200 

W in horizontal, 5° and a vertical orientation.  The 

highest thermal performance was in the horizontal 

orientation at 200 W (1.4 W/cm2) with a 

conductance of 129 W/K. 

 

 
Figure 17. Experimental results for OHP 

transporter at different orientations and heat loads. 

 

Figure 18 shows the transporter OHP’s limits 

model with experimental results.  The 

experimental results for the three orientations 

occur at nearly the same adiabatic temperature and 

therefore are overlapping.  The OHP operated well 

within the safe operational region with margin for 

higher heat loads. 

 

 
Figure 18. Limits model for OHP transporter with 

experimental results. 

 

CCHPs could be designed to transport this heat 

flux, however they are not able to transport this 

heat load in a 5.6 mm thick structural form factor, 

transform the high flux to a lower flux in the 

rejection region, and do so in all orientations [32]. 

 

6. Conclusions 

ThermAvant has developed and demonstrated 

OHPs with a wide range of capabilities: 

• Heat acquisition from less than 1 W/cm2 to 

over 250 W/cm2 

• Transport lengths ranging from less than 2 cm 

to 3 m 

• Heat rejection fluxes of less than 1 W/cm2 to 

10s of W/cm2. 

• Thicknesses less than 1 mm to several mm for 

multi-kilowatt thermal transporters 

• Operating temperatures from -196 °C (77 K) 

to 1200 °C 

• A wide range of working fluids and envelope 

materials 

• Operate as a thermal-structural multi-

functional material 

• Producible in complex three-dimensional 

thermally active shapes 

Extensive work was conducted to predictively 

model OHPs, design and manufacture them to 

industry standards, and commercially produce 

them for a wide range of applications.  With 

thousands of OHPs fielded, over 10 space flight 

qualification campaigns completed, and over 1 

million hours of on-orbit flight time, the OHP is 

an important new tool for thermal management in 
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commercial systems. 
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Abstract 
Straight stainless steel two-phase closed thermosyphons (TPCTs) of 3 m length with deionized water as the working 

fluid are experimentally investigated. The TPCTs with an inner diameter of 35 mm and a wall thickness of 1,5 mm 

consist of an evaporator, an adiabatic and a condenser section of equal length. In this study, TPCTs with five different 

inner surface treatments have been investigated: two sandblasted with surface roughness of 𝑅𝑎  = 6030 𝑛𝑚  resp.

𝑅𝑎  = 9020 𝑛𝑚 , one polished with 𝑅𝑎  = 900 𝑛𝑚 , one with a laser-structured condenser section exhibiting a

superhydrophobic contact angle, and an untreated TPCT as a reference. The influence of the filling ratios 𝑉+ (20 %, 30 %, 

40 %, 56 %, 75 %, 100 %) at different evaporator temperatures 𝑇𝑒  (45 °C, 60 °C and 80 °C) and condenser

temperatures 𝑇𝑐 (10 °C, 20 °C and 30 °C) on the heat transfer performance of the TPCT has been investigated. The

results show that inner surface treatment significantly improves the heat transfer rate of the TPCT by up to 35 % at 

the maximum operating point.   

Keywords: thermosyphon; inner surface treatment; sandblasting; polished; laser structuring; coating; stainless steel-

water 

1. Introduction

Two-phase closed thermosyphons (TPCT) are a 

widely used system for heat transfer. Their stand out 

attribute is their straightforward design combined 

with low-cost production and high level of 

reliability in operation. Due to these advantageous 

properties, they have been tested and used for years 

in a wide variety of applications such as de-icing 

roads, maintaining permafrost soils or turbine blade 

cooling [1]. Considering the Fukushima reactor 

accidents, research endeavors have pivoted towards 

the development of passive safety devices for 

cooling of spent fuel pools of nuclear power plants. 

TPCTs emerge as promising candidates for this 

purpose due to the above-mentioned properties. 

Within the PALAWERO research project at the 

Institute of Nuclear Technology and Energy 

Systems (IKE), University of Stuttgart [2; 3], the 

feasibility of TPCTs for the cooling of spent fuel 

pools was comprehensively investigated and 

validated [4; 5]. 

However, the use of untreated steel pipes as the 

base of the TPCT does not fully utilise the possible 

heat transfer potential. It is well known that an 

improvement in the evaporation and condensation 

properties can be achieved by e.g. mechanical 

treating the inner heat transferring surface [6; 7]. 

The objective of this study is to evaluate the efficacy 

of various processing methods namely laser 

structuring, sandblasting, and polishing in 

comparison to an untreated reference condition 

across a spectrum of operational parameters and 

filling ratios of the TPCTs. To achieve this objective, 

an extensive experimental investigation for five 

different TPCTs has been undertaken. 

2. Experimental setup and test procedure

2.1. Experimental setup 

The experimental setup can be seen 

schematically in Figure 1. The TPCT measured in 

the test stand consist of three zones, a 1 m long 

evaporation zone, a 1 m long adiabatic zone, and 

a 1 m long condensation zone. For the 

construction of the TPCT, pipes made of 1.4301 

(ANSI 304) steel with an inner pipe diameter of 

35 mm and a wall thickness of 1.5 mm were used. 

A cover was welded on each end of the TPCT, 

which is equipped with two 1/4-inch connection 

pieces. This enables evacuation and filling via a 

connected valve. Furthermore, a pressure 

transducer and invasive temperature measurement 

sensors are additionally attached here.  

The measurement setup of the five TPCT is 

identical. At equal distances of 250 mm, 12 PT-

100 temperature sensors are mounted on the 

outside of the TPCT to determine the TPCT 

surface temperature. In the evaporation and 

condensation zones, the tube surfaces at the sensor 

positions were milled to a depth of approx. 1 mm 

to improve the measuring accuracy. The resulting 

flat surfaces ensure that the attached temperature 

sensors measure the surface temperature without 

an undercutting by the fluid of the thermostat 

circuit. Inside the TPCT there are 4 invasive 

temperature measuring points, 2 in the 

Paper ID 025(S2D)
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condensation zone and 2 in the evaporation zone, 

which are equipped with PT 100 measuring 

sensors inserted into the TPCT via the 1/4-inch 

connection described above. The absolute 

pressure is also measured here by means of a cross 

piece attached to the connection pieces. A Lauda 

T 4600 thermostat is used on the heating side and 

a Huber CC525 on the cooling side, both using 

water as working fluid. For heating the 

evaporation zone and cooling the condensation 

zone, identical semi-circular heat exchangers with 

an internal diameter of 47 mm are used. The heat 

exchangers have 11 baffle plates guiding the 

working fluid of the thermostat circuits along the 

TPCT in a meandering pattern. For calorimetric 

heat flow measurements, the temperatures at the 

outlet and inlet of each heat exchanger are 

measured by PT-100 temperature sensors.  

 

 
Figure 1 Scheme of the test stand design 

 

The volume flows of the two thermostat circuits 

are determined by means of ultrasonic flow meters. 

The mass flow rate of the temperature control 

circuit is adjusted via a bypass. This also ensures 

that fluctuations greater than 0.2 l/s due to the 

pump do not occur. The accuracies of the 

measuring sensors used are as follows. The 

absolute pressure sensors of type PAA-33x from 

Omega have an accuracy of ± 0.15 % FS, where 

FS stands for full scale. All PT-100 temperature 

sensors have class A accuracy and thus a 

measurement uncertainty of ± (0.15 + 0.002 T). 

The measurement uncertainty of the volumetric 

flow meter is ± (0.7 % RD + 0.7 % FS), where RD 

stands for reading. The measurement data 

acquisition is carried out via a Keysight 34970A 

data logger, and the measurement software is 

based on Agilent VEE. 

The entire measurement setup was insulated 

with Amaflex XG with a thermal conductivity of 

0.042 W/(mK). The ambient and the insulation 

temperature was also measured with a PT-100 

sensor.  

 

2.2. Surface treatment 

For the 5 TPCTs analysed, different methods of 

processing the inner surface were selected. One 

TPCT is used as an untreated reference TPCT in 

order to be able to evaluate the influence of the 

surface treatments. The other methods can be 

divided into two groups, those aimed at optimising 

condensation, laser-functionalisation and 

polishing, and those aimed at improving 

evaporation due to surface roughness, in this study 

with the help of sandblasting [8–10]. Their 

manufacturing will be described now in more 

detail. The first internally processed TPCT is a 

laser-functionalized pipe in the 1m long 

condensation area. The rest of the TPCT is made 

out of the reference pipe. In general, this 

processing method uses texturing with ultrashort 

laser pulses [7] to change the contact angle and 

thus the wettability. The contact angle defined 

according to Young's equation changes from 

72°±3° for the reference TPCT to 153°±3° for the 

laser-functionalized TPCT, as can be seen in the 

lower part of Figure 2. The upper part of the figure 

shows the behaviour of a water droplet in the cut-

open pipe half-shell with laser-functionalized 

internal machining. 

The second inner machined TPCT was polished 

using a cylindrical grinding machine to reduce the 

roughness alongside the 3 m pipe. The realisation 

can be seen in Figure 3. A roughness value 𝑅𝑎 
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(average roughness) of 900 nm was achieved 

using this process. In all cases, the roughness 

values indicated in this paper were determined in 

collaboration with the Materials Testing Institute 

(MPA), University of Stuttgart and the highest 𝑅𝑎 

value was selected from the multi-point 

measurements carried out. 

 
Figure 2 Above, water droplets in the laser-

functionalized TPCT; below, change in contact angle 

due to laser functionalisation 

 

The third and fourth internally machined tubes 

shown in Figure 4 were sandblasted with different 

coarse abrasives. Roughnesses 𝑅𝑎 of 6030 nm and 

9020 nm were achieved. Again, the entire 3 m pipe 

was machined internally. 

 

 
Figure 3 Polished TPCT tube 

 
Figure 4 Sandblasted tubes with 𝑹𝒂 9020 nm (left) and 

𝑹𝒂 6030 nm (right) 

 

2.3. Test Procedure 

The experimental investigations were performed 

with 𝑉+ of 20 %, 30 %, 40 %, 56 %, 75 % and 

100 % at three fluid inlet temperatures of the heat 

exchanger at the evaporation zone (45°C, 60 °C 

and 80 °C) and the condensation zone (10 °C, 20 

°C, 30 °C). Each TPCT is filled according to a 

uniform procedure. For this purpose, the TPCT is 

evacuated before the filling procedure and then 

leakage tested with helium. Afterwards, a leak test 

is carried out with the help of the attached pressure 

sensors. This ensures that the pressure does not 

exceed 3 mbar, the maximum error of the pressure 

sensor. Deionized and degassed water is used for. 

After the TPCT has been filled, it is degassed. For 

this purpose, only the evaporation side is heated 

up to 60 °C. In this state, the valve in the upper 

area of the TPCT is opened and the non-

condensable gas, that accumulates there, is 

released into an attached, vacuumed expansion 

tank. This process with the expansion tank reliably 

prevents the ingress of outside air, as it is still a 

closed system. The non-condensable gas comes 

from air dissolved in the working fluid which 

cannot be completely removed during the 

degassing process before filling. A check is made 

via the upper of the two invasive temperature 

sensors mounted in the condensation zone. After 

degassing, the temperature of the lower sensor 

adjusts to the temperature of both sensors. The 

measurements on the filled TPCT were carried out 

in measurement series with predefined filling 

levels and predefined temperature at the flow inlet 

of the condensation zone. The flow inlet 

temperature to the evaporation zone was then 

raised from 45 °C to 80 °C in 5 °C steps. 

However, to keep this paper concise and focused, 

only the key temperatures of 45 °C, 60 °C, and 

80 °C were selected for detailed analysis. The 

measurement was carried out according to the 

following principle. After reaching the selected 

inlet temperature in the evaporation zone, 10 min 

were waited to ensure that the system was 

completely thermally settled. After that, 

measurements were taken for 10 min. After 

completion of this measuring point, the next 

evaporator temperature was adjusted for the 

subsequent measurement. 

2.4. Data reduction 

The heat transfer 𝑄̇𝑐  is determined 

calorimetrically for the condenser section. This is 

done via the difference of the inlet temperature 

𝑇𝑐,𝑖𝑛 to the outlet temperature 𝑇𝑐 ,𝑜𝑢𝑡, the specific 
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heat capacity 𝑐𝑝 , the density ρ and the volume 

flow 𝑉̇𝑐 of the coolant water of the thermostat 

circuits. 

 

𝑄̇𝑐 = 𝑉̇𝑐 ⋅ 𝜌 ⋅ 𝑐𝑝(𝑇𝑐,𝑜𝑢𝑡 − 𝑇𝑐,𝑖𝑛)  (1) 

 

Based on this, the average heat transfer coefficient 

of the condenser ℎ𝑐 can then be calculated. 

 

ℎ𝑐 =
𝑄𝑐

2⋅𝜋⋅𝑟𝑜⋅𝐿𝑐∙(𝑇𝑉𝑠𝑎𝑡−𝑇𝑐 𝑤)
  (2) 

 

The variables required for this are the TPCT radius 

𝑟𝑜  of 19 mm, the length Lc of the condenser of 

1000 mm, the temperature of the steam in the 

condenser 𝑇𝑉𝑠𝑎𝑡, which in this case is determined 

by the saturation temperature of the vapour based 

on the pressure 𝑝𝑐  present in the condenser, and 

the wall temperature of the condenser Tc w. For the 

wall temperature Tc w, the average value of the 4 

PT-100 temperature sensors 𝑇2125 , 𝑇2375 , 𝑇2625 

and 𝑇2875, which can be seen in Figure 1, is used. 

Specific property data for water and steam are 

determined by using the Industrial Formulation 

1997 for the Thermodynamic Properties of Water 

and Steam IAPWS R7-97. 

2.5. Error calculation 

The measurement uncertainty is calculated using 

the Gaussian error propagation approach. 

 

Δ𝑦 = √∑ Δ𝑥𝑛
2 (

𝜕𝑦

𝜕𝑥𝑛
)

2
𝑛
𝑖=0   (3) 

 

Here Δ𝑦 is the total error of the parameter 𝑦, 𝑥𝑛 is 

the independent measured variable and Δ𝑥𝑛 is the 

measurement error. 

3. Results 

The presented graphs show the heat transfer rate 𝑄̇𝑐 

as a function of the filling ratio 𝑉+ at three different 

evaporator temperatures 𝑇𝑒 of 45 °C, 60 °C and 

80 °C under three different condenser temperatures 

𝑇𝑐 of 20 °C, 10 °C, and 30 °C. The experimental 

investigations were carried out for five different 

inner surface conditions: polished surface 

(𝑅𝑎 = 900 𝑛𝑚), rough surfaces (𝑅𝑎 = 6030 𝑛𝑚 and 

𝑅𝑎  = 9020 𝑛𝑚), a laser-structured surface and an 

untreated reference surface 

In Figure 5 the results for 𝑇𝑐 = 20 °C are shown. In 

general, the highest heat transfer rate is at 𝑉+ of 

20 and 30 % for 𝑅𝑎  = 6030 𝑛𝑚 with an absolute 

value of 4.45 kW. For 𝑇𝑒 = 45 °C, it can be stated 

that, with the exception of the filling level of 30 %, 

any internal surface treatment brings a significant 

improvement. The reference TPCT still in an 

unstable operation point has a heat transfer rate of 

0.195 kW, while the 𝑅𝑎  = 6030 𝑛𝑚  TPCT 

operates stable at 1.05 kW. Across all filling levels, 

the TPCT with 𝑅𝑎 = 6030 𝑛𝑚 has the highest heat 

transfer rate. Another striking aspect is the 

difference of maximum heat transfer rates 

depending on the inner surface treatment method 

and 𝑉 +. For example, it is 20 % for the laser-

functionalized tube, 30 % for the two sandblasted 

tubes and the reference TPCT and 40 % for the 

polished tube. At 𝑇𝑒  = 60 °C, the differences 

between the reference, polished and laser 

functionalized TPCT are within the range of the 

measurement error. The difference between the 

two sandblasted TPCTs could not be greater. For 

𝑅𝑎 = 9020 𝑛𝑚, the heat transfer rate is 10 to 15 % 

below the reference TPCT, whilst for 

𝑅𝑎 = 6030 𝑛𝑚 there is a maximum improvement 

of over 25 % compared to the reference TPCT. 

With the exception of 𝑉 + = 100 %, the 

improvement is at least 10 %. For 𝑇𝑒  = 80 °C 

again 𝑅𝑎 = 6030 𝑛𝑚 stands aside of the other inner 

surface treatments. The heat transfer rate increases 

by at least 13.5 % compared to the reference TPCT, 

and even 20 % at 𝑉 +=100 %. Additionally, the 

polished TPCT shows promising heat transfer 

improvements of about 5 to 10 % at 𝑉+ of 30, 40 

and 75 %. At 𝑉 + of 20 % however, both the 

polished and 𝑅𝑎  = 9020 𝑛𝑚  TPCTs show lower 

heat transfer rates than the reference TPCT due to 

a higher dry-out possibility. 

In Figure 6 the results for 𝑇𝑐 = 10 °C can be seen. 

For 𝑅𝑎 = 6030 𝑛𝑚, results are presented only for 

𝑉+ = 20, 30 and 56 %. Measurements were only 

conducted for 𝑉+ of 20 % and 30 % - where the 

maximum heat transfer rate is expected based on 

measurements at 20 °C and prior findings from the 

other TPCTs - and 56 % was included as a 

reference value in general, the highest heat 

transfer rate of about 5 kW is at Te = 80 °C and 𝑉+ 

of 20 % resp. 30 % for 𝑅𝑎  = 6030 𝑚  . For 

𝑇𝑒  = 45 °C and 𝑉 + of 20 % and 30 %, the 

reference TPCT shows better results than any 

other surface treatment. With 2.15 kW at 

𝑉+ = 30 % it is also the highest total heat transfer 

rate achieved at this 𝑇𝑒 .  At 𝑉 + above 30 % the 

results change drastically and the polished and the 

𝑅𝑎 = 6030 𝑛𝑚 TPCT have more than 160 % higher 

heat transfer rates than the reference TPCT. As seen 

for 𝑇𝑐  = 20 °C, it should be noted that the large 

percentage difference is due to the unstable 

operation of the reference TPCT. At 𝑉+ = 100 %, 

the differences even out more or less, and there is 
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no superior TPCT. For 𝑇𝑒  = 60 °C, the TPCT 

behave in a similar way then seen in Figure 5 for 

𝑇𝑐  = 20 °C. The best results can be seen for 

𝑅𝑎  = 6030 𝑛𝑚  with a peak value of 3,45 kW at 

𝑉+ = 20 %. The overall improvement rate is 13 %, 

4,5 % and 7,3 % at 𝑉+ of 20, 30 and 56 %. The 

polished and the laser functionalized TPCTs 

behave similar to the reference TPCT with the 

exception of 𝑉 + = 20 % for the polished TPCT 

with a heat transfer drop of - 21 %. Again, the 

𝑅𝑎 = 9020 𝑛𝑚 TPCT is below the heat transfer rate 

of the reference TPCT with - 6 to - 34 %. The results 

for 𝑇𝑒 = 80 °C show a heat transfer improvement of 

6 to 9 % for 𝑅𝑎  = 6030 𝑛𝑚. Besides this there is 

only a significant change in contrast to the reference 

TPCT for the laser functionalized and the polished 

TPCT at 𝑉+ = 20 % with a heat transfer decrease 

of - 7,5 % and - 12,9 %.  

In Figure 7 the results for 𝑇𝑐  = 30 °C are given. 

For 𝑅𝑎  = 6030 𝑛𝑚 , results are again presented 

only for 𝑉 + = 20,30 and 56 %. In general, the 

highest heat transfer rate of 3.95 kW is at 𝑉+ of 

20 % for 𝑅𝑎 = 6030 𝑛𝑚(note that the scale of the 

y-axis is adapted to the lower heat transfer rates 

for the middle and lower part of the figure). 

For 𝑇𝑒  = 45 °C, the reference and the laser 

functionalized TPCTs are not in a working state. 

Therefore, a comparison of the heat transfer 

increase in percentage does not provide a valuable 

result. After all, it is to be seen that for 

𝑅𝑎  = 6030 𝑛𝑚  a stable TPCT operation occurs, 

with a maximum heat transfer rate of 1,2 kW at 

𝑉+ = 30 %. Also, a working state of the TPCT can 

be seen for the 𝑅𝑎  = 9020 𝑛𝑚  with heat transfer 

rates between 0.5 kW and 0.7 kW for 𝑉+ up to 56 %. 

In this 𝑉+ area the polished TPCT also shows heat 

transfer rates of around 0.5 kW. 

At 𝑇𝑒  = 60 °C, all surface treatments with the 

exception of 𝑅𝑎 = 9020 𝑛𝑚 show improvements in 

the heat transfer rate at any 𝑉+. For polished and 

laser functionalized TPCTs, with one exception at 

𝑉+ of 20 %, the heat transfer improvement lies 

between 8,5 % and 12,5 %. 𝑅𝑎  = 9020 𝑛𝑚 shows 

only an improvement at a 𝑉+ of 20 % with around 

11,5 %. For the other 𝑉 +, the heat transfer rate 

decreases compared to the reference from - 10,5 % 

to – 20 % and at 100 % even as high as - 53 %. The 

highest heat transfer rate can be achieved with the 

𝑅𝑎  = 6030 𝑛𝑚  TPCT at 𝑉 + = 20 %. It shows a 

59 % better result at a total value of 2.45 kW. For 

𝑉+ of 30 % and 56 %, the improvements are high 

with 37 % and 41 %. 

 
 

Figure 5 Heat transfer rate at 𝑻𝒄 = 20 °C vs. 𝑽+ 
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Figure 6 Heat transfer rate at 𝑻𝒄 = 10 °C over all 𝑽+ 

 
Figure 7 Heat transfer rate at 𝑻𝒄 = 30 °C over all 𝑽+ 
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At 𝑇𝑒 = 80 °C all surface-treated TPCTs show an 

improvement compared to the reference TPCT. 

The most significant improvement is achieved for 

𝑅𝑎 = 6030 𝑛𝑚 with a maximum of 35 % and a heat 

transfer rate of 3.95 kW at 𝑉+ = 20 %. For 30 % 

and 56 % 𝑉+, an improvement of around 25 % is 

reached. For the polished and the laser 

functionalized TPCTs, a heat transfer increase 

between 6,5 % and 12,5 % can be attained. The 

TPCT with 𝑅𝑎 = 9020 𝑛𝑚 reaches for 20 % 𝑉+ an 

improvement of 17,5 %, which flattens out to 7,5 % 

improvement rate for 30 % and 40 % 𝑉+. For 𝑉+ of 

56 % and 75 % it goes down even more so it is 

within the error margin. In Figure 8 the average 

heat transfer coefficient ℎ̅𝑐  in the condenser 

section as a function of the heat flux 𝑞̇𝑐 is given 

and provides an insight into the effect of surface 

treatment with sandblasting at 𝑅𝑎  = 6030 𝑛𝑚 

compared to the reference TPCT.   

 
Figure 8 Heat transfer coefficients vs. heat flux for 

the reference and the 𝑹𝒂 = 6030 𝒏𝒎 TPCT at 

𝑽+ = 20 % and 75 % for 𝑻𝒆 of 45 °C, 60 °C and 80 °C 

 

The 𝑅𝑎 = 6030 𝑛𝑚 TPCT was selected due to its 

overall high improvement in heat transfer rate. 

Two 𝑉+ of 20 % and 75% where chosen, due to the 

significant difference in their influence on the heat 

transfer rate. The general impact of varying 𝑇𝑒 of 

45 °C, 60 °C and 80 °C can be easily observed, as 

it strongly correlates with the value of 𝑞̇𝑐 . 

Additionally, the higher heat transfer rate of the 

𝑅𝑎  = 6030 𝑛𝑚 TPCT and the higher heat transfer 

rate for both surfaces at 𝑉 + = 20 % is evident. 

Beyond these expected effects, the influence of the 

rougher surface 𝑅𝑎  = 6030 𝑛𝑚  on the condenser 

compared to the reference TPCT is highlighted. 

Despite having a higher heat transfer rate at any of 

the inspected 𝑇𝑒  and 𝑉 +, the heat transfer 

coefficient is significantly lower for the 

𝑅𝑎  = 6030 𝑛𝑚 TCPT for 𝑞̇𝑐  ≥ 20kW/m2. The ℎ̅𝑐 

decrease in comparison to the reference TPCT is in 

the range of - 11 % to - 18,5 %. An explanation for 

this could be that the surface roughness prevents a 

good backflow of the condensate and therefore 

reducing the effective condensation there. As 

mention in chapter 2.2 the expected positive 

influence of the sand blasting should be improving 

the evaporation. For 𝑞̇𝑐  < 20 kW/m2, the behavior 

is reversed, as at this point, stable operational 

behavior of the TPCT becomes the more 

influential factor. The influence of stable 

operational behavior of the TPCT can also be 

observed for the reference TPCT at 𝑞̇𝑐 between 15 

and 20 kW/m2. At a 𝑉+ = 75 % the TPCT operates 

in an unstable and pulsating manner, which 

directly results in a lower average heat transfer 

coefficient ℎ̅𝑐  compared to the ℎ̅𝑐  at 𝑉 + = 20% 

during stable operation. 

4. Comparison and Conclusions 

The results of this study demonstrate that surface 

treatment significantly influences the heat transfer 

performance of TPCTs under various operating 

conditions. The TPCT with a surface roughness of 

𝑅𝑎  = 6030 𝑛𝑚 consistently exhibited the highest 

heat transfer rates at most of the investigated 

conditions, particularly at the low evaporator 

temperature 𝑇𝑒  = 45 °C. The most significant 

improvement was observed for the filling ratios 

𝑉+ = 20 % and 30 %, where a stable operation of 

the TPCT resulted in a significant higher heat 

transfer rate compared with the untreated 

reference TPCT. The study revealed that while 

intermediate surface roughness 𝑅𝑎  = 6030 𝑛𝑚 

produced the best overall heat transfer rates, the 

TPCT with a rougher surface 𝑅𝑎  = 9020 𝑛𝑚 

generally underperformed, often showing lower 

heat transfer rates than the reference TPCT, 

particularly at high filling ratios and evaporator 

temperatures. This suggests that an excessive 

roughness may be counterproductively for the 

condensation process by inhibiting the condensate 

backflow, reducing the effective heat transfer. 

At higher evaporator temperatures 𝑇𝑒 = 80 °C, the 

polished and laser-functionalized TPCTs 

demonstrated notable improvements, achieving 

heat transfer rates up to 20 % higher than the 

reference TPCT. However, these gains were not as 

pronounced as those achieved by the 

𝑅𝑎 = 6030 𝑛𝑚 TPCT, highlighting the advantage 

of a moderate roughness level for the thermal 

performance. 
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In conclusion, this study confirms that surface 

treatment is a critical factor in enhancing TPCT 

heat transfer rate, and that a surface roughness of 

around 𝑅𝑎  = 6030 𝑛𝑚  provides the most 

consistent improvements. However, the 

effectiveness of surface treatments varies 

depending on the specific combination of 

operating temperatures and filling ratios. 

Therefore, further research is necessary to explore 

the long-term effects of surface treatments and 

possible influence of combined inner surface 

treatments. 
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Aluminum Loop Thermosyphon with two Evaporators and One Condenser for 

Electronic Cooling  

Leonard L. Vasiliev, Alexander S. Zhuravlyov, Alyona A. Gasparovich, Dmitry S. Sadchenko 

Luikov Heat and Mass Transfer Institute, Minsk, Belarus 

Abstract 
This paper presents the results of investigation of the parameters of a new flat aluminum thermosyphon, the evaporator 

of which contains two identical panels operating in parallel, each of which has eight mini-channels. The panels are 

combined by single vapor and liquid collectors. On each of the evaporator panels there are heat sources (chips) of 

varying power, a cooling of which is carried out using loop thermosyphon condenser. The working fluid is acetone. The 

influence of the heat load and the working fluid volume on the heat transfer coefficients of the evaporator, condenser 

and the thermal resistance of the thermosyphon was determined and investigated. The system's optimal filling ratio is 

found to be around 30-50%, and the lowest evaporator thermal resistance is 0.15 K/W for the heat load range 20-80 W. 

The test results showed that the thermal resistance of the thermosyphon decreases with an increase in the transferred 

heat flux due to an increase in a speed of a circulating working fluid and intensification of heat transfer. The 

thermosyphon has good dynamics of quick access to the operating mode. It is stable in operation in a wide range of heat 

fluxes.  

Keywords: Thermosyphon; Evaporator; Condenser; Heat transfer coefficient 

1. Introduction

Modern electronic chips are minidevices with a 

high packing density inside electronic or electrical 

cabinets. Active thermal management of chips 

using heat pipes and thermosyphons ensures their 

reliable operation and maximizes the mean time 

between failures of minielectronic devices. As a 

result of the miniaturization of highly integrated 

electronic components packed inside electronic 

cabinets, the heat flux density generated by them 

reaches 100–200 W/cm2. Chip miniaturization 

increases the density of the heat flux, which must 

be dissipated into the environment (air). Two-

phase thermal regulation systems (heat pipes and 

thermosyphons) play a vital role in the efficient 

cooling of electronic or electric cabinet 

components due to their ability to transfer heat at 

high speed over long distances without significant 

heat losses [1-5]. Thermosyphon and its integrated 

system have distinct advantages over other free 

cooling methods and have great application 

potential. A two-phase loop thermosyphon (TPLT) 

is a type of passive heat transfer device which has 

the ability of efficient heat transfer over a long 

distance without any external power supply [6-9]. 
Loop thermosyphons can be effectively used in 

cooling systems for powerful electronic 

components, in particular, central and graphic 

processors, thyristors, IGBT modules, LEDs, the 

maximum operating temperature of which is in the 

range of 70–100 С. It has been widely used in 

various thermal engineering application, including 

data center [10-14].  
The full information about the thermosyphon is 

given in Table 1.  

Table 1. Specifications of the thermosyphon 
Specifications Size/Material 

Working fluid Acetone 

Filling volume 15-63% 

Evaporator 

Material 

Number of panels 

Number of mini- 

channels in one panel 

Dimensions of one 

mini-channel (length × 

width × height) 

Hydraulic diameter 

Aluminum 

2 

8 

7 mm × 3 mm × 110 mm 

4.2 mm 

Condenser 

Type 

Material 

External dimensions 

(length × external 

diameter)  

Wall thickness 

Tube in tube 

Aluminum 

200 mm × 24 mm 

2 mm 

Dimensions of vapor 

and liquid collectors  

160 mm × 9 mm × 9 mm 

Cooling liquid Water 

Liquid temperature 20 C 

Thus, it can be concluded that at the present 
time, the development and study of the possibilities 
of introducing highly efficient thermosyphons is a 
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promising and relevant line of research. In recent 
years, mini-channel heat exchangers have been 
used as compact evaporators in both the 
automobile system of air conditioning and heat 

pumps [15, 16]. TPLT consists of an evaporator, 
condenser, a compensation chamber (second panel, 
transient time of switch on) , vapor and liquid 
pipes, Fig. 1. The working fluid is acetone. At the 
low filling ratio, the flow pattern changes as slug, 
flow-churn, flow-annular, flow with the heat load 
increase and the gas – liquid flow shifts to slug 
flow – geyser boiling – been revealed as well, Fig. 
2. The panels are united by single vapor and liquid 
collectors.  

 

 
 

Fig.1. Schematic diagram of the thermosyphon: 1, 

2) evaporator panels; 3) vapor collector; 4) liquid 

collector; 5)vapor tube; 6)filling connection; 7) 

condenser; 8) liquid tube. 
 

 
 

Fig. 2. Characteristic features of boiling of liquid 

in the vertical channels of the thermosyphon (d = 

4 mm) as a function of the heat load [5]:  

1) nucleation of mini-bubbles on the channel wall; 

2) merging of mini-bubbles into larger ones, 3) 

separation of the liquid flow into vapor plugs and 

liquid cuffs; 4) the development of turbulence in a 

two-phase vapor – liquid flow; 5) annular 

separation of the vapor-liquid flow with formation 

of thin liquid films on the wall, accompanied by an 

increase in the vapor content of the two-phase flow; 

6) wet vapor flow (fog).  

The evaporator and condenser of thermosyphon 

are connected to each other by means of a vapor 

(5) and liquid (8) tubes. The inner diameter of the 

vapor tube is 8 mm and that of the liquid one is 

4 mm. In each panel the mini-channels are 

separated by thin walls (ports) 1 mm thick. The 

ports in the mini-channels are used as internal fins. 

They increase the heat exchange surface area and 

the evaporation rate of the working fluid. 

Multichannel loop thermosyphons have advantages 

over single-channel ones. They are more compact, 

have a larger ratio of the inner surface of the 

channel to its volume, a smaller volume of 

working fluid and mass, which leads to more 

intensive and efficient heat transfer [17-19].  
Depending on the heat load, the two-phase 

process of hydrodynamics and heat transfer of the 

working fluid in mini-channels is accompanied by 

the nucleation and development of vapor bubbles. 

The thermosyphon condenser is made in the 

form of a water double-tube heat exchanger and is 

cooled by a water flow from a LOIP FT-316-40 

thermostat. The evaporator is heated by a 

HY10010E DC power supply. T-type 

thermocouples (copper-constantan) are installed at 

the main points of the thermosyphon. The 

thermocouple signals are processed by an Agilent 

34980A multimeter and transferred to a computer 

for further processing. To minimize heat losses, the 

evaporator, vapor and liquid tubes are covered with 

a layer of thermal insulation. The liquid tube 

connects the condenser with the evaporator and 

runs inside the lower evaporator collector of the 

thermosyphon along its entire length to ensure 

uniform supply of the working fluid to both panels. 

The general view of the experimental setup is 

shown in Fig. 3. 
 

 
 

Fig. 3. Loop thermosyphon with two evaporator 

panels: 1) thermosyphon; 2) multimeter; 3) 

personal computer; 4) thermostat; 5) power 

supplies.  
 

The location of the thermocouples on the surface 

of the thermosyphon is shown in Fig. 4, where the 

86



main numbers of thermocouples are circled in red. 

The experimental setup is designed to study heat 

transfer processes during evaporation, boiling, and 

condensation in thermosyphons. In the process of 

research, the temperatures along the 

thermosyphon, the thermal resistance of the 

thermosyphon components, the heat transfer 

efficiency, and the critical heat flux were 

determined. All tests were carried out under the 

same conditions at an air temperature in the room 

of 18-20 C. The water coolant temperature was 

20 C. The time intervals between two successive 

tests were at least 12 hours, which made it possible 

to completely cool the setup down to room 

temperature.  
 

 
 

Fig. 4. Arrangement of the thermocouples on the 

evaporator panels with two heaters, condenser, 

vapor and liquid collectors, vapor and liquid tubes.  
 

2. Experimental study of the parameters of the 

thermosyphon with a thermal load on one 

or two panels  

2.1. Panel No. 1  

Figure 5 shows a graph of the evolution of the 

temperature field on the surface of the annular 

thermosyphon over time when 33% of its volume 

is filled with acetone. The heat flux (Q = 40 W) is 

supplied to panel 1; initially panel 2 is used as a 

compensation chamber, contributing to a 

successful and reliable start of the thermosyphon 

as an auxiliary analog of the condenser. Non 

stationary heating of the thermosyphon panel 1 

occurs in the transitional period of time (number 1 

in Fig. 5). Vapor does not enter the thermosyphon 

vapor tube until the time when the saturation 

temperature in the vapor collector reaches 60 C.  
 

 
 

Fig. 5. Graph of temperature distribution in time 
for filling 33% of acetone at a heat load of 40 W: 
1) nonstationary heating process; 2) stationary 
process of heat transfer in the thermosyphon.  
 

During the transient process of heat transfer from 

panel 1 to panel 2 of the evaporator, the 

thermosyphon condenser remains passive, as 

evidenced by the constancy of its temperature in 

the vapor tube (Number 1, Fig. 5). After the 

temperature of the panel 2 rises to the saturation 

temperature (60 C), the operation of the 

thermosyphon condenser is activated, and the heat 

transfer in the thermosyphon becomes stationary 

(Number 2, Fig. 5). The end of the transitional 

period of operation of the thermosyphon and the 

beginning of the stationary period of heat transfer 

of the annular thermosyphon can be determined by 

the change in the temperature at entry of the liquid 

coming from the condenser to the liquid collector 

of the evaporator (thermocouple 34 on the liquid 

tube of the thermosyphon, Fig. 4).  
The evolution of the thermosyphon launching in 

time and the transition from the nonstationary 

operation mode to a stationary one is shown in 

Fig. 6.  

 
 

Fig. 6. Scheme of operation of the thermosyphon: 
the transient mode of operation is indicated by a 
green contour 1 (small contour of operation), the 
stationary mode of operation of the thermosyphon 
with the active participation of the condenser (heat 
sink) is indicated by a red contour 2 (large contour 
of operation). 
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Fig. 7 shows the temperatures along the 

thermosyphon.  
 

 
 

Fig. 7. Temperature distribution along the 

thermosyphon in the stationary mode of operation, 

Q = 80 W.  
 

The average heat transfer coefficient in a 

thermosyphon is determined from the Newton–

Richman equation:  
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ΔΔ
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The heat transfer coefficient calculated for 

different fillings of the thermosyphon with the 

working fluid is shown in Fig. 8.  
 

 
 

Fig. 8. Graph of the dependence of the heat transfer 

coefficient on the volume of filling the evaporator 

with acetone (percentage). 
 

From the analysis of Fig. 8 it can be concluded 

that significant changes in the heat transfer 

coefficient are observed when 30% to 50% of the 

evaporator are filled with acetone. With a further 

increase in the filling volume, the heat transfer 

coefficient remains near constant. Thus, the 

optimal filling of the thermosyphon with the 

working fluid is 50% at a nominal thermal load on 

the thermosyphon of 40 W. 

The thermal resistance of the evaporator Re, 

condenser Rc, and the total thermal resistance Rt, 

shown in Fig. 9, are calculated by formulas (2)-

(4):  
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Fig. 9. Thermal resistance of evaporator (Re), 

condenser (Rc) and total thermal resistance (Rt) vs. 

heat load Q.  
  

2.2. Heat load on two thermosyphon 

panels  

The loop thermosyphon with two evaporator 

panels is capable of removing the heat flux from 

two identical or different heat sources, which may 

differ in the heat flux value.  

To study the effect of the load on two panels of 

the thermosyphon, an experiment was carried out 

during which the main panel (1) was activated at a 

heat flux of 40 W. After reaching the stationary 

mode, an additional panel (2) with a heat flux of 

20 W was activated too. The graph of temperature 

distribution is shown in Fig. 10.  
 

 
 

Fig. 10. Graph of the temperature distribution on 

the surface of the thermosyphon evaporator in 

time. Both panels are active, the total heat load is 

60 W.  
 

Figure 10 is divided into three parts. The first 

part shows the startup process of panel 1 at a heat 

flow of 40 W. The second part displays the startup 
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of the thermosyphon and the emergence into the 

stationary mode of operation.  

The third part displays the emergence into the 

stationary mode of operation of the thermosyphon 

with the inclusion of additional panel 2 at a heat 

flux of 20 W. When a heat load was applied to 

panel 2, the temperature of the main panel 1 

remained practically unchanged, there was a slight 

increase in the vapor temperature and a significant 

decrease in the temperature at the condenser outlet, 

which indicates an intensification of the heat 

exchange of the condenser. The graph of the 

temperature distribution along the thermosyphon in 

the stationary mode of operation with the supply of 

40 W to panel 1 and the supply of 20 W to panel 2 

is shown in Fig. 11.  
 

 
 

Fig. 11. Temperature distribution along the 

thermosyphon in the stationary mode of operation 

of both panels of the thermosyphon.  

 

Results of experimental study of the thermosyphon 

with two parallel panels found that it operation is 

related to the difference in heating power between 

the two panels. The hydraulic resistance of the 

high-load panel is higer than the low-load panel. 

When there is a significant difference in the loads 

of the two panels, the high-load panel experiences 

overheating due to insufficient flow, while the low- 

load panel incurs some flow wastage.  

 
 

3. Conclusions  

A new flat aluminum loop thermosyphon with 

two multi-channel evaporator panels has been 

developed and tested. Thermal characteristics of 

the thermosyphon have been studied 

experimentally when the volume of filling the 

evaporator with the working fluid is minimal (30-

50% of the total volume of the evaporator). The 

evaporators have the common collectors for the 

transfer of vapor and working fluid. The test 

results showed that the thermal resistance of the 

thermosyphon decreases with an increase in the 

transferred heat flux due to the increase in the 

speed of the circulating working fluid and 

intensification of the heat transfer. Stability of the 

thermosyphon parameters is maintained even with 

highly nonstationary and asymmetric heat inputs to 

the evaporator surface in a wide range of heat 

fluxes. The thermosyphon has a good dynamics of 

quick access to the operating mode. The flat 

evaporator of the thermosyphon has good thermal 

contact with the objects to be cooled. 

Consequently, a number of cooled elements, such 

as IGBTs, cryogenic infrared sensors, electronic 

circuits, LEDs, etc., can be attached to the 

thermosyphon evaporator, consisting of several 

multichannel panels.  
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Abstract 
The use of passive heat transfer technologies, such as thermosyphons and heat pipes, to transfer heat from a source 

located above a heat sink is not straightforward, as the capacity of returning liquid from the condenser to the evaporator 

is deeply affected. An alternative solution is the inverted two-phase thermosyphon, which uses the pressure difference 

between hot and cold components to pump the working fluid and transfer heat through a closed loop, with liquid 

flowing up against gravity. The condensate lifting height is one of the main operational parameters and is related to 

the vertical distance between evaporator and condenser. The control of the aperture and closure of valves directs the 

flow inside the loop. In the present work, an inverted two-phase thermosyphon prototype is tested under thermal load 

ranging from 2.0 to 12.0 kW and for liquid lifting heights of 2.0, 3.0 and 5.0 m, with water as the working fluid. The 

prototype showed a large capacity to adapt well to various operation conditions, with stable operation for all tested 

configurations. The results demonstrate that the evaporator temperature is the parameter that most affect the lifting 

height, as the higher temperature, the higher is the saturated vapor pressure and so its difference to the accumulator. 

Actually, this pressure difference is the driving force for the condensate lifting. However, the thermal load level did 

not affect the capacity of liquid lifting. 

Keywords: Inverted two-phase thermosyphon; downward heat transfer; periodic operation; passive technology 

1. Introduction

In the design of thermal systems for industrial 

applications, the use of passive technologies to 

transfer heat, like heat pipes and thermosyphons, is 

very convenient. These devices are efficient and 

reliable, when the heat source is below the heat sink 

and the return of condensed liquid, from the 

condenser to the evaporator, occurs in the gravity 

direction. For horizontal operation, in which the 

heat source and sink are at the same level, wick 

structures are used to displace the liquid and the 

liquid lifting height is limited by the capillary 

pumping capacity of the media. The major concern, 

is when liquid needs to be lifted, against the gravity, 

when the heat source is above the heat sink.  

A passive alternative technology to transfer heat 

downwards is the inverted two-phase thermosyphon, 

in which the heat transfer process can be continuous 

or periodic. 

 The continuous process is represented by the 

bubble pump technology, in which vapor bubbles 

formed in the evaporator mix with the working fluid, 

resulting in a fluid with lower density, that pushes 

the working fluid through a closed loop [1-3]. 

Alternatively, in periodic processes, the fluid flow is 

displaced against gravity by the pressure difference 

between the hot and cold components of the device 

[4-9]. 

Inverted thermosyphons can be applied for the 

thermal control of electronics [10-11], of solar 

collectors [12], for the air condition systems in 

house cooling systems [13], for cooling of marine 

propulsion engines [14], for oil and gas rigs, among 

others. 

Over the last few years, the number of works 

regarding inverted two-phase thermosyphons have 

increased, either for the bubble pump or for the 

component pressure difference technologies [12]. 

Both vapor and liquid are used to carry heat, for 

the devices driven by pressure differences. Some 

prototypes employed as working fluids the HCFC 

141b [4, 8-9] and water [15], for lifting the liquid to 

heights ranging from 2.0 m to 3.3 m, and R114 [5] 

for liquid lifting from 7.0 m to 15.0 m. In these 

works, thermal loads ranged from 50 W to 1.2 kW. 

For electronics cooling, FC72 [10-11] was used for 

lifting heights ranging from 0.35 m to 0.7 m and for 

thermal loads from 14 W to 45 W. Prototypes in 

which the liquid carries the heat normally use water 

[7,16]. With this working fluid, a prototype [16] 

transferred heat in the horizontal direction, being 

able to lift the returning liquid up to 0.4 m. 

In the present work, the thermal and hydraulic 

performance of a prototype of an inverted two-phase 

thermosyphon is analyzed under thermal loads 

ranging from 2.0 kW to 12.0 kW, different operation 

conditions and for different liquid lifting heights. 

The prototype is adaptable, allowing tests with 

different liquid lifting heights. Three configurations 

were tested: liquid heights of 2.0 m, 3.0 m and 5.0 
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m. The geometry of the prototype is based on a 

previous study [17]. 

2. Experimental Apparatus 

The inverted two-phase thermosyphon prototype 

investigated in the present work is shown in Figures 

1 and 2. The device is composed by an evaporator, 

a condenser and an accumulator, along with 

connecting pipes (lines) and valves. Four lines are 

used to connect these components: equalization L1, 

drainage L2, vapor transport L3 and liquid lifting L4. 

Lines L1 and L2 connects the accumulator to the 

evaporator, line L3 connects the evaporator outlet to 

the condenser inlet while line L4 connect the 

condenser outlet to the accumulator. Distilled water 

is used as the working fluid. 

 

 

Figure 1. Experimental Apparatus, configuration 

with liquid lifting height (Δ𝐻𝐶𝐴) of 2.0 m. 

 

Figure 2. Inverted two-phase thermosyphon sketch 

(during vapor transport process): ER  – electric 

heaters, T – thermocouples, P – pressure transducer, 

V – sphere valves, Wi and Wo – cooling fluid inlet 

and outlet, respectively, lines: L1 – equalization, L2 

– drainage, L3 – vapor transport and L4 – liquid 

lifting, ΔH – height variation. 

 

Both evaporator and accumulator have the same 

geometry: cylindrical tanks with 30.0 cm height and 

30.0 cm internal diameter, with an internal volume 

of 21.2 L. Inside the evaporator, in the bottom, three 

electric heaters are immersed in a working fluid 

liquid pool, as shown in Figure 2. The resistances 

are controlled by a Variac transformer, providing 

heat power of up to 4.2 kW. The maximum input of 

power in the evaporator, i.e., the thermal load, is of 

13.2 kW. The evaporator is filled with (𝑣𝑒) 16.0 L 

of the working fluid. The condenser is actually a 

cylindrical shell-and-tube heat exchanger. The shell 

has an internal diameter of 15.0 cm and contains 25 

parallel tubes of 60.0 cm long, with external and 

internal diameters of 1.27 cm and 1.06 cm 

respectively, in a 5x5 arrangement. In the shell side, 

five baffles, with a baffle cut of 18%, are employed. 
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Water, from a cooling tower, flows through the heat 

exchanger shell, removing heat from the condenser 

tube bundle. Sphere valves are used in lines L1 and 

L2 to control the passage of working fluid between 

evaporator and accumulator. The tubes of lines L3 

and L4 are flanged, as indicated in Figure 2, enabling 

the change of the tube, so that the height difference 

between the condenser in relation to both evaporator 

and accumulator can be increased or reduced. The 

evaporator, line L3 and condenser are insulated with 

a 3.0 cm thick IsoglasTM blanket, externally covered 

by a 0.5 cm aluminized low-density polyethylene 

(LDPE) blanket. 

2.1. The Operation Cycle 

This inverted two-phase thermosyphon prototype 

operates with a periodic cycle composed by two 

processes: vapor transport and drainage. The vapor 

transport, illustrated in Figure 2, begins with the 

closure of the sphere valves in lines L1 and L2, while 

the electric heaters are turned on. The liquid pool 

inside the evaporator is heated, vapor is formed 

resulting in pressurized vapor that flows downwards, 

carrying heat to the condenser through line L3. In the 

shell side of the condenser, water is continuously 

supplied from a cooling tower during the entire 

cycle. Therefore, the vapor that enters the tubes 

condenses. A liquid pool is formed at condenser 

bottom and accumulates in line L4. During the 

working fluid condensation, the liquid level inside 

L4 rises forced by the vapor pressure produced in the 

evaporator, being able to reach the accumulator, 

forming another pool. The liquid also fills the line 

L2 region above the valve. Therefore, to lift liquid 

against gravity, the hydraulic pressure of the liquid 

column in line L4 needs to be overcame by the vapor 

pressure. So, a proper temperature difference 

between the working fluid inside the evaporator and 

the accumulator is required. 

After some time, then the liquid level inside the 

evaporator is low, the electric heaters are turned off 

and the vapor transport process ends. Then, the 

drainage process starts with the opening of the 

sphere valves on lines L1 and L2. As the vapor flows 

from the evaporator to the accumulator through line 

L1, the pressure difference between these 

components is equalized, and the liquid lifting from 

the condenser to the accumulator ceases. Once the 

pressure difference between the evaporator and the 

accumulator is lower than the hydraulic head within 

line L2, the liquid flows back to the evaporator by 

gravity through line L2. When the liquid level inside 

the evaporator is restored, both sphere valves are 

closed in order to start a new cycle. 

2.2. Data Acquisition 

To measure the temperature at different locations 

of the device, thirteen T-type thermocouples were 

used. Six of them can be seen on Figure 2. The other 

seven thermocouples were for measurements of: 

ambient, accumulator (top and bottom positions), 

three on line L2 (top, middle and bottom) and one on 

the middle of line L1. For pressure measurements, 

two absolute transducers were used, one at the 

evaporator and the other at the accumulator, as seen 

in Figure 2. The pressure difference between 

condenser inlet and outlet was measured with a 

differential transducer, as seen in Figure 3. The 

liquid level inside the accumulator, the evaporator 

and the condenser were monitored with transparent 

graduated scale hoses. The flow rate of cooling fluid 

supplied to the condenser by the cooling tower was 

measured with a flowmeter. The power applied to 

each electric heater was measured with a wattmeter. 

Readings of temperature and pressure were made 

using the data-acquisition hardware platform from 

National InstrumentsTM  with LabVIEW.  

 

 

Figure 3. Equipment for condenser liquid level and 

differential pressure measurements. Prototype at 5.0 

m lifting liquid height  (Δ𝐻𝐶𝐴) configuration. 

2.3. Experimental Procedure 

For all the analyzes, a common procedure was 

followed before the first operation cycle. A vacuum 
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pump is used to reduce the internal pressure of the 

inverted two-phase thermosyphon prototype, with 

both sphere valves opened, in order to remove non-

condensable gases inside the device. A standard 

initial condition in terms of the pressure inside the 

evaporator and the accumulator was then 

established. The amount of working fluid removed 

from the device in this procedure was minimal. 

In the beginning of every start-up cycle, all the 

liquid was inside the evaporator. After the reduction 

of the internal pressure, both sphere valves were 

closed, then, the electric heaters were turned on. The 

thermal load applied to the evaporator was on, until 

the evaporator liquid level decrease below 12.9 cm, 

which was equivalent to 10 L of working fluid. 

After that, the electric heaters were turned off and 

both sphere valves were opened, so the drainage 

process could begin. 

After the start-up cycle described above, a certain 

amount of liquid remained at the condenser bottom 

and inside line L4. Thus, in the following cycles, the 

volume of the evaporator liquid pool was lower than 

that of the start-up cycle. All the other cycles after 

the start-up cycle (regular cycles), begun with a 

liquid pool at the condenser bottom and inside line 

L4. 

As already mentioned, the applied thermal load 

ranged from 2.0 kW to 12.0 kW. Three different 

testing configurations were tested. The height 

differences between: evaporator and condenser inlet 

(Δ𝐻𝐸𝐶), condenser outlet and accumulator (Δ𝐻𝐶𝐴), 

and accumulator bottom and evaporator top (Δ𝐻𝐸𝐴) 
can be seen on Table 1, along with the average 

volume of the liquid pool on the condenser bottom 

and line L4, 𝑣𝑝. 

 

Table 1. Height difference between components of 

the inverted two-phase thermosyphon prototype and 

average volume of liquid pool on condenser bottom 

and line L4 in each configuration. 
Configuration 1st  2nd  3rd  

Δ𝐻𝐶𝐴 [m] 2.0 3.0 5.0 

Δ𝐻𝐸𝐶  [m] 0.55 1.55 3.55 

Δ𝐻𝐸𝐴 [m] 0.5 0.52 0.52 

𝑣𝑝 [L] 2.2 2.8 3.2 

 

After the start-up cycle and some regular cycles 

were finished, the evaporator was refilled, until the 

liquid pool was restored to an average of 16 L. The 

liquid pool inside at the condenser bottom and line 

L4 are drained only if, in a following analysis, 

another start-up cycle will be done. So, for analysis 

with only regular cycles, the total amount of 

working fluid in the prototype is given by the sum 

of 𝑣𝑒 and 𝑣𝑝. 

3. Results and Discussion 

In the first analysis, the device was submitted to 

a single regular cycle in order to evaluate the 

operational conditions in terms of temperature and 

pressure. In this analysis, the second configuration 

(Table 1) was tested, with the lifting liquid height 

of 3.0 m, while the condenser was cooled at an 

average flow rate of 4.95 L/min. During the vapor 

transport process, a thermal load (𝑄𝐸) of 4.0 kW 

was continuous applied in the evaporator. The 

volume of the evaporator liquid pool before the 

electric heaters were turned on was approximately 

16.4 L. Figure 4 shows temperature and pressure 

measured with time obtained during this cycle. 

 

 

Figure 4. Temperature and pressure as a function 

of time for a single regular cycle with 𝑄𝐸 =4.0 

kW and lifting height of 3.0 m. 

 

As observed in Figure 4, initially, the internal 

pressure of the device is approximately at the 

atmospheric level. A vacuum pump connected to 

the prototype was used to remove non-

condensable gases and to reduce the pressure 

between 𝑡 =  410 s and 𝑡 =  930 s. Then, the 

vacuum pump was disconnected from the device 

and both sphere valves were closed. The electric 

heaters were turned on at 𝑡 = 1650 s, resulting in 

the heating of the working fluid (and so increasing 

of 𝑇𝐸), raising the pressure of the vapor inside the 

evaporator, 𝑃𝐸. Vapor flowed downwards through 

line L3 and reached the condenser inlet at 𝑡 =2340 

s, when the temperature 𝑇𝐶,𝑖  increased. During 

this process, the condenser liquid level decreased 

from 52 cm to 12.7 cm. In the shell side of the 

condenser, the temperature of the cooling liquid at 
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the inlet was 𝑇𝑊,𝑖 and at the outlet it was 𝑇𝑊,𝑜. In 

the tube side, as vapor condenses, liquid is 

subcooled and leaves at the condenser outlet with 

temperature 𝑇𝐶,𝑜 . Then, cold liquid was lifted 

inside line L4, where it absorbed heat from the 

ambient at a slightly higher temperature 𝑇𝑎𝑚𝑏 

because line L4 was not thermally insulated, until 

the accumulator inlet height was reached. At 

𝑡 =2683 s, cold liquid reached the accumulator 

inlet, decreasing the temperature 𝑇𝐴. A liquid pool 

was formed at the bottom of the accumulator. 

During the vapor transport process, the internal 

pressure of the accumulator (𝑃𝐴 )  presented a 

smooth increase with time, which was caused by 

air leakage through the transparent hoses used to 

measure the liquid levels inside the components. 

Also 𝑃𝐸, 𝑇𝐸 and 𝑇𝐶,𝑖 showed a smooth increase. It 

is also important to observe that, despite the 

continuous increase with time of the absolute 

pressure due to air leakages, the pressure 

difference between evaporator and accumulator 

(Δ𝑃𝐸𝐴 ) remained constant. This is the pressure 

difference responsible for the liquid lifting, which 

is constant for a given configuration and thermal 

load. 

As the evaporator liquid level reached 12.9 cm, 

the electric heaters were turned off, ending the 

vapor transport process. At 𝑡 = 6565 s, the 

drainage process begun with the opening of the 

sphere valve on line L1, so hot vapor flowed 

directly from the evaporator to the accumulator, 

equalizing the pressure between components, 

increasing 𝑇𝐴 while 𝑇𝐸 and 𝑇𝐶,𝑖 decreased and the 

liquid lifting stopped. As the pressure equalized, 

the liquid level in the condenser rose, so 

temperature 𝑇𝑊,𝑜 decreased and approached 𝑇𝑊,𝑖. 

When Δ𝑃𝐸𝐴  decreased below 2 kPa, the sphere 

valve of line L2 was opened. Then, 𝑇𝐴  and 𝑃𝐴 

decreased. Once the Δ𝑃𝐸𝐴 fell below the hydraulic 

head of the accumulator liquid pool, the return of 

liquid though line L2 begun. The cold liquid 

reduced the evaporator temperature. Natural 

convection on the accumulator surface cooled 

down this component. After all liquid had returned 

from the accumulator to the evaporator, both 

sphere valves were closed and the cycle was 

completed. 

In the second analysis, the three configurations 

were submitted to different thermal loads along 

consecutive regular cycles. For each configuration, 

the applied thermal load, 𝑄𝐸, ranged from 2.0 kW 

to 12.0 kW, with 2.0 kW steps. Thermal load was 

applied until a certain volume of liquid was 

evaporated from the evaporator (Δ𝑉𝐸). These test 

parameters are listed on Table 2. The average 

cooling fluid flow rates (𝑉𝑓 ) were: 𝑉𝑓 =11.91 

L/min for Δ𝐻𝐶𝐴 =2.0 m, 𝑉𝑓 =20.61 L/min for 

Δ𝐻𝐶𝐴 = 3.0 m and 𝑉𝑓 = 10.31 L/min for 

Δ𝐻𝐶𝐴 =5.0 m. Temperature measurements along 

the prototype are shown in Figure 5, while Figure 

6 shows the measurements of pressure, thermal 

load into the evaporator and heat transfer rate in 

the condenser (𝑄𝐶), calculated with the following 

equation:  

 

𝑄𝐶 = 𝜌𝑐𝑝𝑉𝑓(𝑇𝑊,𝑜 − 𝑇𝑊,𝑖) (1) 

 

where 𝜌  and 𝑐𝑝  are the density and the specific 

heat of the cooling fluid, respectively. 

 

Table 2. Thermal load (𝑄𝐸 ), volume of liquid 

evaporated (Δ𝑉𝐸) and cycle numbering for each 

liquid lifting height (Δ𝐻𝐶𝐴).  

Δ𝐻𝐶𝐴 [m] 2.0 3.0 and 5.0 

Test 
𝑄𝐸 

[kW] 
Cycle 

Δ𝑉𝐸 

[L] 
Cycle 

Δ𝑉𝐸 

[L] 

1 2.0 

1st 2 
1st 3 

2 4.0 

3 6.0 
2nd 3 

4 8.0 
2nd 3 

5 10.0 3rd 6 

6 12.0 3rd 6 4th 6 

 

Right after the initial pressure reduction period 

of the device with the vacuum pump, the sphere 

valves were closed and the electric heaters were 

turned on, heating the working fluid, very similar 

to the test presented before. 

The operational conditions for liquid lifting 

were achieved in this prototype when 𝑇𝐸 ≅ 

59.1°C in the first configuration (Δ𝐻𝐶𝐴 = 2.0 m), 

𝑇𝐸 ≅  70.1°C for the second configuration 

(Δ𝐻𝐶𝐴 =  3.0 m) and 𝑇𝐸 ≅  81.2°C for the third 

configuration (Δ𝐻𝐶𝐴 = 5.0 m). 

When the thermal load 𝑄𝐸 was increased, from 

2.0 kW to 4.0 kW, a new operational condition 

was quickly achieved with the increase of 𝑇𝐸, 𝑇𝐶,𝑖, 
𝑇𝐶,𝑜 , 𝑃𝐸  and 𝑄𝐶 , then all become smooth as 

observed in Figure 5. Once the evaporator liquid 

level reached 12.9 cm, the electric heaters were 

turned off and the drainage process begun with the 

opening of the sphere valves, just like the previous 

test. The average total time lapse required to the 
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drainage process was smaller for the first 

configuration (Δ𝐻𝐶𝐴 = 2.0 m), with equalization 

and liquid return time of 45 s. For the second and 

third configurations with Δ𝐻𝐶𝐴 of 3.0 m and 5.0 m, 

respectively, the sphere valves were replaced by 

valves with a lower flow coefficient and that are 

better suited for operation at high temperatures. 

For these two configurations, the equalization last 

180 s and the liquid returned within 200 s, in 

average. 

 

 

Figure 5. Temperatures measurement as a 

function of time for the three tested configurations 

and for thermal load 𝑄𝐸 ranging from 2.0 kW to 

12.0 kW, at 2.0 kW steps. 

 

Figure 6. Measured pressures, thermal load input 

and heat transfer rate at the condenser as a function 

of time for the three tested configurations and for 

thermal load 𝑄𝐸 ranging from 2.0 kW to 12.0 kW, 

at 2.0 kW steps. 

 

After the liquid had returned to the evaporator, 

both sphere valves were closed, the electric 

heaters were turned on again, corresponding to the 

first thermal load of the second cycle. The 

temperature behavior was again similar to the 

cycles presented before. Once operation 

conditions were achieved again, the accumulator 

was cooled by the liquid that enters this 

component and by natural convection on the 

exterior surface, reducing the pressure 𝑃𝐴. A small 

decrease was observed at 𝑇𝐸 , 𝑇𝐶,𝑖  and 𝑃𝐸 , in 

Figure 5 and 6, while the pressure difference 

between evaporator and accumulator remained 

constant. 

The larger was the height difference between 

the evaporator and the condenser (𝛥𝐻𝐸𝐶 ), the 

larger was the temperature difference between 𝑇𝐸 

and 𝑇𝐶,𝑖 This was due to the pressure drop of the 
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vapor flow through line L3, which also increased 

with the increase of the applied thermal load. 

When the fifth thermal load, 𝑄𝐸 = 10.0 kW was 

applied, the condenser was not capable to promote 

subcooling of the condensate in the first 

(Δ𝐻𝐶𝐴 =2.0 m) and the second (Δ𝐻𝐶𝐴 =3.0 m) 

configuration. Therefore, hot liquid started to be 

delivered to the accumulator, increasing 𝑇𝐴. Also, 

the condenser liquid level was not stable and 

oscillated between 30.0 and 32.5 cm. A bubble 

implosion noise could be heard from the bottom of 

the condenser. This behavior lasted until the end 

of the cycle for the first configuration. For the 

second configuration the noise could be heard 

which was much lower than the first configuration, 

and it progressively reduced as the temperature of 

the liquid leaving the condenser reduced, 

decreasing 𝑇𝐶,𝑜  and 𝑇𝐴 . After 820 s, this noise 

vanished. 

In the last cycle, the sixth thermal load, of 

𝑄𝐸 = 12.0 kW, was applied. Soon after the 

operational conditions were reached again, the 

bubble implosion noise was heard again from the 

condenser bottom for all the three configurations 

tested. For the first configuration, with  Δ𝐻𝐶𝐴 = 

2.0 m, a part of the vapor did not condensate 

within the condenser, and so, inside line L4 a two-

phase flow was formed, which could be heard 

through the sound of vapor flow while the 

condenser liquid level oscillated between 17.0 to 

38.5 cm. During this process, there was a sharp 

increase in 𝑇𝐶,𝑜  and 𝑇𝐴  with the intake of hot 

vapor and liquid in the accumulator which led to 

an increase of 𝑃𝐴, while a decrease was observed 

in pressure 𝑃𝐸  and in temperatures 𝑇𝐸  and 𝑇𝐶,𝑖 . 

The pressure difference between evaporator and 

accumulator decreased and was not large enough 

to maintain the liquid lifting, which stopped, and 

the noise ceased. Right after that, the temperature 

of the working fluid rose again, as can be seen in 

𝑇𝐸 and 𝑇𝐶,𝑖, increasing back the pressure 𝑃𝐸, while 

the accumulator and line L4 were cooled, 

decreasing the temperatures 𝑇𝐶,𝑜  and 𝑇𝐴  and 

pressure 𝑃𝐴 . Soon after, the pressure difference 

between evaporator and accumulator was enough 

to continue the liquid lifting, although the noise 

was heard again until the end of the vapor 

transport process. 

For the second and third configurations, the 

two-phase flow did not occur. In the second 

configuration, with Δ𝐻𝐶𝐴 = 3.0 m, the condenser 

had not completely subcooled the liquid and the 

hot liquid was lifted to the accumulator until the 

end of the cycle. The noise was heard during the 

entire vapor transport process, but much lower 

than the first configuration. The condenser liquid 

level varied from 22.0 to 27.0 cm after the noise 

started, up to 24.0 to 27.0 cm at the end of the 

cycle. In the third configuration, with Δ𝐻𝐶𝐴 = 5.0 

m, the behavior observed was similar to what was 

observed in the second configuration with the 

thermal load 𝑄𝐸 = 10.0 kW, where after 960 s the 

noise vanished. The condenser liquid level 

oscillated from 22.5 to 27.0 cm at the beginning 

and was stable at 24.2 cm at the end. In this 

configuration, the noise was considerably lower 

than in the other two configurations. Also, the time 

period between bubble implosions noises was 

considerably larger. 

In all configurations, it was observed that the 

device was able to adapt to changes, especially the 

pressure variations in the accumulator. The 

temperature and pressure of the working fluid 

inside the evaporator, 𝑇𝐸  and 𝑃𝐸  respectively, 

varied as well, so that the liquid lifting heigh was 

maintained. The pressure difference between 

evaporator and accumulator, Δ𝑃𝐸𝐴 , was very 

stable when the power input was kept constant, as 

it can be seen in Figure 7. 

 

 

Figure 7.  Pressure differences as a function of 

time between evaporator and accumulator (ΔPEA) 

and condenser inlet and outlet (ΔPC) for all the 

three tested configurations. 

 

With air leaking into the device through the 

hoses during the operation cycles, a smooth 

increase in the accumulator pressure 𝑃𝐴  was 
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observed. Due to this effect, the device adapted 

constantly by increasing the evaporator pressure 

𝑃𝐸  and the vapor temperature 𝑇𝐸 , while Δ𝑃𝐸𝐴 

remained stable, according to the hydraulic head 

of the liquid column that was being lifted inside 

line L4. No sign of interference in the condensation 

process due to air infiltration was observed, as the 

pressure difference between condenser inlet and 

outlet Δ𝑃𝐶 also remained stable during the vapor 

transport process, which could also be observed in 

Figure 7. 

As hot vapor flowed downwards carrying latent 

heat from the evaporator to the condenser, where 

it condensed and the liquid was subcooled. The 

heat transferred from the working fluid to the 

cooling fluid, 𝑄𝐶 , was measured for all the 

configurations.  

In the first configuration, lifting height of 2.0 m, 

small heat losses were observed as there were 

small differences between the power input and the 

condenser heat transfer rate. 

For the second configuration, with lifting height 

of 3.0 m, larger heat losses were observed, as the 

heat transfer rate at the condenser was 

considerably smaller (up to 50%) than the heat 

input to the condenser. For the thermal load of 

𝑄𝐸 =2.0 kW, it was measured 𝑄𝐶 ≅ 1 kW, with 

the average temperature difference between 

condenser inlet and outlet less than 1°C. The 

measurement uncertainty in the condenser heat 

transfer was approximately 30%. As the thermal 

load increased, average heat transfer differences 

between evaporator and condenser of 1.6 kW to 

1.8 kW was observed, corresponding to 

differences in heat transfer rates of less than 16%. 

For the third configuration, with lifting height 

of 5.0 m, the measured 𝑄𝐶 approached the applied 

thermal load for 𝑄𝐸 between 8.0 and 12.0 kW. The 

first and second thermal loads steps, 2.0 kW and 

4.0 kW, a relatively small temperature difference 

between condenser inlet and outlet of less than 

3.5 °C was observed. 

4. Conclusions 

Three configurations of an inverted two-phase 

thermosyphon prototype were tested in this work 

to evaluate the thermal and hydraulic performance. 

The length of lines L3 and L4 of this prototype can 

be varied, thus, enabling tests with different liquid 

lifting heights. 

Experiments were carried out at thermal loads 

ranging from 2.0 kW to 12.0 kW along 

consecutive regular operational cycles for the 

three configurations. The device has worked well 

for all the liquid lifting heights tested.  A self-

regulation capacity was observed in this inverted 

two-phase thermosyphon, that is, the system is 

able to adapt to changes in the operation 

conditions in order to maintain operation. The 

third configuration tested, with the maximum 

lifting height of 5.0 m, have shown the best 

performance with a very stable operation along all 

the six thermal loads levels tested. 

The constant infiltration of non-condensable 

gases through the transparent hoses used as visors 

to measure liquid level in different components 

lead to a smooth increase of the absolute pressure 

inside the components, although the pressure 

difference between evaporator and accumulator is 

constant during the vapor transport process. 

As the distance between evaporator and 

condenser increased, higher was the temperature 

difference between the evaporator and the 

accumulator required to achieve the pressure 

difference Δ𝑃𝐸𝐴 to surpass the hydraulic head of 

the lifting liquid. So, for devices with a heat source 

with prescribed temperature, special attention 

must be taken about the height between the 

components in order to secure operation. 

Additional experiments  will be carried out with 

the third configuration, with Δ𝐻𝐶𝐴 = 5.0 m, with 

thermal loads ranging from 1.0 kW to 13.0 kW to 

evaluate the thermal and hydraulic behavior of the 

prototype for other operation conditions. The 

experimental data collected will be then used to 

development of thermal and hydraulic models to 

predict the performance of  the inverted two-phase 

thermosyphon under study here. 
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Abstract 
This article introduced a novel method for developing vapor chamber based on additive manufacturing (AM). 

Leveraging the advantages of AM in forming complex geometries, a composite capillary wick material was 

designed. The microstructure was analyzed using SEM (Scanning Electron Microscopy) and MicroCT (Micro-

Computed Tomography). The results indicated that a continuous, interconnected porous structure was obtained. 

Thermal performance tests showed that 3D printed capillary wick can significantly enhance the heat transfer 

capability and ultimate heat flux density of vapor chamber. The 2D vapor chamber can accommodate a heat flux 

density of 88W/cm² with a thermal resistance of only 0.024℃/W. The 3D vapor chamber exhibited significant 

changes in thermal resistance under different orientations. Relevant data can provide guidance for the thermal design 

and experiment of spaceborne high-power electronic equipment. 

Keywords: Additive Manufacturing, Composite Capillary Wick, Vapor Chamber, Heat Transfer Enhancement 

1. Introduction

With the development of electronic integration 

technology, satellite-borne electronic equipment 

exhibits characteristics of high power and high 

heat flux, making thermal dissipation technology 

one of the bottlenecks that constrain the 

performance and reliability of satellite-borne 

electronic equipment [1]. In the space vacuum 

environment, the convective cooling measures 

commonly used in ground consumer electronic 

products cannot function [2]. Based on the classic 

integrated architecture of electronic products, 

reducing the thermal resistance from the heat-

generating device to the heat dissipation panel is 

the focus of thermal design. The main technical 

approaches include high thermal conductivity 

materials, thermal interface materials, heat pipe 

products, and so on [3, 4]. Among them, vapor 

chambers, while possessing the advantages of 

high thermal conductivity, small temperature 

gradient, simple structure, and high reliability of 

traditional heat pipes, also have a unique two-

dimensional structural feature that can achieve 

multi-point isothermalization, high heat flux heat 

spreading, and other functions. Research on 

vapor chamber technology for thermal dissipation 

of high-power electronic equipment has been one 

of the research hotspots in recent years. 

Similar to heat pipes, vapor chambers are 

composed of a shell, capillary wick, and working 

fluid. The capillary wick has strong structural 

design capabilities and significantly affects the 

thermal performance of the vapor chamber. 

Therefore, novel capillary wick structures are a 

hot topic of research for scholars all the time. 

Hamdy [5] studied the mesh and powder 

composite capillary wick, which had outstanding 

advantages in thermal performance compared to 

a single mesh or powder capillary wick. Oshman 

[6] combined the wire mesh with micro-channel, 

significantly enhancing the thermal performance 

of the vapor chamber. Peng [7] and others, 

drawing inspiration from the vein structure of 

leaves, developed a biomimetic capillary wick 

with vein-like patterns. The experimental results 

showed that the new structural form can improve 

the transport efficiency of the working fluid. 

Additive manufacturing (AM) technology is a 

manufacturing method developed in recent years. 

It possess prominent advantages in forming 

complex and irregular structures. Based on the 

method described in the literature [8], a titanium-

water heat pipe for thermal management of high-

power spacecraft has been successfully 

developed, preliminarily verifying the technical 

feasibility of additive manufacturing technology 

in the production of heat pipes.  

 From the above, it is evident that the heat 

transfer capability of the vapor chamber is 

constrained by the single type of capillary wick.  

By combining different types of porous structures, 

the capillary force and the transport efficiency of 

the working fluid can be synergistically improved, 
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which is expected to significantly enhance the 

heat transfer performance of Vapor Chambers. In 

this paper, a nine-square micro-channel 

composite capillary wick structure was fabricated 

through AM. And based on this structure, two-

dimensional and three-dimensional vapor 

chambers were developed. The test results 

showed that the 3D printed composite capillary 

wick can significantly improve the critical heat 

flux density of the vapor chamber. 

2. Design and Fabrication 

Based on AM technology, a vapor chamber 

with a composite capillary wick was developed. 

Both the shell material and the capillary wick 

material are AlSi10Mg, which are integrated and 

printed in one piece. Ammonia was chosen as the 

working fluid. To verify the feasibility of the AM 

technology, two different configurations of vapor 

chambers were developed, namely the 2D vapor 

chamber and the 3D vapor chamber.  

2.1 2D vapor chamber 

The structural diagram of the 2D vapor 

chamber is shown in Fig. 1. The wall thickness of 

the AlSi10Mg shell is 1.5mm. To ensure the 

pressure-bearing capacity and rigidity of the 

shell, a cylindrical pressure-bearing dot matrix is 

set between the two shell bodies. To achieve the 

interconnection of the liquid working fluid 

between the capillary wicks on both sides, a 

porous capillary wick annulus is set around the 

pressure-bearing cylinder. To enhance the 

working fluid transport capacity of the 3D printed 

capillary wick, thereby improving the thermal 

conduction capability of the vapor chamber, a 

staggered nine-square micro-channel is set on the 

surface of the capillary wick. The size of the 

micro-channels is 0.5×0.5mm. 

 
Fig. 1 Schematic diagram of the internal structure 

of the 2D vapor chamber 

2.2 3D vapor chamber 

In this study, a 3D vapor chamber was 

designed and developed, and the schematic 

diagram of its internal structure is as follows. The 

3D vapor chamber is a five-sided box structure, 

with the cavity at the bottom of the box 

connected to the cavities on the sides. The 

internal structure of the ground and the 

surrounding areas is similar to that of the 2D 

vapor chamber. 

 
Fig. 2 Schematic diagram of the internal structure 

of the 3D vapor chamber 

2.3 Characterization of Wick Parameter  

The morphological characteristics of the 3D 

printed capillary wick are characterized using a 

Phenom XL electron microscope, and the 

microstructure photos are shown below. By 

controlling the AM scanning parameters and laser 

energy, a loose through-hole structure can be 

obtained, with macroscopic pores formed by 

large particle pores, adhering to small particle 

spherical powders that are not completely fused. 

  
Fig. 3 SEM photos of wick material 

To further characterize the pore structure of the 

3D printed capillary wick, the microstructure unit 

of wick was inspected using the NEOSCAN N70 

micro-CT. The inspection results were shown in 

the figure below. It can be seen that both the 

nine-square micro channels and porous skeleton 

were formed. The shell and the pressure-bearing 

structural columns were dense sintered, while the 

capillary wick is a non-dense sintered structure. A 

well-connected interface between the two 

structure is formed. The nine-square micro-

channel feature on the surface of the capillary 

wick is consistent with the design model. The 

interconnected pore structure inside the capillary 
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wick was mainly composed of gaps between 

incompletely fused powder particles. 

 
Fig. 4  CT photos of wick material 

The pore parameters of the vapor chamber 

were tested using the PMI Parameter device. By 

examining the curve of the flow rate change with 

pressure after the capillary wick was wetted by a 

liquid medium, the bubble point pressure and the 

corresponding bubble point pore size of the 

porous medium material can be determined. The 

pore parameters of the capillary wick were 

statistically obtained by testing multiple samples. 

The bubble point pore size is about 25μm, and 

the effective flow pore size is about 40 

micrometers. According to Darcy's law of 

permeation, the permeability of the capillary 

wick is measured to be approximately 5×10-12 

m2. 

Table 1  Porosity parameter of wick material 

 

3. Experimental Setup and Method 

3.1 Experimental setup of 2D vapor chamber  

As shown in Figure 5(a), the test setup consists 

of a simulated heating system, a simulated 

cooling system, and a temperature signal 

acquisition system. The simulated heating 

element is a ceramic heating plate measuring 

15mm by 15mm, and the power loading is 

controlled by a programmable power supply. The 

cooling system is composed of a cold plate and a 

chiller. Under the heat transfer mode test 

conditions, the coupling area between the vapor 

chamber and the cold plate is approximately 

20mm. Under the heat spreading mode test 

conditions, the entire surface of the vapor 

chamber is in contact with the cold plate. Figure 

5(b) provides a photograph of the test system. 

Thermocouples are placed at various 

characteristic locations of the vapor chamber, and 

the temperature data is collected through the 

Agilent temperature measuring instrument 

KaySight 34970A. The positions of the 

temperature measurement points under the heat 

transfer mode and heat spreading mode are 

shown in Figures 5(c) and (d), respectively. 

 

Fig. 5 Schematic diagram of 2D vapor 

chamber experimental setup 

3.2 Experimental setup of 3D vapor chamber  

To test the effect of gravity on the heat transfer 

performance of three-dimensional vapor 

chambers, four different orientations were 

compared. As shown in Figure 6, in orientation 1, 

the heating element is located at the center of the 

bottom of the vapor chamber, with the cold plates 

on either side of the vapor chamber cavity. The 

evaporation section is positioned higher than the 

condensation section, with the vapor chamber 

operating in an anti-gravity mode. Orientation 2 

is implemented in the same state as orientation 1, 
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with the difference being that the test object is 

flipped, with the heating surface lower than the 

condensation surface, and the vapor chamber 

operating in a pro-gravity mode. Orientations 3 

and 4 place the test object vertically, with the 

cold plates located on the upper or lower sides or 

the left and right sides of the surrounding vapor 

chamber cavities, respectively. 

 

 

Fig. 6 Schematic diagram of 3D vapor 

chamber experimental setup 

3.3 Data Processing  

In the text, two physical quantities, the 

temperature difference across the heat transfer 

and the thermal resistance, are used to 

characterize the heat transfer performance of the 

vapor chamber. The calculation method for the 

temperature difference across the heat transfer is 

the difference between the evaporation section 

temperature and the condensation section, as 

shown in the following formula. Where Te and Tc 

represent the temperatures of the evaporation 

section and the condensation section, 

respectively. 

c= -eT T T
 

Here, ΔT represents the temperature difference 

across the heat transfer. 

The calculation method for thermal resistance 

is shown in the following formula, where R 

represents the thermal resistance, ΔT represents 

the temperature difference across the heat 

transfer, and Q represents the heat power 

provided by the direct current (DC) regulated 

power supply. 

T
R =

Q


 

4. Results and Discussion  

4.1  2D vapor chamber  

In the heat transfer mode, the heat load is 

incrementally increased by 10W steps up to 

200W. The temperature rise curve at the typical 

measurement points is shown in Figure 7. T1 to 

T4 are located near the heat source and the 

adiabatic section, while T5 is located in the 

condensation section. Under various test 

conditions, the temperature difference between 

T1 to T4 is small. When the load power is 

between 10W and 120W, there is almost no 

temperature difference across the four 

temperature measurement points. Under the 

condition of loading 200W, the heat flux density 

in the evaporation zone is as high as 88W/cm2, 

and the temperature difference between the 

evaporation zone and the adiabatic zone is only 

1.3 oC. The small temperature difference between 

the evaporation zone and the adiabatic zone is 

mainly attributed to three factors. Firstly, the 

shell and the wick are an integrated structure 

made by 3D printing, with the porous structure of 

the wick and the shell forming a metallurgical 

bond, resulting in a low thermal resistance. 

Secondly, the nine-grid composite wick shortens 

the liquid supply path in the evaporation zone, 

which helps to enhance the capillary heat transfer 

limit. Thirdly, the internal structure of the 3D 

printed porous structure contains partially 

unmelted spheres, and the secondary pore 

structure formed between these unmelted spheres 

increases the specific surface area of the 

evaporation surface. The temperature difference 

between the condensation measurement point T5 

and the other four measurement points continues 

to widen with the increase of the load power. 

Under the condition of loading 200W, the 

condensation heat transfer temperature difference 

is 4.75 oC. The T5 measurement point is located 

above the condensation section. The coupling 

length between the condensation section and the 

cold plate is 20mm, considering the shell side 

wall thickness of 5mm, the effective 

condensation heat transfer surface area is 

approximately 13.5cm², and the condensation 

heat transfer heat flux density is about 

14.8W/cm2. The condensation temperature 

difference is relatively larger compared to the 

evaporation temperature difference, which is 

believed to be due to the wider pore size 

distribution of the 3D printed porous wick. As the 

heat transfer increases, the liquid in the larger 

pore size decreases and accumulates in the 
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condensation zone, reducing the number of 

condensation nucleation sites on the wick 

surface, leading to a decrease in condensation 

heat transfer efficiency. 

 

Fig. 7 Temperature Rise Curve of 2D Vapor 

Chamber in Heat Transfer Mode 

In the heat transfer mode, the trend of the 

temperature difference and thermal resistance of 

the vapor chamber with the increase of loading 

power is shown in Figure 8. The temperature 

difference across the heat transfer continuously 

widens as the loading power increases, and an 

inflection point appears in the temperature rise 

slope when the power is increased to 200W. At a 

loading power of 10W, the thermal resistance of 

the heat transfer is about 0.06 oC/W, and it 

quickly decreases to 0.015 oC/W (at a loading 

power of 40W). Between 40W and 180W, the 

thermal resistance of the heat transfer remains 

approximately constant. At 200W loading, the 

thermal resistance of the heat transfer increases to 

0.024 oC/W. It is analyzed that at 200W, the heat 

transfer capacity limit of the vapor chamber is 

approached, the temperature rise slope shows an 

inflection point, and the thermal resistance begins 

to rise. 

 
Fig. 8 Temperature Difference and Thermal 

Resistance Curves of 2D Vapor Chamber in Heat 

Transfer Mode 

In the heat spreading mode, the power is 

incrementally increased by 20W steps up to 

200W. The temperature rise curve at the 

typical measurement points is shown in 

Figure 9. The vapor chamber is horizontally 

placed on the cold plate, with T1 located near 

the heat source and T2 to T5 located at the 

four corners of the vapor chamber. As the 

loading power increases, the temperature 

difference among the five measurement 

points continues to widen. The temperature at 

T4 is significantly lower than the other 

measurement points, and the temperature 

difference continues to expand with the 

increase in loading power. At 200W loading, 

a sudden drop in temperature is observed at 

T4, and the temperature difference with other 

measurement points expands to about 6.5 oC. 

Combined with the test results in the heat 

transfer mode, it is analyzed that in the heat 

spreading mode, the condensation heat 

transfer area increases, and the mechanism of 

liquid plug formation is somewhat alleviated, 

but not eliminated. Due to the wide 

distribution of capillary pore sizes, at high 

power levels, the working fluid in the large 

capillary pores decreases under the action of 

capillary pressure, and the working fluid 

accumulates at the condensation position. 

When the loading power reaches 200W, the 

accumulated working fluid at T4 exceeds a 

critical value and forms a liquid plug, 

causing a sudden drop in temperature at that 

point. 

 

Fig. 9 Temperature Rise Curve of 2D Vapor 

Chamber in Heat Spreading Mode 

104



 

 

The statistical results of the temperature 

difference and thermal resistance of the vapor 

chamber in the heat spreading mode are shown in 

Figure 10. The patterns of change for both are 

similar to the test results in the heat transfer 

mode. The temperature difference across the heat 

transfer continuously widens as the loading 

power increases, and an inflection point appears 

in the slope of the temperature difference 

increase at 200W. The thermal resistance curve 

shows a pattern of decreasing first and then 

increasing, with a thermal resistance of about 

0.015 oC/W between 40W and 180W. At 200W, 

due to the formation of a liquid plug in a local 

cavity, the temperature at the T4 measurement 

point drops sharply, causing the thermal 

resistance to soar to 0.033 oC/W. 

 

Fig. 10 Temperature Difference and Thermal 

Resistance Curves of 2D Vapor Chamber in Heat 

Spreading Mode 

In summary, the additively manufactured two-

dimensional vapor chamber was tested in both 

the heat transfer mode and the heat spreading 

mode, and the sample has a heat transfer capacity 

of 200W. Thanks to the unique porous structure 

of the additively manufactured capillary wick, the 

sample can adapt to a heat flux density of 

88W/cm2, with an evaporation temperature 

difference of only 1.3 oC. At the same time, due 

to the wide distribution of pore sizes in the 

additively manufactured porous structure, with 

the interlacing of large and small pore sizes, it is 

easy for liquid plugs to form in the condensation 

section at high power, which in turn leads to an 

increase in the heat transfer temperature 

difference. 

4.2  3D vapor chamber  

The heat transfer performance of 3D vapor 

chamber was tested in four different orientations. 

The patterns of change in temperature difference 

and thermal resistance are shown in Figures 11 

and 12. In orientation 1, the temperature 

difference across the heat transfer and thermal 

resistance began to soar when the loading power 

exceeded 80W. In orientation 2, the temperature 

difference across the heat transfer increased 

approximately linearly with the loading power, 

and the thermal resistance remained stable at 

around 0.048 oC/W between 20W and 200W. For 

orientations 3 and 4, where the heated surface is 

placed vertically, the patterns of change in the 

temperature difference across the heat transfer 

with the loading power are the same. Between 

20W and 120W, the temperature difference 

across the heat transfer increased approximately 

linearly with the loading power, and the thermal 

resistance remained approximately constant, at 

0.052 oC/W (orientation 3) and 0.042 oC/W 

(orientation 4). When the loading power exceeds 

120W, the slope increases, and the thermal 

resistance rises. 

 

Fig. 11 Temperature Difference Curves of 3D 

Vapor Chamber Under Different Orientations 

 
Fig. 12 Thermal Resistance Curves of 3D Vapor 

Chamber Under Different Orientations 

Based on the criterion that overheating occurs 

at the evaporation section measurement point and 

there is an abrupt change in thermal resistance, 
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the heat transfer capacity of the three-

dimensional vapor chamber under different 

orientations is as follows. Under horizontal anti-

gravity conditions, the heat transfer capacity is 

about 80W (orientation 1), under horizontal pro-

gravity conditions, the heat transfer capacity is 

greater than 200W (orientation 2), with the 

heated surface vertical and the cooling cold plate 

arranged above and below, the heat transfer 

capacity is about 180W (orientation 3), and with 

the heated surface vertical and the cooling cold 

plate arranged left and right, the heat transfer 

capacity is about 100W (orientation 4). It should 

be noted that although the power at which 

overheating occurs at the T1 measurement point 

is relatively low during the orientation 4 test, the 

overall temperature at the other measurement 

points is lower than that in orientation 3. At a 

loading power of 100W, the thermal resistance of 

orientation 4 is lower than that of orientation 3, 

and at a loading power of 200W, the thermal 

resistance of both is the same. The results of the 

multi-orientation heat transfer performance tests 

indicate that the heat transfer capacity of the 

three-dimensional vapor chamber is significantly 

affected by the gravitational field (orientation). 

5. Conclusion  

This article introduced a method for 

developing vapor chambers by additive 

manufacturing techniques. Taking advantage of 

the benefits of additive manufacturing technology 

in forming complex geometries, a composite 

capillary wick structure was designed, which 

interweaves a nine-square micro-channel with a 

powder porous material. Both 2D and 3D vapor 

chambers were developed. The quality of the 

microstructure formation was analyzed using 

SEM (Scanning Electron Microscopy) and 

MicroCT methods. The results showed that by 

controlling the scanning parameters at different 

locations, it was possible to simultaneously 

achieve a dense shell structure and a continuously 

interconnected non-dense porous structure. 

Thermal performance tests indicated that the 3D 

printed capillary wick can significantly enhance 

the heat transfer capability and the maximum 

heat flux density of the vapor chamber. Test 

results under different orientations showed that 

the thermal resistance was highest under the 

condition against gravity, followed by the 

condition with gravity, and the lowest under the 

vertically oriented condition, which is less 

affected by gravity. This phenomenon was 

owning to the uneven porosity of the 3D printed 

porous structure, leading to inadequate working 

fluid supply in anti-gravity attitude. 
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Abstract 
The wick is the core component that provides driving force for the operation of the loop heat pipe, and its capillary 

force determines the heat transfer capacity of the loop heat pipe. It is very important to know the performance 

characteristics and adaptation range of wicks of different scales for the practical application of wicks in different types 

of loop heat pipes. In this paper, the performance parameters of loop heat pipe wick prepared by micron carbonyl 

nickel powder, submicron carbonyl nickel powder and nanoscale carbonyl nickel powder were characterized and 

compared, and the problems of different scale wick in practical application were analyzed. By optimizing the scale of 

carbonyl nickel powder, the capillary driving force is greatly increased from 55 kPa to 130 kPa. The experiment proves 

that this optimization can make the loop heat pipe better meet the needs of high-power and long-distance heat 

transmission, and has obvious application advantages.  

Keywords:  Loop heat pipe; Capillary structure; Multiscale; Carbonyl nickel powder 

1. Introduction

Since Maidanik Y. F. et al. first proposed the 

concept of loop heat pipe in 1971, it has become one 

of the key technologies for the heat dissipation of 

high-power spacecraft loads due to its features such 

as high-power long-distance heat transfer, no 

vibration, long life and high reliability. It has been 

widely used in the field of space thermal control and 

has broad application prospects [1-4]. As the core 

component of loop heat pipe, wick provides driving 

force for loop heat pipe operation, and its capillary 

force determines the heat transfer capacity of loop 

heat pipe [5]. It is generally believed that the small-

pore capillary structure can provide greater capillary 

driving force to overcome the loop pressure drop. 

But at the same time, the permeability of wick will 

be reduced, thereby increasing the flow resistance of 

the working medium [6-7]. Therefore, it is very 

important to define the performance characteristics 

and adaptation range of wicks of different scales for 

the practical application of wicks in different types 

of loop heat pipes.  

In this paper, the performance parameters of the 

loop heat pipe wicks prepared by micron carbonyl 

nickel powder, submicron carbonyl nickel powder 

and nanoscale carbonyl nickel powder were 

characterized, and the problems in the practical 

application of the above wicks of different scales 

were analyzed. The performance of the loop heat 

pipe was optimized by adjusting the scale of 

carbonyl nickel powder, and the suitable application 

range was given. 

2. Wicks based on carbonyl nickel powder

with different scales

2.1. Micron carbonyl nickel powder 

The particle size of the common micron carbonyl 

nickel powder is 1.2~1.8 μm, as shown in the figure 

below. The experimental results show that the 

maximum pore size of the prepared wick is 

generally 0.9~1.3 μm; permeability range: 1.0×10-

14~5.0×10-14 m2; and the capillary driving force of 

the corresponding loop heat pipe is about 55 kPa. 

Figure 1. SEM image of micron carbonyl nickel 

powder. 

Although increasing the pressing pressure can 

reduce the maximum pore diameter of the wick and 

thus increase the capillary driving force, micron 

carbonyl nickel powder cannot achieve more than 

100 kPa capillary driving force, due to the limitation 

of the size of the powder. Therefore, the use of 

smaller particle size powder is the key to improve 
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the capillary driving force. 

2.2. Nanoscale carbonyl nickel 

powder 

The particle size of nanoscale powder is much 

smaller than that of micron powder, but if nanoscale 

powder is used as wick raw material alone, it will 

cause extremely low permeability and great 

resistance, which is not conducive to the overall 

performance of the evaporator. Therefore, the pore 

size was reduced by mixing nanoscale nickel 

powder into micron carbonyl nickel powder. The 

use of nanoscale mixed powder can effectively 

reduce the maximum pore size and improve the 

capillary force. The experimental results show that 

the capillary force of the wick can reach 210 kPa 

with the addition of 15% nanoscale carbonyl nickel 

powder (with a particle size of 50 nm), which is four 

times of the 55 kPa capillary driving force of the 

micron wick. But at the same time, its permeability 

drops to the order of 10-15 and the resistance is much 

greater. 

In addition, it is also found that there are serious 

problems of low-temperature sintering of nanoscale 

mixed powders during the study. The 

manufacturing process of loop heat pipe usually 

includes high-temperature welding process, and it is 

necessary to ensure that the capillary force of the 

evaporator does not decrease after welding and 

other processes. Therefore, the capillary force 

changes of the wick prepared by nanoscale mixed 

powder before and after heating at 200℃/1h were 

compared. The test results showed that after heating 

at 200℃/1h, the capillary force decreased from 210 

kPa to 150 kPa. 

In order to confirm the reason for the change of 

capillary force of the wick prepared by nanoscale 

mixed powder before and after heating, scanning 

electron microscopy was conducted to observe the 

microscopic morphology of the powder before and 

after heating, as shown in Figure 2. It can be seen 

from the figure that after heating, the powder 

shrinks and aggregates to a certain extent, and the 

pores formed between the powders become larger. 

It can be inferred that the low-temperature sintering 

of nanoscale powders occurs [8-9], which leads to a 

significant reduction in capillary force. 

 

 
(a) Before heating 

 
(b) After heating 

Figure 2. Comparison of nano-scale mixed 

powder before and after heating. 
 

2.3. Submicron carbonyl nickel 

powder 

From the above analysis, it can be inferred that 

the use of a single particle size of submicron powder 

can simultaneously improve the capillary force, 

reduce the problem of low-temperature sintering 

and ensure a certain permeability. Therefore, the 

capillary structure of the loop heat pipe was 

optimized by using submicron carbonyl nickel 

powder. Carbonyl nickel powder with particle size 

of 0.69 μm was pressed under conventional pressure, 

as shown in Figure 3. The experimental results 

showed that the permeability range was as follows: 

6.86×10-15~8.22×10-15 m2, the capillary driving 

force of the wick can reach 130 kPa at room 

temperature, which is more than twice the capillary 

driving force of the micron carbonyl nickel powder 

wick pressed under the same pressure. In addition, 

the submicron wick was heated at 200℃/1h, and the 

results showed that the capillary force did not 

change after heating. 
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Figure 3. SEM image of submicron carbonyl 

nickel powder. 
 

In addition, the thermal conductivity of the wick 

directly affects the heat leakage inside the loop heat 

pipe evaporator. So the thermal conductivity of 

micron carbonyl nickel powder wick and submicron 

carbonyl nickel powder wick formed by the same 

process were tested respectively. The measurement 

was carried out by laser pulse method according to 

ASTM E1461. The test results show that the thermal 

conductivity of micron carbonyl nickel powder 

wick is 3.89 W/m·K, while that of submicron 

carbonyl nickel powder wick is only 0.96 W/m·K, 

showing better thermal insulation characteristics. 

In summary, although the capillary driving force 

of the wick prepared by submicron powder is lower 

than that prepared by nanoscale mixed powder, it 

can achieve the improvement of the capillary 

driving force without introducing defects, and has a 

low thermal conductivity, which has obvious 

application advantages. 
 

3. Experimental verification of heat transfer 

performance 

In order to verify the influence of the above 

optimization on the heat transfer performance of the 

loop heat pipe, the evaporator of the loop heat pipe 

was fabricated by using micron carbonyl nickel 

powder and submicron carbonyl nickel powder as 

the raw material of the wick. The two evaporators 

were connected to the test system respectively to test 

the heat transfer performance. The dimensions of 

the two evaporators are the same. The vapor pipe, 

liquid pipe and condensing pipe used in the test 

system are small-diameter pipes with an inner 

diameter of 2 mm (high resistance). The test results 

are shown in Table 1. 

 

 

 

 
 

Table 1. Comparison of heat transfer 

performance of loop heat pipe before and after 

optimization. 

Evaporator 

Heat 

transport 

distance 

(m) 

Maxim-

um heat 

transfer 

capacity 

(W) 

Perm-

eability

(m2) 

Capill-

ary 

force 

(kPa) 

Evaporator 

based on 

micron 

carbonyl 

nickel 

powder 

0.5 450 
1.1× 

10-14 
55 

10 215 

Evaporator 

based on 

submicron 

carbonyl 

nickel 

powder 

0.5 410 

1.2× 

10-15 
130 

10 300 

 

It can be seen that compared with the evaporator 

based on micron carbonyl nickel powder, the 

evaporator based on submicron carbonyl nickel 

powder has no advantage in short-distance heat 

transfer, because the flow resistance in the 

evaporator is dominant at this time, and the 

permeability of submicron carbonyl nickel powder 

is lower and the resistance is larger. However, the 

evaporator based on submicron carbonyl nickel 

powder has obvious advantages in long-distance 

heat transfer, when the external loop resistance is the 

main resistance, and the large capillary driving force 

can significantly improve the overall heat transfer 

capacity. Therefore, it is verified that the above 

optimization design for loop heat pipe evaporator 

can better meet the needs of high-power and long-

distance heat transmission. 

In order to more comprehensively compare the 

application range of loop heat pipes based on two 

sizes of carbonyl nickel powder, the relationship 

between the maximum heat transfer capacity and 

transmission distance of the two evaporators was 

theoretically calculated. The calculation results are 

shown in the figure below. As can be seen from the 

figure, only in the case of short-distance heat 

transfer of less than 1m, the evaporator based on 

micron carbonyl nickel powder will show 

application advantages. When the heat transfer 

distance is greater than 1m, with the increase of the 

transmission distance, the advantage of the 

evaporator based on submicron carbonyl nickel 

powder will become more and more obvious. 
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Figure 4. The relationship between maximum heat 

transfer capacity and transmission distance. 
 

4. Conclusions 

In this paper, the properties of the loop heat 

pipe wick prepared by micrometer carbonyl nickel 

powder, submicron carbonyl nickel powder and 

nanoscale carbonyl nickel powder were 

characterized and compared. The results show that 

the use of smaller particle size powder is the key 

to improve the capillary driving force. The use of 

nanoscale mixed powder can effectively reduce 

the maximum pore size and increase the capillary 

force. But at the same time, its permeability is very 

low, the resistance is large, and there are problems 

of low-temperature sintering. Relatively speaking, 

the submicron carbonyl nickel powder can achieve 

the improvement of capillary driving force 

without introducing defects. The experiment 

proves that it can better meet the needs of high-

power and long-distance heat transfer, and has 

obvious application advantages. 
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Abstract 

    140  80  1.0 mm3 ultra-thin vapor chambers (UTVCs), to be used in air-cooling modules for high-power 

AI servers, are fabricated and tested horizontally under a heating area of 30 × 30 or 40 × 40 mm2. The measured 

maximum heat transfer rates with the thermal resistances of the UTVCs are 696.8 W with 0.027 K/W and 860 

W with 0.016 K/W, respectively. In contrast, the UTVC with a 2×200 mesh wick can reach only 259 W [3]. 

Accordingly, the air-cooling UTVC module may reach 1400 W if four ∅8 mm composite heat pipes are used, 

or reach > 1900 W if eight ∅8 mm heat pipes are used. Higher Qmax and lower R can be expected for a 50 × 50 

mm2 heating area. These results indicate that the proposed air-cooling UTVC module will very likely stand out 

and be chosen for high-power AI server cooling among the cold-plate cooling modules. 

Keywords: Vapor chamber; Composite wick; Air-cooling module; AI server; Triple composite wick 

1. Introduction

This work tests the ultra-thin vapor chambers 

(UTVCs) with novel composite triple (mesh-

groove-powder) wicks under high heating rates up 

to 700 W at a heating area of 30 × 30 mm2 or 40 × 

40 mm2. Recent power dissipations of AI GPUs 

have exceeded 1000 W and are claimed to be 

unsolvable using air cooling method. However, the 

liquid cooling method adopting cold plates requires 

extremely complex liquid piping for servers, racks, 

and infrastructure of the data centers. Above all, the 

installation and maintenance costs are extremely 

high and inconvenient for cold-plate liquid cooling. 

If air cooling can solve such high-power 

consumptions, nothing needs to be changed. The 

only drawback is to maintain the large heat sink 

height to deal with the > 1000 W high powers. If air 

cooling method is plausible, direct installation of the 

data center with low cost can be easily realized. 

Hence, we propose a thermal module, as shown in 

Fig. 1, that can reach a cooling capacity of 1500 W 

with a core unit of high-power UTVC under a 

heating area of 40  ×  60 mm2. In Fig. 1, the UTVC 

lies at the 40  ×  40 mm2 bottom center of the module, 

and four (or eight) 8 mm heat pipes (HPs) with a 

composite groove-powder wick compressed to 3.5 

mm, two (or four) HPs at each side with a 40  ×  10 

mm2 area but remain cylindrical when penetrating 

through the heatsink plate fins. If eight HPs are used, 

a heat spreader made of oxygenless copper is 

needed. The HPs are flattened to 3.5 mm at the 

evaporator section. Subtracting the ineffective end 

of 5 mm, the heated area of a HP is 15 × 9 mm2. We 

have measured the cooling capacity of a vertically-

oriented bent HP to be about 140–150 W. Thus, 

with a high cooling capacity of 860 W and a rather 

low thermal resistance of about 0.016 K/W for a 

high-power UTVC with a triple composite wick, the 

total cooling capacity may reach > 1400 W (or 1900 

W when eight HPs are used). without exceeding the 

chip temperature limit of 85 ℃. 

The composite-wick UTVC is the core unit of 

an air-cooling module, for AI server management, 

as shown in Fig. 1. The UTVC lies under the 

bottom of this module to contact the AI heater. To 

dissipate an amount of heat larger than 1 kW, a 

large fin area is needed. Using a large fin height, 

the fin efficiency may be lowered. Consequently, 

four (or eight) ∅8 mm heat pipes are used to co-

cool the AI chip laying at both sides of the heater. 

The heat pipes are flattened to 3.5 mm at their 

evaporator and their 8 mm cylindrical condenser 

penetrates through the heatsink fins. Each bent 

heat pipe has been tested to solve a heat load up to 

140–150 W. 

The excellent thermal performance of the 

present novel UTVC mainly results from the fact 

that the condensate can return to the evaporator 

wick directly via the numerous pillars, as shown 
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in Fig. 2. The low-power applications of it are 

mostly on smartphones. Since this novel design 

adopts a rather thin container wall and mesh wick 

to reach a sufficient heat transfer capability and a 

low vapor chamber resistance (R) under a 

thickness of 0.2–0.4 mm, it has been widely 

applied in commercial smartphones. As to its 

high-power capability, the greatly shortened 

return distance, and hence much lowered liquid 

flow resistance, is of crucial importance. It makes 

possible a high maximum heat load (Qmax) of 140 

W and a low minimum thermal resistance (Rmin) of 

0.03–0.05 K/W for a 140 × 80 × 0.6 mm3 UTVC 

which adopted only a single layer of #200 mesh 

wick [2]. When a mesh-groove composite wick is 

adopted, a Qmax near 487 W and an Rmin as low as 

about 0.03 K/W can be obtained with the UTVC 

thickness slightly increased to 0.7 mm [3]. 

The objective of this study is to test a kind of 

triple composite wick consisting of one layer of 

#200 mesh over the grooves with powders added in 

the evaporator [4]. Outside the evaporator, only 

double composite mesh-groove is employed to 

avoid excessive liquid flow resistance. The thermal 

performance of these UTVCs with the triple 

composite wick will be compared with the double 

composite wick under a fixed UTVC footprint and 

thickness. The tests results reveal that a Qmax as high 

as 860 W with a low thermal resistance (R) of 0.016 

K/W can be obtained for the triple-wicked UTVC 

heated under 40 × 40 mm2. 

2. Experiments

2.1. Preparation of the triple composite-

wicked UTVC 

The schematic structure of the triple composite-

wicked UTVC is depicted in Fig. 3. The footprint 

(or condenser) area of the UTVC is 140 × 80 mm2. 

The UTVC thickness is fixed at 1.0 mm. The 

material is copper alloy C5191. After thorough 

cleaning, the top and bottom plates were integrated 

by diffusion bonding in an 800 ℃ environment with 

15% hydrogen under 50 kg/cm2 for 2 h. The static 

contact angles of outer flat UTVC surfaces were 

kept as small as 12±2°. The filling tube was 

mounted using a high-frequency welder. 

Evacuation of the non-condensable gas (NCG) 

was conducted before sealing of the filling tube. 

The ∅1.0 mm pillars at a pitch of 3.0 mm were 

formed by chemical etching on the inner surface 

of the top plate. On the top plate, a 0.10 mm-thick 

recess over the whole inner chamber was etched 

out to accommodate the originally 0.11 mm-thick 

#200 mesh wick. The pillar depth or the vapor duct 

thickness was 0.6 mm. The wire diameter of the 

#200 copper mesh is 0.055 mm and the wire 

distance is 0.072 mm. The porosity of the mesh 

wick is estimated to be 0.607 [1]. Parallel grooves 

similar to those shown in [2] were etched on the 

bottom plate. 

For an AI chip without a hot spot, the highest 

heat flux occurs at the chip center. In the triple 

composite wick, the composite mesh-powder wick 

has the highest capillarity but the lowest 

permeability. So, it is applied at the center of the 

heater with a small area (Region A in Fig. 3). 

Some pillars are made in Region A for its anti-

compression strength. Outside the powder wick is 

a 40 × 40 mm2 region of a densified double 

composite mesh-groove wick (Region B). This 

heated region must have a sufficiently strong 

capillarity to avoid early dryout. So, the groove 

width is lowered to 0.10 mm here. Yet, the groove 

wall thickness cannot be too small to maintain a 

low evaporator resistance. Outside Region B is 

Region C with a double composite wick, Further 

outside is Region D with another double 

composite wick having a highest permeability K. 

Both Regions C and D can have a large K with 

wider and deeper grooves without concern of 

capillarity. But the groove length of Region C is in 

line with that of Region B, at 0.5 mm. The groove 

length of Region D can be longer, selected as 5 

mm. All these groove depths and widths depend 

on the etching technique of the producer. 

2.2. The test setup 

The schematic of the experimental setup is shown 

in Fig. 4. The UTVC was tested under a horizontal 

orientation. The heating block was made of 

oxygenless copper C30100 with a thermal 

conductivity of 391±3 W/(m‧K).  A uniform heating 

surface of 30 × 30 mm2 is attached to be bottom 

center of the UTVC, while a cold plate with running 

water of 50±1 ℃ at 2∙10-5 m3/s covers the top 

surface (i.e., the condenser) of the UTVC. A total 

load of 3.6 kg, including the weight of the cold 

plate, was applied on the test sample to minimize 

the TIM resistances. This load has been proved to 

be non-influential to the test results [3].  

K-type thermocouples (Omega, Inc.) were used 

in this work. In Fig. 4, thermocouples T1 and T2 

are implanted 10 mm apart along the centerline of 

the heating rod to measure the actual heat input 

(Q). The temperature measured at the center of the 

top surface of the heating rod (T3) was assigned as 

the junction temperature (Tj). Qmax is defined as the 

largest Q prior to dryout. 
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Support 

pillar 

Figure 1. A proposed air-cooling thermal 

module for air-cooling of AI servers. 

Figure 2. The novel UTVC and the liquid 

cycling route. 

 

Figure 3. The triple composite wick structure. 

Figure 4. The test setup for the UTVCs. 

As shown in Fig. 5, seven thermocouples (T4–
T10), spreading over the bottom surface of the cold 

plate, measured the condenser temperatures. The 

cold plate has two symmetric serpentine ducts, 

each with one inlet and outlet. The outlet 

temperature was higher than the inlet temperature 

by 4 K. A thin layer of thermal grease (DOWSIL 

TC-5021, thermal conductivity of 3.5 W/(m‧K)) 

was laid between every contact interface. The 

measured values of R involved the resistance 

associated with the thermal grease, which 

occupied a small fraction of the total R. The 

experimental Q and R are defined as 

𝑄 = 35.19 × (𝑇1 − 𝑇2) (30 × 30 mm2) or   (1a)

𝑄 = 62.56 × (𝑇1 − 𝑇2) (40 × 40 mm2).        (1b)

The thermal resistance of the UTVC (including 

Rtim) is calculated as 

R = (Tj – Tc,avg)/Q,   (2) 

where Tc,avg =
∑ 𝑇i
10
𝑖=4

7
.           (3) 

Figure 5. The thermocouple positions on the 

bottom surface of the cold plate. 

3. Results and Discussion

Fig. 6 shows the thickness of the UTVC. Fig. 7

shows the R-Q performance for a triple composite 

wick at 30 × 30 mm2, along with a two-layer 

2×200 mesh wick [2]. Obviously, the triple 

composite wick displays superior thermal 

performance to the ordinary 2×200 mesh wick. Fig. 

8 presents the R-Q performance for a densified 

triple composite wick, along with a double 

composite mesh-groove wick, at 30 × 30 mm2 or 

40 × 40 mm2. Heated at 30 × 30 mm2, the Qmax for 

the triple-wick UTVC reaches 700 W, while that 

of the densified double composite wick and the 

2×200 mesh wick are only 632 W [1] and 259 W 
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[3], respectively. At a larger heating area of 40 × 

40 mm2, the Qmax may reach 860 W with an R as 

low as 0.016 K/W. The triple composite wick 

obtains a higher Qmax and slightly better in R than 

the double composite mesh-groove wick. In the 

triple composite-wicked UTVC, the largest 

differences among the condensation temperatures 

were less than 6.4 K. This value may be affected 

by the water temperature different in the cold plate. 

We will use a new cold plate with a much smaller 

temperature difference between the inlet and 

outlet for improvement. 

Figure 6. The thickness of a UTVC with a triple 

composite wick. 

Figure 7. The R-Q relation for a triple composite 

wick in comparison with a two-layer 2×200 mesh 

wick heated at 30 × 30 mm2. 

 

 

 

Figure 8. The R-Q relation for a triple composite 

and a double composite wick heated at 30 × 30 

mm2 or 40 × 40 mm2. 

4. Concluding Remarks

140  80  1.0 mm3 ultra-thin vapor chambers

(UTVCs), to be used in air-cooling modules for 

high-power AI servers, were fabricated and tested 

horizontally under a heating area of 30 × 30 mm2 or 

40 × 40 mm2. The measured maximum heat transfer 

rates with the thermal resistances of the UTVCs are 

696.8 W with 0.027 K/W and 860 W with 0.016 

K/W, respectively. We will optimize the design to 

improve the Qmax and R. In contrast, the UTVC with 

a 2×200 mesh wick can reach only 259 W [3]. We 

will also test the UTVC with a 50 × 50 mm2 heater, 

which corresponds to the heating area for the UTVC 

for the 58 × 63 mm2 GB200 heater. Accordingly, the 

air-cooling UTVC module may reach 1400 W if 

four 8 mm heat pipes are used, or reach > 1900 W 

if eight 8 mm heat pipes are used. These results 

indicate that the proposed air-cooling UTVC 

module will stand out and be chosen for high-power 

AI server cooling among the cold-plate cooling 

modules. 
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Abstract 

A two-phase loop thermosyphon is a passive two-phase heat transfer device. In the literature, mathematical modeling is 

carried out with the assumption that a two-phase flow is present in the riser and the downcomer is fully filled with liquid. 

In the present work, a 1D mathematical model is developed for fully-filled and partially filled downcomers. The 

mathematical model successfully modeled the trend of mass flow rate with input heat as observed in the literature. An 

experimental setup is also designed to compare the predicted results with experimental results. The model predicted the 

trend mass flow rate pattern with heat loads, as observed in the literature. The model predicts a higher operating 

temperature than the experimental results. Visualization studies are also carried out to observe the flow pattern in the 

riser. The visualization study showed that in the riser, vapor dragged the liquid to some height and the liquid returned to 

the evaporator and only vapor went to the loop. Higher predicted temperature can be attributed to the invalidity of the 

assumption of two-phase flow throughout the riser. 

Keywords: Loop Thermosyphon; Modelling; Partially Filled Downcomer; Visualization

1. Introduction

Loop thermosyphon is a hermetically sealed 

passive two-phase device that transports heat from the 

evaporator to the condenser with liquid return 

facilitated by gravity. It consists of an evaporator, a 

condenser, and separate tubes for vapor flow (riser) 

and liquid flow (downcomer), as shown in Figure 1 

[1].  

Modelling is a tool to estimate the performance of 

the loop thermosyphon. In the open literature, various 

studies have been done with steady-state thermo-

hydraulic mathematical models of the loop 

thermosyphon. Normally, 1D mass, momentum, and 

energy equations are solved using an iterative scheme 

[2]. Mathematical models are available with the 

assumption that the downcomer is filled with liquid 

[3, 4]. The flow in the riser is generally assumed to be 

two-phase [5, 6]. The output parameters are the mass 

flow rate, temperatures, and pressures in the loop [3, 

4, 7, 8, 9]. Literature shows the increasing and 

decreasing trend of mass flow rate with an increase in 

heat loads. The increase in mass flow rate with load at 

lower heat loads is termed as gravity-dominated 

regime. Beyond a certain heat load, the mass flow rate 

in the loop decreases with increase in heat load which 

is termed friction-dominated regime.  

Song et al. [8] analytically studied the loop 

normalized mass flow rate for different heat inputs. 

They observed a gravity and frictional-dominated 

regime. Chehade et. al. [10] modeled a loop 

thermosyphon for telecommunication cabinet 

cooling and validated it with experimental data. 

They observed two-phase flow in the vapor and 

liquid lines. Aung et al. [11] modeled a loop 

thermosyphon to investigate the effect of riser 

diameter and inclination angle on collector efficiency 

for solar heating applications. They assumed a fully 

filled downcomer and two-phase flow in the riser in 

the model. It was observed that collector efficiency 

increased with an increase in riser diameter and 

inclination. During the above studies,  two-phase flow 

is assumed in the riser and the downcomer is 

considered to be fully filled with liquid. The liquid 

level in the downcomer depends on the heat load, 

fluid charging, and dimensions of the loop. The level 

can be partially filled in some cases.  Zhang, et al. [3] 

formulated a one-dimensional steady-state model 

for a two-phase thermosyphon loop (TPTL) with 

both fully and partially filled downcomer. For 

partially and fully filled downcomers, the state at 

the condenser outlet will be saturated and 

subcooled, respectively. 

For low thermal loads and low filling ratio, the 

downcomer is partially filled. Increasing the 

thermal load and the refrigerant charge both leads to 

an increase in liquid height in the downcomer and 

finally fully filled downcomer operation is achieved 

[4]. Zhang et al. [4] experimentally investigated the 

thermal performance of loop thermosyphon and 

compared it with a mathematical model. They 

observed that the actual driving force is less than 

that of fully filled downcomer. Visualization 

showed that the downcomer can be partially filled. 

As discussed above, few modeling studies are 

available that solve the governing equations for both 

partially or fully filled downcomers [3, 4] 
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In this paper, a 1D mathematical model of a 

constant conductance loop thermosyphon (i.e., 

without a reservoir) is developed for the general case 

of no constraints on the boundary conditions or the 

imposition of any fixed states. It also considers the 

conditions where the downcomer is fully and partially 

filled. An experimental setup is also fabricated to 

validate the model by comparing the predicted results 

from the model with experimental data. 

2. Mathematical model

One-dimensional steady-state mass, momentum,

and energy equations are iteratively solved using 

MATLAB. It is assumed that a two-phase flow is 

present in the riser. The model is developed for 

situations when the downcomer is either partially 

filled or fully filled. The steady-state equation for 

the conservation of mass is: 

𝑚̇ = 𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡                            (1) 

Where 𝑚̇ is the mass flow rate of the working fluid. 

The steady-state momentum equation after 

integrating around the loop is [4]: 

∮ ϕlo
2 2floG2

Dhρl
ds + ∮((1 − α)ρl + αρv )gsinθ ds = 0   (2) 

G is the mass flux, α is the void fraction, φlo
2 and flo 

are respectively the two-phase friction multiplier 

and Fanning frictional factor when the entire flow is 

liquid, and s is the length variable along the loop. 

Equation (2) states that the gravity head balances the 

frictional pressure drop. The void fraction α and is 

calculated using Thom’s correlation [12]. 

α = (1 + (
1−x

x
) (

ρv

ρl
)

0.89

(
μl

μg
)

0.18

)

−1

   (3) 

The two-phase multiplier is calculated using 

Freidel's corrections [5] 

ϕlo
2 = CF1 +

3.24CF2

Fr0.045We0.035  (4) 

CF1 = (1 − x)2 + x2 (
ρl

ρv
) (

fvo

flo
)    (5) 

CF2 = x0.78(1 − x)0.24 (
ρl

ρv
)

0.91
(

μv

μl
)

0.19
(1 −

μv

μl
)

0.7
  (6) 

Fr =
G2

gDiρtp
2   (7) 

We =
G2𝐷

ρtpσ
  (8) 

ρtp = (
x

ρv
+

1−x

ρl
)

−1
  (9) 

The equation for conservation of energy is [3]: 

ṁ
𝑑ℎ

𝑑𝑠
= 𝑞 ;  (10) 

where h is the enthalpy and q is the supplied heat 

per unit length. The current model used Shah 

correlation for condensation which is a function of 

vapor quality [12].  

The mass of fill constraint within the loop is given by 

∮ 𝜌𝐴𝑑𝑠 = 𝑀𝑓𝑖𝑙𝑙                                                         (11)

Note that Mfill is the quantity of working fluid filled 

in the loop, ρ is the local density, and A is the cross-

sectional area of the tube. The details of the loop and 

working fluid are given in Table 1. 

Table 1. Dimensions of the loop thermosyphon. 

Height of loop 750 mm 

Width of loop 300 mm 

Length of evaporator 150 mm 

Length of condenser 220 mm 

Inner tube diameter 9.2 mm 

Working fluid Methanol 

Charging volume 100 ml 

Figure 1. Schematic for loop thermosyphon for 

modeling with fully filled downcomer 

 The loop is divided into different zones based on the 

state of the working fluid for fully-filled and partially-

filled downcomers, as shown in Figure 1 and Figure 

2. Table 1 and Table 2 describe the zones for the fully

filled and partially filled cases, respectively. Each 

zone is further divided into a large number of small 

elements and an assumption is made that the 

properties do not vary within the element. Enthalpy 

and pressure at node points are calculated using the 

energy and momentum conservation equations 

mentioned above. The flow charts to solve the 

equations for fully-filled and partially-filled 

downcomers are given in Figure 3 and Figure 4, 

respectively. 

 Initially, the model is run assuming the downcomer 

is filled with liquid. If the model does not converge, 

then the downcomer is partially filled and the 

relevant algorithm for that case is then used.  
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Table 1. Zones for fully filled downcomer case 

ZONE DESCRIPTION 

1-2 Subcooled liquid flow in evaporator 

2-3 Two-phase flow in evaporator 

3-4 Two-phase fluid flow in vertical riser 

4-5 Two-phase fluid flow in horizontal riser 

5-6 Two-phase fluid flow in condenser 

6-7 Subcooled liquid flow in a condenser 

7-8 Subcooled liquid flow in vertical 

downcomer 

8-1 Subcooled liquid flow in horizontal 

downcomer 

* 1-2 is the region between points 1 and 2 in Figure 1.

Figure 2. Schematic for loop thermosyphon for 

modeling with partially filled downcomer 

Table 2. Zones for partially filled downcomer case 

ZONE DESCRIPTION 

1-2 Subcooled liquid flow in evaporator 

2-3 Two-phase flow in evaporator 

3-4 Two-phase fluid flow in vertical riser 

4-5 Two-phase fluid flow in horizontal riser 

5-6 Two-phase fluid flow in condenser 

6-7 Liquid film in downcomer 

7-8 Liquid flow in vertical downcomer 

8-1 Liquid flow in horizontal downcomer 

* 1-2 is the region between points 1 and 2 in Figure 2.

Figure 3. Flow chart to solve the mathematical 

model when the downcomer is full. 

3. Experimental Details

 A schematic of the loop thermosyphon is given in 

Figure 5. The experimental setup of the loop 

thermosyphon has the same general dimensions as 

the mathematical model. The dimensions of the loop 

components are given in Table 1. The loop is made 

using copper tubing of (outer diameter [OD] -12.7 

mm, inner diameter [ID]-9.2 mm). The evaporator 

and condenser are oriented vertically. The 

evaporator is heated with the help of aluminum 

saddle and cartridge heaters. The condenser is a 

tube-in-tube type heat exchanger. The cold water 

from the chiller is circulated in the annular section 

to cool the thermosyphon condenser. Thirteen T-

type thermocouples are placed at different locations 

on the loop for temperature measurement. The 

details of the instruments used in the experimental 

set-up are given in Table 2. 
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Figure 4. Flow chart to solve the mathematical 

model when the downcomer is partially filled. 

Figure 5. Schematic of experimental set-up for loop 

thermosyphon 

Table 3. Details of the sensors and instruments used 

Thermocouples 

Company TC Direct 

Type T-Type, 

Welded Tip 

Bead Diameter 0.3 mm 

Accuracy ±0.4oC

Pressure 

Transducer 

Company Omega 

Model PX309-

500A5V 

Operating 

Temperature 

-40oC to 85oC 

Output 0-5Vdc 

Constant 

Temperature 

fluid circulator 

Company Siskin 

Model RCC2500-

RT3 

Maximum 

Pressure 

2 bar 

Cooling Capacity 2 kW @ 20oC 

Heating Capacity 2.5 kW 

Insulation 

Evaporator Glass Wool 

(0.023 – 0.04 

W/mK) 

Loop Black Nitrile 

(0.034W/mK) 

Saddle 

Dimensions 150 mm x 50 

mm x 50 mm 

Material Aluminium 

Heater 

Type Cartridge 

Heater 

Maximum Power 250 W @ 

230Vac 

Dimension Ø 8 mm x 140 

mm 

Data 

Acquisition 

System 

Company Keithley 

Model 7708 - 40 

Channel 

Differential 

Multiplexer 

Sampling Rate 5 seconds 

Power Supply 

(Heater) 

Company DENKO 

Variac-Single 

Phase 

Type AC 

Voltage/current 0-270V/0-6A 

Power Supply 

(Pressure 

Transducer) 

Company APLAB 

Model L3202 

Voltage 0-32Vdc 

Current 0-2A 

4. Results

The results of the mathematical model are 

presented in Figure 6 with 100 ml of methanol as the 

working fluid (fill ratio: 35%). The model predicts 

similar trends for mass flow rate and vapor quality at 

the evaporator outlet as reported in the open literature 

[2, 3, 7].  

 With an increase in heat load, the mass flow rate 

increases reaching a maximum, and then decreases. 

The first portion (increase in flow rate) is termed as 

gravity-dominated regime and the second portion 

(decrease in flow rate) is called the friction-

dominated regime as shown in Figure 6.  
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 In gravity-dominated mode, with a small increase 

in vapor quality, there is a large increase in void 

fraction and a large decrease in mean density of the 

two-phase flow. After a certain value of vapor 

quality, driving pressure force reached nearly a 

constant value. The mass flow rate keeps increasing 

till the driving force increases.  

 With an increase in heat loads, vapor quality 

increases, which causes an increase in frictional 

losses. The mass flow has to decrease in order to 

satisfy the constant driving force. The mass flow 

rate decreases with an increase in heat load, this 

regime is termed a frictional-dominated regime. 

Figure 6. Mass flow rate and vapor quality in the 

loop at various heat loads 

The measured transient temperatures obtained from 

the experiments with methanol are shown in 

Figure 7. The loop successfully started at 50W, the 

heat load is varied up to 600W. The variation of 

temperature at different locations of the loop is 

shown in 

Figure 7. It is also noticed that there is geysering in 

the loop indicated by the fluctuation of pressure in 

loop [13] and increases with increase in heat load as 

shown in Figure 8.   

Figure 7. Variation of temperature at different 

locations with time 

Figure 8. The variation of pressure in the loop at 

different heat load. 
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The experiments were performed with pentane, 

methanol, and water and the results for the steady-

state thermal resistance are summarized in Figure 9. 

It is observed that pentane had lower thermal 

resistance at low heat loads whereas water had a 

lower thermal resistance at higher heat loads. 

Pentane exhibited dry-out at heat loads above 

300W. Experiments with methanol were stopped at 

600W since the heater temperature exceeded 160oC. 

The experiments with water were terminated at 

900W due to a limitation with the power supply. 

Figure 9. Comparison of thermal performance of 

loop thermosyphon with different working fluid 

The modeling and experimental results are shown 

in Figure 10. There is a clear discrepancy between the 

results. The model predicts higher temperatures than 

the experiments. The predicted temperature behavior 

is nearly isothermal. The temperature depends on the 

saturation pressure in the loop which is a function of 

the heat transfer coefficient in the condenser.  

In the model, it is assumed that a two-phase flow is 

present throughout the riser. To validate this, a 

visualization study is carried out.  

Figure 10. Comparison of results from experiments 

and modeling at heat load of 300 W. 

 4.1 Visualization study 

In the modified experimental setup, a transparent 

tube is placed in the riser at the exit of the evaporator 

to visually observe the flow, as shown in Figure 11. 

Flow visualization in the transparent riser was carried 

out using a DSLR camera (Canon M50 mark 2). 

Figure 11. Schematic of loop thermosyphon for 

fully filled downcomer with a glass tube in the riser. 

Figure 12 shows the flow pattern in the transparent 

tube at a heat load of 300 W with working fluid as 

methanol for a fill ratio of 35% (100 ml). It was 

observed that geysering occurred in the riser, wherein 

liquid plugs rise to some height and then fall back to 

the evaporator, resulting in only vapor reaching the 

condenser. This is akin to geysering [13, 14]. The 

standard two-phase models with separated flow do 

not account for this counter-flow effect. This suggests 

that the conventional mathematical modeling 

approach needs to be modified. 

Figure 12. Visualization of fluid flow in the riser of 

the small loop thermosyphon at 300 W with 
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methanol. 

5. Summary and Conclusion

In the present work, a 1D mathematical model is 

developed for fully and partially filled downcomers. 

An experimental setup is also built to compare the 

predicted results and experimental results. 

Visualization studies are also carried out to observe 

the flow pattern in the riser. The following 

observations were drawn from the present study. 

• The mathematical model exhibited an increasing

then decreasing trend in the mass flow rate with

heat input indicating a transition from gravity

dominated to friction dominated regimes.

• The experiments showed that the pentane had the

lowest thermal resistance for heat loads below

200 W whereas water had the lowest thermal

resistance above this (200 W).

• The mathematical model predicts a higher

operating temperature than the experimental

data. This is attributed to the assumption of

steady two-phase flow in the riser.

• The visualization study showed that geysering

was occurring in the riser. This may explain the

discrepancy between the experimental data and

the mathematical model.

Nomenclature 

A Area (m2) 

D diameter (m) 

F Friction factor 

Fr Froude number (-) 

G mass flux (kg/m2) 

g Acceleration due to gravity (m/s2) 

h Enthalpy (J/kg) 

L Length (m) 

m Mass flow rate (kg/s) 

M Mass (kg) 

P Pressure (Pa) 

Q Heat per unit length (W/m) 

S Local space variable 

We Weber number (-) 

x Vapor Quality (-) 

Greek Symbols 

α void fraction (-) 

Θ Angle (⁰) 

Μ Viscosity (Pa.s) 

Ρ Density (kg/m3) 

Σ Surface tension (N/m) 

φlo
2 Two-phase frictional multiplier (-) 

Subscript 

Tp Two-phase (homogeneous model) 

Vo Vapor only 

Lo Liquid only 

Fill Filled 

l Liquid 

v Vapor 

h Hydraulic 
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Abstract 
Radiative sky cooling (RSC) is a passive technique of heat transfer with outer space and can achieve temperature below 
ambient. This technique has a variety of applications, including cooling of buildings, small warehouses, etc. The constraint 
of this technique is to keep the system under the sky to have a sufficient view for heat transfer. There are options for 
transferring the heat from a source using a pumped loop system coupled with the RSC sink kept under open sky. However, 
electric energy is required for this operation. This paper provides a solution for passive heat transfer using a two-phase 
closed tubular thermosyphon (TPCTT) with low startup requirements under low heat flux. This paper presents the design 
study and on-field testing of such thermosyphon. Different parameters, like orientation, working fluids, sink temperature 
and heat flux, are studied in the design aspects. 
A lab experimental setup is fabricated to test the best combination of parameters for RSC application. The tests are made 
in evaporator control and condenser control mode. In the former, heat flux is applied in the evaporator at a fixed condenser 
temperature and thermal resistance is calculated for performance. In latter, the condenser temperature drops below 
ambient, keeping the evaporator dipped in a thermal storage tank filled with water. The relative closeness of the TST-
filled water temperature to the sink defines the performance.  
The optimum design parameters are used to fabricate an on-field testing setup of TPCTT, coupled with RSC. The on-
field testing has been done under the open sky, and the experiment result shows that this design can help transfer heat 
from one location to the RSC sink. 

Keywords: Heat Transfer, Thermosyphon, Two-Phase, Radiative Sky Cooling. 

1. Introduction
Radiative sky cooling (RSC) is the cooling of

objects on Earth by emitting infrared radiation to 
space through the atmospheric window, which is 
transparent to radiation for wavelengths in the range 
of 8-13µm [1]. Unlike losing heat to the ambient by 
cooling using forced or natural convection, this 
system exchanges heat with outer space which is at 
approximately 4K. Recent developments in RSC-
based coatings demonstrate that surface temperatures 
below ambient can be achieved [2]. This is possible 
because of the lower absorption of solar and 
atmospheric radiation and the higher emission of 
radiation in the 8-13µm range from terrestrial objects 
to space. As a result, a net cooling effect is produced 
at night and during the day. Many researchers 
focusses on using this passive technique to cool 
buildings, establish cold storage systems, etc., thus 
reducing energy consumption [3]. Generally, the heat 
source (building space or chamber) is in thermal 
contact with the RSC sink using either direct contact, 
a passive heat transport system or a pumped cooling 
system. Using pumped loops for flow of fluid 
requires electricity for operation. A survey of the 
open literature shows that passive heat transfer from 
a source to the RSC sink is accomplished with single-

phase thermosyphons [4]. The main limitation is that 
flow initiation happens only when the temperature 
difference between inlet and outlet of RSC panel is 
sufficient to generate the density difference required 
to overcome the pressure drop. That is why, single-
phase solar water heaters are replaced by two-phase 
thermosyphon-equipped solar water heaters [5]. This 
paper explores the potential of a two-phase 
thermosyphon to transfer heat from a source to an 
RSC sink due to the low-temperature difference 
between the source and sink compared to a single-
phase thermosyphon. 

Figure 1. Schematic of thermosyphon 
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Two-phase closed tubular thermosyphon (TPCTT), 
being a passive heat transfer device, has been widely 
used in various thermal management applications [6]. 
It consists of an evaporator connected to a heat source, 
a condenser thermally attached to the heat sink and an 
adiabatic section that connects the evaporator and 
condenser. Figure 1 presents a schematic of the 
TPCTT. The working fluid in the evaporator takes the 
heat from the source by a phase change of liquid to 
vapour. The vapour rises to the condenser and releases 
the heat to sink by condensation. The condensed liquid 
returns to the evaporator because of gravity. Thus, 
phase change led to a high thermal conductance of this 
device. In the literature, substantial work has been done 
on the startup and operational characteristics of 
TPCTTs. Various parameters such as working fluid, fill 
ratio (ratio of working fluid filled to the evaporator 
volume), operating temperature, heat load, sink 
temperature, inclination, internal surface texture, etc., 
affect the performance of thermosyphons.  The 
selection of working fluid is decided by the operating 
temperature range, figure of merit (FOM), working 
pressure and chemical compatibility [7].  

Russo et al. [8] studied a vertical thermosyphon using 
several working fluids with an FR of 40%. The 
condenser was air-cooled, and the evaporator was 
heated from 0 to 25 W (evaporator heat flux 0 to 10500 
W/m2). Among water, ethanol, acetone, and methanol, 
the authors found that acetone performs the best, while 
water is the worst in thermal resistance. Rongchai et al. 
[9] explored the use of thermosyphons in air-water heat 
recovery systems, comparing R134a, water, and a 
hybrid of water and R134a. The condenser was cooled 
by water flow in their setup, while the evaporator 
absorbed heat from the airflow. Their findings 
indicated that R134a outperformed water, achieving 
the highest heat transfer rate. Naresh et al. [10] 
conducted an experimental study on thermosyphons 
using R134a, water, and acetone as working fluids, 
with heat loads ranging from 0 to 150 W. Their results 
showed that R134a exhibited the lowest heat resistance, 
followed by acetone and then water. Anand et al. [11] 
investigated thermosyphons using R134a and water as 
working fluids, with heat loads varying from 0 to 300 
W (0 < q’’ < 75200 W/m²). They concluded that R134a 
maintained lower evaporator temperatures at low heat 
loads (Q < 100 W), whereas water achieved lower 
evaporator temperatures at higher heat loads.  

The amount of working fluid in the thermosyphon, 
often expressed as the Fill Ratio (FR), affects the 
performance of the thermosyphon. Lower thermal 
resistance can be obtained in thermosyphon with low 
FR. This has been experimentally validated by Choi et 
al. [12], tested 25%, 50% and 75% FRs, and Reji et al. 

[13], tested 50%, 60% and 70% FRs. A study 
conducted by Naresh et al. [10] on different fill ratios 
of R134a varied from 20% to 80%. Results showed that 
50% is the optimum FR, resulting in the lowest thermal 
resistance compared to FRs of 20% and 80%, 
respectively. Jiao et al. [14] concluded that low FR will 
lead to quicker startup of the thermosyphon and 
observed that shaking and reversing can further reduce 
startup time. 

Tilting the straight thermosyphon relative to its 
horizontal plane significantly affects its performance. 
This change influences both the distribution of the 
working fluid and the liquid return head within the 
system. The thermal resistance decreases at smaller 
angles because the working fluid covers a larger 
evaporator area than vertical thermosyphons, however, 
this also reduces the gravity head for liquid return. 
Wang et al. [15] investigated a thermosyphon, using 
ammonia as the working fluid filled with 40% FR, at 
various inclination angles and found that the lowest 
thermal resistance was at a 10° inclination relative to 
the horizontal. Kim et al. [16] studied a thermosyphon 
with water as the working fluid and determined that the 
lowest thermal resistance occurred at 50% FR and a 30° 
inclination angle. Zhang et al. [17] studied 
thermosyphons by controlling the condenser 
temperature and noted a lower startup temperature 
difference in the horizontal position. However, the 
minimum “operating” thermal resistance was observed 
at a 20° inclination. Reji et al. [18] tested a copper 
thermosyphon with R600a as the working fluid, 
comparing smooth and grooved evaporators under heat 
loads from 0 W to 50 W (heat flux ~ 8000 W/m²). The 
grooved evaporator showed a lower thermal resistance 
of 0.19 °C/W than the smooth one had 0.26 °C/W. This 
highlights the importance of internal surface 
modifications and thermosyphon’s inclination in 
reducing startup superheat. Choi et al. [12] found that 
coating the evaporator’s inner surface with cellulose 
nanofiber reduced thermal resistance by about 30% 
compared to an uncoated flat surface. Researchers also 
explored thermosyphon by modifying the design with 
a horizontal evaporator. DenHartog [19] investigated a 
thermosyphon designed for permafrost cooling, 
featuring a horizontal evaporator and a vertical 
condenser, with R12 as the working fluid. In this 
testing, the evaporator was submerged in water and the 
condenser sink was maintained at -15°C. This setup 
successfully transformed the water surrounding the 
evaporator into ice. These findings have also been 
verified by Haynes et al. [20], who studied a horizontal 
evaporator-based thermosyphon in which the 
evaporator is 37 m long and filled with CO2 as the 
working fluid. Jouhara et al. [21] tested a 
thermosyphon with a horizontal evaporator and an 
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inclined condenser at various inclination angles, using 
two working fluids: pure water and an azeotropic 
mixture of water and ethanol. At low heat loads, the 
horizontal evaporator exhibited significantly lower 
thermal resistance compared to larger inclination 
angles. However, at higher heat loads, the thermal 
resistance showed less sensitivity to changes in 
inclination angle. Zhang et al. [22] investigated 
thermosyphons for permafrost cooling and 
recommended a 20° inclination from horizontal to 
maintain the stability of the permafrost stratum. A 
recent numerical study by Chen et al. [23] on 
permafrost cooling suggested that a horizontal 
evaporator thermosyphon could be a viable alternative, 
providing 72% better heat transfer than inclined 
thermosyphons. A summary of the literature suggests 
that at low heat flux, refrigerants, acetone, and 
methanol offer lower thermal resistance; however, at 
high heat load, water performs the best by offering 
lower thermal resistance. A lower fill ratio, surface 
modification, and more tilt towards the horizontal 
increase the performance by reducing the startup 
superheat and the thermal resistance of the 
thermosyphon. However, as the heat load increases, 
horizontal orientation lacks the gravity head required 
for liquid return.  

In literature, the utilization of TPCTT has not been 
explored for an RSC application. RSC applications 
possess great potential for cooling along with 
convective cooling media. For RSC applications, a 
thermosyphon with minimal startup superheat is 
required due to the limited temperature difference these 
passive devices generate. In these scenarios, where the 
condenser temperature governs heat transfer rather than 
the evaporator, it is crucial to understand the effects of 
orientation, working fluid, and fill ratio (FR). A 
literature survey suggests that refrigerants, methanol, 
and acetone are effective for low-temperature 
differences. However, it is of interest to know which 
among them gives lower thermal resistance and 
improved startup when the condenser temperature 
drops below ambient. 

This paper presents a comparative study of horizontal 
and vertical evaporator TPCTTs for RSC applications 
with R134a and methanol. In this study, the adiabatic 
and condenser configurations remain unchanged by 
altering orientations. These tests aim to identify a 
thermosyphon configuration/design for RSC 
applications; hence, the condenser is designed to cool 
the condenser below ambient temperature. Based on 
the trials with small thermosyphons, a larger 
thermosyphon is fabricated and field-tested with actual 
RSC film.  

2. Design and Development of thermosyphon 
The thermosyphon design includes an evaporator, an 

adiabatic section, and a condenser. The radiative sky 
cooling and the requirement of a gravity head 
influenced the condenser design. It is inclined at 15° 
with the horizontal to have the gravity head for liquid 
return and sufficient view of the sky to have efficient 
RSC [24].  

 

 

 
Figure 2. Actual photo of thermosyphon at 
different orientations and TST 

The adiabatic section connects the evaporator and 
condenser and is vertical in orientation. Generally, in 

125



 
 

most applications, the evaporator is oriented vertically, 
and inclination effects are studied by tilting the whole 
thermosyphon. Tilting the thermosyphon changes 
orientation and the gravity head. To study the influence 
of evaporator orientation, a setup is fabricated that can 
incorporate horizontal and vertical evaporators with the 
same condenser design, as shown in Figure 2. The TST 
shown in figure 2 is used in testing methods explained 
later. The schematics of these thermosyphons and 
positions of thermocouples are shown in Figure 3. 
Miniature thermosyphon is fabricated with stainless 
steel material. Table 1 summarises the details of 
thermosyphon.  

Table 1. Summary of thermosyphon parameters 
Parameter Description 

Evaporator length 300 mm 
Adiabatic length 300 mm 
Condenser length 310 mm 
Working fluids R134a, Methanol 

Fill Ratios 25% 
Angle of condenser with 

horizontal 
15° 

Material of tubes Stainless Steel 
Inner Diameter 10 mm 
Outer Diameter 12.5 mm 
Thermocouples T-type 

 
(a) TPCTT with horizontal evaporator 

 
(b) TPCTT with vertical evaporator 

Figure 3. Schematic of TPCTT with different 
evaporator arrangements 

A diffusion pump pumping station evacuates the 
thermosyphon to a pressure of 10-5 mbar before filling. 
It should be noted that the fill ratio is defined as the 
ratio of the volume occupied by the working fluid as a 
liquid to the volume of the evaporator. 

2.1 Testing Methodology 
The testing of horizontal and vertical evaporator-

based thermosyphon has been made in two ways: 
1. Condenser Control Mode (CCM): In this 

method, the condenser temperature drops below 
the evaporator temperature (ambient condition) by 
circulating a fluid through a cold fluid circulator. 
The boundary conditions on the condenser side are 
to simulate a condenser attached to the RSC film 
by dropping the temperature below ambient 
(depending on atmospheric and ambient 
conditions). In this case, the evaporator is dipped 
in a water tank (made of CPVC material shown in 
Figure 2) filled with (0.3 kg) of water. The drop in 
condenser temperature causes the startup of the 
thermosyphon. The rate of temperature drops of 
water from ambient and minimum temperature 
attained describes the performance of 
thermosyphon. In this test, the sink temperature is 
dropped and maintained at 16°C, while the ambient 
temperature varies from 29°C to 30°C. 

2. Evaporator Control Mode (ECM): In this 
experiment, the evaporator is heated using a heater 
made of nichrome wire wrapped around the 
evaporator. The evaporator is wrapped in ceramic 
fibre tape and encased in black nitrile insulation. 
The average sink temperature is maintained at 
25°C for all sets of ECM experiments.  The heat 
load varies from 0 W to 58 W (heat flux ~5140 
W/m2) using an AC Variac (max. Current capacity: 
6A). Multimeter and clamp meter measure the 
voltage and current, respectively. Thermal 
resistance is used to characterise the performance 
of thermosyphon. It is expressed as: 

𝑅௧௛ =
𝑇௘ഥ − 𝑇௖௙

𝑄
 (1) 

where, 𝑇௘ഥ  is the average temperature of evaporator, 
𝑇௖௙  is the average temperature of cold fluid 
circulator (referred as average sink temperature) 
and Q is the heat supplied. 

2.2 Uncertainty Analysis: 
To estimate the uncertainty in the temperature 

difference between the thermocouples, they are all 
immersed in a well-stirred constant temperature bath 
that is maintained in the range of 15°C to 55°C. The 
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standard deviation among them is determined to be 
0.1°C. Consequently, the uncertainty in the 
temperature difference with 95% confidence is 0.3°C. 
The voltage and current measurements uncertainties 
are ±1% and ±4%, respectively. Table 2 summarizes 
the various measurement uncertainties. Using the 
method of Kline and McClintock, the uncertainty in 
thermal resistance is estimated as follows: 

𝑅 =
Δ𝑇

𝑄
 (2) 

𝑄 = 𝑉𝐼 (3) 

(
Δ𝑅

𝑅
)ଶ = ൬

Δ[Δ𝑇]

Δ𝑇
൰

ଶ

+ ൬
Δ𝑉

𝑉
൰
ଶ

+ ൬
Δ𝐼

𝐼
൰
ଶ

 (4) 

Table 2 summarizes the uncertainty in various measuring 
parameters.  

Table 2. Uncertainty in Parameters 
S. No.  Measured 

Parameters 
Uncertainty 

1 Temperature ±0.5°C 
2 Temperature 

difference 
±0.3°C 

3 Voltage ±1% 
4 Current ±4% 

Figure 4 shows the uncertainty in calculating thermal 
resistance for TPCTT at different orientations. 

 
Figure 4. Uncertainties in Thermal Resistance 
Calculation 

3. Results and discussion 
This section presents the effect of evaporator 

orientation on thermal performance at a FR of 25%. 
The tests have been performed for R134a and methanol 
in both CCM and ECM, respectively. The effect of the 
orientation of the evaporator on startup and thermal 
resistance for each TPCTT is presented. As discussed 
subsequently, horizontal evaporator thermosyphon has 
lower thermal resistance and improved startup 
behaviour.  

3.1 Effect of evaporator orientation in ECM 
In evaporator control mode, the effect of orientation 

on methanol and R134a is examined. Figure 5 (a and b) 
illustrates methanol tested at 25% FR and a sink 
temperature of 25°C. The heat load varies from 0 to 58 
W (heat flux~ 5180 W/m2) using an AC variac. In a 
vertical orientation, methanol exhibits oscillation at all 
heat loads. At 12 W, the evaporator temperature 
reaches 80°C. The temperature drops suddenly when 
the condensed liquid film reaches the condenser, 
indicates the start-up. As the heat load increases, the 
degree of overshoot decreases because the frequency of 
bubble formation increases.  

 
(a) Vertical  

 
(b) Horizontal 

Figure 5. TPCTT with methanol at 25% FR for 
horizontal and vertical evaporators. 

This is evident from Figure 5(a) that at 55 W, the 
frequency of oscillation rises. Conversely, a smooth 
temperature profile is achieved at each heat load in a 
horizontal orientation of evaporator. This can be 
attributed to the availability of large liquid-vapor 
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interface area, evaporation mode of phase-change 
dominates over boiling mode (up to heat load of 40 W). 
Further increase in heat load, at 57W, a transition of 
phase-change mode occurs, indicating the initiation of 
boiling (indicated by fluctuation and drop in 
temperature). Because of the evaporation mode of 
phase-change, no temperature overshoot is observed at 
horizontal compared to vertical orientation showing 
start-up.  

Figure 6 (a and b) represents the transient 
temperature profile at different heat loads of R134a in 
vertical and horizontal orientations. The sink 
temperature is maintained at 25°C. In Figure 6-a, the 
temperature shows start-up at 12W, a relatively less 
temperature overshoot (~ 5°C) compared to methanol 
(~ 50°C). This also shows that, for low heat loads 
R134a is better than methanol.  

 
(a) Vertical 

 
(b) Horizontal 

Figure 6. TPCTT with R134a and 25% FR for 
horizontal and vertical evaporators. 

However, in the horizontal orientation shown in Figure 
6-b, TPCTT achieves a steady state temperature for 
each heat load. It is also seen that two thermocouples 
of the evaporator in horizontal conditions are almost 
similar, while in vertical, the difference persists for 
each heat load. It is also seen in figure 6a, that as the 
heat load is increased, there is a slight kink in the 
evaporator temperature is observed as the heat load is 
increased, however that is not present in figure 6-b.  

Figure 7 compares the thermal resistance for 
methanol and R134a at different orientations of the 
evaporator. Since the steady-state temperature is not 
achieved in a vertical orientation for methanol, it is not 
included in the comparison. When R134a is compared 
in TPCTT with different orientations, it is observed that 
the horizontal configuration provides lower thermal 
resistance compared to the vertical one. However, as 
the heat load increases, the difference between them 
decreases. The effect of evaporation, in case of 
unavailability of superheat, lowers the thermal 
resistance at low heat load (12W, 20W etc.). At heat 
load of 55 W, the thermal resistance of both 
orientations for R134a lies in the uncertainty range of 
each other (shown in Figure 4).  

 

Figure 7. Thermal resistance of R134a and 
methanol at different orientations 

When R134a and methanol are considered at 
horizontal evaporator configuration, R134a performs 
better at all heat loads than methanol regarding thermal 
resistance.  Also, it is seen that thermal resistance is 
almost constant at all heat loads, and sudden drops 
occur when boiling initiates in the case of methanol. 
From the study it is concluded that, at low heat load, 
the horizontal offers better performance, due to 
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evaporation mode of phase change compared to 
boiling, which requires superheat. 

3.2 Effect of evaporator orientation in CCM 

In CCM, the evaporator is dipped in a thermal storage 
tank (TST), filled with 0.3 kg of water. The 
performance of TPCTT is defined by the rate of 
temperature drop of water, and the temperature attained 
by water at equilibrium.  

 

Figure 8. Transient temperature of water in 
vertical orientation filled with R134a 

 

Figure 9. Transient temperature of water in 
horizontal orientation of evaporator filled with 
R134a 

Figure 8 shows the temperature drop of water in TST, 
where TPCTT is filled with R134a (25%FR) in vertical 
orientation of evaporator. The average sink 
temperature is maintained at 15.9°C, while the water 
was initially at 25°C. The minimum temperature 

attained by the water is 19°C which is average of two 
thermocouples places in TST (shown in figure 2). 
Figure 9 represents the transient behaviour of water 
when evaporator is in horizontal orientation. The 
TPCTT is filled with R134a with 25% FR. The 
minimum temperature reached by the water at sink 
temperature of 16°C, is 18.6°C. From figure 8 and 9 it 
can be concluded that, in CCM, the results are 
validating the ECM, showing horizontal leads to more 
relative closeness to sink compared to vertical one. 

Figure 10 illustrates the transient temperature profile 
of water in a TST with a vertically oriented evaporator 
containing methanol at 25% FR. The sink temperature 
decreased to 15.9°C, while the average ambient 
temperature was 30.3°C. The cooling behavior of 
methanol differs from that of R134a. Initially, 
methanol cools down rapidly, but a slight kink is 
observed, after which the cooling rate changes. This 
may happen because, initially the condensed subcooled 
liquid film falling along the wall of evaporator, would 
start evaporating. Since the evaporator is filled with 
25% only, therefore, 75% of it is left with the liquid 
film. This phenomenon is not observed with R134a in 
a vertical orientation. This may happen, due to 
methanol’s specific heat being 1.8 times that of R134a, 
requiring more heat to change the temperature of the 
subcooled liquid. However, for complete 
understanding of this phenomenon, it needs further 
investigation. The adiabatic line shows the film 
temperature, which is nearer to sink temperature. Once 
the water reaches a temperature, which causes the 
evaporator to rather depend on evaporation, or reduced 
boiling. This causes the water to cool down at a less 
rate compared to the initial one.  

  

Figure 10. Transient temperature of water in 
vertical orientation of evaporator filled with 
methanol 
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Figure 11. Transient temperature of water in 
horizontal orientation filled with methanol 

 

The minimum temperature attained by the water after 
two hours of test is 20.1°C at sink temperature of 16°C. 
which is better than horizontal case of methanol 

Figure 11 illustrates the transient temperature of 
water when the TST, equipped with an evaporator, is in 
a horizontal orientation. The TPCTT is filled with 
methanol at 25% FR, and the sink is maintained at 
16°C. The minimum temperature achieved by the water 
was 20.6°C, with the sink temperature at 16°C. The 
cooling is governed mainly by evaporation mode of 
phase change and a similar cooling rate can also be seen 
in Figure 9. 

The section led to the conclusion that TPCTT 
performed better in case of horizontal, compared to 
vertical oriented evaporator in case of R134a. 
However, in the case of methanol, initially, the 
subcooled liquid film offers higher cooling rate to 
water in vertical as compared to horizontal orientation 
and later it is reduced. 

4. Field testing of TPCTT with RSC 
This section describes an experimental setup and 

tests with a thermosyphon wherein the condenser is 
coupled a radiator that is covered with RSC film. The 
tests are carried out with a direct view of the sky. The 
evaporator is horizontal, as decided from the above. 
Based on earlier results [25] and the above 
experimental studies a horizontal evaporator 
thermosyphon filled with R134a was chosen. Further, 
since the effect of FR is insignificant for a longer 
evaporator, and threading influences the performance, 
an FR of 40% is used. The schematic of the 

experimental setup is shown in Figure 12. The TPCTT 
is made of a copper tube with an inner diameter of 9.5 
mm and a thickness of 1 mm as described in [25]. 
Threading improved performance in condenser control 
mode and has been experimentally verified by Aalekh 
et al. [25] and study of FR is insignificant for these 
applications. The horizontal evaporator has internal 
circumferential threads with a pitch of 0.5 mm to 
enhance the wetting area of the working fluid. The 
condenser is inclined at a 15° angle relative to the 
horizontal plane, providing a gravity head for the liquid 
to return and allowing the RSC sink to have a good 
view of the sky. 

 
Figure 12. Schematic of the experimental setup 
for testing thermosyphon with RSC sink 

Table 4 summarizes details of the fabricated 
thermosyphon for on-field testing. 

Table 4. Description of thermosyphon fabricated for 
on-field testing 

Parameter Description 
Container material Copper 
Evaporator length 1920 mm 
Adiabatic section 838 mm 
Condenser length 1920 mm 

Angle of inclination of 
condenser 

15 

Inner diameter 9.5 mm 
Wall thickness of tube 1 mm 

Pitch of threading 0.5 mm 
Working fluid R134a 

Fill ratio 40% 
Thermocouples T type 

The radiator is an aluminum sheet that is covered 
with RSC film on the top surface. The radiator is in 
physical/thermal contact with the condenser. Tests are 
performed to check the response of the evaporator 
temperature corresponding to the sub-ambient 
temperature produced by the RSC film at the condenser 
end. Figure 13 illustrates the test results demonstrating 
that the evaporator temperature closely tracks the RSC 
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sink temperature, which is sub-ambient. The novel 
feature of this thermosyphon is that even a small drop 
in condenser temperature is tracked by the evaporator. 
This test was conducted over two consecutive days on 
the terrace of the ICER building of IISc. At the two 
highlighted points, the RSC film was 2.9°C and 2.6°C 
below ambient, while the difference between the 
evaporator and RSC film temperature was 1.5°C and 
2.2°C, respectively. 

 
Figure 13. Response of the evaporator to the 
radiator temperature. 

The RSC sink did not have a convective cover, hence 
lower sub-ambient temperatures could not be achieved.   

5. Summary and Conclusions 
A two-phase closed tubular thermosyphon is tested 

with horizontal and vertical evaporator orientation in 
ECM and CCM mode. Methanol and R134a are used 
as working fluid.  Another setup was also fabricated to 
field test a horizontal evaporator TPCTT with the 
condenser coupled to a radiator covered with radiative 
sky cooling film. The following conclusions can be 
drawn from the present study.   
 It is observed that horizontal evaporator TPCTT 

lowers thermal resistance in ECM and lowers the 
temperature difference between the water and sink 
for R134a. 

 In CCM, for methanol, the subcooled condensed 
falling film causes higher cooling rate in vertical 
orientation as compared to horizontal orientated 
evaporator. 

 In horizontal orientation, evaporation mode of 
phase-change dominant over the boiling mode at 
lower heat load in ECM. After a certain heat load, 
boiling becomes the dominant mode of phase-
change.  

 R134a performed better than methanol in the 
given heat range and sink temperature. 

 The evaporator closely tracked the condenser 
temperature. Thus, this thermosyphon-based 
approach has the potential to transfer heat 
passively from a heat source to an RSC-covered 
radiator. 

 A on-field testing of thermosyphon is shown with 
RSC application and evaporator tracks well the 
condenser temperature, which was below ambient. 
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Abstract 
In this paper, the effects of secondary wicks on the performance of loop heat pipe were investigated under different 

evaporator tilts, and the corresponding physical mechanism was analyzed based on the results of the experiments and 

CFD numerical simulations. The detachable structure in the compensation chamber was designed and constructed to 

realize the disassembly or installation of a secondary wick.  A 3D model of the whole LHP was built and numerical 

simulations of steady state operation were conducted by ANSYS software. According to the experimental results, 

increasing the evaporation tilt would make the LHP without a secondary wick in a more unfavorable operating state 

and even dry out. After adding a secondary wick, it operated smoothly under all the same conditions. The numerical 

and experimental results showed that the secondary wick could play a role in stabilizing the return flow of the working 

fluid, improving working fluid redistributions and making the LHP system operate more stably. When designing and 

utilizing LHP, the impact of the secondary wick should be carefully taken into account. 

Keywords: Loop heat pipes; Secondary wick; Evaporator tilt; Numerical simulation 

1. Introduction

When the LHP is applied on the spacecraft under 

microgravity conditions, the vapor-liquid 

distribution state of the evaporator core and the 

working fluid in the CC is random, unlike that in the 

ground, there will be obvious vapor-liquid interface. 

Once the evaporator core in the primary wick 

produces vapor to cause the accumulation and 

blockage, the working fluid in the CC will not be 

able to effectively supply to the primary wick, and 

the evaporator will have the phenomenon of high 

operating temperature or burning dry under small 

heat load[1]. Reasonable organization of the flow 

and heat transfer of the working fluid inside the 

evaporator is one of the ways to improve the heat 

transfer performance of the evaporator[2]. 

Therefore, a secondary wick is usually installed 

between the CC and the evaporator core to ensure 

the normal operation of the LHP in space 

applications[3, 4]. 
A few researches have suggested operation 

principle, performance and analysis of secondary 

wick in the cylindrical evaporator. Van et al.[5] 

investigated the influence of different connection 

modes between evaporator and CC, and concluded 

that the way to achieve the best performance of LHP 

is to conduct thermal separation and mass transfer 

coupling between evaporator and CC through a 

secondary wick and a bayonet, especially in 

microgravity and tilt attitude. Hoang[6] discussed 

the numerical method and prediction of the 

secondary wick transport requirements, and given 

theoretical aspects of heat transfer and fluid 

dynamics in the secondary wick with the model 

assumptions and simplifications. These studies on 

the secondary wick are analyzed from the 

theoretical and qualitative perspectives, and lack of 

experimental research. 

In the ground environment, the force of gravity 

has an effect on the flowing situation of working 

fluid and on the initial vapor-liquid distribution, 

causing the relative position between evaporator 

and CC to influence the performance of LHP. In the 

past, some literature concerning the effect of 

evaporator tilt on LHP performance have reported. 

Bai et al.[7] experimentally found the operating 

temperature was much higher when the evaporator 

was a little higher than the CC at a tilt angle of 

1.8°without a secondary wick. The experimental 

analysis indicated that the cooling effect of the 

returning liquid on the vapor region in the CC or 

evaporator core was crucial. Shen et al.[8] 

investigated the coupling effect of non-condensable 

vapor and evaporator tilts on the steady state 

operation of a LHP. The noteworthy phenomenon 

was that the increase of evaporator temperature was 

only about 7℃ at an adverse tilt angle of 15°, which 

was much lower than that in Ref.[7] (about 15-

30℃). This might be related to whether the 

secondary wick is installed in evaporator core and 

CC[8]. However, there was no specific study on the 

single variable of secondary wick in the LHP system. 

As briefly reviewed above, few studies have 

reported the coupling effect of secondary wick and 
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evaporator tilt in the LHP. In this paper, the effects 

of secondary wicks on the performance of LHP 

were investigated under different evaporator tilts, 

and the corresponding physical mechanism was 

analyzed theoretically based on the results of the 

experiments and simulations.  

2.  Numerical simulation  

In this paper, a LHP with or without a secondary 

wick was taken as the research object to study the 

steady state inside the LHP and validate the 

effectiveness of proposed improvements through 

CFD numerical simulations. A 3D model of the 

whole LHP was built and numerical simulations of 

steady state operation were conducted by ANSYS 

software.  

2.1. The LHP geometry 

 Figure.1 illustrates the LHP geometry studied in 

this work. The 3D model has the same structural 

parameters as the real LHP, which consists of the 

evaporator (include wicks), the compensation 

chamber (CC), and the condenser. In order to make 

the model compact, the vapor and liquid lines are 

slightly shorter than that in the experiment. Heat 

loads are applied on the edge of the evaporator of 

the LHP. Gravity was heavily considered in this 

work, which is the advantage of the 3D model. 

 

Figure 1.  The LHP geometry 

2.2.  Capillary force model  

The capillary force drives the condensed liquid 

back to the evaporator through the bayonet tube. 

The capillary force plays a significant role in the 

LHP circulation. In this work, the wick is assumed 

as an isotropic porous zone. The capillary force is 

described as a momentum source term added to the 

momentum equation, and the momentum source 

term is only applied to the liquid-vapor interface in 

the porous zone by UDFs. The capillary force, 

though appearing as a body force in the momentum 

equation, is a surface force perpendicular to the 

vapor-liquid interface. The magnitude of the 

capillary force is determined by the Young Laplace 

equation (1): 

𝑝𝑐 =
2𝜎𝑐𝑜𝑠𝜃

𝑅
 

(1) 

where  𝑝𝑐 is the capillary force, 𝜎 is the surface 

energy of the liquid and 𝜃 is the contact angle of 

liquid at the solid– liquid interface, and R refers to 

the capillary radius in the capillary. 

There are two main ways to apply the capillary 

force to porous media: one is to directly apply the 

capillary force to the vapor-liquid interface of the 

working fluid in the wick. Generally, the equivalent 

surface with a vapor phase volume fraction of 0.5 in 

the vapor-liquid two-phase transition zone of the 

working fluid is used as the vapor-liquid interface. 

This method is easy to accurately apply the capillary 

force at the vapor-liquid interface, and the operation 

is relatively simple, but it cannot reflect the 

difference of the capillary force caused by the 

different volume fraction of each phase in the two-

phase region. At the same time, in the finite element 

calculation, the vapor volume fraction may not be a 

continuous surface, so it is difficult to define the 

normal vector of the surface to determine the 

direction of the capillary force. Another method is 

to obtain the iso-enthalpy line in the two-phase 

region according to the enthalpy value, apply the 

capillary force on the iso-enthalpy line, and take the 

normal direction of the iso-enthalpy line of the 

working fluid as the direction of applying the 

capillary force. Because the endothermic enthalpy 

of the working fluid will increase, but the phase 

transition does not necessarily occur, this method is 

also different from the real physical process. 

 In this paper, another method of applying 

capillary force is proposed, which can not only 

accurately apply the capillary force to the vapor-

liquid interface transition region of the working 

fluid, but also distribute the capillary force 

according to the gradient of the phase fraction of the 

working fluid, which is more consistent with the real 

physical process. The specific methods are as 

follows: 

𝑆𝑐 = 𝑝𝑐∇𝛼 (2) 

𝛻𝛼𝑣represents the vapor phase volume fraction 

gradient of the working fluid in the vapor-liquid 

interface transition zone inside the wick. After the 

vapor volume fraction distribution field of the 

working fluid in the wick is obtained by the user-

defined scalar (UDM), the vapor volume fraction 

gradient of the working fluid in the wick is obtained, 

and then the capillary force is applied to the vapor-

liquid interface transition zone of the wick in the 

form of vapor gradient by the source macro, and 

finally the capillary wicking process of the wick is 

realized. 
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2.3.  Boundary conditions 

Similar to the role of film heating and water 

cooling in the experiment, the part of evaporator 

wall is set to Neumann boundary condition 

(constant heat flux) to represent the heat load, while 

the part of condenser wall is set as the Dirichlet 

boundary condition (constant temperature), which 

represents the heat taken away from the LHP by the 

water cooler.  

3. Experimental system 

In order to facilitate the installation or 

disassembly of the secondary wick, the 

conventional cylindrical CC construction was 

sectioned and a flange connection was used. 

Figure 2 displays the general design and method 

of construction for the removable structure.  The 

special flanges had square grooves in which PTFE 

gaskets were placed. Hexagon socket bolts sealed 

the flanges, preventing the working fluid in the 

LHP from coming into contact with the outside 

environment. To lessen axial heat leakage and 

guarantee mechanical strength, stainless steel was 

used as the evaporator and CC's casing material.  

 

Figure 2. Scheme of the detachable experimental 

structure 

Stainless steel wire mesh, which is cheap and 

readily available, is used to make the secondary 

wick in this research. Compared with the primary 

wick made of sintered metal powder, the increase 

in manufacturing cost and complexity of the 

secondary wick is very small and almost 

negligible. The secondary wick is utilized to link 

the evaporator and CC for mass transfer. The inner 

wall of the secondary wick has a gap with the outer 

surface of the bayonet, which allows the vapor in 

the evaporator core to return to the CC. The outer 

wall of the secondary wick, which is located in the 

evaporator core, and the inner wall of the primary 

wick need to be closely fitted. The secondary wick 

acts as compensation to ensure that the primary 

wick is always wet. Figure 3 displays the detailed 

structure of the processed primary wick as well as 

a SEM image of porous wicks. Nickel powder was 

used to sinter the primary wick. The working fluid 

used for the experiment was ammonia because of 

its strict and complex conditions. 

 

Figure 3. (a) The processed primary wick 

structure (b) SEM image of secondary wick (c) 

SEM image of primary wick 

In addition, all of the LHP's transport lines, 

including the bayonet tube, vapor lines, condenser 

lines, and liquid lines, were made of stainless-steel 

pipes having an outside diameter of 3 mm and an 

inner diameter of 2 mm. Condenser lines were 

attached to four aluminum cold plate channels and 

maintained at 293 K with a water cooler. To 

provide a better liquid supply and cooling for the 

porous wick, one end of the bayonet tube was 

linked to the liquid line and the other end was 

pierced into the center of the evaporator core. The 

overall design and assembly scheme of the whole 

LHP structure are shown in Figure 4, which also 

depicts how the measure points are arranged in the 

LHP system. Three on the CC (T1-T3), two on the 

evaporator (T4-T5), two on the vapor line (T6-T7), 

one on the liquid line (T8), and two on the 

condenser (T9-T10) comprised the ten 

temperature measurement locations in total. A 

personal computer and a Keithley-2700 data 

gathering system made up the data acquisition 

system. Every second, the measured temperature 

data was captured and saved. 

 

Figure 4. Scheme of the whole LHP structure  

As shown in Figure 5, the heat transfer 
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performance of the LHP with or without secondary 

wick was explained at six different evaporator tilts 

(-15°, 0°, 15°, 30°, 45°, 90°). The applied heat load 

varied from 10 W to 80 W with a step of 10 W. 

 

Figure 5. Schematic of the evaporator tilt θ in the 

gravity environment  

4. Results and discussions 

Table 1 displayed summary of the tested LHP 

operation results in forward motion (step increase of 

heat load) under different evaporator tilts with or 

without secondary wick, where √ meant that the 

LHP could start up at heat load of 10W, and 

operated normally at heat load of 20W-80W, × 

meant that the LHP cannot start-up normally at heat 

load of 5W/10W/20W. When it was θ=30° without 

secondary wick, the tested LHP operated normally 

at heat load of 10W-50W, and would dry out when 

the heat load was increased to 60W. The reasons for 

the changes would be analyzed and discussed in 

detail later. 

Table 1. Summary of LHP operation results 

without or with a secondary wick 

Secondary 

wick\θ 

-15° 0° 15° 30° 45° 90° 

with √ √ √ √ √ √ 

without √ √ √ o × × 

The LHP performance under various evaporator 

tilts in the cases with and without a secondary wick 

is displayed in Figure 6. When there is no secondary 

wick, the adverse tilt-induced temperature increase 

rises noticeably as the heat load increases. This is 

especially true when θ = 30°, at which point the LHP 

dries out at 60 W. The tested LHP does not start up 

at a heat load of 10W when θ = 45°or 90°, so there 

is no valid data in in Figure 6. Nevertheless, the 

addition of a secondary wick reduces the 

temperature variations brought on by adverse tilt. As 

the heat load increases, the increment of temperature 

caused by adverse tilt declines. When θ >= 45°, both 

evaporator temperature and thermal resistance are 

almost unaffected by the variation of adverse tilt in 

the fixed thermal conductivity zone. When θ = 30°, 

the adverse tilt-induced temperature increase is only 

about 1.2K with a secondary wick at a heat load of 

50W, which is much lower than that (about 15.5K) 

in the case without a secondary wick. 

 

Figure 6. Evaporation temperature under different 

evaporator tilts 

Evaporator tilts change the location of the liquid-

vapor contact within the evaporator core, which is 

primarily responsible for the LHP's dependable 

performance. As shown in Figure 7, the larger the 

evaporator tilts, the smaller the direct contact area 

between the primary wick and the liquid in the 

evaporator core. And it is more difficult to replenish 

the liquid to keep the primary wick wet. This is why 

the LHP performance is worse with a larger 

evaporator tilt. In addition, the evaporation rate rose 

in tandem with the rise in heat load. If the amount of 

liquid replenished does not keep up with the mass 

reduction due to evaporation, it will lead to a thicker 

vapor blanket or even dry out in the primary wick. 

As a result, the adverse tilt-induced temperature 

increase rises significantly as the heat load increases. 

This is particularly true when θ = 30°, at which point 

the LHP dries out at 60W. 

 

Figure 7. The contact area between the primary 

wick and liquid under various evaporator tilts 

As shown in Figure 8, the LHP only runs stably 

for a few minutes at an adverse tilt angle of 45, and 

then there will be increasing temperature oscillation 

until it exceeds the safe operating temperature and 

is forcibly shut down. For the orientation 
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“evaporator above CC”, the primary wick has no 

direct contact with the liquid in the CC. Supplying 

liquid to the evaporator is the hardest at this time, 

since it tends to stay in the CC due to buoyancy and 

gravity forces. The heat leakage of the evaporator 

cannot be balanced by the reflux subcooling liquid, 

and the tested LHP does not work. However, after 

adding the secondary wick, as shown in Figure 9, 

the tested LHP operates smoothly under the same 

condition.  

 

Figure 8. Temperature characteristics (θ = 45°) 

without secondary wick 

 

Figure 9. Temperature characteristics (θ = 45°) 

with secondary wick 

To understand reason of the failure, a contrast 

simulation was conducted under the same operate 

condition as the feasibility experiment. Figure 10 

and Figure 11 are contour diagrams of temperature 

and ammonia volume fraction (θ = 45°) without 

secondary wick on the symmetry plane, 

respectively. Based on Figure 10, temperature in 

the bayonet and evaporator inlet raises to a large 

value under the heat power of 20W. According to 

Figure 11, almost all the fluid in the evaporator, 

bayonet and wick is vapor. The large vapor pressure 

hinders liquid from returning back to the evaporator, 

which makes the LHP lose efficacy. The evaporator 

exceeds the safe temperature after iterating for about 

1800 steps. 

 

Figure 10.  Contour diagram of temperature (θ = 

45°) without secondary wick on the symmetry 

plane 

 

Figure 11.  Contour diagram of ammonia volume 

fraction (θ = 45°) without secondary wick on the 

symmetry plane 

In the case with secondary wick, temperature 

distribution (θ = 45°) with secondary wick on the 

symmetry plane of the LHP is shown in Figure 12. 

In the evaporator and CC, temperature increased 

along the flow direction, and then dropped a little 

because of the thermal conduction through bayonet. 

After condensing into liquid in the condensing tube 

by enhanced heat transfer with 293 K cooling plate, 

the fluid returned to the evaporator and completed a 

heat exchange circulation. 

 

Figure 12. Contour diagram of temperature (θ = 

45°) with secondary wick on the symmetry plane 
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Figure 13. Contour diagram of ammonia volume 

fraction (θ = 45°) with secondary wick on the 

symmetry plane 

Figure 14 illustrates the difference in liquid 

supply mode without or with secondary wick 

respectively. In the case without secondary wick, as 

shown in Figure 14(a), the liquid does not stay in 

the evaporator core, but flows straight along the 

bayonet’s outer wall to the CC due to gravity and 

surface adhesion force. The primary wick will dry 

out without a liquid supply when θ = 45° /90° 

because there is no direct contact area between it 

and the liquid in the CC. After adding the 

secondary wick, as shown in Figure 14(b), the 

primary wick and the liquid in the evaporation 

core and CC are hydraulically and thermally 

associated with a capillary link. 

  

 

Figure 14. Different liquid supply modes without 

and with secondary wick 

For one thing, the secondary wick improves the 

path of the reflux liquid from the bayonet to the 

primary wick and has the function of saving the 

return liquid in the evaporation core at any angle. 

For another, it can play a role in pumping the 

liquid from the CC to the evaporator, and insuring 

a wetted primary wick during start-up and 

power/sink temperature transient conditions, 

which result in an imbalance between the liquid 

taken away by evaporation from the primary wick 

and the liquid returning from the condenser. When 

θ>=45°, there is almost no contact between the 

primary wick and the liquid in the CC, and the 

liquid used for evaporation in the primary wick 

only comes from the secondary wick. Therefore, 

when θ>=45°, both evaporator temperature and 

thermal resistance are almost unaffected by the 

variation of adverse tilt in the fixed thermal 

conductivity zone. 

5. Conclusion 

The LHP without secondary wick was very 

sensitive to evaporator tilts. Adding a secondary 

wick could adapt to a wider range of evaporator tilts 

and operate normally when the evaporator was 

above the CC. The numerical and experimental 

results showed that the secondary wick could play a 

role in stabilizing the return flow of the working 

fluid, improving working fluid redistributions and 

making the LHP system operate more stably. This 

research of the secondary wick in LHP not only 

provides more support and reliability for space 

applications, but also helps LHPs adapt to various 

attitudes in gravity applications. 
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Abstract 

Wicking is a well-studied process in both natural and industrial applications, with a notable example being the 

evaporation of liquids in heat pipes for temperature regulation. This study focuses on a simplified scenario where 

ethanol spreads horizontally across thin filter papers followed by subsequent evaporation. Three types of filter paper, 

each with different permeability, were used, and data were collected through optical and thermal imaging. The results 

for horizontal-oriented filter papers revealed that the steady-state spreading length (𝐿𝑐) was much shorter than that

obtained by following Jurin's law, indicating that evaporation is the limiting factor in such processes. However, these 

values were higher than the vertical counterparts by ~30% and this increase reflects the non-negligible contribution 

by the gravitational forces in the vertical cases. Thermal imaging revealed an uneven temperature profile, with an 

inversion near the middle of the wicked liquid length. We use this non-linear temperature distribution to assume a 

power-law relation of the evaporation rate as a function of the wicked length (local) and improve the existing Constant 

Evaporation Model (CEM) that assumes a constant evaporation rate throughout the wicked liquid length. This model 

is termed the Non-Constant Evaporation Model (NCEM). The NCEM yields ℎ − 𝑡 curves that agree quite well with 

the experimental data. We further proposed two new dimensionless numbers that suitably collapsed various ℎ − 𝑡 

curves into a single master curve. The results provided new insights into wicking behavior, with important implications 

for thermal management systems, including wicks and heat pipes. 

Keywords: Wicking; Evaporation; Volatile liquids; NCEM 

1. Introduction

Capillary movement of liquids through porous 

materials is an important process in many fields, 

such as microfluidic devices [1], [2], paper-based 

fuel cells [3], [4], textile engineering [5], [6], oil 

recovery [7], medical testing [8], inkjet printing [9], 

and fluid flow in biological tissues [10]. 

Additionally, dynamic wicking can help to measure 

key properties of porous materials, like capillary 

radius (𝑅𝑐) and permeability (𝐾) [11], [12], [13].

Capillary flow in porous materials behaves similarly 

to how liquids move through narrow tubes, driven 

by capillary force. Porous materials can often be 

modeled as hollow tubes with an effective capillary 

radius. 

Over a century ago, Lucas [14] and Washburn [15] 

described how liquids move through capillary tubes. 

They proposed that the distance a liquid spread (ℎ) 

and the time (𝑡)  it takes follows a diffusion-like 

relationship: ℎ = (𝐷𝑡)0.5 , where D is a diffusion

coefficient that depends on the size of the tube and 

the properties of the liquid. This relationship applies 

to both horizontal spread [16], [17], [18], [19] and 

vertical penetration [20], [21], [22], ignoring gravity. 

Similar results have been found for capillary flow in 

porous materials, whether the flow is unidirectional 

or radial, even in cases where the pores are not 

uniform in size [23], [24], [25], [26], [27]. 

However, in real-world situations, evaporation 

plays a key role during capillary penetration, 

especially when dealing with volatile liquids. As the 

liquid evaporates from the surface of the porous 

material, the speed at which the liquid front 

advances slows down [28]. As a result, the 

penetration process is limited to a certain region [28], 

[29], [30]. This evaporation effect is particularly 

important in applications like vertical capillary 

penetration, where gravity also plays a role [31], 

[32], [33]. 

Fries and his team studied how volatile liquids affect 

capillary dynamics. They used a liquid commonly 

found in the printing industry [34] and a metallic 

weave as the porous medium. By extending the 

Lucas-Washburn law, they added an evaporation 

term, which they linked to the total viscous 

resistance through what they called the "refill 

velocity" (discussed further in Section 5). Their key 

finding was that the capillary rise was limited by 

evaporation. However, their theoretical model 

overestimated experimental results by about 35%.  
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This difference might be due to factors like 

assuming a constant evaporation rate, using a 

simplified Lucas-Washburn model, treating the 

medium as homogeneous, and applying a one-

dimensional analysis [28]. Recently, the effect of 

evaporation has gained attention in paper-based 

sensors and diagnostics [35], [36], where it can 

affect how far the detecting liquid can travel. 

While most studies have focused on evaporation 

during vertical penetration, fewer have looked at its 

effects on horizontal flow, which is important for 

applications like printing, microfluidic devices, and 

textiles. Understanding how evaporation affects 

horizontal capillary penetration can help improve 

the design of porous structures in engineering 

applications. 

In this study, we apply two simultaneous diagnostic 

methods – surface temperature measurements and 

optical imaging – to gain a deeper understanding of 

the dynamics of horizontal wicking of volatile 

liquids on thin porous media. Surface temperature 

data is used to construct the surface energy budget 

(SEB) in the steady state, helping to determine the 

evaporation rate based on measured parameters 

such as surface and ambient temperatures. By 

incorporating the energy equation into the 

momentum equation, we derive the height-time 

relationship, ℎ(𝑡). The Non-Constant Evaporation 

Model (NCEM) [37] is employed to account for the 

length-wise variation of the evaporation rate, 

capturing the non-linear trend in surface 

temperature data more accurately. We demonstrate 

that these modifications improve the existing 

theoretical framework by better modeling the 

wicking behavior, particularly when phase change 

is involved. A comprehensive set of experiments 

was conducted to test and validate the proposed 

NCEM framework for horizontal orientations. 

The article is organized as follows. Section 2 covers 

the materials and methods used in this study, 

followed by a discussion on the limitations of the 

existing theory in capturing the evaporation effects 

during horizontal liquid wicking. In the following 

sections, we present an improved mathematical 

model in Section 5 that accounts for height-wise 

evaporation variations in horizontal wicking. 

Results and discussions are provided in Sections 3, 

4, and 6, with conclusions in Section 7. 

  

Symbols  

𝑎0, 𝑎1  Evaporation rate constant (kgm-2s-1) 

𝐹𝑃 Filter paper 

𝐴𝑏  The cross-sectional area  of the FP (m2) 

𝑧 Coordinate along paper length (m) 

ℎ Location of liquid front at time ‘t’ (m) 

h̅ Average convective heat transfer 

coefficient (Wm-2K-1) 

ℎ𝑓𝑔  Latent heat of vaporization (Jkg-1) 

𝐾 Permeability (m2) 

𝑘 Thermal conductivity (Wm-1K-1) 

𝐿𝑐  Steady state length (m) 

𝑀̇𝑒  Total evaporation mass flow (kgs-1) 

𝑚̇𝑒  Evaporated mass (kgm-2s-1) 

𝑀̇ℎ  Mass flow of the liquid front (kgs-1) 

𝑁𝑢̅̅ ̅̅  Average Nusselt number  

𝑝𝑐  Capillary pressure (Nm-2) 

ṗḣ Viscous pressure loss due to liquid front 

velocity (Nm-2) 

𝑃𝑟 Prandtl number 

𝑝𝑟  Viscous pressure loss due to refill 

velocity  (Nm-2) 

𝑅𝑎 Rayleigh number 

𝑅𝑐  Capillary radius (m) 

T∞  Ambient temperature (K) 

𝑇𝑠  Surface temperature (K) 

𝑈 Uncertainty 

𝑡 Time (s) 

𝑡𝑝  Thickness of the FP (m) 

𝑣 Liquid front velocity (ms-1) 

𝑣𝑟  Refill velocity (ms-1) 

𝑊 Width of the filter paper (m) 

Greek letters 

𝜆 Fitting parameter 

𝜙 Porosity 

𝜌𝑙 Liquid density (kgm-3) 

𝜎 Interfacial Surface tension (Nm-1) 

𝜎𝑠 Stefan-Boltzmann constant (Wm-2K-4) 

𝛳 Contact angle ( ˚ ) 

𝜖 Emissivity 
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2. Methods & Methodology 

We used a specially designed experimental setup 

and Whatman filter papers to study liquid spread 

on horizontal thin rectangular paper strips, 

essentially a 2D porous medium.  

 Experimental procedure: 

We use Whatman filter paper (FP) of Grades 1, 4, 

and 5 (commonly referred to as 1001FP, 1004FP, 

and 1005FP). The filter papers were cut, precisely 

using a laser cutter, into a rectangular shape of 

8.5cm × 2.5cm. Porosity and thickness values were 

taken from the manufacturer, and the same are seen 

in Table 1. 

Table 1 Filter paper properties [38]. 

Grade 
Paper Thickness 

𝒕𝒑 (m) 
Porosity 

𝝓 

1001 FP 180 x 10-6 0.48 

1004 FP 205 x 10-6 0.76 

1005 FP 200 x 10-6 0.54 

The experiments were conducted in controlled 

laboratory conditions (temperature of 28 ±  0.5 ˚C 

and relative humidity of  52 ±  2% ). Figure 1a 

shows the sketch of the experimental setup. A liquid 

reservoir (R1, 10cm x 10cm x 10cm) is seen at the 

right and an empty reservoir (R2, 10cm x 10cm x 

10cm) seen on the left side of Figure 1a; both the 

reservoirs were made up of polymethyl 

methacrylate, PMMA and are separated by a divider 

(AA). Provisions are made such that the FP remains 

horizontal (and doubly exposed) and without 

buckling for a major portion with one end pasted on 

a horizontal platform (that is on top of R2, see 

Figure 1a) and the other end (~5mm from the top) 

is pasted on the right side of AA. This vertical 5mm 

long portion is dipped in the pool of ethanol inside 

R1. A top cover is placed over R1 to avoid unwanted 

mass loss from the liquid reservoir. 

This top cover was initially a flat PMMA piece, 

which did allow more mass loss from the system, 

and that must be due to the circumferential gap 

between the lower surface of this plate and the top 

surface of R1. For this purpose, the top cover plate 

was specially designed as seen in Figure 1b. The 

rectangular slot (3cm x 0.5cm) at the top allows the 

FP to pass, while the other grooves allow efficient 

sliding (if needed) and stop unwanted evaporation. 

The assembled experimental setup can be seen in 

Figure 1c. A thermal (Fluke TiX580, sensitivity of 

0.05K) and an optical camera (Nikon Z24) were 

used to track the temperature and liquid penetration 

with time as seen in Figure 1a. A small piece of 

graph paper was pasted on the horizontal platform 

for reference (Figure 1c) to measure capillary 

penetration over time. The optical images and films 

were then analyzed using ImageJ software for post-

processing purposes. The thermal images were 

analyzed in SmartView software. 

     
Figure 1. a) Schematic of the experimental setup, 

(b) top cover with slots for ethanol container (all 

dimensions are in mm), and (c) a sample 

photograph showing the experimental setup. 

3. Results and Discussions 

Liquid penetration on horizontal filter papers 

(HFP) is different than that on a vertical filter 

paper (VFP) [37] since the gravitational force is 

active in the latter case where the meniscus forms 

with a distinct capillary radius  (𝑅𝑐)  that 

influences the height rise. We discuss the optical 

and thermal evolution of ethanol penetrating on 

FPs in both transient and steady states.  

 Optical analysis: 

Figure 2 shows snapshots for the Whatman 

1004FP case at notable instances. Time t = 0 

corresponds to when the wicking front becomes 

visible in the camera mounted on the top. The 

transient wicking front growth is seen in Figure 

2b-e. At t ~ 300 seconds (not shown), the wicking 

front stops growing and reaches a steady state (see 

Figure 3). The wicking front location was tracked 

along the line MM (see Figure 2d), and the 

distance penetrated was obtained against a graph 

paper serving as a calibrator. Note that the camera 

captured ~7.8cm length of the FP giving a 

pixilation error of ~0.20mm (𝑈𝑜𝑝𝑡). 

(a) 

(b) 
(c) 
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Figure 2. A series of snapshots captured at 

different time instants showing the location 

(marked by black arrows) of the wicking front on 

a horizontal 1004FP. The images are enhanced for 

clarity. The penetrated distance is measured along 

the mid line (marked MM in ‘d’). 

Figure 3 shows the capillary penetration or 

wicking front location (ℎ) for liquid ethanol on all 

the three FP cases. Initially, there is a rapid rise in 

ℎ (~20 seconds), followed by a non-linear trend 

until a steady state (𝐿𝑐) is reached: 𝐿𝑐 values are 

~32mm, ~20mm, and ~15mm for 1004, 1001, and 

1005FP cases, respectively. The trends of highest 

and lowest steady-state lengths (𝐿𝑐) are similar in 

the case of vertically oriented filter papers also 

[37]. The comparison is seen in Table 2. 

 
Figure 3. Temporal variation of capillary 

penetration for liquid ethanol in three different 

filter papers. The bar represents the experimental 

deviation across three experiments in each case. 

The deviations across multiple experiments in 

each case for HFP are shown by bars in Figure 3. 

Note that without evaporation, the L-V meniscus 

would reach infinity (as per the Youngs-Laplace 

equation for the horizontal papers since surface 

tension force is unopposed in this orientation), 

which is much higher than 𝐿𝑐.  

Table 2. Comparison of steady state lengths (𝑳𝒄) 

in different orientations 

Filter paper 

grade 

Steady state length 

VFP [37] HFP 

1001 FP ~15.1𝑚𝑚 ~20.2𝑚𝑚 

1004 FP ~26.4𝑚𝑚 ~31.3𝑚𝑚 

1005 FP ~12.4𝑚𝑚 ~14.9𝑚𝑚 

The data shows that the 𝐿𝑐, is consistently greater 

in the horizontal filter paper (HFP) compared to 

their vertical counterparts, across all cases studied 

here, suggesting that orientation does play some 

role in determining the 𝐿𝑐  values in such 

processes. However, it remains to be seen as to 

how these observations would impact the 

scenarios in heat pipes (where gravity is 

important) and loop heat pipes (where gravity is 

not important) given the fact that the entire process 

is passive in nature. 

3.2 Thermal analysis: 

Ethanol's relatively high volatility leads to rapid 

evaporation that cools the surface leading to sub-

ambient surface temperature values (at least when 

no external heating is done). We now discuss the 

surface temperature evolution.  

Transient Analysis: 

 

Figure 4. [Colour online] Time sequence of 

thermal images in local temperature scale (such 

that the hotter dry FP is not seen intentionally) for 

1004FP at different time instants; the temperature 

value ranges between 18.3°𝐂 and 23°𝐂.  

Figure 4 shows thermal images at notable 

instances for 1004FP case. Magenta represents the 

lowest temperatures and red represents the 

highest. Higher temperature values are seen at the 

ethanol source (near the bottom) and near the 

liquid front. The temperature scale was chosen 

such that the dry FP zone is not seen in the thermal 

images. 

(a) t = 0s (c) t = 30s (d) t = 150s (e) t = 270s (b) t = 15s 

M 

M 

(a) t = 15s (b) t = 30s (c) t = 150s (d) t = 270s 

23.0˚C 

18.3˚C 
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Figure 5 shows the pixel-wise variation of the 

surface temperature along the centerline (L0) for 

1004FP case. The surface temperature first 

decreases along L0, reaches a local minimum, and 

then rapidly increases when the dry FP region is 

approached; the temperature remains constant 

beyond this. The uncertainty in surface 

temperature, 𝑈𝑇𝑠
 [39], is ~0.10K. 

 
Figure 5. [Colour online] Height-wise variation of 

surface temperature along the centerline (L0) at 

four different time instants for 1004FP. A notable 

temperature jump is seen near the wicking liquid 

front when the dry FP region is approached. The 

double-headed arrow represents the fluctuations 

( ±𝟎. 𝟓  ˚C) in the ambient temperature value 

throughout the experimental duration. 

Steady-State Analysis: 

 

Figure 6. [Colour online] Thermal images in the 

steady state for (a) 1001FP, (b) 1004FP, and (c) 

1005FP, shown in the global temperature scale. A 

sandwiched patch (warmer than the liquid ethanol 

and colder than the dry FP) representing the 

condensed water is also seen. 

Figure 6 shows thermal images in steady states, 

highlighting a relatively "warmer" (seen in green 

color) zone, representing the condensed water, 

between the liquid ethanol region and the dry FP 

zone [40]. Condensation is unlikely to occur on the 

wicking liquid ethanol surface but can occur at the 

wicking front. However, since this front is moving 

in the transient state, condensation does not occur. 

All the conditions meet perfectly for the 

condensation to occur in the steady state.  

Figure 7 shows surface temperature variation 

along L0 versus the liquid penetration length (ℎ) 

for the three FPs. Paths 1-2-3 and 4-5 represent the 

liquid ethanol and the condensed water, 

respectively. Paths 3-4 and 5-6 indicate the 

ethanol-water and water-dry FP zone interfaces, 

respectively. These interfaces are diffusive in 

nature as far as temperature is concerned. 

 
Figure 7. [Colour online] Surface temperature 

variation versus FP length along line L0 for 1001, 

1004, and 1005FP in the steady state showing 

distinct temperature paths for liquid ethanol and 

condensed water zones. The double-headed arrow 

represents the temperature fluctuations (±𝟎. 𝟓°C). 

4. Obtaining Permeability (𝑲) & 

Average Evaporated Mass (𝒎̅̇𝒆) 

In a non-evaporating horizontal system (in the 

initial time periods [28], [41]), the process of 

liquid spread on a porous surface is a competition 

of two forces (surface tension pulling the liquid 

while the viscous forces opposing it) leading to the 

dynamic motion of the liquid front. The dynamic 

pressure balance is given by, 

2𝜎 𝑐𝑜𝑠𝜃

𝑅𝑐
=

∅

𝐾
𝜇𝑙ℎ

𝑑ℎ

𝑑𝑡
                                              (1)                                                                                                  

The terms in Eq. (1) can be rearranged to give, 

𝑎

ℎ
=

𝑑ℎ

𝑑𝑡
                                (2)       

where, 𝑎 = (
2𝜎 cos 𝜃

∅𝜇
)

𝐾

𝑅𝑐
 

With the known initial condition (𝑧 = 0 at 𝑡 = 0), 

the solution to Eq. (2) is, 

(a) (b) (c) 
28.7˚C 

18.7˚C 
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ℎ2 = [
4𝜎 cos 𝜃𝐾

∅𝜇𝑙𝑅𝑐
] 𝑡 = [𝑝]𝑡         (3) 

where, 𝑝 is the slope of the ℎ2 − 𝑡 experimental 

curve (see Figure 8), and we have incorporated 

capillary radius values as 59𝜇𝑚, 64𝜇𝑚, 𝑎𝑛𝑑 75𝜇𝑚 

for 1005FP, 1001FP, and 1004FP, respectively in 

Eq. (3) to obtain permeability. In fact, it is 𝐾/𝑅 

value which is of significance (see Eq. 3) and the 𝐾 

value would depend on the choice of  𝑅 , i.e., 𝑅𝑐 

(capillary radius) or 𝑅𝑠  (nominal pore size quoted 

by the manufacturer) as used by a few others [42]. 

In both cases, the final outcomes remain unaltered.  

 
Figure 8. [Colour online] Variation of 𝒉𝟐 versus 

time with linear fits for liquid ethanol wicking on 

the three FP cases studied here. Values of ‘p’ seen 

in the legend represent the slope of the linear fit in 

each case with units of 𝒎𝒎𝟐𝒔−𝟏. The error bars 

show the uncertainty (𝑼𝒉𝒊
𝟐) in each case. 

The uncertainty 𝑈ℎ𝑖
2 [38] for the ith measurement of 

the height reached by the liquid front ℎ𝑖
2  is 

evaluated using,  

𝑈ℎ𝑖
2 = √(2 ℎ𝑖  𝑈𝑜𝑝𝑡)

2
+ (

𝑈𝑑

2√3
)

2
                        (4) 

𝑈𝑜𝑝𝑡 is the uncertainty contribution from the optical 

resolution as discussed in Section 3.1. The 

uncertainty 𝑈𝑑 [43] (depth of dipping) is considered 

negligible and thus not included in this uncertainty 

calculation. Eq. 3 yields the permeability values, 

and its uncertainty (𝑈𝐾) [38] was calculated as, 

𝑈𝐾 = √(
𝜕𝐾

𝜕𝑧
𝑈𝑜𝑝𝑡)

2

+ (
𝜕𝐾

𝜕∅
𝑈∅)

2

+ (
𝜕𝐾

𝜕𝑅𝑐
𝑈𝑅𝑐

)
2

        (5) 

In obtaining 𝑈𝐾, we did not consider 𝑈∅  and 𝑈𝑅𝑐
. 

The permeability and its uncertainty, hence 

calculated, are seen in Table 3. 

Table 3. Permeability values for VFP and HFP 

cases, and their uncertainties based on Eq. 3 and 5. 

Permeability, 𝑲 (𝝁𝒎𝟐) 

Ethanol 

FP VFP [37] HFP 

1001 FP 1.42 ± 0.03 2.26 ± 0.08 

1004 FP 4.86 ± 0.13 6.87 ± 0.03 

1005 FP 0.66 ± 0.05 1.23 ± 0.04 

Data shows that permeability is consistently higher 

for HFP cases compared to the VFP, for all the three 

cases, suggesting the orientation to affect the fluid 

flow considerably.  

 

Figure 9 [Colour online] Schematic of the control 

volume in the steady state for the wet zone. SEB 

simplifies to energy balance terms between the 

surface and ambient, primarily through 

conduction, convection, and radiation. 

Another critical factor influencing the wicking 

process is the evaporation rate, which plays a vital 

role in evaporating systems. We consider the wet 

zone (see Figure 9) as the control volume (CV) in 

the steady state and calculate the average 

evaporation rate,  𝑚̇𝑒 ,  using the surface energy 

budget (SEB) [44], [45], [46]. Rampally and Kumar 

[37] used SEB to calculate the average evaporated 

mass loss. In the steady state, the SEB is,  

𝐼𝑔𝑎𝑖𝑛 =  𝐼𝑙𝑜𝑠𝑠 ⇒  𝐼𝑐𝑜𝑛𝑑 + 𝐼𝑐𝑜𝑛𝑣 + 𝐼𝑟𝑎𝑑 = 𝐼𝑙𝑎𝑡  (6) 

where, 𝐼𝑔𝑎𝑖𝑛 and 𝐼𝑙𝑜𝑠𝑠 are the heat fluxes received 

in the CV and lost by the CV, respectively. 𝐼𝑙𝑎𝑡, 

𝐼𝑐𝑜𝑛𝑑, 𝐼𝑐𝑜𝑛𝑣, and 𝐼𝑟𝑎𝑑 are the latent heat loss term 

due to evaporation from the FP, the heat conducted 

from the condensed water surface to wet zone, 

convective heat gain from the ambient, and net 

radiative heat gain from the ambient, respectively. 

The terms are expressed in 𝑊𝑚−2. Eq. (6) can be 

finally written as, 
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𝑚̅̇𝑒 =  

𝑘𝐿(𝑇𝐿−𝑉−𝑇̅𝑠)
𝐿𝑐
2

 + ℎ̅(𝑇∞−𝑇̅𝑠) + 𝜎𝑠𝜖(𝑇∞
4 −𝑇̅𝑠

4)

ℎ𝑓𝑔
        (7) 

where, the average convective heat transfer 

coefficient ℎ̅ is determined using a suitable 

Nusselt-Rayleigh (Nu-Ra) correlation for natural 

convection in horizontal configurations with both 

sides exposed. One such correlation proposed by 

Churchill and Chu [47] in case of the horizontal 

plates is, 

 𝑁𝑢̅̅ ̅̅ =  0.96 +  (𝑅𝑎𝐿𝑐
)

1
6⁄

;  𝑅𝑎𝐿𝑐
 ≤  103      (8) 

Rayleigh number is defined as  𝑅𝑎𝐿𝑐
=  

𝑔∆𝜌𝐿3

𝜌̅𝜈𝛼
 

[48] . 𝑅𝑎𝐿𝑐
 is determined by considering the 

overall change in density of the vapor phase, 

which is influenced by both the temperature and 

concentration differences between the evaporated 

vapors on a wet surface and the ambient, 𝑔 is the 

gravitational acceleration, 𝜈  and 𝛼  are the 

momentum and thermal diffusivities of air, 

respectively, and ∆𝜌 =  𝜌𝑠−𝜌∞ . The density of 

ambient air is calculated using 𝜌∞ =  
𝑝 𝑚

𝑘𝐵 𝑇
, where 

p is absolute pressure (Pa) calculated at the 

elevated location of 327 meters (for Jammu, 

India), m is the molecular mass of dry air (~ 4.81 

× 10-26kg), kB is the Boltzmann constant ( ~ 

1.380649 × 10-23 J/K), and T is the absolute 

ambient temperature (K). The liquid-vapor 

mixture density is calculated using the correlation 

𝑙𝑛(𝜌𝑣,𝑙) =  𝛼0 + 𝛼1𝑇̅𝑠 +  𝛼2𝑇̅𝑠
2

+ 𝛼3𝑇̅𝑠
3

+  𝛼4𝑇̅𝑠
4

+ 𝛼5𝑇̅𝑠
5
 

[49], where 𝑇̅𝑠  is surface temperature (˚C) and 

air/vapor mixture densities at the liquid surface 

is, 𝜌𝑠 =  𝜌𝑣,𝑙 +  𝜌∞.  

With the measured average surface temperature of 

the wet zone and the ambient surface temperature, 

𝑅𝑎𝐿𝑐  is calculated, which in turn yields 𝑁𝑢̅̅ ̅̅  from 

Eq. (8). Note that the experimental 𝐿𝑐 value was 

used in the steady state for this purpose. The 

obtained 𝑁𝑢̅̅ ̅̅  of the wet zone gives us ℎ̅, which is 

then used in Eq. (7) to estimate 𝑚̅̇𝑒. 

Table 4. Comparison of calculated evaporation 

rates using SEB (Eq. 7) for both VFP and HFP. 

The average evaporation rates, 𝑚̅̇𝑒 for both the 

VFP and HFP configurations are relatively close 

in magnitude for all the FPs (1001, 1004, and 

1005). This suggests that the rate of evaporation is 

indeed determined as per the atmospheric demand 

and is weakly dependent either on the paper type 

or on the orientation. 

5. Theoretical Framework: 

Rampally and Kumar [37] developed an analytical 

framework (extension of the CEM [28]) for 

predicting the height of the wicking front in 

vertical systems with non-constant evaporation 

rate varying along the papers’ height. The local 

evaporation rate (𝑚̇e) was assumed to be a power 

function of ‘𝑧’  only (not to vary across the FP 

width). In this study, we extended NCEM for 

horizontal systems by considering no gravity 

(𝑔 = 0) with two models as follows, 

 

Figure 10. [Colour online] Integral and 

differential Mass Balance of the FP, showing the 

total mass inflow 𝑴̇(𝒛 = 𝟎)  comprising mass 

flow for liquid front movement 𝑴̇𝒉̇ and total 

evaporation mass flow 𝑴̇𝒆. 

𝑚̇𝑒 = 𝑎0 (
𝑧

ℎ
)

+𝜆
  ;          [ +𝜆 model ]                  (9) 

𝑚̇𝑒 = 𝑎1 (1 −
𝑧

ℎ
)

−𝜆
 ;   [ −𝜆 model ]               (10)                                                                                    

where, 𝜆 is a fitting parameter that quantifies the 

non-uniformity of the evaporation flux, 𝑎0 and 𝑎1 

are the corresponding proportionality constants. 

Note that 𝜆 = 0 in Eq. (9) returns to the CE model. 

To find the proportionality constant, say for ‘𝑎0’ 

in Eq. (9), we integrate the local evaporative mass 

loss 𝑑𝑀̇(𝑒), from an elemental FP strip of total 

perimeter 2(𝑊 + 𝑡𝑝), see Figure 10, and length 

‘𝑑𝑧’  from 0 to h, 

∫ 𝑑𝑀̇(𝑒)
ℎ

0
=  ∫ −2𝑚̇𝑒(𝑊 + 𝑡𝑝)𝑑𝑧 

ℎ

0
              (11)                                                                              

Total evaporative mass flow from the entire FP is,  

𝑀̇(𝑒) = −2𝑚̅̇𝑒ℎ(𝑊 + 𝑡𝑝)          (12) 

where, 𝑚̅̇𝑒  is the length-averaged evaporation 

rate, and is related to ‘𝑎0’ by, 

Filter 

Paper 

Grade 

𝒎̅̇𝒆(𝒌𝒈 𝒎−𝟐 𝒔−𝟏) 

[ VFP ]  [37] 
𝒎̅̇𝒆(𝒌𝒈 𝒎−𝟐 𝒔−𝟏) 

[ HFP ] 

1001 2.67 ×10-04 2.52 × 10-04 

1004 2.23 × 10-04 2.43 × 10-04 

1005 2.67 × 10-04 2.70 × 10-04 
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m̅̇e =  
a0

(1+λ)
            (13) 

From Eq. (13) and Eq. (9), we get  

𝑚̇𝑒 = 𝑚̅̇𝑒(1 + 𝜆) (
𝑧

ℎ
)

𝜆
                        (14) 

The overall mass inflow at  𝑧 = 0 , denoted 

as 𝑀̇(𝑧 = 0), can be separated into two parts: (i) 

the mass flow required to sustain the movement of 

the liquid front, 𝑀̇ℎ̇ and (ii) the total mass loss due 

to evaporation, 𝑀̇𝑒. 𝑀̇ℎ̇ is given by, 

𝑀̇ℎ̇ = (
𝑑ℎ

𝑑𝑡
) 𝜌𝑙𝑊𝑡𝑝∅                  (15) 

The differential mass balance (see Figure 10) can 

be expressed as, 

𝑑𝑀̇(𝑧) = 𝑀̇(𝑧 + 𝑑𝑧) − 𝑀̇(𝑧) = −2𝑚̇𝑒(𝑊 + 𝑡𝑝)𝑑𝑧    (16) 

When integrating and using the boundary 

condition that the total mass inflow at 𝑧 =  0 

must be equal to 𝑀̇ℎ̇ + 𝑀̇𝑒, one obtains, 

𝑀̇(𝑧) = 𝑀̇ℎ̇ + 2𝑚̅̇𝑒(𝑊 + 𝑡𝑝) (1 −
𝑧𝜆+1

ℎ𝜆+1) ℎ    (17) 

The local mass flow Ṁ(z) can be represented as a 

function of the flow velocity, which is used to 

calculate the viscous pressure loss. Additionally, 

the flow velocity within the filter paper (FP) can 

be broken down into two separate components. 

The first component corresponds to the velocity of 

the liquid front, represented by  
𝑑ℎ

𝑑𝑡
. And, the 

second component is to replenish the lost liquid 

mass via evaporation, often termed refill velocity, 

𝑣𝑟. It is evident that at 𝑧 =  0, the velocity of the 

refill reaches its maximum value. 

𝑣𝑟,0 =
𝑀̇𝑒

𝜌𝑙𝐴𝑏
=

2𝑚̅̇𝑒ℎ(𝑊+𝑡𝑝)

𝜌𝑙𝑊𝑡𝑝∅
                   (18) 

Evaporation rate varies with height and the refill 

velocity becomes, 

𝑣𝑟(𝑧) = 𝑣𝑟,0 [1 − (
𝑧

ℎ
)

𝜆+1
]                  (19) 

It can be seen that 𝑣𝑟 becomes zero at 𝑧 = ℎ (for 

positive 𝜆). In the horizontal systems, the surface 

tension pulls water along the solid surface while 

the evaporation and viscous forces act against this 

pull. The entire process is a competition of these 

forces leading to the dynamic motion of the liquid 

front eventually attaining an equilibrium condition 

given as, 

𝑝𝑐 = 𝑝ℎ̇ + 𝑝𝑟                                (20) 

Where the individual terms refer to,  

Capillary pressure, 𝑝𝑐 =
2𝜎 𝑐𝑜𝑠 𝜃

𝑅𝑐
  

Viscous pressure loss due to 
𝑑ℎ

𝑑𝑡
, 𝑝ℎ̇  

Viscous pressure loss due to 𝑣𝑟(𝑧), 𝑝𝑟 

Viscous pressure loss can be calculated as, 

 𝑝ℎ̇ = (
∅

𝐾
𝜇) ∫ ℎ̇

ℎ

0
𝑑𝑧 =

∅

𝐾
𝜇ℎ

𝑑ℎ

𝑑𝑡
                          (21) 

𝑝𝑟 =
∅

𝐾
𝜇 ∫ 𝑣𝑟(𝑧)

ℎ

0
𝑑𝑧 =

∅

𝐾
𝜇𝑣𝑟,0ℎ (

𝜆+1

𝜆+2
)                   

[ +𝜆 model ]              (22a) 

𝑝𝑟 =
∅

𝐾
𝜇 ∫ 𝑣𝑟(𝑧)

ℎ

0
𝑑𝑧 =

∅

𝐾
𝜇𝑣𝑟,0ℎ (

1

2−𝜆
)          

[ −𝜆 model ]             (22b) 

All these terms are substituted in Eq. (20) to get, 

2𝜎 𝑐𝑜𝑠 𝜃

𝑅
=

∅

𝐾
𝜇ℎ

𝑑ℎ

𝑑𝑡
+

∅

𝐾
𝜇 [

2𝑚̅̇𝑒(𝑊 + 𝑡𝑝)

𝜌𝑙𝑊𝑡𝑝∅
] (

𝜆 + 1

𝜆 + 2
) ℎ2 ; 

      [ +𝜆 model ]                                             (23a)   

2𝜎 𝑐𝑜𝑠 𝜃

𝑅𝑐
=

∅

𝐾
𝜇ℎ

𝑑ℎ

𝑑𝑡
+

∅

𝐾
𝜇 [

2𝑚̅̇𝑒(𝑊 + 𝑡𝑝)

𝜌𝑙𝑊𝑡𝑝∅
] (

1

2 − 𝜆
) ℎ2  ; 

               [ −𝜆 model ]                                               (23b)     

This can be further simplified as, 

𝑎

ℎ
=

𝑑ℎ

𝑑𝑡
+ 𝑐ℎ                                                     (24)                                                                                           

where, 𝑎 and 𝑐 are written as, 

𝑎 =
2𝜎 𝑐𝑜𝑠 𝜃

∅𝜇
(

𝐾

𝑅
)                                                    (25)   

𝑐 =
2𝑚̅̇𝑒(𝑊+𝑡𝑝)

𝜌𝑙𝑊𝑡𝑝∅
(

𝜆+1

𝜆+2
); [ +𝜆 model ]        (26a) 

 𝑐 =
2𝑚̅̇𝑒(𝑊+𝑡𝑝)

𝜌𝑙𝑊𝑡𝑝∅
(

1

2−𝜆
); [ −𝜆 model ]       (26b) 

 Eq. (24) can be rewritten as, 

∫
ℎ

−𝑐ℎ2+𝑎
𝑑ℎ = ∫ 1𝑑𝑡                       (27)                                         

With the boundary condition of 𝑧 =  0 at 𝑡 =  0, 

the solution to Eq. (24) is given in the form of ℎ(𝑡)  

ℎ = √
𝑎

𝑐
(1 − 𝑒−2𝑐𝑡)           (28)  

Eq. (28) is the solution using the Non-Constant 

Evaporation Model (NCEM) for horizontal 

orientation (𝑔 = 0). 

Now, we compare the outcomes from the current 

NCE model with that of the CE model for the 

experimental data in 1001FP, 1004FP, and 

1005FP cases for horizontal (as well as vertical 

[37]) configurations. Figure 11 shows a 

comparison of VFP cases with HFP for all the 

cases; the CE model overestimated the 

experimentally observed ℎ − 𝑡 curves. 
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Figure 11. [Colour online] Comparison of the 

NCE and CE models with experimental data for 

(a) 1001FP, (b) 1004FP, and (c) 1005FP cases, 

showing the CE model overestimates while the 

NCE model agrees well with the experimental data 

when +𝝀 =  𝟔 , −𝝀 =  𝟎. 𝟗𝟗 across all FP cases. 

The predicted uptake curve has a similar shape as 

the experimental curve, with a maximum 

deviation of ~ ± 8% at the end of the experiment. 

However, the proposed NCE model agrees 

reasonably well for 1001FP and 1005FP with the 

experiments when 𝜆 = 6  for +𝜆  model and 𝜆 =
0.99 for – 𝜆 models in all the three cases studied 

here. Interestingly, these 𝜆 values are observed to 

be consistent across the three cases.  

6. Time scales & Dimensional analysis 

We have defined two dimensionless numbers 

previously [37] using the concept that the interplay 

is between the mass gain term (driven by surface 

tension) and the mass loss term (evaporation rate). 

This interplay yielded Evaporation Time Number 

(ETN) and Evaporation Height Number (EHN). 

These are given as, 

EHN = ℎ√
𝑐

𝑎
= ℎ √

𝑚̅̇𝑒𝜇𝑅𝑐

𝜎𝜌𝑙𝐾𝑡𝑝
                      (37) 

ETN = 𝑐𝑡 =
𝑡 𝑚̅̇𝑒

𝜌𝑙𝑡𝑝
            (38) 

Note that ETN excludes the effect of the viscous 

and gravitational forces both while EHN excludes 

only the latter. 

 
Figure 12. [Colour online] Variation of EHN 

versus ETN, indicating ETN as a potentially more 

suitable time scale in cases dominated by 

evaporation, with EHN values converging to ~𝟏 

in the steady state. 

Figure 12 shows the variation of EHN versus 

ETN. These new numbers seem to collapse all 

three curves into a single master curve, thereby 

indicating the utility of these scales in such a 

system. Note that we used the average evaporation 

rate in the steady state for scaling; however, the 

temporal values of evaporation can also be used. 

Further, EHN-ETN curve also collapsed the 

completely different ℎ − 𝑡  curves in the vertical 

cases as well [37]. 

(a) 

(b) 

(c) 
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7. Conclusions 

We report findings from the investigation of the 

process of wicking liquid ethanol on horizontal 

thin rectangular filter papers exposed on both 

sides. The experiments were accordingly designed 

and were conducted under the controlled 

laboratory conditions on three different filter 

papers (FPs). The aim was to understand the 

importance of evaporation on the liquid 

penetration dynamics in horizontal configurations. 

Two diagnostic tools were used simultaneously: 

optical and thermal imaging. 

As the liquid spreads across the horizontally 

oriented FPs, the wicking liquid front eventually 

reaches a finite steady-state position, marked 

by 𝐿𝑐 . Possibly, without evaporation, the liquid 

front would reach infinity. Our findings indicate 

that evaporative mass loss plays a dominant role 

in limiting the liquid's spread, rather than capillary 

and viscous effects, which are usually considered 

in conventional wicking systems. The 𝐿𝑐  values 

for the HFP are higher than the VFP cases 

indicating that the gravitational forces are non-

negligible in the latter. 

In this study, we adopted the Non-Constant 

Evaporation Model (NCEM) proposed by 

Rampally and Kumar [37], which assumes a 

power-law variation of the local evaporation rate. 

Here, we use NCEM by neglecting the 

gravitational effects ( 𝑔 = 0 ). The permeability 

values were obtained by ℎ2 − 𝑡  experimental 

curve in the initial ~15 seconds where its slope 

yields a ratio 𝐾/𝑅 ; the choice of 𝑅  is not of 

importance here and we chose to use 𝑅 = 𝑅𝑐 

where 𝑅𝑐  were obtained for the three FPs in the 

vertical cases [37]. The Surface Energy Budget 

(SEB) equation was used to express the local 

evaporation rate as a function of the measured 

temperature, and this was integrated into the 

momentum equation to model the evolution of 

height versus time, ℎ(𝑡) in the modified NCEM. 

The resulting model provided a close match with 

the experimental data (within ±8%). 

A key observation was the successful application 

of the non-dimensional numbers proposed by 

Rampally and Kumar [37]. When using ETH and 

ETN, we found an agreeable collapse of data 

across different experimental conditions. This 

indicates that these numbers effectively describe 

the wicking process in the presence of 

evaporation. 
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Abstract 
A flat-type loop heat pipe was designed to sustain power loads within the kilowatt scale for the use of waste heat 

recovery. The loop heat pipe used a stainless steel wick with a pore radius of 1.0 microns and a box-type wick design 

to reduce the pressure loss within the wick with water as the working fluid. Experimental testing was performed with 

the evaporator in an upright and flat orientation, with the condenser placed above the evaporator with a height 

difference of 0.3 m. For the experimental testing, passive cooling was used for the condenser. The loop heat pipe was 

able to sustain a 10 kW power load with the upright orientation and 8.5 kW with the flat orientation. The lowest 

thermal resistance value between the evaporator and the condenser was around 0.008 ℃/W for the upright orientation 

and 0.009 ℃/W for the flat orientation. To predict the performance of both orientations for the loop heat pipe a 

numerical model was developed. The average temperature difference between the numerical and experimental results 

was 10.2 ℃ for the upright orientation and 9.5 ℃  for the flat orientation.  

Keywords: Loop heat pipe; Kilowatt power load; Numerical model; Waste heat recovery

1. Introduction

Due to the yearly increase in global emissions, 

improving the efficiency of certain applications can 

lead to a reduction in emissions. Industrial 

processing (IP) and internal combustion engines 

(ICEs)  are a few examples of uses that could benefit 

from improving efficiencies through waste heat 

recovery [1-3]. A loop heat pipe (LHP) is a heat

transfer device that can handle power loads found in 

these uses while providing waste heat recovery 

without using any additional energy. 

An LHP consists of an evaporator, grooves, wick, 

vapor line (VL), condenser, liquid line (LL), and 

compensation chamber (CC). When heat is applied 

to the evaporator, the working fluid on the outer 

layer of the wick will heat up and turn to vapor. This 

vapor enters the grooves and moves to the VL and 

the condenser. In the condenser, the vapor will be 

cooled and will turn back to liquid while moving to 

the LL and then returning to the CC. The wick 

separates the CC and the evaporator, and the wick 

also draws the working fluid back to the outer layer 

of the wick to sustain the loop through capillary 

pressure. There are many uses for ICEs and IP that 

have power loads within the kW scale, and waste 

heat recovery can be used to help improve the 

overall efficiency.  

Previous research on kW-class LHPs has been 

performed, but the research is still limited overall. 

The most recent work regarding kW-class LHPs 

includes research by Aono et al., which was 

performed with a flat-type LHP that was able to 

sustain a power load of up to 6.2 kW with a working 

fluid of water and a stainless steel wick that had a 

1.2 µm pore radius [4]. More recent research

performed by Wang et al. used a cylindrical-type 

LHP using an ammonia and nickel combination for 

working fluid and wick structure, which had a pore 

radius of 0.53 µm and sustained a power load of 

1.03 kW [5]. Improving the maximum power load

capabilities will increase the range of available uses 

for waste heat recovery. 

A flat-type LHP was designed for higher power 

loads for the application of waste heat recovery. The 

wick was made of stainless steel and had a box-type 

design, and the condenser was cooled with passive 

cooling. Additionally, a numerical model was 

designed to estimate the temperatures and analyze 

the pressure loss throughout the LHP. Designing 

kW-class LHP helps expand the potential uses of 

waste heat recovery, leading to a reduction of 

emissions in uses such as IP and ICEs. 

2.0.   Experimental setup and testing 

All of the dimensions for the LHP components 

can be found in Table 1, and the setup for the 

experiments and the wick can be seen in Figure 1. 

The wick was made of stainless steel, and its cores 

were used to help reduce pressure loss throughout 

the wick. The cores help lower the pressure loss 

because the flow path of the working fluid is 

reduced, and the length from the wick surface to the 

outside of the core is shorter than a wick without 

cores. Lastly, water was selected as the working 

fluid for the LHP because of the high heat of 

vaporization, boiling point, and low vapor pressure, 

which match well with the application of waste heat 
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recovery. 
 

Table 1. Dimension and properties of the LHP. 

Section Variable Values  

Wick Pore size (µm) 2.0 

 Porosity 0.4 

 Permeability (m2) 2.6 x 10-14 

 Number of cores 6 

 Core diameter (mm) 18 

 
Overall (W/H/L) 

(mm)  
143/22/145 

Evaporator 
Overall (W/H/L)  

(mm)  
153/ 32/ 183 

Grooves 
Overall (W/H/L) 

(mm)  
1.0/ 2.0/ 135 

 Number of grooves 164 

VL 
Tube OD/ ID / L 

(mm) 

19.1/ 16.6 / 

2500 

Condenser 
Tube OD/ ID / L 

(mm) 

12.7/ 10.7 /  

5000 

LL 
Tube OD / ID / L 

(mm) 

9.53/ 7.75 / 

2200 

CC 
Overall  (W/H/L)  

(mm) 
105/ 135/ 160  

Heater 

blocks 

Overall (mm) 

(W/H/L) 
143/ 16/ 115 

Water Volume (cm3) 3300 
 

2.1.   Experimental testing  

The VL, evaporator, CC, heater blocks, and LL 

were insulated during the testing, and the 

temperature of each section was measured using a 

total of 46 thermocouples. The thermocouple 

locations of each component can be seen in Figure 

1, with Figure 1a showing the placement of the 

thermocouples for both the VL and LL, Figure 1b 

showing the locations for the condenser, and Figure 

1c showing the CC and evaporator locations. For 

both experimental tests, the condenser was cooled 

using passive cooling, and the evaporator was 

located below the condenser by about 0.3 m. The 

upright orientation and flat orientation were both 

used for experimental testing, which can be seen in 

Figure 2. The gravity assist also helps performance 

because the height difference reduces pressure loss 

due to the hydrostatic pressure gain from the 

condenser being located above the evaporator. Step-

up tests were performed with 0.5 kW steps and 

passive cooling, with water as the coolant. The 

experimental test was limited by the thermal paste 

as the damage occurs at the temperature of 320 ℃ 

or when the pressure of the CC reaches 0.6 MPa. 

The temperature, power, voltage, and time were 

recorded every 5 seconds using a data acquisition 

system for each test. Upon comprehending the 

experimental setup, the results of the experimental 

test will be discussed next. 

 

 

 

Figure 1. (a) A picture of the LHP with the 

thermocouple positions for the LL and VL and the 

dimensions of the box-type wick shown. (b) A 

photo of the condenser with the thermocouple 

positions is shown. (c) The CC and the evaporator 

are rendered in a 3D model with the positions of 

the thermocouples shown in the upright 

orientation. 
 

 
Figure 2. (a) A picture of the evaporator in the 

upright orientation. (b) A picture of the evaporator 

in the flat orientation. 
 

2.2  Experimental results 

Figures 3a and 3b show the results for upright 

and flat orientations, respectively. The results 

included temperature locations for the CC, 

evaporator, heater block, VL inlet, condenser inlet, 

LL inlet, and LL outlet. The highest power load 

achieved for the upright orientation was 10 kW, 

while for the flat orientation, the highest power 

load was 8.5 kW.  
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Figure 3. Experimental results for the temperature 

over time for the upright orientation. (b) 

Experimental results for the temperature over time 

for the flat orientation. 
 

For the experimental testing, the upright 

orientation was stopped due to the maximum 

temperature being reached, and the flat orientation 

was stopped due to the pressure limit. The 

temperatures were similar between the two 

orientations for the lower power loads, but began 

to separate at higher power loads as the flat 

orientation began to become higher in temperature 

in most locations. This increase in temperature 

could be caused by the vapor layer that would 

form in the flat orientation, as the vapor in the core 

would become difficult to remove compared to the 

upright orientation. The thermal resistance 

between the heat source and the heat sink and the 

evaporative heat transfer coefficient can help 

demonstrate the efficiency of the LHP.   

The thermal resistance calculation can be seen 

in Eq. 1: 

 

𝑅𝐸𝑣𝑎𝑝−𝐶𝑜𝑛𝑑 =
𝑇𝐸𝑣𝑎𝑝,𝑀𝑎𝑥−𝑇𝐶𝑜𝑛𝑑,𝑀𝑖𝑛

𝑄𝐿𝑜𝑎𝑑
             (1) 

 

where the REvap-Cond is the thermal resistance 

between the heat source and heat sink, QLoad 

denotes the power load, TEvap,Max refers to the 

maximum evaporator temperature, and TCond,Min 

stands for the minimum condenser temperature. 

Based on previous research performed by 

Chernysheva and Maydanik, using the maximum 

temperature for the evaporator and minimum 

temperature for the condenser was found to be 

better for comparison for the thermal resistance [6]. 

The evaporative heat transfer coefficient was 

calculated using the average evaporator 

temperature, which can be seen in Eq. (2): 
 

ℎ𝐸 =
 𝑄𝐿𝑜𝑎𝑑

(𝑇𝐸𝑣𝑎𝑝−𝑇𝑉𝐿)𝐴
                    (2) 

 

where TVL denotes the VL temperature, A stands 

for the area, TEvap denotes the average evaporator 

temperature, and hE signifies the evaporative heat 

transfer coefficient. The values for the thermal 

resistance and evaporative heat transfer 

coefficient for the upright and flat orientations can 

be seen in Figure 4 and Figure 5. 

The values for the thermal resistance were 

lower for most power loads for the upright 

orientation compared to the flat orientation. The 

lowest value achieved for the upright orientation 

and flat orientation was about 0.008 ℃/W for the 

upright orientation and about 0.009 ℃/W for the 

flat orientation. For the evaporative heat transfer 

coefficient using the average temperature, the 

highest value was achieved at 4.5 kW with a value 

of about 92 kW/m2/K for the upright orientation 

compared to the highest value for the flat 

orientation, which was at 2.5 kW with a value of 

about 80 kW/m2/K. This difference shows that the 

orientation change affected the peak heat transfer 

coefficient as the peak occurred earlier in the flat 

orientation. Also, as expected, the heat transfer 

coefficient was higher in the upright orientation, 

but at the higher power loads, the heat transfer 

coefficient for the flat orientation was higher even 

though the temperatures were hotter than the 

upright orientation values. One reason for this 

difference could be that the connection quality was 

better for the flat evaporator. In a previous 

experimental test in the flat orientation, the heat 

transfer coefficient had a similar drop-off in the 

value at the higher power loads, but the results of 

the most recent test did not have the same issue 

and even performed better than the upright 

orientation at the higher power loads. On average, 
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the heat transfer coefficient values were higher, 

and the thermal resistance values were lower for 

the upright orientation, suggesting that the upright 

orientation is better for operational performance. 

The upright orientation is ideal for performance 

compared to the flat orientation due to the vapor 

forming at the top of the core of the wick. The 

upright orientation allows any vapor that forms 

within the cores to escape to the CC due to 

buoyancy, which could not happen in the flat 

orientation. The upright orientation results could 

be further improved in the future using similar 

improvements made to the flat orientation for a 

better connection between the heater and the 

evaporator.  
 

 
Figure 4. Thermal resistance values between the 

heat source and the heat sink at different power 

loads.  
 

 
Figure 5. Evaporative heat transfer coefficient 

values for both orientations. 
 

3. Numerical model 

A steady-state numerical model was designed to 

predict the temperature performance and analyze 

the pressure loss throughout the LHP. The method 

used for modeling the LHP was inspired by a 

previous model developed by Jazebizadeh and 

Kaya [7].  
3.1.   Evaporator 

The heat load for the model was broken into a few 

components, which can be seen in Eq. (3): 
 

𝑄̇𝐿𝑜𝑎𝑑 = 𝑄̇𝐴𝑚𝑏 + 𝑄̇𝐸 + 𝑄̇𝑆 + 𝑄̇𝐻𝐿               (3) 
 

where 𝑄̇  denotes the heat transfer rate, subscript, 

Amb subscript stands for the ambient, E subscript 

signifies the evaporation, S subscript denotes the 

superheated, and HL subscript stands for the heat 

leak. The approach had to be updated for a flat-type 

evaporator, and the conduction through the walls of 

the evaporator case to the CC needed to be added 

since flat-type evaporators have thicker walls 

compared to cylindrical evaporators. The updated 

equation for the evaporator for a flat-type 

evaporator and the considered heat leak from the 

axial conduction can be seen in Eq. (4): 
 

𝑄̇𝐻𝐿 =
1

𝑅𝐻𝐵_𝐶𝐶
∆𝑇𝐻𝐵_𝐶𝐶 +

𝑘𝑒𝑓𝑓𝐴𝑤𝑖𝑐𝑘

𝐿𝑤𝑖𝑐𝑘
∆𝑇𝑖𝑛𝑡_𝐶𝐶     (4) 

 

where the ΔTHB_CC stands for the temperature 

difference between the heater blocks and CC, 

ΔTint_CC  denotes the temperature difference between 

the surface interface of the wick and the CC, keff 

refers to the effective thermal conductivity,  L 

signifies the length, RHB_CC stands for the thermal 

resistance between the heat block and the CC, and 

the subscript wick signifies the wick.  

3.2.  Pressure loss 

An approach for handling the pressure loss for a 

box-type wick was used to account for the effect of 

the flow path of the liquid from the core to the 

surface, which can be seen in Eq. (5)-(7): 
 

𝑃𝑤𝑖𝑐𝑘 =
𝑚̇𝜇𝑡𝑒𝑓𝑓

𝑊𝑤𝑖𝑐𝑘𝐿𝑤𝑖𝑐𝑘𝐾𝜌
                   (5) 

 

𝑡𝑒𝑓𝑓 =
∑ 𝑡𝑖

𝑁
                       (6) 

 

𝑡𝑖 = √𝑥𝑖
2 + 𝑦𝑖

2 − 𝑟𝑐                  (7) 
 

where Pwick denotes the pressure loss within the wick, 

𝑚̇  stands for the mass flow rate, t signifies the 

thickness, w denotes the width, K signifies the 

permeability, rc stands for the radius of the core and 

ρ denotes the density. Also, N signifies the number 

of nodes, x denotes the distance in the x-direction, y 

stands for the distance in the y-directions, i subscript 

denotes that value for an individual node. A 

breakdown of how the equations are applied to the 

wick can be seen in Figure 6. Determining the 
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pressure loss is important due to the capillary limit 

within an LHP. The capillary limit is determined 

using properties which can be seen in Eq. (8): 
 

𝑃𝑐𝑎𝑝 =
2𝜎𝑐𝑜𝑠𝜃

𝑟𝑝𝑜𝑟𝑒
                              (8) 

 

where Pcap stands for the capillary pressure, σ 

represents the surface tension, rpore refers to the pore 

radius, and θ denotes the contact angle. The total 

pressure loss has to be less than the capillary 

pressure. The total pressure loss can be seen in Eq 

(9): 
 

𝑃𝑡𝑜𝑡𝑎𝑙 = 𝑃𝑤𝑖𝑐𝑘 + 𝑃𝑔𝑟 + 𝑃𝑇𝐿 + 𝑃𝐺    (9) 
 

where the subscript total stands for all of the 

pressure loss/gains of the entire LHP, gr subscript 

denotes the grooves, TL signifies the transport lines 

(VL, condenser, and LL), and G stands for gravity. 

The condition for the pressure loss can be seen in Eq. 

(10): 
 

𝑃𝑡𝑜𝑡𝑎𝑙 < 𝑃𝑐𝑎𝑝                            (10) 
 

The pressure loss had to be determined for every 

testing condition to ensure the capillary limit was 

not reached. 
 

 
Figure 6. A 3D model of the CC and the 

evaporator showing two cuts for section AA and 

section BB. (b) Shows the internal structure of the 

LHP along the AA cut section. (c) The internal 

section of the evaporator with the wick and the 

grooves where the blue represents the working 

fluid. (d) The component breakdown for the 

effective wick thickness calculation.  

3.3.  Transportation lines 

Temperature-dependent correlations were used to 

simulate the cooling for the transport lines. For 

passive cooling, two types of cooling were used: 

unsaturated and saturated boiling. Unsaturated 

cooling heat transfer coefficients were determined 

numerically to be 1 kW/m2/K for the unsaturated 

cooling, and the saturated boiling cooling condition 

was determined using Eqs. (11)-(14) [8]: 
 

RaD =
𝑔𝛽(𝑇𝑠𝑓−𝑇𝐴𝑚𝑏)𝐷𝑜

3Pr

𝜈2           (11) 
 

Nu = {6.0 +
0.387Ra𝐷

1/6

[1+(0.559 𝑃𝑟⁄ )9 16⁄ ]
8 27⁄ }

2

     (12) 

 

 

𝑞 = 𝜇𝑙ℎ𝑓𝑔 [
𝑔(𝜌𝑙−𝜌𝑣)

𝜎
]

1 2⁄

(
𝐶𝑝(𝑇𝑠𝑓−𝑇𝑠𝑎𝑡)

𝐶𝑠𝑓ℎ𝑓𝑔Prl
n )

3

    (13) 
 

Nu =
ℎ𝐷

𝑘
                    (14) 

 

where RaD denotes the Rayleigh number, g signifies 

gravity, β is the coefficient of volume expansion,  D 

indicates the diameter of the pipe,  Pr is the Prandlt 

number, and ν is the kinematic viscosity. Also, Nu 

stands for the Nustel number, q is the heat flux, h 

represents the heat transfer coefficient, hfg represents 

the enthalpy of vaporization, CP denotes the specific 

heat,  Csf is an experimental constant based on the 

surface and fluid combination, n is an experimental 

constant based on the cooling fluid. Lastly, for 

subscripts, sf indicates the surface, o refers to the 

outside of the pipe, sat denotes saturated, l signifies 

liquid, and v indicates vapor. Before the numerical 

results were conducted, a sensitivity analysis was 

performed to ensure that the control volume size did 

not have an effect on the numerical results. Several 

control volume sizes were tested, and it was noticed 

that after increasing the number of control volumes 

from 150 to just under 300, the change in the CC 

temperature was less than 0.2 ℃. With the small 

temperature changes based on the number of control 

volumes, a total of 150 volumes was used for 

numerical testing to help reduce calculation time. 

The lengths of each control volume for each section 

of the LHP are shown in Table 2. A comparison of 

the experimental results and the results from the 

model can be done to understand the accuracy of the 

numerical model.  
 

Table 2. Length of control volumes for the model.  

Section Length (mm) # of volumes  

Grooves 12.3 11 

VL 59.6 42 

Condenser 63.7 80 

LL 128 17 
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4. Results 

The steady-state temperatures for the passive 

cooling experimental test compared with the 

model's results can be seen in Figure 7a for the 

upright orientation and Figure 7b for the flat 

orientation. The numerical model matched well 

with the experimental results, with the average 

temperature difference being 10.2 ℃ for the 

upright orientation and 9.5 ℃ for the flat 

orientation. The best-matched and worst-match 

components for both orientations were the same, 

as the CC was the best matched with a temperature 

difference of 7.3 ℃ for the upright orientation and 

4.5 ℃ for the flat orientation. The worst-matched 

component was the evaporator, which had a 

temperature difference of 16.3 ℃ for the upright 

orientation and 14.1 ℃ for the flat orientation. 
  

 

Figure 7. Model results vs. the steady-state 

temperatures for the upright orientation. (b) Model 

results vs. the steady-state temperatures for the flat 

orientation.  
 

For the model, it seems that the model 

overpredicted the temperatures for the upright 

orientation; therefore, the benefit of the pressure 

gain and better fluid flow within the evaporator 

from the upright orientation was underpredicted. 

The flat orientation tended to underpredict the 

temperature, and this was most likely due to the 

vapor layer not being able to be simulated within 

the evaporator. This vapor layer would reduce 

performance, leading to higher temperatures, 

which was not accounted for within the model.    

 

5. Conclusion 

The LHP was able to handle power loads up to 10 

kW with the upright orientation and 8.5 kW for the 

flat orientation. The lowest thermal resistance 

between the heat source and the heat sink was about 

0.008 ℃/W for the upright orientation and about 

0.009 ℃/W for the flat orientation. For the 

evaporative heat transfer coefficient, the highest 

value achieved was with the upright orientation, 

with a value of 92 kW/m2/K  and 80 kW/m2/K for 

the flat orientation. The numerical model was able 

to predict the performance well, with the average 

temperature error being 10.2 ℃ and 9.5 ℃ for all 

power loads and locations for the upright and flat 

orientations, respectively. The increase in 

maximum power load in the LHP can help expand 

the potential uses for waste heat recovery in uses 

such as ICEs and IP. 
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Abstract 
With the increasing integration of portable electronic devices and the reduction of the available space inside them, the 

heat flux generated by high-power components increases dramatically, causing great difficulties in the thermal 

management of electronic devices. High-performance heat dissipation devices, such as ultra-thin flat heat pipes and 

vapor chambers, have attracted much attention due to their suitability for confined spaces and high heat transfer 

performance. The evaporator, as a key component of these ultra-thin heat transfer devices, where the intense phase 

change heat transfer process takes place inside the device, has a decisive influence on its thermal performance. In this 

study, we simulated the capillary-driven evaporation process in a hierarchical micro pore-channel composite 

evaporator using a dual-scale numerical model, analyzed the effect of microporous diameter, and predicted the overall 

thermal performance of the evaporators. 

Keywords: Capillary-driven evaporation; Hierarchical microstructure evaporator; Numerical simulation; Heat

dissipation. 

1. Introduction

The effective thermal management of electronic 

components with ultra-high heat flux is crucial in 

advancing next-generation computation and 

communication technologies [1]. Conventional 

cooling technologies, such as air and liquid cooling, 

typically rely on highly complex equipment and 

external power supplies, and cannot solve the 

problem of heat dissipation in confined spaces [2]. 

Phase change heat transfer devices based on passive 

capillary wicking and thin-film evaporation 

processes, such as flat heat pipes and vapor 

chambers, have been widely researched and applied 

due to their better adaptability to this operating 

condition.  

The performance of these phase change heat 

transfer devices is significantly affected by the 

evaporator design where intense phase change heat 

transfer occurs. Proper microstructure design can 

enhance capillary flow and phase change heat 

transfer of the working liquid in the evaporator of 

these devices and ultimately ensure that these 

electronic devices operate stably within a 

predetermined temperature range. Due to its 

significance, numerous evaporators with micro/ 

nano features have been proposed to improve the 

capillary-driven liquid film evaporation process of 

the phase-change heat transfer devices. Early 

research focused on investigating the amorphous 

microstructure evaporators made from conventional 

porous materials such as sintered powder, mesh, and 

metal foam. Besides, several evaporators with 

multi-pore size or composite structures were also 

proposed and investigated. However, due to the lack 

of artificial control over the internal structure, 

quantitative optimization of these evaporators is 

difficult, limiting further enhancement of their 

thermal performance. In recent years, well-defined 

structures have attracted more attention in this field. 

In order to improve the thermal performance of the 

evaporators, research on the capillary flow and 

evaporation process in micropillar arrays was first 

conducted. On this basis, experimental and 

numerical investigations of micropillar array 

evaporators were also conducted, in which the 

micropillars have various cross-section shapes such 

as circular, elliptical, and rectangular. An optimal 

evaporator necessitates the simultaneous fulfillment 

of three fundamental criteria: high capillary pressure, 

permeability, and a high heat transfer coefficient. 

The aforementioned evaporators, comprising arrays 

of microstructures with a single cross-sectional 

shape, are typically unable to balance the 

paradoxical relationship between capillary pressure 

and permeability. Hierarchical microstructural 

evaporators, particularly those comprising micro 

channel-pore composite structures, are regarded as 

pioneering designs poised to integrate these 

advantageous characteristics. Nevertheless, despite 

the completion of several laboratory studies on 

hierarchical microstructural evaporators, the 

majority of these devices possess a heated area of 
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approximately 1 mm², which raises questions about 

their practical applicability at the device level.  

In order to explore the potential of hierarchical 

microstructured evaporators for high heat 

dissipation devices, we developed a micro-macro 

dual-scale model to predict their heat transfer 

performance numerically.  
 

2. Methodology 

In this study, the heat transfer performance of the 

hierarchical composite evaporator with different 

pore diameter and total length is numerically 

predicted using a dual scale model. As shown in 

Figure 1, the hierarchical composite evaporator 

consists of a layer of microporous film with 

uniformly distributed micropores, rectangular 

microchannels arranged periodically along the y-

axis, and a substrate. The capillary wicking and thin 

film evaporation characteristics of the evaporator 

are simulated sequentially at the cell and device 

levels. The micro-scale model is used to capture the 

interface shape dependent liquid flow and heat 

transfer characteristics in unit cells with different 

geometry and contact angle. And the macro-scale 

model is used to evaluate the overall thermal 

performance of the whole evaporator, including the 

dry-out heat flux and the effective heat transfer 

coefficient. The dual-scale model is solved 

numerically using rigorous grid-independent tests 

and is validated against two sets of heat transfer 

experiments on micropillar evaporators, which are 

widely used as benchmarks for validating relevant 

numerical models. 

 

Figure 1. (a)Front view, (b)right view, and (c) top 

view schematics of the microporous film-

microchannel composite evaporator. 

2.1. Microscale model 

Microscale simulations are performed in unit 

cells consisting of a minimal repetitive element of 

the composite microstructure and the liquid within 

it to investigate the effect of interface shape. For a 

unit cell with specific geometry, parametric studies 

of the interface shape have to be conducted first to 

build the liquid domains. Then, the microscale 

liquid flow and heat transfer simulations are 

conducted in the calculated liquid domain and 

predefined solid domain. Finally, the calculated 

permeability and heat transfer coefficient are 

constructed as functions of the interface shape and 

are passed to the macroscale models [3]. 

For a unit cell with specific geometry, the 

interface shape is a function of the local capillary 

pressure, which is the difference between liquid and 

vapor pressures. Gravity and inertia are ignored due 

to the small Bond number (𝐵𝑜 ≪ 1) and Weber 

number ( 𝑊𝑒 ≪ 1 ). Vapor pressure is assumed 

constant throughout the evaporator. Sufficient 

liquid supply allows the liquid to fill the 

microchannel and keep the interface pinned at the 

top of the hydrophilic micropore before dry-out. 

According to the Young-Laplace equation, the 

relationship between capillary pressure and local 

interface height (𝑓) is: 

∇ ∙ (
∇𝑓 − 1

√1 + |∇𝑓|2
) =

𝑝𝑐

𝜎
(1) 

where 𝜎 is the surface tension. Parametric studies 

were conducted to calculate the interface shape at 

different capillary pressures by solving Eq. (1). 

With the decrease of liquid pressure from the 

entrance to the center of the evaporators caused by 

the viscous liquid flow, the interface shape changes 

from flat to concave. When the contact angle 

decreases to the receding contact angle, the 

depinning of three phase line will lead to a localized 

dry-out phenomenon. The interface shape with 

contact angles ranging from 90° to 0 are calculated 

and used to build the liquid domains for micro scale 

liquid flow and heat transfer models. 

In the micro scale heat transfer model, conduction 

is considered the dominant heat transfer mode in the 

liquid domain, due to the small Peclet number 

(𝑃𝑒 ≪ 1). A quarter of the combination of both 

liquid and solid domains is used as the calculation 

domain. The governing equation of the heat transfer 

model is: 

∇ ∙ (𝑘∇𝑇) = 0 (2) 

where 𝑘  is the thermal conductivity and 𝑇  is the 

temperature. The calculation domain and boundary 

conditions are shown in Figure 3(a). A uniform heat 

flux 𝑞𝑡
"  transferred from the heated substrate is 

applied at the bottom of the unit cell. And the 

interfacial evaporative heat flux ( q
𝑒𝑣𝑎
" = 𝑚̇𝑒𝑣𝑎

′′ /

ℎ𝑙𝑣) characterizes the heat transfer between the unit 

cell and the saturated vapor environment (at 𝑇𝑠𝑎𝑡). 

The lateral heat conduction between unit cells is 

neglected, due to the small lateral temperature 

gradient compared with the vertical one from 

substrate to the interface. Thermal convection at the 
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top of the microporous film is neglected in the 

model because it has a thermal resistance that 

exceeds the phase change heat transfer by about 

three orders of magnitude. The approximate 

Schrage’s equation is used to calculate the 

evaporative mass flux: 

𝑚̇𝑒𝑣𝑎
′′ =

2𝜎̂

2 − 𝜎̂
(

𝑀

2𝜋𝑅
)

1/2

(
𝑝𝑠𝑎𝑡|𝑇𝑙𝑣

𝑇𝑙𝑣
1/2

−
𝑝𝑣

𝑇𝑣
1/2

) (3) 

where 𝜎̂ , 𝑀 , 𝑅 , 𝑝𝑠𝑎𝑡|𝑇lv
, 𝑝v , 𝑇lv , 𝑇v  are the 

accommodation coefficient (0.052), the molar mass 

of the liquid, the universal gas constant, saturation 

pressure at the interface pressure, vapor pressure, 

interface temperature and vapor temperature, 

respectively. 

In microscale liquid flow model, half of a liquid 

domain is used as the calculation domain. Navier-

Stokes equations are the governing equations of the 

steady-state laminar flow (𝑅𝑒 ≪ 1): 

∇ ∙ (𝜌𝑢) = 0 (4a) 

𝜌(𝑢 ∙ ∇)𝑢 = −∇𝑝 + ∇ ∙ (𝜇(∇𝑢 + (∇𝑢)𝑇)) (4b) 

where, 𝜌 , 𝜇 , and 𝑝  are the density, dynamic 

viscosity and pressure of liquid, 𝑢  is the velocity 

vector. The calculation domain and boundary 

conditions are shown in Figure 3(b) and set as 

follows: (a) periodic boundary condition with a 

pressure difference ( ∆𝑝𝑙 ) between the inlet and 

outlet of the microchannel; (b) shear-free boundary 

condition on the liquid−vapor interface; (c) 

symmetry boundary condition at the mid-surface of 

the domain; (d) no-slip walls at the bottom surface 

and the side surface in contact with the 

microchannel wall. 

 
Figure 3. The schematic diagram of calculation 

domains and boundary conditions in micro scale 

(a) liquid flow and (b) heat transfer models. 

 

A series of parametric studies of microscale heat 

transfer and liquid flow problems are solved in unit 

cells with various geometry. The calculated velocity 

and temperature fields are used to capture the 

microscale characteristic parameters, which are 

permeability 𝜅 and ℎ𝑒, respectively. For a unit cell 

with specific geometry, 𝜅 is a function of interface 

shape only, and ℎ𝑒 is a function of interface shape 

and 𝑞𝑡
" . The value of q

𝑡
"  is set as equal to q

𝑖𝑛
"  to 

reduce the complexity of the model here, 

considering the weak dependence of ℎ𝑒  on q
𝑡
"  

value. 

The permeability 𝜅  calculated in microscale 

model is determined by Darcy’s Law: 

𝑢̅ = −
𝜅

𝜇
∇𝑝 (5) 

where 𝑢̅ is the average velocity magnitude (along 

wicking direction) at the inlet (or outlet) of 

microchannel, and ∇𝑝  is the pressure gradient 

across a unit cell (∇𝑝=∆p/l). And the heat transfer 

coefficient ℎ𝑒 under a given q
𝑡
"  is defined as: 

ℎe =
q

t
"

𝑇e − 𝑇sat

(6) 

where 𝑇𝑒 is the average temperature at the bottom 

surface of the unit cell. 

2.2. Macroscale model 

In the macroscale model, the coupled liquid flow 

and heat transfer phenomenon is studied in only one 

row of the evaporator due to the periodic 

arrangement (in y-direction). Macroscale liquid 

flow along the wicking direction, evaporative heat 

and mass transfer in the microstructures were 

mainly considered in this part. A nonlinear dual-

dimensional and two-physics field-coupled model 

(one-dimensional fluid flow and two-dimensional 

heat conduction) is developed with reference to the 

iteratively solved device-level model in the study by 

Vaartstra et al [1]. The coupled liquid flow and heat 

transfer models and their coupling relationship are 

shown in Fig.4.  

 
Figure 4. The schematic diagram of the 

macroscale model. 

 

Liquid flow from the inlet (𝑥 = 0) to centerline 

(𝑥 = 𝐿) in the concerned row is simplified to a one-
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dimensional liquid flow problem in a continuous, 

porous media with variable permeability according 

to Darcy’s Law to calculate the liquid pressure, 

where the local permeability is a function of liquid 

pressure itself (for a given microstructure). The 

mass transfer of evaporation is modeled as a 

volumetric mass loss in the continuity equation: 

∇ ∙ (𝜌𝑢̇) = 𝑄m (7) 

where, 𝑄𝑚 = −q
t
"(𝑥)/(ℎlv𝑡c), and 𝑢̇ is the average 

velocity along wicking direction. Reference liquid 

pressure ( 𝑝l = 𝑝v ) at entrance and symmetry 

boundary condition at center line are set as boundary 

conditions of liquid flow model, respectively. 

The heat transfer in the substrate is simplified to 

a two-dimensional heat conduction problem [4]. A 

uniform input heat flux q
𝑖𝑛
"  is applied at the bottom 

and dissipated by evaporative heat flux q
eva
" (𝑥) at 

the top of the substrate, where q
eva
" (𝑥) =

ℎe(𝑥)(𝑇 − 𝑇sat) and 𝑇 is the local temperature on 

the interface, and ℎe  is a function of q
t
"  and 𝑝l . 

Symmetry boundary conditions were set at both 

lateral boundaries of the substrate. 

For each case of the evaporator with specific 

geometry parameters, various q
𝑖𝑛
"  are given from 

low to high value by a parametric sweep process to 

predict their heat transfer performance under 

different operating conditions. In each calculation, 

the temperature and flow fields are recorded until 

the 𝑝c at centerline is equal to 𝑝c,rec. This extreme 

operating condition means that localized dry-out 

occurs at the centerline, which is the position most 

affected by the competing relationship between 

capillary pressure and flow resistance in the 

evaporator. The corresponding heat flux is called 

dry-out heat flux q
dryout
" . In addition, the heat 

transfer coefficient of the entire evaporator ℎe
̅̅ ̅  is 

defined as the average value ℎe at the top surface of 

the substrate under a specific operating condition. 

3. Results and discussion 

The dual-scale numerical model was 

validated by comparing two sets of calculated 

results (ℎe
̅̅ ̅ and q

dryout
" ) of cylindrical pillar array 

evaporators with experimental values in the 

literature which are widely used as benchmarks for 

model validation in the related numerical research. 

The predicted ℎ𝑒
̅̅ ̅  was validated against the 

experiments conducted by Adera et al [5]. The 

evaporator was placed in a vacuum chamber at 3 

kPa, and was surrounded by liquid water on all 

sides. The predicted and experimentally measured 

average superheats at different input heat fluxes 

are shown in Figure 5(a). The predicted q
𝑑𝑟𝑦𝑜𝑢𝑡
"  

was validated by the experiments conducted by 

Zhu et al. [6], in which only one side of the 

evaporators was immersed in the water bath in an 

air ambient. The dry-out heat fluxes of two sets of 

evaporators with different wicking lengths were 

predicted by the model and compared with the 

experiment results, as shown in Figure 5(b). The 

high agreement between the predicted results and 

the experimental data demonstrates this dual-scale 

model's high accuracy in predicting evaporators' 

performance. 

 
Figure 5. Comparison of the average evaporator 

superheat and dry out heat flux predictions of the 

proposed model and the experimental results. 

 

Unlike normal micropillar evaporators, the 

hierarchical composite evaporator is considered as 

a special design that successfully balances the 

paradoxical dependence of capillary pressure and 

flow resistance on feature size. In particular, the 

capillary pressure and permeability of such 

hierarchical composite evaporator are no longer 

determined by the shape of the micropillar alone, 

but are decoupled to be determined by the 

characteristic size of the micropore and 
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microchannel, respectively. In addition, the size of 

the micropore also has a great influence on the 

interface area and the length of the three-phase 

contact line, which affect the thin film evaporation 

characteristics. Therefore, for evaporators 

operating under high heat flux conditions, proper 

pore size design is an effective method of 

improving their thermal performance. 

To assess the effect of pore size on the overall 

thermal performance of the evaporator, we first 

calculated the trend of capillary pressure versus 

contact angle for the working fluid (deionized 

water) in micropores of different diameters. As 

shown in Figure 6, as the diameter decreases from 

15 to 2.5 μm, the capillary pressure shows a non-

linear increase at all contact angles. Furthermore, 

the significant increase in decreasing capillary 

pressure will significantly increase the dry-out 

heat flux of evaporator. 

 

 
Figure 6. Capillary pressure versus contact angle 

for micropores with different diameter. 

 

Figure 7 shows the calculated heat transfer 

coefficient of unit cells with different pore size, 

which are being heated with a uniform heat flux of 

60 W/cm2. The calculated evaporator has specific 

geometric parameters with microchannel width 

and height of 16 and 20 μm, and the thickness of 

the porous layer is 10 μm. The material of 

evaporator is silicon. As shown in the figure, the 

enlargement of the pore causes a significant 

increase in the heat transfer coefficient, which is 

dominated by the change in interfacial area. For 

the same reason, the effect of the contact angle on 

the heat transfer coefficient is more pronounced 

for larger diameter pores. 

 
Figure 7. Heat transfer coefficient versus contact 

angle of unit cells with diameter. 

 

Predictions of the thermal performance of 

evaporators with different pore sizes, including 

the dry-out heat flux and the efficient heat transfer 

coefficient at dry-out, are given in Table 1. From 

these results it can be seen that for a hierarchical 

composite evaporator with the same pore spacing 

design, the burnout heat flux (or critical heat flux 

density) increases with decreasing pore size. 

However, too small pore diameter will result in 

ultra-high heat flux density and low heat transfer 

coefficient, which is further manifested as ultra-

high superheat at the wall. This problem will lead 

to the occurrence of boiling, which is considered 

to be an unstable heat transfer phenomenon in the 

field of heat dissipation in highly integrated 

electronic devices [7]. Increasing the heat transfer 

coefficient within the unit cell by reducing the 

pore spacing would be a viable way to further 

improve the thermal performance of the 

evaporator. 

 

Table 1. Thermal performance of evaporators 

with different pore diameter. 

Pore diameter 𝑞dryout
′′  ℎe,dryout

̅̅ ̅̅ ̅̅ ̅̅ ̅̅  

μm W/cm2 kW/(m2K) 

7.5 251.9 42.017 

10.0 189.6 51.418 

12.5 151.5 64.269 

15.0 92.3 67.718 

4. Conclusions 

In this study, we simulated the capillary-

driven evaporation process in a hierarchical micro 

pore-channel composite evaporator using a dual-

scale numerical model, analyzed the effect of 

microporous diameter, and predicted the 

integrated thermal performance of the 

evaporators. This work demonstrates the potential 
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of the hierarchical micro pore-channel composite 

evaporator to operate at high heat flux conditions 

and provides theoretical guidance for further 

evaporator design. 
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Abstract 
Loop Heat Pipes (LHPs) are two-phase heat transfer devices that can be used for spacecraft. In specific environments 
that have large ambient temperature variations, LHPs have risks of making equipped electric devices overcooled if 
they are used without temperature control. In this study, we developed a new temperature control technique using 
electrohydrodynamic (EHD) conduction pumps. An EHD conduction pump is installed to the liquid line of a LHP and 
generates pressure against the capillary force to impede heat transfer. This paper includes the experimental result of 
evaporator temperature control testing in a thermal vacuum environment. A feedback control algorithm for evaporator 
temperature with the EHD pump was newly developed for this test. The evaporator temperature was maintained near 
the constant temperature for 12 hours in a low-temperature environment. The power consumption of the EHD pump 
during the test was less than 27 mW. The detailed analysis confirmed two different LHP operation modes under 
control by EHD pump, restricting flow mode and switching flow direction mode. It is suggested that the EHD pump 
can control LHP with low power consumption and low-pressure drop in normal LHP operation, and that more accurate 
temperature control can be expected by improving the algorithm. 

Keywords: EHD Conduction pump; Heat switch; Loop heat pipe; Lunar rover; Temperature control 

1. Introduction
In space environments, Loop heat pipes (LHPs) 

are an effective option for dissipating heat of space-
craft electric equipment. They operate passively 
when the evaporator receives heat flux from the heat 
source, and the driving force of the working fluid is 
the capillary force of the wick. The evaporator tem-
perature is mainly dependent on the temperature of 
the compensation chamber (CC), which is deter-
mined primarily from the heat load, the pressure 
drop of the entire system, and the ambient tempera-
ture [1].   

In some cases, the evaporator temperature would 
be below the proper equipment temperature due to 
drastic decreases on ambient temperature, like the 
night in the lunar. Several techniques have been de-
veloped to control the CC temperature. Bypass 
valves were arranged in a branch pipe that short-cir-
cuits the vapor line (VL) and liquid line (LL) [2,3]. 
They operate passively based on the line pressure or 
working fluid temperature. As the LHP operation 
temperature decreases, the vapor flows into the 
blanch pipe and directly returns to the CC. As an ac-
tive control technique, thermoelectric coolers 
(TECs) were installed on the CC [4,5]. They were 
also thermally connected to the evaporator to regu-
late the CC temperature using the heat flux from the 
evaporator. 

Although these techniques have been verified to 

control the evaporator temperature, they would face 
some issues and requirements for spacecraft; that 
are less weight, less pressure drop during normal 
LHP operation, and less power consumption. We 
developed a new active technique using an electro-
hydrodynamic (EHD) conduction pump [6]. EHD 
conduction pumps are coulomb-force-driven pumps, 
and their advantages include no movable parts, ad-
justable flow resistance and pressure rise, and low 
power consumption. Figure 1 shows a conceptual 
diagram of the LHP controlled by the EHD conduc-
tion pump. An EHD conduction pump is installed in 
the LL, and the direction of the generated pressure 
is opposite to that of a flow driven by the capillary 
force. 

Figure 1. Conceptual diagram of LHP controlled 
by EHD conduction pump in lunar rover in day 
and cold night. 
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We previously developed a proper EHD conduc-
tion pump for the experimental LHP [7]. The devel-
oped EHD pump stopped the LHP heat transfer in a 
room temperature environment, and its power con-
sumption was extremely small compared to other 
techniques. In this paper, we investigated the avail-
ability of a developed EHD pump for the evaporator 
temperature control, in which the development of a 
controller for evaporator temperature using an EHD 
pump and thermal vacuum testing of the evaporator 
temperature control were conducted.   

 

2. EHD conduction pump 

2.1 Requirement definition and construc-
tion of experimental EHD pump 

According to the experimental LHP characteris-
tics, some requirements were determined for the de-
sign of the experimental EHD pump. First, the 
working fluid was R134a, which can be used for 
LHPs and EHD pumps. Second, the generated pres-
sure was set to 10 kPa to sufficiently overcome the 
capillary force of the wick. 

An EHD pump that met requirements was de-
signed through simulations using COMSOL Mul-
tiphysics® and the production of an EHD pump pro-
totype. Figure 2 shows the structural diagram of the 
fabricated EHD pump. Ring-shaped electrodes 
made of stainless steel were embedded in the fluid 
path, and rod-shaped stainless steel electrodes were 
placed concentrically. 6-pairs of electrodes were 
constructed for gaining sufficient pressure genera-
tion. The rod used for the electrodes was covered 
with an insulation layer, except for the electrode sec-
tion. Due to the high working fluid pressure, these 
structures were inserted into the manifold. 

2.2 Evaluation of manufactured EHD 
pump  

The manufactured EHD pump was evaluated in a 
preliminary experiment. Figure 3 shows the gener-

ated pressure and the power consumption character-
istics against the applied voltage in no flowrate. 
Each point indicates the results of measuring for the 
steady state of constant applied voltage. Approxi-
mation curves drawn by dashed lines. Error bars in-
dicate maximum and minimum values of each point 
except outside 3𝜎. The generated pressure was pro-
portional to the square of the applied voltage, which 
agrees with the theoretical estimation [6]. The max-
imum generated pressure was approximately 10.8 
kPa, and 170 mW was consumed at 11 kV.  Approx-
imately, the driving voltage of 6 kV and 30 mW of 
the power consumption was estimated to be neces-
sary for sufficient generated pressure to overcome 
the capillary force, 3 kPa. 

3. Thermal vacuum testing of LHP-EHD 
system 

3.1 Thermal vacuum testing setup 

The demonstration was conducted in a thermal 
vacuum environment. An overview of the experi-
mental LHP equipped with an EHD pump is shown 
in Figure 4. Each point and legend indicate the ther-
mocouple placement. The dimensions and materials 
of the LHP are summarized in Table 1. The 
experimental LHP had a cylindrical evaporator, and 
a disk-shaped black radiator as the condenser. The 
experimental LHP had a three-layer structure; with 
the upper layer being the radiator, the middle layer 
being the evaporator, CC, and vapor line, and the 
lower layer being the EHD pump and liquid line. 
The EHD pump was placed in the liquid line, and 
the distance between the EHD pump and the CC 
was 260 mm. 

The experimental LHP equipped with the 
developed EHD pump was installed in the vacuum 

Figure 2. Structural diagram of EHD conduc-
tion pump. Rod electrode with cover and Ring 
electrodes are placed in concentric. There are 6 
pairs of electrodes in manufactured EHD 
pump. 

Figure 3. Characteristics of the developed EHD 
pump. 
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chamber. Only the equipped black radiator radiated 
heat into the black shroud in the vacuum chamber, 
and the other part was covered with multi-layer 
insulation (MLI). The evaporator is heated by a tape 
heater. Figure 5 presents an overview of measuring 
and control system. The temperature distribution 
and differential pressure of the EHD pump 𝑝ாு஽ 
were measured in the chamber, and the applied 
voltage 𝑉ாு஽  and current of the EHD pump 𝐼ாு஽ 
were measured in the power supply line. 

3.2 EHD voltage control system  

A LabVIEW-based applied voltage controller for 
the EHD pump was constructed for automatic evap-
orator temperature control. Figure 6 shows the struc-
tural diagram of the entire system. This system was 
based on proportional feedback control with the 
function for voltage raises rate limit. This function 
limits the slope when the input slope overcomes the 
setting value, and the function is valid when the fol-
lowing conditions are met: 

Δ𝑉௜ =
𝑉௜  − 𝑉௜ିଵ

𝑑𝑇
> Δ 𝑉௅ (1) 

Here, 𝑉௜ is the current input value, 𝑑𝑇 is time span, 
and Δ𝑉௅ is the slope limit. To smoothly change its 
operation, the restriction continues until the slope 
and current value from the input are below the slope 
limit and last output value, respectively. The current 
value comparison is described as follows: 

𝑉௜ >  𝑉௢ିଵ
ᇱ (2) 

Here, 𝑉௢ିଵ
ᇱ  is the last output. The output value is 

overridden if any comparison is met. 𝑉௜ is used for 
the output only if both terms are not met. The over-
ride value calculate as follows: 

𝑉௢ିଵ
ᇱ + Δ𝑉௅ × 𝑑𝑇 (3) 

The output value is set to 𝑉௢
ᇱ for the next time step 

calculation.  
In thermal vacuum testing, the target and feed-

back values were the evaporator temperature. 

Figure 5. Overview of entire measuring and con-
trol system. 

Table 1. Dimensions and materials of the LHP. 

Figure 4. Overview of experimental LHP sys-
tem with the EHD pump. 

Figure 6. The structural diagram of voltage con-
trol system. In this paper, the first node of volt-
age raise rate limit function was fixed to ‘on’. 

166



 
 

3.3 Procedures and conditions of the ex-
periment 

The experiment was carried out in the following 
order. First, it was confirmed that the LHP was op-
erating stably with the shroud temperature 𝑇ௌுோ =
27 ℃. Then, the EHD pump controller was started. 
𝑇ௌுோ had been changed with sequences, at first de-
scent from 27 ℃ to −5 ℃ in 3 hours and held at 
−5 ℃ in 19 hours, then raised to 27 ℃ in 10 hours. 
The EHD controller was turned off after the stable 
operation of the LHP without control was confirmed. 
The heat load was almost constant at 4.6 W through-
out the test. The target temperature in this 
experiment 𝑇்஺ோீா் set for 35℃. For the input 
of the control system, the proportional gain 𝐾௉ =
10, minimum and maximum voltage limit set for 
𝑉ெூே = 0 kV and 𝑉ெ஺௑ = 9 kV, respectively. The 
limitation of voltage raise rate Δ𝑉௅  set for 50 
kV/min. 

4. Results and discussion 

The time series results of the test are shown in 
Figure 7. The 𝑇ௌுோ setting changed from 27 ℃ to 
−5 ℃ at EV1. It had started to apply a voltage to the 
EHD pump automatically after the 𝑇ா௏௉ reached the 
𝑇்஺ோீா் at EV2. Between EV2 and EV3, 𝑇ா௏௉ was 
almost constant at 33.6 ℃, which was owing to re-
stricting heat transfer under forward LHP fluid 
flows. EV3 shows the time when the LHP operation 
stopped for the first time. Between EV3 and EV5,  
𝑇ா௏௉ vibrated between 32.0 ℃ and 34.8 ℃. These 
phenomena are discussed later. 𝑇ௌுோ  was changed 
from −5 ℃ to 27 ℃ at EV4. At EV5, the vibration 
of 𝑇ா௏௉  decreased. 𝑇ா௏௉ exceeded the target value 

after EV6, and then the EHD pump automatically 
shut down. 

The behavior of 𝑇ா௏௉ changed at EV3 and EV5, 
indiating that there are two different LHP 
operation states. Here, we name these as “flow 
restriction mode” for EV2-EV3 and EV5-EV6, 
and “switching flow direction mode” for EV3-
EV5, respectively. Figure 8 shows each typical 
behavior. In the switching flow direction mode 
shown in Figure 8 (Ⅰ), it can be observed that there 
are 3 drastic changes from (a) to (c). Through the 
point of (a), the temperature at the outlet of the 
liquid line 𝑇௅௢௨௧  drastically increases, which 
means that 𝑝ாு஽  overcomes capillary limit and 
backflow occur in the LHP by the EHD pump. 
Then, 𝑝ாு஽ is controlled to decrease as 𝑇ா௏௉ 
increases. After (b), the fluid flow turned to 
forward direction and 𝑇௅௢௨௧ decreases rapidly. 
𝑇ா௏௉  continues to increase due to the heat 
retention effect by stopping heat transfer to the 
vapor line or receiving warm liquid from the liquid 
line between (a) and (c). 𝑇ா௏௉ decreases between 
(c) and (a’) due to normal heat transfer. The 
backflow occured again at (a'). These heat 
retention effects involved the LHP backflow, 
which caused the  𝑇ா௏௉  to vibrate. In flow 
restriction mode shown in Figure 8 (Ⅱ), there is no 
drastic transition in the 𝑇௅௢௨௧ , which means that 
there is no backflow of LHP. 𝑇ா௏௉ was maintained 
by the increased heat leak to CC involving an 
increased pressure drop by the EHD pump within 
the capillary force. As the 𝑇ௌுோ decreased and the 
𝑉ாு஽  increased, the pressure drop exceeded the 
maximum capillary force for the first time at EV3. 

Figure 7. Time series result of the experiment with events (EVs). 𝑇ௌுோ setting changed from 27℃ to -

5℃ at EV1. At EV2, the voltage started to be applied to the EHD pump. 𝑇ா௏௉ started to vibrate at EV3. 
𝑇ௌுோ setting changed from -5℃ to 27℃ at EV4. No longer vibrate of 𝑇ா௏௉ observed after EV5. The ap-
plied voltage of EHD pump cut off at EV6. 
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As mentioned above, there was a temperature 
swing between 32.0 ℃ and 34.8 ℃ for 𝑇ா௏௉, and 
the average temperature was below the 𝑇்஺ோீா்,  
33.5 ℃. There are some reasons considable for 
this results. First, some time lags between the 
control output and 𝑇ா௏௉ may degrade the control 
performance and cause oscillations. In the peek-
to-peek analysis, a 50 seconds average lag was 
observed between them. This time lag occurred in 
the backflow mode and led to an increase in 
temperature swings. This problem can be 
improved by developing more sophisticated 
controls that consider the time lag. It is also 
considered 2 reasons for average temperature 
offset: a control-derived offset and standing 
error of the thermocouples. According to the 
gain of proportional control 𝐾௉ = 10  and 
Figure 8 (Ⅱ), there is a standing offset of 0.5℃ by 
the control method. There is 1.0℃ of standing 
error between the measured 𝑇ா௏௉ and the control 
input due to the temperature accuracy of the T-
type thermocouples. These problems can be 
addressed by improving the control methods and 
measuring apparatus. 

Throughout the test, the average power 
consumption was approximately 27 mW, which is 
approximately 0.6% of the heat load. This shows 
that the EHD conduction pump can be added to the 
heat switch function with sufficiently low power 
consumption. 

5.  Conclutions 
In this paper, we demonstrate the temperature 

control of the LHP using the developed EHD 
pump. The developed EHD pump generated 11 
kPa at the maximum applied voltage and can 
sufficiently overcome the capillary force. After 
evaluating the EHD pump, the thermal vacuum 

experiment was performed. The evaporator 
temperature was maintained at almost the target 
value over 12 hours in a low-temperature 
environment. There were two different LHP 
operation states observed in the result; the flow-
direction-reversed state and flow-restricted state. 
The offset and vibration of the evaporator 
temperature may be alleviated by improving the 
experimental equipment or algorithms. The power 
consumption of the EHD pump was 27 mW, and 
it’s sufficiently smaller than the heat load. 
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Abstract 
In this study, the highly efficient heat-transfer phenomenon observed when the working fluid filling ratio in a pulsating 

heat pipe (PHP) is extremely low was investigated. The authors previously proposed this phenomenon as a new type 

of heat pipe called an ultralow-fill-rate heat pipe (ULFR-HP). The device consisted of a flat aluminum tube with a 

total length of 400 mm, featuring 28 straight channels, each with a square cross-section measuring 1.26 mm on each 

side. In this study, the heat transfer characteristics of the heating and cooling sections were evaluated to understand 

this unique phenomenon. Additionally, experiments were conducted using working fluids other than water, including 

alcohol-based fluids and refrigerants, to investigate the effects of different working fluids on device performance. The 

results confirmed that the ULFR-HP operated effectively with these alternative fluids, achieving a minimum thermal 

resistance of 0.041 K/W in the 400-mm device. 

Keywords: Pulsating heat pipe; Aluminum flat plate; Filling ratio; Surface tension; Thermal transfer performance 

1. Introduction

Recently, the miniaturization and performance 

enhancement of electronic devices have led to an 

increase in the heat generation density of electronic 
components. Particularly, the semiconductor 

components of electronic devices have low heat 

resistance and cannot maintain their performance 
once they exceed a certain temperature. Various 

heat pipe types utilizing the phase change of an 

internally sealed working fluid to transfer heat have 
been widely studied as cooling technologies to 

address this issue [1–5]. However, heat pipes face 

constraints such as capillary, sonic, entrainment, 

and boiling limits [6]. These limitations are 
particularly problematic when heat pipes are used to 

cool miniaturized electronic devices. Additionally, 

heat pipes are susceptible to the effects of gravity 
and heating orientation. To overcome these 

challenges, Akachi [7] invented the pulsating heat 

pipe (PHP) in 1990. A PHP consists of a single 

narrow tube that repeatedly loops between an 
evaporator and a condenser, with a certain amount 

of working fluid sealed inside. The PHP channel 

does not have a wick structure, and because the 
channel diameter is small (on the order of 

millimeters), the working fluid seals the channel 

cross-section via surface tension, and liquid slugs 
and vapor plugs alternate along the tube axis. As the 

working fluid continuously evaporates in the 

evaporator and condenses in the condenser, it 

enables latent heat transfer through a phase change 
and sensible heat transfer through self-excited 

working fluid oscillations. The heat transfer 

performance of a PHP is determined by several 

parameters, one of which is the working fluid fill 

rate. Rudresha et al. [8] clarified that the working 

fluid fill rate affects the heat transfer performance 
using a copper tube PHP and reported that the 

optimal fill rate was 55 vol.% of the channel volume. 

A review by Ayel et al. [9] suggested that the 
optimal PHP filling ratio lies within 50%–60%. 

Additionally, Yang et al. [10] reported that when the 

fill rate dropped below 20%, the liquid phase was 
not sufficiently supplied to the evaporator, leading 

to dry-out, which is the operational limit of a PHP. 

This study focused on a new type of heat pipe 

with a unique operating principle, the ultralow-fill-
rate heat pipe (ULFR-HP), which we previously 

devised [11]. Its appearance and experimental 

overview are almost identical to those of 
conventional PHPs. However, the ULFR-HP 

employs an extremely low fill rate (below 10 vol.%), 

which has traditionally led to dry-out. We reported 

that the ULFR-HP achieved highly efficient heat 
transfer compared with the conventional PHP (50 

vol. %) and exhibits superior effective thermal 

conductivity and minimum thermal resistance. 
However, in our previous work, we only 

demonstrated the heat transfer performance when 

using water as the working fluid. To date, there are 
no reports on using fluids other than water in the 

ULFR-HP. 

Therefore, this study aimed to clarify the impact 

of different working fluids on the heat transfer 
performance of a ULFR-HP. In this study, the 

effects of the surface tension and kinematic 
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viscosity of different working fluids on the heat 

transfer performance using aqueous solutions with 

surfactants as working fluids were investigated. 
Additionally, experiments were conducted using 

single-component alcohol-based fluids (acetone and 

ethanol) and a fluorinated inert liquid (FC-72) as the 
working fluids to explore the possibility of using 

fluids other than water in the ULFR-HP. 
 

2. Experimental setup and methods 

2.1. Experimental setup 

Figure 1 shows a schematic of the experimental 

setup. The experimental procedure followed the 

conventional PHP method. The ULFR-HP was 

arranged vertically. The upper part of the channel 
served as the cooling section, while the lower part 

served as the heating section. The experimental 

setup consisted of a heating system, vacuum pump 
system, measurement system, and syringe for the 

working fluid. The heating system included a 

cartridge heater and a transformer. The vacuum 
pump system was equipped with a digital vacuum 

gauge, and the measurement system featured 

thermocouples (K-type, eight points) attached to the 

ULFR-HP. Heat was supplied to the heating section 
using a heater block. The heating load from the 

heater was varied by adjusting the voltage. To 

reduce the thermal contact resistance, thermal 
grease was applied to the contact surface between 

the ULFR-HP and heater. The cooling section was 

open to the atmosphere, and heat was dissipated via 
natural cooling. Except for the ULFR-HP’s cooling 

section, the system was covered with an insulation 

material to prevent heat loss.  

Figure 2 shows a schematic of the test section and 
a detailed view of the channel cross section. The 

main component was aluminum with a total length 

of 400 mm, width of 48 mm, and thickness of 2 mm. 
The flow path comprised 28 parallel channels, each 

with a square cross-section measuring 1.26 mm on 

each side. The flow passage surfaces were anodized 

to suppress non-condensable gas generation. The 
serpentine channel structure has an open-loop 

configuration. The area ratios of the heating and 

cooling sections were set to either 20% and 50%, or 
30% and 30%, respectively. The working fluids 

included water, aqueous solutions with added 

surfactants, acetone, ethanol, and FC-72. Tween 80 
was used as a surfactant. The working fluid was 

thoroughly degassed using a vacuum pump. 

Figure 3 shows a schematic of the experimental 

setup used to measure the droplet contact angle. 
This setup included a light source, high-speed 

camera, anodized aluminum sample, and stage. The 

liquid consisted of an aqueous solution with a 

specified amount of Tween 80 added, and 30 μL 

was dropped using a micropipette. The solid surface 

of the anodized Al sample was thoroughly cleaned 
using acetone and pure water. A light source 

illuminated the droplet from behind and a high-

speed camera captured the droplet images. The 
droplet contact angles on the solid surface were 

measured using these images. 
 

 
Figure 1. Schematic of the experimental setup. 

 

Figure 2. Testing part details (ULFR-HP). 
 

 

Figure 3. Schematic of the contact angle 

measurement method. 
 

2.2. Experimental methods 

The experimental parameters are listed in Table 

1. In this experiment, the ULFR-HP was set up 

either vertically or horizontally with the type of 
working fluid as a variable parameter. The heating 

section area ratios were set to 20% or 30%. 

The ULFR-HP was evacuated using a vacuum 
pump to a gauge pressure of -0.099 MPa or less, 

and the vacuum in the ULFR-HP was maintained 

by closing the attached valve. The working fluid 
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was then injected using a syringe. Because 

dissolved air in the working fluid could adversely 

affect the ULFR-HP operation, the working fluid 
was degassed in advance using a vacuum pump. 

The working fluid filling ratio (FR) is defined as 
 

FR=
𝑉𝑓𝑙𝑢𝑖𝑑

𝑉𝐻𝑃
×100  [vol.%]     (1) 

 

where 𝑉𝑓𝑙𝑢𝑖𝑑 is the working fluid volume at room 

temperature and atmospheric pressure and 𝑉𝐻𝑃 is 

the ULFR-HP channel volume. In this experiment, 

the filling ratio was zero (without working fluid), 

10, and 50 vol.%. The 50 vol.% value was used for 
comparison with the conventional PHP. After the 

working fluid was filled, power was supplied to 

the cartridge heater via a transformer. The applied 
voltage was increased after confirming that the 

temperature measured by the thermocouples 

attached to the ULFR-HP reached a steady state. 
Steady state was defined as the condition where 

the temperature variation in the heating section 

over 5 min was within 1 K. For safety, the 

experiment was ended when the temperature in the 
heating section approached 100 °C. 
 

Table 1. Experimental parameters. 
Heating 

section area 

Cooling 

section area 
Working fluid 

20% 50% 
Surfactant 

solution 

30% 30% 

Water 

Acetone 

Ethanol 

FC-72 
 

2.3. Evaluation methods 

The net input heat 𝑄𝑛𝑒𝑡  supplied by the heater 

to the ULFR-HP was obtained by subtracting the 

ambient air heat loss 𝑄𝑙𝑜𝑠𝑠  from the heater-

provided heating amount 𝑄𝐻. Assuming that 𝑄𝑙𝑜𝑠𝑠 

varies with the temperature difference between the 

heating section and the ambient air, a preliminary 
experiment was conducted to understand this 

correlation. Specifically, the experiment involved 

replacing the ULFR-HP with a solid aluminum 
plate of the same dimensions and known thermal 

conductivity 𝑘𝐴𝐿 = 222 [W m ∙ K]⁄  in the 

experimental apparatus shown in Figure 1. Figure 

4 shows the details of the solid aluminum plate 
used in the preliminary experiment. The lengths of 

the heating, insulating, and cooling sections were 

120, 160, and 120 mm, respectively. The net input 

heat 𝑄𝑛𝑒𝑡  and heat loss 𝑄𝑙𝑜𝑠𝑠  in the preliminary 
experiment were respectively calculated as 

follows: 
 

𝑄𝑛𝑒𝑡 = 𝑘𝐴𝐿 ∙
𝐴

𝐿𝐵𝐶
∙ (𝑇𝐵 − 𝑇𝐶) [W]           (2) 

 

𝑄𝑙𝑜𝑠𝑠 = 𝑄𝐻 − 𝑄𝑛𝑒𝑡  [W]          (3) 
 

where A is the cross-sectional area of the solid 
aluminum plate (equal to that of the ULFR-HP) 

and 𝐿𝐵𝐶  is the distance between measurement 

points B and C (0.03 m). 𝑇𝐵  is the average 
temperature of the three points at measurement 

point B and 𝑇𝐶  is the average temperature of the 

three points at measurement point C. The average 

temperature of the three points at measurement 
point A was taken as the heating section 

temperature 𝑇𝐻, and the temperature difference 

between 𝑇𝐻 and the ambient air temperature 𝑇𝑎 

was correlated with 𝑄𝑙𝑜𝑠𝑠, as calculated using Eq. 

(3) and shown in Figure 5. The figure shows the 

results for the heating section with 30% coverage 

as a representative case. Similar experiments were 
conducted for the other heating section areas 

(20%). As can be seen in the figure, 𝑄𝑙𝑜𝑠𝑠 is 

proportional to 𝑇𝐻 − 𝑇𝑎 . 𝑇𝑎  and can be 
determined as follows: 
 

𝑄𝑙𝑜𝑠𝑠 = 0.099(𝑇𝐻 − 𝑇𝑎) [W]            (4) 
 

As a result, the net input heat 𝑄𝑛𝑒𝑡  was defined by 
combining Eqs. (3) and (4) as 
 

𝑄𝑛𝑒𝑡 =   𝑄𝐻 − 0.099(𝑇𝐻 − 𝑇𝑎) [W]     (5) 
 

The thermal resistance R, which indicates the 

heat transfer performance of the ULFR-HP, is 

given by: 
 

R= (Tℎ𝑒𝑎𝑡 − 𝑇𝑐𝑜𝑜𝑙 ) 𝑄𝑛𝑒𝑡⁄  [K/W]   (6) 
 

where 𝑄𝑛𝑒𝑡  is calculated using Eq. (5). 𝑇ℎ𝑒𝑎𝑡 is the 

average value of 𝑇1 and 𝑇2, and 𝑇𝑐𝑜𝑜𝑙 is the average 

value of 𝑇7 and 𝑇8  at the positions shown in Figure 

2.  
 

 
Figure 4. Details of the solid aluminum plate 

used in the preliminary experiment. 
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Figure 5. Heat loss to ambient air. 

 

2.4. Preliminary experiment to 

verify reproducibility 

Figure 6 shows the thermal resistance values 
obtained from the three tests conducted in the 

vertical position to demonstrate the ULFR-HP 

reproducibility. The horizontal axis represents 

𝑄𝑛𝑒𝑡 . The heating section area ratio was 30%, and 

the cooling section area ratio was 30%. The filling 

ratio was set at 10 vol.%. The figure shows some 

variation in heat resistance at approximately 

𝑄𝑛𝑒𝑡 =  1 W; however, as 𝑄𝑛𝑒𝑡 increased, the 

difference in heat resistance between each 

operation decreased. This indicates that the 
reproducibility improved with increasing input 

heat. 
 

 
Figure 6. Experimental results to clarify data 

reproducibility. The experiments were conducted 

under the same conditions. 
 

3. Results and discussions 

3.1. Comparison between the 

ULFR-HP and the conventional 

PHP 

 In this section, the heat transfer characteristics 

of the conventional PHP and ULFR-HP are 
compared. The working fluid filling ratio was 50 

vol.% for the conventional PHP and 10 vol.% for 

the ULFR-HP. Both devices have identical 
external shapes and channel dimensions, with the 

heating and cooling section areas each occupying 

30%. The installation position was vertical, and 

the working fluid was water. 
 

3.1.1. Temperature time history 

 Figure 7 shows the temperature time history of 
the conventional PHP (50 vol.%) and the ULFR-

HP (10 vol.%). The figure also includes 𝑄𝑛𝑒𝑡 .  
 

 
(a). PHP (50 vol.%). 

 

 
(b). ULFR-HP (10 vol.%). 

Figure 7. Temperature time history of the 

conventional PHP and ULFR-HP. 
 

From both figures, at all heat levels, the 
temperature difference between the heating and 

cooling sections in the ULFR-HP decreased 

compared to the conventional PHP, with the 

temperature difference for 𝑄𝑛𝑒𝑡 =  9.4 W being 
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1.6 K. Furthermore, focusing on the temperature 

behavior of each thermocouple, the ULFR-HP 

exhibited a smoother graph, indicating more stable 
heat transfer compared to the conventional PHP. 

This is attributed to the predominant latent heat 

transfer in the ULFR-HP, as discussed in Section 
3.1.2. 

Figure 8 shows the thermal resistance values of 

the conventional PHP (50 vol.%), the ULFR-HP 
(10 vol.%), and without working fluid (0 vol.%). 

The horizontal axis represents 𝑄𝑛𝑒𝑡 . As shown in 

the figure, the thermal resistance of the ULFR-HP 

is lower than that of the conventional PHP at all 
heat levels. The minimum thermal resistance of 

the ULFR-HP was 0.17 K/W for 𝑄𝑛𝑒𝑡 = 9.4 W, 

which is a reduction of approximately 81% 
compared to the conventional PHP (0.91 K/W). 
 

 
Figure 8. Thermal resistance of the conventional 

PHP and ULFR-HP. 
 

3.1.2. Heat transfer 

characteristics in the heating and 

cooling sections 

To gain a more detailed understanding of the 

heat transfer characteristics of the conventional 
PHP and ULFR-HP, the heat transfer performance 

was evaluated separately for the heating and 

cooling sections. The heat transfer coefficients for 

the heating and cooling sections ( ℎℎ  and ℎ𝑐 , 

respectively) are defined as a heat transfer 

characteristic as follows:  
 

ℎℎ = 𝑞ℎ ∆𝑇ℎ⁄  [W/m2 ∙ K]      (7) 
 

ℎ𝑐 = 𝑞𝑐 ∆𝑇𝑐⁄  [W/m2 ∙ K]                   (8) 
 

Where 𝑞ℎ  (= 𝑄𝑛𝑒𝑡 𝑆ℎ⁄ )  and 𝑞𝑐  (= 𝑄𝑛𝑒𝑡 𝑆𝑐⁄ ) 
represent the heat fluxes in the heating and cooling 

sections, respectively, and 𝑆ℎ  and  𝑆𝑐  are the 

surface areas of each section. ∆𝑇ℎ  (= 𝑇ℎ − 𝑇𝑎) 

and ∆𝑇𝑐  (= 𝑇𝑎 − 𝑇𝑐)  refer to the temperature 

difference between the heating and insulating 

sections and between the insulating and cooling 

sections, respectively. 𝑇ℎ , 𝑇𝑎 , and 𝑇𝑐  are the 
average wall temperatures of the heating, 

insulating, and cooling sections, respectively. 
Figure 9 shows the heat transfer coefficients of 

the heating and cooling sections for both the 

conventional PHP and ULFR-HP. The horizontal 

axis represents the heat flux in the heating and 
cooling sections. As can be seen, the heat transfer 

coefficient of the heating section increases with 

the heat flux for both cases, ranging between 30–

2200 W/m² ∙ K, with both cases showing similar 

values. In contrast, the cooling section heat 

transfer coefficient for the PHP remained nearly 

constant around 270 W/m² ∙ K beyond a cooling 

section heat flux of 1200 W/m². For the ULFR-HP, 

the heat transfer coefficient increased linearly with 
the cooling section heat flux, ranging between 

1000–2600 W/m² ∙ K. Therefore, the significant 

difference in the ULFR-HP, as shown in Figure 8, 

is considered to stem from the improved cooling 

section heat transfer coefficient. Furthermore, the 

authors confirmed through neutron radiography 
experiments of the internal flow in the ULFR-HP 

that, unlike the conventional PHP, the ULFR-HP 

did not exhibit liquid slug oscillations. These 
liquid slugs tended to stagnate and were 

distributed in the heating and cooling sections, 

suggesting that latent heat was the primary heat 
transfer mode. The absence of pressure losses 

owing to liquid slug oscillations, as observed in 

conventional systems, and the reliance on the 

phase change of the working fluid for heat transfer 
are believed to contribute to the enhanced cooling 

section heat transfer coefficient. 
 

 
Figure 9. Heating and cooling section heat 

transfer coefficients for the conventional PHP 
and ULFR-HP. 
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3.2. Effect of surfactant 

concentration 

3.2.1. Surface tension of the 

working fluid with surfactant 

addition 

Figure 10 shows the relationship between the 
Tween 80 concentration in an aqueous solution, 

used as a surfactant, and the droplet contact angle 

on an anodized surface. The horizontal axis 
represents the Tween 80 concentration in the 

aqueous solution and the vertical axis represents 

the contact angle.  

A surfactant molecule has a structure with two 
opposing properties: hydrophilicity and 

hydrophobicity. As the concentration of the 

surfactant increases beyond the saturation 
concentration for molecular dispersion, the 

surfactant molecules in the aqueous solution form 

aggregates (micelles), where the hydrophilic 
heads face the continuous water phase [12]. The 

critical micelle concentration (CMC) is the 

concentration at which micelle formation begins. 

When the surfactant concentration exceeds the 
CMC, the water surface is covered by surfactant 

molecules and the surface tension remains nearly 

constant. After a concentration of 0.5 mM, the 
contact angle remained nearly constant even as the 

concentration increased, as shown in Figure 10. 

Therefore, the CMC is considered to exist between 

0.2 and 0.5 mM. Beyond 0.5 mM, the surface 
tension did not change, and only the kinematic 

viscosity increased. By comparing the results 

obtained using this concentration as the working 
fluid, the effect of kinematic viscosity on the heat 

transfer performance of the ULFR-HP can be 

evaluated. 
 

 
Figure 10. Relationship between surfactant 

concentration and contact angle. 
 

3.2.2. Effect of surfactant 

concentration on the heat transfer 

characteristics  

 Table 2 lists the surfactant aqueous solution 

concentrations used in this experiment, and Figure 

11 shows the relationship between the surfactant 

concentration and thermal resistance at a 𝑄𝑛𝑒𝑡  of 

approximately 15 W. The filling ratio was 10 

vol.% for all cases, and the 𝑄𝑛𝑒𝑡  range was from 

14.9 (0.5) to 15.8 W (0.2 mM). The area ratios are 
20% and 50% for the heating and cooling sections, 

respectively. As can be seen, up to a concentration 

of 0.2 mM, the thermal resistance decreases as the 
surfactant concentration increases. The lowest 

thermal resistance within the scope of this 

experiment was 0.146 K/W at 0.08 mM, 
approximately 0.38 times that of 0 mM (0.384 

K/W). This is considered to be due to the decrease 

in the surface tension of the working fluid. The 

reduction in surface tension increases the contact 
area between the liquid film remaining on the 

channel walls and walls themselves, while also 

reducing the liquid film thickness. As a result, the 
amount of evaporation from the liquid film 

increases as the liquid slug retreats from the 

heating to cooling section, which in turn reduces 
the liquid film thickness and leads to a decrease in 

thermal resistance. Therefore, it was previously 

considered that the ULFR-HP operated only with 

water due to wettability concerns; however, these 
results suggest that it can also operate with 

working fluids with a lower surface tension. 

Meanwhile, after a concentration of 0.5 mM, 
increasing the surfactant concentration did not 

improve the heat transfer performance. This is 

considered to be due to the increase in the 

kinematic viscosity of the working fluid. Beyond 
0.5 mM, the concentration reached the CMC, 

causing no further changes in surface tension 

while only increasing the viscosity. These results 
suggest that the liquid slug extension from the 

heating section to the adiabatic section and its 

movement towards the cooling section, as 
revealed by previous visualization experiments, 

were suppressed, leading to an increase in thermal 

resistance. The reason for this is as follows. This 

liquid slug flow is mainly observed in the low to 
high heat input ranges. It is considered a crucial 

flow characteristic for transitioning to the 

characteristic liquid slug distribution in the high 
heat input range, where the slug is almost stagnant 

in the heating and cooling sections, thus 

improving the thermal transport performance. 
Therefore, the increase in the working fluid 

dynamic viscosity likely inhibited the transition to 
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the ULFR-HP-specific liquid slug distribution, 

resulting in increased thermal resistance. 
 

Table 2. Surfactant addition concentration. 

Surfactant 
Addition concentration 

[mM] 

Tween 80 0, 0.012, 0.08, 0.2, 0.5, 1.0 
 

 
Figure 11. Relationship between concentration 

and thermal resistance at a net input heat of 15 

W. 
 

3.3. Effect of the type of working 

fluid on the heat transfer 

characteristics  

Figure 12 shows the thermal resistance of the 

ULFR-HP filled with 10 vol.% of water, acetone, 

ethanol, and FC-72. The horizontal axis represents 

𝑄𝑛𝑒𝑡 . Except for acetone at 8.8 W, the thermal 
resistance values for acetone and ethanol were 

lower than those for water at all heat loads. The 

minimum thermal resistance with ethanol was 
0.041 K/W at 9.4 W, which is approximately 0.24 

times that of water (0.17 K/W). This difference is 

likely because the surface tension of acetone and 
ethanol is approximately one-third that of water. 

Similar to the effect of surfactants, the reduction 

in surface tension promotes a phase change in the 

working fluid, thereby enhancing the heat transfer 
performance. 

Furthermore, the kinematic viscosity of acetone 

(0.387 mm²/s) is approximately 0.4 times that of 
water (0.891 mm²/s), while the kinematic 

viscosity of ethanol (1.37 mm²/s) is approximately 

1.5 times that of water [13]. Despite this, the 
thermal resistance of acetone and ethanol were 

lower than that of water. These findings suggest 

that the reduction in surface tension has a more 

dominant effect on the heat transfer performance 
of the ULFR-HP than the reduction in kinematic 

viscosity. Additionally, the thermal resistance of 

acetone increased at 𝑄𝑛𝑒𝑡 =  8.8 W. This increase 

is likely due to acetone's boiling point (56.6 °C), 

which is approximately half that of water, causing 
an excess of evaporation relative to condensation, 

leading to localized dry-out [13]. 

For all heat loads, the thermal resistance of FC-
72 exceeded that of water. This is likely because 

the latent heat of evaporation (ℎ𝑓𝑔 ) for FC-72 

(ℎ𝑓𝑔 = 88 kJ/kg) is extremely low, approximately 

one-tenth that of ethanol (ℎ𝑓𝑔  = 855 kJ/kg) and 

one-fifth that of water (ℎ𝑓𝑔  = 2257 kJ/kg) [14]. 

Given the very low liquid-phase volume of 10 

vol.%, FC-72 likely evaporates more actively even 
at low heat loads, reducing the liquid phase 

volume in the heating section and causing 

localized dry-out. 
 

   
Figure 12. Thermal resistance for each working 

fluid. 
 

4. Conclusion 

 In this study, the thermal transport 

characteristics of the conventional PHP and 
ULFR-HP were compared based on experimental 

results. Additionally, the impact of different 

working fluids on the thermal transport 

performance of different heat pipes were 
investigated. Based on the overall results, the main 

conclusions of this study can be summarized as 

follows: 
 

(1) The significant difference in the thermal 

transport performance between the 
conventional PHP and ULFR-HP is 

attributed to the improved heat transfer rate 

in the cooling section of the ULFR-HP. 

(2) A reduction in the surface tension of the 
working fluid decreased the thermal 

resistance of the ULFR-HP. 

(3) The use of acetone and ethanol as working 
fluids reduced the thermal resistance 

176



 

 

compared with that using water. This 

reduction likely results from the lower 

surface tension of the working fluids. 
Conversely, when using FC-72, the thermal 

resistance increased compared with that 

using water. This increase is likely due to the 
significantly lower latent heat of FC-72 

compared with water. 
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Abstract 
Traditional methods for heat recovery rely predominantly on sensible heat transfer, which is unsuitable for effectively 
recuperating energy from the low-temperature wet exhaust emissions typical of many industrial processes. This paper 
explores the potential of heat pipes for latent heat transfer in waste heat recovery systems, particularly within the context 
of a novel technology referred to as a Latent Energy Exchanger (LEExchanger). The study examines the specific features 
of the LEExchanger in maintaining conditions for a stable, and therefore efficient, phase transition process, based on the 
mathematical similarity of process parameters and LEExchanger geometry. The impact of this similarity on the efficiency 
of heat pipes, which are integral to the energy transfer during phase transitions, is analyzed, along with the associated 
thermal resistances. Additionally, the paper presents the design and optimization of a LEExchanger, which utilizes heat 
pipes to facilitate energy transfer during phase transitions. Special attention is given to the internal and external surface 
arrangement of the heat pipe walls to ensure efficient condensation and evaporation processes. The study concludes that 
grooved surfaces on both sides of the heat pipe wall offer a cost-effective and efficient solution, capable of facilitating 
latent energy exchange, particularly for applications in waste heat recovery. 

Keywords: Latent energy transfer; Low-temperature exhaust; Moist gas; Heat pipe; Heat and mass exchanger 

1. Introduction
The decarbonization of processes in modern 

industry is crucial both for mitigating environmental 
impacts and improving energy efficiency. 
Traditionally, heat transfer technologies have been 
designed for the management of sensible heat. 
However, this approach is often unsuitable for 
effectively recuperating energy from the low-
temperature wet exhausts common to many industrial 
processes. As these processes are modified to 
improve efficiency, significant challenges and 
substantial opportunities for innovation in energy 
recovery arise. 

One of the most promising technologies in this 
context are heat pipes, which, despite traditional 
application in aerospace and electronics cooling, are 
increasingly being recognized for their potential in 
waste heat recovery systems. Heat pipes are noted for 
their high heat transfer capability and near-uniform 
temperature distribution. Yet employed in 
conventional sensible heat transfer applications, their 
heat transfer capacity is underutilized. The use of heat 
pipes in latent heat transfer processes, rather than 
traditional sensible energy transfer applications, has 
created a significant shift in focus from sensible heat 
transfer to latent heat transfer. Latent heat transfer is 
inherently more demanding than sensible heat 
transfer and presents unique technical challenges and 
opportunities. 

The condensation of the vapor component in 
exhaust gases has become a process of special interest 
for enhancing energy efficiency across various 

sectors, including power generation, chemical 
engineering, distillation, and air conditioning. 
Moreover, the augmentation of Brayton cycle 
performance became possible through liquid addition 
to the gas flow before the turbine and after 
recuperation. This trend is further propelled by 
increasing urgency to address the water-energy nexus, 
which emphasizes the role of efficient heat transfer in 
condensing technology and encourages the 
development of novel approaches to manage latent 
heat. 

2. Latent energy exchange approach
The Latent Energy Exchange (LEE) approach 

introduces a novel paradigm in heat transfer which 
employs a non-linear distribution of heat during 
condensation. This process alters the mass and dew 
point of a flow of a partially condensed mixture, 
requiring innovative techniques capable of managing 
these parametric changes effectively. Heat pipes play 
a crucial role in this process, facilitating the transfer 
of energy between phase change processes and 
enabling a balanced heat exchange with minimal 
temperature differences. The design of the Latent 
Energy Exchanger (LEExchanger) leverages a 
sequence of latent energy transfer processes—
including condensation in the hot flow section, 
vaporization and condensation within heat pipes, and 
vaporization in the cold flow section—to achieve 
high-performance heat transfer (Figure 1). 

As shown in Figure 2, the shape of the LEExchanger 
channel is formed by walls twisted in a logarithmic 
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Figure 1. LEExchanger concept design. 

spiral, resulting in an exponential change in the cross-
sectional area of the channels: 

 

�(�)
�(�)

= ��(�����)                        (1) 
 

Latent energy may be transferred through the 
common interface surface ( ��� ) along the two 
logarithmic spiral channels in such a manner that in 
each section of the channels, the relationship between 
vapor saturation pressure and temperature may be 
determined by the Clausius-Clapeyron equation for 
air containing water vapor: 

 

��,���(�)
��,���(�)

= �
�

��
� �

����(�)� �
����(�)�

                  (2) 
 

 

 

Figure 2. Logarithmic spiral channel of the 
LEExchanger. 

Figure 3. Flow temperature and vapor partial 
pressure distribution along LEExchanger flow 
paths. 

The similarity of exponential changes in vapor 
saturation pressure and channel geometry maintains a 
state of flow saturation, ensuring stable LEE 
transition along the entire length of the channels and 
a constant minimum temperature difference 
between the flows. Figure 3 illustrates the parallel 
linear temperature distribution in the hot and cold 
flows along the logarithmic spiral channel, 
demonstrating the constant temperature difference 
between the flows. The change in partial vapor 
pressure in both LEExchanger channels is depicted 
by the similar exponential curves. 

 

3. PCE transition around heat pipes 
A computational model for a LEExchanger 

designed for heat recovery from an average 
commercial bakery oven was developed. The model, 
described in Table 1, balances the energy transferred 
from the hot flow to the cold flow via heat pipes: 

 

����� = ������ = �����                   (3) 
 

Table 1. LEExchanger pilot parameters. 
Parameter Name Value 
Channel height 500 mm 
Hot side inlet velocity 2 m s-1 
Channel temperature difference 10 K 
Hot side outlet temperature 303 K 
Cold side water inlet temperature 298 K 
Atmospheric pressure 101,325 Pa 
Hot side inlet mass flow rate 0.111 kg s-1 
Hot side inlet specific humidity 0.333 [-] 

 

The process of condensation occurring on the 
exterior of the heat pipes, in the presence of non-
condensable gases, contrasts with the evaporation 
inside the pipe, which occurs almost without 
impurities. Although these processes are similar, 
they are not identical. The contribution of sensible 
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Figure 4. Temperature and energy transfer capacity 
of LEExchanger. 
heat exchange from the dry components of the 
mixture on the outside results in a slight deviation 
of the heat transfer curve inside the heat pipe from 
the symmetry axis between the heat transfer lines in 
the hot and cold flows. This deviation is illustrated 
in Figure 4, highlighting the nuanced dynamics of 
heat transfer within the system. 

 

4. Heat pipe distribution in channels 
Control of latent energy transfer within the 

LEExchanger is tuned through strategic placement of 
heat transfer surfaces along the flow channels. This 
distribution is crucial, as the area of heat transfer (���), 
must align proportionally to the change in mass flow 
resulting from ongoing phase transformation.  
 

 

Figure 5. Heat pipes comprise the heat transfer area 
(���) and interface surface (��� ) in hot and cold 
channels. 

This relationship is described by the following 
equation: 

 

∆�̇��� = �̇ × ∆��� = � × ∆�̇�             (4) 
 

The combined surface area of all heat pipes, 
positioned within the common interface surface , 
constitutes the total heat transfer surface (���). To 
maintain stable phase transformation, the heat pipes 
must be strategically positioned along the interface 
surface (Figure 5) according to the distribution of 
condensation and evaporation processes, which are 
governed by the local partial vapor pressure: 
 

����
����

= ����×���

����
= �1�(��)        (5) 

 

The phase change mass transformation balance 
for the LEExchanger model was defined using 
Equations (3) and (4). The resulting condensate 
formation rate distribution for even distribution of 
phase transition along the channel is shown in 
Figure 6 and described by the following: 
 

∆��
∆���

= ��������                      (6) 
 

It should be noted that the condensate formation rate 
inside the heat pipes exceeds the condensate 
formation rate outside of the heat pipes (in the hot 
channel). This is because the latent heat component 
of heat transfer inside the pipes surpasses the latent 
heat component outside of the pipes, where sensible 
heat transfer from non-condensable components 
also occurs. 

Figure 6 also illustrates the deviation of the vapor 
formation rate inside the pipes from the average 
value vapor formation rate when assessing the 
formation processes within individual heat pipes. 

 

 

Figure 6. Mass rate of phase transition in channels 
and inside pipes with equal thermal power of pipes 
and in each pipe cross-section with a given design. 
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When using heat pipes with uniform thermal load 
and water-fill, such deviations can be compensated 
by adjusting the range of the circulating water mass 
fraction within the pipes and determining the 
minimum fluid fill volume of the pipes.  

 

5. Mass transfer dynamics in and around heat 
pipes 

Traditional criteria for evaluating the operation of 
heat pipes in sensible heat transfer focus on the heat 
transfer wall area and the thermal conduction 
capability. These factors are influenced by the wall's 
conductivity properties and the efficiency of phase 
change processes occurring inside the heat pipes. 
However, in a LEExchanger, heat pipes primarily 
facilitate LEE transitions between the outside and 
inside of the heat pipes. The efficiency of this heat 
transfer depends on maintaining the stable 
conditions that support these phase change 
processes. This requires providing and stabilizing 
the vapor pressures of both the hot and cold flow 
vapor outside the heat pipes, as well as the vapor 
inside the heat pipes, in accordance with the energy 
distribution throughout the LEExchanger (see 
Figure 7). 

These phase transformations are accompanied by 
condensation of water on both the external and 
internal surfaces of the heat pipes, forming films 
which flow downward (Figure 8). The mass film 
formation rate of this condensate increases as more 
latent heat is transferred. However, this also creates 
additional resistance to thermal conductivity, which 
affects the temperatures of the flows outside and 
inside the heat pipe. Under these conditions, the 
optimal operation of the heat pipe depends on 

 

 

Figure 7. Vapor saturated partial pressure around 
and inside the heat pipes. 

 

Figure 8. Condensate and vapor flow direction 
inside and outside of a heat pipe in the hot flow 
stream. 

balancing the LEExchanger with the formation of 
corresponding resistances from the condensate 
films on the surfaces. 

In order for heat pipes to operate efficiently 
within a LEExchanger, they must fulfill two critical 
conditions: 

1. Effective Latent Heat Transfer: The heat 
pipes must efficiently transfer latent heat from the 
condensation occurring from the hot flow to the 
evaporation happening in the cold flow. This 
balance ensures that the heat flow from the hot side 
to the heat pipe is equal to the heat flow from the 
heat pipe to the cold side per Equation (3).  

2. Stable Temperature Difference: A constant 
temperature difference between the hot and cold 
flows (∆���� = 5�)  must be maintained, which 
creates saturation conditions in the flow 
surrounding the heat pipe. 

In this multi-stage system of phase transitions, the 
temperature difference between the hot and cold 
flows is distributed according to the thermal 
resistances present (Figure 9). The resistances 
include: 

1. Hot Flow: Sensible cooling of the gas 
(��,����) , vapor condensation (��,����) , and 
cooling of the condensate film (��,�). 

2. Heat Pipe: Conduction through the wall in 
the hot channel (���,��) , evaporation from the 
condensate film (���,�,����), vapor transport along 
the central vertical heat pipe axis  (���,�) , vapor 
condensation (���,�,����), and conduction through 
the wall to the cold channel (���,�,�). Additionally, 
there is conduction along the heat pipe wall parallel 
to the central axis (��,�). 
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3. Cold Flow: Conduction through the water 
film (��,�) , evaporation into the flow (��,����) , 
and limited sensible heating of the gas (��,����). 

As illustrated in Figure 9, the system of thermal 
resistances in the LEExchanger, represented by an 
electrical analog circuit, exhibits symmetry along an 
axis passing through the geometric center of the heat 
pipe. From this symmetry, it follows that the 
temperature drops between the external flows and 
inside of the heat pipe must be equal (�. �. , �� −
��� = ��� − ��) to ensure saturation conditions at 
all stages of phase transition. For this to occur, all 
symmetric resistances within the system must be 
equal. 

The most challenging resistances to balance are 
those associated with the condensate film in the hot 
flow, the water in the cold flow, and the condensate 
inside the pipe. These resistances must be equal to 
maintain proper thermal balance: 
 

��,� = ���,�,���� = ���,�,���� = ��,�      (8) 
 

The mass rate of condensate film formation and 
the rate of water evaporation in the cold flow are 
practically equal due to the equal heat flow 
associated with these phase transitions. For 
instance, in the design under consideration, the rate 
of condensate formation in the hot flow is 
0.00572 �� ���, while the rate of condensate film 
formation inside the pipe is 0.00612 �� ���. 

However, the thickness of the film depends on the 
relationship between the processes of formation and 
transport along the pipe, calculated as follows: 
 

� = �̇������̇���������

�×���
                     (9) 

 

The rate of film transport, in turn, depends on the 
surface arrangement. Therefore, to achieve 
complete heat transfer balance and maintain 
saturation conditions, and thus stable operation of 
the heat pipes in the heat exchanger, the external and 
internal heat pipe wall should receive similar 
surface treatment, creating near-identical conditions 
for film mass transfer during the phase transition. 

 

 

Figure 9. Electrical circuit analogy of thermal 
resistances in LEExchanger between the hot flow 
(red), heat pipe, and cold flow (blue). 

6. Surface arrangement strategies for optimal 
heat pipe operation  

In traditional approaches to optimizing heat pipe 
operation, the focus is primarily on extending the 
external surface area, often through the addition of 
fins or similar enhancements, to improve heat 
transfer efficiency. While this method is effective in 
many cases, it primarily addresses sensible heat 
transfer and does not fully account for the specific 
requirements of LEExchanger. As discussed in the 
previous sections, the optimal operation of heat 
pipes in LEExchangers necessitates a more holistic 
design approach, where both the external and 
internal surfaces of the heat pipe wall are carefully 
selected to facilitate simultaneous condensation and 
evaporation processes. 

Over the past decade, significant research has 
been dedicated to enhancing heat transfer through 
the strategic arrangement of condensation surfaces. 
This research has largely focused on the condensing 
side of the wall, where various innovations, such as 
the use of hydrophobic and hydrophilic surface 
treatments, have been explored. These solutions, 
while effective in certain contexts, have not yet been 
fully developed for specific technological 
applications and often remain prohibitively 
expensive. This makes them unsuitable for cost-
sensitive systems like the LEExchanger, whose 
primary application is in waste heat recovery—a 
field where cost efficiency is crucial. 

A particularly promising solution involves the 
use of grooved surfaces. This approach has been 
proven effective on both external and internal walls 
of heat pipe, facilitating both condensation and 
evaporation processes. The analysis procedure for 
the coupled condensing/evaporating films flowing 
down along the outer and inner walls of a vertical 
grooved tube has shown the effectiveness of this 
method, as performed by researchers in [3]. In 
traditional heat pipe research, the use of a grooved 
inner surface has been shown to efficiently transport 
condensed liquid back to the evaporator section, 
ensuring continuous and optimal operation. The 
primary advantage of grooved wick structures lies 
in their cost-effectiveness, as the grooves can be 
formed as part of the extrusion process, making 
them a practical choice for gravity-neutral or 
gravity-aided applications. 

 

7. Conclusion 
This study has demonstrated the critical role of 

heat pipes in optimizing the performance of Latent 
Energy Exchangers (LEExchangers) for waste heat 
recovery. Unlike traditional heat transfer methods 
that focus on extending external surface areas 
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through fins and other enhancements, the 
LEExchanger requires a more comprehensive 
design approach. The research highlights the 
importance of carefully arranging both the internal 
and external surfaces of heat pipe walls to support 
efficient phase transitions, particularly 
condensation and evaporation. Among various 
surface arrangement strategies, the use of grooved 
surfaces on both sides of the heat pipe wall has 
proven to be highly effective. This solution, which 
has been validated in [3], not only optimizes heat 
transfer but also aligns with the cost-sensitive nature 
of waste heat recovery applications. The dual-sided 
grooved design offers balanced, stable operation by 
enhancing the management of condensing and 
evaporating films within the heat pipe, ultimately 
contributing to the overall efficiency of the 
LEExchanger system. 
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Abstract 

As the heat generation in electronic devices increases while their size decreases, the challenge of effective thermal 
management is becoming more significant. Boiling-driven heat spreaders, which operate through boiling rather than 
evaporation and do not require wick structures, offer a novel approach with higher operational limits. Despite the 
potential advantages, existing research on boiling-driven heat spreaders has focused primarily on their axial thermal 
performance, with less attention given to their heat spreading capabilities. However, in evaluating heat spreaders' 
thermal performance, axial heat transfer and heat spreading are crucial factors. In this study, we fabricated a boiling-
driven heat spreader and quantified its heat spreading performance by measuring spreading thermal resistance and 
temperature uniformity. The fabricated boiling-driven heat spreader achieved a remarkably low spreading thermal 
resistance of 0.1 K/W at high heat fluxes of 300 W/cm². Additionally, the temperature uniformity of the condenser 
section showed significant improvement compared to a copper plate of the same dimensions across all heat flux ranges. 
These results confirm that the boiling-driven heat spreader has excellent heat transfer capabilities and effectively 
spreads heat evenly across the cold side, indicating that it is a highly efficient heat spreader overall.  

Keywords:  Spreading Thermal Resistance; Boiling-driven Heat Spreader; Thermal Performance; Electronics 
Cooling 

1. Introduction
As the heat generation in electronic devices 

increases while they become more compact, the heat 
flux within these devices is rapidly rising. Effective 
thermal management is essential to address this 
issue. A heat spreader, which efficiently spreads 
high heat flux to a heat sink, plays a crucial role in 
this process. A common example of such a device is 
the vapor chamber, widely used for cooling 
electronic equipment. The vapor chamber 
comprises a container, a wick structure, and a 
working fluid. It operates by evaporating the 
working fluid at the hot side and condensing it at the 
cold side, with the fluid circulating back through the 
wick structure. However, the wick structure relies 
on capillary action to circulate the working fluid, 
which can lead to dry-out at heat fluxes exceeding 
150 W/cm². This dry-out phenomenon hinders fluid 
circulation, drastically reducing thermal 
management performance and potentially leading to 
failure. Additionally, the capillary action is affected 
by gravity, causing performance variations 
depending on the orientation of the vapor chamber. 

To overcome these challenges, boiling-driven 
heat spreaders, which do not require a wick structure, 
have recently gained attention. These heat spreaders 
operate through boiling and utilize the bubble 
pumping effect to circulate the working fluid 
effectively. Unlike vapor chambers, this mechanism 

allows boiling-driven heat spreaders to maintain 
low thermal resistance without dry-out, even at high 
heat fluxes. Moon et al. [1] evaluated the thermal 
performance of boiling-driven heat spreaders under 
various filling ratios, operating orientations, and 
temperatures. Wang et al. [2] investigated the 
impact of heat spreader thickness on thermal 
performance. Lim et al. [3] explained the operating 
mechanism of boiling-driven heat spreaders through 
flow visualization. 

However, existing studies have not sufficiently 
evaluated the spreading thermal resistance and 
temperature uniformity index (TUI) of the 
condenser section in boiling-driven heat spreaders. 
Spreading thermal resistance is a crucial metric for 
assessing the performance of a heat spreader, 
indicating how effectively heat is spread and 
dissipated. The temperature uniformity index (TUI) 
of the condenser section measures how evenly heat 
is spread across the heat sink, with higher 
uniformity leading to more efficient heat dissipation. 
Vapor chambers have traditionally been evaluated 
using these metrics to assess their thermal 
management performance. As a new concept in heat 
spreaders, boiling-driven heat spreaders require a 
thorough evaluation of their operating 
characteristics and thermal performance. In this 
study, we quantitatively evaluated the thermal 
management and heat spreading performance of 
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boiling-driven heat spreaders using the metrics of 
spreading thermal resistance and temperature 
uniformity index (TUI), which have been applied in 
previous heat spreader performance assessments. 

 

2. Fabrication and Apparatus 
2.1. Boiling-driven heat spreader 

 

 
 
Figure 1. Boiling-driven heat spreader. 
 

Figure 1 shows the boiling-driven heat spreader 
used in this study. It is a rectangular structure 
composed of two copper plates with dimensions of 
90 mm × 90 mm × 2 mm. The boiling section covers 
the condenser section and is sealed by welding. A 
25 mm × 25 mm boiling enhancement coating was 
applied to the center of the boiling section to 
enhance boiling performance. Degassed water was 
used as the working fluid, and 4.1g was injected. 

 
2.2. Test setup 
A heater assembly was attached to the boiling 

section to apply heat to the boiling-driven heat 
spreader. This assembly consisted of a 10 mm × 
10 mm × 3 mm copper block and a 10 mm × 10 
mm ceramic heater, with a T-type thermocouple 
inserted into the center of the copper block to 
measure the junction temperature. The heater 
assembly was soldered to the center of the outer 
wall of the boiling section and insulated with 
epoxy to minimize heat loss. The test setup is 
shown in Figure 2(a). The condenser section of the 
boiling-driven heat spreader was attached to an 
aluminum cold plate using thermal grease, and 
40°C water was circulated through the cold plate 
using a thermostatic bath. Nine T-type 
thermocouples were inserted into the cold plate to 
measure the temperature of the condenser section.  
performance test setup  

Figure 2. Boiling-driven heat spreader thermal 
performance test setup. (a) Exploded view. (b) 
Assembled view. 
 

Additionally, the surrounding area of the boiling-
driven heat spreader was insulated with a PEEK 
housing to minimize heat loss. 
 

2.3. Thermal performance test 
The experiment was conducted by assembling the 

test setup, as shown in Figure 2(b). Power was 
supplied to the ceramic heater via a power supply, 
and temperature data was collected using 10 
thermocouples. The experiment gradually increased 
the heat flux from 2 W/cm² to 300 W/cm². The 
steady-state was confirmed when the temperature 
difference over 50 seconds, measured by the 
thermocouple inserted into the copper block, was 
less than 0.1°C between the initial and final 25 
seconds. The experiment continued with further 
increases in heat flux. The experiment was 
conducted in four different orientations: when the 
boiling-driven heat spreader was positioned 
horizontally with the boiling section facing up 
("horizontal face up"), horizontally with the boiling 
section facing down ("horizontal face down"), 
vertically with the inlet aligned parallel to the 
ground ("vertical right"), and vertically with the 
inlet perpendicular to the ground ("vertical up"). To 
ensure repeatability, each orientation was tested 
twice, resulting in eight experiments. 
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3. Experimental results 

Figure 3. Junction temperature of the Boiling-
Driven Heat Spreader by operating orientation. 
 

The junction temperature of the boiling-driven 
heat spreader is shown in Figure 3. with the 
average values obtained from two repeated 
experiments for each operating orientation. The 
junction temperature increased as the heat flux 
increased, reaching a maximum of 91°C at 300 
W/cm² in the horizontal face-down orientation. In 
contrast, the vertical right orientation recorded the 
lowest junction temperature at 86.5°C under the 
same heat flux, showing a difference of about 
4.5°C between the two orientations, indicating 
minimal variation in junction temperature based 
on orientation. In all orientations, the junction 
temperature remained below 79°C at a heat flux of 
240 W/cm², which is lower than the allowable 
temperature range for CPUs and GPUs (80–85°C). 
This suggests that the boiling-driven heat spreader 
can be effectively used for cooling high-heat-flux 
electronic devices. 

The spreading thermal resistance of the 
boiling-driven heat spreader is presented in Figure 
4. The results for each orientation are shown in 
Figure 4(a). The working fluid within the boiling-
driven heat spreader operates in a very constrained 
environment with a gap of 0.8 mm. Due to this 
limited space, the wall superheat required for 
boiling increases. This leads to the spreader 
operating primarily through micro-convection and 
evaporation at low heat fluxes, resulting in 
relatively high axial thermal resistance. However, 
as nucleate boiling initiates, thermal resistance 
decreases, and at heat fluxes above 40 W/cm², the 
spreading thermal resistance drops below 0.2 K/W 
for all orientations. In particular, the vertical up 
orientation recorded a very low spreading thermal 
resistance of 0.088 K/W at a heat flux of 200 
W/cm². The standard deviation of thermal 
resistance across all orientations was 0.006 K/W, 

indicating consistent performance regardless of 
orientation.  
Figure 4(b). compares the performance of the 
boiling-driven heat spreader with that of a copper 
plate of the same dimensions under identical test 
conditions. The results demonstrate that the 
boiling-driven heat spreader exhibits lower 
thermal resistance at heat fluxes above 30 W/cm², 
with approximately 43% lower spreading thermal 
resistance than the copper plate, indicating 
superior heat dissipation performance. The 
Temperature Uniformity Index (TUI) is shown in 
Figure 5. The TUI of the boiling-driven heat 
spreader was lower than that of the copper plate at 
all heat fluxes except 2 W/cm², indicating a more 
uniform temperature distribution in the condenser  

 
Figure 4. Spreading thermal resistance of the 
Boiling-Driven Heat Spreader. (a) Different 
orientations. (b) Comparison between the boiling-
driven heat spreader and copper block. 
 

section of the boiling-driven heat spreader 
compared to the copper plate. Particularly in the 
range above 200 W/cm², the TUI remained stable 
without significant changes. This stability is 
attributed to the bubble pumping phenomenon, 
where vapor bubbles escape the boiling surface, 
immediately displacing the limited volume of 
working fluid and supplying new liquid to the 
boiling enhancement surface. 
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Figure 5. Temperature uniformity index 
comparison between the boiling-driven heat 
spreader and copper block.  
 
As a result, the boiling-driven heat spreader not 
only maintains low thermal resistance at high heat 
fluxes but also ensures uniform temperature 
distribution in the condenser section, making it 
ideal for high-performance thermal management. 

 

4. Conclusions 
In this study, a boiling-driven heat spreader 

was fabricated, and an analysis of spreading 
thermal resistance and temperature uniformity 
index (TUI) was conducted, focusing on aspects 
that had not been previously evaluated. The 
spreading thermal resistance achieved a low value 
of approximately 0.1 K/W at high heat fluxes 
above 100 W/cm², regardless of the operating 
orientation. The TUI was also found to be lower 
than that of a copper plate with the same 
dimensions across all heat fluxes above 6 W/cm², 
and it remained stable with almost no change at 
high heat fluxes exceeding 200 W/cm² due to the 
active circulation of the working fluid. 
Consequently, this study confirmed that the 
boiling-driven heat spreader maintains low 
thermal resistance and evenly distributes heat to 
the heat sink even at high heat fluxes. Therefore, 
the boiling-driven heat spreader is expected to be 
effectively applied to thermal management in 
electronic devices with heat fluxes exceeding 200 
W/cm². 
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Abstract 
This study explores the development and performance of an aluminum boiling-driven heat spreader (Al-BDHS) that 
offers enhanced capability for high-heat-flux applications compared to typical aluminum heat spreaders in electronic 
device cooling. The Al-BDHS, lighter and more cost-effective than its copper counterpart, integrates easily with 
aluminum heat sinks and operates through a bubble pumping mechanism on a microporous-coated surface, eliminating 
the need for a wick and maintaining performance regardless of orientation. Using acetone as the working fluid, tests 
demonstrated that optimal boiling heat transfer is achieved when the coating thickness is approximately four times the 
diameter of the aluminum powder used. The Al-BDHS maintained consistent thermal performance, even at heat fluxes 
as high as 150 W/cm², without the risk of dryout. This study provides valuable insights into advanced thermal 
management strategies for high-performance electronic devices.  

Keywords: boiling-driven; aluminum; heat spreader; Thermal performance 

1. Introduction
The increasing power demands of high-

performance electronic devices necessitate 
advanced thermal management strategies [1]. 
Among these, the boiling-driven heat spreader 
(BDHS) has emerged as a promising solution, 
capable of operating at higher heat fluxes than 
conventional evaporation-driven heat spreaders [2]. 
Unlike traditional systems, the BDHS maintains 
consistent performance regardless of orientation, 
thanks to a bubble pumping mechanism facilitated 
by boiling on a microporous-coated surface. 
Notably, this device does not require a wick, as the 
bubble pumping ensures continuous delivery of the 
working fluid under high heat flux conditions, 
effectively preventing dryout. 

Previous studies have focused on developing a 
BDHS using copper (Cu-BDHS); however, this 
study introduces an aluminum version (Al-BDHS). 
Aluminum offers significant advantages over 
copper, being lighter, more cost-effective, and 
easily integrated with widely used aluminum heat 
sinks. 

In this study, we investigate the boiling heat 
transfer performance of the microporous coating, a 
critical component of the aluminum boiling-driven 
heat spreader (Al-BDHS), using acetone as the 
working fluid. The fabricated Al-BDHS, with an 
optimized coating, demonstrates enhanced heat-
spreading performance and orientation-independent 
operation. These findings provide valuable insights 
into advanced thermal management solutions for 
high-heat-flux applications in electronic device 
cooling. 

2. Boiling-driven Heat Spreader
Figure 1 illustrates the operational mechanism

of the boiling-driven heat spreader, which consists 
of a flat container with a microporous coating on the 
heating surface. When the surface is heated, boiling 
initiates, leading to an increase in bubble pressure 
that expels the working fluid to the sides. This 
continuous boiling process generates a bubble 
pumping effect, allowing the condensed working 
fluid from the sides to be replenished on the heating 
surface during operation [3]. 

Figure 1. Schematic diagram of the working 
mechanism of the   boiling-driven heat spreader 

Figure 2 compares the thermal performance of 
the vapor chamber and the boiling-driven heat 
spreader. The vapor chamber relies on evaporative 
heat transfer and functions optimally at lower heat 
fluxes. However, it suffers from performance 
variability due to its wick-based fluid circulation 
system and is prone to dryout at higher heat fluxes. 
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In contrast, the boiling-driven heat spreader, which 
has a wickless design and is engineered for efficient 
operation around 20 W/cm², maintains consistent 
performance even at high heat fluxes. Its simpler 
structure and the proper filling ratio of the working 
fluid effectively eliminate the risk of dryout. 

 

 
Figure 2. Thermal resistance of the boiling-driven 
heat spreader and typical heat spreader (vapor 
chamber) 
 
 

3. Aluminum Microporous Coating 
Enhancing boiling heat transfer in the boiling-

driven heat spreader is crucial. To achieve this, a 
microporous coating was fabricated using brazed 
aluminum powder. The brazing process for the 
microporous coating was carried out using 
equipment that shown in Figure 3. The coating 
height was precisely controlled by combining a 
precision height gauge with a minimum scale of 10 
µm and a machined scraper. The coating was then 
formed by heating it to approximately 600°C in a 
vacuum furnace.  

 

 
Figure 3. Coating fabrication equipment and high 
vacuum furnace 

 
The detailed morphology of the microporous 

coating, made from 60 µm diameter aluminum 
particles, was captured using a scanning electron 
microscope (SEM). The pore diameter is 
approximately 50 µm, and the porous structure 

facilitates the efficient supply of the working fluid 
to the heated surface through strong capillary action, 
as shown in Figure 4. Additionally, the numerous 
microscale cavities where boiling occurs 
significantly enhance boiling heat transfer. 

 

 
Figure 4. SEM Image of the coating with brazed 
aluminum particles 

 
Pool boiling tests were conducted using acetone 

as the working fluid to determine the optimal 
coating thickness by comparing boiling heat transfer 
performance based on the powder’s diameter and 
the coating’s thickness. Acetone was selected for its 
excellent chemical compatibility with aluminum [4].  
The test results confirmed that optimal performance 
is achieved when the coating thickness is 
approximately four times the diameter of the 
powder. Specifically, the tests indicated that a 
coating thickness of 240 µm provided the best 
boiling heat transfer performance. As shown in 
Figure 5, using the 240 µm coating reduces wall 
superheat by more than 10°C compared to a plain 
surface at the same heat flux, and increases the 
critical heat flux (CHF) from 48 W/cm² to 62 W/cm². 
These results align with previous studies, which 
found that the pool boiling performance of 
microporous structures made from particles is 
optimal when the coating thickness is 
approximately 3 to 5 times the particle diameter [5].  
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Figure 5. Pool boiling test results for aluminum 
plain and brazing surface 

 
4. Aluminum boiling-driven heat spreader 
 

As depicted in Figure 6, the test sample was 
machined from aluminum, with an area of 90 mm² 
and a thickness of 3 mm. An aluminum plate with a 
240 µm thick coating, optimized for the best boiling 
heat transfer performance (boiling side), was 
diffusion bonded to a plate with machined ribs 
(condensation side). 

 

 
Figure 6. Typical picture of the aluminum 
boiling-driven heat spreader before diffusion 
bonding 

 
The container was maintained at a vacuum of 

10⁻³ hectopascals using a rotary pump and a turbo 
pump, and acetone, from which non-condensable 
gases (NCGs) had been removed by heating for one 
hour, was injected. For the heat transfer 
performance test of the Al-BDHS, a 10 x 10 mm² 
ceramic heater and an aluminum block were 
soldered to the boiling side, and the hot side 
temperature (Th) was obtained by measuring the 
center temperature of the aluminum block. 
 

 

5. Results 
The test specimen was attached to the water-

cooled aluminum cooling plate of the thermal 

performance test apparatus using thermal grease to 
minimize contact thermal resistance, and the cold 
side temperature (Tc) was obtained by measuring the 
temperature of the aluminum cooling plate. 

 

 
Figure 7. Thermal performance test apparatus 

 
The thermal resistance of Al-BDHS was 

calculated using the hot surface temperature and the 
cold surface temperature as described in Equation 1. 
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The test results are shown in Figure 8, where it 
can be seen that the thermal resistance significantly 
decreased after starting operation at 10 W/cm². 
According to the pool boiling test on the coating 
shown in Figure 5, it was observed that the initiation 
of boiling was difficult due to the characteristics of 
acetone, which has a small contact angle. However, 
in the case of Al-BDHS, the sufficient removal of 
NCGs and the injection under high vacuum 
conditions allowed for easier initiation of boiling. 
As the heat flux increased, the thermal resistance 
gradually rose. This increase is attributed to the low 
surface tension of acetone, which reduces capillary 
forces and makes it difficult to supply acetone to the 
heated surface. Finally, dryout occurred at 100 
W/cm². 
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Figure 8. Thermal performance of Al-BDHS 
 

 

6. Conclusions 
This study explored the thermal performance 

of an aluminum boiling-driven heat spreader (Al-
BDHS) optimized for high-heat-flux electronic 
cooling. The Al-BDHS, featuring a 240 µm thick 
microporous coating, demonstrated improved 
boiling heat transfer, reducing wall superheat and 
increasing critical heat flux (CHF). Tests showed 
that the device maintained low thermal resistance 
at heat fluxes starting from 10 W/cm², with easier 
boiling initiation due to effective NCG removal 
and high vacuum conditions. However, thermal 
resistance gradually increased at higher heat 
fluxes, leading to dryout at 100 W/cm², primarily 
due to acetone's low surface tension and latent 
heat. 

If further studies are conducted on coatings 
with higher permeability or fluids with higher 
latent heat, the performance of the Al-BDHS 
could be further enhanced. The Al-BDHS presents 
a promising solution for advanced thermal 
management in high-power electronics. 
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Abstract 
This study suggests a geothermal thermosyphon using a stainless-steel container and acetone. A thermosyphon 

experimental setup was designed to demonstrate the thermal resistance of geothermal thermosyphon at the 

underground temperature of 15℃. The thermal resistance of the experimental result is 0.08 K/W. The geothermal 

thermosyphon was numerically evaluated for its snow removal performance. The numerical simulations are performed 

on installation parameters of a full-scale geothermal thermosyphon. The numerical results show the thermal 

performance in heat release and heat flux on the road surface. These results indicated the trends in thermal performance 

for snow removal. The optimal installation design could be achieved when thermosyphons are installed close to the 

pavement surface, with narrow spacing between pipes and proper insulation to minimize heat loss. This paper provides 

valuable guidelines for designing and implementing geothermal thermosyphon for snow melting infrastructure, 

contributing to environmentally friendly and efficient snow management practices. 

Keywords: Snow removal; Road pavement; Geothermal energy; Thermosyphon 

1. Introduction

Snow melting on paved roads is essential from an 

economic, social, and industrial perspective. 

Chemical snow melting methods are widely used, 

but those have problems such as environmental 

pollution and accelerated corrosion of roads and 

vehicles. In addition, electric heating methods have 

the disadvantages of high energy consumption and 

difficulties in application outside of cities. So, this 

research introduces a thermosyphon technology for 

melting snow by utilizing subterranean heat [1]. 

Experimental and numerical methods were used to 

verify the performance of snow melting using 

geothermal energy. Experiments were conducted to 

demonstrate a lab-scale geothermal thermosyphon. 

The experimental results determined the geothermal 

thermosyphon's thermal resistance and effective 

thermal conductivity. Numerical studies were 

conducted to evaluate realistic installation 

conditions for the geothermal thermosyphon's 

spacing, depth, and insulation [2].  As a result, this 

study shows the maximum heat flux that can heat a 

paved road with underground heat and the 

difference in performance based on installation 

conditions. The results of this study could predict 

the performance of snow-melting devices that can 

operate independently of geographical location, 

providing new ideas for the commercialization of 

thermosyphon technology utilizing renewable 

energy. 

2. Geothermal snow removal thermosyphon

The thermosyphon was designed with stainless 

steel (ASTM S30400), which is highly corrosion 

resistant; acetone, chemically compatible with 

stainless steel, was chosen as the working fluid [3]. 

Ammonia is the commonly used working fluid for 

geothermal thermosyphons, but in case of leakage, 

it can cause severe toxicity to humans [4]. Acetone, 

which was used in this study, is a promising 

alternative as a working fluid for geothermal 

thermosyphons. 

2.1. Experimental approach 

Experimental studies were performed to 

demonstrate the feasibility and thermal performance 

of the thermosyphon. An experimental test rig was 

made, as shown in Figure 1. The experimental 

conditions considered the seasonal and geothermal 

temperatures in Suwon, Republic of Korea. The 

temperature in the basement is always 15 degrees, 

regardless of outside weather factors, from a depth 

of 5 m to 200 m. So, the amount of heat supplied 

through the band heater was increased until the 

temperature of the evaporator section reached 15℃. 

The temperature of the condenser section was kept 

constant temperature at 0℃ through a water bath. 

The whole experimental setup was well insulated, 

and the energy balance in the experiment was at 

least 99%.  
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Figure 1. Schematics of the lab-scale experimental 

setup for geothermal thermosyphon 

 

2.2. Numerical approach 

As shown in Figure 2, the thermosyphon region 

was modeled with a condensation section of 3 

meters and an evaporation section of 15 meters. 

Three thermosyphons are installed at the borehole in 

the center of the computational model. The 

temperature for the wall condition is a depth-

dependent temperature change. The roads' surface is 

assumed to be convection heat transfer with -2℃ of 

the air temperature and 50 W/m2⋅K of the heat 

transfer coefficient. The computational grids are 

generated with hexahedral conformal grids, as 

shown in Figure 2(b). The grids were determined to 

be about 2,300,000 by the grid-independent test. 

 

 
Figure 2. (a) Boundary conditions of the 

numerical geometry, (b) Grid of the numerical 

model for geothermal thermosyphon 

The parameters of geothermal thermosyphon 

devices were the burial depth from the pavement 

surface, burial spacing within the pavement, and 

thermosyphon distance within the borehole. Table 

1 summarizes the specifications of the numerical 

studies conducted. 

 

Table 1. Specifications of the geometrical 

parameters of the geothermal thermosyphons 

No. 
Depth 

(mm) 

Spacing 

(mm) 

Distance 

(mm) 

1 

70 

100 

50 

2 150 

3 250 

4 

200 

50 

5 150 

6 250 

7 

400 

50 

8 150 

9 250 

 

3. Data reduction 

The heat transfer performance can be expressed 

as Equation 1 with the wall temperature difference 

of the temperature at the evaporator and condenser 

and the input power [5]. 
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Thermal resistance, obtained from the 

temperature difference and the amount of heat 

applied, allows us to evaluate how easily the heat is 

transferred. Temperature was measured until the 

average temperature difference over 10 minutes 

converged to within 0.2℃. The heat can be 

calculated by the voltage and current applied to the 

band heater, and the energy balance was calculated 

with the heat output through the cooling jacket. 

Specifically, the measurement error of temperature 

using T-type thermocouples is 0.4%, and the voltage 

and current accuracy are 0.2% and 0.1%, 

respectively. The experimental uncertainties could 

be calculated with equation 2 [6]. The uncertainty 

analysis of this study was performed on the thermal 

resistance. The maximum expanded relative 

uncertainty of the thermal resistance is 6.9%. 

 
2

1

n i
ii

i
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R x

x
 

=

 
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4. Results and discussions 

The thermal performance of the newly 

designed stainless steel-acetone thermosyphon 

was experimentally verified over a geothermal 

temperature range. The thermal performance was 

tested by maintaining the condenser temperature 

through cooling water at 0℃. The temperatures of 

the condenser, evaporator, and condenser sections 

were verified by increasing the heat applied to the 

band heater. The experiments were performed 

until the evaporator temperature exceeded 15℃, 

and the experimental results are shown in Figure 

3. According to the input power, the evaporator 

and condenser temperatures indicate that the 

thermosyphon can operate stably in the 

temperature range of 0℃ to 15℃. In particular, 

the acetone inside the thermosyphon can transfer 

heat from the high-temperature section to the low-

temperature section through repeated evaporation 

and condensation, and its performance was 

verified. 

Numerical analysis predicted the snow 

removal device's performance according to the 

thermosyphon's installation configuration. A snow 

removal equipment using thermosyphons absorbs 

 

 
Figure 3. Experimental results of the geothermal 

thermosyphon 

 

 
Figure 4. Numerical results on the heat 

transmission of the geothermal thermosyphon 

 
Figure 5. Numerical results on the maximum heat 

flux of geothermal thermosyphon 

 

heat from the ground. The snow removal 

equipment using thermosyphons absorbs heat 

from the ground by installing multiple 

thermosyphons within a single borehole. 

Therefore, the distance between each 

thermosyphon inside the borehole affects the 

surrounding ground and the thermosyphon’s 

temperature. 

Figure 4 and Figure 5 show all the numerical 

results regarding the spacing of thermosyphons 

inside the borehole. As evident from the analysis 

results, in all conditions, the heat transmission and 

maximum surface heat flux tend to increase as the 

spacing of the heat thermosyphon increases. For 

example, under the condition where the burial 

depth in the road pavement is 70 mm, and the 

burial spacing is 100 mm, increasing the 

installation distance of thermosyphons inside the 

borehole from 50 mm to 250 mm results in an 

increase in heat supply capacity from 184.6 W to 

201.1 W. The maximum heat flux increases from 

134.3 W/m² to 146.2 W/m².  

 

5. Conclusions 

A thermosyphon's design and thermal 

performance utilizing underground heat have been 

studied experimentally and numerically. The 

stainless steel-acetone thermosyphon was verified 

to operate in the lower temperature range of 

geothermal environments, and the amount of heat 

that could be transferred to the ground surface was 

predicted by numerical methods. Based on the 

subsurface temperature distribution in Suwon, 

South Korea, installation conditions were 

identified for achieving heat fluxes of up to 146.2 

W/m2. Thus, the stainless steel-acetone 

geothermal thermosyphon presented in this study 

has shown promise as a future snow-melting 

method for paved roads. 
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Abstract 
 The recent advancements in AI have led to increased heat generation in CPUs and GPUs, consequently driving the 

expansion of data centers. Traditional air-cooling methods used in existing data centers are becoming increasingly 

inadequate to effectively manage the rising heat loads, prompting extensive research into immersion cooling. While 

numerous studies have explored thermal performance enhancement through surface modification in two-phase 

immersion cooling, this research has largely been confined to pool boiling chambers, which do not accurately reflect 

actual server environments. In this study, we fabricated surface-modified samples using copper foam and sintered 

copper microporous coating (MPC) with varying thicknesses and evaluated thermal performance within a chamber 

designed to simulate real server immersion cooling conditions. The results showed that both surface modification 

methods significantly reduced the maximum superheat by more than 15K and increased the critical heat flux (CHF) 

compared to smooth surfaces. The copper foam demonstrated the highest convective heat transfer coefficient at 300 

µm, while the sintered copper MPC exhibited the highest at 200 µm. Both surface modification methods showed an 

increasing trend in CHF with increasing thickness, although the changes in CHF for sintered copper MPC were 

minimal compared to the more pronounced improvements observed with copper foam. This study contributes insights 

into the most effective surface modification techniques and optimal thicknesses for practical application in immersion 

cooling environments.  

Keywords: Immersion cooling; Surface modification; Dielectric liquid, Critical heat flux  

1. Introduction

Recently, as interest in AI has increased, the 

performance improvements in CPUs and GPUs 

have led to an increase in Thermal Design Power 

(TDP) and the expansion of hyperscale data centers. 

Electronic equipment must be maintained at a 

temperature below 85℃  to ensure stable server 

operation [1]. However, the air-cooling methods 

used in conventional data centers are limited in 

effectively dissipating the increasing heat load. 

Consequently, research on immersion cooling, 

where server boards are directly immersed in 

dielectric liquid for cooling, has been actively 

researched. 

Immersion cooling includes single-phase 

cooling using sensible heat and two-phase cooling 

using latent heat. With boiling heat transfer, two-

phase immersion cooling possesses a convective 

heat transfer coefficient that is an order of 

magnitude higher than single-phase immersion 

cooling [2]. Therefore, two-phase immersion 

cooling more effectively addresses the increasing 

heat dissipation challenges. 

Two-phase immersion cooling uses dielectric 

liquid, which has high wettability and low thermal-

physical properties compared to water. When 

surface modification is applied, the heat transfer 

coefficient and Critical Heat Flux (CHF) can be 

increased compared to a smooth surface [3]. 

Therefore, surface modification is a promising 

option for enhancing the heat transfer performance 

of dielectric liquids. Extensive research has been 

conducted to enhance thermal performance through 

surface modifications in pool boiling using 

dielectric liquids to apply immersion cooling. 

However, most of this research has been conducted 

in pool boiling chambers, where the heat source is 

small, and experiments are conducted horizontally, 

which is not representative of the actual immersion 

cooling environment in servers. Therefore, it is 

crucial to identify the most effective surface 

modification method when applied to actual 

application environments. 

In this study, experiments were conducted in a 

chamber that simulated a server's actual immersion 

cooling environment. Additionally, we performed 

surface modification using copper foam and 

sintered copper MPC and evaluated the thermal 

performance based on coating thickness. The goal is 

to propose the most effective surface modification 

method and optimal thickness for application to 

actual server boards. 
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2. Fabrication and experiment 

2.1. Sample  fabrication 

The surface modification was performed using 

copper foam and sintered copper microporous 

coating. First, the copper foam samples were 

fabricated as follows. Copper foam with 200, 300, 

and 500 µm / 130 ppi was placed on a copper block, 

and then a graphite block weighing approximately 

200 g was placed on top to apply pressure. And 

sintering in a vacuum furnace (1040℃, 1 hour 

heated, 30 minutes maintained) to attach each other. 

For the sintered copper MPC samples, copper 

powder with a particle size of 62 µm was used. A 

mixture of thinner and copper powder was evenly 

spread over the copper block, and the sintering was 

done under the same conditions as the copper foam 

samples. After sintering, the thickness of the 

samples was measured to be approximately 200, 

300, and 500 µm. 

The fabricated copper blocks, each measuring 

25.4 × 25.4 mm2, were soldered to ceramic heaters 

of the same size. A wire thermocouple (TC) was 

inserted into the center of the copper block to 

measure the junction temperature of the copper 

block. Subsequently, the samples were placed in 

PEEK molds and attached with epoxy, as shown in 

Figure 1(a). The completed samples were then fixed 

at the center of a 5 mm thick polycarbonate board to 

simulate a server board, as shown in Figure 1(b). 

 

 

 

 

 

 

 

 

Figure 1. Two-phase immersion cooling test 

sample. (a) Test sample (b) Test sample and PC 

board assembly 

2.2. Experimental setup 

The equipment used in the experiment is shown 

in Figure 2. The chamber was designed to 

accommodate an E-ATX standard server board 

(12 × 13 inch2), the size of a commercially 

available board. The working fluid used was 3M 

Novec HFE-7200, with a boiling point of 76°C. 

Three thermocouples were inserted inside the 

chamber to measure the temperature of the liquid 

top, bottom, and vapor. The saturation condition 

was considered the point at which the three TC 

readings equalized. During the experiments, a 

cartridge heater and condenser were used to 

maintain the chamber in a saturated state. A 

pressure transducer was installed at the top of the 

chamber to maintain the internal pressure at 1 atm. 

Additionally, a high-speed camera was used to 

visualize the bubbles' behavior. 

 

Figure 2. Experimental setup of two-phase 

immersion cooling 
 

2.3. Data reduction 

The following methodology was employed to 

calculate the wall superheat (ΔTsat) and heat transfer 

coefficient (h). First, it was assumed that the 

problem could be treated as a one-dimensional heat 

conduction issue because the heating area was 

identical to the area of the heater, and insulation was 

provided using PEEK and epoxy. Using Eq (1), the 

thermal resistance of the copper block was 

calculated, which allowed for the determination of 

the wall temperature. 

d
T T qh

kA
w

= −                                      (1) 

Using Eq (2), the wall superheat was determined 

from the previously calculated wall temperature 

and the measured liquid temperature. 

T T Tsat w sat = −                     (2) 

Finally, heat transfer coefficient was calculated with 

Newton’s cooling law Eq (3). 

(a) 

(b) 
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3. Test result and discussion 

Experiments were conducted under identical 

conditions to investigate the effects of surface 

modification methods and thickness. To compare 

the thermal performance improvements through 

surface modification, the experiments were first 

performed on a smooth surface. Both surface 

modification methods resulted in a reduction in 

maximum wall superheat and an enhancement in 

CHF compared to the smooth surface. At the same 

heat flux of 15 W/cm², all surface modification 

methods exhibited a reduction in superheat of more 

than 15 K compared to the smooth surface, and CHF 

was also improved in all cases. 

Surface modification was performed using two 

methods: copper foam and sintered copper MPC. To 

compare the effects of thickness, samples were 

fabricated with thicknesses of approximately 200, 

300, and 500 µm, and experiments were conducted 

accordingly. The experimental results for each 

Figure 3. Pool boiling curve of surface 

modification methods (a) Sintered copper MPC, 

(b) Copper foam 

surface modification method according to thickness 

can be seen in Figure 3. For the sintered copper 

MPC samples, the highest heat transfer coefficient 

was observed at a thickness of 200 µm, while the 

highest CHF was recorded at 23 W/cm² with a 

thickness of 500 µm. In the case of copper foam, the 

highest heat transfer coefficient was observed at a 

thickness of 300 µm, and the highest CHF of 31 

W/cm² was recorded at 500 µm. Although the 

copper foam at 500 µm exhibited the highest CHF, 

it also showed an increase in maximum superheat to 

17.8 K, which is more than 7 K higher compared to 

other surface modification samples. For CHF, both 

surface modification methods exhibited an 

increasing trend with increasing thickness. While 

the change was minimal for the sintered copper 

MPC samples, the copper foam showed significant 

improvements with increasing thickness. 

 The sintered copper MPC samples exhibit a higher 

heat transfer coefficient compared to the copper 

foam as shown in Figure 4(a). This is attributed to 

the smaller pore size and the greater number of 

nucleation sites in the sintered copper MPC. Due to  

Figure 4. Comparison of immersion cooling 

performance based on thickness (a) Heat transfer 

coefficient (b) Critical heat flux 

(a) 

(b) 

(a) 

(b) 
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the low surface tension of dielectric liquids, larger 

cavities may fail to retain vapor embryos 

effectively. Therefore, the smaller and more densely 

distributed pores in the sintered copper MPC 

samples are believed to result in a lower maximum 

superheat. Additionally, while the CHF 

improvement is significant with increasing 

thickness in the copper foam, the increase in CHF 

for the sintered copper MPC is relatively minor as 

shown in Figure 4(b). This can be attributed to the 

larger pore size in the copper foam, which facilitates 

easier bubble departure and consequently better 

liquid supply. 
 

4. Conclusions 

In this study, a chamber simulating an actual 

server environment was fabricated, and surface 

modification was carried out using copper foam 

and sintered MPC. To analyze the effects of 

thickness, experiments were conducted on 

samples fabricated at three different thicknesses: 

200, 300, and 500 µm. 

1. Both surface modification methods showed 

improvements in maximum superheat and CHF 

compared to a smooth surface, with a reduction in 

maximum superheat of over 15 K at a heat flux of 

15 W/cm². 

2. For the sintered copper MPC, the highest heat 

transfer coefficient was observed at 200 µm, while 

the CHF of 23 W/cm² was the highest recorded at 

500 µm. 

3. For the copper foam, the highest heat transfer 

coefficient was observed at 300 µm, and the CHF of 

31 W/cm² was the highest recorded at 500 µm. 

4. The sintered copper MPC showed a reduction 

in maximum wall superheat by more than 2 K 

compared to the copper foam. This is due to the 

smaller pore size and the greater number of 

nucleation sites compared to the copper foam. 

5. The CHF improvement with increasing 

thickness is more pronounced in copper foam 

compared to MPC samples. This is likely because 

the larger pore size in the copper foam allows for 

easier bubble departure, leading to more efficient 

liquid supply. 
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Abstract 
A wick structure with a constriction shape was proposed to improve the thermal performance of ultra-thin heat 

pipes. Visualization experiments and numerical analyses were conducted with two types of wick structures with and 

without a constriction shape. In the experiments, fluid-flow and phase-change phenomena in the heat pipe were 

captured with a video camera, and temporal changes in temperatures were measured with thermocouples. In the 

numerical analyses, velocity and temperature distributions in the heat pipe were obtained. The experimental results 

confirmed that the constriction shape prevented the liquid slug formation in the vapor-flow channels and thus 

improved the thermal performance of the heat pipe. The numerical results clarified that the constriction shape 

increased a condensation area not only in the constriction direction but also in the vapor-flow direction in the vapor-

flow channels. Thus, it was explained that the condensation-area increase in the two directions improved the thermal 

performance of the heat pipe. 

Keywords: Ultra-thin heat pipe; Centered wick structure; Striped wick structure; Condensation; Liquid slug 

1. Introduction

Ultra-thin heat pipes have been developed for 

the enhancement of heat removal within a thin 

electronic device like a smartphone. Since the 

overall thickness is less than 1 mm, ultra-thin heat 

pipes cannot be fabricated with a traditional design 

of a wick structure, that is, a wick structure cannot 

be attached to the inner wall of a heat pipe 

container. Thus, centered [1−3] or striped [4−6] 

wick structures have been proposed to leave vapor-

flow channels within the heat pipe. In the heat pipe 

with a centered wick structure, vapor-flow 

channels are left on both sides of the wick structure. 

In the heat pipe with a striped wick structure, wick 

structures and vapor-flow channels are arranged 

alternately. 

The centered and striped wick structures are 

effective to leave vapor-flow channels within an 

ultra-thin heat pipe. The height of the vapor-flow 

channels is the same as the thickness of the wick 

structures. However, at a condenser section of the 

heat pipe, vapor is directly cooled by the inner wall 

of a heat pipe container, which essentially differs 

from heat pipes with a traditional wick structure. 

Because of this, condensate droplets were observed 

in the vapor-flow channels, and in some cases, the 

droplets coalesced to form a liquid slug [7, 8]. 

The liquid slug hinders vapor flow in the vapor-

flow channels. Thus, it is expected that the thermal 

performance of ultra-thin heat pipes with a 

centered or a striped wick structure would be 

increased when the liquid slug is eliminated in the 

vapor-flow channels. In the present study, therefore, 

a non-uniform wick structure, that is, a wick 

structure with a constriction shape was proposed. 

This wick structure was intended to prevent liquid 

slug formation by partially increasing the width of 

the vapor-flow channels. Visualization experiments 

and numerical analyses were conducted with two 

types of wick structures with and without a 

constriction shape. Based on the experimental and 

numerical results, discussion was conducted on the 

effectiveness of the constriction shape.

Figure 1. Dimensions of the wick structure 

with a constriction shape. 

Figure 2. Wick structure with a constriction 

shape in a semi-transparent heat pipe. 
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2. Experimental method 

Figure 1 shows the design of a constriction-

shaped wick structure. The wick structure was 110 

mm long, and the constriction shape was made at 

the middle, where the width was constricted from 

10 mm to 5 mm. A semi-transparent heat pipe 

developed in the previous study [7] was used, and 

the wick structure was placed as shown in Figure 2. 

The wick structure was made by sintering copper 

powders. The thickness of the wick structure was 

0.5 mm, which was equal to the height of the 

vapor-flow channels. An evaporator, adiabatic, and 

condenser sections of the heat pipe were 10 mm, 

40 mm, and 60 mm long, respectively. Water was 

used as a working fluid. 

Figure 3 shows an experimental apparatus. The 

heat pipe was placed horizontally. A heater and a 

cooling jacket were mounted on the evaporator and 

condenser sections of the heat pipe, respectively. In 

experiment, the evaporator section was heated and 

the condenser section was water-cooled. Fluid-

flow and phase-change phenomena in the heat pipe 

were captured with a video camera, and temporal 

changes in temperatures were measured with 

thermocouples. Temperature measurement points 

are also shown in Figures 2 and 3. The temperature 

and flow rate of the cooling water were 15C and 

50 mL/min, respectively. The heating was started 

under the condition that the electrical power (P) to 

the heater was 4 W, and then P was increased 

stepwise when the temperature changes reached a 

steady state. The experiment was terminated when 

the evaporator temperature (Te) reached 90C. For 

comparison, the experiments were also conducted 

when the wick structure without a constriction 

shape was placed in the heat pipe. The width of the 

wick structure was constant at 10 mm. The wick 

length and wick thickness were the same as those 

of the constriction-shaped wick structure. From 

temperature gradient in a rod between the heat pipe 

and the heater, the heat transfer rate (Q) was 

evaluated by using Fourier’s law.  
 

3. Numerical method 

Figure 4 shows a mathematical model of the 

ultra-thin heat pipe with a constriction-shaped wick 

structure. Because the wick structure was placed 

at the center of the heat pipe, numerical analyses 

were conducted for the half domain of the heat 

pipe. As shown in Figure 4 (a), the model 

comprised three regions: a vapor channel, 

liquid−wick, and container wall regions in the x-

y-z coordinate system. These three regions were 

the same in length (lt). Heated and cooled 

sections were on the bottom of the model. Except 

for these two sections, the rest of the outer 

surface of the model was insulated. Figure 4 (b) 

shows the x − y cross section of the model at the 

center of the vapor channel region in the z 

direction. For simplicity, the constricted part of the 

wick structure was considered to be rectangular in 

shape.  

 

 

 

 

 

 

 

 

 

 

 

 

 

(a) Whole view 

 

 

 

 

 

 

 

 

 

 

(b) x−y cross section 

 

Figure 4. Mathematical model of the heat pipe. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 3. Experimental apparatus. 
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The same governing equations and boundary 

conditions as those in the previous paper [9] were 

applied to the present model. As the governing 

equations, the conservation equations of mass, 

momentum, and energy were given for the vapor 

channel and liquid-wick regions. Only the 

conservation equation of energy was used for the 

container wall region. The boundary conditions 

were applied to the solid-liquid, solid-vapor, and 

liquid-vapor interfaces as well as the heated, 

cooled, and adiabatic sections of the model. The 

governing equations were discretized by using 

the control volume method, and calculations were 

conducted based on the SIMPLE algorithm. Non-

uniform mesh was used in a computational 

domain. 

As mentioned earlier, the vapor flow is hindered 

by a liquid slug in the vapor-flow channels. Thus, 

it was assumed that condensation of vapor occurs 

only in the vapor-flow channel upstream of the 

liquid slug. Based on this assumption, the vapor-

liquid interface was separated into condensation 

and non-condensation interfaces, and thermal 

boundary conditions were applied as follows: 

Condensation interface (0  y  lLS) : 

𝑇𝑣 = 𝑇𝑙 = (
1

𝑇𝑟𝑒𝑓
−

𝑅𝑔

ℎ𝑓𝑔
ln

𝑝𝑣
𝑝𝑟𝑒𝑓

)

−1

− 273.15 

 (1) 

Non-condensation interface (lLS < y  lt) :  

𝜆𝑣
𝜕𝑇𝑣
𝜕𝑥

= 𝜆𝑒𝑓𝑓
𝜕𝑇𝑙
𝜕𝑥

 

 

(2) 

where Tv is the vapor temperature, Tl is the 

liquid-wick temperature, Tref is the reference 

temperature, pv is the vapor pressure, and pref is 

the reference pressure. Moreover, hfg is the latent 

heat, Rg is the gas constant, v is the thermal 

conductivity of the vapor channel region, and eff 

is the effective thermal conductivity of the liquid-

wick region. y = lLS is the boundary between the 

condensation and non-condensation interfaces, 

which implies a condensation end point. 

Numerical conditions were given according to 

the heat pipe and wick structure used in the 

experiments. Regarding the wick structure with a 

constriction shape, the dimensions were given as 

ll 1 = ll 3 = 45 mm, ll 2 = 20 mm, and wl 1 = wl 2 = 

2.5 mm. For comparison, the numerical analyses 

were also conducted when the wick structure 

without a constriction shape was placed in the 

model. 
 

4. Results and discussion 

4.1. Experimental results 

Figure 5 shows images in the semi-transparent 

heat pipe at P = 18 W for the wick structures (a) 

without and (b) with a constriction shape. The 

vapor-flow channels and wick structure at the 

adiabatic and condenser sections are shown. The 

evaporator section is located to the left of the 

image. Liquid evaporates at the evaporator section, 

and vapor flows toward the condenser section. In 

each image as indicated by arrows, the vapor was 

flowing to the right in the vapor-flow channels. For 

the wick structure without a constriction shape, 

because the width of the vapor-flow channel was 

entirely very small, condensate droplets coalesced 

to form a liquid slug, which was observed in both 

of the vapor-flow channels as shown in Figure 5 

(a). The liquid slug was pushed by the vapor flow, 

and then absorbed into the wick structure. 

However, the generation and absorption of the 

liquid slugs were repeated, which would hinder the 

vapor flow in the vapor-flow channels. The 

generation and absorption of the liquid slugs were 

observed around y = 55 mm at P = 18 W.  

The coalescence of condensate droplets was also 

observed in the case of the wick structure with a 

constriction shape. However, no liquid slugs were 

observed in this case. The liquid slug formation 

was prevented by the constriction shape, that is, an 

increase in the width of the vapor-flow channels 

 

 

 

 

 

 

 

 

(a) Without a constriction shape  

 

 

 

 

 

 

 

 

 

 

(b) With a constriction shape 

 

Figure 5. Images in the heat pipe (P = 18 W). 
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where condensation occurred. Instead of the liquid 

slug, a large liquid droplet was observed in the 

constricted region as shown in Figure 5 (b). The 

liquid droplets grew larger over time, and was 

absorbed when it came into contact with the wick 

structure. 

The thermal resistance (R) of the heat pipe was 

evaluated by 

𝑅 =
𝑇𝑒 − (𝑇𝑐1 + 𝑇𝑐2 + 𝑇𝑐3)/3

𝑄
 (3) 

where Q is the heat transfer rate of the heat pipe. 

Moreover, the Q value when Te = 90C was 

defined as the maximum heat transfer rate (Qmax). 

Figure 6 compares the R values for the wick 

structures with and without a constriction shape. 

The comparison indicates that the R value with a 

constriction shape was entirely lower than that 

without a constriction shape. Besides, the Qmax 

value with a constriction shape was 27.4 W, which 

was 21.2% larger than that without a constriction 

shape. These experimental results confirmed that 

the constriction shape improved the thermal 

performance of the heat pipe. 
 

4.2. Numerical results 

For the wick structure without a constriction 

shape, experimental and numerical results are 

compared in Figure 7 (a) regarding the temperature 

distribution of the heat pipe at P = 18 W. The 

numerical result was obtained with lLS = 65 mm. 

The numerical result depends on the lLS value, and 

fairly good agreement between the experimental 

and numerical results was obtained when lLS = 65 

mm. In the present experiments, the generation and 

absorption of the liquid slugs were observed 

around y = 55 mm in the vapor-flow channels. 

Thus, the setting lLS = 65 mm was acceptable in 

this calculation. 

Experimental and numerical results are also 

compared in Figure 7 (b) for the wick structure 

with a constriction shape. The numerical results 

were obtained for the two cases of lLS = 65 mm and 

80 mm. lLS = 80 mm implies that lLS located at the 

center of the condenser section in the y direction. 

Regarding the temperature difference between the 

evaporator and condenser sections, the numerical 

result with lLS = 65 mm was larger than the 

experimental result. Although the constriction of 

the wick structure was considered in the 

calculation, a difference was found between the 

experimental and numerical results when lLS = 65 

mm. Fairly good agreement was obtained when lLS 

= 80 mm. The present experimental results 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 6. Thermal resistance of the heat pipe. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

(a) Without a constriction shape 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

(b) With a constriction shape 

 

Figure 7. Comparison between experimental 

and numerical results. 
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confirmed that the constriction shape of the wick 

structure prevented the liquid slug formation. This 

prevention increased the condensation interface in 

the vapor-flow direction, and thus the fairly good 

agreement was obtained when lLS was increased 

from 65 mm to 80 mm. The constriction shape of 

the wick structure increased the condensation area 

not only in the constriction direction but also in the 

vapor-flow direction in the vapor-flow channels. 

Together with the temperature distributions 

shown in Figure 7, the numerical results of vapor 

velocity distributions were also obtained in the 

above calculations. These vapor velocity 

distributions are shown in Figure 8 for the wick 

structures (a) without and (b) with a constriction 

shape. The distributions on the x−y cross section at 

the center of the vapor channel region in the z 

direction are shown here. In Figure 8 (a), because 

of lLS = 65 mm, no vapor flow was found in the 

vapor-flow channel downstream of y = 65 mm. In 

Figure 8 (b), since the vapor velocity distribution 

was obtained with lLS = 80 mm, the vapor flow 

further downstream within the vapor-flow channel 

was demonstrated. The inflow of vapor into the 

constriction region (2.5 mm  x  5.0 mm and 45 

mm  y  65 mm) was confirmed. The vapor flow 

downstream of the constriction region was also 

confirmed. These vapor flows explained the 

thermal performance improvement of the heat pipe. 

Since the non-condensation interface was still 

found in Figure 8 (b), the thermal performance of 

the present heat pipe would be further improved by 

increasing the condensation interface within the 

vapor-flow channels. 
 

5. Conclusions 

A constriction-shaped wick structure was 

proposed for ultra-thin heat pipes. The 

experimental results confirmed that the constriction 

shape prevented the liquid slug formation in the 

vapor-flow channels. It was also confirmed that the 

constriction shape decreased the thermal resistance 

and increased the maximum heat transfer rate of 

the heat pipe. The numerical results clarified that 

the constriction shape increased a condensation 

area not only in the constriction direction but also 

in the vapor-flow direction in the vapor-flow 

channels. The condensation-area increase in the 

two directions explained the thermal performance 

improvement of the heat pipe. 
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Figure 8. Vapor velocity distributions. 
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Abstract 
As the electrification of transport systems expand, the development of high-power high-efficiency electric motors is 
becoming essential. In order to ensure the integrity and the safety of E-vehicles, a rigorous thermal management is 

required. The subject of this study is to determine the thermal performances of a novel design pulsating heat pipes 
(PHP) designed to cool the stator of an e-motor. The device is partially filled up (38 %) with R1233Zd and is made of 
copper tubes. The novel design has 10 segments; each is composed of 3 sections evaporator, adiabatic and condenser 
regions and had two different cross section (rectangular and circular). The critical inner diameter (ID) was used in the 
evaporator (1,75 mm), and a significantly larger ID in the other regions, with two types of inner surfaces (grooved 
and smooth). The device was tested at different heat inputs (200 to 1000 W) and in various volumetric airflows. The 

study demonstrated the capacity of the PHP to dissipate high heat powers up to 1000 W while maintaining a thermal 
resistance lower than 70 K/kW and a temperature under 90 °C. 

Keywords: Pulsating Heat Pipe; E-motor; Heat transfer; Thermal management 

1. Introduction

Global rush to reduce greenhouse gas emissions, 

improve air quality and decrease dependency on 

fossil     fuels, shifted the transportation industry 

towards electrification. The shift toward more 

compact and powerful electric motors presents 

significant challenges in managing heat losses. As 

these motors become more integral to modern 

technology, particularly in electric vehicles, the 

importance of effective thermal management cannot 

be overstated. Pulsating heat pipes (PHP or OHP) 

have gained considerable interest in recent years due 

to their exceptional efficiency and eco-friendly 

nature as heat transfer systems. They provide viable 

solutions for cooling e-motors.  

Several studies have investigated the 

performance of pulsating heat pipes to assess their 

efficacy and improve the understanding of their 

behavior. Some of these studies investigated the 

performance of the PHP in cooling powertrain 

components such as batteries, a study by Chi et al. 

[1] used a pulsating heat pipes made out of copper 

and had an internal diameter of 1 mm, where several 

parameters were inspected to verify the potential of 

using the PHP as cooling module. The thermal 

performance was primarily dependent on the 

quantity of working fluid charged. The system 

functioned correctly with a filling ratio (FR) that 

was around 10% of the total. The variation in the FR 

amount ranged from 10% to 26% as the heat input 

increased. The thermal resistance of the OHP 

system was only little affected by the inclination 

angles at high heat input. The heater surface 

temperature was consistently maintained at around 

60 °C for heat fluxes below Q = 20 W [1]. In a 

similar study Chen and Li [2] investigated the 

thermal management of a 68 Ah square lithium iron 

phosphate battery using an aqueous TiO2-based 

PHP. Heat dissipation tests were conducted under 

various vehicle workloads and ambient 

temperatures. The TiO2-based PHP was found to 

optimize heat dissipation performance maintaining 

maximum temperature and temperature gradient 

within 35.86 ºC and 1.15 ºC. The PHP also 

improved uniformity in temperature at the battery 

surface by up to 60% under different operating 

conditions. As operating conditions changed, 

battery heat generation increased, leading to a 

gradual increase in temperature difference between 

the evaporation and condensation ends of TiO2-

PHP, accelerating the start of the PHP. The PHP 

operated efficiently and achieved effective heat 

transfer and dissipation under environmental 

temperature and battery heat generation. 

 However, there is lack of research on the 

utilization of PHP for cooling the electric motors. 

Zhu et al. [3] proposed a novel cooling solution 

based on a 3D rotational oscillating heat pipes 

(ROHP), designed for cooling the rotor part of the 

motor, for urban electric vehicles, which depends on 

the gravity, centrifugal force and cooling air 

generated by motor rotation. The experimental 
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study consisted of two stages: theoretical study and 

application feasibility study. The theoretical study 

revealed the influence mechanism of rotation on 

ROHP performance, while the application 

feasibility study verified the heat dissipation 

capacity of the ROHP under real driving cycles. It 

was concluded that ROHP can be used to dissipate 

heat and maintain the temperature of the permanent 

magnet in an in-wheel motor under different heating 

powers and rotation speeds. In a similar study, 

Czajkowki et al. [4] focused on flower shaped 

oscillating heat pipes (FSOHP). The experimental 

set-up consisted of 8 horizontal bends on the bottom 

(evaporator) and the top (condenser) connected by a 

1.1 m long vertical quasi-adiabatic section of 

capillaries filled with deionized water. The study 

examined various rotational speeds and heat loads, 

with different filling ratios. The results showed that 

a higher temperature amplitude in rotary system 

associated with obtaining the appropriate level of 

pressure required to cause the slug-plug internal 

displacement flow, directly affecting the increase in 

flow rate of the working fluid and the heat transport 

capabilities of the FSOHP improved as the 

centrifugal acceleration increased. Other studies 

focused on the cooling of the stator, A Prianingsih 

et al. [5] investigated the thermal performance of 

pulsating heat pipes cooling the stator of an e-motor. 

The pulsating heat pipes were made of a copper 

capillary tube, using acetone as a working fluid with 

a filling ratio of 0.5 and were able to decrease the 

temperature of the outer surface of the e-motor by 

84.05 K. The thermal resistance was 0.21 K/W 

when subjected to a heat load of 120 W. J.F. 

Bonnenfant [6] conducted an experimental study to 

assess the efficiency of a pulsating heat pipes in 

cooling the stator of a motorized turbomachine. The 

PHP consisted of 24 branches with an internal 

diameter of 2.4 mm. Acetone, ethanol and N-

pentane were used as working fluids at varying 

filling ratios, in three different inclinations. It was 

demonstrated that the thermal conductance rose by 

six times more compared to the conductive ones, 

also that the presence of the PHP increases by a 

factor of 20 to 25 the pure diffusive situation.  

Previous research demonstrated the ability of the 

PHP in cooling e-motors. The present study focuses 

on the evaluating of the thermal performances of a 

novel design pulsating heat pipes developed by 

Calyos S.A., initially for the cooling of a stator of an 

unmoving industrial device in horizontal position. 

2. Experimental apparatus and procedure

The pulsating heat pipe, investigated in this study, 

was made out of ten individual sections, each 

considered on its own a PHP, and is composed from 

an evaporator, an adiabatic and condenser segments, 

as illustrated in Figure 1, which were then 

assembled into a cohesive cylindrical structure, 

designed specifically to fit seamlessly with the stator 

design, and were connected to ensure the flow of the 

working fluid. Figure 2 represents the final 

configuration of the PHP after the assembly of its 

sections. 

Figure 1. Schematic of the sections of the PHP. 

Figure 2. Final configuration of the PHP after the 

assembly of ten sections. 

 The tube of the PHP is made out of copper and is 

partially filled (38 % FR) with R1233zd(E). The 

selection of this refrigerant as the working fluid is 

based on its dielectric properties, low boiling point 

of 18.3 °C, and decreased latent heat. These 

characteristics make it an ideal choice for cooling e-

motors. Due to its low Global Warming Potential 

(GWP=1) and Ozone Depletion Potential (ODP=1), 

it is a highly favorable option in terms of ecological 

and environmental friendliness. 

The evaporator tube was 3D printed in a 

rectangular cross section shape with smooth inner 

surface, and is divided into four channels each have 

a hydraulic diameter of 1.75 mm, which was 

Evaporator 

Adiabatic 

segment 

Condenser 
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selected to not exceed the critical diameter. Each 

evaporator span a length of 185.30 mm and a width 

of 11 mm. The adiabatic and condenser segment 

both features a circular cross section and are 

composed from two types of tubes, one with inner 

smooth surface with a 4 mm inner diameter, the 

other with grooved inner surface and a diameter of 

4.58 mm. The tube at the condenser are equipped 

with twenty five cooling fins and were made out of 

aluminum, with a thickness of a 1 mm and the 

spacing between is 1.2 mm.  

To simulate the heat losses from the stator, ten 

cartridge heaters were utilized to heat up the 

evaporator. A fan capable of delivering six different 

air velocities is connected to the condenser through 

an air duct measuring 175 cm in length and 9.8 cm 

in diameter. A flow straightener is incorporated to 

ensure uniform air distribution. The experimental 

test bench is illustrated in the Figure 3 below. 

 

 
Figure 3. Experimental test-bench. 

The thermal performance of the PHP is 

determined with thermocouples located on the three 

sections. Six thermocouples are utilized on the 

evaporator segment, and are positioned on an 

alternating basis among the other segments. On the 

adiabatic and condenser segment, five 

thermocouples were positioned in the same way as 

the evaporator, with the addition of three 

thermocouples on the condenser, two on the back 

and front fins and one was added on the turns of the 

condenser. Figure 4 represents the positioning of 

the thermocouples on the three segments of the PHP.  

 

 
Figure 4.  Thermocouples position, red 

(evaporator), orange (adiabatic section), blue 

(condenser), green (fins). 

 
Monitoring the evolution of the overall thermal 

resistance RthTot of the system, the thermal 

resistance of the evaporator RthEv and the condenser 

RthCond, are calculated as follows: 

𝑹𝒕𝒉𝑻𝒐𝒕 =
𝑻𝑬𝒗 −𝑻𝒂𝒊𝒓

𝑯𝒆𝒂𝒕  𝑷𝒐𝒘𝒆𝒓
            (1) 

𝑹𝒕𝒉𝑬𝒗 =
𝑻𝑬𝒗 −𝑻𝑨𝒅

𝑯𝒆𝒂𝒕 𝑷𝒐𝒘𝒆𝒓
              (2) 

             𝑹𝒕𝒉𝑪𝒐𝒏𝒅 =
𝑻𝑨𝒅−𝑻𝒂𝒊𝒓

𝑯𝒆𝒂𝒕 𝑷𝒐𝒘𝒆𝒓
           (3) 

 

Where the 𝑇̅𝐸𝑣 , 𝑇̅𝐴𝑑   represent the average 

temperature at the evaporator and the adiabatic 

segment, respectively. 

3. Results and discussion 

A series of tests were conducted to examine 

the parameters affecting the performance and 

efficiency of the PHP under varied operating 

conditions, with a fixed inclination of 0° 

(horizontal). These elements include heat input 

and varying airflow. 

3.1.  Influence of heat input 

The objective of this set of tests was to analyze 

the temperature profiles and performances of the 

PHP under a constant airflow rate while varying 

the heat input. The heat input was varied 

incrementally from the value of 200 W to the value 

of 1000 W and vice versa. 

Figure 5 represents the temperature profile of 

the PHP at different heat power input and 

volumetric airflow of 55.8 dm3/s. The evaporator 

temperature reached a steady-state value at each 

heat input level, except for 800 W. The 

oscillations began at the lowest heat input and 

increased as the heat input rose, becoming 

stabilized in the steady state regime and achieving  

a stable operating mode. At 800 W, a partial dry-

out occurred, indicated by a noticeable change in 

the temperature profile and more pronounced 

oscillation amplitudes, likely due to the presence 
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of more bubbles in the evaporator section, which 

increased the temperature difference between the 

evaporator and condenser. The presence of 

oscillations from the lowest heat input level and 

their increasing amplitude with higher heat inputs 

demonstrate the dynamic nature of the PHP and its 

response to varying thermal loads. The steady 

state temperatures further indicate the stability of 

the PHP and reflects its effectiveness in 

maintaining the motor at a stable operating 

temperature, which is crucial for preventing 

overheating and ensuring performance and 

longevity of the motor. This can be shown by the 

observation that the temperature in the evaporator 

section remained below 88 °C, even under the 

highest power conditions. The temperature over 

the whole evaporator portion was consistent, as 

indicated by the readings from all the 

thermocouples. The thermal uniformity observed 

indicates the absence of any hotspots, thereby 

verifying the efficient connection and effective 

dissipation of heat throughout all segments of the 

PHP. 

 
Figure 5. Temperature profile of the PHP at 

different heat input for a volumetric air flow of 

55.8 dm3/s. 

Thermal resistance was shown in Figure 6; it 

remained almost stable as the heat power 

increased up to 800 W. Beyond this point, a 

sudden increase in the thermal resistance of the 

evaporator was observed, leading to an overall 

increase in the total thermal resistance. This abrupt 

rise is attributed to the partial dry-out occurring at 

the 800 W heat input, which disrupts the efficient 

heat transfer process. Despite this, the overall 

thermal resistance remained under 70 K/kW. This 

low thermal resistance also highlights the system 

overall energy efficiency.  

 
Figure 6. Thermal Resistance vs. Heat Input at a 

constant volumetric airflow of 55.8 dm3/s. 

3.2.  Influence of airflow rate  

To investigate the influence of the airflow rate 

on the PHP performance, we conducted a test 

where the heat power was fixed at 800 W, while 

varying the airflow rate from highest to lowest 

(55.8 dm3/s to 23.3 dm3/s). As we reduced the air 

velocity, there was a slight increase in the 

evaporator temperature as illustrated in Figure 7, 

and the oscillation amplitudes became more 

pronounced. At volumetric flow rate 23.3 dm3 /s, 

complete dry-out occurred, and the oscillations 

ceased, marking a limit in the performance of the 

PHP at low airflow rate. The temperature of the 

evaporator in the volumetric airflow of 55.8 m3/s, 

48.2 dm3/s and 38.4 dm3/s exhibited few 

fluctuations and remained nearly constant and 

didn’t surpass the 85 °C. This suggests that the 

device has the ability to efficiently cool a 

maximum of 800 W, even when the airflow is at a 

moderate level. It is capable of achieving this 

without experiencing overheating or the 

development of localized areas of high 

temperature on the evaporator part. 

 

 
Figure 7. Temperature profiles at 800W heat 

power and varying volumetric flow. 

The thermal resistance observed in Figure 8, 

aligns consistently with the temperature profile 

observed earlier. A notable pattern emerged where 
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higher volumetric airflow corresponded to lower 

total thermal resistance, correlating directly with 

improved PHP performance. As the airflow 

increases, the PHP ability to dissipate heat 

improves. This improvement is related to the fact 

that increasing airflow enhances the heat transfer 

exchange between the air and the fins in the 

condenser section. 

 

 
Figure 8. Thermal Resistance vs. Volumetric 

airflow. 

 

4. Conclusion 

The tests conducted at horizontal inclination 

with varying heat inputs from 200W to 1000W 

revealed key insights into the PHP's temperature 

profiles and thermal resistance. Oscillat ions 

initiated at the lowest heat input of 200 W. 

Thermal resistance analysis corroborated these 

findings, with the total thermal resistance of the 

systems being under 70 K/kW even under high 

heat power and the occurrence of a partial dry-out.  

Tests conducted at different air velocities 

while maintaining a constant heat input of 800 W 

demonstrated the significant impact of air velocity 

on PHP performance. Higher air velocities 

resulted in lower total thermal resistance, 

enhancing cooling efficiency, confirming better 

performance at higher flow rates. 

Even under harsh operating conditions, high 

heat and moderate airflow, the device eliminated 

the formation of local hotspots at the evaporator 

and withheld its uniform temperature throughout 

the tests.  

The PHP has proven its ability to efficiently 

disperse heat under different situations, thereby 

validating its potential as a cooling medium for 

electric motors in electric vehicles. In the future, 

our work will prioritize evaluating the device's 

performance at different inclinations to 

understand how gravity affects its overall 

performances.  
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Abstract 
This study presents a heat pipe-assisted system for combined power generation and water desalination, focusing on 

finding a solution to the global energy and water crisis. The proposed system is capable of utilizing industrial waste 

heat, with help of heat pipes, thermoelectric generators (TEG), and a direct contact membrane distillation (DCMD) 

unit to produce freshwater and power. Waste heat is transferred to the hot side of the TEG, while the cold side of TEG 

is cooled by saline water. Water vapour from the saline water passes through the hydrophobic membrane producing 

freshwater. Mathematical modeling and experimental validation confirm the system's ability to utilize low temperature 

waste heat and produce freshwater and power. Initial results indicate a stable freshwater yield, with electrical power 

generation of 6.8W and a freshwater mass flux of 1.7 kg/m²·h. This integrated approach demonstrates the potential of 

low-grade heat sources for sustainable desalination and power generation, contributing to the dual challenge of energy 

and water scarcity. 

Keywords: Thermoelectric generator; Membrane distillation; Combined power generation; Water desalination

technology 

1. Introduction

Around the world, communities grapple with the 

intertwined challenges of water scarcity and energy 

access [1, 2]. With the global population steadily 

rising, demand for water and energy has reached 

unprecedented levels, straining already limited 

resources. Despite Earth's abundant water coverage, 

only a small fraction is drinkable, primarily due to 

the prevalence of saline sources and inaccessible 

frozen reserves. Compounding this issue, traditional 

energy sources, crucial for processes like 

desalination, are depleting rapidly [2]. Water 

scarcity affects billions globally, with projections 

indicating worsening conditions in the coming years. 

Desalination presents a promising solution, tapping 

into the vast reserves of seawater. However, current 

methods face obstacles such as rising costs and 

environmental concerns, necessitating the 

exploration of more sustainable alternatives. 

Simultaneously, the energy crisis looms large, with 

millions lacking access to reliable electricity sources. 

Energy-intensive processes like desalination further 

exacerbate this issue, highlighting the 

interconnectedness of water and energy challenges. 

Substantial amount of industrial waste heat is 

generated worldwide [3]. This waste heat represents 

a largely untapped resource with great potential for 

addressing energy needs [4]. Our proposed system 

capitalizes on this availability of industrial waste 

heat, leveraging it for evaporative desalination 

processes. By harnessing this waste heat, our system 

not only mitigates environmental impact but also 

provides a sustainable energy source for 

desalination [5, 6]. Additionally, the generation of 

electricity through thermoelectric cells further 

maximizes the utilization of this abundant heat 

resource. Our proposed system addresses these dual 

challenges by utilizing industrial waste heat for 

membrane distillation while generating electricity 

through thermoelectric cells [7, 8]. The industrial 

waste heat is effectively captured and transported to 

the thermoelectric generators with the help of heat 

pipes. 

2. Methodology and result

The proposed system combines power generation 

and water desalination. The system consists of 3 

main components. Heat pipe heat exchanger, 

Thermoelectric generator (TEG) and Membrane 

Distillation (MD). Waste heat is captured and 

transferred to the hot side of thermoelectric 

generators with heat pipe. Cold side of the 

thermoelectric generators are cooled by saline water 

that needs to be treated. MD utilizes hydrophobic 

membrane that allows only water vapors to transfer 

to the permeate side. Freshwater can be produced by 

temperature and pressure difference.  

2.1. Method 

This research designs, creates and builds the 

proposed system. Computational modeling predicts 

power that can be generated and freshwater 

production.  

62 Fins and 4 heat pipes collect waste heat. Heat 

will transfer to TEG and Direct Contact Membrane 

Distillation (DCMD) configuration, as in Figure 1. 
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Figure 1. Schematic of design system. 

Thermal resistance of the system, as Figure 2. 

Also, assumptions are applied in computational 

modelling. For instance, heat transfer in one 

dimension, well insulated and no heat loss to 

surrounding, uniform temperature of each 

component and contact resistance is negligible. 

 

Figure 2. Thermal resistance of proposed system. 

The implicit finite-difference method to 

determine temperatures and node equation can be 

derived from energy balance [4] as following 

equation. 

𝐸̇𝑖𝑛 + 𝐸̇𝑜𝑢𝑡 = 𝐸̇𝑠𝑡   (1) 

Also, resistance of each component can be 

calculated by conductive and convective 

resistance equations except resistance of heat 

pipes. 

Resistance of each heat pipe composes of four 

thermal resistances as following equations [11]. 

𝑅ℎ𝑝 =
1

𝑁ℎ𝑝
∙ (𝑅𝑝,𝑒 + 𝑅𝑤,𝑒 + 𝑅𝑤,𝑐 + 𝑅𝑝,𝑐)         (2) 

𝑅𝑝,𝑒 =
𝑙𝑛(

𝑑𝑜
𝑑𝑖

)

2𝜋𝐿𝑒,𝑐𝑘ℎ𝑝
   (3) 

where 𝑁ℎ𝑝 is number of heat pipes, 𝑑𝑜 is outside 

diameter of heat pipe, 𝑑𝑖 is inside diameter, 𝐿𝑒,𝑐 is 

length of both evaporator and condenser and 𝑘ℎ𝑝 

is thermal conductivity of heat pipe. 

𝑅𝑤,𝑒 =
𝑙𝑛(

𝑑𝑖
𝑑𝑣

)

2𝜋𝐿𝑒,𝑐𝑘𝑒𝑓𝑓
   (4) 

where 𝑑𝑣 is vapour spacing and effective thermal 

conductivity 𝑘𝑒𝑓𝑓 = 𝜀𝑘𝑙 + 𝑘𝑤(1 − 𝜀), 𝑘𝑙 is water 

conductivity and 𝑘𝑤  is wick conductivity. Wick 

porosity may be calculated as following equation. 

𝜀 = 1 −
1

4
(1.05)𝜋𝑁𝑤𝑑𝑤 (5) 

where 𝑁𝑤 is the number of mesh and 𝑑𝑤 is wire 

diameter. 

In terms of TEG performance, temperatures are 

utilized to predict TEG efficiency which can be 

expressed by Equation (6).   

𝜂𝑇𝐸𝑚𝑎𝑥 =
𝑊𝑒𝑙𝑒𝑐

𝑄ℎ
=

(𝑇ℎ−𝑇𝑐)

𝑇ℎ

√1+𝑍𝑇−1

√1+𝑍𝑇+
𝑇𝑐
𝑇ℎ

 (6) 

where ZT is figure of merit which can illustrate 

relationship between performance of TEG 

materials and temperature difference across TEG. 

The ZT can be calculated by Eq. (7).  

𝑍𝑇 = [
(𝛼𝑝−𝛼𝑛)

2

((𝜆𝑝𝜌𝑝)
1 2⁄

+(𝜆𝑛𝜌𝑛)1 2⁄ )
2] [

𝑇ℎ−𝑇𝑐

2
] (7) 

where 𝛼𝑝  and 𝛼𝑛  are Seebeck coefficients of P 

and N-type semiconductors. 𝜆𝑝  and 𝜆𝑛  are 

thermal conductivities of P and N-type 

semiconductors. 𝜌𝑝  and 𝜌𝑛  are electrical 

resistivities of P and N-type semiconductors. 𝑇ℎ 

and 𝑇𝑐 are temperature of hot and cold side. 

For Direct Contact Membrane distillation 

(DCMD). Heat transfer and mass transfer occur 

concurrently as shown in Figure 3. Also, 

temperature gradient decreases due to boundary 

layer resistance, membrane resistance and 

resistance of membrane pores. 

For modelling, it assumes that heat transfer rate 

at feed side (𝑄̇𝑓), across membrane (𝑄̇𝑚) and at 

permeate side (𝑄̇𝑝) are equal.  

 

Figure 3. Temperature gradient, mass and heat 

transfer of DCMD configuration. 
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Heat transfer rate of feed and permeate solution 

can be calculated by following equation. 

𝑄̇𝑓 = 𝐴ℎ𝑓(𝑇𝑓 − 𝑇𝑚𝑓) (8) 

𝑄̇𝑝 = 𝐴ℎ𝑝(𝑇𝑚𝑝 − 𝑇𝑝) (9) 

where ℎ𝑓  and ℎ𝑝  are convective heat transfer 

coefficient of feed and permeate solution. A is area 

of heat transfer.  𝑇𝑓  and 𝑇𝑝 are bulk feed and 

permeate temperature. 𝑇𝑚𝑓  and  𝑇𝑚𝑝  are 

membrane feed and permeate temperature. 

In addition, heat transfer rate of membrane can 

be expressed by Eq. (10). 

𝑄̇𝑚 = 𝑄̇𝑐𝑚 + 𝑄̇𝑣 = 𝐴𝑘𝑚𝑡 (
𝑇𝑚𝑓−𝑇𝑚𝑝

𝛿𝑚
) + 𝐴𝐽∆𝐻𝑣,𝑤     (10) 

where 𝑘𝑚𝑡 is thermal conductivity of membrane, 

𝛿𝑚  is thickness of membrane. 𝐽  and ∆𝐻𝑣,𝑤  are 

mass flux and vapor enthalpy of water which can 

be described by Eq. (11) and Eq. (12), 

respectively. 

∆𝐻𝑣,𝑤 = 1.7535𝑇𝑚𝑓 + 2024.3 (11) 

𝐽 = 𝐶𝑚(𝑃𝑣,𝑠𝑤 − 𝑃𝑣,𝑤)     (12) 

where 𝑃𝑣,𝑤 and 𝑃𝑣,𝑠𝑤 are vapor pressure of water 

and seawater, which can be estimated by Eq. (13) 

and Eq. (14) [10], respectively. 𝐶𝑚  is mass 

transfer coefficient. 

𝑃𝑣,𝑤 = 𝑒𝑥𝑝 (
𝑎1

𝑇𝑚𝑝
+ 𝑎2 + 𝑎3𝑇𝑚𝑝 + 𝑎4𝑇𝑚𝑝

2 +

𝑎5𝑇𝑚𝑝
3 + 𝑎6 × 𝑙𝑛(𝑇𝑚𝑝)) (13) 

 

𝑃𝑣,𝑠𝑤 = 𝑃𝑣,𝑤 × 𝑒𝑥𝑝(−4.5818 × 10−4𝑆 −

2.04431 × 10−6𝑆2) (14) 

 

where 𝑆 is salinity (0 − 160 𝑔 𝑘𝑔⁄ ). 

𝑎1 = −5800, 𝑎2 = 1.3915, 𝑎3 = −4.8640 ×
10−2, 𝑎4 = 4.1765 × 10−5, 𝑎5 = −1.4452 ×
10−8, 𝑎6 = 6.5460 

There are three mass transfer coefficients can be 

selected which depending on membrane pore 

diameter and Knudsen number (Kn) that is the 

ratio of the gas mean free path (λ) to the membrane 

pore diameter [9]. The coefficient equations 

compose of Knudsen diffusion equation, 

molecular diffusion equation and Knudsen-

molecular diffusion equation.  

However, in this study, mass transfer 

coefficient is determined by Eq. (15) which is 

molecular diffusion equation. 

𝐶𝑚 =
𝜀𝑚

𝛿𝑚𝜏

𝑃𝑡𝐷𝑤−𝑎

𝑃𝑎

𝑀

𝑅𝑇
  (15) 

 

where 𝜀𝑚, 𝛿𝑚, 𝑅, 𝑀, 𝜏  and 𝑟   are  membrane 

porosity, membrane thickness, gas constant, water 

molecular weight, membrane tortuosity, mean 

pore size radius, entrapped air pressure, 

respectively. 𝑃𝑡𝐷𝑤−𝑎 = 1.895 × 10−5𝑇2.072 

Membrane feed and permeate temperature can 

be predicted as follows: 

𝑇𝑚𝑓 =
ℎ𝑚(𝑇𝑝+

ℎ𝑓

ℎ𝑝
𝑇𝑓)+ℎ𝑓𝑇𝑓−𝐽∆𝐻𝑣,𝑤

ℎ𝑚+ℎ𝑓(1+
ℎ𝑚
ℎ𝑝

)
  (16) 

𝑇𝑚𝑝 =
ℎ𝑚(𝑇𝑓+

ℎ𝑝

ℎ𝑓
𝑇𝑝)+ℎ𝑝𝑇𝑝+𝐽∆𝐻𝑣,𝑤

ℎ𝑚+ℎ𝑝(1+
ℎ𝑚
ℎ𝑓

)

  (17) 

where ℎ𝑚 =
𝑘𝑚

𝛿𝑚
 

Initial setting of the modelling, as shown in 

Table 1. 

Table 1. Initial temperatures of exhaust gas and 

water. 

Exhaust temperature 140 C 

Saline water 20 C 

Cooling water 20 C 

2.2. Result and discussion 

The effect of velocity of the flue gas (hot air) on 

the rate of heat transfer was examined and is 

presented in Figure 4. The modelling results show 

that for flue gas velocity of 0.5m/s to 1.5m/s the 

rate of heat transfer increased from 530W to 760W 

and the power output from the TEG varied from 

4.5W to around 6.8W. It was observed that for the 

proposed system the effect of flue gas velocity on 

the heat transfer rate and hence the TEG power 

starts to diminish beyond 1.5m/s.  

 

Figure 4. Effect of flue gas velocity on heat 

transfer rate and TEG power output 

Hence further detailed modelling analysis was 

conducted under 1.5m/s flue gas velocity. Figure 5 

shows that for flue gas (modelled as hot air) 

temperature of 140°C and velocity of 1.5m/s, the 

steady state was achieved in around 35 to 40min. At 
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this steady state the hot side temperature of the TEG 

was predicted to be reach around 75 °C and saline 

water temperature of around 24 °C. With the 

available temperature difference the model predicts 

electrical power output of around 6.8W and 

permeate flux of around 2 kg/m2h.  

Figure 5. Thermal performance prediction of HP-

TEG-MD system 

 

Experiments were conducted on a bench scale 

prototype. For a thermal energy input rate of 

around 400W, at steady state condition the hot side 

of the TEG reached a temperature of around 

133 °C and the saline water temperature was around 

30 °C similar to the model, except that the TEG hot 

side in the experiments was much hotter than the 

model. Figure 6 shows how the system behaves 

from start of the test to the steady state condition 

with feedwater salinity of around 1% (10000ppm) 

of mixed salt (similar to sea salt). The steady state 

condition is achieved in around 25min compared to 

around 40min as predicted by the model.  

 

Figure 6. Experimental thermal behavior of the 

system  

Through experiments it was established that 

under around 400W of heat flow rate and with feed 

water salinity of around 1% the system can produce 

around 1.7kg/m2.h of fresh water, which is similar 

to what was predicted. But further research is 

needed to refine the mathematical model and also to 

conduct further testing to improve confidence on the 

experimental results.  

 

3.   Conclusion 

An innovative combined desalination and power 

generation system with heat pipes has been 

discussed in this paper that can utilize low-grade 

heat source. The proposed system has modelled in 

Matlab and the modelling shows promising results 

with high freshwater yield. Experimental set-up 

has been developed to validate the model and 

preliminary experiments have confirmed high 

freshwater yield. Further experimental results 

indicate that with a source temperature of around 

140 C the feed water only reaches up to 30 C, 

and it takes around 1 hour to reach the steady state 

condition. Further the experimental results and 

modelling show that with reduced temperature of 

permeate side the freshwater yield increases. The 

TEG cold side temperature is also very sensitive 

to the permeate side temperature and has potential 

to produce more power from TEG’s.  
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Abstract 
The increasing integration of electronic devices has resulted in the development of more compact chips, leading to 

higher heat flux and restricted heat dissipation paths. This has necessitated the creation of compact cold plates to 

facilitate the heat dissipation of multiple chips. In this study, a multi-chip cold plate that incorporates leaf vein inspired 

manifold microchannel (MMC) heat sinks with a fractal flow distributor is proposed. The thermal-hydraulic 

performance of a single MMC heat sink and the overall cold plate is evaluated through a pumped two-phase fluid 

loop. The single heat sink was observed to be capable of dissipating 94 W/cm2 with a low pressure drop of no more 

than 9 kPa. For the multi-chip cold plate, stable operation can be ensured when the outlet dryness is below 0.16 and 

the base temperature does not exceed 60 °C under 30 W/cm2, with temperature uniformity better than 10 °C. This 

multi-chip cold plate represents a novel approach to the cooling of integrated electronic devices.  

Keywords: Multi-chip; Manifold microchannel; Low pressure drop; Flow boiling; Biomimetic structure. 

1. Introduction

The continuous upgrading of electronic devices is 

driving the accelerated development of 

sophisticated technologies, including 5G 

communications, artificial intelligence, and 

aerospace. In recent years, the limitation of single-

chip capability has prompted the evolution of 

electronic devices towards multi-chip integration. 

This includes the development of large-scale 

integrated circuits [1,2], insulated gate bipolar 

transistor (IGBT) modules [3], active phased array 

antennas (APAA) [4,5], and light-emitting diode 

(LED) arrays [6]. The compact configuration of 

these microchips gives rise to a considerable power 

density, augmented self-heating, and constrained 

heat transfer pathways [7]. When the temperature of 

an electronic device exceeds a certain threshold, 

several adverse effects can occur, including 

performance degradation and abnormal 

functionality. Fluctuations in junction temperature 

resulting from waste heat can lead to bond wire 

detachment due to shear stress in IGBT modules [8]. 

Additionally, the electromagnetic performance of 

APAA can be compromised by overheating or non-

uniform temperature distributions, resulting in 

significant phase errors exceeding 3° [9]. Similarly, 

in LED arrays, approximately 70-85% of the input 

power is converted to heat [10]. An elevated 

junction temperature have adverse effects on the 

wavelength stability, luminous efficiency, and 

lifetime of the device [11]. Therefore, the thermal 

management of integrated chips has become a 

significant research topic. 

Considering the markedly high heat flux 

exhibited by multi-chip electronic devices, it is 

evident that traditional forced air cooling techniques 

are no longer applicable. In recent years, there has 

been a growing interest in microchannel liquid 

cooling due to its superior heat transfer performance. 

The concept of microchannel heat sink (MCHS) 

was initially proposed by Tuckerman and Pease 

during their research on liquid cooling of very-

large-scale integrated circuits [12]. Subsequently, a 

number of studies focused on the microchannel 

cooling of multi-chip devices. These studies 

investigated the impact of microchannel dimensions 

[13,14], pin-rib layouts [15] and flow distribution 

structures [16,17] on the thermal-hydraulic 

performance of MCHS under varying heat loads. 

Among the numerous optimized microchannel 

structures, manifold microchannels (MMCs) 

emerged as a highly effective solution for the 

thermal management of integrated chips and power 

electronics. The MMC is characterized by 

additional manifold structures that divide the overall 

heat sink into an array of U-shaped subchannels, 

thereby significantly reducing the flow distance [18]. 

In the experiments conducted by Erp et al. [19], a 

manifold comprising 10 inlet and outlet channels, 

together with parallel embedded microchannels, 

was demonstrated to be an effective means of 

controlling the single-chip temperature rise below 

60 K at a heat flux of 1723 W/cm2. Furthermore, Erp 

et al. [20,21] designed a larger MMC heat sink for 
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the simultaneous cooling of 20 active devices of a 

power electronic converter. A flow rate of 1 mL/s 

enables the heat dissipation of 600 W while 

maintaining a maximum junction temperature rise 

below 60 K. However, a notable temperature non-

uniformity of over 15 K exists between the 

transistors, and the total pressure drop was 50 kPa. 

Yang et al. [22] proposed double H-type MMCs for 

large-area chip cooling. When subjected to a heat 

load of 417 W, the average and maximum chip 

temperature rise were observed to be 22.2 K and 

34.7 K, respectively, with a pump pressure of 35 

kPa. Drummond et al. [23] processed a 3×3 MMC 

heat sink array for embedded two-phase cooling. 

When a uniform heat flux of 1020 W/cm2 was 

applied, the chip temperature rise relative to the 

fluid inlet was less than 69 °C, and the pressure drop 

was approximately 120 kPa. Although the heat 

transfer in MMCs has been observed to be enhanced, 

the flow resistance remains considerable. This is due 

to the fact that the increase in pressure drop resulting 

from the narrow contractions and bends in the flow 

path counterbalanced the reduction in flow path 

length [19]. Furthermore, in two-phase cooling, the 

accumulation of bubbles causes more pronounced 

increase in pressure drop, leading to a considerable 

consumption of pumping power, which limits the 

potential application of MMCs. 

In contrast, natural flow structures, such as tree 

branches, leaf veins, rivers and blood vessels, have 

evolved over an extended period to form distinctive 

features that exhibit minimal flow resistance. In the 

studies conducted by Ma et al. [24] and Ji et al. [25], 

the performance of bio-inspired fractal 

microchannels was compared with that of 

traditional microchannels. It was found that the 

pressure drop was reduced by 46% and 92%, 

respectively, accompanied by an enhancement in 

heat transfer coefficient. In addition, Zhao et al. [26] 

fabricated a leaf vein-inspired three-tiered open 

microchannel and carried out flow boiling 

experiments. The pressure drop was maintained 

below 10 kPa, as the heat dissipation exceeded 100 

W/cm². These investigations demonstrate that the 

biomimetic microchannel designs exhibit a notable 

reduction in flow resistance, which is beneficial for 

energy conservation of the cooling system. 

In this study, a compact multi-chip cold plate 

combining the MMC with biomimetic structures 

was proposed. This cold plate consists of leaf vein 

inspired MMC heat sinks and a fractal flow 

distributor. The thermal-hydraulic performance of a 

single leaf vein inspired MMC heat sink was 

investigated through visualization experiments at 

different flow rates. Additionally, the temperature 

uniformity and two-phase instability of the overall 

cold plate were evaluated and compared with the 

single-chip results. When situated within an 

appropriate outlet dryness range, the biomimetic 

MMC cold plate is capable of cooling multiple 

hotspots simultaneously with a low pressure drop. 

This represents a promising solution for the 

integrated cooling of electronic devices. 
 

2. Experimental Setup and Methods 

2.1. Test Section Design and Assembly 

Figure 1(a) illustrates the water distribution 

function of a plant, whereby the water transported 

from the stems is evenly distributed to each leaf. 

Subsequently, the leaf veins facilitate the 

distribution of water to each cell, thereby supporting 

the process of photosynthesis within the cells. 

Inspired by the leaf water transport mechanism, a 

compact multi-chip cold plate was designed. The 

cold plate incorporates eight leaf vein inspired 

MMCs. In each MMC, the working fluid is 

distributed through the manifold channels and flows 

into the underlying microchannels where it 

undergoes an evaporation process due to heat 

absorption. This flow distribution structure is based 

on the structure of a leaf vein, as illustrated in Figure 

1(b). Figure 1(c) depicts the configuration of the 

overall cold plate. The upper layer of the cold plate 

features a fractal flow distributor, which ensures 

uniform distribution of the working fluid to the eight 

MMC heat sinks. Subsequently, the two-phase fluid 

is released through the fractal flow distributor. This 

biomimetic cold plate design allows for the 

implementation of multi-chip cooling functionality 

within a restricted space. 
 

 
Figure 1. (a) Water transport structure of plant 

leaves. (b) Design of leaf vein inspired MMC heat 

sink. (c) Design of the biomimetic cold plate. 
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In order to evaluate the fundamental thermal-

hydraulic performance of a single leaf vein inspired 

MMC heat sink, a test section was constructed in 

accordance with the configuration shown in Figure 

2(a). The test section is comprised primarily of a 

visualization fluid supply plate, a manifold plate, a 

leaf vein microchannel plate, a ceramic heater, 

insulation material, and a retaining plate. 
 

 
Figure 2. (a) Assembly of the single heat sink test 

section. (b) Parameters of the PC manifold plate. 

(c) Parameters of the copper microchannel plate. 
 

The manifold plate and the microchannel plate 

are of particular significance with regard to flow and 

heat transfer. The manifold layer was etched onto a 

polycarbonate (PC) plate, while the microchannels 

were etched with great precision onto an oxygen-

free copper plate. The geometric parameters of the 

PC manifold plate and the copper microchannel 

plate are illustrated in Figure 2(b) and (c), 

respectively. The specific values for these 

parameters are presented in Table 1 for reference. 
 

Table 1. Dimensions of the designed MMC. 
Variable Parameter Value 

lhs Heat sink length 30 mm 

whs Heat sink width 30 mm 

hm Manifold channel height 0.5 mm 

wm Manifold channel width 1 mm 

wd Divider width 1 mm 

wc Microchannel width 0.3 mm 

hc Microchannel height 0.5 mm 

wf Fin width 0.3 mm 

hsub Substrate height 1.5 mm 

α Incidence angle 45° 
 

To prevent leakage of the working fluid, circular 

grooves were etched and O-rings were placed 

between the manifold plate and the microchannel 

plate, as well as between the manifold plate and the 

visualization fluid supply plate. A 10 mm×10 mm 

ceramic heating pad with a resistance of 

approximately 6Ω was placed under the MMC for 

heating. In order to minimize heat exchange 

between the test section and the environment, 

insulation material is wrapped beneath the ceramic 

heater and around the test section. The test section 

is assembled and affixed by means of screws. 

Figure 3 illustrates the assembly of the multi-chip 

cold plate test section. The cold plate comprises a 

Fluid supply plate, a fractal flow distributor, and 8 

leaf vein inspired MMC heat sinks. Additionally, 

the test section is assembled and fixed by screws. 

During the test, 8 ceramic heating pads were 

supplied by 8 DC power supplies to investigate the 

flow boiling heat transfer performance of the two-

phase cold plate. 
 

 
Figure 3. Assembly of the multi-chip cold plate 

test section. 
 

2.2. Two phase Fluid loop 

A mechanically pumped two-phase fluid loop 

was utilized to assess the flow and heat transfer 

characteristics of the biomimetic cold plate at 

specified mass flow rates, as illustrated in Figure 

4(a). The micropump GB-P23 was utilized for the 

purpose of propelling the working fluid through the 

loop. A volumetric flow meter (CX-M5.2-AL) was 

utilized to ascertain the real-time flow of the 

working fluid within the loop, while a pressure 

transmitter (Omega PX409) was employed to 

monitor the pressure within the reservoir. The heat 

transfer characteristics were quantified by 

measuring the base temperature of the heat sink with 

K-type thermocouples. The flow characteristics 

were evaluated based on the pressure drop across 

the test section. The output voltage and current 

displayed by the heating power supply (IVYTECH, 

6005) were recorded and the heating power was 
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calculated. This was then converted to effective heat 

flux by subtracting the heat leakage measured in the 

experiment. A sight glass is provided at both the 

front and back of the test section, allowing for 

observation of the phases of the working fluid. An 

external water chiller serves as the primary cooling 

source for the entire loop, maintaining a continuous 

supply of low-temperature water to the serpentine 

condenser. This configuration ensures that the 

working fluid leaves the condenser in its liquid 

phase.  

A microscope (Olympus, U-TLU) equipped with 

a high-speed camera (YVSION, OSG030-790UM) 

was employed to observe the bubble movement and 

flow patterns in the manifold channels and 

microchannels, with the aim of elucidating the 

enhanced heat transfer mechanism, as illustrated in 

Figure 4(b). 

As a low-boiling point e-fluoride fluid, HFE-

7000 was selected as the working fluid with a 

saturation temperature of 40°C and an inlet 

subcooling of 15°C. The fundamental 

thermophysical characteristics of HFE-7000 are 

presented in Table 2. 
 

Table 2. Fundamental thermophysical 

characteristics of HFE-7000 [27]. 
Variable Parameter Copper 

Tsat Saturation temperature 40 ℃ 

Psat Saturation pressure 122.8 kPa 

ρl Liquid density 1362 kg/m3 

ρv Vapor density 10 kg/m3 

cp Liquid specific heat 1.28 kJ/(kg·K) 

hl Liquid enthalpy 250.8 kJ/kg 

hv Vapor enthalpy 384.9 kJ/kg 

σ Surface tension 10.23 kN/m 

 

2.3. Data reduction and uncertainties 

The heat flux can be calculated by multiplying the 

voltage and current output from the DC power 

supply, subtracting the heat leakage from the test 

section, and dividing by the area of the heat source. 
 

leakU I Q
q

A

 −
=                      (1) 

 

The working fluid in the test section was drained, 

and the test section was heated at a lower power in 

order to measure the amount of heat leakage 

corresponding to different base temperatures. The 

heat leakage data were fitted as shown in Figure 5. 
 

 
Figure 5. Fitted curve of test section heat leakage. 

 

Base temperature is averaged from two 

thermocouple readings attached to the copper 

surface. 
 

( )base TC-1 TC-2 2T T T= +              (2) 
 

The exit vapor quality is calculated as: 
 

( )

( )
leak out inp

v l

U I Q mc T T
x

m h h

 − − −
=

−
     (3) 

Figure 4. (a) Schematic diagram of the mechanically pumped two-phase fluid loop. (b) Concrete image 

of the high-speed camera system. 
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The mass flow rate is calculated as: 
 

lm V=                               (4) 
 

The uncertainties of the main measurement 

parameters, based on the accuracy of the relevant 

equipment, are summarized in Table 3. The 

uncertainties of the non-directly measured 

parameters are obtained using classic error 

transmission theory. 
 

Table 3. Uncertainties of the measured parameters. 
Parameter Uncertainty 

Power supply voltage 0.1% 

Power supply current 0.1% 

Temperature 0.5% 

Pressure drop ±0.1%FS 

Volumetric flow rate ±0.1%FS 

Heat flux ±4% 
 

3. Results and discussion 

3.1. Thermal-hydraulic performance of the 

MMC heat sink 

The thermal-hydraulic performance of the MMC 

heat sink was initially evaluated at a relatively low 

flow rate of 2000 mL/h, as illustrated in Figure 6. 

Single-phase flow was observed when the heat flux 

was less than 10 W/cm2. As the heat flux increases, 

the base temperature rises rapidly, while the 

pressure drop remains constant. Upon exceeding a 

heat flux of 10 W/cm2, the generation of bubbles can 

be observed through the visualization window. In 

such cases, the utilization of the latent heat of phase 

change results in a deceleration of the temperature 

increase with respect to heat flux. When the heat 

flux is less than 30 W/cm2, the flow resistance 

remains relatively low.  
 

 
Figure 6. Thermal-hydraulic performance of 

single heat sink at 2000 mL/h. 

As the heat flux continues to increase, the 

pressure drop of the test section rises significantly. 

The critical heat flux (CHF) is 79.8 W/cm², at which 

the MMC base temperature is approximately 70 °C 

and the pressure drop is 5.43 kPa. 

Furthermore, the base temperature and pressure 

drop of the MMC heat sink at varying heat fluxes 

were evaluated at three higher flow rates and 

compared with the data presented by Dang et al. 

[28], as shown in Figure 7 and Figure 8, respectively. 

The trends of base superheat (ΔT refers to base 

temperature minus inlet temperature) with heat flux 

are consistent across the three different flow rates. 

The steeper slope of the curve in the two-phase 

region indicates that the MMC heat sink exhibits a 

higher heat transfer coefficient (HTC) in the flow 

boiling condition. As the flow rate increases, the 

base superheat decreases and the onset of boiling is 

delayed.  
 

 
Figure 7. Heat transfer performance of single heat 

sink at three different flow rates compared with 

Dang et al. 
 

 
Figure 8. Pressure drop of single heat sink at three 

different flow rates compared with Dang et al.  
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In comparison to the experiments conducted by 

Dang et al., the leaf vein inspired MMC heat sink 

exhibited superior heat dissipation capabilities, 

demonstrating the potential to adapt to higher heat 

fluxes without reaching the CHF in all three sets of 

tests. 

With regard to flow resistance, the pressure drop 

remains essentially constant within the single-phase 

region, as shown in Figure 8. However, a notable 

increase is observed within the two-phase region, 

proportional to the heat flux. As the flow rate 

increases, the pressure drop increases in the lower 

heat flux region, but tends to be uniform in the 

higher heat flux region. This is due to the fact that 

an increase in flow rate suppresses the liquid-vapor 

phase change, which in turn reduces the increase in 

pressure drop due to bubble expansion and 

accumulation. In contrast with the pressure drop 

data presented by Dang et al., the leaf vein inspired 

MMC heat sink exhibits a significantly lower 

pressure drop, due to the noticeably shortened flow 

path. Moreover, the pressure drop remains below 9 

kPa when the heat flux reaches 94 W/cm2. 

3.2. Flow patterns of the MMC heat sink 

In the single heat sink experiments, a high-speed 

camera was employed to document the flow 

patterns at varying heat flow densities, thereby 

elucidating the flow and heat transfer mechanism of 

the leaf vein inspired MMC. Two photographic 

locations were selected in proximity to the manifold 

inlet channel and manifold outlet channel, 

respectively, as illustrated in Figure 9. 

 
Figure 9. High-speed camera photo positions. 

 

The flow patterns at the manifold inlet and outlet 

channels corresponding to several typical heat 

fluxes were recorded at a volume flow rate of 2000 

mL/h, as illustrated in Figure 10. Upon reaching a 

heat flux of 11.7 W/cm2, the MMC heat sink entered 

the initial boiling stage. At this juncture, tiny, 

circular bubbles emerged within the microchannel 

and subsequently discharged the heat sink via the 

manifold outlet channel. The corresponding outlet 

dryness (x) was determined to be 0.024. As the heat 

flux was increased to 19.5 W/cm2, the outlet dryness 

was 0.07, and backflow bubbles were observed in 

the manifold inlet channels. Concurrently, a typical 

slug flow was formed in the microchannels and the 

manifold outlet channels. Upon further increasing 

the heat flux to 29 W/cm2, a slug flow was also 

observed in the manifold inlet channel. Additionally, 

bubbles in the manifold outlet channel merged to 

form an annular flow, corresponding to an x value 

of 0.16. At a heat flux of 43.1 W/cm2, stable annular 

flow was observed in all channels throughout the 

Figure 10. Variation of flow patterns with heat fluxes of MMC heat sink (a) position 1 and (b) position 2 

at 2000 mL/h. 
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MMC heat sink, and no isolated bubbles could be 

identified. At this condition, the outlet dryness was 

x = 0.3. 

A comparison of the present result with that of 

Figure 6 reveals that when all the channels of the 

MMC heat sink are filled with annular flow, it 

represents the inflection point at which the pressure 

drop curve increases significantly. The findings 

indicate that when the outlet dryness is maintained 

at approximately 0.16, the pressure drop associated 

with two-phase flow boiling is comparable to that of 

single-phase flow, yet there is a notable 

enhancement in the heat transfer coefficient. As the 

outlet dryness increases, the expansion space of the 

bubbles is compressed, resulting in backflow of the 

bubbles into the inlet manifold. This phenomenon is 

the primary cause of the observed increase in 

pressure drop. 

3.3. Cooling performance of multi-chip cold 

plate 

Eight MMC heat sinks were integrated into a 

multi-chip cold plate and their cooling performance 

was evaluated. To ensure that each heat sink was 

subjected to the same heat flux, the ceramic heating 

pad of each heat sink was powered by an 

independent DC power supply. The impact of 

varying heat fluxes (5 W/cm2 to 30 W/cm2) on the 

base temperatures of eight MMC heat sinks was 

investigated through flow boiling experiments. In 

the experiments, the volume flow rate was 

maintained at 16000 mL/h, with an average volume 

flow rate of 2000 mL/h for each single MMC heat 

sink. The results are presented in Figure 11. 
 

 
Figure 11. Base temperatures of eight individual 

heat sink of multi-chip cold plates at different heat 

fluxes (16000 mL/h). 
 

At a heat flux of 5 W/cm2, the working fluid 

within the cold plate was observed to be in a state of 

single-phase flow. Upon elevating the heat flux to 

values exceeding 10 W/cm2, the eight heat sinks 

were observed to be in a state of flow boiling. As the 

heat flux continues to increase, a gradual 

temperature difference emerges between the heat 

sinks. At a heat flux of 30 W/cm2, the maximum and 

minimum base temperatures of the eight heat sinks 

exhibited a difference of approximately 10°C. 

Furthermore, the flow and heat transfer 

characteristics of the multi-chip cold plate were 

compared with those of a single MMC heat sink, as 

illustrated in Figure 12. In consideration of the 

temperature curves, the trend of base temperature 

averages for heat sinks in the multi-chip cold plate 

with heat flux was found to be essentially identical 

to that of the individual MMC heat sink. However, 

when the heat flux is increased, the average base 

temperature of the multi-chip cold plate is observed 

to be higher, whereas the base temperature of the 

single MMC heat sink is approximately equal to that 

of the lowest temperature among the eight heat sinks 

in the multi-chip cold plate. This finding indicates 

that for two-phase flow boiling, the combination of 

multiple heat sinks has a slight detrimental impact 

on the heat transfer performance of the individual 

heat sinks, with an increase in the average base 

temperature of approximately 5°C at a heat flux of 

30 W/cm2. 
 

 
Figure 12. Comparison of flow and heat transfer 

characteristics of multi-chip cold plate and single 

MMC heat sink.  
 

In terms of flow resistance, the pressure drop of 

the multi-chip cold plate is markedly higher than 

that of the single MMC heat sink. This phenomenon 

can be attributed to the necessity for the two-phase 

working fluid to flow through the fractal flow 

distributor of the cold plate, which significantly 

increases the length of the flow path. As a result, the 

overall pressure drop of the multichip cold plate is 

5.5 kPa at 30 W/cm², whereas at the same heat flux, 
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the pressure drop of the single MMC heat sink is less 

than 1 kPa.  

Figure 13 illustrates the specific temperature 

distribution of the eight MMC heat sinks at a heat 

flux of 30 W/cm². Despite the overall cold plate 

exhibiting a temperature difference of no more than 

10°C, there is considerable scope for enhancement 

in terms of temperature uniformity. 

As shown in Figure 13, despite HS-1 and HS-3, 

in addition to HS-2 and HS-4, occupying the same 

side of the working fluid distribution channel, the 

temperature discrepancy between them is the most 

pronounced. One potential reason for this 

phenomenon is that as HS-3 generates a greater 

number of bubbles due to the temperature increase, 

it consequently increases its own flow resistance, 

thereby necessitating an increased flow of working 

fluid to its neighboring HS-1. 
 

 
Figure 13. Comparison of flow and heat transfer 

characteristics of multi-chip cold plate and single 

MMC heat sink.  
 

Furthermore, in order to guarantee the normal 

function of the multi-chip cold plate, it is advised to 

regulate the outlet dryness of the multi-chip cold 

plate by adjusting the inlet subcooling, with a value 

of less than 0.16. When the outlet dryness is 

excessive, as discussed in section 3.2, it may result 

in bubble accumulation and backflow, which 

markedly impacts the flow distribution within the 

multi-chip cold plate and gives rise to a considerable 

temperature disparity. 

Moreover, to further enhance the flow and heat 

transfer performance of the multi-chip cold plate, it 

is recommended that the cross-sectional area of the 

outlet channels of the heat sinks and cold plate be 

expanded in subsequent work. This would provide 

more space for the expansion and accelerated 

discharging of the bubbles. 
 

4. Conclusion 

In this study, a multi-chip cold plate combining 

the leaf vein inspired MMC heat sinks with a fractal 

flow distributor was proposed and experimentally 

tested. The flow and heat transfer characteristics 

were investigated for a single heat sink and an 

overall multi-chip cold plate, respectively. 

Furthermore, the heat transfer mechanism of the 

MMC heat sink was analyzed with the aid of 

visualization images, and the following conclusions 

were obtained: 

(1) The base temperature and pressure drop 

variations of a single leaf vein inspired MMC heat 

sink were tested at varying flow rates and heat 

fluxes. The results demonstrated that the structure 

exhibited favorable flow and heat transfer 

characteristics, capable of dissipating 94 W/cm² 

through a pressure drop of no more than 9 kPa 

without reaching its CHF. 

(2) Images captured by a high-speed camera of a 

single MMC heat sink revealed the transition in 

flow patterns within the manifold inlet and outlet 

channels, which corresponded to different heat 

fluxes at a rate of 2000 mL/h. It was determined that 

upon reaching an outlet dryness of 0.16, the MMC 

is filled with annular flow. Furthermore, the 

accumulation of bubbles is identified as a significant 

contributing factor to the increased pressure drop. 

(3) The average base temperature of the multi-

chip cold plate is slightly higher than that of the 

single heat sink under identical operational 

conditions. Furthermore, the pressure drop is 

markedly greater due to the augmented flow path. 

The temperature differential between the heat sinks 

does not exceed 10°C, and the pressure drop is 5.5 

kPa at 30 W/cm². 

The biomimetic design of the two-phase multi-

chip cold plate exhibits enhanced stability and heat 

dissipation relative to a single-phase cold plate 

under specific outlet dryness conditions. This 

innovative design offers promising potential for 

broad application in cooling electronic devices. 
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Abstract
With the continuous increase in energy demand for spacecraft, the demand for waste heat dissipation is also
increasing, leading to a demand for large-area radiators. Current radiator design shows an increasing
dependence on heat pipes. For future space transportation and planetary exploration mission power
applications, space nuclear systems require large area radiators to reject the unconverted heat to space at high
temperature. Titanium-water heat pipes with high thermal conductivity at high temperature can efficiently
transfer heat and minimize the area of radiators. This paper conduct experimental research based on a 3D
printed titanium-water heat pipe, by applying different heating powers to the heat pipe in the working
temperature range of 100-225 ℃ to study the heat transfer ability of the titanium-water heat pipe. Results
indicate that: the MHTTD of the heat pipe increases with the increase of heating power; when the working
temperature is below 200 ℃, the heat transfer resistance of the titanium-water heat pipe remains almost
unchanged, while when the working temperature is above 200 ℃, the heat transfer resistance of the
titanium-water heat pipe increases; the MHTP of the titanium-water heat pipe at the temperature of
200 ℃ is 893.9W.

Keywords: Titanium-water heat pipe; 3D print; Thermal management; High temperature heat transfer

1. Introduction
With the continuous increase in energy demand

for spacecraft, new energy driven spacecraft has
become the future development trend, such as
nuclear powered spacecraft. The demand for waste
heat dissipation is also increasing, leading to a
demand for large-area radiators. Current radiator
design shows an increasing dependence on heat
pipes [1]. For future space transportation and
planetary exploration mission power applications
[2-3], space nuclear systems require large area
radiators to reject the unconverted heat to space at
high temperature. Heat pipes with high thermal
conductivity can efficiently transfer heat and
minimize the area of radiators.
Generally, space nuclear systems with a large

amount of waste heat cause radiators work at high
temperature in the 400 K to 550 K [4-5]. Axially-
grooved ammonia heat pipes are widely used in
satellites for temperature homogenization in
structural panels [6], which however cannot
operate at the required high temperature.
NASA has improved the technology capability

of titanium-water heat pipes for operation in the
310 K to 530 K temperature range, whose transport
capability at 500K ranged from 800W to +900W
[7]. Previous study has shown that water heat pipe
with a 15-3 beta-titanium alloy tube wall can
operate at 280 ℃ over 30000 hours. 15-3 beta-
titanium alloy provides a high strength to mass
ratio, so it remains a leading candidate for high-
temperature water heat pipe radiators for aerospace
applications [8].
It is meaningful to study the maximum heat

transfer power of titanium-water heat pipes, as this
relates to the space between the heat pipes arranged
on the radiator. For heat pipes with sufficient heat
transfer capacity, the number of heat pipes used for
radiators can be reduced, thereby reducing weight.
A hybrid screen-groove heat pipe carried 390 W
before partial dryout, and 450 W with partial
dryout, during the against gravity test [9]. However,
in order to achieve application on next-generation
spacecraft, the maximum heat transfer power of
titanium-water heat pipes needs further research
and improvement.
This paper selects a 3D printed titanium-water
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heat pipe as the research object, builds a high-
temperature titanium-water heat pipe thermal
performance experimental setup, and applies
different heating powers to the heat pipe in the
working temperature range of 100-225 ℃ to study
the heat transfer ability of the titanium-water heat
pipe.

2. Experimental setup
The experimental setup shown in Figure 1

consists of a titanium-water heat pipe, a heating
system, a condensing system, and a temperature
measuring system.

Figure 1. Schematic diagram of experimental
setup.

2.1. Titanium-water heat pipe
The appearance of titanium-water heat pipe is a

slender circular tube with multiple Ω-shaped
microchannels inside, aimed at increasing the heat
transfer area of water. The cross section of the
titanium-water heat pipe is shown in Figure 2. Due
to the low thermal conductivity of titanium, which
is only 22 W/(m*K), the thickness of the titanium
tube wall is reduced to 1.00-2.58 mm in order to
minimize the thermal resistance of the hot pipe
diameter and to have a more uniform temperature
distribution across the entire radiator [10].

Figure 2. Cross section of the titanium-water
heat pipe.

Since titanium cannot be extruded in the same
way as aluminum to form grooved heat pipes for
space radiators [11], 3D printing is used to process
this type of titanium-water heat pipe.

2.2. Heating system
The heating system consists of 5 identical

ceramic heating plates, each with a size of 90mm ×
30mm, evenly distributed in the evaporator section
of the heat pipe. The length of the evaporator
section is 500mm. The ceramic heating plates are
attached to the heating plate above the heat pipe
evaporator section. Each ceramic heating element
is connected to an independent power supply, with
a current limit of 4A and a voltage limit of 120V.
The outside of the heat pipe is covered with

insulation asbestos, but it still cannot prevent the
heat leaking into the air. Therefore, it is necessary
to calculate the system's heat leakage power, and
subtract the heat leakage power from the electric
heating power to obtain the actual heating power of
the heat pipe.
Three temperature measurement points are

arranged outside of the insulation asbestos to
obtain the average temperature. The outside of the
insulation asbestos is considered as a cylindrical
surface with an area of 0.012 m2. The natural
convective heat transfer coefficient between
insulation asbestos and air is taken as 20W/(m2*K).
The leakage heat power of the system can be
calculated, as shown in Equation 1.

)( aoaoaaleak TTAhQ  (1)

where, Aa is the heat transfer area, m2; ha is the heat
transfer coefficient between insulation asbestos and
air, W/(m2*K), Ta is the air temperature, K; Toa is
the average temperature of insulation asbestos, K.
The electric heating power is calculated based

on the voltage and current of 5 heating circuits [12],
as shown in Equation 2.





5

1j
jjelectric IUQ (2)

where, Uj is the voltage of the heating circuit j; V;
Ij is the current of the heating circuit j, A.
The actual heating power is calculated using

Equation 3.

leakelectric QQQ  (3)

2.3. Condensing system
The condensing system consists of a cold plate

and a condensation circuit passing through the cold
plate. The low-temperature working fluid in the
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condensation circuit is silicone oil, which can
provide a cooling temperature of 5-70 ℃ for the
heat pipe.
At times, in order to operate the heat pipe at high

temperatures up to 200 ℃, it is necessary to place
1-6 layers of polyimide film between the cold plate
and the heat pipe, with a single layer thickness of
0.1mm. The purpose is to increase the heat transfer
resistance between the cold plate and the heat pipe,
thereby increasing the heat transfer temperature
difference and achieving the goal of improving the
heat pipe’s operating temperature.

2.4. Temperature measuring system
Sixteen temperature measurement points are

arranged on the surface of the heat pipe, including
the evaporator section T1-T6, the adiabatic section
T7-T10, and the condenser section T11-T16. Their
positions are shown in Figure 3.

Figure 3. Diagram of temperature measurement
points distribution on the surface of heat pipe.

There are a total of 6 measuring points (T1-T6) in
the evaporator section: 10mm, 20mm, 30mm,
150mm, 300mm, and 450mm from the hot end of
the heat pipe, respectively. There are also a total of
6 measuring points (T11-T16) in the condenser
section: 450mm, 300mm, 150mm, 30mm, 20mm,
and 10mm from the cold end of the heat pipe,
respectively. Especially, the distances between the
hot end and T1,T1 and T2, and T2 and T3 are all
10mm. They are used to determine whether there is
a drying phenomenon in the evaporator section.
Similarly, the distances between T14 and T15, T15

and T16, and T16 and the cold end are also all 10mm,
used to determine whether there is a liquid
blockage phenomenon in the condenser section.

2.5. Experimental setup posture
The experimental setup is placed as unfavorable

gravity posture. The unfavorable gravity
condition is that the ceramic heating plate in the
evaporator section is located above the heat pipe,
while the cold plate in the condenser section is
located below the heat pipe. In this posture, the
bubbles generated in the evaporator section
gather near the heating surface, while the
condensate generated in the condenser section
gathers near the cooling surface, which is not
conducive to heat transfer. The maximum heat
transfer capacity of the heat pipe obtained under
this condition is relatively conservative.

3. Experimental results
The experimental strategy is to achieve

equilibrium in the titanium water heat pipe by
adjusting the temperature of the cooling working
fluid at a determined experimental temperature,
given different heating powers.

The temperature adjustment range of the
cooling working fluid is 5-70 ℃ which causes
practical problem. This leads to the inability to
reach equilibrium at higher power levels at lower
experimental temperatures, as the lowest cooling
fluid temperature is 5 ℃, before reaching the
maximum heat transfer capacity of the titanium
water heat pipe. At higher experimental
temperatures, due to the maximum cooling
working fluid temperature of 70 ℃, equilibrium
cannot be achieved at higher target temperatures at
power below the maximum heat transfer capacity.
By placing multiple layers of polyimide film with
poor thermal conductivity between the heat pipe
and the cold plate in the condensation section, the
titanium-water heat pipe can achieve equilibrium at
higher operating temperatures and lower heating
power conditions.

When the adiabatic section temperature is
100 ℃, 125 ℃, 150 ℃, 175 ℃, 200 ℃, and
225 ℃, experiments are conducted at different
heating powers, as shown in Table 1.

Table 1. Table of experimental conditions.
Adiabatic section
temperature

(℃)

Heating power
(W)

100 200/300/400/500
125 300/400/500/600
150 500/600/700/800
175 700/800/900
200 850/900
225 700/800/850

Conduct experiments at different temperatures
and heating powers. When the temperature
measured by each temperature measuring point
change by less than 1 ℃ within 2 minutes, it is
considered that the titanium-water heat pipe has
reached a heat transfer equilibrium state. In
thermodynamic equilibrium, the difference
between the maximum temperature of the
evaporator section and the minimum temperature
of the condenser section ΔTmax (i.e. MHTTD: the
maximum heat transfer temperature difference) of
the titanium-water heat pipe is shown in Figure 4.
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Figure 4. The maximum heat transfer
temperature difference ΔTmax of titanium-water
heat pipe varies with actual heating power Q at
different temperatures.

At all temperatures, the MHTTD increases
with the increase of actual heating power.
Moreover, when the temperature is below 200 ℃,
applying similar actual heating power to the
titanium-water heat pipe at different operating
temperatures results in similar MHTTD for the
heat pipe. This can be understood as below 200℃,
the heat transfer resistance of titanium-water heat
pipes is constant, and the MHTTD is only affected
by the heat transfer power. It is worth noting that
when the working temperature of the titanium-
water heat pipe reaches 225 ℃, the MHTTD under
the same actual heating power is significantly
higher than other temperatures, indicating an
increase in the heat transfer resistance of the heat
pipe at this time.

Specifically, when the working temperature of
the titanium-water heat pipe is 200 ℃ and the
actual heating power is 893.9W, the heat pipe can
reach thermodynamic equilibrium. If the heating
power continues to increase at this time, there will
be a significant drying phenomenon in the
evaporator section, as the T2 suddenly increases by
more than 20 ℃ within 5 seconds, and the heat
pipe cannot reach thermodynamic equilibrium.
Therefore, it can be inferred that the maximum
heat transfer power (MHTP) of the titanium-water
heat pipe at the temperature of 200℃ is 893.9W.

4. Conclusions
This article investigates the heat transfer

performance of a 3D printed titanium-water heat
pipe. We design and assemble a titanium-water
heat pipe experimental setup, and conduct heat
transfer performance experiments on the
titanium-water heat pipe at different working

temperatures and heating powers. The results
showed that:

(1) At different working temperatures, the
MHTTD of the titanium-water heat pipe
increases with the increase of heating power;

(2) When the working temperature is below
200 ℃, applying similar heating power to the
titanium-water heat pipe at different temperatures
results in similar MHTTD for the heat pipe;

(3) When the working temperature is below
200 ℃, the heat transfer resistance of the
titanium-water heat pipe remains almost
unchanged, while when the working temperature
is above 200 ℃, the heat transfer resistance of
the titanium-water heat pipes increases.

(4) The MHTP of the titanium-water heat pipe
at the temperature of 200℃ is 893.9W.
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Abstract 

To enhance the thermal performance of a two-phase closed thermosyphon (TPCT), numerous surface modification 

methods, including microporous coating and wet etching, have been applied to the inner surface of TPCT. However, 

the previously considered methods have limited durability, productivity, and scalability for industrial applications 

such as heat pipe heat exchangers for waste heat recovery. The present study experimentally explored the performance 

improvement of TPCT by thread tapping, which is a very simple, highly productive, and long-lasting surface 

modification method. We used a copper TPCT with an inner diameter of 26.04 mm and a total length of 500 mm (300, 

75, and 125 mm for the evaporator, adiabatic, and condenser sections, respectively) and used water as the working 

fluid. A threading tap with a height and pitch of 0.3 and 0.5 mm, respectively, was used to create a threaded structure 

on the inner surface of the evaporator, and the average arithmetic roughness (Ra) of the modified surface was 69 μm. 

The results showed that the thermal resistance of the thermosyphon with threaded evaporator was reduced by up to 

42.1% compared to the bare one, due to the increase in both nucleation sites and heat transfer area in the evaporator 

section. 

Keywords: Two-phase closed thermosyphon; Surface modification; Performance enhancement; Thread tapping

1. Introduction

A two-phase closed thermosyphon (TPCT) is an 

effective heat transfer device that can transfer 

much heat by utilizing latent heat, also known as a 

wickless heat pipe [1]. As shown in Figure 1, it 

consists of an evaporator, adiabatic, and condenser 

sections. The liquid changes into a vapor through 

pool boiling and/or film evaporation by absorbing 

heat from a heat source in the evaporator. The 

generated vapor rises to the condenser by pressure 

difference, and the heat is released to the heat sink 

as the vapor condenses on the condenser surface. 

The liquid condensate is returned to the evaporator 

by gravity. Because of its high manufacturability, 

reliability, and thermal performance, TPCT is 

utilized in various thermal applications, including 

waste heat recovery, HVAC systems, data center 

cooling, and solar applications. 

Surface modification is widely utilized in many 

thermal applications to enhance boiling and 

evaporation heat transfer. In several studies, 

surface modification methods such as SiO2 coating, 

oxide porous coating, metallic porous coating, 

graphene-nanoplatelets (GNPs) coating, and 

microporous structure have been applied to 

evaporators where boiling and evaporation are the 

main operating principles for improving TPCT 

performance [2–9]. Their findings confirm that 

surface modifications of the evaporator that 

increase the number of nucleation sites or make 

the surface more hydrophilic can effectively 

enhance the thermal performance of TPCT.  

Figure 1. Structure and working principle of two-

phase closed thermosyphon (TPCT). 
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The previously reviewed surface modification 

methods are sufficient for lab-scale sample 

production but have limitations when applied on an 

industrial scale, such as high equipment cost and 

low productivity. For example, electrodeposition 

requires expensive, high-current power supplies, 

and sintering requires large, high-temperature 

vacuum furnaces that can accommodate a TPCT, 

requiring significant time. Furthermore, the 

durability of the modified surface must also be 

considered in industrial applications, but SiO2 

coatings and chemical etching are limited in their 

durability. 

Tapping is the process of creating threaded holes 

to accept screws, bolts, or other threaded fasteners 

and attachments. The threaded surface of the TPCT 

evaporator not only increases the effective heat 

transfer area but makes the surface more hydrophilic. 

Furthermore, its high productivity, low cost of 

surface modification, and absence of durability 

problems make it more suitable for industrial 

applications than surface modification methods 

reviewed in the literature. In the present work, 

thread tapping was applied to the TPCT evaporator. 

The thermal performance (heat transfer coefficient 

at each evaporator and condenser, overall thermal 

resistance) of TPCT with threaded and bare surfaces 

was measured, and the effect of thread tapping on 

TPCT performance was discussed in detail. 
 

2. Fabrication of evaporator with threaded 

surface 

This study used a lathe to create a threaded 

surface inside the pipe. After fixing a threaded tap 

with a pitch of 0.5 mm and a height of 0.3 mm, a 

copper pipe with an outer diameter of 28.06 mm, an 

inner diameter of 26.04 mm, and a length of 300 mm 

was rotated and slowly moved towards the threaded 

tap. Figure 2 shows photographs and micrographs 

of the threaded surface of the evaporator. The 

fabricated threaded surface had an arithmetic 

average roughness (Ra) of 69 µm and increased the 

effective heat transfer area by about 1.58 times 

compared to the bare surface. 
 

3. Experimental method 
 

3.1. Experimental device and conditions 

Figure 3 shows a schematic diagram of the TPCT 

test device. It has an inner diameter of 26.04 mm and 

a total length of 500 mm, with 300, 75, and 125 mm 

lengths for the evaporator, adiabatic, and condenser 

sections, respectively. The evaporator and 

condenser are made of copper, and the adiabatic 

section is made of stainless steel. The three sections 

are separated to allow replacement of the evaporator. 

Eight cartridge heaters are installed in the 

evaporator, and the DC power supply (Keysight 

N8928A) is used to apply heat. There is a water 

jacket in the condenser, and heat is rejected by 

flowing coolant with a temperature of 20℃ from the 

constant temperature water tank at a mass flow rate 

of 0.145 kg/s. The flow rate of the coolant was 

measured using an electronic flowmeter 

(TOSHIBA LF620). The adiabatic section 

measured the internal working fluid temperature 

and TPCT working pressure using a T-type 

thermocouple and pressure transducer, respectively. 

In the evaporator and condenser, the wall 

temperature is measured using T-type 

thermocouples (3 points in the evaporator and 2 

points in the condenser). The wall and working fluid 

temperature, TPCT pressure, and coolant flow rate 

were acquired using a data acquisition system (VTI 

EX1032A). The filling ratio, the volume of the 

working fluid to the evaporator, was 25%. The heat 

flux conditions and inclination angle were chosen as 

5 to 100 kW/m2 and 90 degrees, respectively.  

Figure 2. Photographs and micrographs of the 

threaded surface of the evaporator. 
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3.2. Experimental procedure 

Before the experiment, we remove the oxide film 

and organic compounds from the inner surface of 

the TPCT using acetone and acetic acid, 

respectively. After that, we used a vacuum pump to 

reduce the internal pressure of the TPCT to no more 

than 3 mTorr and confirmed that the vacuum inside 

the TPCT was maintained. After the cleaning and 

vacuum process, water was boiled at 1 atm for 2 

hours to remove dissolved non-condensable gases 

(NCGs) such as nitrogen. The degassed working 

fluid was injected into the TPCT device using an 

injection chamber equal to the target volume. 
 

3.3. Data reduction 

In the data reduction process, all measured data, 

including temperature and pressure, were averaged 

over 5 minutes under steady-state conditions. The 

heat transfer coefficient at the evaporator section 

(heva) is calculated by the following equation: 

( ),

eva
eva

eva w eva sat

Q
h

A T T
=

−
           (1) 

where Qeva, Aeva, Tw,eva, Tsat are the heat transfer rate 

at the evaporator, the surface area of the evaporator, 

the average wall temperature of the evaporator, and 

the saturation temperature inside the TPCT, 

respectively. The overall thermal resistance of the 

TPCT (Rth) can be obtained by following Equation 

(3). 

, ,w eva w cond

th

eva

T T
R

Q

−
=                    (3) 

where Tw,cond is the average inner wall temperature 

of the condenser. 
 

4. Results and discussions 

The evaporator heat transfer coefficient of TPCT 

with bare and threaded evaporators are shown in 

Figure 4 (a). The heat transfer coefficient of the 

threaded evaporator was higher than that of the bare 

evaporator for all heat flux conditions. The heat 

transfer coefficient at the evaporator increased by a 

minimum of 180.1% and a maximum of 231.8% 

due to the thread tapping. This performance 

improvement is due to the relatively large effective 

heat transfer area of the threaded surface compared 

to the bare surface and the slight increase in 

nucleation sites due to the surface nicks and 

scratches created during the tapping process. 

Figure 5 compares the overall thermal resistance 

of TPCT with bare and threaded evaporators. The 

evaporator heat transfer coefficient significantly 

increased (minimum 180.1%) due to the 

evaporator's threaded structure, while the condenser 

heat transfer coefficient slightly decreased 

(maximum 26.1%) as the liquid film thickness 

increased due to higher vapor production. As a 

result, the overall thermal resistance of TPCT is 

Figure 3. Schematic diagram of the TPCT test 

device. 

Figure 4. The evaporator heat transfer coefficient 

of TPCT with bare and threaded evaporator 
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reduced by a maximum of 42.1% and a minimum of 

8.6% due to the evaporator threaded structure as 

shown in Figure 5.  
 

5. Conclusions 

In this work, thread tapping, a very simple, highly 

productive, and long-lasting surface modification 

method, was applied to the evaporator section of 

TPCT, and its performance improvement was 

experimentally investigated. It was found that the 

threaded structure in the evaporator increased the 

evaporator heat transfer coefficient by up to 231.8% 

and reduced the overall thermal resistance of TPCT 

by up to 42.1%. 
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Abstract 
For the cooling of multiple heat source electronics, this paper developed an aluminum-based oscillating heat spreader 
(OHS) characterized by topology optimization channels. The startup and heat transfer performance of the OHS heated 
by four identical heat sources were experimentally studied. R134a was used as the working fluid at filling ratios of 
55%, 65%, and 75%. The results indicate that the startup performance of the OHS was minimally affected by the 
filling ratio. At a cooling water flow rate of 1.04 L/min (LPM), the similar startup temperature of approximately 
32.2 ℃ and the same startup heat power of 100 W were obtained for different filling ratios. Excessively low or high 
flow rate of cooling water degraded startup performance. Increasing the flow rate reduced the temperature of heating 
areas, while a further increase may compromise the temperature uniformity under high heat powers. At a flow rate of 
1.04 LPM and a heat power of 700 W (175 W for each heat source), the thermal resistance of the OHS is 0.074 ℃/W 
at the filling ratio of 65%, and the average temperature of heating areas is 76.7 ℃, 13.8 ℃ lower than that of an 
aluminum plate of a same size. The temperature differences between the heating area and the non-heating central and 
peripheral areas are 17.9 ℃ and 28.6 ℃, respectively, representing reductions of 8.7 ℃ and 16.1 ℃ compared to an 
aluminum plate. This study indicates that the OHS could effectively control temperatures of multiple heating areas 
and therefore greatly enhancing the overall temperature uniformity. 

Keywords: oscillating heat pipe; heat spreader; thermal resistance; topology optimization channel; multiple 
heat sources 

1. Introduction
The rapid development of electronic devices, 

such as multiple-chip modules (MCMs) and arrays 
of multiple AC/DC converters, has made heat 
dissipation issues increasingly prominent [1]. For 
thermal management scenarios featured by 
multiple-chips induced heat sources, as opposed to 
the uniform heating by only a solitary heat source, 
the presence of multiple heat sources can readily 
engender multi-peak heat flux phenomena [2]. 
Additionally, the existence of localized hotspots due 
to non-uniform heating may instigate thermal stress 
deformation or even electronic device failure [3]. 
Consequently, the thermal management challenge 
related to multiple heat sources has emerged as a 
pivotal and formidable undertaking. In recent years, 
oscillating heat pipes (OHPs) have received 
considerable attention because of their distinctive 
‘self-excited’ thermally-driven oscillation and 
circulating motions of slugs/plugs [4]. Flat-plate 
OHPs (FPOHPs) are predominantly employed in 
the axial heat transfer mode of a uniform heat source, 
while their utilization as heat spreaders for multiple 
heat sources is hardly reported [5].  

Li and Li [6] proposed an aluminum-based 
FPOHP with many parallel channels, featured by 
bottom central heating at one side and top entirely 
cooling at the opposite side. At an optimal filling 
ratio (FR) of 75%-80%, a minimum thermal 
resistance of 0.225 ℃/W was achieved using 

acetone as the working fluid. This FPOHP exhibited 
the capability of local temperature control and heat 
dissipation, while it is imperative to maintain 
persistent improvement to meet heat sources having 
small areas and high heat powers. The concept of 
heat-targeting channel was first proposed by Lu et 
al. [7] to address the issue of thermal shorting of 
FPOHP at a high flow rate of cooling water, and it 
emphasized the design strategy of gathered channels 
around a small heat source area, namely the 
footprint of the heat source could cover more U-
turns or channels. With the aid of heat-targeting 
channel design, the FPOHP can reduce the startup 
power, and produce oscillating fluid motions in a 
thermal spreading pattern. To dissipate the heat of 
high-power electronic chips in the anti-gravity 
pattern, Li et al. [8] proposed a two-layer aluminum-
based flat-plate oscillating heat spreader (FPOHS) 
with an integrated heat-targeting channel design. 
Under the heat power of 600 W, the heat transfer 
performance is almost unaffected by the gravity 
direction. 

 The channel layout within an FPOHP assumes a 
paramount significance in governing the fluid flow 
and heat transport inside. Based on the principles of 
the topology optimization method, capable of 
directly influencing the spatial arrangement of 
materials and interconnectivity within a design 
domain [9], this study endeavors to establish an 
oscillating heat spreader (OHS) catering to multiple 
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heat sources. By prioritizing minimal thermal 
compliance as a primary design objective, the OHS 
characterized with topological channel layouts was 
proposed to satisfy the demand for electronics 
cooling with multiple heat sources. The study 
validated the efficacy of the OHS and shed light on 
a novel thermal control path amidst multiple heat 
sources scenarios. 

 

2. Channel layout design through topology 
optimization method  

Utilizing the variable density model in topology 
optimization, the two-phase flow channel region 
could be approximately featured by a material 
characterized by a much higher thermal 
conductivity than that of the solid substrate region. 
Four heat sources with each measuring an area of 15 
mm × 15 mm are evenly distributed within a design 
domain of 80 mm × 80 mm. Employing the 
minimum thermal compliance as the objective, the 
topological channel structure comparable to the 
four-heat source configuration was generated as 
displayed in Fig. 1.   

Subsequently, a multiple-heat source OHS 
having an overall dimension of 100 mm × 100 mm 
× 2 mm was developed with the aid of the topology 
optimization method (see Fig. 2). Noted that four 
couples of Tesla valves were adopted to facilitate 
the circulation flow inside the device. 

 
(a) 

 
(b) 

Fig. 1. Topology optimization for four heat 
sources: (a) relative density field, and (b) relative 
temperature field 

 
Fig. 2. OHS with topology optimization channel 
design suitable for four heat source cooling 

3. Experimental setup 
Fig. 3 depicts the schematic diagram of the 

experimental setup and thermocouple 
arrangement. The experimental setup mainly 
consists of an aluminum-based OHS, an electrical 
heating module, a water-cooling module, and a 
data measurement and acquisition module. 

 
(a) 

 
(b) 

Fig. 3. Experimental setup (a) and  thermocouple 
arrangement (b) 
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4. Data reduction 
The system  thermal resistance is an important 

indicator for evaluating the heat dissipation 
performance of the OHS, which can be expressed 
as 

 h water-insys

water

= T TR
Q
−  (1) 

where Qwater is the heat removed by the cooling 
water as calculated by Eq. (2); Th and Twater-in 
represent the average temperature of four heating 
areas (expressed as Eqs. (3)) and the temperature 
of cooling water at the inlet (maintain at 25 ℃), 
respectively. 

 water p water-out water-in( )Q mc T T= −  (2) 

 
4

h i
i 1

/ 4T T
=

=∑  (3) 

where m  denotes the mass flow rate of the 
cooling water. By comparing the value of Qwater 
and the heat power input, the maximum heat loss 
rate was estimated to be about 4.5%. 

The temperature uniformity can be primarily 
assessed by the temperature difference between 
the heating area and the non-heating central area, 
as well as between the heating area and the non-
heating peripheral area as illustrated in Fig. 3 (b). 
Their calculation could be respectively expressed 
as 

 
9

h iin
i 5

/ 5T = T T−

=
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5. Results and discussion 

To understand the performance characteristics of 
the OHS utilized for cooling multi-heat sources, the 
effects of filling ratio and flow rate of cooling water 
on the heat transfer performance of the OHS and the 
temperature uniformity will be compared and 
analyzed in this section. 

5.1. Effect of filling ratio 

Fig. 4 shows the wall temperature variation of the 
OHS at different filling ratios when the flow rate of 
cooling water (q) is 1.04 L/min (LPM). As a total 
heat power of 100 W (25 W for each heat source) 
was applied, obvious temperature oscillations 
appeared at the heated area for each filling ratio, 
indicating that it was started up smoothly, and the 
startup temperature was about 32.2 ℃. As the heat 
power was increased to 500 W, the oscillation 
amplitude and frequency of temperature increased 
slightly, and the temperature difference among these 

four heat sources became distinguished, indicating 
that the working fluid entered a global 
unidirectional circulation mode in the channel loop. 
It is worth noting that, the oscillation amplitude of 
the wall temperature in the heating area is lower at 
FR=65% than that at other filling ratios. The small 
temperature fluctuation is beneficial to reducing the 
plate deformation caused by thermal stress. When 
the heat power reaches 700 W, the wall temperature 
is lower than 85 ℃ at all filling ratios, without 
stagnation or dry-out of the OHS, ensuring the safe 
operation of the chip. 

The initialization of OHS could be triggered at 
each filling ratio when the heat power reaches 100 
W, suggesting its insignificant role on the startup 
performance. It may be attributed to the shorter path 
of the fluid movement from the condenser section to 
the evaporator section, and thus a smaller pressure 
difference is required to overcome the flow 
resistance and drive the liquid-slug/vapor-plug 
movement inside. 

 
(a) 

 
(b) 

 
(c) 
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Fig. 4. Temperature profiles of the OHS under 
different filling ratios (q=1.04 LPM): (a) FR=55%; 
(b) FR=65%; (c) FR=75% 

Fig. 5 shows the average temperature of four 
heating areas and the system thermal resistance of 
the OHS versus the heat power at a cooling water 
flow rate of 1.04 LPM. As shown in Fig. 5(a), at a 
heat power of 100 W, the lowest average 
temperature was obtained at FR=65%. As the heat 
power increased, the temperature difference 
between the OHS and the aluminum plate became 
more evident as shown in Fig. 5 (a). At a heat 
power of 700 W, the average temperature was 
76.7 ℃ at FR=65%, slightly lower than that at 
other filling ratios, while it was 13.8 ℃ lower than 
that of the aluminum plate. Simultaneously, the 
system thermal resistance remained relatively 
stable with the increase in heat power, as shown in 
Fig. 5(b). At FR=65%, the OHS yielded a lowest 
system thermal resistance of  0.074 ℃/W at a heat 
power of 700 W. The corresponding surface 
temperature measurement points were 
interpolated to generate temperature contour maps 
as displayed in Fig. 6. According to the 
temperature contour map, it is clear that the OHS 
could significantly reduce the temperature of 
heated areas and enhance the overall temperature 
uniformity compared to the aluminum plate. The 
unidirectional circulation of the working fluid 
inside the OHS could greatly intensify the heat 
transport among these heating areas, enhancing 
the temperature uniformity  across these four areas. 

 
(a) 

 
(b) 

Fig. 5. Temperature control capability of the 
heating areas (q=1.04 LPM): (a) the average 
temperature of heating areas; (b) system thermal 
resistance 

 
(a) 

 
(b) 

Fig. 6. Comparison of temperature contour maps 
at a heat power of 700 W: (a) OHS (FR=65%, 
q=1.04 LPM); (b) aluminum plate  

Fig. 7 shows the temperature difference 
between these heating areas and other regions at a 
cooling water flow rate of 1.04 LPM. Normally, a 
smaller temperature difference indicates better 
temperature uniformity. Obviously, a significant 
reduction of temperature difference was achieved 
for the OHS as compared with the aluminum plate. 
Besides, the OHS at the filling ratio of 65% 
exhibits smaller temperature differences than that 
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of 55% or 75% filling ratio. At a heat power of 700 
W, the temperature differences of ΔTin and ΔTout 
were 17.9 and 28.6 ℃, respectively, at the filling 
ratio of 65%. The corresponding temperature 
differences were 8.7 and 16.1 ℃ lower than that 
of the aluminum plate, representing reductions of 
32.7% and 36.0%, respectively.  

 
(a) 

 
(b) 

Fig. 7. Comparison of temperature differences 
versus heat power for the OHS at different filling 
ratios and aluminum plate (q=1.04 LPM): (a)ΔTin; 
(b) ΔTout 

5.2. Effect of flow rate of cooling water  

As shown in Fig. 8 (a), at a cooling water flow 
rate of 0.4 LPM, no temperature oscillation was 
observed under heat powers of 100 and 200 W, 
indicating that the fluid medium remained 
stagnant. During this stage, the heat transport 
primarily depends on conduction through the 
aluminum shell. When the heat power reached 300 
W, temperature oscillations appeared, indicating 
that slugs/plugs began to oscillate and the OHS 
successfully started up, with a startup temperature 
of approximately 45 ℃. At a heat power of 500 W, 
the working fluid entered the state of global 
pulsation or unidirectional circulation. Owing to 
thermal inertia and heat accumulation, slugs and 
plugs overcome flow resistance, contributing to 
high-frequency, low-amplitude temperature 

oscillations. As the heat power was increased from 
600 W to 700 W, the temperature profiles both at 
positions of #2 and #3 thermocouples exhibited a 
sawtooth pattern, indicating the occurrence of 
secondary startup. After reaching a quasi-steady 
state, the temperature oscillations became weaker, 
accompanied with intermittent temperature drops. 
In Fig. 8 (b), at a flow rate of 0.64 LPM, the 
temperature variation was similar to that at 0.4 
LPM. When the heat power reached 700 W, the 
temperature of the heating area exceeded 85 ℃. 

At flow rates of 0.88 and 1.04 LPM, the OHS 
initialized at 100 W with a startup temperature of 
approximately 33 ℃ (see Fig. 8 (c) and Fig. 8 (d)). 
After startup, it maintained stable global pulsation 
or directional circulation at all heat powers. 
Compared to lower flow rates, both the startup 
power and startup temperature were significantly 
reduced, indicating that the improvement of 
startup performance after increasing the cooling 
water flow rate. 

When the cooling water flow rate reached 
1.20 LPM, temperature oscillations initially 
appeared at the heat power of 100 W (see Fig. 8 
(e)), however they disappeared rapidly, returned to 
stagnation. Successful startup only occurred as the 
heat power was increased to 200 W. It can be 
explained that excessive cooling would remove 
heat rapidly from the heat source by the OHS, 
which hampered the heat absorption by liquid 
medium and as well as bubble nucleation and 
generation within the heating area. As a result, the 
pressure difference accumulated in the channel 
would be insufficient to drive the working fluid 
properly. Therefore, the increase of the cooling 
water flow rate cannot definitely enhance the 
startup performance, and an optimal flow rate 
range of 0.88-1.04 LPM was evidenced to 
improve the startup performance. 

In summary, there is an optimal cooling 
condition that enables the OHS to achieve a better 
startup performance. A recent work by Abela et al. 
[10] demonstrated that the cooling boundary 
influences the initial distribution of slugs/plugs 
inside OHP channels. At a low flow rate of cooling 
water, short liquid slugs tend to accumulate in the 
condenser section rather than in the evaporator 
section. Conversely, a quite high flow rate will 
cause the occurrence of thermal shorting [7], 
making startup failure at low heat powers. 
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(a) 

 
(b) 

 
(c) 

 
(d) 

 
(e) 

Fig. 8. Temperature profiles of the OHS at 
different flow rates of cooling water (FR=65%): (a) 
q = 0.40 LPM; (b) q = 0.64 LPM; (c) q = 0.88 LPM; 
(d) q = 1.04 LPM; (e) q = 1.20 LPM 

In Fig. 9, as the flow rate of cooling water 
increases, both the average temperature of the 

heating areas and the system thermal resistance 
decrease. At a heat power of 700 W, it was able to 
maintain the average temperature below 85 ℃ at a 
flow rate greater than 0.4 LPM. However, the effect 
of flow rate on the reduction of the average 
temperature and system thermal resistance 
gradually diminished as the heat power was 
increased. For example, at a heat power of 700 W, 
when the flow rate rose from 0.40 LPM to 1.20 LPM 
at an increment of approximately 0.20 LPM, the 
average temperature decreased by 9.6 ℃, 6.0 ℃, 
1.8 ℃, and 1.9 ℃, with respective reduction rates 
of 10.1%, 7.1%, 2.3%, and 2.5%. This indicated a 
diminishing marginal effect on the performance 
improvement. 

 
(a) 

 
(b) 

Fig. 9. Temperature control capability of the OHS 
at different flow rates of cooling water (FR=65%): 
(a) average temperature of the heating areas; (b) 
system thermal resistance 

Within the heat power range of 100-600 W, both 
ΔTin and ΔTout decreased slightly as the flow rate of 
cooling water increased (see Fig. 10), and the best 
temperature uniformity of the OHS appeared at the 
flow rate of 1.20 LPM. However, at the highest heat 
power of 700 W, both above temperature 
differences initially slightly decreased with 
increasing the flow rate, and then they increased. At 
the flow rate of 0.88 LPM, the OHS exhibited the 
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best temperature uniformity. Therefore, at a higher 
heat power, increasing the flow rate of cooling water 
may degrade the temperature uniformity. 

 
(a) 

 
(b) 

Fig. 10. Temperature differences at different flow 
rates of cooling water (FR=65%) between the 
heating area and the non-heating central area (a) 
and between the heating area and the non-heating 
peripheral area (b) 

6. Conclusion 
To address the thermal challenge for cooling 

multiple heat source electronics, an OHS with 
topology optimization channels was developed in 
this study. The effects of filling ratio and flow rate 
of cooling water on the heat transfer performance 
of the OHS and the temperature uniformity were 
experimentally investigated and compared. The 
main conclusions are summarized as follows: 

(1) The filling ratio has a small impact on the 
startup performance of the OHS, but there existed 
an optimal value of about 65%, corresponding to 
both the lowest temperature of the heating area and 
the lowest system thermal resistance. 

(2) There is an optimal flow rate of cooling water 
range from 0.88-1.04 LPM with respect to the lower 
startup temperature and startup heat power. A lower 
flow rate of cooling water affects the initial 
distribution of liquid-slugs and vapor-plugs, while 
an excessive flow rate may cause thermal shorting, 

both of which degrade the startup performance at 
low heat powers. 

(3) Although increasing the flow rate of cooling 
water reduced the temperatures of heating areas, the 
improvement diminished at higher flow rates. 
Moreover, at higher heat powers, the increase of the 
flow rate may reduce temperature uniformity. 

(4) The OHS can achieve effective temperature 
control of multiple heating areas, thereby greatly 
enhancing the overall temperature uniformity. At a 
flow rate of 1.04 LPM and a heat power of 700 W 
(175 W for each heat source), the average 
temperature of heating areas was 76.7 ℃, 13.8 ℃ 
lower than that of an aluminum plate. The 
temperature differences between the heating area 
and the non-heating central and peripheral areas 
were 17.9 ℃ and 28.6 ℃, respectively. 

References 
[1] R.V. Erp, R. Soleimanzadeh, L. Nela, G. 
Kampitsis, E. Matioli, Co-designing electronics 
with microfluidics for more sustainable cooling, 
Nature 585 (2020) 211-216.  
[2] Y. Hadad, B. Ramakrishnan, R. Pejman, S. 
Rangarajan, P.R. Chiarot, A. Pattamatta, B. 
Sammakia, Three-objective shape optimization and 
parametric study of a micro-channel heat sink with 
discrete non-uniform heat flux boundary conditions, 
Appl. Therm. Eng. 150 (2019) 720–737.  
[3] Y.J. Li, S. Roux, C. Castelain, Y.L. Fan, L.G. 
Luo, Design and Optimization of Heat Sinks for the 
Liquid Cooling of Electronics with Multiple Heat 
Sources: A Literature Review, Energies 16 (2023) 
7468.  
[4] W.Y. Kim, S.J. Kim, Fundamental Issues and 
Technical Problems About Pulsating Heat Pipes, J. 
Heat Transf. 143 (2021) 100803. 
[5] V. Ayel, M. Slobodeniuk, R. Bertossi, C. 
Romestant, Y. Bertin, Flat plate pulsating heat pipes: 
A review on the thermohydraulic principles, thermal 
performances and open issues, Appl. Therm. Eng. 
197 (2021) 117200. 
[6] C.X. Li, J. Li, Thermal characteristics of a flat 
plate pulsating heat pipe module for onsite cooling 
of high power server CPUs, Therm. Sci. Eng. Prog. 
37 (2023) 101542. 
[7] H. Lu, S.M. Thompson, F.F. Laun, H.B. Ma, 
Effect of cooling rate on thermal performance of an 
oscillating heat spreader, J. Thermophys. Heat 
Transf. 30 (2016) 461–465. 
[8] Z.A. Li, G.Q. Zhou, P. Cheng, J. Qu, Heat 
transfer performance of novel 3D flat-plate 
oscillating heat spreader under gravity-assisted and 
anti-gravity conditions for high-density power 

241



 
 

electronics cooling, Appl. Therm. Eng. 252 (2024) 
123726. 
[9] J.H. Lim, S.J. Kim, A channel layout of a micro 
pulsating heat pipe for an excessively localized 
heating condition, Appl. Therm. Eng. 196 (2021) 
117266. 
[10] M. Abela, M. Mameli, S. Filippeschi, B.S. Taft, 
Innovative experimental approach for the dynamic 
multi-variable investigation of pulsating heat pipes. 
Appl. Therm. Eng. 236 (2024) 121910. 

242



Heat Transfer Characteristics of Oscillating Heat Spreader with Petal-shaped 
Topological Channel Layout  

Guoqing Zhou, Ziang Li, Jian Qu* 
School of Energy and Power Engineering, Jiangsu University, Zhenjiang 212013, China 

*Corresponding author email address: rjqu@ujs.edu.cn

Abstract 
For the cooling of high-power and compact electronic devices, this paper developed a novel aluminum-based 
oscillating heat spreader (OHS) characterized by petal-shaped topological channel layout. The experimental study was 
conducted to investigate the heat transfer performance and temperature uniformity using R1233zd (E) as the working 
fluid at filling ratios of 40%-70%. To reduce the gravity dependence, a design of variable cross-section channels was 
adopted. Experimental results demonstrate that an optimal filling ratio of 70% was evidenced with respect to minimum 
thermal resistances of 0.184 and 0.180 W/(m·K), in horizontal and vertical orientations, respectively, with reductions 
of 25.1% and 26.7% compared to an aluminum plate of a same size. Furthermore, the OHS could dissipate heat up to 
300 W (133 W/cm²) while maintaining the surface temperature below 100 °C, and the average temperature difference 
between the center and boundary was reduced by 17.7°C compared to the aluminum plate. This study highlights the 
potential of the OHS for effective cooling of high-power electronic devices.  

Keywords: Oscillating heat spreader; Topology optimization; Heat transfer performance; Thermal resistance; 
Temperature uniformity 

1. Introduction
Nowadays, the trend towards miniaturization, 

high performance, and multi-functionality boosts 
the wide applications of high-power electronic chips, 
accompanied by a growing increase in heat 
generation and temperature non-uniformity [1,2]. 
Hence, the development of high-efficiency heat 
dissipation strategy become a key issue to ensure the 
reliability and safety of electronic devices. 
Conventional heat pipes, worked as two-phase heat 
transfer devices, have been widely used for 
electronic cooling due to their high thermal 
conductivities and passive nature. However, the 
required capillary structures and relatively low heat 
transfer limitations largely restrict their applications 
for high-power and compact electronic devices [3]. 

Owing to the simple structure, high heat transport 
capability, and strong environmental adaptability, 
flat plate oscillating heat pipes (FPOHPs), also 
called pulsating heat pipes, have become a 
promising candidate for high-power electronics 
cooling [4,5]. As a wickless heat pipe technology, 
the FPOHP normally work as a one-dimensional 
heat transfer device, with one end being heated and 
the other end for condensation. Sometimes, the 
central part becomes the heated region, and the two 
ends are used for condensation [6]. For many 
practical applications, however, the FPOHP needs 
to act as a heat spreader and absorb heat from the 
central part of one side, and then dissipate it to the 
entire area of the other side. In recent years, some 
innovative radial channel structures have been 

proposed to enable FPOHPs to work like high-
efficiency heat spreaders. Laun et al. [7] developed 
a radial FPOHP with Tesla valves, and it could 
achieve a cooling capacity for 525 W within an area 
of 100 mm × 100 mm. Kelly et al. [8] proposed an 
FPOHP having tree-like radial channel structures, 
expanding the fluid flow area and reducing the 
junction temperature by 23°C under the heat input 
of 30 W, in despite of significant temperature 
differences and higher flow resistances. Schwarz et 
al. [9] developed floral and star-shaped radial 
FPOHPs, and the experimental comparison 
demonstrated that heat transfer performance could 
be improved when the fill ratio exceeded 70%. Jang 
et al. [10] conducted experimental studies on radial 
FPOHPs with variable-diameter channels, showing 
a reduction in thermal resistance by up to 11.7% 
compared to constant-diameter channels, and an 
increase in heat transfer capacity of up to 37.5% was 
achieved. To dissipate heat of high-power electronic 
chips in the anti-gravity condition, a novel two-layer 
aluminum radial FPOHP with an integrated heat-
targeting channel design was recently developed by 
Li et al. [11]. Under the heat power of 600 W, the 
heat transfer performance is almost unaffected by 
the gravity orientation. 

The aforementioned works exhibit the 
application prospect of FPOHPs as heat spreaders 
for heat dissipation and temperature control. 
However, the radial FPOHPs usually require 
complicated channel designs due to the compact 
central heating area. To investigate the impact of 
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channel layout on FPOHP heat transfer performance, 
Lim and Kim [12] introduced the concept of 
effective dissimilarity to quantify its effect on a flat 
micro-pulsating heat pipe (MPHP) under localized 
heating conditions. It was confirmed that the 
thermal performance of the MPHP could be largely 
improved by maximizing the effective dissimilarity 
with respect to the channel arrangement. Inspired by 
the topology optimization method, normally used 
for heat exchanger design [13], Lim and Kim [14] 
proposed a channel layout for cooling the local heat 
source using the topology optimization design, and 
a significant improvement in heat transfer 
performance was achieved as compared with 
conventional channel layouts. Although these 
MPHPs still functioned at a traditional mode, it 
offers a valuable insight for the channel design of 
radial FPOHPs. Based on topology optimization 
algorithms, the novel channel design provides the 
possibility to identify optimal paths that improve 
fluid motion and heat transfer efficiency. 

In this study, we pursue the design goal to match 
with the cooling requirement of high-power 
electronic devices having small surface areas. The 
radial FPOHP is termed as oscillating heat spreader 
(OHS), and a petal-shaped channel structure was 
developed using the design strategy of topology 
optimization methods. Experimental studies and 
comparisons demonstrated the design effectiveness 
on heat transfer performance enhancement and 
high-efficiency heat dissipation, providing a 
promising alternative for cooling high-power chips. 

 

2. Channel layout design via topology 
optimization method  

In this study, a topology optimization model was 
employed to assist the channel design of OHS. The 
model is originated from heat conduction and the 
two-phase flow channels approximated as a material 
with high thermal conductivity. Additionally, the 
variable density model is utilized for characterizing 
the topological structure. In the design domain, the 
relative density (ρi) represents the distribution of 
channels (ρi=0) and solid walls (ρi=1), which is a 
continuous variable ranging from 0 to 1. The 
relationship between relative density and thermal 
conductivity was established with the aid of the 
interpolation model of solid isotropic material with 
penalization (SIMP) [15] described as 

i ff s i s( ) ( )(1 ) p
eλ ρ λ λ ρ λ= − − +           (1) 

where, λ, λeff and λs represent the thermal 
conductivity at discrete node i, the effective thermal 
conductivity of FPOHP channels, and the thermal 
conductivity of the solid wall material, respectively. 

ρi denotes the relative density at the discrete node, 
and p is the penalization factor. 

The finite element method is used to solve the 
steady-state temperature field under the current 
relative density distribution. The subsequent 
topology optimization model iterates the relative 
density in light of the temperature field. Topology 
optimization is essentially a mathematical 
programming method that consists of an objective 
function and constraints. The corresponding 
mathematical model for topology optimization is 
given as follows:  
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where, c represents the thermal compliance, Qin is 
the total input heat, and Theat and Tcond are the average 
temperatures at the heat source and cooling 
boundaries, respectively. ρ0 is the initial relative 
density, and VΩ is the total volume of the topology 
domain. Lmax represents the maximum channel size. 
Δεi is the constraint on the local minimum solid 
volume fraction in local regions. According to Eq. 2, 
the minimization of thermal compliance was 
selected as the objective function, representing the 
smallest temperature difference between the heat 
source and the cooling boundary under a given heat 
input. Additionally, the channel size of the 
oscillating heat pipe must be limited to ensure stable 
slug-plug formation. Hence, a maximum size 
constraint (see Eq. 5) [14,16] restricts the channel 
dimension and a minimum volume constraint (see 
Eq. 6) [14] prevents excessive branching are 
implement. 

By solving the topology optimization model 
using the method of moving asymptotes, Fig. 1 
displays the iterative history of the objective 
function (also thermal compliance), the topological 
channel morphology, and the average temperature 
difference between the heating region and the 
cooling boundary. Eventually, a topology channel 
structure could be obtained that minimizes the 
temperature difference between the heat source and 
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the cooling boundary after over 500 iterations. 
Based on the optimized channel layout as shown in 
Fig. 2, a novel OHS was developed, featured by a 
petal-shaped channel structure having variable-
diameter channels. 
 

 
Figure 1. The iterative history of topological 
channel morphology. 

 
Figure 2. The OHS with topological channel 
structures (left) and an enlarged view of its design 
domain (right). 

3. Fabrication of OHS and experimental 
setup 
3.1 Fabrication of OHS 

According to above channel design, an OHS with a 
radial topology channel layout was fabricated using 
3003 aluminum alloy. As illustrated in Fig. 2 (left), 
the OHS has an overall size of 60 mm × 60 mm. 
Additionally, the thicknesses of substrate and cover 
plate are 2 mm and 0.25 mm, respectively (see Fig. 
3). On the substrate, channels characterized by 
alternating widths of 1.5 mm and 1.1 mm, and a 
depth of 1.5 mm were fabricated using a CNC 
milling machine. The substrate and cover plate were 
then brazed together to form a total thickness of 
about 2.25 mm. R1233zd (E) was selected as the 
working fluid due to its low global warming 
potential (GWP) and favorable thermophysical 
properties [17]. 
 

 
Figure 3. Schematic diagram of the channel cross 
section of the OHS. 

3.2 Experimental setup 
Fig. 4 illustrates the experimental setup of the 

OHS, consisting of four main components: the 
OHS itself, a heating module, a liquid cooling 
module, and a data measurement and acquisition 
module. In this study, a copper block with 
embedded electric heating elements was used to 
simulate the heat generation of a high-power 
electronic chip. The copper block, containing two 
electric heating rods inside, has a heating surface 
of 15 mm × 15 mm in direct contact with one side 
of the OHS. To accurately measure the maximum 
temperature on the simulated chip surface, a 
rectangular groove was machined into the centre 
of the copper block to securely house a T-type 
thermocouple (OMEGA, ±0.2 °C in accuracy). All 
temperature data were collected and recorded 
using a data logger (Agilent 34970A), with 
thermocouple measurement points detailed in Fig. 
5. The inlet temperature of cooling water is 25 ℃ 
and the flow rate is 1.2 L/min. Additionally, a 1.0 
mm thick copper spacer with a centre hole was 
placed between the OHS and cooling block to 
prevent excessive heat conduction from the 
evaporator directly to the condenser, or ‘thermal 
shorting’ [18]. 
 

 
Figure 4. Schematic diagram of the 
experimental setup for OHS. 
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Figure 5. Arrangement of thermocouple 
measurement points on the OHS. 

To understand the effect of inclination angle on 
the heat transfer performance of the OHS, the 
experimental test was conducted at both horizontal 
and vertical orientations for the OHS as illustrated 
in Fig. 6. Obviously, at the vertical orientation 
condition, the upper part of the OHS works 
approximately at the bottom heat mode, while the 
other half functions approximately at the top heat 
mode, namely anti-gravity condition. In addition, a 
solid 3003 aluminum plate was also prepared to 
establish reference benchmarks to assess the OHS 
performance having topology optimization 
channels. 
 

 
Figure 6. Schematic diagram of the OHS at 
horizontal and vertical orientations. 

4. Data reduction and uncertainty analysis 
Thermal resistance is a crucial parameter for 

evaluating the heat transfer performance of an 
FPOHP, which can be expressed as 

h c

in(1 )
T TR

Qϕ
−

=
−

                                   (7) 

where Qin represents the input heat power, which 
is directly measured by a power meter. φ is the 
heat loss from the test section to the ambience. 
According to a set of thermal balance test with 
respect to heat loss, a mean value of 0.068 was 
adopted. Th and Tc are the average temperatures of 

heating and cooling surfaces, respectively, under 
steady-state conditions, respectively given by 

h 1T = T                                                (8) 
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Based on the Holman’s analysis method, the 
maximum uncertainty of thermal resistance is 
approximately 5.7%. 

 

5. Results and discussion 
5.1. Heat transfer performance 
Fig. 7 compares the temperature profiles (T1) of 

heating surface at the horizontal and vertical OHS 
at different filling ratios ranging from 40%-70%, 
and the aluminum plate was also used as a 
benchmark. Compared to the aluminum plate, 
significant reductions in the temperature of heating 
surface were achieved for the OHS at filling ratios 
ranging from 50%-70%. However, the temperature 
at the 40% filling ratio was even higher than that of 
the aluminum plate, implying the startup failure of 
this device. At the stagnation condition of fluid 
medium inside of the OHS, the heat transport 
largely dependent on heat conduction, and thus the 
device was featured by lower thermal conductivity 
that that of the pure aluminum plate.  

For the horizontally oriented OHS, at the 
relatively high heat powers of 200 W, 250 W, and 
300 W, the surface temperature of the heat source 
(T1) was approximately reduced by 13.6 °C, 
14.9 °C and 13.8 °C, respectively, compared to the 
aluminum plate at the filling ratio of 70%. The 
power reduction experiment can assess the 
capability of the slug-plug system to maintain 
thermal inertia. If slugs/plugs inside the OHS 
stagnate early, it indicates that the system cannot 
generate a driving force greater than the flow 
resistance at that heating power. Specifically, at a 
filling ratio of 60 or 70%, the OHS maintains high 
heat transfer performance at the lower heating 
power of 100 W in both horizontal and vertical 
orientations, with temperature reductions of 6.7 °C 
and 6.9 °C, respectively, compared to the aluminum 
plate. This indicates that the OHS with topological 
channels can effectively maintain the thermal inertia 
of the slug-plug system in both orientations. More 
importantly, this OHS exhibited the heat 
dissipation capability of a heat power of 300 W (133 
W/cm²) without exceeding a maximum surface 
temperature of 100 °C.  
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(a) 

 
(b) 

Figure 7. Comparison of temperature profiles (T1) 
of the OHS at different filling ratios and aluminum 
plate in horizontal orientation (a) and vertical 
orientation (b) during the heat power reduction 
experiment. 
 

Fig. 8 display the variations of thermal resistance 
of the OHS at different filling ratios in both 
horizontal and vertical orientations. Notably, the 
thermal resistance of the OHS at a filling ratio 
ranging from 50%-70% rapidly decreased as the 
heat power increased from 50 W to 100 W, 
indicating the startup of this device. On the contrary, 
the thermal resistance of the OHS was even higher 
than that of the aluminum plate due to the startup 
failure as mentioned above. At the heat power of 
100-200 W, the thermal resistance of the OHS 
decreased further at a filling ratio of 60% or 70%. 
Specifically, at the filling ratio of 70%, minimum 
thermal resistances of 0.184 and 0.180 W/(m·K) 
were achieved in the horizontal and vertical 
orientations, respectively, representing a reduction 
of about 25.1% and 26.7% compared to the 
aluminum plate. With the further increase of heat 
power, however, the thermal resistance increased 
with the heat power. At the filling ratio of 50%, the 
OHS shows earlier performance degradation and the 
smallest thermal resistance appeared at the heat 
power of 100 W. Finally, compared to the horizontal 
orientation, the vertically oriented OHS at a filling 
ratio of 60-70% demonstrates better heat transfer 
performance in the heat power range of 100-200 W, 

and the OHS at 70% filling ratio was less affected 
by the orientation.  

 

 
(a) 

 

(b) 
 

Figure 8. Thermal resistance versus heat power 
for OHS at different filling ratios: (a) horizontal 
orientation; (b) vertical orientation 
 

5.2. Temperature uniformity  
Based on the radial basis function method, we 

can obtain the temperature field of the OHS derived 
from the measurement of 13 thermocouples and 
interpolation processing. Fig. 9 displays the 
temperature distributions of the OHS (FR=60%) 
and aluminum plate under the heat power of 200 W 
at the quasi-steady state. It is evident that the OHS 
in both horizontal and vertical orientations showed 
better temperature uniformity compared to the 
aluminum plate. This is further validated by the 
temperature profile along the central cross-section 
of the device or plate as shown in Fig. 10. It can be 
found that the OHS maintained both a lower center 
temperature and a higher cooling boundary 
temperature, with the average temperature 
difference between the center surface and the 
boundary reduced by 17.7 °C compared to that of 
the aluminum plate, suggesting that the OHS 
effectively dissipated the localized heat at the 
center. 
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In addition, when comparing the vertical and 
horizontal orientations, the isotherm of the vertical 
OHS in Fig. 9(b) demonstrate a more uniform 
temperature distribution in the gravity-assisted 
region, while the anti-gravity region shows a more 
pronounced temperature difference. It indicates that 
the presence of gravity enhanced the temperature 
uniformity in the certain region of the vertical OHS, 
whereas the non-uniformity is more prominent in 
regions where gravity hinder the heat transport. 

  

 
(a) 

 
(b) 

 
(c) 

Figure 9. Temperature distributions of the OHS 
(horizontal orientation (a) and vertical orientation 
(b)) and solid aluminum plate (c) under the heat 
power of 200 W (FR=60%). 

 

 
Figure 10. Interpolation temperature profile along 
the central cross-section of OHS in both horizontal, 
vertical orientations and the solid aluminum plate 
under the heat power of 200 W (FR=60%). 

6. Conclusions 
For the cooling of high-power electronic 

devices, a novel petal-shaped oscillating heat 
spreader (OHS) was developed through a topology 
optimization method on the basis of the variable 
density model. Additionally, a variable cross-
section design was used to improve the 
operational reliability of OHS in various 
orientations. The effects of filling ratio and 
orientation on the heat transfer performance of the 
OHS and the temperature uniformity were 
experimentally investigated and compared. The 
main conclusions are summarized as follows: 

 (1) There existed an optimal filling ratio of 
70% with respect to the lowest temperature of 
heating surface and the minimum thermal 
resistance of the OHS. Correspondingly, the 
minimum thermal resistance of 0.184 and 0.180 
W/(m·K) were achieved in the horizontal and 
vertical orientations, respectively, which were 
reduced by about 25.1% and 26.7% as compared 
with the aluminum plate. 

(2) The OHS exhibited the heat dissipation 
capability of 300 W (133 W/cm²) without 
exceeding a maximum surface temperature of 
100 °C. 

(3) The average temperature difference of the 
OHS between the center of the heated surface and 
the boundary was reduced by 17.7°C compared to 
the aluminum plate, demonstrating a significant 
improvement in temperature uniformity. 
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Abstract 
A two-phase closed thermosyphon (TPCT) has been widely attracting attention as a heat transfer device. Research on 

improving the thermal performance and durability of TPCT is needed for it to be continuously used in practical fields. 

However, most of the research mainly has been limited to studies that improve the thermal performance of TPCT. 

Therefore, in this study, we tried to research the geyser boiling phenomena (GBP) that affect the durability of TPCT. 

To measure the impact force generated from GBP, a TPCT with a load cell was installed, and the condenser and the 

adiabatic section were made possible to visualize. In addition, water and ethanol were used as working fluids to 

confirm the effects of thermal properties. The experiment resulted in ethanol showing higher thermal performance and 

lower impact force at a low heat flux and water having better operating conditions as the heat flux increased.  

Keywords: Geyser Boiling; Two-Phase Closed Thermosyphon; Impact Force; Visualization 

1. Introduction

A TPCT is a device for transporting a large 

amount of heat because it uses latent heat energy [1–

4]. Generally, TPCT consists of three parts: 

evaporator, adiabatic section, and condenser. The 

vapor created at the evaporator is condensed at the 

condenser, and the condensate returns to the 

evaporator by gravitational force, as shown in 

Figure 1. 

Due to its advantages, such as its simple structure 

and easy maintenance, the TPCT has received 

attention in the field of heat exchangers [5–7]. The 

TPCT has two primary limits because an individual 

TPCT operates in low heat flux due to the increase 

in the number of TPCTs: the first is low thermal 

performance, and the other is GBP. 

Various researchers have covered the 

enhancement of thermal performance in the TPCT 

[1–4,8,9]. However, GBP has not been investigated 

despite the risk of fatigue failure. 

GBP is a chaotic flow that occurs in the TPCT. 

When heat is supplied to the evaporator, the liquid 

stores internal energy. This energy is utilized to 

make the bubble (Figure 2. (a)) and its growth 

(Figure 2. (b)). The rapid growth of the bubble 

pushes up the liquid, which hits the cap of the TPCT 

(Figure 2. (c)). After that, the bubble and liquid were 

mixed and fell to the evaporator (Figure 2. (d)). GBP 

can impact TPCT and be hazardous. Hence, GBP is 

a phenomenon that should be avoided when 

operating the TPCT [10–12]. 

The GBP studied so far was determined based on 

the temperature or pressure variation in the TPCT 

[10,12]. This method for measuring GBP is not 

precise because the internal flow behavior only 

depends on temperatures and pressures due to an 

invisible experimental setup. Although the 

visualization studies for GBP also existed, the 

experimental setup, which totally consisted of 

Figure 1. Principle of TPCT operation 
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transparent materials, could not guarantee the actual 

operating environment of the TPCT. Especially, the 

initial condition for GBP occurrence might be 

different such as a bubble embryo. 

 Hence, this study analyzed GBP by installing the 

load cell at the top of TPCT. Even the TPCT can 

provide the internal flow because the adiabatic 

section and the condenser were quartz, while the 

evaporator was copper. Additionally, the working 

fluid effect for GBP was analyzed by using water 

and ethanol. Based on the results from this study, the 

occurrence of GBP can be confirmed clearly, and 

the impact force exerted by GBP can be obtained. In 

addition, this study presented the working fluid that 

can provide the best conditions during TPCT 

operation in terms of thermal performance and 

impact force. 
 

2. Experimental setup and procedure 

The experimental setup image is shown in Figure 

3. The TPCT consisted of the evaporator, the 

adiabatic section, and the condenser. Each part had 

a length of 150 mm and an inner diameter of 15 mm. 

The evaporator was made of copper and had eight 

cartridge heaters. The adiabatic section and the 

condenser were one body of cylindrical quartz used 

to visualize internal flow in the TPCT. The 

condenser was covered with a water jacket. The 

water jacket was kept in cold conditions by flowing 

coolant. The coolant is water, which was maintained 

at the targeted temperature. The water jacket is 

made of acrylic to avoid disturbing the visualization. 

The separation plate was used between the 

condenser and the adiabatic section to prevent the 

leak from the condenser. A load cell and pressure 

transducer were installed at the top of the condenser 

to measure the force and the pressure generated by 

the internal flow. A stainless-steel plate with a 

diameter of 14 mm was attached to the load cell. 

This plate helped the load cell measure all flow 

behavior because the sensing area of the load cell 

had only half of the inner diameter. 25 T-type 

thermocouples measured the wall and the internal 

temperatures of each part. The measured force, 

pressure, and temperature had a sampling rate of 

500 samples/sec and were stored on the desktop 

through the data acquisition system in real-time. A 

high-speed camera performed the visualization, and 

the recording speed was 500 frames/sec to compare 

Figure 2. Sequence of GBP occurrence 
 

Figure 3. Experimental setup 
 

Figure 4. Relative thermal resistance and impact 

force according to heat flux 
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with the measured data set easily. DI water and 

ethanol were selected as working fluids to compare 

their characteristics for GBP. The filling ratio (FR) 

was 100%, and the heat flux increased by 1 kW/m2 

from 1 kW/m2 to 10 kW/m2.  
Before the experiments, the experimental setup 

was cleaned with chemicals appropriate to the 

material.  The cleaned evaporator and quartz 

cylinder (condenser and adiabatic section) were 

vertically aligned and assembled. The assembled 

experimental setup was connected to the vacuum 

pump, but the vacuum was controlled, and when the 

target vacuum was reached, the working fluid was 

injected. The injected working fluid has undergone 

sufficient degassing before injection. The device's 

cartridge heater was connected to the power supply, 

and the heat source was supplied. The temperature, 

pressure, and force measurement data were 

Figure 5. Visualization image of ethanol (q"=6 

kW/m2) 
 

Figure 6. Visualization image of water (q"=6 

kW/m2) 
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connected to the data acquisition system so that data 

could be collected. 
 

3. Data reduction 

Data reduction was calculated using the average 

data collected for 10 minutes after reaching a steady 

state. 

Thermal resistance was used as an indicator of 

thermal performance, and the equation is as follows: 

  

, ,w eva w cond

th

eva

T T
R

Q

−
=                    (1) 

 

where Tw,evap, and Tw,cond are the average inner wall 

temperature of the evaporator and the condenser, 

respectively. 

 The impact forces were simultaneously also 

measured. However, the load cell provided the 

force data without data reduction. Hence, the 

additional data reduction process was not needed 

for them. To easily compare the thermal 

performance and impact force of ethanol and water, 

additional data reduction was carried out by 

dividing the measured value of water by the 

measured value of ethanol, as shown in Eqs (2) and 

(3) below: 

 

,

,

Relative thermalresistance
th Water

th Ethanol

R

R
=    (2) 

 

Relativeimpact force Water

Ethanol

F

F
=           (3) 

 

where Rth,Water and Rth,Ethanol are the thermal 

resistances of water and ethanol. Fwater and FEthanol 

are the impact forces of water and ethanol.  
 

4. Results and discussion 

   A graph of the relative thermal resistance and 

impact force of water versus ethanol is shown in 

Figure 4. When the relative thermal resistance is 

greater than 1, it means that the thermal 

performance of water is relatively low compared to 

that of ethanol. Ethanol's thermal performances 

were superior to those of water at initial low heat 

fluxes. However, it gradually deteriorated based on 

a 4 kW/m2 heat flux. This is because ethanol, which 

has a relatively low boiling point and low latent heat 

of evaporation, facilitates boiling and evaporation 

(Table 1).  As the heat flux increases, boiling occurs 

in the water, improving its thermal performance. 

  When the relative impact force is greater than 1, 

water's impact force is greater than that of ethanol.  

The relative impact force showed a different trend 

from the thermal performance. In all heat fluxes, 

water's impact forces were greater than those of 

ethanol, and in particular, the impact force of water 

at a heat flux of 4 to 6 kW/m2 was up to about 8 

times greater. This is because, as can be seen in 

Figures 5 and 6, GBP occurred in water based on the 

same heat flux but not in ethanol. 
 

5. Conclusions 

In this study, TPCT thermal performance using 

water and ethanol was measured, and the impact 

force of GBP was compared using load cells 

installed simultaneously. The experiment found 

that using ethanol with relatively low impact force 

and high thermal performance at a low heat flow 

rate (q" ≤ 6 kW/m2) is advantageous for TPCT 

operation. However, it was found that at a high 

heat flux (q" > 6 kW/m2), using water with 

relatively reduced impact force and improved 

thermal performance is helpful for TPCT 

operation. 
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Abstract 
The present work proposes a novel pulsating heat pipe, composed of flat plates and solid wires, forming a new channel 
geometry in a closed-loop arrangement, manufactured by diffusion bonding. The proposed channel has four sharp 
grooves in the corners, resulting from the contact line between the solid copper wires and plates. This wire-plate 
pulsating heat pipe was experimentally investigated. The data showed that, depending on the operation parameters, 
the device could work as a heat pipe or a pulsating heat pipe, for lower and higher power input levels, respectively. 
Besides, the proposed device was able to start at low heat loads and at reduced evaporator temperature when in a 
pulsating heat pipe mode, which is a great advantage when compared to ordinary ones. The main novelty of the present 
research is the new channel profile for a pulsating heat pipe, which was shown to improve the heat transfer capacity 
during the startup, extending the thermal load range applications of these devices.  

Keywords: Pulsating heat pipe; Wire-plate grooves; Channel geometry; Diffusion bonding; Thermal Performance. 

1. Introduction
Flat plate pulsating heat pipes (PHPs) may be 

feasible solutions for the thermal management of 
microelectronic components that integrate printed 
circuit boards and multi-chip modules in 
electronic equipment, including those for space 
applications. Operating due to the oscillations of a 
working fluid slug flow in confined channels, they 
are efficient passive heat transfer devices, 
especially for high and concentrated heat fluxes 
[1,2]. 

The channel geometry is the dominant 
parameter that influences the flow regime and the 
working fluid distribution, directly impacting the 
thermal behavior of the PHP [3,4]. Although many 
studies on channel shapes can be found, most 
researchers worldwide still deal with traditional 
channels due to the ease of fabrication. 
Rectangular and circular cross-sections are 
considered the standard ones for the flat PHPs. 
Several authors [5–9] agree that PHPs with 
square/rectangular cross-section channels show 
lower thermal resistances and evaporator 
temperatures (principally in horizontal position) 
and can transfer higher heat loads when compared 
with circular profiles. However, they show later 
startups, caused by a delay at the beginning of 
oscillation. As highlighted by Ayel et al. [4], due 
to capillary forces, the liquid tends to accumulate 
in the edges, resulting in reduced menisci 
curvature radii. Therefore, sharp corners act as 
capillary structures, keeping the evaporator edges 
wet. As a result, the liquid flows in the corners 
from the condenser to the evaporator, not blocking 

the vapor flow [10]. 
Furthermore, channel geometries affect the flow 

patterns. The sharp angles can reduce the Kelvin-
Helmholtz and other dynamic instabilities that 
favor the transition from slug flow to annular flow, 
achieving higher heat transfer capacity and lower 
overall thermal resistances [11].  

Some new cross-section proposals emerged to 
improve liquid pumping and thermal efficiency 
and decrease the dependency on gravity [1]. Qu et 
al. [12] verified that the PHPs with a triangular 
channel shape have better thermal performance 
than the rectangular ones. The sharper angles 
improve the capillary forces and the bubble 
formation, consequently improving the working 
fluid phase change. Wang et al. [13] studied 
corrugated geometries at different positions in 
tubular PHP made of glass. They achieved a better 
thermal performance using a corrugated 
configuration in the evaporator section. Cai et al. 
(2006) produced a PHP with a flat surface from a 
tubular device by compressing of a copper tube 
inside a flat plate and a mold with a dual-radius 
shape. Two microgrooves were formed at the 
interface of the two profiles, which worked as a 
wick structure, keeping the evaporator wet. 
Besides, Qu et al. (2017) investigated tubular OHP 
with internal helical microgrooves. The helical 
structure enhanced the effective thermal 
conductivity, standing for higher heat inputs at 
both horizontal and vertical orientations due to the 
intensification of the phase change. 

Novel channel geometries for flat plate PHPs to 
enhance the boiling phenomenon have also been 
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researched. Kim and Kim [16] explored a micro 
flat plate PHP with different dimensions of 
reentrant cavities fabricated onto a silicon wafer. 
However, it was not able to improve the cold 
liquid circulation from the condenser, as the 
cavities were perpendicular to the channel. The 
startup happened at lower power inputs as the 
cavities helped decrease the wall superheating and 
increase the bubble production. 

Krambeck et al. [17] investigated two diffusion-
bonded PHPs, one with a simple round cross-
section channel and another with a round cross-
section and ultra-sharp lateral grooves, in the 
evaporator section. The application was for the 
thermal management of large-scale electronic 
gadgets in a wide range of applied heat loads. 
Their main conclusion is that grooved PHP 
presented higher thermal performance than round 
one for most applied heat loads and operation 
orientations, resulting in a difference in the 
average temperatures between the evaporator's 
round and grooved PHP of 2.1 °C. Besides, 
Krambeck et al. [17] showed that the diffusion 
bonding process was capable of manufacturing 
high-quality flat PHPs with different internal 
channels, being a promising technology for such 
applications. Using the same fabrication process, 
Paiva et al. [18] developed wire-plate heat pipes 
(HPs) composed of a sandwich of copper flat 
plates and solid wires by diffusion bonding. The 
contact between the wire and plates creates four 
very sharp grooves in each channel, as shown in 
Figure 1, with an excellent pumping capacity. 

 

 
Figure 1. Wire-plate channel profile and four 
sharp grooves. 

 

Despite the huge capacity for transferring heat, 
PHPs have a strong drawback, as they require high 
heat loads and elevate temperature differences for 
the startup in the oscillating slug flow mode. This 
fact reduces their applicability in many equipment 
where high temperatures are not allowed or when 
the heat load range is wide [19]. 

The PHP thermal performance can be enhanced 
by the proposal of a new shape of channels using 
grooves once they work as artificial nucleation 
sites, which may help in the bubble formation and, 
as a wick structure, in the spreading of the liquid 
along the evaporator.  

In this context, the present work proposes a 
novel PHP, composed of flat plates and solid 
wires, forming a new channel geometry in a 
closed-loop arrangement, manufactured by 
diffusion bonding. The proposed channel has four 
sharp grooves in the corners, made by the contact 
line of solid copper wires and plates. The wire-
plate PHP was experimentally investigated to 
assess the improvements in the thermal 
performance of PHPs.  

 
2. Methodology 

The manufacturing of the proposed PHP, the 
setup used for the experiments, the experimental 
procedure and the thermal analysis method 
employed are described in this section. 

 
2.1 Fabrication of the wire-plate PHP 
A mini wire-plate pulsating heat pipe with 100 x 

55 mm2 was designed to have 16 parallel 
interconnected parallel channels in a closed-loop 
arrangement, made of solid copper wires. The 
geometry details of the new channel and the PHP 
design are shown in Figure 2.  

 

 
Figure 2. Wire-plate PHP design. 

 

To fabricate the proposed device, closing copper 
sheets (0.5 mm thick) were used to form a 
sandwich with a copper hollow frame (1.5 mm 
thick) and fifteen solid copper wires with a 
diameter of 1.7 mm. The flat plates were cut in the 
water jet machine. Spot welding was used to fix 
the wires and plates to the desired positions, as 
seen in Figure 3 (both end sides of each wire are 
flat).  
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Figure 3. Internal view of the wire-plate PHP 
before closing. 

 

In the sequence, the stacked set was diffusion 
bonded. The diffusion bonding cycle was the same 
one used by [20], in which the pilled plates remained 
for one hour at 875 °C, after heating at 10 °C/min, 
inside a furnace (JungTM) with an inert atmosphere 
of 95 % argon and 5 % hydrogen. Due to the 
difference in thickness between the hollow frame 
and the solid wires, two thermal cycles were 
performed, one to diffusion bond the wires to the 
closing plates and another to seal the borders. 
Because both cycles were applied in the same 
manufacturing procedure, the frame has a lower 
thickness compared to the rest of the wire-plate 
PHP, which can be noticed in Figure 4a. The 
resulting grooves of the channel and the wire oval 
shape, a small deformation due to the pressure 
applied during the fabrication process, can be seen 
in Figure 4b. 

Therefore, the fabricated PHP had a final 
thickness of 2.80 mm, a mass of 99.86 g, and a 
total internal void volume of 4.12 ml. Degassed 
distilled water was used as the working fluid. The 
spacing between the wires worked as channels 
with four sharp grooves, through which water 
flowed in confined conditions (critical diameter 
smaller than 4 mm, according to the Bond number 
[21]), resulting in a slug-plug flow.  

Preliminary experimental work showed that the 
wire plate PHP was capable of working as a 
conventional heat pipe (no oscillations) or as an 
ordinary PHP, depending on the filling ratio (FR), 
which is defined as the ratio between the volume 
of the working fluid and the total void volume 
(Vl/Vt) of the device. In this way, after testing 

several amounts of working fluid inside the wire-
plate PHP, two of the tested FRs were selected as 
presenting the best thermal performance for 
operation as a conventional HP or a PHP, of 19% 
(0.78 ml) and 67% (2.76 ml), respectively. 
 

 

 

a) External view b) Grooves’ view 
(OM image) 

Figure 4. Resulting wire-plate PHP after the 
diffusion bonding. 

 

2.2 Experimental Setup 
Figure 5 shows a schematic of the setup 

developed for the thermal tests. The length of the 
PHP was divided into: evaporator (14 mm), 
adiabatic (71 mm), and condenser (15 mm) 
sections. In the evaporation section, a heater 
composed of a cartridge resistor inside a copper 
block (14 x 55 x 14 mm³), fed by a programmable 
power supply unit (TDK-LambdaTM GEN300-17), 
simulated the heat dissipation of multi-chip 
modules. Cooling water from a thermal bath 
(Lauda EcolineTM RE212) flew through a metallic 
block (15 x 55 x 22 mm3) in a small heat 
exchanger, removing heat from the 
condenser. The cooling water temperature was 
kept at 20 °C with a constant flow rate of 4.1 l/min. 
For both evaporator and condenser blocks, the 
contact resistance was reduced with the use of 
thermal grease. The entire setup was insulated by 
a 30 mm thick blanket from Isoglasâ, with a 
thermal conductivity of 0.045 W/mK. 

Three T-type (Omega EngineeringTM) 
thermocouples in each section recorded the 
temperature measurements, which were attached to 
the outer surface of the wire-plate PHP using 
Kaptonâ tapes. Figure 5 shows, on the right side, the 
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thermocouples distribution along the proposed 
device. Also, one thermocouple measured the 
environment temperature. A data acquisition 

system (DAQ-NITM SCXI-1000) acquired the 
temperature readings, which were stored in a 
computer.

 

  
Figure 5. Experimental setup. 

 
2.3 Experimental Procedure 

For all tests of the novel PHP, the first 
procedure was to evacuate the device and charge 
it with the desired amount of working fluid. A 
turbomolecular pumping station, EdwardsTM T-
Station 85, was used to achieve a high vacuum of 
4x10-5 mbar inside the wired PHP. Then, using 
special vacuum tubes (Tygonâ) and forceps, 
degassed distilled water was inserted into the 
device. In the sequence, a purging process was 
performed to eliminate any possible non-
condensable gases, which could jeopardize the 
thermal performance. For each thermal test, a new 
filling process was accomplished with the desired 
FR, repeating all these steps. 

The thermal tests were performed in the 
horizontal orientation (evaporator at the same 
level as the condenser). Heat transfer rates from 10 
to 160 W (corresponding to a heat flux from 1.3 to 
20.8 W/cm2) were applied in the evaporator during 
600 s, to guarantee steady-state conditions, 
considered reached when the evaporator 
temperature variation was lower than 1 °C/min. 
The experiment was turned off when the 
evaporator temperature reached 100 °C, an 
adopted limit temperature, considering the 
possible application of the device for the thermal 
control of electronics. The heat flux was 
expressed by the dissipated thermal load divided 
by the heater contact area of 770 mm2. 

2.4 Thermal Evaluation 
The overall thermal resistances are usually 

employed to estimate the thermal performance of 
such devices, defined as the ratio between the 
temperature difference of the evaporator and 
condenser regions and the heat load, i.e.: 

 

𝑅 =
𝑇$! − 𝑇$"
𝑞

=
𝑇$! − 𝑇$"
𝑈 ∙ 𝐼

 (1) 
 

where 𝑇$! , and 𝑇$"  are the average temperature of 
the evaporator and condenser, respectively. The 
heat load, q, is determined by the voltage (U) and 
the electric current (I) applied to the cartridge 
electrical resistor. 

The average temperatures, 𝑇$ , for the 
evaporator and condenser sections, are calculated 
by: 

 

𝑇$ =
∑ 1

𝑁∑ 𝑇#$
#%&

'
(%&

𝑀
 (2) 

 

where 𝑇#  are the thermocouple temperature 
readings at steady-state conditions, N is the 
number of samples, and M is the number of 
thermocouples in each section. In the present 
work, the number of temperature measurements is 
50, which corresponds to the data recorded at the 
last 50 seconds for each heat load, after the steady 
state conditions were reached. 

The thermal resistance uncertainty, 𝛿(𝑅), was 
calculated using the error propagation method 
proposed by Holman et al. [22] with the following 
expression: 
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 (1) 

 

where δ(xi) is the measurement uncertainties of 
temperatures, voltage, and current. f is given by 
Eq. (2). After calibrating the experimental setup, a 
temperature uncertainty of ± 0.13 °C was found. 
According to the power unit manufacturer, the 
voltage and current uncertainties were 0.03 V and 
0.0085 A, respectively.  
 
3. Results and Discussion 

The experimental results regarding the thermal 
performance of the new wired PHP and its 
comparison with other technologies in the 
horizontal orientation are presented in this section.  

As mentioned before, the wire-plate PHP may 
present two distinct performances that depend on 
the filling ratio: operation as a heat pipe or as a 
PHP. To help the analysis, the thermal behavior of 
these two technologies in the horizontal position, 
which were studied in Krambeck et al. [23], are 
characterized. The first technology is the wire-
plate flat HP, very similar to the one described in 
Figures 2 and 3 but without the confined channel 
in a closed-loop fashion, only allocated in the 
length of the HP to bring the liquid from the 
condenser to the evaporator, as the schematized 
design presented in Figure 6a. The second device 
is an ordinary flat plate PHP, Figure 6b, with 16 
interconnected channels with a square cross-
section. Both were fabricated by diffusion 
bonding with equal external dimensions and tested 
under exactly the same conditions. Their main 
characteristics are presented in Table 1.  
 

Table 1. Principal characteristics of heat pipe 
technologies for comparison. 

Features Wire-plate 
HP 

Ordinary 
PHP 

Mass [g] 94.86 105.36 
Container  Copper 

Length [mm] 100 
Width [mm] 55 

Thickness [mm] 2.79 2.65 

Internal structure 12 solid 
copper wires  

16 square 
channels  

1.5 x 1.5 mm2 

Internal channel 
arrangement  Parallel 

Interconnected 
in a closed 

loop 
Void volume [ml] 4.60 2.85 

Working fluid Deionized distilled water 
Best filling ratio 

[%] 17 65 

 

 
a) Wire-plate HP 

 
b) PHP 

 
c) Cross-sections 

Figure 6. Heat pipe technologies for comparison: 
wire-plate HP and ordinary PHP [23]. 

 

Only the best filling ratio for each device, for 
operation in the horizontal position, is used for 
comparison. The slight difference in thickness is 
related to the internal structure. 

 
3.1 HP Standard Thermal Behavior 
Figure 7 shows the temperature transient of an 

HP with wire-plate grooves with FR of 17% for all 
the tested heat loads until the evaporator reached 
100 °C. As a typical behavior of a conventional 
heat pipe, all the temperatures ascended for each 
increased heat load, reaching a steady-state 
condition. The device started operating from the 
first thermal loads, with the evaporator showing 
the onset of a dry-out (sudden evaporator 
temperature increase) at 50 W (6.5 W/cm2), 
which, however, did not avoid the device 
operation until 130 W (16.9 W/cm2), when the 
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evaporator reached 100 °C and the experiment 
was shut down. 
 
3.2 PHP Standard Thermal Behavior 

The PHP starts its operation gradually. As large 
bubbles in the evaporator are generated, they push 
the hot fluid slugs from the evaporator to the 
condenser section, forming a slug-plug flow that 
transfers heat mainly by convection. In the 
beginning, the temperature oscillations are high, 
but they tend to stabilize over time. Therefore, the 
startup of a PHP operation is characterized by the 
drop in the evaporator temperature, which 
approaches that of the adiabatic section 
temperature, with a concomitant increase in the 
condenser temperature. After that, the device 
reaches the typical stable circulation operation 
regime.  

The temperature transient behaviors for the flat 
conventional PHP studied, under several heat 

loads, are presented in Figure 8. It can be observed 
that the PHP reached a steady-state condition for 
each heat load applied. Exceptionally, during the 
startup of the PHP, a surpass of this maximum 
evaporator temperature was tolerated for the PHP 
to create the necessary PHP activation conditions, 
as noticed in previous tests. After that, the same 
100 °C temperature limit was respected. 

The PHP startup occurred at 60 W (7.8 W/cm2), 
with the evaporator reaching the temperature of 
approximately 115 °C (which overpassed the limit 
for actual applications). After that, the temperature 
levels decreased, and the oscillations continued 
until 110 W (14.3 W/cm2). At around 120 W (15.6 
W/cm2), a more stable operation was reached with 
smaller temperature amplitudes. This condition 
was observed up to 170 W (22.1 W/cm2), the 
maximum power supported considering the 
evaporator temperature of 100 °C.  

 

 
Figure 7. Transient of temperatures of the flat HP with wire-plate grooves. 

 

 
Figure 8. Transient of temperatures of the flat PHP with square channels. 
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3.3 Thermal Behavior of the Wire-plate 
PHP 

Figure 9 shows the temperature transient for all 
applied heat loads of the wire-plate PHP, with FR 
67 %, operating in the horizontal orientation. This 
high FR provides a typical behavior in slug-plug 
flow, i.e., in an oscillating cycle, typical of PHPs. 
For every heat load, all the temperatures increased 
until they reached steady-state conditions. 

According to Figure 9, the wire-plate grooves 
aided the PHP startup process, as the PHP worked 
with smaller temperature differences among 
regions when compared to a conventional PHP in 
the horizontal position. The temperature 
oscillations, typical for a PHP operation, started at 
60 W (7.8 W/cm2) with an evaporator temperature 
lower than 90 °C. After that, slug-plug flow was 
sustained until 160 W (20.8 W/cm2). No dry-out 
was noticed.  

A completely different operation was performed 
by the wired PHP with a FR of 19 %, as observed 
in the temperature transient for all tested heat 
loads in Figure 10. With this volume of working 
fluid, the novel wire-plate PHP worked similarly 
to a conventional grooved heat pipe, in which the 
temperatures of three sections rose for each 
increased heat load, reaching a steady-state 
condition.  

Therefore, the wire-plate PHP started its 
operation since the first thermal load, 10 W (1.3 
W/cm2), once the evaporator and condenser 
temperatures were very close to each other, up to 
60 W (7.8 W/cm2) when the evaporator dry-out 
onset was observed, characterized by the sudden 
evaporator temperature increase. Despite the dry-
out onset, the device continued transporting heat 
until 110 W (14.3 W/cm2), when the evaporator 
reached 100 °C. 

 

 
Figure 9. Transient of temperatures of the wire-plate PHP with a FR of 67 %. 

 

 
Figure 10. Transient of temperatures of the wire-plate PHP with a FR of 19 %. 
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3.4 Thermal Performance Comparison 
In Figure 11, curves of the thermal resistance as 

a function of the heat load for the novel wire-plate 
PHP, the traditional PHP (square channels) and 
the HP with wire-plate grooves are compared for 
the horizontal position. The measurement 
uncertainties are shown in vertical bars over the 
data points. Curves for three devices transferring 
heat only by conduction (without working fluid) 
are also presented.  

The HP with wire-plate grooves (light blue line) 
showed excellent thermal performance, presenting 
a smaller thermal resistance value of 0.15 ± 0.02 
°C/W at 50 W (6.5 W/cm2), which was extremely 
lower than the empty (only conduction) thermal 
resistance of 1.54 ± 0.34 °C/W (blue line). After 
that, the HP faced an onset of dry-out on the 
evaporator, which did not interfere with the tube's 
functioning, but slightly increased the thermal 
resistance up to 0.26 ± 0.02 °C/W at the maximum 
heat power, 130 W (16.9 W/cm2). 

The square channel PHP with FR 65% (light 
pink line) presented a thermal resistance at the 
same level as observed for the pure conduction 
resistance for the empty PHP (1.37 ± 0.41°C/W - 
pink line), up to 50 W (6.5 W/cm2), when the PHP 

started up. The pulsating mode started at 60 W (7.8 
W/cm2), when the thermal resistance suddenly 
reduced with the power input increase, reaching a 
minimum value of 0.12 ± 0.01 °C/W at 170 W. 

The novel wire-plate PHP with FR of 19% (light 
purple line) performed exactly as the wire-plate 
HP, considering the uncertainties, from 10 to 60 
W. After that, the evaporator dry-out occurred, 
supporting a maximum heat load of 110 W (14.3 
W/cm2). The lowest thermal resistance achieved 
was 0.12 ± 0.04 °C/W at 50 W (6.5 W/cm2).  

The wired PHP with FR 67% (purple line) 
worked as a typical heat pipe with satisfactory 
thermal behavior up to 60 W (7.8 W/cm2) with 
thermal resistances of about 0.5 °C/W, which 
represented a reduction of approximately 65% to 
the only conduction operation (1.46 ± 0.32 °C/W 
- dark blue line). Subsequently, the slug-plug flow 
(pulsating mode) took over as the dominant 
method of working fluid motion, decreasing the 
thermal resistance steadily up to 0.19 ± 0.02 °C/W 
at 160 W, the maximum dissipated power until the 
evaporator reached 100 °C. It corresponds to a 
thermal resistance reduction of 86 % compared to 
the empty wired PHP (1.46 ± 0.32 °C/W - dark 
blue line). 

 

 
Figure 11. Thermal resistance comparison. 

 

Table 2 presents the main thermal characteristics 
of the wired PHP compared to the grooved HP and 
conventional PHP, at the horizontal position, for a 
better understanding of the new channel impact on 
the thermal performance of the device, where qmax 
is the maximum power input carried out before the 
evaporator reaches an average temperature of 100 
°C, Rmin is, from all test conditions, the minimum 

thermal resistance reached, qstartup represents the 
heat load in which that device began to operate 
effectively, 𝑇$ evap,startup is the average evaporator 
temperature during the startup and qdry out is the 
power input where the onset of the evaporator dry-
out is observed. In general, the HP with wire-plate 
grooves operates efficiently. The major issues 
regarding the conventional PHP are the high heat 
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loads and the average evaporator temperatures 
required for the device to start.  

The FR of 17% provided a typical HP 
performance to the wire-plate PHP, with low 

thermal resistances, even lower than the 
traditional HP, and the same heat load for the dry-
out onset. 

 
Table 2. Thermal performance comparison between wire-plate HP, conventional PHP and wire-plate PHP. 

Characteristics Wire-plate HP Ordinary PHP 
Wire-plate PHP 

As HP (FR 17%) As PHP (FR 67%) 
qmax [W] 130 170 110 160 

Rmin [℃/W] 0.15 0.12 0.12 0.194 
qstartup [W] 10 60 10 10 

𝑇"evap, startup [℃] 27.0 116.7 26.3 30.1 
qdry-out onset [W] 70 No dry-out 70 No dry-out 

 
The wired PHP with a high FR of 67% could 

start from the first heat loads (10 W) with a low 
evaporator temperature, eliminating the main 
startup problem of the conventional PHP. Besides 
that, the device could maintain the operation in 
high heat loads with low thermal resistances, also 
improving the grooved HP performance. 

To sum up, the new channel design for PHPs 
produced two different performances. Despite the 
low FR providing an interesting and similar 
behavior to an HP, the most highlighted 
improvements of the wire-plate channels were 
achieved in the PHP operation, i.e., with high FR.  
The groove’s enhancements to the PHP are related 
to an early startup at low evaporator temperatures, 
even under low heat loads, at the horizontal 
position.  

The main novelty of the present research is the 
use of a new channel profile in a pulsating heat 
pipe, never used before in the literature, which 
improves the heat transfer capacity during the 
startup, extending the thermal load range 
applications. 

 

4. Conclusions 
In this research, a novel pulsating heat pipe 

composed of wire-plate grooves was proposed and 
thermally tested. The pulsating heat pipe was 
manufactured by diffusion bonding of flat plates 
and internal solid wires, which were disposed of 
in a closed-loop fashion, forming a new channel 
geometry for pulsating heat pipes. Its thermal 
performance was characterized under two 
different operations, an HP and a PHP.  

The proposed PHP channels with sharp corners 
improved the startup for low power inputs, in 
which they worked as capillary structures, keeping 
liquid along the channel. As a result, before 
working in the oscillating mode, this device can 
operate as a heat pipe starting from the first power 
inputs, which extends the heat load range.  

The main novelty of the present research is the 
use of a new channel profile in a pulsating heat 
pipe, never used before in the literature, which 
improves the heat transfer capacity during the 
startup, extending the thermal load range 
applications and reducing the evaporator 
temperature required for the device startup. 
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Abstract 
This paper presents a feasibility study on a fully passive cooling system for electric vehicles using Loop Heat Pipes 

(LHP) to transfer the batteries excess heat to the underbody of the vehicle. Multiple LHPs are in contact with a battery 

module, on the evaporator side, while their condensers are embedded in the underbody of the vehicle, cooled via 

aerodynamic cooling. The study is conducted numerically, by means of a previously validated transient 1-D Lumped 

Parameter Model (LPM) able to simulate the thermos-fluidic behavior of the LHP, and aerodynamic CFD simulations 

coupled with heat transfer. The CFD results provide the convection heat transfer coefficient at the condenser wall, 

which is inputted into the 1-D LPM to design the condenser in order to achieve successful operation of the cooling 

system, and to evaluate the temperature evolution of the cells. The performance of the proposed cooling system was 

evaluated over 1C, 2C, 3C charging cycles followed by a 30 minutes 1C driving section. The proposed cooling system 

was able to contain the cell temperature inside the acceptable limits, even at challenging conditions such as 3C 

charging, with maximum temperature being 51.6 °C for 3C, 39.3 °C for 2C and 27.5 °C for 1C. All without using any 

additional energy. 

Keywords: Loop Heat Pipe; Electric Vehicle; Aerodynamic Cooling.

1. Introduction

Growing demand for cleaner air and sustainable 

future, together with a global effort to reduce 

GreenHouse Gas (GHG) emissions, have pushed 

the development and adoption of Electric Vehicles 

(EVs) as the selected choice for passenger transport. 

EVs numbers are in constant growth, albeit far from 

the ambitious targets set by several governments 

worldwide [1]. Reasons are to be found in perceived 

lack of range, lack of infrastructure, high cost and 

charging times, amongst others [2]. 

In order to improve on this limited numbers 

situation, appropriate thermal management can help 

tackling problems such as slow charging, lack of 

range and high cost, as temperature play a critical 

role on the operation of the batteries. In fact, Li-Ion 

batteries (the go-to choice for EVs nowadays) desire 

to be in the narrow range of 25 °C – 40 °C, even if 

up to 50°C is considered acceptable [3], and to be 

outside of this range would lead to a reduction in 

power output and operational life, as well as safety 

risks, e.g. thermal runaway[4]. In fact, a safety 

threshold has been set at 60 °C, to avoid the onset of 

disruptive failure scenarios. 

Currently, the most common Battery Thermal 

Management Systems (BTMS) utilise air or liquid 

convection. Air convection is preferred when cost 

and weight are to be minimized, at the expense of 

performance (e.g. Nissan Leaf, Renault Zoe). This 

BTMS is simple and cheap but inefficient due to the 

poor thermal properties of air, and as such it does 

not allow fast charging. Moreover, it consumes high 

parasitic power due to the frequent presence of fans 

[5]. Liquid BTMS, on the other hand, is very 

efficient and allows for fast charging. It often uses a 

cold plate at the bottom of the battery pack, or 

meandering pipes (Tesla), where liquid is moved by 

a pump [6]. This solution, albeit efficient, is 

expensive, complex and costly in terms of money 

and parasitic power. 

Research have suggested the use of passive 

cooling methods, in the forms of PCM, heat pipes 

and immersion cooling, all with their relative pros 

and cons. The Authors proposed an innovative 

BTMS using Loop Heat Pipes and graphite sheets 

[7], which proved to be successful and allowing 

better performance than an analogue BTMS relying 

on active cold plate. In fact, the LHP BTMS was 

able to reduce the maximum temperature of the cells, 

compared to the active cold plate BTMS, by 3.6 °C 

during 10-minutes fast charge at 4C. The LHPs 

were placed at the bottom of the battery module, 

acting as thermal vectors between the pack and the 

HVAC chiller already included in the vehicle, hence 

reducing the required complexity of the system. 

More importantly, heat was transferred without the 

need of parasitic power for the pump. In this 

scenario, the condenser of the LHP was foreseen to 

be embedded in the heat exchanger of the HVAC 

system of the car, hence actively cooled. 
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In the present work, the Authors propose a 

variation on the previously developed and tested 

LHP BTMS, where the condenser is placed on the 

underbody of the vehicle (as illustrated in Figure 1), 

cooled by the external ambient air, thus further 

reducing the parasitic power needed. In this way, 

aerodynamic cooling of the battery cells is achieved 

without reducing the aerodynamic performances by 

increasing the drag (by creating any openings on the 

exterior of the car).  

 

 
Figure 1. Idea of the proposed BTMS, where the 

condenser of the LHP is cooled by aerodynamic 

forced convection (image modified from 

ImageFX). 

 
The feasibility of this design is studied 

numerically, with an experimentally validated 1-D 

Lumped Parameter Model (LPM) developed by the 

Authors [8]. This 1-D code is used to calculate the 

battery cells and LHP evaporator and condenser 

temperature trends in response to different usage 

conditions of the batteries (i.e., different driving 

speeds). In turn, via CFD simulations of the entire 

vehicle in OpenFOAM CFD Toolbox, a precise 

estimation of the air temperatures in the vicinity of 

the vehicle underbody is conducted, leading to the 

appropriate valued of Heat Transfer Coefficient 

(HTC) to feed back to the 1-D LPM for the design 

and evaluation of the condenser feasibility, as well 

as the prediction of the cells temperature at different 

charging cycles. 
 

2. Method 

The present work utilities two numerical 

simulations on open-source software coupled 

together. Firstly, CFD simulations running on 

OpenFOAM are employed to calculate the heat 

transfer coefficient (HTC) at the boundary region of 

the underbody of the car, where the LHP condenser 

is placed and is rejecting heat to the environment. 

Secondly, these HTC values are fed back to the 1-D 

LPM running on Octave, which simulates the excess 

heat from the cell absorbed by the LHPs, returning 

the temperature trends of the battery cells. With this 

method, it is possible to evaluate the effect of 

different airstream velocities on the thermal 

performance of the cooling system and design an 

adequate condenser for different conditions. 

2.1. Lumped Parameter Model 

In this model, graphite sheets are sandwiched 

between the battery cells, to improve the heat 

transfer in the vertical direction, and isolating the 

cells from one another, ultimately delaying the 

spreading of an adverse thermal event (e.g., thermal 

runaway), as shown in Figure 2. The LHP is a flat 

LHP made out of copper, more details on its 

geometry can be found on [7]. The working fluid 

used for the LHP in this case is ethanol. 

 
Figure 2. Schematic of the LHP-BTMS with 

graphite sheets [8].  

The proposed Battery Thermal Management 

Systems uses series of LHPs at the bottom of battery 

modules. Previous research from the Authors [8] 

have suggested that a number of LHP evaporators 

from 2 to 6 can suffice to meet industry 

requirements, albeit to different standard 

commiserated with the increased annexed weight. 

In order to model the thermal behavior of the cell 

and battery assembly, the thermal network depicted 

in Figure 3 is used. 

 
Figure 3. Thermal network used to model the 

cell, graphite and evaporator assembly.  
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In this work, the thermal network proposed in 

Figure 3 is not altered, and its equations and 

assumptions can be found in previous works of the 

Authors [8]. Instead, from the previous version of 

this code, the condenser model was changed to 

accommodate air convection thermal resistance 

𝑅𝑓𝑟𝑒𝑒, as shown below: 

𝑇𝑐𝑜𝑛𝑑,𝑖 = 𝑓𝑠𝑎𝑡(𝑃𝑐𝑜𝑛𝑑,𝑖) (1)  

𝑄̇𝑐𝑜𝑛𝑑,𝑖 =
𝑇𝑎𝑖𝑟 − 𝑇𝑐𝑜𝑛𝑑,𝑖

𝑅𝑎𝑖𝑟 + 𝑅𝑃 + 𝑅𝑐𝑜𝑛𝑑

=  𝑚̇(ℎ𝑖+1 − ℎ𝑖) 

(2)  

ℎ𝑖+1 =  
𝑄̇𝑐𝑜𝑛𝑑,𝑖

𝑚̇
+ ℎ𝑖 (3)  

ℎ𝑣,𝑙 = 𝑓𝑠𝑎𝑡(𝑇𝑐𝑜𝑛𝑑,𝑖)  (4)  

𝑥𝑖+1 = 𝑓𝑠𝑎𝑡(ℎ𝑖+1) =
ℎ𝑖+1 − ℎ𝑙

ℎ𝑣 − ℎ𝑙
 (5)  

 

Eq (1) calculates the internal two-phase fluid 

temperature, from the assumption of saturated fluid. 

Eq. (2) calculates the heat lost from the fluid to the 

air at the i-th node of the condenser, considering 

three resistances connected in series, i.e., external 

air convection (heat transfer coefficient ℎ𝑎𝑖𝑟 

calculated via CFD simulations), conduction 

through the pipe and two-phase convection inside 

the pipe (heat transfer coefficient ℎ2𝑝  calculated 

thanks to Shah correlation). 

 

𝑅𝑎𝑖𝑟 𝑅𝑐𝑜𝑛𝑑 𝑅𝑝 

1

ℎ𝑎𝑖𝑟𝐴𝑓𝑟𝑒𝑒
 

1

ℎ2𝑝𝐴𝑐𝑜𝑛𝑑
 𝑙𝑛 (

𝑟𝑐𝑜𝑛𝑑,𝑒

𝑟𝑐𝑜𝑛𝑑,𝑖
)

2𝜋𝑘𝑐𝐿𝑥
 

 

Eq (3) calculates the variation in enthalpy due to 

the loss of power, which then, thanks to the 

estimation of the vapour enthalpy (eq. 4) from 

saturation tables, allows to calculate the vapour 

quality variation (eq 5). Hence, with this algorithm 

the length of condenser pipe is calculated and 

checked that it is sufficient to dissipate the amount 

of heat absorbed at the evaporator, by fully 

condensing the vapour. A non-complete 

condensation phenomenon, in the long run, will 

offset the evaporator-condensation fluid charge 

balance of the LHP device and eventually lead to 

dry-out. 

This model has been validated for different 

geometries (cylindrical and flat evaporator) and for 

different working fluids (water, ethanol, acetone and 

Novec649) [8]. 

 

2.2. CFD Model 

For the CFD simulations the open source CFD 

Toolbox OpenFOAM v. 8.0 was utilised to 

compute the aerodynamics and the resulting heat 

transfer distribution in the underbody of the car so 

that an accurate estimation of the local HTCs 

could be obtained. In more detail, the 

buoyantSimpleFoam solver was employed for this 

purpose.  

The mass, momentum, and energy conservation 

equations govern the fluid movement and 

interactions. In the considered steady-state 

turbulent flows, the first two equations, 

respectively, can be written as follows: 

 

∇ ∙ (𝜌𝑢) = 0 (6)  

𝜕(𝜌𝑢)

𝜕𝑡
+ ∇ ∙ (𝜌𝑢𝑢) = −∇𝑝 + 𝜌𝑔 + ∇ ∙

(2𝜇𝑒𝑓𝑓𝐷(𝑢)) − ∇ (
2

3
𝜇𝑒𝑓𝑓(∇ ∙ 𝑢))  

(7)  

 

Where 𝒖 is the velocity field, 𝜌 is the density, 𝑝 

is the static pressure, and 𝒈 is the gravitational 

acceleration. The effective viscosity 𝜇𝑒𝑓𝑓 is the 

sum of turbulent 𝜇𝑡 and dynamic viscosity 𝜇, and 

𝐷(𝒖) is the rate of deformation tensor, defined as: 

 

𝐷(𝑢) =
1

2
(∇𝑢 + (∇𝑢)𝑇) (8)  

 

OpenFOAM determines the pressure gradient 

and gravity force terms in Equation (7) utilising 

equation (9) below: 

 

−∇𝑝 + 𝜌𝑔 = −∇(𝑝𝑟𝑔ℎ + 𝜌𝑔 ∙ 𝑟) +

𝜌𝑔 = −∇𝑝𝑟𝑔ℎ − (𝑔 ∙ 𝑟)∇𝜌 − 𝜌𝑔 +

𝜌𝑔 = −∇𝑝𝑟𝑔ℎ − (𝑔 ∙ 𝑟)∇𝜌  

 

(9)  

where 𝑝𝑟𝑔ℎ is the hydrostatic pressure, 𝑝𝑟𝑔ℎ= 𝑝 − 

𝜌𝒈 ∙ 𝒓, and 𝒓 is the position vector.  
Simulation of heat transfer is performed by 

solving the energy equation and particularly 

utilising the sensible enthalpy model of the 

proposed solver, which solves the following 

equation (10): 

 

∇ ∙ (𝜌𝑢ℎ) +
𝜕(𝜌𝐾)

𝜕𝑡
+ ∇ ∙ (𝜌𝑢𝐾) −

𝑑𝑝

𝑑𝑡
=

∇ ∙ (2𝑎𝑒𝑓𝑓∇ℎ) + 𝜌𝑢 ∙ 𝑔  
(10)  

 
The enthalpy per unit mass ℎ is the sum of 

energy per unit mass 𝑒 and kinematic pressure, ℎ = 
𝑒 + 𝑝/𝜌. 𝐾 ≡ |𝒖| 2 /2 is the kinetic energy per unit 

mass, and 𝛼𝑒𝑓𝑓/𝜌 is the effective thermal 
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diffusivity. For turbulence the standard K-ε model 

is employed.  
 

3. Results 

3.1. CFD Results for HTC estimation 

3D symmetric Reynolds Averaged Navier 

Stokes (RANS) simulations were performed for 

the purposes of the present investigation. The 

computational domain and applied boundary 

conditions are depicted as well as some details of 

the Computational Mesh are shown in Figure 4. 

 
Figure 4. Computational domain, applied 

boundary conditions and computational mesh 

details. 

As it can be seen from Figure 4, a hybrid, 

unstructured computational mesh was utilised,  

consisting of a combination of 8,096,459 

tetrahedral and 984,614 prismatic cells. Two types 

of wall boundaries are employed in the underbody 

section: a heated wall with a constant temperature 

condition, which corresponds to a dedicated 

condenser area for the LHPs; and an adiabatic 

wall, which corresponds to the remaining outer 

surface of the considered vehicle underbody. A ~1 

m2 wide surface representing the area occupied by 

the LHP condenser was superimposed at the 

underbody of the vehicle and fixed at 40 °C, 

representing a worse case scenario. 

Figure 5 shows the spatial distribution of 

pressure, velocity and temperature in the vicinity 

of the vehicle for a speed of 7 m/s ( ~ 25 km/h). it 

is evident how the temperature increases towards 

the end of the area occupied by the condenser, due 

to the heat received Moreover, top left part of 

Figure 5 illustrates the sampling plane and line 

(both located 1 cm below the underbody surface) 

together with the computed temperature 

distribution. It is evident how the air temperature 

increases towards the end of the area occupied by 

the condenser, due to the heat received by the hot 

surface. From the top right image of Figure 5 it is 

evident however how thin is the thermal boundary 

layer developed by placing the condenser at the 

underbody. 

The horizontal plane positioned 1 cm below the 

underbody surface helps to visualise the 

temperature distribution and a sampling line 

running along the same plane and corresponding 

to the middle longitudinal axis of the condenser 

area is used to estimate the local HTCs. The 

resulting HTCs along the proposed sampling line 

for the different simulated vehicle speeds, with a 

total heat emitted from the battery pack of 480 W, 

are plotted in Figure 6. 

 

 
Figure 6. CFD predicted local HTC values versus 

vehicle moving speed, along the LHP condenser 

region in the considered vehicle underbody. 

Figure 5. Temperature, pressure and velocity distribution in the vicinity of 

considered vehicle and sampling line locations for local HTC estimation. 
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3.2. LPM Results on Cell Temperature 

Thanks to the CFD results, now different HTC 

values are available to be fed back to the LPM 

code, in order to evaluate the performance of the 

proposed BTMS, using LHPs, graphite sheets and 

aerodynamic forced convection at the LHP 

condenser. 

In order to replicate scenarios representative of 

a real situation, it was chosen to simulate a 

charging break undertaken by the vehicle, 

followed by a 30-minute period of driving at 25 

km/h (7 m/s). The C-Rate selected were 1C, 2C 

and 3C, with the last one representing the state of 

the art in terms of fast charging. The C-Rate is a 

measure of the rate at which a battery is discharged 

or charged, relative to its maximum capacity; in 

fact, it is defined as the discharging/charging 

current divided by the battery capacity, e.g., 1C 

means full charge in one hour, 0.5C full charge in 

2 hours and so on. Charging the batteries from 

20% to 80% capacity at these currents would take 

36, 18 and 12 minutes, respectively. 

Figure 7 shows the trends of the heating power 

emitted by a single cell during these three 

scenarios. The time average values for these 

cycles are 3 W for 1C, 12 W for 2C and 27 W for 

3C. The assumed pack architecture is composed 

by 8 modules made by 12 cells each, hence the 

heating powers released by the pack in the three 

cases are 288 W for 1C, 1152 W for 2C and 2592 

W for 3C. It is evident how there is significant 

difference between different usages, which makes 

the design of these systems quite challenging. 

 
Figure 7. Plot showing the different trends of heat 

release by a single cell during the different cycles. 

 
A notable aspect of these cycles is that they 

extend beyond the charging phase, which is often 

the sole focus in the literature. Instead, they 

encompass the post-charging period, evaluating 

the BTMS ability to maintain cells temperatures 

within acceptable parameters. 

Using the temperature values resulting from the 

CFD simulations, it is possible to estimate the 

HTC at different velocities. In this case it is of 

interest to look at the values for 0 and 7 m/s. 

Because in the CFD model it was assume a worst-

case scenario of constant condenser temperature 

of 40 °C, by changing the heat released at the 

underbody one can calculate the HTC related to 

the different charging phases, as shown in Table 1. 

 

Table 1. HTC (in W/m2K) at different charging 

phases and different speeds (in m/s) calculated 

from the temperature variations obtained by the 

CFD simulations.  

Speed (m/s) 1C 2C 3C 

0 11 44 99 

2 59 237 534 

4 71 285 641 

5 75 300 675 

6 78 313 703 

7 81 323 727 

 

As previously mentioned, in this paper only the 

velocity of 0 m/s (charging phase, stationary 

vehicle) and 7 m/s (urban driving vehicle) are 

considered. Higher velocities will be considered in 

future stages of this work. 

After several iterations, a solution was found 

that would ensure full condensation of the 

working fluid inside the LHP condenser. As a 

result, suitable geometrical parameters were 

selected, presented in Table 2.  

Table 2. Selected geometrical parameters for LHP 

condenser design. 

#LHP 4  

L cond 2.5 m 

ID/OD 6/6.5 mm 

 

Furthermore, simulations results indicated that 

4 LHPs (Figure 8) applied to the battery module 

provide superior performance compared to 2 

LHPs, as proved by the results of the average cell 

temperature shown in Figure 9, where for 2 LHPs 

the safety threshold of 60 °C is exceeded.  
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Figure 8. 12-cell module cooled down by 4 LHP 

evaporators. Piping coming in and out of the 

evaporator were omitted from the image for 

clarity. 

 
Figure 9. Comparison of the module cells average 

temperature during 3C charge followed by 1C 

cooldown when cooled by 2 or 4 LHPs. 

 
LHP Temperature Results 

 

Looking firstly at the LHP results presented in 

Figure 10, one can notice that indeed the 

condenser achieves full condensation, as the 

yellow line which represents the outlet 

temperature of the condenser, is in equilibrium 

with the ambient temperature in the 2C and 3C 

case (20 °C). In the 1C case, this happens only 

after the end of the charging phase, with the 

increased HTC given by the movement of the car. 

However, the condenser is properly sized as the 

final vapour quality if 0.07.  

From Figure 10 however it is clear that despite 

the lower heating power of the 1C phase, the cell 

temperature keeps on increasing, without 

temperature drop. This does not pose a serious 

issue due to the timeframe of the phenomenon. 

However if several of these fast-charging followed 

by 1C driving cycles are happening one after the 

other in rapid succession, results indicate that the 

temperature would reach unwanted values. This 

suggests that the design following this feasibility 

study could be improved and optimized. 

 

Cells Temperature Results 

 
The cells temperature results shows that the 

proposed passive BTMS idea is feasible, as the 

temperature values are satisfactory. In more detail, 

the comparison graphs of Figure 11, demonstrates 

that the cell temperatures never reach the safety 

threshold of 60 °C, even after 3C fast charging (12 

minutes). In fact, after the 3C fast charge and 

cooldown cycle, the maximum average cell 

temperature of the module is 51.6 °C, which is 

slightly above the acceptable threshold. However, 

it is important to point out that 3C fast charge is 

the state of the art, represented by the Porsche 

Taycan, which offers fast charge in 19 minutes; 

thus, this scenario would represent an 

improvement to the current EV charging situation. 

 

 
Figure 10. LHP nodes temperatures trends for 1C, 

2C and 3C, showing full condensation at the 

condenser. Twall, Tpw, Tcc, Tcond and Tvo are 

the temperature of the wall, primary wick, 
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compensation chamber, condenser outlet and 

evaporator outlet, respectively. 

 
Analyzing the 2C results, which correspond to 

an 18-minute fast charging scenario, reveals that 

cell temperatures consistently remain below the 

optimal threshold of 40°C, with a peak 

temperature of 39.3°C. This performance suggests 

the BTMS is well-suited for vehicle applications 

where charging times under 10 minutes are not 

essential (standard city cars, delivery vehicles, 

taxis). 

Finally, for 1C, the maximum temperature 

reached by the cells was 27.5 °C, suggesting that 

a cooling system may be unnecessary under these 

conditions. 

 

 
Figure 11. Average cell module temperature 

evolution at different fast charge cycles and 

cooldowns. 
 

4. Conclusions 

 
This work presents a feasibility study of a fully 

passive Battery Thermal Management System 

(BTMS) for Electric Vehicles (EV), utilizing 

Loop Heat Pipes (LHP) as a thermal vector, 

connecting the bottom of the battery pack with the 

underbody of the vehicle. In this way, 

aerodynamic cooling can be applied to the battery 

cells without spoiling the aerodynamic 

performance by introducing additional drag. 

A two-tier open-source simulation procedure 

has been employed: firstly, utilizing CFD 

simulations on OpenFOAM to calculate the Heat 

Transfer Coefficient (HTC) at the underbody, due 

to the forced air convection created by the moving 

vehicle; secondly, an in-house generated and 

validated 1-D Lumper Parameter Model (LPM) 

predicted the thermal behavior of the cell and LHP 

assembly and helped to calculate the cell 

temperature evolution. Particular care was taken 

in ensuring that the condenser geometry would be 

suitable to achieve full condensation, at given 

HTCs. 

The performance of this fully passive BTMS 

was evaluated over 1C, 2C, 3C charging cycles 

followed by a 30 minutes 1C driving section. The 

results can be summarized as follows: 

• 2 LHPs are not able to maintain a 12-cell 

module under the 60 °C safety threshold, 

while with 4 LHPs the temperature 

requirements are met. 

• The condenser was properly sized to achieve 

full condensation at the three charging cases. 

• The proposed BTMS was able to contain the 

cell temperature inside the acceptable limits, 

even at challenging conditions such as 3C 

charging, with maximum temperature being 

51.6 °C for 3C, 39.3 °C for 2C and 27.5 °C for 

1C. 

 

This work proved that this fully passive BTMS 

using LHPs and aerodynamic cooling is feasible 

and able to contain the battery cell temperatures in 

acceptable ranges.  

5. Future Work 

 
The next steps of this investigation revolve 

around expanding the simulated dataset, by 

including:  

i) different driving cycles and C-rates;  

ii) different working fluids;  

iii) different LHP configurations; 

iv) higher speeds and different ambient 

temperatures. 

Following, the Authors will investigate the 

benefit of tailoring the LHP condenser design to 

the available HTCs, exploiting the fact that is 

higher towards the front of the vehicle. 

The ultimate goal of this project would be to 

have coupled conjugated heat transfer simulations 

of a scenario where the LHP is physically 

embedded in the vehicle underbody and two-phase 

convection, conduction through solid and forced 

convection heat transfer mechanisms are all 

considered. With this in mind, the LPM model 

describing the cell-LHP thermal behaviour will be 

inserted into the OpenFOAM solver code to 

directly solve transient problems. 
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Abstract 
In the present study, the transient behavior of a diffusion-bonded ultra-thin LHP, specifically designed for the thermal 

management of smartphones, is predicted by means of a 1-D Lumped Parameter Model (LPM). The LPM approach 

was previously validated for larger LHPs with different working fluids and is one of the few highly reliable transient 

models available in literature. The main novelty of this work is the extension of the application range of the LPM 

model to ultra-thin LHPs, where various parameters may affect the operation of these devices, such as heat leakage 

by conduction through the case material. The proposed LPM consists of a thermal network describing the thermo-

fluidic behavior of the evaporator, connected to a series of mass, momentum, and energy conservation, solved 

iteratively to predict the device temperatures, heat transfer rates, and thermal resistances. The LPM model successfully 

predicted the transient temperature of the LHP with the highest and lowest average difference of 0.99 °C and 1.65 °C, 

respectively. Also, this approach estimated the steady-state thermal resistance with an average discrepancy of 28%. 

Therefore, the LPM showed to be a powerful design tool to predict and simulate the operation conditions of heat pipes, 

from ultra-thin to larger ones. 

Keywords: Flat Loop Heat Pipe; Lumped Parameter Model; Transient Modelling; Diffusion Bonding; Thermal

performance. 

1. Introduction

Lightweight, compactness and high performance 

are the requirements for thermal management of 

electronic gadgets. Flat Loop Heat Pipes (LHPs) are 

suitable passive cooling solutions as they can 

separate the evaporator from the condenser section, 

optimizing the integration to the electronic devices. 

Moreover, the LHPs can be miniaturized, reducing 

the final thickness of electronics [1]. 

Investigation on novel manufacturing method for 

LHP have been object of interesting research over 

the last few years, and amongst those diffusion 

bonding has been proven to be an extremely 

effective manufacturing technique for producing 

flat heat pipes [2, 3].  Domiciano et al. [3] developed 

a diffusion-bonded ultra-thin LHP for small 

electronic gadgets, like smartphones and tablets, 

which validated the fabricating method and resulted 

in a device with excellent thermal performance 

under natural convection as a heat sink. 

Despite the recent technical progress in heat pipe 

manufacturing, their adoption from industry is still 

limited, mainly due to the uncertainty on predicting 

their behaviour and the lack of a design tool. This is 

where numerical simulations methods offering 

accurate results in short computational time become 

greatly appealing. Prime example of this is the 

Lumped Parameter Modelling, where continuous 

complex geometries are broken down and assigned 

into discrete components, called nodes. 

Applying this approach to a LHP means dividing 

it into discrete components like the evaporator, 

condenser, vapor, and liquid lines. The governing 

equations based on mass, momentum, and energy 

conservation are solved iteratively to predict key 

performance parameters like operating temperatures, 

heat transfer rates, and thermal resistances. 

In the present work, a previously validated 1-D 

Lumped Parameter Model (LPM) for 

thermodynamic simulation of large-scale LHPs is 

used to predict the thermal performance of an ultra-

thin flat LHP, designed for electronics cooling 

applications, especially smartphones. As the 

compactness of these two-phase devices affects the 

heat conduction by the wick structure and case 

material, this heat leakage became crucial for 

modeling ultra-thin LHPs. The proposed model is 

used to replicate the experimental results reported 

by Domiciano et al. [3]. Therefore, the main aim of 

this research is to understand if the envelope of this 

LPM can be pushed to successfully simulate and 

predict the thermal performance of ultra-thin LHPs. 
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2. Studied LHP 

The studied LHP was manufactured by diffusion 

bonding of three copper sheets. The total thickness 

of this device is 1.56 mm, given by two external 

sheets of 0.3 mm and one internal structure 1.0 mm 

thick. The flat LHP container was divided into four 

sections, as shown in Figure 1, which are the 

evaporator, vapor line, condenser, and vapor line. 

Due to the compactness requirements of the 

proposed device, the compensation chamber was 

suppressed. 

 

Figure 1. Design of the ultra-thin LHP. 

 

The evaporator contains a wick structure made by 

the sintering process of a copper powder. Its 

geometry improves the evaporation of the working 

fluid and guarantees a single direction of the loop, 

given by a vapor barrier on the liquid line side. The 

main properties of the sintered copper powder is 

shown in Table 1. 

The diffusion bonding consisted of submitting the 

pilled copper sheets, with the sintered powder wick, 

into a pressure system made by screws and a matrix, 

followed by a thermal process in a furnace (Jung® 

LT1513) at 875 °C for one hour. An atmosphere of 

argon (95%) and hydrogen (5%) inside the furnace 

reduced corrosion effects. More details about the 

applied diffusion bonding procedure can be found in 

Domiciano et al. [3]. The sintering powder process 

was the same as the diffusion bonding, without the 

pressure application. In the end, a capillary tube was 

brazed to the container, and a leakage test was 

performed. 

Ethanol was selected as the working fluid with 

the filling ratio (FR) that provided the best thermal 

performance, which corresponds to an FR of 30 %, 

according to previous tests [3]. FR is defined as the 

total volume of working fluid divided by the total 

internal void volume. Table 1 presents the main 

features of the resulting LHP. 

 

Table 1. Main characteristics of developed LHP. 

Component Characteristic 

Total dimensions [mm3] 76 x 60 x 1.56 

Evaporator area [mm2] 37.5 x 20 

Evaporator active area [mm2] 10 x 10 

Evaporator wick area [mm2] 29 x 1.5 

Vapor grooves area [mm2] 23.5 x 1.3 

Vapor line channel area [mm2] 79.17 x 3 

Liquid line channel area [mm2] 79.17 x 3 

Condenser area [mm2] 46 x 3 

Working fluid Ethanol 

Filling ratio [%] 30 

Volume [ml] 0.26 

Particle average diameter [µm] 49.72 [4] 
Porosity [%] 53.46 ± 3.87 [4] 
Permeability [10-12 m²] 1.99 ± 1.02 [5] 
Effective porous radius [µm] 21.04 ± 2.2 [6] 
 

For the experimental test, a workbench, 

schematized in Figure 2, mimicked the power input 

of a typical electronic chip, using a cartridge 

electrical resistor. The resistor was embedded in a 

copper block (1 cm2 of contact area) and attached to 

the outer surface of the evaporator, supplied by a 

power energy system (TDK-Lambda® GEN300-5). 

The contact resistance was reduced by thermal 

grease. Natural convection removed the excess heat 

in the condenser section, in which the environment 

was kept at 24 ± 1 °C. Also, the evaporator was 

insulated with PTFE polymer 

(Polytetrafluoroethylene), minimizing the heat loss 

to the environment. 

A data acquisition system (DAQ-NI® SCXI-

1000), a laptop (Dell®), and T-type thermocouples 

(Omega Engineering®) acquired temperature 

measurements. Six thermocouples were fixed at the 

external surface, according to the positions 

presented in Figure 2, using thermosensitive 

adhesive strip Kapton®. Also, the environment 

temperature was measured during the test.  

The LHP was tested in gravity-assisted 

orientation, meaning the evaporator was below the 

condenser. Heat loads were applied from 0.5 to 8 W 

for 1200 seconds each, guaranteeing steady-state 

conditions (temperature variation lower than 

0.1 °C/min). Data was acquired every one second. 
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Figure 2. Experimental apparatus. 

 

The LHP thermal performance was evaluated by 

the overall thermal resistance, Rexp, estimated by: 

 

 1 4
exp

T T
R

q

−
=  (1) 

 
where T1 is the evaporator temperature, T4 is the 

temperature measurement in the middle of the 

condenser, and q is the heat load, given by the 

current times the voltage. 

A calibration procedure was performed in the 

entire experimental workbench to reduce the 

errors related to the temperature measurements. 

The overall thermal resistance uncertainty, δRexp, 

was calculated by: 

2 2 2

2

exp 1 4

1 4

( )
R R R

R T T q
T T q

   
       

= + +     
      

 (2) 

where this expression includes the uncertainties of 

the thermocouples, data acquisition system, and 

power supply unit, determined by the error 

propagation technique according to Holman [7]. 

After the calibration, the maximum temperature 

uncertainty was 0.21 °C.  

 

3. Lumped Parameter Model 

The LPM model used in this work is taken from 

the validated works by Bernagozzi et al. [8] [9], 

which have been successfully validated with 

different LHP layout (flat plate and cylindrical) and 

different working fluids (R123, ammonia, water, 

ethanol and Novec 649©). 

The principal modifications of the LPM for the 

present ultra-thin device are the absence of the 

compensation chamber and the working fluid 

confinement, induced by the thickness reduction, 

increasing the heat leak from the evaporator to the 

liquid line.  

A schematic design of the thermal network, 

which was modified for the proposed ultra-thin LHP, 

can be seen in Error! Reference source not 

found.a. Compared to previous works [8] and [9], 

the compensation chamber was removed from the 

thermal network. Experimental data from [3] were 

used: the average heat transfer coefficient by natural 

air convection in the condenser (30.4 W/m2K), the 

working fluid mass flow rates, and the average 

experimental heat leakage from the evaporator to 

the environment through the insulation (15.46%). 

 

 

a) 

 

b) 

Figure 3. Flat Plate LHP evaporator a) thermal 

network and b) schematic for reference. wall: 

evaporator wall; vo: vapour outlet – exiting the 
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evaporator; co – condenser outlet – all the 

condenser section and liquid line are subjected to 

the same external heat transfer coefficient hence 

considered as condenser. 

Error! Reference source not found.b shows the 

actual location of the temperature estimations from 

the proposed model. As mentioned, heat is applied 

in the external surface (Qext) of the evaporator, 

where the temperature of this region is given by Twall. 

In the sequence, heat is transferred to the working 

fluid, resulting in its evaporation and leaving the 

evaporator with Tvo. However, due to the wall and 

wick structure material, a fraction of the total heat 

leaks the liquid line section, which does not 

contribute to the evaporation of the working fluid 

(Qleak). Vapor starts to condense while flows in the 

condenser section. The condensed liquid exits the 

condenser with Tco, flowing back to the evaporator 

from the condenser through the liquid line, closing 

the loop. It is worth to mention that, since both the 

condenser and the liquid line are subjected to the 

same external heat transfer conditions, they are both 

treated as condenser in the model. 

Error! Reference source not found.a displays 

the thermal network associated to the evaporator 

which instructed the writing of the main ODE 

system, presented in Eqs. (3-5). The first one, the 

evaporator wall node, is expressed as follows:  

 

,

− −
= + +wall vo wall co wall

wall p wall ext

vowall wallco

dT T T T T
m c Q

dt R R
 (3) 

 

where ṁwall is the mass flow rate in this node, cp,wall 

is the specific heat of the evaporator wall and Rvowall 

and Rwallco are the thermal resistance between Twall 

and Tco, and between Twall and Tco, respectively. 

The second node is in the vapor channels, where 

vapor leaves from the evaporator. The governing 

equation of this element is:  

 

, ,

cov

( )
− −

= + + −vo co vo wall vo
vo p v p v sat vo

o vowall

dT T T T T
m c mc T T

dt R R
 (4) 

 

where ṁvo is the vapour mass flow rate generated by 

boiling, cp,v is the specific heat of the vapor phase 

and Rcovo and Rvowall are the thermal resistance 

between Tco, and Tvo and between Tvo and Twall, 

respectively. The last element of Eq. (4) accounts 

for the vapour superheat. 

The last node is in the end of the condensing 

section, where vapor enters the inlet section and 

leaves as a liquid. Therefore, the following equation 

expresses the transient behavior in this node: 

 

 
, ,

cov

( )
− −

= + − − −co vo co wall vo
co p co p l co ll leak

o vowall

dT T T T T
m c mc T T Q

dt R R
(5) 

 

where ṁco is the liquid mass flow rate returning to 

the evaporator and cp,l is the specific heat of the 

liquid phase. The second to last element of Eq. (5) 

accounts for the subcooling coming from the liquid 

line. 

Besides these expressions, another governing 

equation related to the heat leakage from the 

evaporator to the liquid line due to the temperature 

difference between these two regions is used, which 

is crucial for the operating of compact two-phase 

devices. Thus, there is an increase in the temperature 

of the liquid line given by this heat leakage (Q̇
leak

), 

which can be assessed with the following 

expression: 

 

 𝑇𝑐𝑜 = 𝑇𝑙𝑙 +
𝑄̇𝑙𝑒𝑎𝑘

𝑚̇𝑐𝑝,𝑙
 (6) 

 

where Tll is the last node of the liquid line. 

Lastly, the LPM model can evaluate the steady-

state thermal resistance (Rnum) with the following 

expression: 

 

 e c
num

T T
R

q

−
=  (7) 

 

where Te is the evaporator temperature given by 

Twall and Tc is the condenser temperature that can 

be assessed by the average temperature between 

Tvo and Tco. 

 

4. Results and discussion 

 
4.1.  Experimental results 

In order for the ultra-thin LHP to start its 

operation as a two-phase device, a pressure 

difference between the evaporator and the 

condenser must exist, given by the temperature 

variation in these regions. Therefore, with the wick 

structure of the LHP fully saturated with liquid, 

when heat is applied to the outer surface of the 

evaporator, its temperature increases, generating 

vapor. The resulting vapor flows in the direction of 

the condenser, condensing it up to some fraction of 
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the condenser. Assisted by the capillary and vapor 

pressure, the condensate returns to the evaporator. 

Thus, in this paper, the startup can be considered 

when vapor reaches the condenser section, 

increasing its temperature (T4 in Figure 2). 

Figure 4 shows the temperature distribution of 

the ultra-thin flat LHP operating in the gravity-

assisted orientation under several heat loads. With 

the increase of the power input, the steady-state 

temperature of each power level increased. The 

startup of LHP occurred at 2 W, when the condenser 

temperature (T4) increased and overlapped the inlet 

evaporator temperature (T6). For the LHP startup, an 

evaporator temperature of 43.36 °C and a 

temperature difference between the evaporator and 

condenser of 1.63 °C was necessary.  

From Figure 4, above 4 W, all temperatures of 

the condenser section (T3, T4 and T5) were kept at 

almost the same level, meaning that at this heat load, 

the entire condenser area was being used for the 

condensation of the working fluid.  

The maximum heat flux dissipated by the LHP, 

without reaching the established limit temperature 

of 100 °C, was 8 W, with an evaporator temperature 

of 90.6 °C. No dry-out condition was observed, 

which means that the LHP could transfer higher heat 

fluxes; however, with a higher evaporator 

temperature. 

 

 

Figure 4. Temperature distribution of ultra-thin flat LHP operating in the gravity-assisted orientation [3].  

 
4.1. Numerical results 

Figure 5 presents the transient temperatures 

along the LHP given by the experimental data and 

numerical results. The dashed grey line shows the 

experimental results from [3], while the solid black 

line illustrates the numerical data obtained with the 

present LPM. In Figure 5a, Twall is the evaporator 

temperature measured by T1. In Figure 5b, Tvo is the 

evaporator outlet temperature obtained by T2. In 

Figure 5c, Tco is the condenser exit temperature 

provided by T5. 

In Figure 5a, from 0.5 to 2 W, both numerical and 

experimental lines present an excellent match, both 

in terms of steady state values and trends. Above 2 

W, a discrepancy at the end of the steady state 

section starts to appear, with the numerical model 

underpredicting the experimental data. However, 

both data still show satisfactory agreement, with an 

average difference between the evaporator 

temperature (T1) and the numerical evaporator 

temperature (Twall,num) of 0.99 °C.  

For the evaporator outlet temperature, Figure 5b 

shows good agreement between the numerical and 

experimental data for all applied heat loads, with the 

exception of 8 W. In this case, the average 

difference between both temperatures (experimental 

and numerical) was 1.20 °C. 

The last comparison presented is the condenser 

outlet temperature. From Figure 5c, some minor 

differences can be seen in all heat loads, in which 

the numerical data presents lower temperatures up 

to 2 W and higher from 5 W to 8 W. The comparison 

of this case showed the highest discrepancy between 

the numerical and experimental temperatures, 

1.65 °C. 
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(a) 

 
(b) 

 
(c) 

Figure 5. Comparison of the experimental and numerical transient temperatures along the LHP (a) 

evaporator wall, (b) evaporator exit, and (c) condenser outlet. 

 

Figure 6 shows the comparison between the 

experimental (black round dots) thermal resistance, 

given by Eq. (1), and the numerical (grey line) 

thermal resistance obtained by Eq. (7). The thermal 

resistance of the proposed LHP without working 

fluid inside, i.e., transferring heat only by heat 

conduction, was 3.33 ± 0.43 °C/W. From Figure 6, 

it is clear that the LHP startup at 2 W, as mentioned 

in Figure 4, with an abrupt decrease in its thermal 

resistance. Above 2 W, the thermal resistance 
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remained at an almost constant level, reaching the 

minimum value of 0.4 °C/W at 7 W.  

Since the proposed LPM model only considers 

the LHP operating as a two-phase device, the 

comparison of the numerical and experimental 

results accounts only heat loads from 2 W to 8 W, 

where the LHP properly operates. Considering this 

range of operation, the numerical model could 

successfully predict the thermal resistance of the 

proposed LHP, presenting an average discrepancy 

of 28%. 

 

 
Figure 6. Comparison between the numerical and 

the experimental thermal resistance. 

 

From the presented results, the proposed LPM 

model could successfully simulate and predict the 

transient temperature of the LHP for all applied heat 

loads, including those where the LHP was not 

operating as a two-phase device. Considering the 

thermal resistance, the LPM model reasonably 

estimated it, but improvements can be made, 

especially in simulating the condenser section 

temperature; however, only for the heat loads where 

the LHP was operating in two-phase mode. 

In this context, in general, the proposed LPM 

showed to be a successful tool for the transient 

thermal performance prediction of an ultra-thin 

LHP. 

 

5. Conclusions 

In the present work, a previously studied 1-D 

lumped parameter model, already validated for 

larger LHPs and different working fluids, is 

proposed for predicting the transient thermal 

behavior of an ultra-thin LHP specially designed 

for smartphones. The main goal of this research 

was to understand the applicability of the 1-D 

LPM for ultra-thin two-phase devices. The results 

have shown that: 

a. The proposed LHP properly operated in the 

gravity-assisted mode, starting at 2 W up to 

8 W with a minimum thermal resistance of 

0.4 °C/W at 7 W. 

b. The proposed 1-D LPM can successfully 

simulate and predict the transient 

temperature and thermal resistance of a 

ultra-thin LHP of 1.56 mm of total thickness 

if the heat leakage from the evaporator to 

the liquid line is considered. 

c. The transient behavior of the LHP can be 

predicted by estimating three temperatures 

along the LHP: the evaporator, the outlet 

evaporator, and the condenser exit. 

Comparing these results with the 

experimental data, an average temperature 

difference between these results of 0.99 °C, 

1.20 °C, and 1.65 °C, respectively, were 

obtained. 

d. The 1-D LPM model predicted the steady-

state thermal resistance with an average 

discrepancy of 28% for the heat loads in 

which the LHP was able to operate as a two-

phase device. 

Finally, the present research showed the 

possibility of using the 1-D LPM for ultra-thin 

LHPs operating in the gravity-assisted mode with 

ethanol as the working fluid. In future works, new 

operation conditions and different working fluids 

must be accomplished in order to improve the 

proposed model as design tool for new ultra-thin 

two-phase devices. Furthermore, this model can 

be used to compute the combined effect of thermal 

resistance, density of the device and its thickness, 

which is one of the most important parameters for 

the thermal management of smartphones or 

microelectronics, to compare it with other 

standard technologies. 
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Abstract

This research investigates the thermal performance of a concentric annular thermosyphon with phase change
material (PCM). The PCM is designed to be inside the thermosyphon to absorb heat during its operation, store heat
when it is not in operation, and release the stored heat when it resumes operation. Experimental studies were
conducted to evaluate the thermal resistance and temperature distribution of the thermosyphon using paraffin wax as
the PCM. Distilled water was used as the working fluid with the filling ratio of 60 %. The thermosyphon was
constructed from a steel tube with an outer diameter of 76.6 mm and a total length of 1000 mm. The lengths of the
evaporator, adiabatic, and condenser sections were 300 mm, 300 mm, and 400 mm, respectively. The evaporator was
heated by a band heater with variable heat inputs of 1700 W, 1900 W, and 2100 W. Cooling water circulated through
a cooling jacket at a mass flow rate of 60 L/min to transfer heat in the condenser section. The results showed that
the thermosyphon with PCM had low thermal resistance (0.012-0.014 K/W). The phase change behavior of the
PCM is investigated and reported.
Keywords:Heat Storage; Phase Change Material; Thermal Resistance; Thermosyphon

1. Introduction
A thermosyphon or wickless heat pipe is a

heat-transfer device which transfers heat from a
source to a sink. The heat transfer mechanism of
thermosyphon employs a method of passive heat
exchange based on the internal phase change of
vapor/liquid, which is the continuous circulation
of two-phase flow without the wick. It has been
widely employed in various areas, such as
industrial heat recovery, solar applications,
thermal storage, geothermal applications, and
flue gas heat recovery [1-5]. Thermal energy
storage (TES) is one of the interesting methods
for storing thermal energy, which can be used
directly without being converted to another form.
The TES can be categorized into two forms:
Physical Storage (and Thermochemical heat
storage. Moreover, physical storage can be
classified into sensible heat storage devices and
latent heat storage devices. Phase Change
Material (PMC) is a material that a phase
transformation between the solid and liquid
phases, which absorbing or releasing a high
amount of energy. The utilization of the PCM is
the most common application in both renewable
and fossil energy systems [6-10]. Paraffin wax is
the organic PCM, as well as paraffin-based PCM,
which is the most widely used substance for
storing thermal energy. Due to this, it has good
thermal and energy storage properties with a
transition temperature of 50–59 ◦C. In addition,
the paraffin is nontoxic, has chemical stability,

negligible supercooling, a high enthalpy of
melting/crystallization, and is a relatively low
priced [11-12]. Thus, the aim of this research is to
investigate the thermal performance of a concentric
annular thermosyphon with phase change material
(PCM).

2. Concept Design
In this research, the concentric annular

thermosyphon with PCM was designed and
tested, as shown in Figure 1. The objective was to
store heat within the PCM inside the
thermosyphon when it is not in operation and to
release the stored heat once it resumes operation.
This helps the heat pipe reach a steady state more
quickly and begin functioning faster. It can be
divided into three heating modes, as shown in
Figure 1.

Mode 1, as shown in Figure 1(a), occurs when
the thermosyphon with PCM starts operating.
Heat is absorbed into the PCM, and as the PCM
undergoes a phase change, a significant amount
of heat is stored within it.

Mode 2, as shown in Figure 1(b), occurs when
the heat supply to the thermosyphon heat pipe is
stopped. A vacuum forms inside the pipe because
no working fluid is available to transfer heat to
the condenser section. The insulated section of
the thermosyphon acts as a thermal barrier,
allowing the heat to remain stored in PCM.

Mode 3, as shown in Figure 1(c), occurs when
heat is applied to the thermosyphon with PCM
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again. The working fluid evaporates and absorbs
heat from the PCM, causing the temperature of
the heat pipe to rise more quickly, as it receives
additional heat from the PCM.

(a) (b) (c)
Figure 1. The heating mode of thermosyphon

with PCM

From the design concept discussed above, this
type of heat pipe will maintain a more consistent
temperature and can operate more quickly when
reheated.

3. Experimental Setup
The present work experimentally investigates

the thermal characteristics of concentric annular
thermosyphon with phase change material. The
total length of the concentric annular
thermosyphon was 1 m. The internal diameter
(Di) is 40.2 mm with the thickness of 1.8 mm.
The internal diameter (Do) is 76.2 mm with the
thickness of 2.2 mm. as shown in Figure 2. The
working fluid is deionized water with the filling
ratio is 60 %. Vacuum was established in the
thermosyphon by using a vacuum pump. The
PCM in this study is paraffins wax Grade 58
which has a melting temperature of 58 °C. Due to
the paraffin is widely available from various
manufacturers, relatively inexpensive, and has a
melting temperature suitable for a wide range of
applications. The paraffins wax was filled of 850
g.

Figure 2. The cross-sectional view of the
concentric annular thermosyphon with PCM

A schematic diagram of the experimental setup
is shown in Figure 3. The experimental setup
consists of the concentric annular thermosyphon
with PCM, a heater, a wattmeter, a rotameter,
datalogger and thermocouples. For the concentric
annular thermosyphon with PCM, the evaporator,
adiabatic and condenser length are 300 mm, 300
mm and 400 mm, respectively. The evaporator
section is heated by the band heater. Cooling
water is passed into the cooling water jacket to
exchange heat with the condensation section of
the concentric annular thermosyphon with PCM.
The thermocouples were placed on the evaporator
section, adiabatic section, condenser section,
PCM section, the ambient, and the inlet and
outlet of the cooling water jacket, respectively.
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Figure 3. The schematic of the experimental
setup.

In this research, the mass flow rate in the
condenser section is 60 L/min. The first step, the
evaporator section is heated according to the
specified value, and the heat input values vary
between 1700 W, 1900 W, and 2100 W,
respectively. The temperature was collected until
the study state of 60 min. After that in the second
step, the heater worked in the off mode for 30
min. Next, the heater worked in the on mode until
the study state again for 60 min. The temperature
data were collected at 1-second intervals.

The thermal resistance of thermosyphon with
PCM was calculated from Eq 1.

. (1)𝑍 = (𝑇𝑒,𝑎𝑣𝑔.−𝑇𝑐,𝑎𝑣𝑔.)
𝑄

Where is thermal resistance, is the𝑍 𝑇𝑒, 𝑎𝑣𝑔.
average temperature in evaporation section,

is average temperature in condenser𝑇𝑐, 𝑎𝑣𝑔.
section, and is heat throughput in condenser𝑄
section

The heat throughput in condenser section was
calculated from Eq 2.

. (2)𝑄 =  𝑚̇𝑐
𝑝
(𝑇𝑐, 𝑜𝑢𝑡 − 𝑇𝑐, 𝑖𝑛 )

Where is the water mass flow rate, is the𝑚̇ 𝑐
𝑝

specific heat capacity of water, and𝑇𝑐, 𝑜𝑢𝑡 𝑇𝑐, 𝑖𝑛
are the inlet and outlet temperatures of the water
flowing through the water jacket

4. Results and discussion
4.1. The thermal resistance and temperature

distribution of the thermosyphon with
PCM

From the experiment, heat input between 1700
and 2100 was applied to the evaporator section to
investigate the thermal performance. It was found
that the temperature distribution of thermosyphon
with PCM was shown in Figure 4. The average
temperature difference between evaporator
section and condenser section (Te,avg.-Tc,avg.) is
between 19.7-23.6 °C. This shown that the
thermosyphon with PCM can transfer heat with
low temperature distribution.

Figure 4. Temperature distribution of
thermosyphon with PCM

Figure 5. Thermal resistance of thermosyphon
with PCM

From Figure 5, it can be seen that the thermal
resistance of thermosyphon with PCM is between
0.012 to 0.014 K/W. This shown that the
thermosyphon with PCM has low thermal
resistance at heat inputs ranging from 1700 to
2100 W.

4.2. Heat transfer characteristics of
thermosyphon with PCM

The temperature characteristics of the thermal
characteristics of the thermosyphon with PCM at
2100 W shown in Figure 6. From the results, the
temperature distribution for one hour until to the
steady state. The average temperature was higher
than the melting point of PCM which the heat
energy was absorbed and storage in the PCM
with the latent and sensible heat. After that in the
second step, the temperatures of thermosyphon
were decease due to the cooling system.
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Figure 6. Heat transfer characteristics of
thermosyphon with PCM

Figure 7 shows the phase change behavior of
the PCM in the thermosyphon heat pipe. As the
thermosyphon with PCM begins to operate, the
temperature of the PCM rises to 58°C, at which
point it undergoes a phase change from solid to
liquid. It can be observed that the temperature of
the PCM in the evaporator section (Tp1)
undergoes a phase change first due to the heat
transferred from the working fluid in the
evaporator. The PCM then gradually melts,
progressing from the evaporator section to the
PCM in the adiabatic section (Tp2) and the
condenser section (Tp3), respectively.

Figure 7. Heat transfer characteristics of PCM

When the heat supply is stopped, it can be
observed that, although the temperature of the
thermosyphon drops rapidly as shown in Figure
6, the temperature of the PCM decreases only
slightly. However, the temperature of the PCM in
the evaporator section decreases more
significantly because the working fluid in this
section extracts heat from the PCM. This causes a

noticeable temperature drop in the PCM shortly
after the heat supply is stopped, as the heat
transfer continues for a short period. Once the
heat pipe stops operating, the temperature of the
PCM stabilizes. This is due to the vacuum
conditions inside the heat pipe, which help trap
the heat within the PCM.

When heat is reapplied to the thermosyphon,
the stored heat is released back into the
thermosyphon, allowing it to resume operation
more quickly. However, due to the relatively
small amount of PCM used in this study and the
PCM in the evaporator section not storing heat
effectively, the overall heat storage capacity of
the PCM was insufficient. As a result, no
significant temperature increase was observed
when heat was reapplied to the thermosyphon.
However, the PCM in the adiabatic and
condenser sections was found to store heat
effectively. Therefore, future research should
focus on designing a heat pipe with an increased
amount of PCM in these sections to improve
overall performance and efficiency.

5. Conclusions
This research investigates the thermal

Characteristics of a concentric annular
thermosyphon with PCM to enable the
thermosyphon to store heat and maintain a stable
operating temperature. The PCM also helps
release heat to enhance the efficiency of the heat
pipe when it resumes operation after reheating.
The experimental results showed that the PCM in
the adiabatic and condenser sections was able to
effectively store heat, whereas the PCM in the
evaporator section had relatively low heat storage
efficiency. Consequently, the overall heat storage
capacity was insufficient, and no significant
temperature increase was observed when the heat
was reapplied. The study concludes that future
designs should increase the amount of PCM in
the adiabatic and condenser sections to improve
the system's performance and heat storage
capacity.
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Abstract 
The aluminum/ammonia heat pipe is commonly used in aerospace applications because it is lightweight and highly 

effective for thermal management. This heat pipe is accompanied by a rectangular smooth edge axial groove wick. 

The heat pipe is 1 m long, consisting of a 250 mm evaporator, 500 mm adiabatic section, and 250 mm condenser. The 

test was conducted under a heat load of 50 – 450 W, a cooling water temperature of 15 – 30 C, and a water flow rate 

of 1 LPM. The heat pipe was horizontally placed for all test conditions. This study examined the effects of heat load 

and cooling water temperature to determine the heat pipe performance through the overall thermal resistance. The 

optimal test conditions were a heat load of 250 W and a cooling water temperature of 30°C, resulting in a minimum 

overall thermal resistance of about 0.0823 °C/W. Furthermore, axial and circumferential temperature distributions 

along the heat pipe were investigated. However, it can be concluded that various parameters and heat transfer processes 

influence the heat pipe performance and that a single parameter may not fully capture its outstanding performance.

Keywords: Aerospace application, Cooling capacity, Electronic cooling, Temperature gradient, Thermal performance  

1. Introduction

Heat pipes are highly effective devices for 

thermal heat transfer. Gaugler [1] pioneered the heat 

pipe principle and issued its first US patent in 1944. 

Then, Trefethen [2] suggested the idea of the heat 

pipe again in 1962, and it was issued as a patent in 

1963 by Wyatt [3]. In 1964, “Heat pipe” was 

formally named by Grover et al. [4] as a simplistic 

heat transmission device. The most prominent 

advantages are their isothermal properties, high 

thermal conductivity, ability to transfer heat through 

long-distance, works against gravity, and many 

more. Due to their benefits, heat pipes have been 

widely used in many applications, such as electronic 

cooling, military, and aerospace industries. The 

device operates by making phase phenomenon, 

facilitating liquid-vapor circulation between the 

evaporator and condenser sections. The condensate 

liquid flows back to the evaporator from the 

condenser with the help of capillary force, which is 

often made available from the wick structure [5].  

Copper/Water is the most common combination 

upon heat pipe application especially in typical 

electronics cooling. However, aluminum material is 

much preferred for heat pipes extensively in 

aerospace applications due to their lightweight 

requirement. To ensure the compatibility of working 

fluids and the material. Ammonia is regarded as the 

best working fluid as far as aluminum heat pipe is 

concerned for its superior merit numbers [6]. An 

axial groove wick also performs well when it does 

not operate under gravity, which is the case in 

aerospace applications. Several researchers have 

investigated the performance of heat pipes 

regarding the wick structures, working fluid, 

thermal behavior, and so on. Both experimental and 

numerical studies had been reported in the literature. 

Stephan and Busse [7] proposed a 2D model in 

the grooved aluminum/ammonia heat pipe. They 

reported that assuming an interface temperature 

equal to the saturation temperature leads to a 

significant overprediction of the radial heat transfer 

coefficient. El-Genk and Huang [8] examined a 

grooved copper/water heat pipe under transient 

response operation. This study focused on analyzing 

the axial temperature distribution along the heat 

pipe. Furthermore, the effects of coolant flow rate 

and step change in power on the heat pipe were 

investigated. Desai et al. [9] conducted a simulation 

on a trapezoidal grooved aluminum/ammonia heat 

pipe. The results suggested that the total thermal 

resistance increases with higher groove height and 
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decreases with increased groove number and groove 

inclination angles. Wei et al. [10] numerically 

examined the heat transfer and flow characteristics 

through CFD simulation for an omega wick heat 

pipe. Enke et al. [11] numerically investigated the 

effect of non-condensable gas in the heat pipe to 

monitor the axial wall temperatures. Huang et al. 

[12] introduced a partially-hybrid mesh-groove 

wick to improve the L-shaped copper-ethanol heat 

pipe. They reported that the thermal resistance could 

be reduced by about 57.4% when using the partially-

hybrid wick. Wong et al. [13] presented the axial 

wall temperature distribution on composite mesh-

groove heat pipe. They reported that the partial dry-

out can be observed at a heat load of 6 W and an 

inclination angle of 15. Gomaa et al. [14] tested 

grooved heat pipes with various groove ratios and 

working fluids. The experimental results revealed 

that the grooved heat pipes performed better than 

that of the smooth heat pipe by about 50.6%.  

Based on the literature mentioned above, several 

key parameters influence the thermal performance 

of heat pipes, including the wick structure, heat load, 

orientation, working fluid, and cooling capacity. 

However, limited information is available regarding 

the impact of cooling temperature on the condenser. 

Therefore, the objective of this study aims to 

provide more insights into the effect of cooling 

water temperatures on the performance of heat pipes. 

Additionally, an analysis of the axial and 

circumferential temperature distribution along the 

heat pipe is examined accordingly. 

2. Research method 

2.1. Aluminum heat pipe design 

The heat pipe was made from aluminum alloy 

(AA6063, T66) with outer and inner diameters of 

17.86 and 15.44 mm, respectively. The rectangular 

with a smooth edge was fabricated as an axial 

groove along the total length. The cross-section and 

dimensions of the heat pipe were reported by Sajad 

et al. [15]. The total length of the heat pipe is 1000 

mm, in which the evaporator and condenser lengths 

are 250 mm, and the adiabatic section length is 500 

mm.  

2.2. Experimental apparatus and method 

The experimental apparatus and setup are 

presented in Figure 1.  The evaporator section was 

powered by an AC power supply, which provided 

the necessary heat source. The evaporator section 

comprised fifteen heating cartridges and five 

aluminum alloy 6601 blocks. All blocks were 

housed in Bakelite to ensure well-insulation. Each 

block contained two thermocouples, and a 0.5 mm 

air gap was maintained between blocks to minimize 

axial heat conduction. This setup ensured that heat 

conduction remained one-dimensional through the 

heating block. The condenser section was fitted with 

an aluminum alloy 1050 block that used water 

cooling to remove heat. Seven axial wall 

temperatures were attached alongside the condenser 

length. Five thermocouples were directly attached to 

the wall in the adiabatic section. 

 

Figure 1. Experiment facility. 

T-type thermocouples were well-calibrated at a 

controllable temperature in the water basin with 

RTD standard. All data were acquired using MX100 

from Yokogawa, which was recorded when 

reaching a steady state for 20 mins. The test 

conditions are presented in Table 1. 

Additionally, twenty-five thermocouples in five 

axial locations have been used to measure 

circumferential temperature, as specified in Figure 

2.  

 

(a) 

 

(b) 

Figure 2. The circumferential measured 

temperature on heat pipe: (a) specify locations 

and (b) section A-A. 
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Table 1. Test conditions 

Parameter Condition 

Heat load (W) 50 – 450 

Water flow rate (LPM) 1 

Water temperature (C) 15 – 30 

Heat pipe orientation Horizontal 

Working fluid Ammonia 
 

2.3. Data reduction 

Heat was supplied by an AC power supply 

through the heating cartridges on the evaporator 

section. The voltage was measured using a power 

meter. Thus, the input power (P) can be computed 

from 

P=IV  (1) 

where V is the voltage (V), and I is the electrical 

current (A). 

The heat transfer rate at the condenser section 

(Qc) can be imposed as 

( )c w p,w w,o w,iQ m C T T= −  (2) 

where mw is the mass flow rate of the water (kg/s), 

Cp,w is the specific heat capacity (J/kgK), and Tw is 

the temperature of the water. The subscriptions, i 

and o denote the inlet and outlet of waterflow, 

respectively. 

The overall thermal resistance of the heat pipe 

(Rth) can be determined based on the wall 

temperature difference between the evaporator and 

condenser sections to the heat input, as follows. 

evap cond

th

T T
R

P

−
=  (3) 

where Tevap and Tcond are the wall temperatures at the 

evaporator and condenser sections, respectively. 

The inner wall temperature at the evaporator and 

condenser can be determined by reduction from the 

thermal resistance network. That is 

( )evap TC ,i hb c pT T R R R P= − + +  (4) 

where TTC,i is the axial measured temperature at a 

specific location, Rhb is the heating block resistance 

due to conduction, Rc is the contact resistance, and 

Rp is the resistance due to conduction through the 

pipe. 

The same procedure is applied to compute the 

inner wall temperature at the condenser.  

( )cond TC ,i HX c pT T R R R P= + + +  (5) 

where RHX is the resistance due to conduction in the 

cooling water heat exchanger. 

3. Results and discussion 

The current work experimentally examined the 

thermal performance of an aluminum/ammonia heat 

pipe with a rectangular smooth edge axial groove 

wick. The study investigates the key factors (heat 

load and cooling water temperature) that influence 

the performance of the heat pipe. Additionally, axial 

and circumferential temperature distributions along 

the heat pipe are evaluated and discussed in this 

section. 
The validation and integrity of the experimental 

setup are represented using an energy balance 

between heat input and cooling water capacity. Our 

study revealed that the average deviation of the heat 

source and heat sink is approximately 6.42%, as 

shown in Figure 3. Hence, we can conclude that the 

experimental apparatus and setup are ready for 

testing. 

 

Figure 3. Energy balance between heat load and 

water cooling of the aluminum/ammonia heat 

pipe study. 

3.1. Effect of heat load on overall thermal 

resistance 

The variation of overall thermal resistance versus 

heat load with various water temperatures is 

presented in Figure 4(a). The figure shows that the 

overall thermal resistance (Rth) decreases with 

increasing heat load, irrespective of changes in 

water temperature. However, the thermal resistance 

P (W)

0 50 100 150 200 250 300 350 400 450 500

Q
c 

(W
)

0

50

100

150

200

250

300

350

400

450

500

Expertimental data

+10%

-10%

Heat load: 50 - 450 W

Water temperature: 15 -30 
o
C

Water flow rate: 1 LPM

288



 

 

will reduce until reaching a certain point; then, it 

faces a reversed trend. This study found that the 

thermal resistance is comparatively higher at a heat 

load (P) of 50 – 150 W but the thermal resistance 

reveals a considerable drop with the rise of thermal 

power. Note that the total thermal resistance of the 

heat pipe comprises evaporator part and condenser 

part. In the low heat flux regime, the evaporator 

resistance is larger due to evaporation is the main 

heat transfer mode. Subsequently, a further rise of 

supplied power leads to initialization of nucleate 

boiling and a more pronounced increase of heat 

transfer coefficient and an appreciable drop of total 

thermal resistance upon rising power. This can be 

made clear from the evaporator resistance from Fig. 

5(b). Note that at a lower water temperature like 15 

C, the corresponding saturation temperature inside 

the heat pipe is lower, which impedes both 

evaporation and nucleate boiling. As a result, the 

total resistance and the resistance in evaporator is 

only slightly reduced with the supplied power (when 

P is less than 150 W). Note that a sharp decline of 

either thermal resistance or evaporator resistance 

occurs when the supplied power exceeds 150 W for 

Twater = 15 C. This phenomenon is associated with 

the onset of nucleate boiling (ONB) where a sharp 

drop of wall superheat might occur near the ONB, 

thereby leading to a drop of thermal resistance at this 

supplied power. The phenomenon of sharp decline 

of thermal resistance at this supplied power 

becomes less pronounced when the water 

temperature is increased. This is because the boiling 

performance is improved, and the required wall 

superheat is thus reduced. Yet some of the existing 

correlations had clearly outlined that the wall 

superheat at ONB is reduced when the saturation 

temperature (pressure) is increased. For example, 

the correlation of Sato and Matsumura (1963) [16] 

( )
8 sat ONB

w,ONB w sat ONB
l lg g

T q
T T T

k h




 = − =  (6) 

and the correlation of Kandlikar et al. (1997) [17] 

8 8 sat ONB
w,ONB

l lg g

. T q
T

k h




 =  (7) 

As a result, the ONB is lowered when the water 

temperature is raised, and the sharp decline 

phenomenon of thermal resistance is eased.  

 

(a) 

  

(b) 

 

(c) 

Figure 4. Variation of overall thermal resistance 

with various cooling water temperatures for (a) 

total thermal resistance; (b) evaporator resistance; 

and (c) condenser resistance. 
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However, it should be mentioned that the 

condenser heat transfer coefficient deteriorated with 

the rise in thermal power because a higher pressure 

occurs. This can be made clear from Fig. 5(c) where 

a consistent rise of condensation thermal resistance 

irrespective of water temperature. Also, the higher 

the water temperature is, the higher the thermal 

resistance becomes. The results are in line with 

general understanding of condensation process 

where high pressure impairs the condensation HTC. 

Yet, there is no sharp rise of condensation resistance. 

This is associated with the nature of condensation. 

This also helps to explain a threshold (minimum) 

thermal resistance prevails at a certain supplied 

power. It is found that the highest water temperature 

(30) results in the lowest thermal resistance. At a 

higher pressure, a higher boiling HTC prevails. 

Again, the influence of water temperature on 

thermal resistance is less pronounced with further 

rise of supplied power due to the competing effects 

amid evaporator and condenser.  

The minimum thermal resistance is obtained at a 

heat load near 250 W; however, the thermal 

resistance slightly increases after this point. 

Therefore, it can be identified that the heat pipe 

operates most efficiently at P = 250 W with an 

overall thermal resistance of 0.0823 C/W. With the 

rise of heat load beyond this optimal range (P > 250 

W). Yet, as depicted in Fig. 5(b) and 5(c), the rise in 

condensation resistance offset the decline of 

evaporator resistance, hence the overall thermal 

resistance is slightly rise after P > 250 W. It is also 

interesting to know that the effect of water 

temperature on the thermal resistance becomes less 

pronounced when the power is increased. Note that 

the pressure rise inside the heat pipe arises from the 

rise of input power and the rise of coolant water 

temperature. Apparently, the effect of input power 

far exceeds that of increase of water temperature, 

thereby no detectable difference in thermal 

resistance subject to water temperature.   

3.2. Effect of cooling water temperature 

on overall thermal resistance 

Typically, the cooling temperature at the 

condenser section significantly impacts the overall 

thermal resistance. Figure 5a exhibits a variation in 

the temperature difference between the evaporator 

and adiabatic sections. The plots show that the 

temperature difference between the evaporator and 

the adiabatic sections generally increases with 

increasing heat load. This is because as more heat is 

applied to the evaporator, the evaporator 

temperature rises, while the adiabatic section (which 

should experience minimal heat input) maintains a 

relatively lower temperature. At lower cooling 

water temperatures (15 °C and 20 °C), the 

evaporator needs to operate at a higher temperature 

to maintain efficient heat transfer, resulting in a 

larger temperature difference between the 

evaporator and the adiabatic sections. This is 

especially pronounced at higher heat loads, where 

thermal resistance is higher. At higher cooling water 

temperatures (25 °C and 30 °C), the temperature 

difference between the evaporator and adiabatic 

sections is generally lower because the system 

operates with a smaller overall temperature gradient 

and lower thermal resistance. The heat pipe appears 

to operate more efficiently in this range, resulting in 

more uniform temperatures across the system. 

Figure 5b plots a variation in the temperature 

difference between the adiabatic and condenser 

sections. At a lower cooling temperature, the 

temperature difference between the vapor in the heat 

pipe and the cooling water increases. This larger 

temperature difference enhances the heat transfer 

rate from the vapor to the cooling water, promoting 

more efficient condensation. Efficient condensation 

reduces thermal resistance by allowing more heat to 

be rejected from the system with less resistance. On 

the contrary, if the cooling water temperature at the 

condenser is higher, the temperature difference 

between the vapor and the cooling water decreases. 

This reduced temperature gradient slows 

condensation, leading to less efficient heat transfer. 

As a result, the overall thermal resistance increases 

because the heat pipe becomes less effective at 

rejecting heat at the condenser. Both behaviors are 

represented in the plotted cooling water 

temperatures of 15 C and 20 C. 

However, it is noteworthy that the lowest overall 

thermal resistance occurs at a cooling water 

temperature of 30 C, while the highest one is 

obtained at 25 C, as illustrated in Figure 4. The 

thermal resistance behaviors may be associated with 

the vapor pressure inside the heat pipe which is 

higher at a cooling water of 30 C. This could 

enhance the evaporation process because of higher 

vapor pressure that promotes nucleate boiling 

process. The reduced surface tension and viscosity 

at higher temperatures might also improve the liquid 

return through the wick structure, reducing the 

possible dry-out and ensuring continuous operation. 

This improved liquidity and yielded a lower thermal 

resistance. Conversely, at 25 C cooling water 

temperature, the boiling heat transfer is inferior and 

might be less favorable, leading to a less efficient 

heat transfer performance. The fact that thermal 

resistance depends on the balance of the various heat 

transfer processes (evaporation, condensation, and 
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liquid return) in various operating conditions helps 

to explain the aforementioned result. 

In the overview, the comparison results indicate 

that the overall thermal resistance at a cooling water 

temperature of 30 C is lower than 0.29 – 27.95% 

(for Tw = 15 C), 0.79 – 15.41% (for Tw = 20 C), 

and 0.44 – 16.19% (for Tw = 25 C). 

 
(a) 

 
(b) 

Figure 5. Variation of temperature difference at 

(a) evaporator and (b) condenser. 

3.3. Axial temperature distribution 

The cooling water temperature at the condenser 

section of the heat pipe directly influences the 

temperature at the evaporator section. The axial 

temperature distribution along the heat pipe is 

depicted in Figure 6. The results indicate that the 

temperature varies subject to the cooling water 

temperature; that is, the rise of the cooling water 

temperature elevates the temperature alongside the 

heat pipe. However, the temperature difference 

between the evaporator and condenser sections 

creates a driving force for heat transfer within the 

heat pipe. When the cooling water temperature at 

the condenser is low, the temperature difference 

between the evaporator and condenser is increased 

which implies a lower effective thermal 

conductivity and an inferior heat transfer 

performance. Conversely, the temperature 

difference between the evaporator and condenser 

decreases when the cooling water temperature is 

higher. This implicates a higher effective thermal 

conductivity and a better heat transport efficiency.  

With a lower cooling water temperature, the 

vapor in the heat pipe condenses more effectively in 

the condenser section. Efficient condensation 

reduces the vapor pressure in the condenser, 

promoting better vapor flow from the evaporator to 

the condenser. This efficient vapor flow can lower 

the evaporator temperature as the heat is removed 

more effectively. As heat is more effectively 

rejected in the condenser, the evaporator section can 

maintain a lower temperature for a given heat input, 

leading to more efficient operation. When the 

cooling water temperature increases, the vapor in 

the condenser section might not condense as 

efficiently. This can lead to higher vapor pressure in 

the condenser, which reduces the pressure 

differential between the evaporator and condenser. 

As a result, the vapor flow from the evaporator to 

the condenser becomes less efficient. Due to less 

efficient heat rejection, the evaporator section might 

have to operate at a higher temperature to maintain 

the same heat load. The higher evaporator 

temperature compensates for the reduced 

temperature gradient and less efficient condensation 

process. Moreover, lower cooling water 

temperatures ensure more effective condensation 

and, thus, more effective liquid return, keeping the 

evaporator temperature lower. If the cooling water 

temperature is too high, the liquid return to the 

evaporator might be insufficient, leading to dry-out 

conditions in the evaporator. This lack of liquid can 

cause the evaporator temperature to rise sharply, 

further increasing the temperature and thermal 

resistance. However, maintaining an appropriate 

cooling water temperature at the condenser is 

crucial for controlling the evaporator temperature 

and ensuring the efficient operation of a heat pipe 

system. 

As demonstrated in Figure 7, one interesting 

observation is the minimum temperature difference 

between the evaporator and condenser sections at a 

cooling water temperature of 30 C. In contrast, the 

maximum temperature difference in evaporator and 

condenser yields at a water temperature of 25 C. 

Again, this can also be clarified from the previous 

discussion according to overall thermal resistance. 

The overall thermal resistance is lower at 30 °C. 

This lower thermal resistance correlates with the 
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lower temperature difference because less resistance 

in the system means heat is transferred more 

effectively from the evaporator to the condenser, 

resulting in a smaller temperature difference. 

Furthermore, the working fluid properties (such as 

viscosity and surface tension) might be optimal for 

the wick structure’s capillary action. This ensures 

efficient liquid return and helps maintain a more 

uniform temperature distribution between the 

evaporator and condenser, contributing to a lower 

temperature difference. The heat pipe is probably 

designed to operate most efficiently within a certain 

temperature range. It can be implied that the cooling 

water temperature of 30 °C is within or near the 

optimal operating range for this heat pipe, where the 

evaporation and condensation processes are 

balanced to minimize temperature differences. 

 

Figure 6. Temperature distribution along an 

aluminum/ammonia heat pipe axis. 

 

Figure 7. Variation of the temperature difference 

between evaporator and condenser sections. 

Furthermore, the deviation in temperature 

differences between the evaporator and condenser 

sections accounts for 0.33 – 26.30% (for Tw = 15 

C), 1.46 – 14.76% (for Tw = 20 C), and 0.92 – 

10.64% (for Tw = 25 C) higher than a cooling water 

temperature of 30 C. 

3.4. Circumferential temperature 

distribution 

Results show that while the circumferential 

temperature drops slightly to the top of the heat pipe 

in the evaporator (see Figure 8a), yet it increases 

more appreciably in the condenser. Since the heat 

source location is at the bottom of the heat pipe, the 

former might be due to the heater location; 

otherwise, the circumferential temperature is almost 

uniform. This result is in accordance with Faghri 

[18], who proved that either circumferential heating 

or applying a heat block does not affect the axial 

temperature. The interesting finding in this work is 

that although the wick structure is grooved—so 

liquid tends to accumulate at the bottom due to 

gravity—the circumferential temperature is almost 

uniform. This might be explained since a large 

portion of the evaporator cross-section is occupied 

by vapor.  

 
(a)

 
(b) 

Figure 8. Circumferential temperature change in 

(a) evaporator and (b) condenser. 
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For the condenser (see Figure 8b), the 

thermocouple at the top shows a higher temperature 

compared to the side thermocouples. This is due to 

the flow pattern of stratified flow prevails in the 

condenser regime.  

Conclusions 

The experimental study focused on an 

aluminum/ammonia heat pipe with an axial 

groove wick. The heat pipe was made from an 

aluminum alloy with outer and inner diameters of 

17.86 mm and 15.44 mm, respectively. It 

consisted of an evaporator and condenser with 

lengths of 250 mm each and an adiabatic section 

of 500 mm. The study investigated test conditions 

under a heat load ranging from 50 W to 450 W, a 

cooling water temperature from 15 °C to 30°C, 

and a water flow rate of 1 LPM. The heat pipe was 

placed horizontally for all test conditions. 

Ammonia was used as the working fluid with a 

fixed filling ratio of around 27%. The study 

examined the effects of heat load and cooling 

water temperature and investigated the axial and 

circumferential temperature distributions along 

the heat pipe. The significant findings from the 

tests are summarized as follows: 

1. The overall thermal resistance decreases with 

increasing heat load, regardless of changes in 

water temperature. The minimum overall 

thermal resistance is obtained from a heat load of 

250 W and a cooling water temperature of 30 C. 

This can be considered the optimal point in the 

test, resulting in an overall thermal resistance of 

0.0823 °C/W. 

2. At various cooling water temperatures, the 

overall thermal resistance at a cooling water 

temperature of 30°C is lower by 0.29 – 27.95% 

(for Tw = 15 C), 0.79 – 15.41% (for Tw = 20 C), 

and 0.44 – 16.19% (for Tw = 25 C) compared to 

the baseline. 

3. The temperature along the axis of the heat pipe 

changes based on the cooling water temperature. 

Specifically, an increase in the cooling water 

temperature results in a rise in the temperature 

along the heat pipe. The difference in 

temperature between the evaporator and 

condenser sections ranges from 0.33 – 26.30% 

(at Tw = 15 °C), 1.46 – 14.76% (at Tw = 20 °C), 

and 0.92 – 10.64% (at Tw = 25 °C) higher than 

those of the 30 °C cooling water temperature. 

4. The circumferential temperature drops slightly 

to the top of the heat pipe in the evaporator. It has 

been proven that heating around the outside or a 

heat block does not affect the axial temperature. 

5. The circumferential temperature on the top of the 

condenser is higher than the side measuring. 

This is because of the stratified condensing 

regime. Based on the temperature gradient, it can 

be inferred that a considerable portion of the 

condenser cross-section is filled with liquid. 
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Abstract 
Heat pipe-cooled micro reactors are currently one of the best alternatives for power and propulsion supply in deep 

space missions and interplanetary outposts. The core of a micro reactor operates in the range between 800 K and 1400 

K, so liquid metals are a feasible choice for heat pipe working fluid. The rod-plate technology is a concept inspired in 

wire-plate heat pipes, where an array of individual heat pipes is formed by sandwiching a set of parallel-disposed bars 

between flat plates. This work is a complete report on the design, fabrication and testing of rod-plate AISI 

316L/sodium heat pipes developed for space applications. An on-site developed charging system was used to fill the 

heat pipe with sodium. The device was tested in a horizontal orientation. Heat was applied to the evaporator by an 

induction furnace and was released from the condenser by radiation and natural convection, as this section remained 

exposed to the environment. Although with a lower temperature gradient in the central channel, the device could 

successfully reach startup at 666 °C vapor temperature. At maximum heat input conditions, the device reached a 1037 

W heat transfer rate and a 0.112 K/W thermal resistance. 

Keywords: Micro reactors; sodium; rod-plate; induction; radiation; natural convection; thermal performance.  

1. Introduction

Space exploration is a critical matter for human 

development in the third millennium. There are 

many reasons for investing in space technology, 

such as the limited resources of planet Earth and 

the possibility of its collision with space bodies. It 

is paramount for humanity to overcome planetary 

restrictions and to be able to establish 

extraterrestrial occupations. Therefore, space 

agencies and governments are constantly 

conducting research on deep space missions, 

asteroid mining, deflection of threatening space 

objects, and manned bases on Mars and the Moon. 

Science missions are also continuously being 

deployed to increase mankind’s knowledge about 

space [1]. 

One of the major cornerstones for the 

development of space technology is the 

availability for compact, abundant and reliable 

energy sources for power and propulsion. Among 

plausible options are chemical, solar, radioisotope, 

and nuclear reactors. However, the latter stands 

out due to the compact size and the high-power 

levels attainable for long lifetimes, with high 

reliability, low maintenance cost and 

independence of distance from the Sun.  

Heat pipe-cooled reactors excel among nuclear 

designs due to several advantages, e.g., strong 

negative reactivity feedback, robustness and 

passive heat removal, with the absence of a 

pumped primary cooling loop, tubing, pipe valves, 

etc., decreasing the overall system weight and size 

[2].  As usually several heat pipes are used in 

parallel, the system is also inherently redundant, 

which is crucial for space applications. If a certain 

number of heat pipes fail, the adjacent ones 

compensate for it and transport the remnant heat. 

According to Bejan & Kraus [3], heat pipe 

operation is feasible at temperatures between the 

triple and the critical points of the utilized working 

fluid. As the temperature inside the reactor vessel 

ranges between 800 K and 1400 K, liquid metals 

are the best working fluid choice. Various 

theoretical and experimental studies have been 

devoted to the development of liquid metal heat 

pipes and to the understanding of the physics 

involved [4]-[6]. Most of the literature studies are 

regarded to the “traditional” cylindrical containers 

with machined grooves or porous media, which 

are usually attached to the device’s inner walls. 

Therefore, research regarding the development of 

heat pipes for non-conventional applications is 

mostly welcome.   

Araújo et al. [7] introduced the rod-plate heat 

pipe concept, i.e., a flat device composed by an 

arrangement of bars sandwiched between flat 

plates. Both bars and plates were made of stainless 

steel (AISI) 316-L. The sharp corners between 

plates and bars formed channels that worked as 

artery porous media, accommodating the liquid 

phase of the working fluid.  Due to fluid-solid 

surface tension property, the liquid tended to 
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accrue in these sharp corners. Consequently, the 

working fluid was pumped from the condenser to 

the evaporator due to the difference between the 

meniscus radii in these sections. Araújo et al. [7] 

explored the concept of mini heat pipes [8]-[10], 

which usually operates in intermediate 

temperatures, to larger devices, 500 mm long. 

Figure 1 sketches the rod-plate heat pipe, while 

Figure 2 and Figure 3 show section views with 

relevant dimensions. 

The studied heat pipe was comprised of two 2-

mm thick cap plates, two 7.94-mm diameter rods, 

four 2-mm thick intermediate plates (or lateral 

frames), three layers of #70 screen mesh, which 

were spot-welded to both cap plates, and a filling 

umbilical tube. Screen meshes were installed 

between the internal wall and the bar tips in the 

evaporator region, covering the internal surfaces 

of a chamber (see Figure 1). By capillarity, 

working fluid was distributed to all the channels. 

The filling umbilical tube was located by the 

evaporator close to the mesh, to ensure that the 

working fluid would wet the screen before being 

spread to the channels. There were eight grooves 

formed by sharp corners (see Figure 3): four in the 

central channel (between bars) and two in each 

lateral channel (between bar and lateral frame).  

Figure 1. Rod-plate heat pipe assembly layout. 

Figure 2. Rod-plate heat pipe top view with 

dimension in millimeters. 

Figure 3. Rod-plate heat pipe cross-section view 

with dimension in millimeters. 

The device developed by Araújo et al. [7] was 

modelled, built and tested for deionized water as 

the working fluid. It presented a minimum thermal 

resistance of 0.123 K/W, for 171.57 W of 

transported heat, for a controlled temperature 

thermal bath that removed heat from the 

condenser. They showed that the maximum heat 

transfer per groove was of 22.18 W, proving the 

feasibility of the rod-plate technology for 

moderate-temperature applications (20 – 200 ºC).  

This paper is a follow-up of the experimental 

study of Araújo et al. [7] where, instead of water, 

molten sodium (Na) was the working fluid, to 

operate in the high temperature range of 800 K to 

1400 K. This manuscript aims to assess the 

operation of a sodium rod-plate heat pipe at 

transient conditions and evaluate its main steady-

state performance parameters, such as thermal 

resistance and heat transfer rate. The device was 

tested in horizontal orientation, which better 

represents space operation conditions in 

laboratory. The evaporator was heated by an 

induction furnace, while the condenser remained 

exposed to the environment, rejecting heat by 

radiation and natural convection. 

2. Methodology

2.1. Heat Pipe Production 

Details of manufacturing procedures can be 

found in Araújo et al. [7], so the present paper 

focuses on the charging process for liquid metal 

working fluids. Sodium reacts violently with 

water, either pure or mixed in atmospheric air. 

This exothermic reaction can cause explosions and 

compromise operator safety. Moreover, it 

produces sodium hydroxide (NaOH), which is 

deposited on the surface of metallic sodium. As 

shown in Table 1, the melting and boiling 

temperatures of sodium hydroxide are roughly 1.6 

and 3.3 times that of metallic sodium. Hence, the 

presence of the former in the device might cause 

evaporation overheating during heat pipe startup. 

Moreover, during tests, working fluid impurities 

or non-condensable gases are gradually pushed to 

the condenser end, partially blocking the 

condenser, and so a poor heat exchange region 

(cold tip) is formed, increasing the temperature 

gradient and deteriorating thermal performance.   

Table 1. Melting and boiling temperatures of Na 

and NaOH, considering atmospheric pressure. 

Substance 𝑇𝑚𝑒𝑙𝑡𝑖𝑛𝑔 [K] 𝑇𝑏𝑜𝑖𝑙𝑖𝑛𝑔 [K]

Na 370.95 1155.95 

NaOH 591.15 1661.15 

296



 

For the aforementioned reasons, the exposure of 

sodium direct to the environment must be 

minimized during the charging process. A special 

charging apparatus was designed inspired in the 

one developed by Cisterna et al. [11], with features 

that favored crew safety and working fluid purity. 

It was formerly used by Castro [12] to charge 

loop-type sodium thermosyphons. Figure 4 shows 

a picture of the charging system. Most of the 

components were contained within a 1975 mm x 

750 mm x 800 mm showcase, namely, the 

charging bench. The parts inside it are referred to 

as the fundamental components. Composed the 

setup: a CR1000 Datalogger Campbell® 

Scientific data acquisition system (DAS) with 

OMEGA® K-type thermocouples, a computer, 

Proportional-Integral-Derivate (PID) controllers, 

an Edwards nXDS15iC dry scroll pump, an argon 

tank with an analog pressure regulator, and 

silicone hose connections. The charging bench 

served both to hold the fundamental components 

in place and to protect the crew from direct contact 

with them. Its front cover could be opened and was 

partially made of acrylic, allowing one to visualize 

the system from outside. It included a grooved 

hole that was used to indirectly manipulate a ball 

valve, one of the fundamental components, 

utilizing a valve handle extender. 

Figure 4. Fully assembled charging system. 

Figure 5 sketches the utilized connections made 

with silicone hoses. All metallic parts represented 

in this figure were made of stainless steel. Solid 

sodium was inserted into a reservoir, which had a 

top cap with two curved tubes, one connected to 

the pump and the other the argon tank. The 

reservoir remained sealed by a flange and a Teflon 

O-ring. Inside it, the sodium stones stayed over a 

grid, with a filter just below it. Both components 

were used to retain sodium hydroxide and prevent 

it from entering the heat pipe. An upside-down Y-

tube was used with the upper end linked to the 

reservoir by a Swagelok® SS-43GS8 ball valve, 

while the second and third ends were coupled to 

the scroll pump and the heat pipe, respectively. 

Figure 5. Charging system connections 

schematic. 

Sodium was melted by a special heating system 

before entering the heat pipe. Figure 6 shows the 

fundamental components of this heating setup, 

where part of the components of Figure 5 were 

inserted. The reservoir was surrounded by two 

half-cylinder-shaped aluminum blocks with 

embedded 440 W - 220 V cartridge resistances. 

This arrangement was responsible for melting the 

sodium pieces inside the reservoir. A 1040 W 

OMEGALUX FGH102-100 strip resistance was 

wound around the end of the reservoir, ball valve, 

Y-tube, fill stem and heat pipe evaporator, to 

prevent sodium from refreezing during the 

charging process.  All the fundamental 

components were fixed on the back of the 

charging bench with threaded bolts, nuts and 

washers. Support plates were used to hold the heat 

pipe in position. To ensure leak tightness, the heat 

pipe umbilical was placed in direct contact with Y-

tube’s bottom end, and metal clampers were 

applied at the silicone connections.  

Figure 6. Fundamental components. 
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Temperature was controlled and monitored all 

along the sodium flow path by OMEGA® K-type 

thermocouples. Figure 7 shows temperature 

measurement locations along the fundamental 

components, where 𝑇𝐶  represents control 

thermocouples and 𝑇  stands for monitoring 

thermocouples. Five temperature sensors were 

coupled to the PID controllers that regulated the 

power applied to the resistances, located at the 

reservoir, valve, Y-tube, beginning of fill stem and 

heat pipe evaporator, and were used to maintain 

these temperatures between 415 K and 495 K. 

Another fifteen thermocouples were attached to 

the charging components and coupled to the data 

acquisition system. They were employed to 

monitor the temperature distribution.  

Figure 7. Thermocouple positions in charging 

system. 

All the weight measurements were performed 

on a Marte® AS550C precision balance. The 

empty heat pipe was weighted ten times, and the 

value of 2308.73 ± 0.24 g was obtained. It was 

then fixed on the charging bench and coupled to 

the Y-tube. To remove humidity, with the valve 

opened, the system was simultaneously evacuated 

and heated to > 100 °C by turning the pump and 

controllers on. After 30 minutes, they were turned 

off and the system was pressurized with 1 atm of 

argon to facilitate the opening of the reservoir. The 

sodium stones were removed from a pot with 

kerosene, an inert substance that prevents sodium-

water reaction. They were then cleaned, and the 

external layer of NaOH was cut with a hand knife.  

The pure sodium pieces were then weighted. After 

the desired mass was obtained, they were 

introduced into the reservoir.  

Two sequential argon pressurizations followed 

by evacuations were performed to create a 

controlled environment with < 10 ppm air 

concentration inside the charger. With the ball 

valve closed, the reservoir was subsequently 

pressurized with 1 bar of argon, while vacuum was 

created in the Y-tube and heat pipe, generating a 

pressure difference between these two chambers. 

With hoses 𝐻1, 𝐻2 and 𝐻4 closed (see Figure 5),

the resistances were turned on, causing the sodium 

to melt. After 20 minutes, when the sodium was 

entirely liquid, the ball valve was opened. The 

sodium flew to the heat pipe due to the gravity 

action and the pressure difference between the 

reservoir and the Y-tube. The desired charging 

mass was defined based on the theoretical model 

presented by Araújo et al. [7] for 1 kW heat 

transfer rate, 1000 K operation temperature and no 

heat losses. The obtained optimum charging mass 

was 12.59 g. However, 23.38 ± 0.03 g was inserted 

into the charger, based on former experiments 

[12], with only 10.62 ± 0.30 g entering in the 

device.  

The resistances were then turned off. After the 

system cooled down to room temperature, the heat 

pipe was detached from the charger, with a Kelly 

clamp closing its hose, and linked to the scroll 

pump to purge argon and sodium vapor. A filter 

with a steel sponge was applied between the heat 

pipe and the pump to prevent sodium vapor and 

solid particles from entering the latter and 

damaging it.  At this stage, a vacuum level of 5.0 

× 10-2 was attained. To seal the device, the closure 

methodology devised by Cisterna [11] was 

applied. Figure 8 shows the resulting heat pipe.   

Figure 8. Produced rod-plate heat pipe. 

2.2. Test Bench 

Figure 9 shows the test bench used for sodium 

rod-plate heat pipe investigation, featuring the 

following main components: a Eutothermo® 

induction furnace EURO 25 kW, coupled to a 

copper coil, the heat pipe itself in horizontal 

orientation, a layer of fiberglass blanket, twenty-

five OMEGA® K-type thermocouples with silica 

fiber insulation, connected to a CR1000 

Datalogger Campbell Scientific data acquisition 

system, and a S65 FLIR® thermographic camera. 

The evaporator remained inside the coil with an 

imposed electrical current, with a plastic mold 
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applied between the two, for electrical insulation. 

The fiberglass blanket cover was 10 cm thick and 

thermally insulated the evaporator and the 

adiabatic section of the heat pipe. The condenser 

was kept exposed to the environment to reject heat 

by natural convection and radiation. The lengths 

of the evaporator, adiabatic section and condenser 

were, respectively, 100, 300 and 100 mm.  

Figure 9. Experimental test bench. 

Twenty-one ( 𝑇1  to 𝑇21 ) thermocouples were

spot-welded to the centerlines of the top, lateral 

and bottom surfaces of the heat pipe. This setup 

allows the assessments regarding the effect of 

gravity and channel geometry on thermal 

performance. Figure 10 shows the temperature 

measurement positions along the heat pipe.   

Figure 10. Heat pipe temperature measurement 

points. (a) Top face. (b) Lateral face. (c) Bottom 

face.  

Thermocouple 𝑇22  was installed at the lateral

wall opposite to that of thermocouples 𝑇18 and 𝑇19

and in the middle of the condenser (𝑥 = 450 mm). 

The infrared (IR) thermographic camera was 

placed at approximately 1 m from the test bench, 

to avoid damages ensued by the high experimental 

temperatures, and pointed to thermocouple 𝑇22 .

For each experimental testing in steady-state 

conditions, the emissivity assumed by the camera 

was calibrated, so the temperatures indicated by 

the IR camera and thermocouple 𝑇22 were as close

as possible. Thermocouples 𝑇23  and 𝑇24  were

used to estimate the heat losses and were installed 

at the inner and outer walls of the thermal 

insulation, in the middle of the adiabatic section (𝑥 

= 250 mm). Thermocouple 𝑇25  measured the

environment temperature. 

2.3. Experimental Procedure 

A test utilizing a heat pipe with no working 

fluid, labeled as test 𝐸0 , was performed before

charging the device. The results of this experiment 

can be confronted with the ones for a charged heat 

pipe to evaluate the performance improvement as 

it transitions from a hollow container, that 

transfers heat only by conduction, to a 

superconductor. To avoid excessive thermal 

stresses to the container, a lower heat load, of 

24.85 W, was applied to the evaporator utilizing 

aluminum blocks with embedded cartridges 

resistances, which were fed by a Heinziger® PTN 

125-10 power source.  

The experiments with sodium heat pipes began 

by setting inductor current to a minimum level. As 

the startup proceeded, temperatures gradually 

increased up to a point where they didn’t vary 

more than 10 °C within a 10 min period, when the 

experiment was assumed to be at a steady state. 

Inductor current was then increased, and the 

process repeated until the maximum current level 

was reached. The used current levels were 260 A, 

400 A, 600 A, 800 A and 1000 A. Table 2 

compiles the test matrix for the present study. 

Table 2. Heat pipe experimental test matrix. 

Test 𝐼 [A] 

𝐸1 260 

𝐸2 400 

𝐸3 600 

𝐸4 800 

𝐸5 1000 

2.4. Data Reduction 

In liquid-metal heat pipes, a cold tip can result 

from either non-condensable gas pushed to the 

condenser end or from free molecular vapor flow, 

when the condenser vapor is rarefied, and the 

continuum hypothesis fails. Tournier and El-Genk 

[13] defines three flow regimes based on 

molecular mean free path 𝜆𝑝: free molecular flow

for 𝐾𝑛  > 1.00, transition flow for 0.01 < 𝐾𝑛  < 

1.00 and continuum or viscous flow for 𝐾𝑛 < 0.01, 

where 𝐾𝑛 is the Knudsen number, expressed as: 
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𝐾𝑛 =
𝜆𝑝

𝐷𝑣
(1) 

with 𝐷𝑣  the diameter of the vapor passage.

According to Cao and Faghri [14], the following 

equation can be used to determine the transition 

temperature 𝑇𝑡 for a given Kundsen number:

ln (
𝑇𝑡𝜌𝑣𝑅̅

𝑃0
) +

ℎ𝑓𝑔

𝑅̅
(

1

𝑇𝑡
−

1

𝑇0
) (2) 

where 𝜌𝑣  is the vapor density, 𝑇0  and 𝑃0  are,

respectively, reference temperature and pressure 

values, 𝑅̅  is the mass-specific gas constant and 

ℎ𝑓𝑔 is the latent heat of vaporization. The vapor

density, in terms of the Knudsen number, is: 

𝜌𝑣 =
1.051𝜅

√2𝜋𝜎𝑑
2𝑅̅𝐷𝑣𝐾𝑛

(3) 

with 𝜅  the Boltzamnn constant and 𝜎𝑑  the

collision distance between molecules which, for 

sodium, can be assumed 2.38 × 10-10 m [15]. The 

vapor diameter of 8.32 mm was obtained through 

the meniscus geometry model devised by Araújo 

et al. [7], assuming an average radius-of-meniscus 

between the maximum and minimum values: 

𝑅/(cos 𝛼 − sin 𝛼 )  and 0.01 mm, respectively, 

with 𝑅 = 3.97 mm as the rod radius and 𝛼 = 10° 

the contact angle. The transition temperatures, 

determined by equation (2), are 295 °C and 464 

°C for Knudsen numbers of 1.00 and 0.01, 

respectively. 

Emissivity and temperature measurements were 

used to evaluate evaporator heat intake 𝑄𝑒 ,

evaporator heat flux 𝑞𝑒
′′ , heat rejected by

condenser 𝑄𝑐, heat loss through insultation at the

adiabatic section 𝑄𝑎 , and thermal resistance 𝑅𝑡 .

The temperature of a given heat pipe zone was the 

average of the measured values of all 

thermocouples inside it. The steady-state values 

were the average of the last 300 measurements.  

The heat loss 𝑄𝑎 was the parcel of the input heat

𝑄𝑒 that did not reach the condenser:

𝑄𝑒 = 𝑄𝑎 + 𝑄𝑐 (4)

The thermal resistance 𝑅𝑡 was given by:

𝑅𝑡 =
𝑇̅𝑒 − 𝑇̅𝑐

𝑄𝑐
 (5)

where 𝑇̅𝑒  and 𝑇̅𝑐  were the evaporator and 

condenser temperatures, respectively. The 

adiabatic section temperature 𝑇̅𝑎  is estimated as 

the vapor temperature at a given experimental 

condition.  

Figure 11 shows dimensions used for condenser 

heat transfer calculation, which assumed the 

values: 𝐻 = 12 mm, 𝑊 = 59.7 mm, 𝐿𝑐 = 100 mm,

𝑤𝑐  = 19.85 mm and 𝑤𝑡𝑙  = 9.93 mm. The

condenser area was divided into subregions for the 

calculation of the radiative 𝑄𝑟𝑎𝑑  and natural

convection 𝑄𝑛𝑐  heat transfer rates. For the

radiative losses, the condenser surface was split 

into top-central, lateral, bottom-central and tip 

regions, with dimensions of, respectively, 𝐿𝑐 ×
𝑤𝑐, 𝐿𝑐 × (2𝑤𝑐 + 𝐻), 𝐿𝑐 × 𝑤𝑐 and 𝑊 × 𝐻.

The top and bottom-central regions were 

equivalent to the areas of the condenser top and 

bottom faces comprehended between the rods. 

The lateral region included the remainder of the 

top and bottom faces, i.e., the fraction of the 

condenser surface under direct influence of the 

lateral channel. In the top-central, bottom-central 

and lateral subregions, the faces were discretized 

into 5 mm-long elemental areas. The tip surface 

was subdivided into elemental areas under effect 

of the central and lateral channels, with 

dimensions of, respectively, 𝑤𝑐 × 𝐻 and 𝑤𝑡𝑙 × 𝐻.

For the natural convection calculations, the 

condenser was solely subdivided into top, lateral, 

bottom and tip faces, with dimensions of, 

respectively, 𝐿𝑐 × 𝑊 , 𝐿𝑐 × 𝐻 , 𝐿𝑐 × 𝑊  and 𝑊 ×
𝐻. 

Figure 11. Dimensions utilized for condenser heat 

transfer calculation. 

To obtain temperature values for each elemental 

area, profiles were created from the interpolation 

or extrapolation of data points. Parabolas were 

utilized with the following conditions: 𝑑𝑇/𝑑𝑥 = 0 

(null heat flux) in the adiabatic section and at the 

condenser tip, and 𝑑𝑇/𝑑𝑥 is continuous in a given 

point if the next one is in the same vapor 

conditions. The central 𝑇𝑡𝑖𝑝,𝑐 and lateral 𝑇𝑡𝑖𝑝,𝑙 tip

temperatures 𝑇𝑡𝑖𝑝 were evaluated as:

𝑇𝑡𝑖𝑝,𝑐 = [𝑇𝑡(𝐿) + 𝑇𝑏(𝐿)] 2⁄ (6) 

𝑇𝑡𝑖𝑝,𝑙 = 𝑇𝑙(𝐿) (7) 

where 𝐿 = 500 mm was the heat pipe length, and  

𝑇𝑡(𝑥) , 𝑇𝑏(𝑥)  and 𝑇𝑙(𝑥)  were, respectively, the

top, bottom and lateral temperature profiles.  

The following expression was obtained for 

surface emissivity through the methodology 

described in the previous subsection: 
𝜀 = 0.00015 𝑇 + 0.63264 ± 0.02249 (8) 
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For each subregion 𝑗 , the total radiative heat 

transfer rate can be expressed as: 

𝑄𝑟𝑎𝑑,𝑗 = ∑ 𝜎𝜀𝑖𝐴𝑖,𝑗[𝑇𝑖,𝑗
4 − 𝑇0

4]

𝑛

𝑖=1

 (9)

where 𝑖 stood for elemental region, 𝐴 was the area 

and 𝑇0  was the environment temperature

measured by thermocouple 𝑇25 . The total

radiation heat transfer 𝑄𝑟𝑎𝑑 could be obtained by

summing the contributions from all subregions. 

 To compute natural convection heat transfer, a 

mean surface temperature 𝑇𝑠̅ was evaluated from

the area weighted average of the temperatures of 

the elemental zones. Since the room temperature 

variation was small in the tests, the properties of 

the surrounding buoyant fluid, which is air, were 

evaluated at a temperature of 25 ºC, where the 

Prandtl number 𝑃𝑟 was approximately 0.73. The 

Rayleigh number 𝑅𝑎  associated with natural 

convection adjacent to a surface could be written 

as: 

𝑅𝑎 =
𝑔𝛽(𝑇𝑠̅ − 𝑇0)𝐿3

𝜈𝛼
(10) 

where 𝑔  was gravity, 𝛽  the thermal expansion 

coefficient, 𝜈  the momentum diffusivity, 𝛼  the 

thermal diffusivity, and 𝐿  the characteristic 

length, which, for vertical plates, is the plate 

length itself and, for horizontal plates, can be cast 

as [16]: 

𝐿 = 𝐴𝑠/𝑝𝑠 (11)

with 𝐴𝑠  and 𝑝𝑠  the plate surface area and

perimeter, respectively. In all experiments and for 

all heat pipe faces, the Rayleigh number remained 

between 104  and 107 . The condenser top and

bottom faces could be considered as horizontal hot 

plates facing, respectively, upwards and 

downwards. The lateral and tip faces could be 

assumed as hot vertical plates. For 𝑃𝑟 > 0.7, the 

top face Nusselt number was expressed as [16]: 
𝑁𝑢 = 0.54𝑅𝑎1/4, 104 ≤ 𝑅𝑎 ≤ 107 (12)

𝑁𝑢 = 0.15𝑅𝑎1/3, 107 ≤ 𝑅𝑎 ≤ 1011 (13)

For 104 < 𝑅𝑎 < 109  and 𝑃𝑟 > 0.7 , the

Nusselt number 𝑁𝑢 for the condenser bottom face 

was written as [17]:   

𝑁𝑢 = 0.52𝑅𝑎1/5 (14)

For natural convection next to a vertical plate 

with 𝑅𝑎 < 109 , which was the case for the

condenser lateral and tip faces, the Nusselt number 

could be obtained, with good accuracy, by using 

[18]: 

𝑁𝑢 = 0.68 +
0.670𝑅𝑎1/4

[1 + (
0.492

𝑃𝑟
)

9/16

]

4/9
(15) 

The heat transfer coefficient ℎ  was evaluated 

for each condenser face by: 

ℎ = 𝑘𝑓

𝑁𝑢

𝐿
(16) 

with 𝑘𝑓  the thermal conductivity of the buoyant

fluid. For a single face 𝑗, the natural convection 

heat transfer rate  𝑄𝑛𝑐,𝑗 was expressed as:

𝑄𝑛𝑐,𝑗 = ℎ𝑗𝐴𝑗(𝑇̅𝑠,𝑗 − 𝑇0) (17)

The total condenser heat release by natural 

convection 𝑄𝑛𝑐 was computed from the sum of the

values for all surfaces, and the total heat rejection 

𝑄𝑐 was given by:

𝑄𝑐 = 𝑄𝑟𝑎𝑑 + 𝑄𝑛𝑐 (18)

The heat loss through the insulation 𝑄𝑎  was

calculated from the conduction heat transfer 

across the glass fiber blanket along the adiabatic 

section span. The geometry was approximated to 

a hollow cylinder, so the heat loss expression was: 

𝑄𝑎 =
𝑇23 − 𝑇24

2𝜋𝑘𝑔𝑓 ln
𝐷𝑜𝑢𝑡
𝐷𝑖𝑛

(19) 

𝐷𝑖𝑛 =
4𝑊𝐻

2𝑊 + 2𝐻
(20) 

where 𝑘𝑔𝑓  was the thermal conductivity of the

glass fiber blanket, 𝐷𝑜𝑢𝑡  = 210 mm was the

insulation outer diameter and 𝐷𝑖𝑛  = 20 mm was

the external hydraulic diameter of the heat pipe 

involucre. The evaporator heat flux 𝑞𝑒
′′  was

evaluated assuming that heat input was uniformly 

distributed along the evaporator area inside the 

inductor: 

𝑞𝑒
′′ =

𝑄𝑒

2𝐿𝑒(𝑊 + 𝐻)
(21) 

with 𝐿𝑒 = 100 mm the evaporator length.

2.5. Uncertainty Analysis 

As mentioned, temperature values used in this 

work were an average of 300 data points. The 

temperature A-type uncertainty, 𝑈𝑇,𝐴  [19] was

evaluated using: 

𝑈𝑇,𝐴 = √
∑ (𝑇𝑖 − 𝑇̅)2𝜗+1

𝑖=1

𝜗
(22) 

where 𝜗  = 299 was the number of degrees of 

freedom, 𝑇𝑖 was the 𝑖-th temperature value, and 𝑇̅ 

was the average value. Temperature B-type 

uncertainty was based on manufacturer 

information [20], which quoted a highest standard 

error range between 2.2 °C and 0.75% of the 

measured value. Assuming a rectangular error 

probability distribution, the standard uncertainty 

𝑈𝑇,𝐵 is expressed as:

𝑈𝑇,𝐵 = 𝑎𝑇 2√3⁄ (23) 
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with 𝑎𝑇  the quoted error limit. For aerospace

applications, the expanded temperature 

uncertainty 𝑈𝑇  formula shown below is the most

recommended [19]: 

𝑈𝑇 = 𝑡95𝑈𝑇,𝐴 + 𝑈𝑇,𝐵  (24)

with 𝑡95 the t-Student factor for a 95 % confidence

level. To compute length standard uncertainty 𝑈𝐿,

the ruler resolution, 1 mm, was assumed as the 

quoted limit of error. The emissivity standard 

uncertainty 𝑈𝜀 was evaluated by:

𝑆𝑇𝑇 = ∑(𝑇𝑖 − 𝑇̅)2
𝑛

𝑖=1

(25) 

𝑆𝑇𝜀 = ∑(𝑇𝑖 − 𝑇̅)(𝜀𝑖 − 𝜀)̅

𝑛

𝑖=1

(26) 

𝑆𝜀𝜀 = ∑(𝜀𝑖 − 𝜀)̅2
𝑛

𝑖=1

(27) 

𝑆𝑒 =
𝑆𝜀𝜀 − (𝑆𝑇𝜀)2/𝑆𝑇𝑇

𝑛 − 2
(28) 

𝑈𝜀 = 𝑡95𝑆𝑒√
1

𝑛
+

(𝑇0 − 𝑇̅)2

𝑆𝑇𝑇

(29) 

where 𝑛 = 74 was the number of emissivity data 

points, 𝜀𝑖 was the 𝑖-th emissivity value, 𝜀 ̅was the

average emissivity, and 𝑇0  was a reference

temperature. 

In this work, all variables were considered 

independent error sources. Therefore, the 

uncertainties associated with results obtained from 

data reduction were obtained through the 

following uncertainty propagation approach. If 𝑅 

is a continuous function of variables 𝑉1, 𝑉2 , …,

𝑉𝑁, its standard uncertainty 𝑈𝑅 can be cast as:

(𝑈𝑅)2 = ∑ [(
𝜕𝑅

𝜕𝑉𝑖
)

2

(𝑈𝑖)2]

𝑁

𝑖=1

(30) 

3. Results

3.1.  Transient Operation 

In the analysis of the heat pipe’s transient 

operation, only the temperature distribution at the 

top face was assessed, as the temperature-time 

dependence trends were similar for the other 

surfaces. Figure 12 shows the variation of 

temperature with time throughout the experiment. 

In the evaporator and adiabatic zones, the 

thermocouples presented close values within a 

given section, so average values are presented for 

the sake of simplicity. In the condenser, 

temperatures for the beginning (𝑇15) and end (𝑇17)

of the zone are presented to capture the advance of 

the vapor front with heat load and time increase. 

The heat pipe reached startup when the 

temperature at the first condenser thermocouple 

location (𝑇15) achieved the continuum limit (𝐾𝑛 =

0.01, 𝑇𝑡 = 464 °C). The heat pipe was assumed at

a full continuum regime when the last condenser 

temperature (𝑇17) achieved this mark. The vapor

temperatures at these points were the heat pipe’s 

startup and continuum temperatures. 

Figure 12. Top face transient temperature results. 

In the first power input level, the evaporator 

vapor pressure was too low to induce an 

appreciable vapor flow into the condenser. 

Therefore, the vapor remained in the molecular 

regime. In this condition, the condenser 

transferred heat mostly by conduction. With the 

heat load increase, the condenser temperature 

increased, and the temperature drop decreased, 

indicating a rise of the condenser vapor. The 

startup temperature and time were, respectively, 

666 °C and 190 min, while those for continuum 

regime were 724 °C and 227 min, respectively. A 

high temperature increase was observed in 𝑇15

and 𝑇17 relatively to the other heat pipe locations

in, respectively, tests 𝐸3 and 𝐸4 as an outcome of

vapor front advance. 

3.2. Steady-State Operation 

Figure 13 shows axial steady-state temperature 

distributions as a function of the heat pipe length, 

for tests 𝐸1 and 𝐸5 (see Table 2). For the lowest

power inputs (lowest inductor current), condenser 

temperatures were in the transition zone, between 

𝐾𝑛  = 1 and 𝐾𝑛  = 0.01. Since startup was not 

reached in this condition, the condenser main heat 

transfer mechanism was conduction through the 

container material, thus the temperature gradients 

did not vary with the evaluated surface. In test 𝐸5,

temperature profiles were roughly similar for the 

top and bottom faces, which indicated that 

capillary was dominant over gravity as the 

governing force on liquid distribution. The lateral 

condenser surface presented a cold tip, because the 

lateral channel of the heat pipe had only two 

grooves, while the central one had four, with 

therefore, a higher capillary force.   
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Figure 13. Axial steady-state temperature 

distributions for different heat pipe faces. 

Figure 14 displays the axial steady-state 

temperature profiles for the top face. The dashed 

grey lines represent the interpolation and 

extrapolation curves. The heat transfer capacity 

increased with heat load due to the rise of the heat 

pipe’s operation temperature and the advance of 

the vapor front, this latter evidenced by the 

reduction of the overall temperature drop. In test 

𝐸5  (𝐼 = 1000 A), there was a slight temperature

rise from 𝑇16  to 𝑇17 , as, in this condition, the

condenser vapor was in full continuum regime all 

along the heat pipe, and temperature was mainly 

governed by the surface cooling rate, which was 

higher close to the middle of the condenser than in 

the surroundings of its tip.  

Figure 14. Top face axial steady-state temperature 

distributions. 

Figure 15 shows the variation of the heat 

transfer rate with vapor temperature for the 

various tested conditions. The transferred heat 

increased linearly with vapor temperature, with 

values ranging between 87 W and 1037 W. The 

maximum value validates the heat pipe as a 

feasible technology for space micro reactors. 

Figure 16 displays the thermal resistance as a 

function of the vapor temperature, which 

decreases with the increasing heat load, due to the 

advance of the vapor front, reaching a minimum 

value of 0.112 K/W.  

Figure 15. Heat transfer rate as a function of vapor 

temperature. 

Figure 16. Thermal resistance as a function of 

vapor temperature. 

Comparing with the empty container, which 

resistance was of 3.643 ± 0.034 K/W, it can be 

noticed that the device operated as a thermal 

superconductor. The large resistances in the early 

startup stages were due to the rarified vapor 

condition observed in a considerable portion of the 

condenser.  With the vapor temperature (and 

pressure) increase, the vapor changed to 

continuum state, filling gradually the whole 

condenser, and so decreasing the thermal 

resistance decrease rate. However, a horizontal 

asymptote was not reached, showing that the 

device did not achieve any operational limit.  

Figure 17 presents the heat fluxes as a function 

of the vapor temperature. A close to linear curve 

is observed, with a maximum of 7.36 W/cm2, 

which can be considered a high heat flux.   

Figure 17. Evaporator heat flux as a function of 

vapor temperature. 
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Conclusions 

This paper describes the procedures used for 

fabrication and testing of a sodium rod-plate heat 

pipe operating horizontally. The innovative 

charging system provided safety for the operator 

and high quality for the produced sodium heat 

pipes. A mass of 10.62 g of sodium was introduced 

into the heat pipe. Through the data analysis, it 

was possible to identify the advance of the vapor 

front in a continuous state by the monotonical 

increase of the condenser temperatures with time, 

compared to that of the other regions. The device 

transferred up to 1037 W (heat flux of 7.36 

W/cm2), with  a thermal resistance of 0.112 K/W. 

These results show that the device is  suitable for 

space micro reactor heat transport applications. 
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Abstract 
This study investigates the evaporation rate from a sintered-grooved wick through experimental studies and analytical 

mathematical modeling. Heat pipes, integrating devices employing heat conduction and phase change principles, are 

crucial for effective heat transfer in various applications, including cooling electronic circuit. Mathematical modeling, 

employing both numerical and analytical methods, is widely used to simulate heat pipe behavior, considering 

governing equations and boundary conditions across different domains. Experimental studies explore the impact of 

parameters like particle size, porosity, and thickness on heat transfer coefficients. Mathematical modeling aims to 

predict thermal properties and evaporation rates, considering factors like capillarity, gravity, and porosity. 

Experimental results indicate that increased heat input and porosity lead to higher evaporation rates. Comparison with 

previous research shows variations in evaporation rates due to differences in porous material sizes and structures. The 

model can predict the evaporation rate with STD 44.9% when porosity changes. This study contributes understanding 

and prediction of evaporation rates in sintered-grooved wicks for improved thermal modeling accuracy.  

Keywords: Heat pipe, evaporation rate, sintered-grooved wick, mathematical modeling, experimental studies  

1. Introduction

The heat pipe is a heat transfer device that 

integrates the principles of both heat conduction and 

phase change from evaporation and condensation to 

manage heat transfer between two environments 

effectively. The heat pipe was introduced inside a 

portable computer to cool the electronic circuitry, 

which contains CPU chips and GPUs. The heat pipe 

consists of a container, wick, and a vapor core. 

There have been numerous research studies on 

the operation of heat pipes, both experimental and 

mathematical modeling. Mathematical modeling is 

employed to simulate the behavior of heat pipes 

using both numerical and analytical methods. 

Governing equations and boundary conditions are 

utilized in mathematical models and refined to 

predict the heat transfer characteristics of heat pipes. 

Heat pipes consist of three domains: the vapor core, 

the wick structure, and the pipe wall as shown in 

Figure 1. The most important boundary condition is 

between the liquid and vapor. 

Figure 1 Components of the heat pipe. 

This describes the evaporation from the wick 

structure evaporation section and the condensation 

of the working fluid in the condensation section into 

the wick structure to draw the liquid back to the 

evaporation section. The wick structure, depicted in 

Figure 1, comes in various forms, which affect the 

rate of evaporation and the density of the working 

fluid within the wick structure. This variation in 

structure impacts both the numerical and analytical 

modeling of heat pipes. 

Previous research has investigated mathematical 

models in both 2D and 3D, employing both 

numerical and analytical methods [3, 4]. It was 

found that prior mathematical modeling research 

utilized free surface evaporation equations as 

boundary conditions for evaporation and 

condensation, yielding predictions consistent with 

experimental results. However, this approach 

involved assuming free surface evaporation 

conditions in the boundary conditions for 

calculations. In reality, evaporation from various 

porous material structures may differ from free 

surface evaporation. Previous mathematical 

modeling studies have not extensively explored the 

evaporation rate data from porous material 

structures, which could lead to more comprehensive 

and realistic mathematical models. 

There have been numerous experimental and 

mathematical modeling studies examining the 

impact of parameters on heat transfer from 

evaporation in porous material structures. Hanlon 

and Ma (2003) found that particle size, porosity, and 

thickness of the porous material structure affect the 

heat transfer coefficient of evaporation. 

Additionally, experimental studies on evaporation 

rates from porous media with closely packed 

cylindrical vertical rods by Kumar and Arakeri 

(2011) revealed a gradual decrease in evaporation 

rate, drastically reducing after 22 hours of operation. 
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Furthermore, reports on the evaporation 

characteristics with different porosities of porous 

material structures by Yeu and Vakhguelt (2018) 

demonstrated that the evaporation rate can vary with 

changes in particle size and porosity, and a decrease 

in structure thickness leads to an increase in 

evaporation rate and may induce easier drying out 

due to enhanced evaporation resulting from thinner 

porous structures. However, subsequent studies by 

Li and Peterson (2006) and Sudhakar et al. (2011) 

reported that when heat is applied to water-saturated 

porous material structures, it can cause the working 

fluid in the porous material to retreat from the 

structure due to liquid loss through evaporation. 

Excessive heat can render the fluid evaporation 

insufficient, leading to dry-out of the wick structure. 

In constructing mathematical models to predict 

the heat performance of any miniature heat pipe, a 

set of equations regarding the evaporation rate is 

essential. These equations must encompass both 

free surface and under varying pressure conditions 

to calculate the evaporation rate of the working fluid 

at boundary conditions. However, previous studies 

have been scarce in attempting to find evaporation 

rates and validating assumptions from the theory of 

free surface evaporation in mathematical models of 

heat pipe systems.  

This research aims to investigate the evaporation 

rate of working fluids from widely used sintered-

groove porous material structures in heat pipes and 

derive equations for evaporation to be integrated 

into mathematical models for enhanced accuracy 

and alignment with reality.  

2. Materials and Methods

2.1 Experimental studies 

The installation of the experiments and the 

experimental procedures are explained in this 

section. These are outlined in the following two 

subsections: the first subsection covers the 

experimental setup, while the second subsection 

details the experimental procedures. 

2.1. 1 Experimental setup 

An experiment to study the effect 

of heat feed on the evaporation rate in a porous 

material structure on a square curved plate, as 

shown in Figure 2. 

Figure 2 The schematic diagram of evaporation 

rate experimental setup 

In this experiment, we inferred that 

evaporation from the cylindrical heat pipe has 

been condensed into rectangular sheets for easy 

observation using a high-precision electronic 

balance (±0.0001g). The test setup includes 

insulation, electronic heating apparatus, grooved 

copper plates, K-type thermocouples for 

temperature measurement (with uncertainty of 

±1oC), a data logger (BrainChild VR18), a power 

supply (GW Instek GPR-7550D) (±0.5% of rdg), 

and a computer. The sintered-groove copper plate, 

measuring 30×30 mm, serves as the substrate for 

the porous material structure. The porous material 

structure is a composite of sintered-groove powder 

and is homogenous, made from sintered-groove 

powder adhered to the grooved surface of the 

copper plate to conform to the interior of the heat 

pipe. The thickness of the porous material 

structure is 0.6 mm with a porosity of 0.61-1.00. 

The heater source is positioned beneath the 

sintered-groove plate, measuring 35×35 mm, to 

avoid heat loss from the packaging box. Insulation 

wraps all exterior walls to prevent heat loss and 

ensure compatibility with the electronic balance. 

Additionally, the insulation aids in preventing heat 

transfer to the electronic balance. The sintered-

groove plate receives heat from the DC power 

supply (GW Instek GPS 3030D). The working 

fluid is water due to its higher latent heat and 

compatibility with copper [1]. Details of the 

sintered-groove plate are provided in Table 1. 
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Table 1 Experimental specifications of sintered-

grooved plate 

Parameter Value Unit 

Material Copper - 

Grooved plate size 30×30 mm2 

Grooved depth 0.2 mm 

Number of grooves 65 - 

Spherical powder size 150-280 µm 

Wick thickness 0.6 mm 

Porosity 0.61, 0.67, 

0.71 and 

1.00 

- 

Working fluid Water - 

2.1.2 Experimental procedure 

The experimental process was 

carried out to study the evaporation rate of the 

working fluid inside the sintered-grooved wick 

plate. It is filled with a working fluid of water by a 

vacuum pump system. Then, a sintered-grooved 

wick plate is placed on a heater inside the packing 

box. The contact surface between the heater and 

the sintered-grooved wick plate is connected using 

a thermal grease and tightly held by bolts to reduce 

the thermal contact resistance between the two 

surfaces. The 5  W heat input is inserted into the 

center-shape sheet at an atmospheric pressure of 

atm, a relative humidity of 5 0 – 6 0 %, and a test 

room temperature of 25±1 oC. The heat input test 

at 5  W to determine the evaporation by equation 

(1:) 

.

loss s wf

evap

m Adh

dt t

  




(1)

By dh/dt, the evaporation rate 

(mm/s) is the change in the total mass of the active 

substance (water) for the initial and final absence 

of liquid in the permeable material (g). The 

heating area of the centrifugal plate is the density 

of the working substance and is the total time of 

evacuation (s). 

2.2 Mathematical model 

For a mathematical model, this article 

focuses on developing an analytical model to 

predict evaporation in a porous material by 

simulating the state with a two-dimensional model 

since it is a single-directional evacuation. Figure 

3 shows a diagram for using the mathematical 

model analysis of evaporations in wick structure. 

Figure  3 Schematic diagram of porous medium 

system 

2.2.1 Equation liquid 

evaporation position 

For the mathematical model 

construction for this study, it relies on the 

following assumptions: 

- Assume heat transfer and fluid 

flow are in a steady state, with laminar flow and 

incompressible fluid flow. 

- Isothermal properties for the 

working substance and constant properties for the 

walls. 

- Gravitational forces are 

considered due to atmospheric conditions. 

The relevant governing equations 

for analysis to find the evaporation rate are given 

as follows: Equation (2 )  represents the diffusion-

controlled propagation according to Fick’s law, 

and for the evaporation within the porous material 

structure, an equation describing the evaporation 

in the porous material structure and its associated 

gravitational forces is necessary, as shown in 

Equation (3), to find the position of the fluid inside 

the porous material. Then, combining Equations 

(2) and (3) using Boundary conditions, as shown 

in Equation (4).  

11
ln

1

g va a

l i

c D Xdh

dt c H h X

 
   

  
      (2) 

c l

l

P ghdh v K

dt h



  


 

        (3)  

After that, combine the results of equations (2) and 

(3) using boundary conditions as in equation (4). 

( )

( )

i

a

X z h X

X z H X

 

 
       (4) 
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2.2.2 Liquid evaporation with 

capillary and gravity 

Liquid evaporation with capillary 

and gravity is described by Equation (5)  

11
ln

1

g vac l a

l l i

c DP gh Xdh K

dt h c H h X



  

  
   

   (5) 

when 
 

3 2

2

4

180 1

r
K







 shows the permeability, 

1 cos
3cP

r

  



 
  

   capillary pressure, 

1
1 0.41ln



 
   

    tortousity and 

1 1
exp

ˆi

g sat

X
T TR

  
      

     the Clausius-

Clapeyron 

Therefore, Equation (5) can 

describe the evaporation phenomenon analytically 

to predict the evaporation rate and serve as 

Boundary conditions for the mathematical model 

of the heat pipe. 

3. Results and Discussion

The results obtained from experiments 

and mathematical modeling will be compared for 

the evaporation within the porous material 

structure under normal conditions. 

3.1 Effect of heat input on evaporation 

rate 

Figure 4 Effect of heat input on evaporation rate 

From Figure 4 , the experimental results 

show that when heat input increases from 5 to 15 

watts, or by 2 0 0 % , the fluid within the porous 

material structure evaporates faster, with a 

significant increase in the evaporation rate of 

9 8 . 5 %.  This is because higher heat to the wick-

groove plate leads to faster evaporation, as 

evidenced by the significant increase in 

evaporation rate. An evaporation equation can be 

derived from increased heat input resulting in 

increased evaporation, referencing the trend of 

evaporation from the free surface, as shown in 

Equation (6). 

  

 60.3011 10evapm Q 
  

(6) 

Furthermore, the graph also demonstrates 

the effect of porosity on the evaporation rate, 

which will be presented in the next section. Thus, 

increased heat input leads to an increase in the 

evaporation rate. 

3.2 Effect of porosity on evaporation 

rate 

Figure  5 Effect of porosity on evaporation rate 

From Figure 5 , the experimental results 

show that when porosity increases from 0 . 6 1 to 

1 . 0 0 , or by 6 3 . 9 %, the fluid within the porous 

material structure evaporates faster, with a 

significant increase in the evaporation rate of 

1 3 . 6 % .  This is because increasing porosity 

enlarges the pore size, increasing the contact area 

for heat transfer, resulting in an increased 

evaporation rate. However, lower porosity makes 

the wick pores smaller, reducing the contact area 

for heat transfer with the fluid, making 

evaporation more difficult. Hence, increasing 

porosity results in an increase in the evaporation 

rate by 13.6%. 

In addition, Yeu and Vakhguelt (2 0 1 8 ) 

research investigated the effect of porosity on the 

evaporation rate of porous ball metal materials 

ranging in size from 5 to 10 mm. The research 

results depicted in Figure 5 revealed that as the 

porosity increased from 0.42 to 0.53 (26.2%), 

there was a significant 29.2% increase in the 

evaporation rate of the aqueous working fluid. 

It can be observed that the evaporation 

rate results obtained by Yeu and Vakhguelt (2018) 

are higher than those of this research, likely due to 

differences in the sizes of the porous materials, 

resulting in varying porosities. Despite this study 
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having a higher porosity compared to the 

experiment conducted by Yeu and Vakhguelt 

(2018), it resulted in much smaller pores. 

Consequently, the resulting evaporation rate is 

lower than that observed in the previous research. 

But the evaporation rate trend was agreed upon 

when the porosity changed.  

3.3 Validation results of experimental data 

with mathematical model of evaporation rate

Figure  6 Validation of the effect of porosity on 

evaporation rate 

From Figure 6, the experimental results of 

porosity are compared with the mathematical 

model. It is found that the model can predict the 

evaporation rate with STD 44.9% when porosity 

changes. The trend follows the logarithmic 

function, and as porosity approaches 1 . 0 0 , 

evaporation increases. As porosity increases, the 

evaporation rate increases dramatically. This 

differs from free surface evaporation, which has a 

linear relationship. This difference arises from 

variations in porosity, leading to differing rates of 

evaporation. However, the model developed 

includes the effects of capillarity, gravitational 

forces, and porosity of the porous material, 

making it unsuitable for predicting evaporation 

from the free surface, as observed from the 

discrepancy in results at porosity equal to 1.00. 

3. Conclusion

- When heat input increases by 200%, the 

evaporation rate increases by 98.5%. 

-When porosity increases by 63.9%, the 

evaporation rate increases by 13.6%. 

- The obtained evaporation rate equation 

can predict the results with a standard deviation 

of 44.9% within the range of porous wick, but it 

cannot accurately predict in the absence of a 

porous wick or when porosity equals 1.00. 
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Abstract 

In the current work, a nickel bi-porous wicked cylindrical evaporator miniature loop heat pipe was developed and 

tested using pentane as the working fluid. The thermal behavior of the device was investigated, focusing on its startup 

characteristics under varying heat loads and sink temperatures. The device was subjected to a range of heat loads (5 

W, 15 W, 25 W, 20W, 30 W, 35 W, and 45 W) while maintaining a constant sink temperature, followed by tests at 

different sink temperatures (5°C, 10°C, 15°C, and 20°C) with fixed heat loads. It was found that the startup time 

initially decreases with increasing heat load due to enhanced vaporization of the working fluid, leading to quicker 

establishment of vapor pressure. However, beyond a certain limit, increased heat loads result in longer startup times 

due to heat leakage in the compensation chamber and two-phase flow instabilities. Additionally, higher sink 

temperatures were found to increase the evaporator temperatures, contributing to longer startup times to reduced 

temperature gradients. The findings provide insights into optimizing the loop heat pipe’s performance for effective 

thermal management of electronic systems. 

Keywords: Miniature loop heat pipe; Startup; Temperature overshoot; Cylindrical evaporator; Bi-porous wick 

1. Introduction

Modern compact electronic devices require high 

heat dissipation from the heat generating area for 

their proper functioning. A loop heat pipe (LHP) is 

a passive two-phase heat transfer device [1] that has 

the potential to overcome ongoing and future 

heating issues [2]. The device has a wick structure 

[3, 4] that utilizes the capillary action [5] to circulate 

the fluid inside the loop, thus obviating the need for 

an external power source. Therefore, LHP is very 

suitable for space and remote applications [6, 7]. 

Miniaturization of modern electronic devices has 

necessitated small-size LHPs, namely, miniature 

loop heat pipes (mLHPs) and micro loop heat pipes. 

Various equipment, which are very sensitive to 

temperature need precise control of this. There are 

several literatures available that has observed 

temperature overshoot in the startup of the device 

[8-11] Therefore, studies of the startup of the device 

become very important. Vershinin, S. V., and 

Maydanik, Y. F [12], studied the pulsation in 

evaporator temperature at different conditions and 

found distribution of working fluid plays a major 

role in the pulsation of evaporator temperature. Feng 

et al. [13] experimentally studied the instability of a 

dual compensation chamber loop heat pipe. They 

focused on temperature oscillation, temperature 

hysteresis, and flow reversal and found low heat 

load startup: temperature hysteresis and reverse 

flow appear. At low heat load startups, temperature 

oscillation was also observed. Celata et al. [14] 

compared the favorable position (the compensation 

chamber above the evaporator) of the device with 

the unfavorable position (the compensation 

chamber below the evaporator) during the startup 

test. For both positions, startup had taken a longer 

time. At the heat load of 20 W, the device took 50 

min for the startup, and at 50 W it took 20 min. 

Starting up the device required a heat load of at least 

20W. Qu et al. [15] designed a dual evaporator loop 

heat pipe to study the startup behavior of the device 

at different conditions. They found liquid-vapour 

distribution in the evaporator core and vapour grove 

had a significant role in startup and the best 

distribution was when there was liquid inside the 

evaporator core and vapour inside the vapour 

grooves. Visual experiments were carried out by Du 

et al. [16] to understand the behaviour of 

temperature oscillation in the LHP device. They 

also studied the nature of temperature oscillation 

under different heat loads and filling ratios. It was 

found that by increasing the filling ratio temperature 

oscillation was delay and at higher heat load startup 

time decreased and oscillation frequency increased 

due to increase in evaporation rate. To control the 

temperature overshoot at high heat loads of 180 W 

to 270 W Kwon et al. [17] successfully 

implemented a bypass line between the evaporator 

and compensation chamber to avoid overheating. 

Bai et al. [18] and Fu et al. [19] successfully 
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implemented dual compensation chamber LHP 

(DCCLHP) to focus on the issue related to the 

orientation and improve the low heat startup 

performance. The DCCLHP also lowered the 

evaporator temperature and worked properly at low 

inventory, compared to the conventional LHP.  
 

2. Methodology  

The current fabricated miniature loop heat pipe 

(mLHP) has a bi-porous nickel wick cylindrical 

evaporator, as shown in Figure 1. For the bi-porous 

wick, 30 % salt (NaCl) by volume was used as a 

pore former and well mixed with nickel powder. 

The powder was compacted and sintered inside the 

evaporator tube to avoid the fitting problem and 

thermal contact resistance between the wick and the 

evaporator wall. The tubing of the liquid line (LL) 

and vapor line (VL) were made of stainless steel and 

had an inner diameter of 4 mm. The length of the 

liquid and vapor lines were 500 mm and 350 mm, 

respectively. 

2.1. Experimental setup 

    For the final setup, the device first went for a 

leakage test. After successful leak testing of the 

mLHP, the device was charged with pentane 

working fluid at a charging ratio of 50%, and other 

details are listed in Table 1. The temperature at 

different locations of the device was recorded with 

the help of a fine wire T-type thermocouple and 

data acquisition system, as shown in Figure 2. A 

flat cartridge heater of dimension 3 mm x 10 mm 

x 50 mm was used to mimic the heat source for the 

evaporator. An aluminum saddle was used to 

transfer heat from the ceramic heater's flat surface 

to the evaporator's cylindrical surface. A copper-

finned heat exchanger, dimension 150 mm x 200 

mm was used as a heat sink. A Recirculating 

chiller maintained the heat sink temperature at the 

desired value.  
 

Table 1. Description of the device 

Evaporator material Stainless steel 

Tubing material Stainless steel 

Condenser Copper fined 

Wick Nickel 

Pore former NaCl 

Working fluid Pentane 

Evaporator inner 

diameter 

10 mm 

Tube diameter 4 mm 

Evaporator 

diameter 

10 mm 

Liquid line length 500 mm 

Vapour line length 300 mm 

 
 

 

 

 
Figure 1.  The fabricated miniature loop heat pipe 

 

 

 
Figure 2.  Schematic of experimental setup 

 

3. Result and discussion 

   The temperatures at different device locations 

were recorded with time, which helped to study 

the thermal behavior of the device. The startup 

characteristic of the mLHP device was observed 

under various working conditions, such as 

different sink temperatures and heat loads. First, 

the device was tested under different heat loads 

such as 5 W, 15 W, 20 W, 25 W, 30 W, 35 W, and 

45 W while keeping the sink temperature constant. 

Then, the sink temperature was varied one by one, 

such as 5°C, 10°C, 15°C, and 20°C, while the heat 

load was fixed.  
 

3.1. Startup of mLHP 20C sink 

temperature     

   To study the startup behavior of the device, the 

temperature at different locations, such as 

evaporator (Evap), vapour line (VL), condenser 

inlet (Cin), condenser outlet (Cout), liquid line 

(LL), and compensation chamber (CC) were 

recorded with respect to time at a sink temperature 

of 20°C.  The device has a zigzag startup at 5 W, 

and the startup time was about 2000 seconds, as 

shown in Figure 3. At 20 W, the heat leak in the 
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compensation chamber (CC) was dominated, and 

the device showed a zigzag startup at about 1500 

seconds, as shown in Figure 4.      

 

Figure 3. Startup behavior of mLHP at 5 W.  

 

 

Figure 4. Startup behavior of mLHP at 20 W. 
 

 
Figure 5. Startup comparison of the device at 

different heat loads with 5C sink temperature.  

3.2. Effect of heat load on the startup 

of mLHP 

   The mLHP device was tested under various 

operating conditions to thoroughly understand its 

startup characteristics.  As shown in Figure 5, the 

startup of the mLHP device under different heat 

loads such as 5 W, 15 W, 25 W, 35 W, and 45 W 

for a sink temperature of 5°C. The steady-state 

temperature at 5 W heat load was about 37.2°C, 

and the startup time was approximately 21 

minutes. At a heat load value of 15 W, it seemed 

that the device had reached a steady state with a 

temperature of 36.5°C, but as 42.5 minutes passed, 

the temperature suddenly started to decrease. 

After approximately 10 minutes, it settled at a 

comparatively lower final steady-state 

temperature of 24°C. At 25 W heat load, the 

device's startup time was comparatively very low, 

about 3.9 minutes, and the steady state 

temperature was 42°C. As further heat load value 

increased from 35 W to 45 W, startup time and 

steady-state temperature were also increased from 

29.6 minutes to 32.95 minutes and 83.5°C to 

109°C, respectively.   

   The temperature of the heat sink increased to 

10°C while maintaining the same heat load values 

of 5 W, 15 W, 25 W, 35 W, and 45 W. At a heat 

load of 25 W, the device experienced a minor 

overshoot. The overshoot and steady-state 

temperature at 25 W heat load were 57.5°C and 

50.25°C, as illustrated in Figure 6. Although the 

startup trend at 10°C and 5°C sink temperatures 

for the remaining heat loads (4 W, 15 W, 35 W, 

and 45 W) was similar, the startup time and 

steady-state temperature differed. Increasing the 

sink temperature resulted in an increase in the 

evaporator temperature.   
 

 

 
Figure 6. Startup comparison of the device at 

different heat loads with 10C sink temperature. 
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Figure 7. Startup comparison of the device at 

different heat loads with 15C sink temperature. 

 

 
Figure 8. Startup comparison of the device at 

different heat loads with 20C sink temperature. 
 

   Figure 7 and Figure 8 showed the evaporator 

temperature of the device with respect to time at 

sink temperatures of 15 °C and 20 °C, 

respectively. In Figure 7, temperature overshoot 

for 15 W and 25 W heat loads values were 

observed, and the corresponding overshoot 

temperatures were 53.4°C and 56.87°C, and 

steady-state temperatures were 42°C and 48.5°C, 

respectively. 

   The startup time of the mLHP initially decreases 

with an increase in heat load but then starts to 

increase again. Higher heat loads can lead to more 

rapid vaporization of the working fluid in the 

evaporator. This can quickly create sufficient 

vapor pressure to drive the fluid through the loop, 

which results in a decrease in startup time. On 

further increasing the heat load, the heat leakage 

(evaporator to Compensation chamber) also 

increases, which can trigger two-phase flow 

instabilities, such as boiling crises or liquid slugs. 

These instabilities can disrupt the regular 

operation of the mLHP and delay startup. Also, as 

the heat load continues to increase, the evaporator 

may reach saturation, where the liquid cannot 

absorb any more heat without vaporizing. This can 

lead to a decrease in the temperature difference 

and a slower startup process. 

3.3. Effect of sink temperature on the 

startup of mLHP 

The thermal performance of the mLHP device was 

compared under different sink temperatures such 

as 5°C, 10°C, 15°C, and 20°C while keeping the 

heat load constant. The Figure 9 shows the startup 

behavior of the device at a low heat load, which 

was 5 W. The startup time for all sink 

temperatures was nearly 20 minutes except for the 

15 °C sink temperature, which was about 24.75 

minutes. The device's behavior was quite different 

at 15 W as shown Figure 10. The graphs showed 

that the device had maintained a constant 

evaporator temperature for a long time but was 

still not in a steady state. After some time, the 

evaporator temperature started to decrease and 

settled for a lower steady-state temperature. At 25 

W heat load, all sink temperatures startup were 

overshoot zigzag as shown in Figure 11. The 

startup was smooth for a heat load value of 45 W, 

as shown in Figure 12. 

   The start-up time and evaporator temperature 

have a clear relationship with the sink 

temperature. A smaller temperature gradient 

between the evaporator and the sink means less 

driving force for heat transfer. This can lead to a 

slower rate of heat transfer from the evaporator to 

the condenser, which leads to a rise in evaporator 
 

 
Figure 9. Effect of heat sink temperature on the 

startup behavior of the device at heat load 5 W 
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Figure 10. Effect of heat sink temperature on the 

startup behavior of the device at heat load 15 W 
 

 
 

Figure 11. Effect of heat sink temperature on the 

startup behavior of the device at heat load 25 W 
 

 

Figure 12. Effect of heat sink temperature on the 

startup behavior of the device at heat load 45 W. 
 

temperature at higher sink temperatures. A higher 

sink temperature can increase the vapor pressure 

in the condenser. This can reduce the pressure 

difference between the evaporator and the 

condenser, which is crucial for driving the vapour 

flow through the loop, which leads to increase in 

startup time. 
 

4. Conclusions 

A nickel bi-porous wicked cylindrical 

evaporator mLHP was successfully fabricated and 

tested under various operating conditions.  The 

device was charged (50%) with pentane as the 

working fluid. Temperature overshoots were 

observed at 15 W and 25 W heat load for all sink 

temperatures except 5°C. The relationship 

between heat load and startup time demonstrates 

that, while moderate increases in heat load 

facilitate quicker startups through enhanced 

vaporization, excessive loads can disrupt the 

normal operation due to instabilities and heat 

leakage. Furthermore, variations in sink 

temperature significantly affect both the device's 

startup dynamics and steady-state temperatures. 

These results highlight the significance of 

maintaining a balance between heat load and sink 

temperature in order to optimize the efficiency of 

mLHP systems in practical applications. Future 

work should focus on further refining these 

parameters and exploring advanced materials or 

designs that could enhance the efficiency and 

reliability of mLHPs in diverse thermal 

management scenarios. 
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Abstract 
Pulsating heat pipes (PHP) have attracted industry attention as a promising heat transfer device for automobiles and 

aeronautics. In these applications, PHP might be exposed to a vibration environment. However, only a few studies 

have investigated the impact of vibration.  The present study reports vibration test results by changing the PHP

orientations and vibration directions, aiming to provide a complete view of the vibration impact on PHP performance 

under low to high frequencies (5-2000 Hz) typically applied for aeronautical applications. Moreover, a random 

vibration test was also performed to see the influence of actual vibration. The PHP was designed for electronics 

mounted on aeronautical vehicles. Although the number of turns was limited to six due to the envelope constraints, 

thanks to three different cross-sectional geometries, the PHP operated in a horizontal orientation as well as in bottom-

heated mode. The results of the sine-sweep and sine-dwell tests showed PHP performance was affected by the 

vibration from 20 to 70 Hz that gave the maximum acceleration of 7g: in most cases, the performance degraded except 

for a couple of cases in which the vibration direction was perpendicular to the fluid oscillation. The random vibration 

generally had less impact than the other tests.  

Keywords: Pulsating heat pipe; Vibration test; Sine-sweep; Random; Orientation; Tube cross-section  

1. Introduction

In recent years, pulsating heat pipes (PHPs) [1,

2] , also called oscillating heat pipes, have attracted

industry attention as a promising heat transfer 

device. Proposed applications for PHP include 

electronics [3, 4], automobiles [5, 6], and satellites 

[7, 8]. 

PHP might be exposed to a vibration 

environment in some applications such as 

automobiles and aeronautics. Since heat transfer in 

PHP is due to fluid oscillation, external mechanical 

vibration can affect its performance. However, only 

a few studies have investigated the impact of 

vibration. Alaei et al. [9] added low-frequency 

vibrations (10-30 Hz) to a bottom-heated PHP 

perpendicular to the fluid flow direction and found 

the vibration reduced the thermal resistance. Chen 

et al. [10] conducted an experiment in which a 

transparent PHP was subjected to local vibration 

(200-300 Hz) and reported that the vibration 

reduced the startup temperature.  

The proposed study reports vibration test results 

with changing PHP orientations and vibration 

directions, aiming to provide a complete view of the 

vibration impact on PHP performance under low to 

high frequencies (5-2000 Hz) typically applied for 

terrestrial and aeronautical applications. Moreover, a

random vibration test was also performed to see the 

influence of actual vibration. The PHP was designed 

for electronics mounted on aeronautical vehicles. 

Although the number of turns was limited to six due 

to the envelope constraints, thanks to three different 

cross-sectional geometries, the PHP operated in a 

horizontal orientation as well as in bottom-heated 

mode.  The vibration tests were conducted in three 

different PHP orientations. 

2. Experimental setup

2.1. Pulsating heat pipe 

A six-turn PHP with a stainless steel (SS316L) 

seamless pipe was designed and fabricated by 

Calyos S.A. Both pipe ends were interconnected 

with a T-junction, which realized a closed-loop PHP, 

as shown in Figure 1. The inner and outer diameters 

of the pipe are 2.5 mm and 2.0 mm, respectively. A 

part of the circular tubes mounted on the evaporator 

and condenser was deformed to a triangular cross-

section to increase the heat transfer area in direct 

contact with the active surface and allow capillary 

effect and storage of the liquid in the corners. This 

led to the improvement of the heat transfer from the 

heater to the fluid and promotes vapor generation, 

which contributes to stable fluid oscillation [11]. 

The tubes between the evaporator and condenser on 

one side of the PHP were flattened to keep the 

device thickness below 4mm. Two copper plate 

saddles are brazed to the pipe: an L 25 x W  25 x T 

0.5 mm³ and L 50 x W 65 x T 0.5 mm³, respectively, 

at the evaporator and condenser levels. Generally, 

PHP has a 180° bend part on both ends, while the 

radius of curvature of the proposed PHP is 90°. 

Paper ID 095(S5)

317



Instead, the PHP has a concentric configuration so 

that each pipe can be contacted with the plates of the 

evaporator and the condenser. A HFO refrigerant 

R1233zd(E) was charged with a filling ratio of 50 % 

as a working fluid. The PHP was pinched and 

welded so that a charging valve was detached from 

the PHP to avoid mechanical issues on the shaker. 
 

 
Figure 1.  Schematics of PHP. 

 

Twenty-six thermocouples were attached to the 

PHP; one on the heater, five on the evaporator 

saddle, six on the condenser saddle, and 14 on the 

tube surface of the adiabatic section, as shown in 

Figure 2. The thermocouples were attached using 

aluminum tape covered with Kapton tape or glued 

with Duralco 132, a high thermal conductivity 

epoxy.  
 

 
(a) 

 
(b) 

 
(c) 

Figure 2. Thermocouple locations. (a) evaporator, 

(b) condenser, and (c) adiabatic section. 
 

The temperatures measured by the 

thermocouples Evp3, Cond1, and Adb1-8 in Figure 

2 are shown as the temperatures of the evaporator, 

condenser, and adiabatic section, respectively, in 

Figures from Figure 5 to Figure 18. 
 

2.2. Vibration test setup 

The PHP's evaporator and adiabatic section 

were fixed between aluminum and stainless steel 

plates via thermal insulation sheets (Depron foam). 

An aluminum plate with four holes was mounted on 

the condenser saddle to fix the condenser on the 

shaker. A fan (RS PRO axial fan) was installed 30 

mm away from the condenser saddle, providing an 

average airflow of 1 m/s. The holes of the aluminum 

plate allowed the condenser saddle to be cooled by 

the forced air convection. The fan was supported by 

aluminum jigs that was mounted on a table outside 

of the shaker so that  the vibrations were not applied 

to the fan to avoid a damage caused by the vibration. 

A polyimide sheet heater (MINCO HAP6497) was 

glued on the flat surface of the evaporator saddle. A 

constant power was applied to the heater by a power 

supply unit (AGILENT N8762A). The power to the 

heater and temperatures were acquired and recorded 

by a data acquisition system (KEYSIGHT 34980A). 

The PHP was set on the shaker in three orientations: 

vertical bottom-heated mode (BHM), side, and 

horizontal, and vibration was applied in three 

directions in each PHP orientation as shown in 

Figure 3. As a representative example, Figure 4 

shows the test setup with the vertical bottom-heated 

mode (BHM) PHP on the shaker. 
 

(a)  

 

             (b)  

          

 

            (c)  
 

Figure 3. Test setup configuration and vibration 

direction. (a) horizontal PHP, (b) side PHP, and 

(c) BHM PHP. The arrow with “g” shows the 

gravitational direction. 
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Figure 4. Test setup on the shaker (x-axis, BHM 

PHP). 
 

2.3. Test sequence 

Table 1 lists the test conditions with the 

frequency for the sine-sweep and sine-dwell tests, 

the acceleration level for sine-dwell tests, and the 

test duration and heater power for all tests. For each 

PHP orientation and vibration direction condition, 

the sine-sweep vibration from 5Hz to 2000Hz and 

then back to  5Hz was first performed for 17 minutes 

to detect the frequency with the greatest impact on 

PHP performance. The acceleration levels were 

varied from 0.13g to 7g along an acceleration curve 

with respect to the frequency defined for 

aeronautical applications. Next, a random vibration 

test was carried out to verify the behavior of PHPs 

similar to a more representative vibration 

environment. Lastly, the sine-dwell test was done at 

the most impactful frequency based on the sine-

sweep test. Up to three frequencies were chosen at 

which the temperature change began.  The 

frequency for the sine-dwell test varied depending 

on the PHP orientations and vibration directions. 

The acceleration of the sine-dwell test was 

determined by the above-mentioned curve, but the 

notching was considered. Only in the Y-direction 

sine-dwell test of the side PHP, the acceleration was 

increased from 1g to 7g every two minutes while the 

frequency was fixed at 35Hz to evaluate the impact 

of the acceleration on the PHP behavior. The Z-

direction sine-dwell test of the BHM PHP was not 

conducted due to the limitation of testing time. 

 The nominal durations of the random and sine-

dwell tests were five minutes and ten minutes, 

respectively in line with the system thermal time 

constant. The duration was extended when the 

temperature kept increasing or dropping during the 

vibration.   

Before the first test (i.e., sine-sweep test), a low-

level sine sweep was performed to obtain 

mechanical response data of the setup and to set up 

notching if necessary, with the acceleration level of 

0.1g. The acceleration level above 1000Hz in most 

sine-sweep tests was reduced from the planned 7g 

to 1.7g because resonance was generally observed 

at higher frequencies than a several hundred hertz. 

This did not affect the sine-dwell tests because the 

major temperature change was typically found at the 

low frequency below 100Hz and therefore the dwell 

tests were conducted at the low frequencies, as 

described in section 3.1. All the vibration tests were 

conducted after the PHP reached a thermally steady 

state.  

The heater power (Q) was fixed at 5W for the 

horizontal and side PHPs as it was the maximum 

power for them, while 7.5W and 30W were applied 

to the BHM PHP because it was able to transfer 

more than 30W. 
 

Table 1. Test conditions. X, Y, and Z show the 

vibration directions according to Figure 3. 

 
 

Horizontal 

PHP
Side PHP

5 5 7.5 30

Sine-

sweep

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

15 Hz

1.2 g, 

11 min.

50 Hz

7 g, 

10 min.

35 Hz

7 g,

10 min.

225 Hz

1.7 g,

10 min.

260 Hz

1.7 g,

10 min.

Random 5 min. 5 min. 5 min. 5 min.

Sine-

sweep

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

35 Hz

7 g, 

10 min.

35 Hz

1 - 7 g

 (2 min. 

each)

Random 5 min. 5 min. 5 min. 5 min.

Sine-

sweep

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

5 Hz - 

2000 Hz - 

5 Hz, 

17 min.

30 Hz

4.19 g,

20 min.

50 Hz

7 g,

20 min.

Random 5 min. 5 min. 5 min.
6 min.(1st)

5 min. (2nd)

BHM PHPOrientation

Heater power 

[W]

X

Dwell N/A
50 Hz

7 g,

10 min.

1850 Hz

4 g, 

10 min.

Y

Dwell

50 Hz

7 g, 

10 min.

35 Hz 

 7 g, 

10 min.

35 Hz

7 g, 

10 min.

Z
Dwell N/A N/A

60 Hz

7 g
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3. Results 

3.1 Sine-sweep and sine-dwell  

vibrations parallel to fluid 

oscillation  

During the sine-sweep, the change in the PHP 

temperatures was mainly observed at a low 

frequency range from 20 to 70Hz, regardless of the 

PHP orientations and vibration directions. Figure 5, 

Figure 6 and Figure 7 are representative examples 

of the temperature evolution during the sine-sweep 

tests. At the low frequency mentioned above, the 

evaporator temperatures increased, and condensers 

dropped, but then each returned to its original 

temperature or even lower in a few minutes before 

the frequency reached 100Hz. The same behavior 

was seen during the down-sweep vibration around 

the same frequency as the up-sweep. The vibration 

direction was parallel to the fluid oscillation in all 

three cases, whereas the BHM PHP (Figure 7) 

showed less influence of the vibration on the PHP 

performance than the horizontal (Figure 5) and side 

PHP (Figure 6).  
 

 
Figure 5. Sine-sweep (Y-direction) test result of 

horizontal PHP. 
 

 
Figure 6. Sine-sweep (Y-direction) test result of 

Side PHP. 
 

 
Figure 7. Sine-sweep test (Z-direction) result of 

BHM PHP (Q = 7.5 W). 
 

For sine-dwell tests of the horizontal and side 

PHPs, 50Hz and 35Hz were chosen, respectively, at 

which the evaporator temperature started rising and 

the condenser temperature dropped. Figure 8 shows 

the temperature evolution of the horizontal PHP. 

The temperatures showed a reaction, i.e., 

increasing or decreasing, in a few seconds after the 

vibration started. Same as the sine-sweep test, the 

PHP showed a partial dry-out, i.e., the evaporator 

temperature rose, and the condenser dropped. On 

the other hand, however, the temperatures did not 

return to their original level but remained higher or 

lower than those before the vibration. Yet the PHP 

did not completely lose its function, since the 

evaporator temperature was 50 °C lower than that of 

the empty PHP with the same power input to the 

heater. It should be noted that the temperatures 

returned to the original level immediately after the 

vibration stopped. 
 

 

 
Figure 8. Sine-dwell test (50Hz / 7g, Y-direction) 

result of horizontal PHP. 
 

Figure 9 shows the temperature evolution of the 

side PHP during the Y-direction sine-dwell test at 

35Hz / 7g. The PHP performance was degraded by 

the vibration same as seen in Figure 7. Moreover, 

the temperature fluctuation was induced in the 
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evaporator, which disappeared once the vibration 

terminated. 
 

 
Figure 9. Sine-dwell test (35Hz / 7g, Y-direction) 

result of Side PHP. 
 

After the test of Figure 9, the acceleration was 

changed from 1g to 7g by fixing the frequency at 

35Hz. The temperature evolution is shown in Figure 

10. The vibration effect began to be seen around 2-

3 g by the spikes and the drift of the evaporator 

temperature. This grew to the periodic fluctuation 

around 4-5g, and eventually the oscillation that was 

similar to the one in Figure 9 appeared at 6-7g. The 

result demonstrated the largest acceleration (i.e., 7 

g) in the low frequency between 35Hz to 60Hz 

could cause the temporal performance degradation 

of the PHP during the sine-sweep tests.  
 

 
Figure 10. Sine-dwell test (35Hz / 1-7g, Y-

direction) result of Side PHP. 
 

3.2 Sine-sweep and sine-dwell  

vibrations perpendicular to fluid 

oscillation   

Compared to the vibration parallel to the fluid 

oscillation, the vibration perpendicular to it had a 

different or less impact on degrading the PHP 

behavior. Figure 11 shows the temperature 

evolution during the Z-direction sine-dwell test of 

the side PHP. The intermittent spikes appeared in 

the evaporator temperature during the vibration, 

which indicated a stop-over of the fluid oscillation 

i.e. a drying-rewetting aperiodic mode at evapator 

level. Apart from this, the temperature stayed the 

same level as before the vibration.  

 

 
Figure 11. Sine-dwell test (30 Hz / 4.19g, Z-

direction) result of Side PHP. 
 

The vibration influence was smaller on the 

horizontal PHP than on the side PHP in some cases. 

Figure 12 shows the result of the sine-dwell test at 

15Hz. The PHP performance was not influenced as 

much as other test results shown before, though 

temperature fluctuations appeared slightly more 

intense than before the vibration. The temperature 

change appeared around 15Hz in the sine-sweep test 

as shown in Figure 13, there was the possibility that 

the low acceleration level of 1.4g mitigated the 

impact during the sine-dwell test. 
 

 

 
Figure 12. Sine-dwell test (15Hz / 1.4g, X-

direction) result of horizontal PHP. 
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Figure 13. Sine-sweep test (X-direction) result of 

horizontal PHP. 
 

Among all the sine-dwell vibration tests, there 

were only two cases in which the PHP performance 

was improved by the vibration. One was conducted 

at the frequency of 50Hz in the X direction for the 

horizontal PHP, as shown in Figure 14. The 

temperature oscillation that was seen before the 

vibration was relaxed and the evaporator 

temperature decreased 3-4 °C. This suggested that 

the vibration changed the flow regime inside the 

PHP, though a detailed interpretation was difficult 

without a visualization of the flow. The other case 

of performance improvement was the side PHP in 

X-direction vibration at 50Hz / 7g, which is 

discussed in section 4. 
 

 
Figure 14. Sine-dwell test (50Hz / 7g, X-direction) 

result of horizontal PHP. 
 

The BHM PHP also had less impact on its 

performance compared to the parallel vibration, as 

shown in Figure 15.  No obvious impact on the 

temperature was found apart from the 1K decrease 

in the evaporator temperatures after the vibration. 

On the other hand, when there was a heat input of 

30W instead of 7.5W, the PHP performance was 

degraded more obviously, as shown in Figure 16. 

This suggested that the fluid oscillation that was 

close to its operational limit was more affected by 

the vibration. 
 

 
 

Figure 15. Sine-dwell test (35Hz / 7g, Y-direction) 

result of BHM PHP (Q = 7.5W). 
 

 
 

Figure 16. Sine-dwell test (35Hz / 7g, Y-direction) 

result of BHM PHP (Q = 30W). 
 

Whereas most of the sine-dwell tests were 

conducted with a frequency less than 100Hz without 

considering the mechanical resonance of the PHP, 

the BHM PHP was tested at its resonance frequency 

of 260Hz. The temperature evolution is shown in 

Figure 17. No significant change was seen in the 

temperatures, which indicated that the mechanical 

resonance did not impact the hydraulic and thermal 

behavior. 
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Figure 17. Sine-dwell test (260Hz  / 1.7g, X-

direction) result of BHM PHP (Q = 7.5W). 
 

3.3 Random vibration effects 

Compared to the sine-dwell vibration, the 

random vibration had less impact on the PHP 

performance in general. As one of the most affected 

results, Figure 18 shows the temperature evolution 

of the side PHP at the Y-direction vibration, i.e., 

parallel to the fluid oscillation. The evaporator 

temperature increased by about 1K during the 

vibration and decreased by 2K after it, which led 

lower temperature than that before the vibration. 
 

 

 
Figure 18. Random test (Y-direction) result of 

side PHP. 
 

A significant change was seen in the 

temperatures of the BHM PHP (Q = 30 W) during 

the Z-direction random cycle, as shown in Figure 

19. The temperature oscillation suddenly 

disappeared in the middle of the vibration and did 

not appear again even after the vibration stopped. 

The random vibration was loaded to the PHP again 

with the same conditions, but the temperature 

oscillation did not come back except for a 

fluctuation shown in Figure 20.  

 
 

Figure 19. First random test (Z-direction) result 

of BHM PHP (Q = 30W). 
 

 
 

Figure 20. Second random test (Z-direction) result 

of BHM PHP (Q = 30W). 
 

4. Discussion 

In sine-sweep tests, generally, no significant 

change in temperature was found at the high 

frequency above 300Hz. On the other hand, the 

evaporator temperature decreased, and the 

condenser increased at low frequency i.e. around 

20 to 40Hz. Then, the temperature returned to the 

original temperature level at about 60Hz. It is 

important to notice that the frequency that 

influenced the fluid oscillation could be slightly 

different from the above identified frequencies as 

any change in hydraulic behavior take time to 

induce a measurable effect of temperature 

evolution.  

The sine-dwell tests showed different results 

depending on the PHP orientation and vibration 

frequencies as summarized in Table 2. The 
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influence on the PHP was grouped into seven 

categories as shown in the color map. In most of 

the cases, the PHP performance degraded, i.e., the 

thermal resistance between the evaporator and the 

condenser, Rth, increased during the vibration. The 

worst case was that the fluid oscillation stopped, 

and the evaporator temperature increased (color; 

yellow). In other cases, the temperature oscillation 

continued such as in Figure 9, or the stop-over was 

observed like Figure 11. Importantly, however, as 

soon as the vibration stopped, this behavior 

disappeared and the Rth returned to the level before 

the vibration. It can be said that the changes 

caused by sine-dwell and sine-sweep vibrations 

were not irreversible. 

 The vibration affected the PHP performance 

more when it was parallel to the fluid oscillation 

than when it was perpendicular to it, though the 

latter also caused the Rth increase. The 

improvement in Rth (color: green) was only 

observed in the horizontal and side PHP when the 

perpendicular vibration (X-direction) was loaded. 

Interestingly,  this occurred at the same frequency 

of 50Hz. In both cases, the temperature 

oscillations disappeared during the vibrations. 

There were no sine-dwell tests where Rth 

decreased during the presence of temperature 

oscillations. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 
 

 

Table 2. Synthesis of the sine-dwell test results. 

See the color map below for the colors in the 

“temp. reaction” column. 

 
  

          Color map for the temperature reaction 

        
 

5. Conclusions 

A PHP was designed, and a prototype was 

fabricated for electronics mounted on aeronautical 

vehicles where the PHP will be exposed to a 

vibration. Since heat transfer in PHP is due to fluid 

oscillation, external mechanical vibration can affect 

its performance. The PHP was tested under the sine-

sweep, sine-dwell, and random vibration, aiming to 

provide a complete view of the vibration impact 

on PHP performance under low to high 

frequencies (5-2000Hz) typically applied for 

aeronautical applications in the development 

process.  The PHP consisted of six-turns stainless 

steel tubes with different cross-sectional 

geometries so that the PHP operated in a 

horizontal orientation as well as in bottom-heated 

mode. The main outcomes of the vibration tests 

were as follows: 

• The temperature measuring the tube 

surface reacted in a few seconds after the vibration 

started in the sine-dwell tests. 

• The results of the sine-sweep and sine-

dwell tests showed PHP performance was affected 

PHP 
orientation

Vibration 
direction

Heater 
power 

[W]

frequency 
[Hz]

acceleration 
level [g]

temp. 
reaction

Horizontal X 5 15 1.2 W
Hrz X 5 50 7 G
Hrz Y 5 50 7 Y
Hrz Z 5 30 4.19 O
Hrz Z 5 50 7 Y

Side X 5 50 7 O
Side X 5 50 7 G
Side X 5 1850 4 Y
Side Y 5 35 7 O
Side Y 5 35 1 O
Side Y 5 35 2 O
Side Y 5 35 3 O
Side Y 5 35 4 O
Side Y 5 35 5 O
Side Y 5 35 6 O
Side Y 5 35 7 O
Side Z 5 30 4.19 P
Side Z 5 60 7 P
BHM X 30 35 7 Y
BHM X 30 225 1.7 Y
BHM X 30 260 1.7 W
BHM Y 30 35 7 Y
BHM Y 7.5 35 7 O

with temp. 
oscillation

w/o 
oscillation

periodic 
dry-out

No change

Rth ↑
Rth ↓ not observed not observed
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by the vibration from 20 to 70Hz that gave the 

maximum acceleration of 7g. 

• The behavior observed during the 

vibration tests such as partial dry-out or stop-over 

disappeared immediately after the vibration 

stopped. 

• Generally, no significant impact was seen 

at a frequency higher than 100Hz. 

• In most test cases, the performance 

degraded except for a couple of cases in which the 

vibration direction was perpendicular to the fluid 

oscillation and the PHP orientation was side or 

horizontal. 

• The vertical bottom-heated PHP was less 

influenced by the vibration than the horizontal and 

side PHP. 

• The random vibration generally had less 

impact than the other tests. 

PHPs are increasingly attracting industry attention 

as innovative heat transfer devices. What this 

study reports will provide useful data for the use 

of PHP in environments where mechanical 

vibrations are applied, such as aircraft and 

automobiles. 
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Abstract 

In this experimental study the “-dcc box” component of a Capillary Jet Loop architecture (CJL-dcc) is submitted to 

vibration on a shaker first in the z-axis direction i.e. the direction of the “-dcc tube” and second in the transverse x-axis 

direction. The two-phase ring (TPR) provides the liquid to the capillary structure and the capillary evaporator induces 

vapor jets thanks to four injector elements in parallel. The momentum exchange between the high velocity acetone vapor 

flows and the low velocity of the subcooled liquid ensures both transport and condensation functions before the connecting 

lines. This paper discusses the design, material and experimental performances of this specific demonstrator able to transfer 

1.57 kW from a 90 x 90 mm² footprint heater. The two type of vibrations cycles are investigated: random and sine sweep. 

Based on the thermal reaction of the CJL during the sine sweeps, several spot frequencies are selected on both z-axis and 

x-axis to perform spot frequency vibration during a period long enough to reach the system thermal steady state.   

Keywords: Direct Contact Condensation; Injector; Ejector; Capillary Thermosyphon; Capillary Jet Loop; Vapor Driven 

Pump.  

1. Introduction

Passive two-phase capillary heat transport 

technologies can be used for thermal management 

in aircraft (sub) systems and/or components. In 

particular,  Loop Heat Pipe has been proposed and 

successfully tested on several projects but suffers 

several limitations. The first one is due to the 

presence of vapor and liquid in the transport lines 

that makes the system sensitive to the acceleration 

forces and limits the transport distance and/or the 

use of ammonia as a working fluid. Moreover, if for 

any reason the design acceleration is exceeded, the 

capillary evaporator deprimes and the hot source 

must be cut off before any new heat application, 

therefore limiting the operability of the aircraft. The 

second key point is to ensure uniform heat 

distribution regardless of the combination of aircraft 

attitude, available power, and local acceleration. 

With parallel connections inside the condenser, 

additional pressure drops are necessary to 

successfully distribute the flow and both the vapor 

quality and the hydrostatic head between channels 

make condenser sizing difficult. To overcome these 

difficulties, the Capillary Jet loop operating in direct 

condensation mode (CJL-dcc) transforms a two-

phase flow into a single-phase system [1-4]. 

2. Direct contact condensation with a

Capillary Jet Loop (CJL-dcc) 

The working principle of the CJL-dcc is 

presented in detail in [2], it is a combination of a jet 

pump driven by the vapor flow generated by one or 

more capillary evaporators. The momentum 

exchange between the high velocity vapor and the 

so-called two-phase ring (TPR) flow induces the 

fluid motion thanks to the injector elements. The 

key point of the design in direct condensation mode 

is to ensure complete condensation before reaching 

the transport line to lower the acceleration effect. In 

comparison to “LHP vapor driven system” [5-6], the 

CJL is more a “CPL vapor driven system” because 

it is possible to operate several evaporator in parallel 

without conflict between the different compensation 

chambers. In case of reservoir function need, it shall 

be located at the outlet of the -dcc tube. Today the 

LHP vapor driven [5-6] have only been operated 

with steam and water is an issue in terms of 

chemical compatibility (with usual material except 

titanium,) and operation during freezing conditions 

in particular cold startup, typically at -55°C for 

aeronautical devices. CJL architecture allows to use 

acetone [2, 4] for better performances or 

R1233zd(E) [3] working fluid for safety reasons. 

The refrigerant CJL [3] was equipped with a 

single injector and the condensation performed in 

the TPR itself i.e. the vapor was potentially able to 

reach the subcooler. To transfer higher heat load 

(HL), it is convenient to use several injectors in 

parallel, creating a new component so-called “-dcc 

box”, from where, by design, the vapor is unable to 

escape [4]. Such architecture has been successfully 
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tested, on ground condition, to transport heat from a 

hot oil flow as heat source to a composite material 

as coolant surface that is part of the nacelle in a 

turboprop transport aircraft [4]. It performs both ice 

protection and oil cooling. This Bisance 

demonstrator was tested with a single capillary loop 

and four injectors “-dcc box” component with 

acetone for better performance. A strong coupling 

between the condensation performance and the 

entrainment ratio has been clearly identified.  

LHP operation under vibrations have been 

extensively tested in the past, leading to the 

conclusion that capillary evaporator is insensitive to 

the standard level encountered during aeronautical 

most severe qualification cycles. A good example is 

an ammonia LHP given in [7]. At the pore scale the 

acceleration effects on the liquid/vapor interface are 

completely damped by the viscosity forces. A 

method to predict such a resonance capillary tubes 

is discussed in §8.1. 

Because vibrations can strongly deform the 

liquid/vapor interface (vapor jet and/or bubbles) 

inside macroscale tubes, they might impact both 

thermal and hydraulic performances of the CJL 

operating in -dcc mode. Thus, the present work 

focus on the vibrations impact of this specific 

element of the thermal architecture i.e. the “-dcc box” 

component with limited change on the other 

elements. 
 

2.1 Eloise CJL demonstrator 

The Eloise demonstrator, presented in ‘Figure 1’, 

is an upgraded variation of the previous Bisance RS-

0/1 demonstrator [4].  

 

 
 

Figure 1. main components and thermocouple’s 

locations of the Eloise CJL demonstrator. 
 

The working fluid remains acetone. The single 

evaporator thermal performances are evaluated 

from the temperature of 2 thermocouples - bonded 

inside a 1.2 mm width groove inside the 5 mm 

thickness wall – and averaged to determine T Ev wall 

with an uncertainty of +/-0.3K. The other 

thermocouples are located outside the tube of the 

system except the subcooler inlet and outlet that are 

intrusive. The absolute system pressure is measured 

at the top of the “-dcc box” (cf ‘Figure 1’) with an 

absolute pressure transducer Keller PAA-33X, 0-10 

bars pressure transducer with an accuracy of 0.10% 

EM i.e. +/-10 mbar, on the measurement range This 

pressure is used to determine the saturation 

temperature Tsat(Ploop) from the NIST Refprop data 

for acetone. After the breaking of the flexible line 

the transducer has been located at subcooler level (cf. 

‘Table 1’). The heating element is an aluminum 

block equipped with two heating cartridges. The 

contact area (thermal grease) is 90 x 90 mm² i.e. 

1’570 W gives 19.4W/cm². 

The cold source is a tube-in-tube subcooler 

exchanger connected with an ethylene-glycol water 

coolant loop. The subcooler is based on twelve 

7x0.25mm copper inner grooved tube (IGT) with a 

pitch of 22mm The IGT active length is 360mm and 

the 14.0mm internal diameter stainless steel 

manifold (distributor or collector) include a 19.0mm 

extra length before Swagelok union. A 0.5mm thick 

annular counterflow is created around each IGT 

with mass flow set to 5LPM (Water93%-EG7%) at  

+20°C for any test. Several type-T thermocouples 

and one absolute pressure transducer permit to 

estimate the various thermal resistances along the 

thermal chain and the entrainment ratio of the TPR 

[4] as presented in §4.2.  

The data acquisition device is a standard Agilent 

3472A connected to a PC via an Ethernet 

connection and a LabVIEW interface. 
 

2.2 Specific “-dcc box” design for 

shaker operation 

The original aluminum “-dcc box” component [4] 

is modified with flexibles stainless steel lines and is 

a full stainless steel assembly vertically oriented (cf. 

‘Figure 2’). This orientation led to a positive effect 

of the acceleration of the gravity. The internal 

design keeps the original internal components with 

four 344mm long 12mm internal diameter and 

straight “-dcc tubes” coaxial to the 3.1mm injector.  

An overview of the “-dcc box” component bolted 

to the shaker is presented in ‘Figure 3’. Some 

calculations performed by V2i lead to a specific 

mechanical design for the exit tube in the center that 

shall be maintained with some reinforcement. The 

resonance frequency of the “-dcc tubes were 

supposed to be over 534Hz. In fact a rattling noise 

during the first x-axis shaking campaign tentative 

capillary evaporator 

tube-in-tube  

 subcooler 

-dcc box component 
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led to a modification of the internal design with 

several welding point to better maintain the -dcc 

tubes together (Ib in ‘Table 1’) solved this problem.   

A robust aluminum structure maintains the “-dcc 

box” component on the shaker base plate. This 

hardware version allows us to limit the effect of the 

vibrations cycle to the physics of the vapor injection 

inside a confined subcooled flow.  

 
Figure 2. vertical “-dcc box” component design 

of the Eloise CJL demonstrator with 3D printed 

injector part and the aluminum external structure. 
 

3. Vibration tests campaign 

 The demonstration is tested in the V2i facility 

with a Dongling BT600M shaker capable of a 

maximum acceleration of 43.7g, a maximum 

displacement of 76mm, a maximum usable 

frequency of 2’000Hz with an effective moving 

mass of 80kg. The size of the slip plate is 0.6x0.6m².  

 
Figure 3. Eloise CJL demonstrator with the “-dcc 

box” component bolted on the shaker for z-axis test 

(left) and (x-axis) tests. 
 

‘Table 1’ gives the tests conditions corresponding 

to each test number used here after in the legend of 

the graphs or in the text. Only some representative 

CJL parameter evolution graphs are given in the 

present publication but synthesis figures are based 

on the whole database. 
 

Table 1. definition of the test campaign. 

 

4. Data reduction 

4.1 Saturation temperature 

measurement 

An accurate evaluation of the saturation condition 

inside the loop is necessary to correctly evaluate the 

L 
-dcc MAXI

 = 344 mm  

3.1mm i.d. vapor injector 
(x4) 

12mm i.d. -dcc tube 
(x4) 

to subcooler  

from  
sub. 

from capillary 
evaporator 

z-axis 

x-axis 
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part of the vaporized heat load and the enthalpy 

balance at both subcooler and capillary evaporator. 

‘Figure 4’ shows the comparison of the saturation 

temperature calculated from the signal given by the 

pressure transducer located at the top of the “-dcc 

box” to the external temperature of the vapor tube at 

the inlet of the manifold of the four injectors. The 

match is very good. As discussed, during the 

campaign the location of the pressure transducer has 

been moved after test #12 from the top of the -dcc 

box (breaking of the connecting flexible line and 

strong signal reaction during the x-axis shaker 

solicitations). Thus, T Ev OUT value is chosen as 

saturation temperature to perform the analysis.    
 

 
Figure 4. external vapor tube temperature versus 

acetone saturation temperature calculated from the 

pressure at the top of the -dcc box. 
 

 

4.2 CJL   entrainment factor  

The two-phase ring entrainment ratio  is 

arbitrary defined by: 

𝑚̇𝑇𝑃𝑅 = 𝛾−𝑑𝑐𝑐 𝑚𝑖𝑛 𝑚̇𝑣𝑎𝑝                                         (1) 
 

where the vaporized heat load is given by the 

following enthalpy balance: 
 

𝑚̇𝑣𝑎𝑝 = ∆ℎ𝐿𝑉 + 𝐶𝑝𝐿(𝑇𝐸𝑣 𝑂𝑈𝑇 − 𝑇𝑠𝑢𝑏 𝑂𝑈𝑇 1)    

(2) 
The acetone mass flow rate inside the TPR is not 

directly measured. Thus, this calculation only gives 

a minimum value because, by “-dcc box” 

component design, fully condensation is achieved to 

reach a steady state and the heat shall be released at 

subcooler level (in single phase liquid condition) to 

reach steady state leading to the following relation: 
   

𝛾−𝑑𝑐𝑐 𝑚𝑖𝑛 =
∆ℎ𝐿𝑉 + 𝐶𝑝𝐿(𝑇𝐸𝑣 𝑂𝑈𝑇−𝑇𝑠𝑢𝑏 𝑂𝑈𝑇 1) 

𝐶𝑝𝐿(𝑇𝑠𝑢𝑏 𝐼𝑁 1−𝑇𝑠𝑢𝑏 𝑂𝑈𝑇 1) 
   (3) 

 

In summary, it is possible to determine the -dcc min 

factor with only three thermocouples; one on the 

external part of the vapor tube (pt ‘2’) and the two 

intrusive one’s located in the middle of liquid flow 

at the inlet and the outlet of the subcooler (pt. ‘6’ and 

‘7’) on the CJL circuit of Figure 5. The higher is -

dcc min the better is the hydraulic performance and, 

also, the global thermal  performance (because of 

the temperature gradient at subcooler level). More 

details are available on  [4]. 
 

 
Figure 5. schematic view of the CJL circuits 

 

 

4.3 CJL global thermal 

resistance 

The global thermal resistance of the system is 

based on the total thermal gradient in the system, 

including the liquid cooling exchanger side. The 

lower is Rthglobal the better is the CJL performance. 

It is given by the following equation: 
 

𝑅𝑡ℎ𝑔𝑙𝑜𝑏𝑎𝑙 =
0.5(𝑇𝐸𝑣 𝑤𝑎𝑙𝑙 1+𝑇𝐸𝑣 𝑤𝑎𝑙𝑙 2)−𝑇𝑤𝑎𝑡𝑒𝑟 𝐼𝑁

𝑄𝐻𝐿 
     

(4) 

5. CJL performances without vibrations 

‘Figure 6’ shows both global thermal resistance 

and  entrainment ratio, versus the heat load (HL), 

determined with, respectively, equations (4) and (3) 

and after the modification of the internal part of the 

“-dcc box”. This test #8 is performed, before truck 

transportation without vibrations. The parameters 

evolutions are smooth, and the test duration is 3h30 

with a maximum heat transport of 1’570W.  

‘Figure 7’ gives the metrics for the whole 

databases showing a decrease of both Rth global and 

  with the heat load. This trend and the 

performances are inline, a bit better, with the 

performances measured with the Bisance CJL 
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demonstrator before the design adaptation of the “-

dcc box” component to the shaker [4]. Performances 

are independent of the various test conditions but, 

between 500W and 900W, two set of points, 

corresponding to test #1 and test #8 curve are 

separated. Today, no clear explanation is found, and 

the two curves are used as reference in the paper.    

 
Figure 6. evolution of the CJL parameters versus 

the heat load w/o vibration during the test #18. 
 

6. CJL operation under random frequency 

The vibration cycle imposed to the “-dcc box” 

component by the shaker is a usual cycle for a 

component located inside an engine environment. 

‘Figure 8’ shows a typical recording of the 

accelerometer bonded on the baseplate of the 

component,  the acceleration power spectral density 

curve, applied on both x-axis and z-axis, versus the 

frequency is ranging from 5 to 2’000Hz.  

The applied random cycles are nominal without 

need to decrease the level and/or to notch the 

frequency. ‘Figure 9’ and ‘figure 10’ shows the 

parameter evolutions during the random cycles on, 

respectively, the z-axis and x-axis direction as 

defined in ‘Figure 3’. During z-axis testing, at 500W 

heat load, the vibration is started in the middle of the 

power step leading to a clear but limited increase of 

the temperatures of the evaporator and a decrease of 

the subcooler outlet temperature. 

 
Figure 7. database global thermal resistance and  

entrainment ratio versus the heat load and 

comparison with the RS0/1demonstrator results [4]. 
 

  
Figure 8. typical PSD cycle versus shaker 

frequency applied on both x-axis and z-axis. 

10                                100                              1000 

330



 
 

 
 

Figure 9. evolution of the CJL parameters during 

the random vibration cycle in z-axis direction during 

test #14 (top) and test #15 (bottom). 

 
 

Figure 10. evolution of the CJL parameters 

during the random vibration cycle in x-axis 

direction #24. 

 

‘Figure 11’ shows the global thermal resistance 

and  entrainment ratio during random vibration 

tests versus the heat load and the comparison with 

the two reference tests without vibrations. The 

impact is less than 7.8%, on the total thermal 

resistance at low heat load (250W) and is 

negligeable above 1kW during random cycle 

conditions. The increase of the thermal resistance is 

clearly related to a decrease of entrainment ratio 

 (this observation seems obvious from equation 3). 

The orientations of the vibrations (z-axis or x-axis) 

seems to have no impact on the performances.  

The clear dependency of the vibrations impact 

with the heat load suggests that the origin of the 

degradation is more hydraulic than mechanical as 

discussed in §8. 
 

7. Performances sine dwell spot frequency 

The test method is as follow. A close to maximum 

heat load is applied on the evaporator and after 

stabilization, ten sine shaped sweep cycles, from 5 

to 2’000Hz and back to 5 Hz, are applied with the 

shaker on z-axis or x-axis. The sweeping rate is 1 

octave per minute (log scale on gives a linear curve).   

random vibrations 

random vibrations 

random vibrations 
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Figure 11. CJL -dcc global thermal resistance and  

minimum entrainment ratio during random 

vibration tests versus the heat load and comparison 

with the two references w/o vibrations. 
 

The total duration of each power step is then close 

to 18 minutes (2 sweeps) i.e. enough to reach a 

thermal steady state. As a representative example, 

‘Figure 13’ shows the temperatures and shaker z-

axis frequency on the same graph. At 1.45kW the 

global thermal resistance - evaporator wall to water 

inlet - is 53.6 K/kW and a 3.3K (+4.2%) increase 

can be evaluated on the last sweep.  

The shaker data are “manually” synchronized to 

the thermocouple’s evolutions assuming the same 

effect of uprising frequency with the down rising 

part of the cycle. This method is a simple way to 

consider the thermal response of the wall material 

but is a bit artificial. The “best” spot frequencies 

selected are summarized in ‘Table 2’ and applied 

during a stabilized power step of 1.5kW (cf. ‘Figure 

14’) and 1.3kW, respectively in z-axis and in x-axis 

(cf. ‘Figure 15’). Clearly the mechanical 

solicitations along the x-axis were more critical for 

the component structure leading to a clear reduction 

of the acceleration level in comparison to the z-axis 

as indicated in ‘Table 2’. Despite these precautions, 

during the last planned test (test #24), the stainless 

steel flexible that connect the outlet of the TPR to 

the inlet of the ‘-dcc box’ components break due to 

fatigue leading to the end of the tests campaign. 

Thus, for the 269Hz spot frequency step, in ‘Figure 

15’, the average is calculated before the sharp 

increase of the temperature assuming this behavior 

is related to the acetone circuit leakage.    
 

 
Figure 12. shaker control on x-axis with active 

notching at 30g  – before (blue line) and after (red 

line) the modification of the internal structure of the 

“-dcc box” component. 
 

Table 2. acceleration applied during the spot 

frequency tests. 

 
 

‘Figure 16’ shows that during spot sine test the 

performance can decrease of 13% at 100Hz on z-

axis. An identification of the “thermal resonance” 

frequencies seems necessary when the “-dcc box” is 

in the vicinity of a turning shaft (propeller, gear box, 

etc.). When the vibrations stop the CJL recovers its 

full thermal performance. X-axis reactions are lower 

than the z-axis one but the acceleration level are also 

lower because of the mechanical limitations. 

z-axis 

random  vibrations 

w/o vib. 

x-axis 

w/o vib. 

z-axis 

random  vibrations 

w/o vib. 

x-axis 

w/o vib. 

    5                                      100                                  1’000 
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Figure 13. Test #8 Q max under z-axis 5Hz-2kHz 

frequency sweep cycles (below: print screen of the 

Labview I/F)., 1.45 to 0.25kW. 

 

 

 
 

Figure 14. Test #12 (V2i),  x-axis spot 

frequencies at 1’500W. 

 
Figure 15. Test#24 x-axis spot frequencies at 

1’300W. 
 

8. Analysis and discussion 

Several assumptions are proposed hereafter to 

give discuss the causes of the performance 

decreases with vibrations.  
 

8.1 Frequency effect on the free 

surface at bubble size level 

The injection of vapor inside each “-dcc tube” 

induces a two-phase flow with different dimensions 

of the vapor bubbles. As reminder CFD calculations 

have been performed [8] considering the real two-

phase condensing flow at the outlet of the injector. 

It is nevertheless interesting to evaluate the 

resonance frequency of a free interface inside a 

capillary tube [9]: 

𝑓0 =
1

𝜋
√

𝑔𝑎𝑐𝑐

𝑅𝑡𝑢𝑏𝑒
                                              (6) 

 

𝑅𝑡𝑢𝑏𝑒 =  𝐹𝑐𝑜𝑛𝑡𝑟𝑎𝑐𝑡𝑖𝑜𝑛 𝑅𝑖𝑛𝑗𝑒𝑐𝑡𝑜𝑟                             (7) 

 

According to [10] the contraction of the vapor jet 

is 0.606 at vena contracta. The resonance frequency 

calculated from equation 7 are given in ‘Figure 18’ 

leading to order of magnitude in line with the 

observation during the frequency sweep summarize 

in ‘Table 2’ for z-axis vibrations. 

The hydrodynamic origin of the vibrations is 

likely to increase the shear stress during the 

condensation and to slow down the TPR flow. A 

transparent “-dcc box” external wall and transparent 
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“-dcc tubes” might be a convenient way to confirm 

this assumption and to better understand the 

behavior under vibrations.  
 

 
Figure 16. CJL -dcc global thermal resistance and  

entrainment ratio versus  sine spot frequency value. 
 

 
 Figure 17.  Geometry of a liquid column in a 

capillary tube excited by an oscillatory pressure 

gradient. The lower meniscus is  fixed at the lower 

end of the capillary tube due to the gravitational 

force. Dashed lines: actual positions of menisci. 

Solid lines: equilibrium positions. [9]. 

 
Figure 18. z-axis resonance frequencies 

corresponding the vena contracta of the vapor jet 

based on equations 6 and 7. 
 

8.2 Tube deformation 

In ‘figure 19’ the dynamic simulations of the  ‘-

dcc tubes’ under the nominal x-axis sinusoidal curve 

gives a maximum displacement of 1.24mm above 

534Hz (before component). Thus the movement of 

the tube should not explain the vibration impact.  

 

 
Figure 19. Three first oscillation mode identified by 

dynamic simulations of the ‘-dcc tubes’ under the 

nominal sinusoidal cycle (RTCA/DO-160F Fig. 8-2 

curve-w) along the x-axis. 
 

8.3 Sloshing motion inside the 

reservoir 

Because the internal volume between the -dcc 

box component and the four dcc tube acts as a 

reservoir both solicitations on x-axis and z-axis 

might generate sloshing waves. Both regular and 

irregular non-periodic, frequencies appear in simple 

cylindrical reservoir [11]. More work is needed to 

apply this complex theory to the present design 

where the internal tubes create a damping effect. 

The waves should mix the hotter liquid on the top to 

the cold one in the bottom, leading to a cold shock 

i.e. a sudden drop of the saturation pressure in the 

loop. But the tests show that every time the 

vibrations the saturation increases. Thus, the 

slogging is not an issue in the test’s conditions.  

13.7g 20g 10g 

13.7g 20g 10g 

 6g 

 6g 

 0.93g  1.1g  2g 

 0.93g  1.1g  2g 

-dcc tube i.d. 

vena contracta 
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9. Conclusions and perspectives 

Capillary Jet Loop (CJL) appears to be a 

promising passive two-phase technology for 

aeronautics. The main advantages are a better 

resistance to accelerations and easier distribution of 

the hot liquid flow on a complex volumetric heat 

exchanger like a turbomachine air intake. The CJL 

can operate several capillary evaporator in parallel 

with acetone, a working fluid suitable for -55°C 

startup conditions.  

In the present study the former CJL reduced scale 

demonstrator previously developed for anti-icing 

purpose is modified with a novel cylindrical vertical 

version of the “-dcc box” component that can be 

mounted on a shaker to perform vibration test 

representative of an aircraft engine environment. 

The condensation still takes place inside 344 mm 

long “-dcc tubes” located directly after the 4 

injectors. By design of the “-dcc box” exit the vapor 

cannot flow to the subcooler. The gravity has a 

positive effect and contribution, with the 

momentum exchange at injection level to transfer 

the heat to the tube-in-tube subcooler.  The heat load 

ranges from 0.25 1.57kW with 5LPM water glycol 

at +20°C.  

Three type of test vibration cycle are performed: 

random, sine shaped sweep and spot frequency for 

both x-axis and z-axis. Despite some mechanical 

issue and design reinforcement the campaign 

demonstrates that the impact is less than 7.8%, on 

the total thermal resistance at low heat load (250W) 

and is totally negligeable above 1kW during random 

cycle. This effect is very likely due to a destruction 

of the large bubbles by the vibrations that lead to an 

increase of the friction shear stress and a decrease in 

the entrainment factor  ratio in the two-phase ring. 

During spot sine test the performance can decrease 

of 13% at 100Hz on z-axis. An identification of the 

“thermal resonance” frequencies seems necessary 

when the “-dcc box” is in the vicinity of a turning 

shaft (propeller, gear box, etc.). When the vibrations 

stop the CJL recovers its full thermal performance. 

TRL 5 level is reached for the “-dcc box” 

components and the risk can be considered reduced 

to an acceptable level for further developments of 

the technology like convergent-divergent “-dcc 

tubes”, and/or alternative fluids to acetone to 

improve the ejector efficiency. Variable section 

injectors, temperature dependent, and CJL assisted 

by tiny mechanical pumps located after the 

subcooler also under investigation to increase the 

scope of use despite the loss of mechanical passivity. 
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Abstract 
To meet increasing cooling challenges in power electronics, pulsating heat pipes (PHPs) are a viable option. PHPs use 

a two-phase flow of a fluid inside a sealed container for heat transfer which surpasses thermal conduction. In this work 

we present the usage of low cost extruded aluminum profiles as the container for PHPs thereby establishing a cost-

efficient production method. We compare profile lengths of 250 mm up to 1000 mm filled with water and ethanol as 

working fluids in the vertical and horizontal orientation. The highest heat loads are achieved with 40% water filled 

profiles, which can transport up to 200 W/cm2 over the cross section of the PHP. In general, independent of the system 

length, a filling ratio of 40% leads to lower thermal resistances than filling ratios of 60%. Horizontal operation is only 

possible to a limited extent. We found out that aluminum profiles which are used as PHPs show a massive potential 

in heat transport. The gravity dependence of such a system is presenting a current challenge and must be improved in 

further investigations.  

Keywords: Oscillating Heat Pipe (OHP); Pulsating Heat Pipe (PHP); Power Electronics; Thermal Management;

Thermosyphon; Cost efficient heat transfer; Aluminum profile 

1. Introduction

In power electronics waste heat densities are 

increasing rapidly [1]. Therefore, new cooling 

concepts must be developed to reach a sufficiently 

low enough device temperature. In addition, a well-

designed cooling concept leads to lower operating 

temperatures, thereby contributing to an extended 

lifespan of electronic components [2]. Furthermore, 

electronic chips at a lower temperature are more 

efficient [3]. Better cooling systems also allow 

smaller cooling devices which results in less 

material consumption and therefore more 

sustainable devices. 
A method to reach these specifications is using 

pulsating heat pipes (PHPs) investigated in this 

paper. PHPs are a passive two-phase system for heat 

spreading. They operate reliably if there is a 

continuous oscillating plug flow inside the 

meandering channel structure. This formation 

depends on the surface tension. The smaller the 

diameter, the more dominates the surface tension, 

and the gravitational force which also influences the 

fluid can be neglected. The maximum diameter Dmax 

is defined by equation (1) [4].  

𝐷𝑚𝑎𝑥 = 2 ∗ √
𝜎∗𝐵𝑜

𝑔∗(𝜌𝑙−𝜌𝑣)
(1) 

Hereby g is the gravitational force, σ represents the 

surface tension, ρl is the liquid density and ρv the 

vapor density. The dimensionless Bond number Bo 

describes the ratio of hydrostatic and capillary 

pressure. Taft and Williams [5] set a Bo number of 

0.85 for the maximum radius. For too small 

diameters viscose effects are dominant which lead 

to a reduced ability of the system to form proper 

oscillation [6, 7]. Therefore, the optimal diameter 

lies close to Dmax but below this value [8]. The 

general trend is that with rising temperature the 

maximum diameter decreases [9].  

In the field of PHPs, the filling ratio 

ϕ =
𝑙𝑖𝑞𝑢𝑖𝑑 𝑣𝑜𝑙𝑢𝑚𝑒

𝑡𝑜𝑡𝑎𝑙 𝑣𝑜𝑙𝑢𝑚𝑒
=

𝑉𝑙

𝑉𝑡
(2) 

 is defined as the ratio of the liquid volume Vl to 

the total volume Vt and is given by equation (2). In 

the current study filling ratios of 40 % and 60 % for 

fluids of water and ethanol are chosen. The 

orientation of the PHP system influences the 

working mechanism of the PHP. In vertical 

orientation, with the evaporator located at the 

bottom, gravity supports the functional principle of 

the PHP. Since the vapor bubbles flow towards the 

condenser due to buoyancy force, while the liquid 

plugs flow back to the evaporator due to gravity. 

This supports the pressure forces responsible for 

oscillation and thus ensures more effective 

operation [10]. Vertical orientation refers to the 

gravity-assisted operation mode with the evaporator 

at the bottom and the condenser at the top. Ji et al. 

[11] have conducted studies regarding a dynamic 

critical diameter of pulsating heat pipes in vertical 

operation. Thereby finding relations to make the 
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critical diameter of the PHP not only dependent on 

the fluid parameters at specific temperatures like 

equation (1). They come to the result that although 

for diameters which are larger than Dmax the PHP in 

the nonheated scenario has no separation of liquid 

and vaper plugs this can change with the application 

of specific heat loads thereby making a PHP 

operation in the vertical orientation possible. This 

characteristic is dependent on the applied heat flux, 

temperature at the condenser and filling ratio. In 

addition, there are two main working principles in 

the gravity assisted orientation in terms of flow 

characteristic. For PHP diameters larger than the 

critical diameter, the system cannot establish a 

stable oscillation since the capillary force is not 

strong enough. Hence a different two-phase heat 

transport is developed. In this operation the system 

acts as several interconnected thermosyphons. This 

means that in every tube vapor flow is orientated 

from the evaporator to the condenser. In the same 

channel a counter current flow of liquid takes place. 

This means the two phases are in direct contact and 

the heat transport is based on latent heat transport 

[12]. This flow characteristic is not only dependent 

on the diameter but also on the fluid-filling-

ratio [13, 14, 15]. Due to the capillary force at low 

filling ratio most of the fluid accumulates in the 

sharp angled corners. This hinders the establishment 

of a slug train [15]. Another influence parameter on 

the performance is the shape of the cross section of 

the several channels in the PHP. The hydraulic 

diameter for non-circular cross sections is given by 

equation (3). This equation sets the area A and the 

circumference C in relation thereby not considering 

that by this correlation if the hydraulic diameter of a 

round cross section is the same as the one of a 

rectangular the overall volume is a different one [13]. 

 

𝐷ℎ = 4 ∗
𝐴

𝐶
 (3)  

 

Furthermore, the corners of the non-round 

capillary influence the flow pattern in PHPs. In 

vertical orientation, the corners assist the flow of 

fluid from the condenser back to the evaporator due 

to their capillary force. Thereby higher heat fluxes 

can be reached with squared corners than with round 

corners at same hydraulic diameters [13, 16]. For 

non-round cross section also the contact area of fluid 

and inner container wall is larger thereby leading to 

higher heat flux at same heat densities transported 

over the inner container wall, which results in more 

evaporation of fluid [17]. Channels with rectangular 

cross sections led to an easier dry out at the 

evaporator in horizontal orientation [18]. There are 

different methods of production for PHPs. To form 

a flat PHP into an existing surface the meandering 

structure is milled or etched into a metal plate. 

Afterwords this plate is closed by soldering or 

bonding a cover plate [10, 13, 19, 20]. This method 

has the disadvantage that it is connected to some 

complex production steps which make the 

production very costly [21]. PHPs of this kind are so 

called flat plate pulsating heat pipes (FPPHP). 

Another common method is to bend a pipe to a 

meandering structure to form the PHP channel 

structure [22]. This method is easier in production, 

but it proposes the disadvantage of higher absolute 

thermal resistance [18]. Furthermore, the bending 

angel of the tubes which is limited by the tube 

material is a parameter that influences the packing 

density of the tubes themselves. Generally, the 

channel inside of FPPHPs have a rectangular shape 

whereas the diameter of bended tubes is circular 

[18]. These two most common production methods 

differ in their areas of application [23]. Other less 

common manufacturing methods include additive 

manufacturing or flexible PHPs out of different 

layers of polymer components [18]. In this study by 

using an extrusion process a different approach is 

chosen with the goal of establishing a more cost-

efficient production of PHPs. The channels for the 

FPPHP are extruded into an aluminum body. This 

production method is defined by pressing of 

aluminum through a predefined opening of the 

extrusion mold thereby making it a very simple 

production method for linear structures based on 

plastic deformation [24]. This way of shaping 

materials is established in various forms in the 

industry. After this process inside the profile there 

are parallel channels which need to be connected 

and sealed to form the container structure of the 

PHP. 
 

2. Experimental setup 

In this study we investigate the usage of extruded 

aluminum profiles as PHPs. The extruded profiles 

are made of aluminum 6061, with a height of 5 mm 

and a width of 124 mm. They consist of 21 

continuous channels, each with a width of 4,7 mm 

and a height of 2,5 mm. As the profiles cannot be 

used for experiments in their raw state, they are 

further processed. Every second web between the 

channels on the front side is shortened using 

countersinking erosion, allowing two adjacent 

channels to be connected. The same procedure is 

applied on the opposite side, offset by one channel, 
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Figure 1. Photographic image of the front side of 

the altered aluminum profile. 

 

 
Figure 2. Channel structure of the aluminum profile 

after it is sealed by the end caps. 

 

to create one continuous channel from the 20 

individual ones. Due to the odd number, the 21st 

channel is sealed and not part of the PHP channel 

structure. The front side of such a profile is shown 

in figure 1. The entire channel layout is depicted in 

figure 2. For both ends of the profile, caps are made 

to seal the system from the surroundings. These also 

serve as access points to the interior of the PHP for 

loading and unloading with fluid. 

The structure of the channels inside the profile is 

determined by the manufacturing process and does 

not correspond to a perfect rectangle. The exact 

layout is shown in figure 3. The hydraulic diameter 

Dh for a non-circular diameter is calculated using 

equation 3. Therefore, the dimensions of the 

individual channels used results in a hydraulic 

diameter of 2,95 mm. This value lies below the 

critical diameter values for water of 4,5 mm for 

120°C but above the critical value for ethanol of 2,6 

mm for 120°C. Therefore, operation, especially in a 

horizontal orientation, is questionable. The heat 

source of the PHP is located at one end of the 

extruded profile and has a length of 65 mm. The  

  
Figure 3. Cross section of one channel of the 

aluminum profile. 

cooling section is on the opposite side with a length 

of 125 mm. Both sections transfer heat from the top 

and from the bottom of the profile. The heaters on 

the evaporation side are mounted on copper plates, 

which has a thickness of 10 mm. The copper plates 

serve for easier attachment of the heaters and better 

heat distribution. During operation, the heater 

section as well as the adiabatic section are fully 

insulated with multiple layers of insulation mats to 

minimize heat losses. The adiabatic section is 

between the heater side and the cooling side. In the 

experiments, profiles with different lengths of 250 

mm, 500 mm and 1000 mm are tested. Since the 

setup of the heater side and cooling side remains the 

same for all experiments, the only change with the 

length of the profile is the length of the adiabatic 

section. At the condenser section where heat is 

transported from the profile to a heatsink. In this 

section cooling fins are mounted on the surfaces of 

the PHP. These fins are in a chamber which is blown 

through with air powered by a suction-side fan with 

a volume flow of 850 m3/h. Figure 4 shows the 

entire test rig with insulation.  The entire profile 

without insulation for the 500 mm profile is shown 

in figure 5. During all measurements, the ambient 

lab temperature is held between 21°C and 23,5°C. 

The power input Pel to the heaters is calculated by 

multiplying the voltage U and current I according to 

equation 5.  

 

𝑃𝑒𝑙 =  𝑈 ∗  𝐼  (5) 

 

Each of the three profiles is tested empty and 

filled with water and ethanol. The filling-ratio is  

 

 
Figure 4. Photographic presentation of the testing 

rig for the 500 mm profile, with insulation in vertical 

condition. 
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Figure 5. Photographic presentation of the 

aluminum profile with mounted heaters and cooling 

fins for the 500 mm profile. 

set at 40% and 60% respectively. Additionally, 

measurements are performed in both horizontal and 

vertical orientation. Prior to the measurement, the 

profiles are evacuated to an absolute pressure of less 

than 4 × 10−4 mbar. 

3. Results of the air-cooled PHP in vertical 

orientation  

First the measurement results in the vertical 

orientation are presented.  

3.1. Characteristic behavior for different 

fluid and filling ratios  

Figure 6 presents the evaporator temperature for 

different power levels in all vertical measurements 

for the 500 mm profile. The temperature of the 

empty measurement increases linearly with 

increasing power. Both 60 % filled profiles with 

water and ethanol exhibit higher temperature levels 

throughout the whole measurement compared to the 

40% filled profiles with the same fluid. The ethanol 

measurements exhibit lower temperatures than the 

water measurements at low power levels. This 

occurs due to the lower evaporation temperature of 

ethanol in comparison to water. Additionally, the 

ethanol curves show a steeper increase along the 

power ramp since the evaporation enthalpy of  

 
Figure 6. The evaporator temperature of the 500 

mm profile with increasing power for different 

fluids and fill-ratios in vertical position. 

ethanol is lower than for water. Thus, the highest 

power of 1000 W can be achieved with the 40% 

filled water configuration. This corresponds to a 

heat flux density of 160 W/cm2 at the cross section 

of the PHP. Both ethanol configurations show a 

bend in the curve indicating a change in flow 

behavior inside the PHP. The 60% filled profile 

exhibits this bend at 250 W and 76°C, while the 40% 

filled profile shows it at 750 W and 92°C. This bend 

suggests less efficient heat transfer and, 

consequently, an increase in evaporator temperature. 

The measurements for the other two profile lengths 

show a similar behavioral characteristic.  

3.2 Analysis of the thermal resistance  

The thermal resistance Rth is calculated by  

 

𝑅𝑡ℎ =
 𝑇𝑒𝑣𝑎𝑝−𝑇𝑎𝑚𝑏

𝑃𝑒𝑙
 . (6)  

 

Whereas Tevap is the temperature at the mean 

temperature at the evaporator, Tamb the ambient 

temperature and Pel the electrical power. 

For the measurements of the 500 mm profile the Rth 

for different power levels is shown in Figure 7. The 

thermal resistance for the empty measurement is 

constant at a high value of over 0.9 K/W since for a 

heat transfer based only on conductivity the thermal 

resistance is independent of the supplied power. 

Initially for low power and temperature, for all PHP 

measurements, the Rth is located near the value of 

the empty profile as there is no improvement in the 

thermal properties of the profile due to flow effects 

inside. Subsequently for increasing powers, the Rth 

rapidly decreases for all PHP configurations. The 

minimum value for the measurements with 60% 

filling is 0.2 K/W, for the measurements with 40% 

filling, the value decreases to 0.1 K/W. 

 
Figure 7. Thermal resistance of the 500 mm profile 

with increasing power for different media and 

filling-ratios, in vertical orientation. 
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 3.3 Temperature behavior along the PHP  

The temperature distribution along the profile 

provides information about the effectiveness of heat 

transfer at the respective power levels. If there is a 

uniform temperature along the adiabatic section, it 

indicates a low thermal resistance along that section 

and thereby an efficient heat transfer. Along the 

profiles, there are five temperature measurement 

points attached to the profile's surface. The first 

measurement point (THeater) is located at the center 

of the heating surfaces. 20 mm after the start of the 

adiabatic section, there is the next measurement 

point (Tadiabatic,1), followed by a measurement point 

at the center of the adiabatic section (Tadiabatic,2), and 

another one 20 mm before the cooling fins begin 

(Tadiabatic,3). The last measurement point is located at 

the center of the cooling fins (TCooler). Figure 8 

illustrates the temperature along the profile for 

different PHPs with a length of 500 mm at their 

maximum power levels and the empty profile. In all 

PHP configurations, there is a small temperature  

difference between the start of the profile at the 

evaporator and the middle of the profile. This 

temperature difference is smaller than the 

temperature difference between the middle of the 

profile and the end of the adiabatic section at the 

condenser. For the profiles filled with 60%, the 

 

Figure 8. Schematic representation of temperature 

measurement points along the profile, and results for 

the 500 mm profile at different fluid-filling ratios. 

 

temperature gradient is greater than 30 K, whereas 

for the profiles filled with 40%, it is 10.8 K for water 

and 6.4 K for ethanol. The temperatures at the 

condenser are also higher for the profiles filled with 

40%, which is attributed to the higher transferred 

heat. It can be concluded that ethanol at a filling 

ratio of 40% shows the best thermal behavior along 

the adiabatic section. This indicates a thermosyphon 

characteristic. Since for a thermosyphon the 

adiabatic section shows the most uniform 

temperature [25]. Furthermore, a thermosyphon 

which in this case is supported by the capillary effect 

of the corners of the channels can perform at lower 

thermal resistances than a PHP [25].  

3.4 Comparison of the thermal behavior 

of profiles with different lengths  

By varying the length of the adiabatic section, the 

aim is to test to which extent the length of the system 

has an influence on the operation. In figure 9, the 

evaporator temperatures are shown for the profiles 

filled with 40% water and different system length, 

with increasing power. All three profiles are capable 

of transferring power over at least 750 W. However, 

with increasing length, each profile operates at a 

higher temperature for the same power, resulting in 

a decrease in maximum power as well. Nevertheless, 

it can be observed that even with the longest 

configuration of 1000 mm, the temperature trend 

still follows that of the 250 mm profile, with only a 

shift of temperatures towards higher values. This 

trend is similar for all fluid-filling-ratios. Thereby 

proving that an increase in length leads to a decline 

of heat transfer. The overall function principle is still 

observed, showing that the given profiles can 

transport heat over at least 1000 mm. 

Figure 9. Evaporator temperatures of profiles filled 

with 40% water. 
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4. Operation characteristic at horizontal 

orientation  

 

In addition to the vertical orientation, the profiles are 

also tested horizontally. In configurations with 40% 

filling, there is no change in behavior compared to 

the empty measurement, neither with water nor with 

ethanol. Therefore, there is no internal PHP 

behavior in these cases.  

The temperature profile of the 250 mm profile, filled 

with 60% water and horizontally oriented, is shown 

in figure 10. Initially there is no significant change 

in behavior compared to the empty measurement, up 

to a power of 175 W. However, at the next power 

increase, the temperature suddenly drops from 

90.3°C and stabilizes at a lower temperature of 

about 80°C. Additionally, there is a strong 

temperature fluctuation at all measurement points. 

Therefore, a pulsation in the system occurs starting 

from a power of 250 W. This behavior remains 

unchanged at higher temperature levels. A 

maximum power of 1000 W can be reached, 

corresponding to a power density over the profile 

cross-section of 160 W/cm2. The temperature 

pulsations are observed at temperature 

measurement points, up to a power of 1000 W. 

Ethanol shows a similar behavior at 60% filling-

ratio and horizontal orientation. Whereas at a 

temperature of 88.4°C the temperature drop occurs  

reaching a temperature of about 70°C. This drop 

occurs at 175 W. The measurements in the 

horizontal orientation deviate from the values of the 

empty measurement much later than in the vertical 

orientation. This proofs that in the lower power 

range, a thermosyphon characteristic without 

oscillation is initially established in the vertical 

orientation. This operation is not possible in the 

horizontal orientation, as gravity support is required 

to transport the condensed fluid from the condenser 

back to the evaporator. Only at higher powers and 

Figure 10. Temperature behavior of the 250 mm 

profile filled with 60% water in horizontal position. 

temperatures does oscillation occur in both vertical 

and horizontal orientations. However, this 

oscillation is not pronounced throughout the entire 

system, but only in certain areas. For both water and 

ethanol, the temperatures are only slightly higher 

than those of the respective vertical measurements 

from a power of 250 W onwards. In fact, the 

temperature measurement with ethanol at powers 

above 750 W is even lower than the result of the 

vertical measurement. The horizontal operation was 

not possible for the profile length of 500 mm and 

1000 mm. This dependency on length is also a result 

of the too large diameter of the channels therefore 

more detailed investigations of the performance of 

such extruded profiles with smaller diameter have to 

be conducted. Furthermore, this matches with 

results from Lin et. al. how showed that for 

increasing length PHPs with different diameters 

failed to start up [6].  

5. Conclusions 

 Our study shows that extruded aluminum profiles 

can transport heat as a PHP over distances of at least 

1000 mm. Different length of profile were tested 

with fluids ethanol and water at 40% and 60% 

filling-ratio. The experiments were conducted in 

vertical and horizontal orientation. The main 

conclusions of the study are the following: 

 • It has been shown that extruded aluminum profiles 

are very well suited for use as pulsating heat pipes. 

The heat transfer performance has achieved power 

levels of up to 1250 W.  

• For a filling with water and ethanol at 40% and 

60%, respectively, a minimum fourfold increase in 

the transferable power compared to empty 

measurements can be achieved in the vertical 

orientation.  

• Due to its lower boiling point, ethanol always 

exhibits an earlier onset of flow behavior at lower 

temperatures and power levels compared to water.  

• The starting temperature and the overall 

temperature level during the entire measurements 

are consistently lower for profiles filled to 40% 

compared to those filled to 60%. 

 • For profiles filled with water, the onset of 

pulsating flow occurs earlier due to higher surface 

tensions. Subsequently, the temperature increase 

with increasing power is lower than for profiles 

filled with ethanol.  

• Stable operation in the horizontal orientation is 

only possible for the shortest profile with a length of 

250 mm and a filling of 60%.  

• Increasing the profile length results in lower heat 

transfer.  

• Due to the large channel cross-section, PHP 
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operation in the gravity assisted orientation is only 

possible with increasing power. For low powers, a 

thermosyphon characteristic occurs in the channels, 

which brings about a homogeneous behavior in the 

adiabatic zone. 

The channels with a width of 4.7 mm have a large 

hydraulic diameter. By using profiles with reduced 

channel dimensions, capillary forces have a stronger 

effect, allowing for horizontal operation and 

operation against gravity, unlike the case studied 

here. Achieving orientation-independent heat 

transfer is desirable to have more design flexibility 

for cooling applications. Furthermore, the profile is 

designed as an open-loop pulsating heat pipe 

(OLPHP). By connecting the last two channels, a 

closed-loop channel structure, known as a closed-

loop pulsating heat pipe (CLPHP), could be 

achieved. This optimization would reduce edge 

effects and allow for a circulating flow. This 

possibility should be investigated in future studies to 

determine if this operating mode can achieve a more 

uniform temperature across the entire width of the 

profile, thereby further increasing the transferable 

power. 
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Abstract
In this study, sodium/Inconel 718 heat pipes incorporating topological wicks and traditional wicks were designed
and fabricated. Then their thermal properties were initial investigated by radiant heat tests. It was found that the
presence of topological wicks did not affect thermal behaviors of sodium/Inconel 718 heat pipes. All heat pipes
startup successfully and exhibited a consistent startup temperature of 420°C. Severe temperature gradients were
produced during radiant heat tests, resulting in thermal stress concentration in the heat pipes. A subsequent thermal
stress simulation demonstrated that topological wicks could accommodate thermal stresses in sodium/Inconel 718
heat pipes. With incorporating topological wicks, maximum thermal stresses in the heat pipes was reduced by
approximately 21%. This finding provided valuable insights for mitigating undesired deformation in high-
temperature heat pipes, offering practical guidance for engineering applications.

Keywords: Sodium; Inconel 718; Heat pipes; Startup; Thermal stress

1. Introduction
Recently, high-temperature heat pipes had

garnered increasing attention due to their
exceptional conductivity, inherent safety, and self-
actuating operation [1, 2]. They were well-suited for
demanding thermal control applications, such as
leading edge of hypersonic vehicles, large-scale
heat ex-changers, heat radiator of space reactors
and so on [3-5]. For these applications, alkali-metal
heat pipes offered high redundancy at source
temperatures of 600-1500°C [6].
Alkali-metal heat pipes have been systematically

investigated by various researchers [7-9]. Steeves
and his co-workers[10] proposed the utilization of
sodium heat pipes and lithium heat pipes for
leading edge cooling of hypersonic vehicles, and
verified the feasibility theoretically. Subsequently,
Lu et.al [11] and Ai et.al [12] fabricated
sodium/GH4099 heat pipes and lithium/C-103 heat
pipes, and verified the feasibility of leading edge
cooling experimentally. Rosenfeld and his co-
workers [13, 14] fabricated sodium/Inconel 718 heat
pipes and tested them as heat ex-changers for 10
years. At 700°C isothermal operation,
sodium/Inconel 718 heat pipes exhibited
imperceptible degradation, providing compelling
evidence for long-term engineering application. Hu
et.al [15] designed and fabricated sodium/GH4099
heat pipes as heat radiators of a space reactor. They
found that a highly adherent Al2O3 layer with ε≥0.9
was formed on the pre-oxidized heat pipe surface,
radiating enough heat even in a micro-gravity
environment [16, 17].

Thermal stress concentration in startup and shut
down was identified as a potential source for heat
pipe failures. Indeed, certain failure modes
observed may be attributed to thermal stress
concentration [18]. Therefore, it was of great use for
accommodating thermal stress in high-temperature
heat pipes. Metamaterials exhibited unusual
properties, such as negative Poisson´s ratio,
negative elasticity, negative bulk modulus and
negative thermal expansion [19, 20]. These might
reduce the maximum thermal strain and help
accommodate thermal stress in high-temperature
heat pipes.
In this study, metamaterials were used as

topological wicks of high-temperature heat pipes.
Sodium/Inconel 718 heat pipes incorporating
topological wicks and traditional wicks were
designed and fabricated in China Academy of
Aerospace Aerodynamics (CAAA). Then their
thermal properties were evaluated by radiant heat
tests. Based on the experimental results, thermal
stresses in sodium/Inconel 718 heat pipes were
simulated. Capillary effects of topological wicks
were analyzed.

2. Experimental
Heat pipes transferred heat efficiently from

evaporator to condenser, which offered inherent
redundancy for isothermal operation, seen in
Figure 1 [21]. In Figure 1, heat was absorbed within
the evaporator. The working fluid melted and
evaporated to a gaseous state. A slight internal
pressure differential was induced by this
evaporation. As a result, the gaseous working fluid
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flowed from evaporator to condenser.
Subsequently, the gaseous working fluid
condensed into a liquid state and released heat in
the condenser. Finally, the liquid working fluid
returned to the evaporator through capillary action
of a wick, completing the cycle of isothermal
operation.

Figure 1. Illumination of a heat pipe operation
showing heat pipe shell, working fluid, and wicks
[21]

2.1. Design of sodium/Inconel 718
heat pipes

Sodium with a purity level of 99.9% was
selected as working fluid. Inconel 718 alloy, which
could be commercially obtained for additive
manufacture, was selected as raw materials for heat
pipe walls. Metamaterials and stainless steel wires
were selected as topological wicks and traditional
wicks, respectively. A pure nickel tube with an
outer diameter of 6 mm and an inner diameter of 4
mm was used for sodium charging.
Sodium/Inconel 718 heat pipes with dimensions of
Φ25×400mm were designed for thermal property
investigation.
Figure 2 showed schematic diagram of designed

sodium/Inconel 718 heat pipes, including Inconel
718 heat pipe wall, two endcaps, wicks, a charging
tube, and working fluid. Inconel 718 heat pipe wall
and two endcaps had a thickness of 2.5 millimeters.
Twenty annular gaps were evenly distributed on
the inner surface of Inconel 718 heat pipe wall.
Each of these gaps was 0.4 mm in width and 0.5
mm in height. The topological wicks featured a
lattice structure composed of diamond unit cells
with struts, creating metamaterials. Each diamond
unit cell measured 0.7mm in length, 0.7 mm in
width, and 0.7 mm in height. The struts had a
diameter of 0.15 mm. The traditional wicks
consisted of a sandwich structure comprising two
layers of 300 mesh stainless steel wires and one
layer of 100 mesh stainless steel wires.

Furthermore, a pure nickel tube was integrated into
the endcaps for the purpose of charging working
fluid. The working fluid was absorbed within the
annular gaps and the wicks.

Figure 2. Schematic diagram of designed
sodium/Inconel 718 heat pipes

2.2. Fabrication of sodium/Inconel
718 heat pipes

Sodium/Inconel 718 heat pipes were fabricated
using the following processes: (1) Inconel 718 heat
pipe walls and endcaps were additive
manufactured through selective laser melting
(Realizer SLM 125, Germany). Annular gaps were
formed in situ on the heat pipe walls, seen in
Figure 3. (2) The additive manufactured heat pipes
walls and endcaps were heated at 1000°C oven for
2 hours, eliminating residual stresses caused by
laser melting. (3) A sandwich structure, consisting
of three layers of stainless steel wires, was welded
on the inner surface of a heat pipe wall
incorporating no wicks. (4) All the components
were ultrasonically cleaned with acetone, ethanol,
de-ionized water, then oven-dried at 70°C oven
overnight. (5) The cleaned components were
welded together with a pure nickel tube to obtain
heat pipe shells for the purpose of sodium charging.
(6) Certain amounts of sodium were charged into
the heat pipe shells via an argon/vacuum facility.
Details about sodium charging and the
argon/vacuum facility were available elsewhere [11].
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Figure 3. Additive manufactured heat pipe
walls and endcaps.
Mass of sodium charged into a heat pipe shell

was calculated using Equation (1):
Na Na cap capM K V P    (1)

Where NaM represented the mass of sodium (g); K
represented factor of safety (ranged from 1.2 to 3);
Na represented density of sodium (g/cm³);
capV represented volume of the wicks (cm³);
capP represented porosity of the wicks. The
calculated results implied that the mass of sodium
charged into a heat pipe shell ranged from 7.9g to
19.8g. In this study, a charging mass of 12g was
used for heat pipe fabrication.
Figure 4 showed photograph of fabricated

sodium/Inconel 718 heat pipes. Three heat pipe
models, were obtained. They were designated as
HP1, HP2, and HP3, respectively. Among them,
HP1 and HP2 utilized metamaterials as topological
wicks, while HP3 employed stainless steel wires as
traditional wicks [22]. For comparison, the inner
diameter and outer diameter of HP1-3 were
identical.
Table 1 presented detailed information of

fabricated sodium/Inconel 718 heat pipes. From
Table 1, we observed that the charged sodium in
HP1-3 was in the range of 11.5g-13.4g,
corresponding to charging ratios ranging from
9.6% to 11.2%. The average densities of HP1-3
were 2.38-2.70 g/cm³, which were comparable to
those reported in previous studies [22, 23].

Figure 4. Photograph of fabricated
sodium/Inconel 718 heat pipes.

Table 1. Detailed information of fabricated
sodium/Inconel 718 heat pipes.

Models Model
weight (g)

Charged
sodium (g)

Charging
ratio (%)

HP1 467.1 12.9 10.7%

HP2 481.3 13.4 11.2%

HP3 530.6 11.5 9.6%

2.3. Characterization of
sodium/Inconel 718 heat pipes

2.3.1 Radiant heat tests
Thermal properties of sodium/Inconel 718 heat

pipes were investigated by radiant heat tests in a
30kW calorifier [15]. Figure 5a showed schematic
diagram of radiant heat test setup. During radiant
heat tests, all heat pipes were oriented horizontally,
with lengths of 250mm for evaporator, length
50mm for adiabatic, and length 100mm for
condenser. The evaporator absorbed heat input
when inserted into the calorifier. The adiabatic was
surrounded by porous Al2O3, preventing
undesirable heat losses. The condenser dissipated
heat directly into air environment.
Seven thermocouples (TCs) were spot-welded

on the surface of HP1-3, checking temperature
reading during radiant heat tests. The TCs'
locations were shown in Figure 5b. In Figure 5b,
TC1-4 and 7 were used to check axial temperature
readings, while TC4-6 were used to check radial
temperature readings. All TCs used for temperature
reading were K type thermocouples, with a
diameter of 250μm. Their accuracy was ±0.75% of
the temperature reading (T).

Figure 5. Schematic diagram of radiant heat test
setup (a) and the thermocouples' location (b).

In this study, radiant heat tests were performed
in two conditions: (1) evaporators of the heat pipes
were inserted into the calorifier, then the calorifier
was heated from room temperature to 850°C,
900°C, and 950°C, referred as test condition 1; (2)
the calorifier was heated to 900°C, then
evaporators of the heat pipes were inserted,
referred as test condition 2.

2.3.2 Thermal response simulation and stress
analysis

An in-house software, named Thermal Analysis
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of Heat Pipes (TAHP), was used for thermal
response simulation of sodium/Inconel 718 heat
pipes [20]. TAHP was based on a temperature-front
model. Details about this model could be found
elsewhere [24]. A brief description of this model
was as below: In the process of calorifier heating,
sodium in the heat pipes melted and evaporated to
a gaseous state, producing a continuous flow area
in the evaporator. The interface between this
continuous flow area and discontinuous flow area
was defined as temperature-front. Then different
thermal properties were assigned to these two areas,
thermal response were simulated with these
properties. The temperature-front position and its
movement were determined by location energy
conservation theory.
To analyze thermal stress in sodium/Inconel 718

heat pipes, it was crucial to understand mechanical
properties of topological wicks. The mechanical
properties could be accurately determined by
employing by Equation (2) and Equation (3) [25, 26]:
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Where capE represented elastic modulus of
topological wicks (MPa); sE represented elastic
modulus of Inconel 718 alloy (MPa); cap

represented yield stress of topological wicks (MPa);
s represented yield stress of Inconel 718 alloy

(MPa); r represented radius of struts in
topological wicks (m); l represented length of
struts in topological wicks (m).
Table 2 presented parameters utilized for

thermal response simulation. Test condition 2 was
employed for thermal response simulation. In the
process of thermal response simulation, both
convection and radiation were considered for heat
pipe cooling. Film coefficient of the condenser was
assumed to be 20W/m²/°C. Emissivity of the
condenser was assumed to be 0.9 (the emissivity of
oxidized Inconel 718 alloy). To analyze thermal
stress, one endcap of the heat pipes was fixed.
Thermal stresses in HP2 and HP3 were analyzed,
revealing effects of topological wicks.

Table 2. Parameters utilized for thermal response
simulation.

Models HP2/HP3 Calorifier
temperature 900°C

Evaporator 250 mm Heating
time 780s

Adiabatic 50 mm Emissivity 0.9

Condenser 100 mm Film
coefficient

20
W/m2/°C

3. Results
3.1. Test results
Figure 6 showed test results of HP1 heated from

room temperature to 850°C, 900°C, and 950°C
(test condition 1). In Figure 6a, HP1 experienced
startup failure. The ultimate temperature difference
of TC1-7 was 325°C, indicating the presence of
asymmetric heating. In Figure 6b and Figure 6c,
HP1 startup successfully, exhibiting uniform
temperatures of 750°C and 800°C, respectively.
With calorifier temperature increment, the ultimate
temperature difference of TC1-7 reduced to 46°C,
indicating the isothermal operation of HP1.
Figure 7 showed a typical image of operated

HP1 (t=3000s, 900°C heating). In Figure 7, HP1
displayed a bright and uniform condenser. Heat
absorbed within evaporator of HP1 was efficiently
transferred to condenser, and then dissipated to the
surrounding air environment. The isothermal
operation of HP1 was confirmed once again [27].

Figure 6. Startup results of HP1 heated from
room temperature to: (a) 850°C, (b) 900°C, (c)
950°C.
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Figure 7. A typical image of HP1 heated room
temperature to 900°C (t=3000s).

Figure 8 showed test results of HP1-3 heated at
900°C calorifier (test condition 2). In Figure 8, all
heat pipes startup successfully and operated at an
isothermal state. The startup processes consisted of
three stages: heat transfer stage, startup stage, and
operating stage. Each stage served a specific model
and involved distinct operation mechanisms.
During heat transfer stage from 0 to110 seconds,
heat absorbed within HP1-3 was transferred solely
through the heat pipe walls. Temperatures of TC1-
7 increased linearly and reached 55-543°C. During
startup stage from 110 to 230 seconds, heat transfer
in HP1-3 was primarily driven by the working
fluid rather than the heat pipe walls. As a result,
temperatures of TC1-7 increased and reached an
identical temperature of approximately 500°C.
During operating stage from 230 to 780 seconds,
HP1-3 operated in an isothermal manner.
Temperatures of TC1-7 increased simultaneously
and reached approximately 700°C. Moreover, it
was noted that the startup time in Figure 8 was
shorter than that in Figure 6. This was most
probably caused by the high heat input in test
condition 2 [20, 27].
Figure 9 showed optical images of tested

sodium/Inconel 718 heat pipes. In Figure 9, the
tested heat pipes still maintained their integrity. No
sodium leakage or deformation was observed. As
HP1 and HP2 displayed similar test results to that
of HP3, it was reasonable to conclude that the
presence of topological wicks did not affect
thermal behavior of sodium/Inconel 718 heat pipes.
To illuminate capillary effects of topological wicks,
thermal response simulation and thermal stress
analyses were carried out for HP2 and HP3.

Figure 8. Startup results of HP1-3 heated at
900°C calorifier: (a) HP1, (b) HP2, (c) HP3.

Startup results of HP1-3 heated at 900°C
calorifier: (a) HP1, (b) HP2, (c)

HP3.

Figure 9. Optical images of tested
sodium/Inconel 718 heat pipes.

3.2. Simulation results
Thermal response of HP2 and HP3 were

simulated under test condition 2. The results
revealed a remarkable similarity in their thermal
behavior. This was in agreement with test results
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in section 3.1. Figure 10 showed the simulated
temperature profiles of sodium/Inconel 718 heat
pipes. This graph provided a visual representation
of the thermal behaviors. At the heating times of
125s, 150s, and 175s, severe temperature
gradients were observed in the sodium/Inconel
718 heat pipes. Consequently, thermal stresses in
HP2 and HP3 were analyzed based on
temperature profiles at these specific time points.
Figure 11 showed a visual representation of

simulated thermal stresses within the heat pipes,
specifically the hoop stresses. In the startup
process, high stress areas were produced both in
HP2 and HP3. With the elongation of time, these
stress areas moved directly from adiabatic region
to the nearby endcap. Compared to HP3, HP2
experienced relatively lower thermal stresses.
This was most probably related to negative
Poisson´s ratio of topological wicks, which could
decrease maximum thermal strain and help
accommodate thermal stresses in the heat pipes
[20].

Figure 10. Simulated temperature profiles of
sodium/Inconel 718 heat pipes (HP2/HP3).

Figure 11. Simulated thermal stresses in
sodium/Inconel 718 heat pipes: (a) HP2, (b) HP3.

The calculated thermal stress profiles in
sodium/Inconel 718 heat pipes were shown in
Figure 12. At heating times of 125s, 150s, and

175s, maximum thermal stresses in HP3 were
96.3MPa, 104.6MPa, and 108.8MPa,
respectively, while those in HP2 were 75.4MPa,
83.4MPa, and 84.5MPa, respectively. With the
incorporation of topological wicks, a reduction of
about 21% maximum thermal stresses was
obtained. Stress accommodation effects were
confirmed once again. This finding provided
valuable insights for mitigating undesired
deformation in high-temperature heat pipes,
offering practical guidance for engineering
applications.
Table 3 presented yield strength of Inconel 718

alloy [28]. From Table 3, it was observed that the
simulated stresses were lower than the yield
strength of Inconel 718 alloy. Therefore, thermal
deformation did not occur in both HP2 and HP3.
This was consistent with the optical images in
Figure 9.

Figure 12. Thermal stress profiles in
sodium/Inconel 718 heat pipes.

Table 3. Yield strength of Inconel 718 alloy [28].
Temperature

(oC)
Strength
(MPa)

Temperature
(oC)

Strength
(MPa)

20 1365 704 1006
315 1265 760 851
537 1192 815 723
648 1103 871 275

4. Discussion
4.1. Startup temperature
Based on previous reports [11, 30], startup of

high-temperature heat pipes was found to be
correlated with saturated pressure of the working
fluid. Saturated pressure of sodium could be
determined by Equation (4):

lg lgs
BP A C T
T

   (4)

Where T represented operating temperature of the
heat pipes (K), and the constants A, B, and C
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were defined as 4.544579, 5242.1, and 0,
respectively. At operating temperature of 750°C,
the saturated pressure of sodium was calculated
to be 26000Pa.
Startup temperature of sodium/Inconel 718

heat pipes was determined by Equation (5):
2

* 02 sD KnPdT 


 (5)

Where T* represented startup temperature of heat
pipes (K); D0 represented characteristic diameter
of sodium atoms (3.567×10−10 m); Kn
represented Knudsen number (defined as 0.01); d
represented inner diameter of heat pipes
(1.8×10−2m); κ represented Stefan Boltzmann
constant (5.67×10−8 W m−2· K−4); Ps represented
saturated pressure of sodium (×105 Pa). The
calculated startup temperature of sodium/Inconel
718 heat pipes was about 420°C, being lower
than operating temperature in section 3.1. As a
result, sodium/Inconel 718 heat pipes startup
successfully in radiant heat tests.

4.2. Capillary effects
Capillary effects of various wicks were

investigated, including annular gaps, stainless steel
wires, stainless steel wires combined with annular
gaps, and metamaterials combined with annular
gaps (topological wicks). All wicks were fabricated
on a strip surface with dimensions of
300mm×25mm×2mm (length×width×thickness).
Then, one side of the strip was vertically immersed
in ink, and the absorption results were shown in
Figure 13. In Figure 13, it was evident that the
absorption lengths of these wicks were 30mm,
52mm, 60mm, and 110mm, respectively.
Topological wicks displayed the best capillary
effects.

Figure 13. Capillary action of various wicks.

Compared with HP3, the topological wicks of
HP1 and HP2 were chemically compatible with
heat pipe walls, indicating that HP1 and HP2 could
be utilized as flexible heat pipes. HP1 was bent and
tested under anti-gravity conditions, as shown in
Figure 14. In Figure 14, the bent HP1 still
maintained exceptional conductivity and self-

actuating operation, demonstrating the flexibility of
topological wicks. This was instructive for
developing flexible and anti-gravity heat pipes.

Figure 14. Optical images of bended
sodium/Inconel 718 heat pipes in radiant heat
tests.

4.3. Further works
Recently, metamaterals were utilized to

accommodate thermal stress in heat pipe cooled
nosecaps. Nosecap shaped heat pipes,
incorporating topological wicks, were designed
and fabricated. Then their thermal properties and
thermal stresses were investigated via wind tunnel
tests. Mitigating undesired deformation
phenomenon was found. Details about this works
would be reported later.

5. Conclusions
In this study, metamaterials were utilized to

accommodate thermal stress in high-temperature
heat pipes. Sodium/Inconel 718 heat pipes,
incorporating topological wicks and traditional
wicks, were designed and fabricated. Subsequently,
their thermal properties were examined through
radiant heat tests and thermal stress simulations.
The analysis of experimental and simulation results
led to the following conclusions:
(1) Startup temperature of the sodium/Inconel

718 heat pipes was about 420°C. As heated from
room temperature to 900°C and 950°C, HP1
successfully startup, exhibiting uniform
temperatures of 750°C and 800°C, respectively.
(2) HP1 and HP2 displayed similar test results to

that of HP3, therefore it was concluded that the
presence of topological wicks did not affect
thermal behaviors of sodium/Inconel 718 heat
pipes.
(3) Topological wicks could accommodate

thermal stresses in sodium/Inconel 718 heat pipes.
With incorporation of topological wicks, a
reduction of about 21% maximum thermal stresses
was obtained
(4) The bent HP1 still maintained exceptional
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conductivity and self-actuating operation,
demonstrating the compatibility and flexibility of
topological wicks.
(5) This finding provided valuable insights for

mitigating undesired deformation in high-
temperature heat pipes, offering practical
guidance for engineering applications.
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Abstract 
This work proposes a new correlation to predict the pool boiling heat transfer coefficient of a two-phase thermosyphon. 
To achieve this, the heat transfer characteristics of the two-phase thermosyphon were experimentally studied using 
two working fluids: water and ethanol, for three different power levels. The proposed correlation is based on the 
bubble formation process and uses the dimensionless bubble release number, together with the pool boiling heat 
transfer coefficient. Additionally, the proposed correlation was compared with other literature correlations, showing 
good agreement with the experimental data. 

Keywords: Pool Boiling Heat Transfer Coefficient, Two-phase thermosyphon, Pool boiling 

1. Introduction
Two-phase closed thermosyphon is a highly 

efficient passive heat transfer device. This device 
can be described as an evacuated tube, sealed at both 
extremities, within which a working fluid is 
introduced. This device is typically composed of 
three sections: evaporator, adiabatic section, and 
condenser. The adiabatic section may be omitted, 
depending on the particular requirements of the 
thermosyphon application. During operation, a heat 
flow is imposed to the evaporator, resulting in the 
evaporation of the working fluid contained within 
this section. The vapor generated is capable of 
reaching the condenser section, as a consequence of 
the increased pressure in this section.  The heat is 
then rejected through the condensation of the 
working fluid in the condenser and the condensed 
liquid returns to the evaporator by the action of 
gravity, closing the phase change cycle. Due to this 
operating principle, two-phase thermosyphons are 
capable of transferring large heat flows, even with 
small temperature differences between the 

evaporator and the condenser. 
The startup of closed two-phase thermosyphons 

is triggered by the promotion of the working fluid's 
evaporation within the evaporator section. In the 
case of thermosyphons, this evaporation can occur 
through either pool boiling or film boiling, 
mechanisms, depending on geometry of the 
evaporator and the amount of the working fluid 
(filling ratio – ratio between the fluid and evaporator 
volumes).  

Both boiling and condensation heat transfer 
processes are convective, and so, they are associated 
with a heat transfer coefficient that characterizes 
them. The literature on two-phase thermosyphons 
presents several correlations for the estimation of 
the evaporator and condenser section heat transfer 
coefficients, resulted from the application of 
different methodologies.  

Specifically for pool boiling, Table 1 shows some 
of the correlations studied by Jafari et al. [1] to 
estimate this parameter in two-phase 
thermosyphons. 

Table 1. Pool boiling correlations. 
Correlations Authors 

he,p = 0.44Prl0.35 �
kl
Lb
� �

ρl
ρl − ρv

⋅
q ⋅ P × 10−4

ρvghfgμl
�
0.7

(1) Kutateladze [2] 

he,p = 0.075q0.67 �1 + 10 �
ρl

ρl − ρv
�
0.67

� �
kl2

νσT
�
0.33

(2) Labuntsov [3] 

he,p = 0.32�
ρl0.65kl0.3Cpl0.7g0.2 
ρv0.25hlv0.4μl0.1 � �

P
Patm

�
𝑭𝑭

q0.4 
whith   F = 0.30 (3) Imura et al.  [4] 
whith   F = 0.23 (4) Shiraishi et al.   [5] 

The subscripts l and v indicate the thermodynamic phase where the fluid property is estimated.
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In Tab. 1 Pr  is the Prandtl number, g  is the 
gravity acceleration, k is the thermal conductivity, 
ρ is the density, µ is the dynamic viscosity, 𝜐𝜐 is the 
kinematic viscosity, 𝜎𝜎 is the surface tension, Cp  is 
the specific heat, hfg  is the latent heat of 
vaporization, 𝑞𝑞  is the heat flux, P  and T  are the 
saturation pressure and temperature, respectively, 
𝑃𝑃𝑎𝑎𝑎𝑎𝑎𝑎  is the atmospheric pressure and 𝐿𝐿𝑏𝑏  is the 
bubble length given by [σ g(ρl − ρv)⁄ ]1 2⁄ . Each of 
the fluid properties must be obtained in accordance 
with its phase, indicated by the subscript: 𝑙𝑙 is the 
liquid phase and v is the vapor phase. 

Equations 1 and 2 are correlations derived from 
studies of pool boiling in the absence of 
confinement and with the heater situated 
horizontally at the bottom of the pool. Equation 3 
was developed by Imura et al.  [4] with pool boiling 
data for thermosyphons specifically. Subsequently, 
Shiraishi et al. [5] recommended modifying the 
exponent of the pressure term from 0.3 to 0.23 when 
water, ethanol, or R113 refrigerant are employed as 
the working fluid of the thermosyphon, see Eq. 4. 

In the study conducted by Jafari et al. [1], the 
authors sought to analyze the correlations presented 
in Table 1 in comparison with experimental data 
obtained from a thermosyphon. They observed 
discrepancies between the estimated values by each 
correlation. The correlations developed for 
unconfined pool boiling (Eqs. 1 and 2) yielded 
values for the heat transfer coefficient that were 
higher than those reported from the tested 
thermosyphon data. In contrast, the correlations 
developed with boiling data in thermosyphons (Eqs. 
3 and 4) show an agreement of ±30% with the 
experimental results. 

The discrepancy between the results may be 

attributed to the fact that the classical theory of pool 
boiling typically examines this phenomenon in 
horizontal heaters situated at the bottom of the liquid 
pool, a configuration that usually does not match 
with standard two-phase thermosyphon geometries. 
These devices typically have the evaporator 
oriented vertically, resulting in a vertically oriented 
heated tube wall. This geometry actually affects the 
balance of forces on the vapor bubble, as observed 
by Pabon et al. [6] in their study of geyser boiling in 
thermosyphons. Furthermore, the formation of the 
bubble may occur in a confined environment, 
depending on the internal diameter of the 
thermosyphon.  

The objective of this article is to present a 
correlation for the heat transfer coefficient of pool 
boiling for thermosyphons as a function of common 
dimensionless numbers. The correlation was 
obtained based on experimental data of a closed 
two-phase thermosyphon loaded with water and 
ethanol. 

2. Methodology 

2.1. Experimental Setup 

Figure 1a shows the thermosyphon used for the 
experimental study to obtain the evaporator boiling 
heat transfer coefficients. The thermosyphon used in 
this work was manufactured according to the 
methodology presented by Mantelli [7]. It consisted 
of a 500 mm stainless steel AISI 316 long tube, with 
inside and outside diameters of 22 mm and 25.4 mm, 
respectively. The evaporator, adiabatic and 
condenser sections were of 200 mm, 100 mm, and 
200 mm, respectively. The tube was sealed and 
vacuumed. 

 

  
a) Some components of bench. b) Instrumentation. 

Figure 1. Experimental bench. 
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The heat supply to the evaporator was provided 
by a 28 Ω electric resistance wire, evenly spaced and 
wrapped around the tube, to ensure uniform heat 
distribution along the evaporator. The resistance 
was connected to an Maisheng power supply, model 
MP15010D, capable of supplying a nominal power 
of up to 1500 W. To prevent heat losses, the 
evaporator, adiabatic and condenser sections were 
insulated with glass wool, with a thickness of 
44 mm. 

A copper serpentine with an outer diameter of 
6.35 mm and a thickness of 1 mm was used for heat 
dissipation in the condenser. The total length of the 
coil was 200 mm, evenly distributed over 14 turns 
around the condenser. Water circulated inside the 
serpentine, with the inlet temperature controlled at 
20°C using a thermal bath from the brand LAUDA, 
model LCK 2871. The mass flow rate was 
monitored by a rotameter from the brand Omega, 
model FL-1501A, maintaining a constant rate of 6.1 
g/s. 

The temperature distribution along the internal 
and external thermosyphon tube surfaces was 
measured using 20 thermocouples of type K 
(chromel-alumel). The distribution along the tube 
was as follows: 12 thermocouples in the evaporator 
section (6 internal and 6 external), 2 in the adiabatic 
section (1 internal and 1 external), and 6 in the 
condenser section (3 internal and 3 external). 
Additionally, three thermocouples were installed to 
measure the ambient temperature, as well as the 
inlet and outlet temperatures of the thermal bath. 
The locations of thermocouples are shown in Figure 
1b. 

An Omega pressure sensor, model PX409-
015V5V, was installed on top of the condenser to 
record the internal pressure of the thermosyphon 
during operation. This device is of the piezoresistive 
type, with a response time of less than 1 ms. Its 
measuring range varies between 0 to 15 psi. 

Data was collected using a Campbell Scientific 
data acquisition system consisting of a CR1000 
module, AM25T multiplexer, and data acquisition 
code developed in the Logger Net program. The 
time interval was set at 2 s to allow the datalogger 
to record all temperatures. 

Tests were carried out using two working fluids: 
water and ethanol, subjected to three heat rates: 
20W, 40W, and 60W applied to the evaporator 
section. The filling ratio (FR) was 60% (45.6 ml), 
where the FR expresses the ratio between the 
volume of the working fluid and the volume of the 
evaporator. 

In the experimental procedure, the mass flow rate 
of the thermal bath was first adjusted and then the 

temperature was set at 20°C. Once the condenser 
reached this target temperature, the power input in 
the evaporator section was set to 20 W. After 
reaching steady state conditions, the power was 
increased to 40 W and then to 60 W. 

2.2. Data reduction 
Radial heat transfer is used to determine the inner 

wall temperature of the tube, aiming for a more 
accurate heat transfer coefficient determination, 
during pool boiling. Actually, the wall temperature 
corresponds to the solid-liquid interface on the inner 
wall surface. This inside wall surface temperature is 
calculated from the outside temperature data, taking 
into account the wall thickness of the tube using 
Fourier’s Law (Bergman et al. [8]): 

 

𝑄𝑄 =
𝑇𝑇�𝑤𝑤,𝑒𝑒 − 𝑇𝑇�𝑤𝑤,𝑖𝑖

ln (𝐷𝐷𝑒𝑒𝑒𝑒𝑒𝑒/𝐷𝐷𝑖𝑖𝑖𝑖)
2𝜋𝜋𝜋𝜋𝐿𝐿𝑒𝑒

 (5) 

 

where Q is the electrical power that is applied to the 
evaporator section obtained by the multiplication of 
the voltage (V) and the current (I) of the electrical 
source; 𝐷𝐷𝑒𝑒𝑒𝑒𝑒𝑒 and 𝐷𝐷𝑖𝑖𝑖𝑖𝑖𝑖 are the external and internal 
diameters, respectively; 𝑘𝑘  is the thermal 
conductivity of stainless steel (tube material), and 
𝐿𝐿𝑒𝑒 is the evaporator section length. The evaporator 
wall surface temperature 𝑇𝑇�𝑤𝑤𝑤𝑤  is considered as the 
average of six temperatures measured at the 
evaporator section. 

The evaporator heat transfer coefficient ℎ𝑒𝑒  is 
calculated as the ratio of applied heat flux in the 
evaporator to the temperature gradient between the 
evaporator wall internal and the temperature at the 
center of the pool, measured by the thermocouple in 
the position 6 centimeters from the bottom; It is 
calculated as follows: 

 

ℎ𝑒𝑒𝑒𝑒𝑒𝑒.  =
𝑄𝑄

𝐴𝐴�𝑇𝑇𝑤𝑤,𝑖𝑖 2 − 𝑇𝑇𝑖𝑖 2�
 (6) 

 
where 𝐴𝐴 is the outside surface area of the evaporator 
section.  

2.3. Heat Transfer Coefficient Correlation   
To develop a new correlation for the heat transfer 

coefficient in the evaporator section, the physical 
mechanisms of pool boiling associated with the 
growth of vapor bubble need to be known.  

 Carey [9] explains that the formation and growth 
of a vapor bubble occur in two consecutive stages. 
Initially, the bubble growth is controlled by inertia: 
the growth rate is governed by the interaction 
between the bubble and the surrounding liquid in 
movement. This mechanism persists until the 
bubble reaches a size such that the interfacial heat 
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transfer between the vapor and the liquid becomes 
significant. In the second stage, the growth becomes 
controlled by the heat transfer, and the bubble 
expands more slowly, constrained by the heat 
supplied to the liquid-vapor interface. 

Besides those mechanisms, Mantelli [7] 
highlights what the size of the bubble at the moment 
it detaches is primarily determined by the balance of 
interfacial tension and buoyancy forces. These 
forces influence the growth and size of a bubble on 
the metallic surface of the thermosyphon. Thus, an 
effective way to evaluate these mechanisms during 
the boiling process is through the use of 
dimensionless numbers. According to Bergman et al. 
[8], this approach enhances the understanding of 
related physical mechanisms and suggests 
simplified procedures for generalizing and 
representing heat transfer results. 

In this context, some dimensionless numbers are 
frequently used to characterize pool boiling such as: 
Prandtl, Jakob, Bond and Grashof.  

In a thermosyphon, there is a minimum heat flux 
necessary for the device to avoid operating in the 
Geyser Boiling regime, which is characterized by 
significant temperature and pressure oscillations. 
This condition can be represented by the 
dimensionless parameters mentioned above. 
Cisterna et al. [10] experimentally demonstrated 
that bubble formation is directly related to the wall 
superheating temperature and they proposed a 
dimensionless number, known as the bubble release 
number (𝜑𝜑), which quantifies the necessary wall 
superheat to form a bubble, at a given liquid pool 
saturation temperature, given by: 

 

𝜑𝜑 =
∆𝑇𝑇
𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠

=
𝑇𝑇𝑤𝑤 − 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠
𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠  

 (7) 
 

where 𝑇𝑇𝑤𝑤  and 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠  represent wall temperature and 
liquid pool saturation temperature, respectively.  

Furthermore, Jensel and Memmel (apud [9]) 
developed a correlation that takes into account the 
effects of bubble growth. This correlation considers 
the bubble departure diameter, buoyancy force, 
surface tension, inertia, thermophysical properties, 
and wall superheat temperature.  

Cisterna et al. [10] showed that the correlation 
proposed by Jensel and Memmel (apud [9]) exhibits 
good agreement in representing bubble departure 
phenomena in thermosyphons and demonstrated 
that this equation can be associated with bubble 
release number (𝜑𝜑)  and other dimensionless 
parameters, by the expression: 

 

𝜑𝜑 = 𝑎𝑎1
𝐶𝐶𝑜𝑜1,5

𝐵𝐵𝑜𝑜𝑐𝑐
1,44 ∙

Pr𝑙𝑙 ∙ 𝐺𝐺𝑟𝑟𝑐𝑐
𝐽𝐽𝑎𝑎𝑐𝑐

 (8) 
 

where 𝑎𝑎1 is a constant related to the fluid, 𝐶𝐶𝐶𝐶 is the 
confinement number, 𝑃𝑃𝑟𝑟𝑙𝑙  is the Prandtl number, 
𝐺𝐺𝑟𝑟𝑐𝑐  is the corrected Grashoff number, 𝐵𝐵𝑜𝑜𝑐𝑐  is the 
corrected Bond number, and 𝐽𝐽𝑎𝑎𝑐𝑐  is the corrected 
Jakob number, all depending on the operating 
temperature, thermophysical properties of the 
working fluid, and internal diameter of the 
thermosyphon. These paraments are written as: 
 

𝐶𝐶𝐶𝐶 =
𝑑𝑑𝑏𝑏
𝐷𝐷𝑖𝑖𝑖𝑖𝑖𝑖

 (9) 

𝑃𝑃𝑃𝑃𝑙𝑙 =
𝑐𝑐𝑝𝑝𝑝𝑝 ∙ 𝜇𝜇𝑙𝑙
𝑘𝑘𝑙𝑙

 (10) 

𝐽𝐽𝑎𝑎𝑐𝑐 =
𝜌𝜌𝑙𝑙 ∙ 𝑐𝑐𝑝𝑝𝑝𝑝 ∙ 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠
𝜌𝜌𝑣𝑣 ∙ ℎ𝑙𝑙𝑙𝑙

 (11) 

𝐵𝐵𝐵𝐵𝑐𝑐 =
g ∙ (𝜌𝜌𝑙𝑙 − 𝜌𝜌𝑣𝑣) ∙ 𝐷𝐷𝑖𝑖𝑖𝑖𝑖𝑖2

𝜎𝜎
 (12) 

𝐺𝐺𝐺𝐺𝑐𝑐 =

g ∙ (𝜌𝜌𝑙𝑙 − 𝜌𝜌𝑣𝑣)
𝜌𝜌𝑙𝑙

∙ 𝐷𝐷𝑖𝑖𝑖𝑖𝑖𝑖3

𝑣𝑣𝑙𝑙2
 (13) 

 
It is important to emphasize that the corrected 

dimensionless numbers: Jakob, Bond and Grashof, 
have the same physical meaning as their original 
ones.  

However, when predicting boiling in 
thermosyphons, one major difficulty lays in 
obtaining the initial departure diameter of the 
bubble. This term has been extensively studied in 
the literature, and some authors have demonstrated 
a relationship between the bubble release frequency 
and its initial diameter. Different mechanisms such 
as heat transfer (Ivey [11]; Mikic and Rohsenow 
[12]), inertia (Ivey [11]; Cole [13]), and natural 
convection (Zuber [14]) were considered the 
foundations of these correlations.  

Souza [15] observed that the confinement 
number (Eq. 9), can be expressed in terms of the 
corrected Jakob number: 

 

𝐶𝐶𝐶𝐶 = 𝑏𝑏1 ∙ 𝐽𝐽𝐽𝐽𝑐𝑐
0,8  (14) 

 

where 𝑏𝑏1  is a constant associated with the fluid. 
Thus, by applying Eq. 14 to Eq. 8, one gets: 

 

𝜑𝜑 = 𝐶𝐶1 ∙  𝐽𝐽𝐽𝐽𝑐𝑐
0,8 ∙

Pr𝑙𝑙 ∙ 𝐺𝐺𝑟𝑟𝑐𝑐
𝐵𝐵𝑜𝑜𝑐𝑐

1,44  (15) 
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where 𝐶𝐶1 is a constant expressed as a function of 𝑎𝑎1 
e 𝑏𝑏1 . In this context, Souza [15] observed that 
several effects are relevant for liquid-vapor phase 
change in a pool boiling regime: heat transfer, 
buoyancy, surface tension and viscous forces.  

In a thermosyphon, the pool boiling at a liquid-
solid interface occurs when the wall surface 
temperature is higher than the saturation 
temperature (which corresponds to the pressure in 
the liquid). Thus, the heat transfer rate from solid to 
the liquid can be calculated by: 

 
𝑞𝑞 = ℎ𝑒𝑒 ∙ 𝐴𝐴 ∙ (𝑇𝑇𝑤𝑤 − 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠)  (16) 

 
where ℎ𝑒𝑒  is the heat transfer coefficient for pool 
boiling. Therefore, by substituting Eq. 7 into Eq. 16, 
a new heat transfer expression is written in terms of 
the heat transfer coefficient for pool boiling: 
 
ℎ𝑒𝑒 =

𝑞𝑞
𝐴𝐴 ∙ (𝑇𝑇𝑤𝑤 − 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠) 

=
𝑞𝑞

𝐴𝐴 ∙ 𝜑𝜑 ∙ 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠
 (17) 

 
It is important to note that, in a thermosyphon, 

there is a critical heat flux at which vapor bubbles 
coalesce near the tube wall, preventing the working 
fluid in liquid state from making contact with the 
wall. At this point, the wall temperature increases 
rapidly, causing ℎ𝑒𝑒  to experience oscillations 
(Faghri [16]).  

Additionally, according to Carey [9], if sufficient 
heat is added to the system, the liquid near the wall 
may slightly exceed the equilibrium saturation 
temperature. Once the temperature is higher at the 
solid surface, the formation of an vapor embryo is 
more likely to occur at the solid-liquid interface. 

Finally, by substituting Eq. 15 into Eq. 17, the 
heat transfer coefficient can be represented by: 

 

ℎ𝑒𝑒 =
1
𝐶𝐶1
∙ �

𝐵𝐵𝑜𝑜𝑐𝑐
1,44

𝐽𝐽𝐽𝐽𝑐𝑐
0,8 ∙ Pr𝑙𝑙 ∙ 𝐺𝐺𝑟𝑟𝑐𝑐

� ∙
𝑞𝑞

𝐴𝐴 ∙ 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠
 (18) 

 
The coefficient 𝐶𝐶1 is an experimental parameter, 

that can be expressed in terms of dimensionless 
parameters. In this paper, it is expressed as a 
function of the corrected dimensionless numbers: 
Bond, Jakob and Grashof, by: 

 
𝐶𝐶1 = 𝑎𝑎 ⋅ 𝐵𝐵𝑜𝑜𝑐𝑐𝑏𝑏 ∙ 𝐽𝐽𝑎𝑎𝑐𝑐𝑐𝑐 ∙ 𝐺𝐺𝑟𝑟𝑐𝑐𝑑𝑑 (19) 

 
The coefficients 𝑎𝑎, 𝑏𝑏, 𝑐𝑐 e 𝑑𝑑 were adjusted based 

on experimental data obtained from thermosyphon 
operating with water and ethanol as working fluids, 
for vapor temperatures ranging between 40°C and 
70°C, as discussed later in this paper. 

3. Results and discussions 

3.1. Temperature distribution analysis 
Figures 2 and 3 illustrate the temperature 

distributions over time for the thermosyphon tests 
loaded with water and with ethanol, respectively. 
The plots are divided by black dashed vertical lines, 
corresponding to the three levels of heat power 
inputs: 20, 40, and 60 W. For each of these tests, the 
thermal bath inlet temperature 𝑇𝑇𝑇𝑇𝑇𝑇,𝑖𝑖𝑖𝑖 was 
maintained at 20 °C, while the outlet temperature, 
𝑇𝑇𝑇𝑇𝑇𝑇,𝑜𝑜𝑜𝑜𝑜𝑜 , increased a little. The temperature lines 
correspond to the average values of the 
thermocouples located in each section of the 
thermosyphon, both for the external wall 
instrumentation and for the thermocouples located 
internally in the three sections. Furthermore, the 
steady-state regime is considered achieved when the 
temperatures exhibit a horizontally uniform 
behavior, characterized by the last 3000 seconds 
before changing the power level.  
 

 
Figure 2. Temperatures of the thermosyphon 
loaded with a FR of 60% water. 
 

 
Figure 3. Temperatures of the thermosyphon 
loaded with a FR of 60% ethanol. 
 

As illustrated in Figures 2 and 3, the evaporator 
wall temperature is observed to exceed the internal 
temperature of this same section, thereby indicating 
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the direction of the heat flow. However, for the 
adiabatic section, the internal and external 
temperatures are quite similar. In the condensate, 
the opposite behavior is observed where the internal 
temperatures exceed the external ones, thereby 
indicating heat rejection by the coil. 

3.2 Heat transfer coefficient  

The experimental heat transfer coefficient for 
pool boiling can be obtained from Eq. 6. It is 
important to note that during the transient regime, 
this coefficient exhibits significant fluctuations, 
potentially reaching very high values. However, in 
steady-state conditions, the heat transfer coefficient 
shows more uniform values, which occurs due to the 
absence of temperature oscillations, as shown in 
Figs. 2 and 3. 

The steady-state data were processed, and the 
experimental convective heat transfer coefficients 
were calculated for water and ethanol. Through this 
data, a linear regression method was applied to 
obtain the values of the coefficients a, b, c e d. The 
values obtained for the four constants are, 
respectively: 1,−1,−2 e −0,23. Thus, the equation 
that estimates the heat transfer coefficient for pool 
boiling can be expressed as: 
 

ℎ𝑒𝑒 = �
𝐵𝐵𝑜𝑜𝑐𝑐

2,44𝐽𝐽𝐽𝐽𝑐𝑐1.2

Pr𝑙𝑙 ∙ 𝐺𝐺𝑟𝑟𝑐𝑐0.77� ∙
𝑞𝑞

𝐴𝐴 ∙ 𝑇𝑇𝑠𝑠𝑠𝑠𝑠𝑠
 (20) 

 
Table 2 presents the average values of the 

experimental heat transfer coefficient for each of the 
fluids, at the three power levels studied, together 
with the value estimated from the proposed 
correlation (Eq. 20) and the relative errors in 
comparison with the experimental data. 

As evidenced by the data presented in Table 2, the 
two higher values of the relative errors associated 
with the evaporator heat transfer coefficient are 

observed at low power levels, of 20 W. For the water 
and ethanol, these errors are 19% and 27.5%, 
respectively. 
 

Table 2. Values of ℎ𝑒𝑒𝑒𝑒𝑒𝑒. and  ℎ𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐. . 

Fluid Q 
(W) 

𝐓𝐓𝐬𝐬𝐬𝐬𝐬𝐬 
(°𝐂𝐂) 

𝐡𝐡𝐞𝐞𝐞𝐞𝐞𝐞. 
(W/m²K) 

𝐡𝐡𝐜𝐜𝐜𝐜𝐜𝐜𝐜𝐜𝐜𝐜𝐜𝐜. 
(𝐖𝐖/𝐦𝐦²𝐊𝐊) 

Error 
(%) 

Water 
20 40 519.69 618.76 19.06 
40 53 647.08 584.14 9.73 
60 62 638.02 534.85 16.17 

Ethanol 
20 44 772.43 560.30 27.46 
40 50 680.79 573.99 15.69 
60 67 649.92 535.64 17.58 

 
An analysis based on dimensionless numbers 

showed that the Jakob and Prandtl numbers are the 
most sensitive to variations of the thermosyphon 
saturation temperature, with the highest values 
observed at 20W. Actually, at lower power levels, 
thermal effects associated with sensible heat and the 
diffusivity of momentum dominate the mechanisms 
of vapor bubble formation and growth. 

In order to be able to compare the correlations in 
Table 1 with the correlation proposed in this article 
(Eq. 20), the experimental heat flow and saturation 
temperature data were used to generate Tables 3 and 
4, for water and ethanol, respectively. These tables 
present the experimental convective heat transfer 
coefficient data for boiling, organized into three 
power levels. The convective coefficients estimated 
by the different correlations are also show for these 
power levels as well as the relative errors compared 
to the experimental data. Values in red and with a 
negative sign indicate that the correlation 
underestimated the experimental coefficient, while 
positive values (in black) signal that the correlation 
overestimated the experimental results. 
 

 
 

Table 3. Comparison of convective boiling coefficients in a pool of water for the various correlations. 
Water 

Equation 
20W 40W 60W 

h [w/m²K] Error [%] h [w/m²K] Error [%] h [w/m²K] Error [%] 
Experimental 519,69 - - - - 647,08 - - - - 638,02 - - - - 
Proposal Correlation 618,76 19,06% 584,14 -9,73% 534,85 -16,17% 
Kutateladze 194,28 -62,62% 361,69 -44,10% 529,79 -16,96% 
Labuntsov 287,97 -44,59% 496,91 -23,21% 689,59 8,08% 
Imura 1298,70 149,90% 1838,58 184,13% 2273,28 256,30% 
Shiraishi 1557,00 199,60% 2110,40 226,14% 2528,42 296,29% 
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For water (Table 3), the proposed correlation 
showed the closest results from the experimental 
data, with errors ranging from 19.06% to -16.17%. 
These deviations indicate that the model tends to 
overestimate the coefficients at lower power levels 
and underestimate them at higher power levels.   

On the other hand, the models by Kutateladze and 
Labuntsov tended to underestimate the heat transfer 
coefficients. Kutateladze showed large deviations, 
with errors up to -62.62% at 20W, while Labuntsov 
presented a smaller deviation at higher power levels, 
reaching an error of 8.08% at 60W.  

 

The models by Imura and Shiraishi overestimated 
the heat transfer coefficients at all power levels for 
water. These models generated errors ranging from 
149.90% to 256.30%, indicating that these models 
are not suitable for water under tested conditions, of 
heat fluxes below 3800 W/m²K (power levels below 
60W). It is worth noting that Jafari et al. [1] 
recommend these equations for high heat fluxes.  

Similarly, an analysis of the correlations using 
ethanol as the working fluid was conducted based 
on Table 4. 
 

Table 4. Comparison of convective boiling coefficients in a pool of ethanol for the various correlations. 
Ethanol 

Equation 
20W 40W 60W 

h [w/m²K] Error [%] h [w/m²K] Error [%] h [w/m²K] Error [%] 
Experimental 772,43 - - - - 680,79 - - - - 649,92 - - - - 
Proposal Correlation 560,30 -27,46% 573,99 -15,69% 535,64 -17,58% 
Kutateladze 107,35 -86,10% 200,87 -70,49% 299,56 -53,91% 
Labuntsov 152,49 -80,26% 259,45 -61,89% 359,82 -44,64% 
Imura 633,16 -18,03% 909,00 33,52% 1143,93 76,01% 
Shiraishi 706,16 -8,58% 971,66 42,73% 1183,49 82,10% 

 
For ethanol (Table 4), it was observed that the 

proposed correlation underestimates the heat 
transfer coefficients at all power levels, with errors 
ranging from -27.46% at 20W to -17.58% at 60W. 

The models of Kutateladze and Labuntsov follow 
the same trend, underestimating the heat transfer 
coefficients at all power levels. However, these 
models show larger variations, with errors ranging 
from -44.64% to -86.10%, indicating that the 
proposed model showed less discrepancy. 

Meanwhile, the models of Imura and Shiraishi 
underestimate the values at 20W, with errors of -
18.03% and -8.58%, respectively. However, as the 
power increases, these correlations begin to 
overestimate the convective boiling coefficients, 
reaching maximum errors of 76.01% and 82.10% at 
60W, respectively. 

4. Conclusions 
This study experimentally investigated the heat 

transfer coefficient for pool boiling using a stainless 
steel thermosyphon with an outer diameter of 
25.4 mm and an inner diameter of 22 mm. The 
evaporator and condenser were of 200 mm in length, 
with a 100 mm of adiabatic section. The 
thermosyphon was filled with water and ethanol at 
a filling ratio of 60%. Using internal and external 
thermocouples, the convective boiling coefficient 
was experimentally estimated. Based on this 
experimental data, a linear regression correlation 

was developed using dimensionless numbers which 
are used to characterize boiling. Additionally, the 
data were compared with four well known 
correlations from the literature, showing that the 
proposed correlation provided the best fit for both 
water and ethanol, with a maximum error of 27.05%. 
The pool boiling correlations without confinement, 
such as those of Kutateladze and Labuntsov, tend to 
underestimate the convective coefficients for both 
fluids. However, the models for pool boiling (Imura 
and Shiraishi) overestimate the convective 
coefficient when the fluid is water. For ethanol, 
these models showed good agreement at low power 
levels (20W) but deviated as the power increased, 
indicating that these correlations lose accuracy 
under higher heat flux conditions. Thus, the 
proposed correlation proved to be more suitable for 
both fluids across the investigated power ranges. 
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Abstract 
In the present study, pressure drop measurements of a water two-phase flow inside capillary tubes with low mass flow 

rates under condensation was carried out. The major objective is to understand the mechanics that drive such flows, 

so that this knowledge can be used to assisting the design of condensers of small two-phase devices, such as miniature 

loop heat pipes. A simple but interesting workbench, where water vapor flows passively through the capillary tube 

given by its vapor pressure, was developed. Two capillary tubes were used, one made of copper with 1.01 mm of 

internal diameter and another of transparent material (PVC) for visualization in order to understand the physics of 

confined flows. The experimental results shown that the liquid pressure drop plays the major role in such flows, given 

by the coalescence of liquid forming slugs that occupies the whole internal diameter of the capillary tube, which are 

pushed along the tube due to the vapor pressure increase. Two techniques for the pressure drop measurement were 

used: pressure transducers and thermodynamic tables, where the saturation temperature of the working fluid under 

phase change conditions were the entry parameter. An average difference between the data of 15% was obtained. 

Therefore, the results showed insightful information for designing new heat pipe condensers. 

Keywords: pressure drop, two-phase flows, confined flows, capillary tubes, loop heat pipe

1. Introduction

The use of capillary tubes in phase-change 

cooling devices, especially for the thermal 

management of electronic components, has 

increased over the years with the simultaneous 

augment of processing power and miniaturization of 

gadgets. In this context, research resources have 

been spent in efforts aiming the development of 

miniaturized heat pipe technologies, where phase 

change takes place within mini or microchannels. 

To properly design mini/micro heat transfer 

devices able to remove high heat fluxes from 

electronics, a comprehensive understanding of the 

physical phenomena responsible for the pressure 

drops of working fluids flowing in small cross-

section channels subjected to vapor/liquid phase 

change, is of utmost importance. 

In the literature, single-phase flow pressure drops 

within mini and/or microchannels are well 
characterized, and many correlations are available. 

Beyond the fluid inertia and viscosity, the pressure 

drops in two-phase flows are also influenced by the 

gas-liquid interfacial tension forces, the wettability 

of the liquid, and the exchange of momentum 

between both phases [1]. Moreover, in diabatic 

conditions, the vapor quality must be considered too. 

Usually, two-phase flows are considered as a 

combination of gas and liquid (e.g. air and water) 

adiabatic parallel flows, so that the pressure drops 

are mainly the result of the friction forces. Usually, 

for larger devices, the prediction of pressure drop 

can be reasonable once the pressure variation due to 

phase change can be negligible when compared to 

that of the friction forces.  

For small devices, is hard to find a correlation 

suitable for estimating the two-phase pressure drop, 

as most of them were developed for large tubes, 

with high mass flow rates and, besides, do not take 

into consideration phase changes [2]. Actually, they 

tend to overpredict pressure drops, especially for 

small tubes and low mass flow rates [3]. However, 

in many literatures works, the available two-phase 

flow correlations are still used for the pressure drop 

predictions [4–6].  

An experimental work of measuring the pressure 

drops in capillary tubes is carried out. Water in very 

low mass flow rates, under condensation, are 

considered. The major objective is to understand the 

physical mechanisms that rules the pressure drops in 

capillary tubes. In the proposed apparatus, a 
capillary copper tube of 1.01 mm and a transparent 

tube (PVC) of 0.446 mm were used. Heat is 

removed by natural convection causing the vapor-

liquid phase change.  

The physics and hypotheses found in the present 

research are applied to investigate the pressure drop 

of a loop heat pipe (LHP), bringing a real 

contribution for the state of the art for scientific 

community, providing a new approach for the 

designing of condensers.   
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2. Experimental workbench 

Figure 1 shows the proposed experimental 

apparatus designed to measure the pressure drop of 

a capillary tube, in a simple but useful way. The 

workbench consisted of a boiler with the studied 

fluid inside. A metallic mesh screen is used in the 

liquid pool before the boiler exit, to avoid geyser 

boiling and to separate the vapor from the liquid. 

The boiler is bottom heated by an electrical 

resistance using a power supply. The boiler was 

highly insulated from the environment with a box 

filled with vermiculite (low thermal conductivity). 

Also, the exit of the boiler and the sensors were 

insulated by Armflex® blankets. A mass flow rate of 

vapor leaves the boiler, entering the capillary tube, 

being condensed due to external heat transfer by 

natural air convection, along the tube. Therefore, the 
pumping of the working fluid through the capillary 

tube was performed only by the vapor pressure, i.e., 

such as in real applications including loop heat pipes.  

They were used two capillary tubes of 480 mm of 

length, of different materials: copper and 

transparent PVC, of 1.01 mm and 0.446 mm of 

diameters, respectively. The PVC tube allowed for 

the visualization of the flow. Figure 2 shows a 

microscopic view of the cross section of these tubes. 

Four T-type thermocouples were used to measure 

the temperatures along the experimental apparatus: 

T1 located inside the boiler pool, T2 in boiler outlet, 

while T3 and T4 monitored the inlet and outlet 

temperatures of the capillary tube (test section). 

Also, three pressure transducers were used: two in 

the capillary tube inlet (a differential, Keller® PD-

33X, with the atmosphere pressure as the reference 

and an absolute, Keller® 23SY-Ei); and one absolute 

(Keller® M5 HB) in the outlet of the test section. 

The pressure variation between the inlet and outlet 

of the tube can also be evaluated by thermodynamic 

tables once the confined flow is in under 

condensation, i.e., under saturation conditions. The 

applicability of the temperature approach to 

accessing the pressure drop along a heat pipe is 

discussed later in the present manuscript. To 

guarantee air leakage from the environment to 

inside the capillary tube, the experiments were 

performed for inlet pressures above the atmosphere. 

The pressure drop measurements were performed 

only after the flow reached stable condition, which 

means an average pressure variation of less than 60 

Pa, measured by the differential pressure transducer, 

in one minute. Note that stable condition is more 

accurate term due to the intrinsic oscillations of the 

flow around a constant average level. After, for all 

tests, the stable conditions were achieved, the 

condensate collected at the end of the capillary tube 

was weighted during around 300 seconds in order to 

estimate the liquid mass flow rate. 

In the present apparatus, the vapor pressure 

buildup in the boiler was the driving force 

mechanism that pushed the two-phase flow along 

the tube. When liquid was able to form slugs, 

fulfilling the tube cross section, the friction forces, 

between liquid and wall, increased. The more the 

vapor condensed, the larger the friction forces and 

the larger the boiler vapor pressure. The boiler used 

in this work was not able to handle too high 

pressures and, therefore, the average vapor qualities 

varied between 71% and 84%. Vapor mas flow rate 

(ṁ=ṁv) leaving the boiler was estimated by a heat 

energy balance, in stable conditions, resulting in:  
 

v

lv

q
m m

h
= =   (1) 

 

where q is net power input, provided by the input 

voltage times the electrical current, q = V.I, 

(discounting the heat losses, qloss), and hlv is the 

latent heat of vaporization. 

By collecting and weighting the condensate at the 

end of the tube, the vapor quality can be assessed: 
 

1 l
v

v

m
x

m
= −   (2) 

 

The heat loads applied to the copper tube varied 

from 30.3 to 53.5 W, resulting in mass flow rates 

from 1.24 to 2.24x10-5 kg/s, while 30.72 W (1.25 

x10-5 kg/s), was applied to the PVC tube. 
 

 

Figure 1. Experimental workbench for the two-

phase pressure drop measurement. 

 
Figure 2. Microscopic image of the internal 

diameters of the a) copper tube and b) PVC tube. 

For estimating the uncertainty of the 
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experimental measurements (temperature, pressure, 

voltage, and current), the error propagation method 

was used, using the following expression [7]: 
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( ) ( )
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i

i i
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 

=

 
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            (3) 

 

where yi is the variables that provide uncertainties to 

the experimental measurement and f is the function 

regarded to the estimation of the measurement. 

As mentioned, besides measuring the local 

pressure with transducers, thermodynamic tables 

were used to estimate the pressure, using the 

saturation temperature as input data. Thus, the local 

saturation pressure has an uncertainty related to the 

temperature measurement, i.e.: 
 

  ( ) ( )satp p T =                                      (4) 
 

where T is the temperature uncertainty given by the 

thermocouple measurement. 

The standard uncertainties of the sensors used in 

the experimental workbench is shown in Table 1. 
 

Table 1. Standard uncertainties of the sensors 

used in the experiment. 

Measurement Sensor 
Standard 

uncertainty 

Differential pressure Keller® PD-33X 60 Pa 

Absolute pressure Keller® M5 HB 320 Pa 

Absolute pressure Keller® 23SY-Ei 500 Pa 

Temperature Thermocouples 0.58 °C 
 

3. Physical behavior of the confined flow 

Although there is no proper criterion for 

determining confinement of a fluid flow, the non-

dimensional number, Confinement number (Co), 

which as initially proposed for confined boiling 

flow [8], shall be used for condensation, as 

recommended by Kew and Cornwell [9]  

(considered confined if Co > 0.5). This non-

dimensional parameter is defined as following: 
 

( )l v

h

g
Co

d

  −
=                                            (5) 

 

where σ is the fluid surface tension, g the gravity 

acceleration, 𝜌𝑙 and 𝜌𝑣 are the densities of the liquid 

and vapor respectively, and 𝑑ℎ  is the hydraulic 

diameter of the capillary tube. The confinement 

number of the tubes with internal diameters of 1.01 

mm and 0.446 mm were 2.47 and 5.56, respectively, 

therefore in confinement conditions. 

As described in the experimental workbench 

section, the same flow conditions, tested for the 

copper capillary tube of 1.01 mm in diameter, was 

performed using a transparent tube (high quality 

PVC material) to understand the physics behind the 

confined flow under condensation. For estimating 

the pressure drop along the capillary tube, stabilized 

conditions were used, considered achieved when the 

local pressures reached a constant level while 

intrinsic fluctuations in the pressure, given by the 

confined flow, are observed. 

Figure 3 shows the absolute inlet pressure as a 

function of time for water flowing at 1.24x10-5 kg/s 

(30.7 W) inside the PVC tube of 0.44 mm in internal 

diameter. This graph demonstrates the inlet pressure 

variation while the fluid flow was visualized and 

recorded, which the images are shown in Figure 4. 

Although the heating up starts from the environment 

conditions, at low pressures and temperature, the 

plot shows data after boiling was already happening. 
At around 3500 seconds, the flow reached a stable 

condition, where the inlet pressure remained at a 

constant value of around 126 kPa. Some small 

intrinsic fluctuations are observed due to the sensor 

noise, which was around  100 Pa (checked by 

measuring liquid single-phase pressure drops). The 

fluctuations were added to others, with higher 

intensity, as shown in the zoon view of Figure 3 

(4200 to 4700 seconds) where oscillations of up to 

600 Pa were observed. 
 

 
Figure 3. Absolute inlet pressure as a function of 

time for water flowing at 30.72 W along the PVC 

tube of 0.446 mm in internal diameter. 

The four images within 2 seconds (taken zero as 

the time for the first picture) obtained from the PVC 

tube after stable conditions were reached (see Figure 

4) helps in the understanding of the confined two-

phase flow physical behavior. The average vapor 

quality of this flow was of around 75%. At the 

instant zero (0 s, Figure 4a), it can be observed that 

both fluid phases (liquid and vapor) are flowing in 

parallel. Although the mass flow rates are small, the 

very small tube cross section areas results in high 
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vapor flow velocities. However, after only a few 

milliseconds later, the flow is almost blocked by 

condensed liquid slugs that fulfills the cross-section 

areas of the tube. The solid liquid surface tension 

resulting in liquid wall friction forces that slows 

down the flow. At Figure 4b, the velocity of the 

flow is drastically reduced staying in this condition 

for almost for 1 second, as shown in Figure 4b, c 

and d. In these moments, due to the low velocity of 

the fluid, the achieved laminar are clearly observed. 

The increase in the friction forces between the liquid 

and the wall requires the vapor pressure to increase 

to push the liquid plugs, and abrupt increase in the 

inlet pressure (buildup in the boiler), shown in 

Figure 3. When the vapor pressure could suppress 

the static friction force between the liquid and wall, 

the fluid flowed and the fluid pressure reduced back 

to the initial condition, as observed in Figure 3 and 

Figure 4e and f. In these conditions, some 

turbulences can be seen due to the high vapor 

velocity.  

In general, the confined fluid flow can be 

characterized by a high velocity flow with low 

pressure drop, which suddenly is slowed due to 

liquid slugs, changing its configuration to a low 

velocity flow with liquid and vapor in series. Also, 

in such confined flow, a different vapor quality 

distribution when compared to conventional flows 

(non-confined ones) can be observed, where values 

of zero can be assigned to the liquid plugs and one 

to the region occupied by vapor. The average vapor 

title is actually a “volume average” between these 

two values.  

 

 
 

a) 0s (reference) b) 19 ms 

  
c) 44 ms d) 1s 13 ms 

  
e) 1s 36 ms f) 1s 57 ms 

Obs. The times are referred to the reference time (t=0), picture a). 

Figure 4. Different characteristics of the water flow at 30.72 W along the PVC tube of 0.446 mm in internal 

diameter, after achieved stabilized conditions. 

4. Theoretical pressure drops 

The single-phase (liquid or vapor) flow has been 

extensively studied in the literature and is well 

characterized by theoretical equations. The 

expression for estimating the pressure drop of 

single-phase flows can be written as following [8]: 
 

2 22 ( )
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k h
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 = +  (6) 

 

where L is the tube length, um is the mean velocity 

of the fluid, G is the mass flux, dh is the internal 

hydraulic diameter and k () is the incremental 

pressure defect, which assumes a constant value of 

1.28 for fully developed flows. Lastly, fk is the 

friction factor, which represents the friction between 

single-phase (subindex k is for vapor -v- or liquid - 

l) and wall. Blasius developed the correlation for 

estimating the friction factor that depends on the 

flow regime (laminar and turbulent) [10]: 
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where Rek is the unidimensional Reynolds number 

that depends on the flow regime, given by: 
 

Re k h
k

k

Gj d


=                                                   (8) 

 

where jk is the phase representation, in which for 

liquid jl = 1-x, while, for vapor jv = x, where x is 

the vapor quality. 𝜇𝑘 is fluid the viscosity. 

Differently from the single-phase, the physics of 

the two-phase flows are complex and still needs 

deeper understanding, especially the confined ones. 

The two-phase pressure drop is influenced by 

several parameters such as fluid inertia, fluid 

viscosity, the wettability of the liquid in the surface 

of the tube, the vapor quality and the interfacial 

interaction between the vapor and liquid, the vapor 

and the wall, and the liquid and the wall. The liquid 

loses velocity due to the friction forces resulting 

from these interactions. 

Most of the works available in the literature 

studied the pressure drop of two-phase flows along 

a diabatic tube, i.e., without condensation, where 

two different fluids are mixed, such as water and air. 

In these cases, the pressure drops observed are 

related to the friction between the fluids and 
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between the fluids and the wall. On the other hand, 

in real applications, the condensation must be 

considered. Due to the phase-change, the vapor 

quality decreases while it flows through the tube 

losing heat, which causes the fluid deceleration 

(reduction of the fluid velocity), affecting the total 

flow pressure drops. This deceleration pressure is 

usually neglected for designing condensers of heat 

pipes. The importance of this term increases with 

decreasing the internal diameter of the channel, i.e., 

for confined flows, the deceleration pressure 

become even more important. Also, as found 

studying the physics behind the confined flow, the 

trapping of liquid slugs when it fulfills the cross-

section of the channel must be considered, as 

capillary forces can be developed. Therefore, the 

total two-phase pressure drop of confined flows can 
be estimated by the sum of the following terms: 

friction between the two phases (∆ptp,fr), the 

gravitational force (∆ptp,g), the acceleration or 

deceleration of the fluid due to phase change 

(∆ptp,d) [1], friction between vapor phase and wall 

(∆pv,fr), friction between liquid phase and wall 

(∆pl,fr), and the pressure drop due to capillary 

forces (∆pcap), i.e.: 
 

, , , , ,tp v fr l fr tp fr tp g tp d capp p p p p =  +  +  +    +    (9) 

 

Since the present experimental work was 

accomplished in the horizontal orientation, the 

pressure drop due to gravity action can be neglected 

(∆ptp,g = 0). 

According to Carey [1], the summation of the 

friction pressure drops (∆ptp,fr + ∆pl,fr + ∆pv,fr) can 

be estimated by integrating the following 

expression in the axial direction of the tube with 

uniform cross-section: 
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The first term on the right-hand side Eq. (10) 

provides the total friction pressure drop mentioned 

(∆ptp,fr + ∆pl,fr + ∆pv,fr), given by the single-phase 

pressure drop (vapor and liquid, only vapor or only 

liquid), corrected by the two-phase multiplier 

(k
2). The gravitational pressure drop is the second 

term (∆ptp,g), which depends on the void fraction 

(), gravity acceleration (g), the angle of the 

inclination of the tube (Ω) and the phases 

densities. Lastly, the deceleration or acceleration 

term (∆ptp,d), which for the present study is 

deceleration due to condensation, relies on the 

vapor qualities and mass fluxes. 

The single-phase pressure drop, first right term 

of Eq. (10), can be estimated by the following 

expression [1]:  
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where fk is given by Eqs. (7) and (8). 

The well-known homogenous model provides 

the simplest method to determine these friction 

pressure drops (∆ptp,fr + ∆pl,fr + ∆pv,fr). The model 

considers that both the vapor and liquid forms a 

unique flow, with both phases at the same 

velocity. The two-phase flow properties are 

estimated by the combination of both single-phase 

properties. In this way, the two-phase multiplier, 

k
2, is not necessary.  

Other models developed in the last years, 

considered the two-phase multiplier (k
2) (see Eq. 

10), which basically uses the separated model, 

with the phases with different velocities. The 

hypotheses are used: constant properties at an 

average temperature of the flow, negligible vapor 

compressibility, and uniform dissipation of the 

heat along the capillary tube. In this case, the 

vapor quality changes along the capillary tube, as 

the condensation process may be approximately 

linear.  

The visualization of the present studied 

confined flow showed that, when the liquid slugs 

are trapped between vapor bubbles, the liquid and 

vapor flows in series, and so have the same 

velocity. However, for the same flow and at a 

different instant, the liquid and vapor also 

presented parallel flows with different velocities 

(Figure 4a, b, and c).  

To determine the total pressure drop, the fluid 

flow along the tube was split into n discrete 

volumes, with the pressure drops calculated at 

each volume. The trapezoidal rule was used to 

determine the total pressure drop (integrate Eq. 

(10)):  
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where vk is the specific volume of the liquid (k=l) 

or vapor (k=v) phases. In Eq. (12), the void 

fraction is estimated from the Lockhart and 

Martinelli expression [1]: 
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The two-phase multiplier parameter can be 

evaluated by [11]: 
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where C Is the flow constant and X is the Lockhart 

and Martinelli parameter, given by: 
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The flow constant (C) of Eq. (14) can be 

estimated by several methods. The two commonly 

used for designing condenser of heat pipes are 

used here. The first one was developed by 

Lockhart and Martinelli (LM) [12]. Based on their 

data for several working fluids (including water), 

for adiabatic flows in tubes with hydraulic 

diameters varying from 1.49 to 25.83 mm, these 

authors proposed a constant value for C that 

depended on the liquid and vapor flow regimes. 

Mishima and Hibiki [13] also proposed a 

correlation based on adiabatic air-water vertical 

flows in tubes with diameters from 1 mm to 4 mm. 

Table 2 provides the C numbers and/or 

correlations to estimate C, for all two-phase flow 

regimes. All fluid properties were taken from the 

software REFPROP®. 
 

Table 2. Constant C estimation parameter 

Single-phase flow 

regimes 

C parameter 

LM MH 

Liquid turbulent 

Vapor turbulent 
20 

( )21 1 exp 0.333 hd− −    

Liquid turbulent 

Vapor laminar 
10 

Liquid laminar 

Vapor turbulent 
12 

Liquid laminar 

Vapor laminar 
5 

 

5. Experimental results and discussion 

To evaluate the quality of the pressure drop 

measurement and the accuracy of the single-phase 

friction factor estimation with Blasius expression, 

Eq. (7), an important for the total pressure drop 

prediction by Eq. (12), pressure drops for water (in 

liquid phase) flowing inside both capillary tubes 

(copper and PVC) were measured, where the liquid 

was pumped by a precise pump (LongerPump® 

Model L100-S1-2, head DG-1-B), able to provide 

low mass flow rates at stable conditions (low 

oscillations). At the end of the tube, the liquid was 

collected and weighted with a high-precision 

scale, to obtain the water mass flow rate with 

precision.  

It should be noted that, to get a precise 

measurement of pressure drops in confined single-

phase or two-phase flows, disturbances of the flow 

and local pressure drops must be considered, such 

as contraction, expansion, elbows, and others. 

Figure 5 shows the pressure drop theoretical 
and experimental friction factors, estimated with 

Blasius expressions, Eq. (7), and calculated by Eq. 

(6), respectively. For all tests, the flow was 

considered fully developed, with, therefore, k() 

being assumed as 1.28 and with Re lower than 

2000, i.e., for laminar flows.  
 

 
Figure 5. Experimental friction factor estimation 

for water single-phase flow inside a) a copper tube 

of 1.01 mm in internal diameter and b) a PVC tube 

of 0.446 mm in internal diameter. 

 

Since the mass flow rate was experimentally 

measured, both data (theoretical and 

experimental) had uncertainties. The experimental 
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uncertainties are shown with errors bars and the 

theoretical ones by a shadow area. For both 

capillary tubes, Blasius equation was able to 

properly predict the liquid single-phase friction 

factors, which remained between the measurement 

uncertainties in all tested conditions. The 

percentage difference between the theoretical data 

and experimental was from 0.07% to 10.15%, 

being the lowest values observed for higher 

Reynolds numbers. This excellent result showed 

that the Blasius equation is able to predict the 

friction factor of single-phase flows with high 

accuracy and that the pressure drop measurement 

of the present experimental apparatus is reliable.  

Figure 6 shows the Experimental pressure drop 

measured by the pressure transducers and using 

saturation tables. Theoretical calculations of the 
friction pressure drop of single-phase vapor and 

liquid and the friction pressure drop of two-phase 

flow proposed by Lockhart and Martinelli (LM) 

and Mishima and Hibiki (MH). The data are 

plotted as function of the mass flux, mass flow 

rates (lower horizontal axis) and vapor and liquid 

single-phase Reynolds numbers, Revo and Relo 

(upper horizontal axis). 

From Figure 6, the single-phase vapor flow 

showed higher pressure drop compared to the 

liquid one, which is related to the density 

difference between the phases, i.e., for the same 

mass flow rate, vapor have much higher velocities 

compared to liquid. 

Both data, obtained from the transducers and 

saturation table, for the studied two-phase flows, 

showed low values of pressure drops, being close 

to the liquid single-phase. However, the trend of 

all curves showed to be the same, with the pressure 

drops increasing almost linearly with the mass 

flow rates, which is reasonable, as the flow regime 

did not change in this test condition.  

Comparing the experimental data with the 

proposed correlations available in the literature, in 

which the uncertainties are given by the shadowed 

areas, all theoretical pressure drops results showed 

higher values than the data and theoretical vapor 

single-phase flow. These values shows that, if the 

friction pressure drop of such flows were of the 

magnitude predicted by the models, most of mini 

heat pipe technologies, such as loop heat pipes, 

would never be able to operate. 

In conventional flows (non-confined ones), it is 

expected that the total friction pressure drop 

presents larger values than the summation of 

vapor and liquid single-phase flow pressure drops, 

as besides the single-phase pressure drops, there is 

the friction between the phases themselves, when 

the phases have different velocities in parallel. 

However, for confined flows, as visualized with 

the transparent tube, the liquid phase, which 

presents the highest pressure drops, controls the 

two-phase flow velocities. Therefore, as shown in 

Figure 6, the friction pressure drop of confined 

two-phase flow must be close to the liquid single-

phase flow. 

 
Figure 6. Experimental pressure drop given by the 

pressure transducers and saturation table. 

Theoretical calculations of the friction pressure 

drop of vapor and liquid flowing alone and the 

friction pressure drop of two-phase flow proposed 

by Lockhart and Martinelli (LM) and Mishima 

and Hibiki (MH). 

Lastly, from Figure 6, it is clear that the 

experimental data from the transducer 

measurement and from the thermodynamic tables 

matched quite well. The average difference 

between both data was 15%, with lower 
discrepancies at higher temperatures. Therefore, 

these results give powerful insights for estimating 
the pressure drop of two-phase flows along 

compact and/or thin heat pipes, in which the use 

of sensors, such as pressure transducers, 

drastically affect the thermal performance of such 

devices. For example, the dead volume caused by 

pressure transducers sometimes can be larger than 

the volume of an ultra-thin heat pipe itself, being 

the measurement of pressure with these sensors 

unfeasible. 

 

6. Pressure drop analysis of a thin LHP 

In order to evaluate the hypotheses mentioned 

367



in the present work to explain the physical 

behavior of confined two-phase flows, data from a 

thin loop heat pipe (LHP), previously studied, was 

used as a case to estimate the total pressure drop 

along the device. The proposed LHP, especially 

designed for the thermal management of 

electronics, of 76 x 60 x 0.8 mm3, is composed of 

two major sections: an evaporator and a 

condenser, because, as just the evaporator is 

insulated from the environment, all the other 

regions work as condensers, as shown in Figure 7. 

The LHP has a wick structure in the evaporator 

and in a fraction of the condenser, which 

properties, experimentally measured, are shown in 

Table 3. The device was manufactured by the 

diffusion bonding of three copper sheets of 0.3 

mm thick: two for the external case and one to 
form the internal channels for the fluid flow. After 

the diffusion bonding process, a reduction in the 

total thickness was expected, given by the applied 

temperature and pressure over the piled plates. For 

more details about the fabrication procedure, see 

Domiciano et al. [4,14]. 

The LHP was tested in the horizontal 

orientation with 0.14 ml of water as the working 

fluid. Its temperatures were assessed with T-type 

thermocouples (Omega Engineering) distributed 

along the LHP. Increasing heat power inputs, 

starting with 0.5 W and 1 W, and then with steps 

of 1 W, were applied to the evaporator, 

guaranteeing that the temperature of the LHP did 

not surpass 100 °C. 
 

 
Figure 7. Schematic design of the thin LHP. 
 

Table 3. Main characteristics of developed LHP. 

Component Characteristic 

Total dimensions [mm3] 76 x 60 x 0.8 

Evaporator area [mm2] 37.5 x 20 

Vapor grooves area [mm2] 23.5 x 1.3 

Condenser area [mm2] 180 x 3 

Particle average diameter [µm] 49.72 [15] 

Porosity [%] 53.46 ± 3.87 [15] 

Permeability [10-12 m²] 1.99 ± 1.02 [16] 

Effective porous radius [µm] 21.04 ± 2.2 [17] 

The total pressure drop along the LHP (∆Pt) can 

be assumed as the sum of the pressure drop in the 

evaporator, due to the vapor in the channels (∆Pvc) 

and the liquid in the wick (∆Pev,w), and in the 

condenser, due to the two-phase change (∆Ptp), 

determined by Eq. (9), and to the liquid in the wick 

(∆Pc,w), in which the condensate is returned to the 

evaporator, resulting in: 
 

, ,t ev w vc tp c wp p p p p =  +  +  +   (16) 

 

The vapor pressure drop in the channels (∆Pvc) 

can be estimated by the single-phase pressure drop 

given by Eq. (11), assuming jk = 1. However, since 

the LHP channel is rectangular, the friction factor 

estimation was determined by the following 

expression, for laminar flow (present case) [8]: 
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where  is the channel aspect ratio, given by the 

ratio between the channel inner thickness and its 

width. For the single-phase section of the 

condenser, the hydraulic resistance concept was 

used, in parallel arrangement, in which some 

liquid flows in the wick and some in the parallel 

channels. Lastly, the pressure drop of liquid 

flowing through a porous media is determined by 

the well-known Darcy-Weisbach equation: 
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where Lc,w, Aw, and Kw are the length, the cross-

section area and the permeability of the wick 

structure, respectively. 

For the proper operation of the LHP, the 

capillary pressure provided by the wick must be 

larger than the total pressure drop along the 

device, i.e., ∆Pcap > ∆Pt. To estimate the capillary 

pressure, the following expression is used: 
 

cap

eff

2
p

r


 =   (19) 

 

where  is the surface tension and reff is the 

effective porous radius of the wick structure. 

In Table 4, the capillary pressure of the wick 

structure estimated by Eq. (19) (∆Pcap), the  

pressure drop of liquid flowing through the wick 

structure determined by Eq. (18) (∆Pev,w + ∆Pc,w = 

∆Pw), and the deceleration pressure drop (∆Pd) are 

presented. Also, the total pressure drop, given by 

Eq. (16), ∆Pw + ∆Ptp + ∆Pvc, is calculated by four 

different ways, in which the only difference is 
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regarded to the estimation of ∆Ptp. The estimation 

showed that ∆Pvc is nearly zero. The first 

consideration for estimating ∆Ptp is considering 

this term only determined by vapor flowing alone, 

jk = 1 in Eq. (11) (∆Ptp,vo). Second, considering the 

two-phase pressure drop given by an average 

vapor quality of 0.5 in Eq. (11) (∆Ptp,MHavg). Third, 

assuming the discretization method by Eq. (12) 

(∆Ptp,MH). Lastly, considering the single phase 

liquid flow pressure drop plus the vapor flowing 

with the same liquid velocity (∆Ptp,lo). Besides, 

based on the LHP experimental data, the pressure 

drop along the proposed LHP was calculated by 

the thermodynamic table (∆Ptp,sat), considering the 

total pressure drop determined by the temperature 

difference between the evaporator and condenser. 

Table 4 shows that most of the pressure drop 
along the LHP comes from the wick structure 

(∆Pw), which is close to the capillary limit (∆Pcap), 

showing a possible failure of the LHP at 7 W (∆Pw 

> ∆Pcap). Considering the two-phase pressure 

drops, ∆Ptp,vo and ∆Ptp,MH showed the largest values, 

predicting an earlier failure, at 3 W and 4 W. In 

the present work, where the liquid pressure drop 

was considered (∆Ptp,lo), lower values were 

obtained, showing a possible failure of the LHP at 

7 W. Using the average vapor quality (∆Ptp,MHavg), 

the same prediction of failing at 7 W was obtained. 

In fact, at this heat load, the LHP showed the onset 

of operation failure in the experimental results. 

Using the thermodynamic table with the actual 

experimental data (∆Ptp,sat), the data showed that 

the device started failing at 6 W. Considering 

average uncertainties of ∆Pcap and ∆Psat, around  

670 Pa and  700 Pa, respectively, it is observed 

that taking the pressure related to the saturation 

temperature provides good pressure drops 
prediction, remaining within the uncertainties 

ranges, showing satisfactory results, without the 
need for pressure sensors, that would interfere in 

the thermal performance of the LHP.  

These preliminary results must be validated 

with more experimental data. However, this new 

approach, never seen in the literature, already 

showed satisfactory results.

 

Table 4. Pressure drop results of the proposed LHP. All pressure drops in Pa. 

q [W] ṁ [kg/s] ∆Pcap ∆Pw ∆Pd ∆Ptp,vo ∆Ptp,MHavg ∆Ptp,MH ∆Ptp,lo ∆Ptp,sat 

0.5 1.7E-07 6838 1186 -1.55 2629 1365 1968 1187 177 

1 3.5E-07 6760 2086 -4.90 4386 2370 3398 2087 512 

2 7.0E-07 6623 3426 -12.71 6456 3795 5188 3423 1269 

3 1.0E-06 6487 4350 -18.46 7335 4709 6027 4345 2041 

4 1.4E-06 6357 5048 -22.30 7794 5373 6615 5040 3153 

5 1.8E-06 6223 5604 -24.87 8087 5895 7043 5595. 5161 

6 2.2E-06 6086 6040 -26.73 8288 6300 7463 6031 8680 

7 2.6E-06 5963 6456 -28.81 8548 6695 7805 6447 13457 

 

7. Conclusions 

In the present study, an experimental 

workbench was developed to measure the pressure 

drop of two-phase flows under condensation, with 

low mass flow rates (lower than 6ˑ10-5 kg/s). A 

copper tube of 1.01 mm was used to investigate 
the pressure drop, while a transparent tube (PVC 

material) of 0.446 mm was used to visualize the 
flow. The mains conclusions are:  

• The single-phase friction factor proposed by 

Blasius expression showed results with good 

accuracy, with an average difference between 

the theoretical results and data within 0.07% 

to 10.15% 
• The visualization flow showed that liquid 

slugs that fills the cross-section of the 

capillary tube slows down the working fluid, 

playing a major role in the friction pressure 

drop. 
• This work demonstrated that the use of 

thermodynamic tables to obtain the pressure 

of two-phase flows in saturated conditions is 

an excellent option for evaluating the 

pressure drop in thin heat pipes. This is, 

actually, a novel approach never seen in the 

literature. An average difference between the 
data of 15% was obtained. 

• Evaluating the pressure drop of an LHP, the 

approach of using the liquid only pressure 

drop as the total two-phase pressure drop 

showed be the best option compared to 

available correlations in the literature. 
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Abstract 

A flat plate pulsating heat pipe (FPPHP) is a passive cooling device suitable for heat transfer from flat heat sources. 
Due to space constraints and design restrictions, placing the condenser section of the FPPHP on the same side of the 
heat source is not feasible, and research has to be done for the condenser section on the opposite side of the heat 
source. Moreover, the effect of ambient temperature plays a significant role in the device’s thermal performance, and 
many electronic components operate in the temperature range of subzero temperatures in higher altitudes or polar 
regions to higher ambient temperatures in deserts. The present study reports an antiparallel arrangement of the FPPHP 
with the evaporator and condenser on the opposite side, and investigations have been performed in an environmental 
chamber where the ambient temperature is varied from -20 ⁰C to 50 ⁰C. The effect of two FPPHP operating 
simultaneously attached to an electronic housing has also been reported. Using the present design of the FPPHP, the 
temperature of the heat source has been maintained below 100 ⁰C for its safe operation at all ambient conditions and 
high heat inputs. Further, the effect of wettability modification of aluminum FPPHP surface and the impact of material 
thermal conductivity is discussed by comparing the results of aluminum FPPHP with a copper FPPHP. 

Keywords: Thermal Management, Electronics Cooling, Flat Plate Pulsating Heat Pipe, Thermal Performance 

1. Introduction

In the new era of thermal management with 
continuous miniaturization of electronic components, 
pulsating heat pipes (PHPs) have been gaining 
importance because of their advantages, such as 
simple construction, low cost, excellent thermal 
performance, flexibility in working fluids, and eco-
friendliness [1]. In PHPs, a flat plate pulsating heat 
pipe (FPPHP) is better for the thermal management 
of electronics, having flat components with which it 
would have better contact. An FPPHP mainly 
consists of an evaporator, condenser, and an 
optional adiabatic section. A seminal review paper 
[2] has reported various parameters for improving 
the FPPHP performance by investigating different 
working fluids, filling ratios, geometry, materials, 
internal diameter, etc. 

Malla et al. [3] reported the effect of the FPPHP 
material thermal conductivity testing a copper 
FPPHP and a steel FPPHP. Jang et al. [4] reported 
the impact of various asymmetrical channels on the 
thermal performance of FPPHP and measured 
thermal performance improvement with an 
increased pressure difference. Tseng et al. [5] 
observed that the alternating tube diameters 
facilitated the early initiation of pulsating motion 
within the PHPs, reducing thermal resistance. Most 
of the FPPHP designs studied in the literature have the 
heat source and the heat sink on the same side of the 

FPPHP. However, locating the heat source and heat 
sink on different sides may be necessary due to 
specific design requirements and space constraints. 
Winkler et al. [6] studied the performance of an 
FPPHP with a similar setup and reported an excellent 
heat spreading capacity. Li et al. [7] proposed an 
aluminum FPPHP with a centrally placed heat source 
and an air-cooled heat sink placed on the entire 
surface of the other side. In both these studies, a single 
FPPHP was used, and the effect of ambient 
temperature on performance was not discussed.  

In this study, a new antiparallel FPPHP design has 
been proposed. The FPPHP is called antiparallel 
because the heat source (evaporator) and the 
condenser section are on opposite sides of the FPPHP. 
Two FPPHPs attached to the two opposite faces of a 
housing mimicking the electronic housing are 
investigated for thermal performance. The effect of 
ambient temperatures and the impact of the surface 
wettability modification and thermal conductivity on 
the thermal performance is also delineated. 

2. Experimental Methodology

Figure 1 shows the exploded view of the FPPHP. 
Here, the copper heater block mimicking any heat 
source is the evaporator. It is 158 mm x 35 mm x 10 
mm and is heated by placing three cartridge heaters 
inside it. The FPPHP condenser section is on the 
opposite face and air-cooled using two 24 V DC axial 
cooling fans on the cover plate’s 40 x 11 pin fins. The 
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FPPHP plate is made of high-grade aluminum 
procured commercially, and the required dimensions 
of the channels are milled using CNC milling. The 
FPPHP outer dimensions are 182 mm x 100 mm, as 
shown in Figure 2. Here, the optional adiabatic 
section is avoided due to the size constraints. The 
cross-flow of the working fluid is avoided by two O-
rings around the mini channels, thereby removing the 
high gasket resistance in conventional FPPHPs. The 
evaporator and condenser section heights are 35 and 
46 mm, respectively. There are 20 mini-channels 
interconnected through 10 U-turns, as shown in 
Figure 2, and each channel’s dimensions are 2 x 2 
mm2. The FPPHP’s channel hydraulic diameter is 
2mm, which satisfies the Bond number (Bo) 
criterion [8]. 

Figure 1. Exploded view of the FPPHP components 

Figure 2. Schematic of the aluminum FPPHP 

Figure 3 shows the schematic of typical FPPHP 
connections during the experiments. The pressure 
inside the FPPHP is monitored using a pressure 
transducer attached to the pressure port (Figure 1). 
The temperature measurements are made through 
four K-type thermocouples, each connected to the 
evaporator and condenser section through the 
thermal adhesive and, in turn, connected to the data 
logger for recording the measurements. Before 
starting each experiment, the FPPHP module is 
completely evacuated using a vacuum pump and 
vacuuming valve. The working fluid is filled 
through a micrometer syringe and micro-metering 
valve arrangement shown in Figure 3. The three 
vacuuming, micro-metering, and isolation valves 

are used for filling and vacuuming, as explained in 
detail in Ref. [9]. The three cartridge heaters in the 
evaporator blocks are connected to a DC power 
supply for heat inputs. 

Figure 3. Schematic of the experimental setup 

The thermal performance of the FPPHP is 
investigated at subzero ambient temperatures of -20 
⁰C to 0 ⁰C, and Figure 4 shows the actual image of the 
experimental setup placed inside an environmental 
chamber. Then, the thermal performance of two 
aluminum FPPHPs attached to the opposite faces of 
an electronic housing is studied, as shown in Figure 5. 
The schematic of the enclosure with two FPPHP is 
shown in Figure 5 (a), and the actual experimental 
setup photograph is shown in Figure 5 (b). The 
enclosure with two FPPHP is also investigated for the 
effect of ambient temperatures, and the experiments 
are performed at higher ambient temperatures of 25 
⁰C to 50 ⁰C. 

Figure 4. Actual experimental setup inside an 
environmental chamber for studies at subzero ambient 

temperatures 

The effect of wettability is also studied for the 
FPPHP. The wettability-modified surface is prepared 
according to Ref. [10]. The aluminum FPPHP surface 
is subjected to chemical etching using aqueous HCl 
solution. Initially, the FPPHP channels are cleaned 
using deionized (DI) water and sonicated in an ultra-
sonicator using a solution of DI water-ethanol-
acetone mixture for 10 minutes. Then, the FPPHP is 
dipped in a 3 M HCl solution for 30 minutes for 
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oxidation. Further, it is washed with DI water and 
dried in a hot oven for 30 mins. The wettability 
modification obtained on the aluminum surface made 
the surface superhydrophilic. Then, the 
superhydrophilic aluminum FPPHP (SHPL) is tested 
for thermal performance and compared with the 
FPPHP without any wettability modification (bare). 
Further, the effect of material thermal conductivity is 
discussed by comparing the results of aluminum 
FPPHP with copper FPPHP. The copper FPPHP is 
made superhydrophilic by following the exact 
cleaning procedure and dipping it in a 2 M H2SO4 
solution. 

Figure 5. (a) 3-D schematic representation of an 
electronic enclosure thermally managed by two 

FPPHPs. (b) Actual experimental setup for studies at 
higher ambient temperatures with two FPPHPs. 

In all the experiments, the working fluid used is 
ethanol and water mixture in the ratio of 3:1, and the 
filling ratio is kept at 80%. Before starting the 
experiments, the FPPHP is put on a leakage test 
following the procedure mentioned in our previous 
work, see Ref. [3]. The FPPHP is vacuumed for 
nearly 12 hours, and once the pressure inside 
reaches below 10-4 bar, the isolation and vacuum 
valves are sealed shut for the experiments. The 
isolation valve is closed after the FPPHP’s inside 
pressure becomes steady and the DC power supply 
is turned on. The heat input (Qin) is varied from 20 
W to 60 W with an increment of 10 W. After the 
pressure and temperatures reach a steady state for a 
particular heat input, the readings are recorded for 5 
minutes at a frequency of 1 Hz. The overall thermal 
resistance is calculated using the average evaporator 
temperature (Tevp) and the ambient temperature 
(Tamb) as follows, 

𝑅௢௩ =  
೐்ೡ೛ି ்ೌ೘್

ொ೔೙
 (1)                                                                   

3. Results and Discussions

This section presents the investigation results on the 
thermal performance of the antiparallel aluminum 
flat plate pulsating heat pipe (FPPHP) tested for the 
effect of ambient temperatures, the impact of two 
FPPHP operating simultaneously attached to an 
electronic housing, and the effect of wettability 
modifications on the FPPHP material surface. 

3.1 Effect of subzero ambient temperature 

Figure 6 (a-c) shows the variation in thermal 
resistance and evaporator temperatures at the 
subzero ambient temperatures of -20 ⁰C, -10 ⁰C, and 
0 ⁰C. The left y-axis plots the evaporator 
temperature, and the right y-axis plots the thermal 
resistance. 

Figure 6. Thermal performance of the FPPHP at subzero 
ambient temperatures of -20 ⁰C, -10 ⁰C, and 0 ⁰C. 
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At Tamb = -20 ⁰C (Figure 6 (a)), with the increase 
in the heat input from 20 W to 60W, Tevp increases 
from -12 ⁰C to 6 ⁰C, and the thermal resistance 
remains constant around 0.45 K/W. At Tamb = -10 
⁰C, Tevp increases from -1 ⁰C to 15 ⁰C, and the 
thermal resistance remains constant at around 0.43 
K/W. Similarly, at Tamb = 0 ⁰C, Tevp increases from 
8 ⁰C to 26 ⁰C, and the thermal resistance remains 
constant at around 0.43 K/W. As the heat input 
increases, the evaporator temperature rises due to 
more heat available. The thermal resistance remains 
constant at subzero ambient temperatures as the 
water content in the working fluid may have frozen, 
and the oscillations of the working fluid in the form 
of liquid slugs and vapor plugs may have stopped. 
The mode of heat transfer from the evaporator to the 
condenser is only through heat spreading through 
the FPPHP plate. With further increase in the heat 
input beyond 60W, the device will perform better 
and will be able to keep the heat source within safe 
limits. 

3.2 Effect of two FPPHPs attached to housing 

This section reports the thermal performance 
(Figure 7) of two FPPHP attached to the opposite 
faces of an electronic housing (Figure 5).  

Figure 7. Thermal performance of the two FPPHP 
attached to the electronic housing and at ambient 

temperatures of 25 ⁰C and 33 ⁰C. 

Figure 7 shows the variation of thermal 
performance parameters with heat inputs for both 
the FPPHPs at Tamb = 25 ⁰C and 33 ⁰C. At Tamb = 25 
⁰C, overall resistance decreases with heat inputs for 
both the FPPHPs. For PHP-1, the resistance 
decreases from 0.60 to 0.54 K/W as heat input 
increases from 20 to 60W. The corresponding 
resistance for PHP-2 is 0.55 to 0.47 K/W. The 
evaporator temperature rises from 37 ⁰C to around 
55 ⁰C. Similar trends in the variation of overall 
resistance and evaporator temperatures with near 
similar values are observed at Tamb = 33 ⁰C. PHP-2 
shows better thermal performance than PHP-1 due 
to the location proximity of PHP-1 to the 
environmental chamber wall. PHP-2 condenser was 
getting comparatively more open space in front to 
dissipate heat. The overall resistance decreases with 
heat inputs owing to better pulsation of the liquid 
slugs and vapor plugs with heat inputs [9]. 

3.3 Effect of surface wettability modifications 

In this section, we present the variation of the 
thermal performance parameters (Figure 8) with 
heat inputs at the ambient temperatures of 40 ⁰C and 
50 ⁰C and for the FPPHP surface to be 
bare/untreated and superhydrophilic (SHPL).  

Figure 8. Average thermal performance of the two 
FPPHPs attached to the enclosure at ambient 

temperatures of 40 ⁰C and 50 ⁰C with surface wettability 
modifications. 
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Figure 8 (a-b) shows the evaporator temperature 
and overall resistance variation with heat input at 
Tamb = 40 ⁰C and 50 ⁰C. The superhydrophilic 
treatment on the FPPHP channel surfaces increases 
the thermal performance due to the initiation of thin 
film evaporation [11]. At Tamb = 40 ⁰C and for the 
bare case, the overall resistance decreases from 0.47 
to 0.4 K/W with increased heat input. With 
superhydrophilic treatment, the maximum decrease 
in the resistance is 5% at 20W. At Tamb = 50 ⁰C and 
bare case, the overall resistance remains constant at 
around 0.37 K/W. With the SHPL treatment, the 
resistance decreases by a maximum of 20% from the 
bare case at 20W, and with the increase in heat 
input, the difference in the overall resistance 
diminishes. The evaporator temperatures are almost 
the same for the bare and SHPL cases at Tamb = 40 
and 50 ⁰C. At higher heat inputs, the variation of 
thermal performance between the bare and SHPL 
cases diminishes, as with heat, there is a thermal 
degradation of the superhydrophilic coating. 

Figure 9 shows the consolidated evaporator 
temperature and thermal resistance of the PHP-2 at 
different ambient temperatures at a heat input of 50 
KW. The evaporator temperature variations show 
that the present FPPHP device can keep the heat 
source at operating temperature limits even at 
extreme ambient conditions. The overall resistance 
remains between 0.4 K/W to 0.5 K/W at all ambient 
conditions. 

Figure 9. Thermal performance of the bare FPPHP at 
different ambient temperatures at the heat input of 50W 

3.4 Effect of material thermal conductivity 

Next, the effect of FPPHP material thermal 
conductivity has been investigated on the thermal 
performance of FPPHP. Figure 10 shows the overall 
thermal performance of the aluminum and copper 
material FPPHP. The copper FPPHP has the exact 
dimensions as that of the aluminum FPPHP. The 

wettability condition for the FPPHP’s surface is 
superhydrophilic. The wettability modification 
techniques to make the FPPHP surface 
superhydrophilic have been discussed earlier in 
section 2. The overall resistance is lower in the 
aluminum FPPHP than the copper FPPHP at all heat 
inputs. The overall thermal resistance is decreased 
by 15 % at 100 W for the aluminum FPPHP. This 
trend in the graph indicates that the aluminum 
FPPHP has better thermal performance due to the 
comparatively lower thermal conductivity than the 
high conductive copper material FPPHP. The heat 
spreading through the material will be less in the 
low thermal conductive FPPHP material. Thus, 
significant heat transfers through the liquid slug-
vapor plug oscillations of the working fluid. This 
high pulsation of the working fluid leads to a 
decreased fluid thermal resistance [3].  

Figure 10. Measured overall thermal resistance for 
aluminum and copper material FPPHP 

4. Conclusions

The present work investigates an antiparallel 
arrangement of the FPPHP with the evaporator and 
condenser on the opposite side. The condenser 
cover plate is air-cooled with multiple pin fins on it. 
The FPPHP is made of aluminum with 20 mini 
channels, and the working fluid is an ethanol-water 
mixture of 3:1 filled at 80%. The experimental 
investigations are performed in an environmental 
chamber where the ambient temperature varies from 
-20 ⁰C to 50 ⁰C. The effect of two FPPHP operating 
simultaneously attached to an electronic housing 
and the impact of FPPHP surface wettability 
modifications on the thermal performance is 
reported at higher ambient temperatures. Using the 
present design of the FPPHP, the temperature of the 
heat source has been maintained below 100 ⁰C for 
its safe operation at extreme ambient conditions and 
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high heat inputs. The thermal resistance decreases 
with heat inputs at high ambient temperatures and 
remains nearly constant at subzero ambient 
conditions. The superhydrophilic treatment on the 
FPPHP increases the thermal performance at low 
heat inputs. However, thermal degradation of the 
surface treatment occurs at high heat inputs, leading 
to no increase in thermal performance. The overall 
thermal performance is better for aluminum FPPHP 
than copper FPPHP. Moreover, aluminum is lighter 
in weight and will be more suitable for commercial 
FPPHP production. 
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Abstract 
This work presents the development and validation of a rapid prediction tool for the pseudo steady-state (PSS) 

temperature of bottom-heated pulsating heat pipes (PHPs). Based on known mass flow rates and intake circumstances, 

the tool uses lumped parameter modeling to balance heat flows across the coolant, condenser, evaporator, and fluid 

flow sides of the PHP in order to estimate pseudo steady-state temperatures. The solution algorithm, Kutateladze 

correlations for PHPs, and details of the iterative heat balance technique are given. The adopted correlation has a 

considerable impact on the accuracy of anticipated pseudo steady-state temperatures and thermal resistances, as 

demonstrated by validation against previously published results. For the cases examined, the tool's predictions showed 

a maximum deviation of 22.37%, demonstrating its potential for quick, cost-effective predictions.  

Keywords: Pulsating heat pipe; Pseudo steady state operation; Iterative Heat balance method; Effective thermal 

resistance; Kutateladze number 

1. Introduction

Passive heat transfer is critical in thermal 

engineering, especially with the increasing need for 

efficient cooling in miniaturized electronic 

components. Heat pipes are highly effective as 

passive heat transfer devices and among its 

classifications Pulsating heat pipes (PHPs) have 

become widely popular due to their simple 

manufacturing process, orientation independence, 

and effectiveness under variable operating 

conditions [1,2]. A PHP consists of narrow channels 

partially filled with a working fluid. When heat is 

applied to the evaporator section, the fluid forms 

alternating liquid slugs and vapor bubbles, called a 

slug-bubble train. Due to the small channel size, 

surface tension dominates, and capillary action 

forms these distinct slugs and bubbles. As heat is 

supplied, the fluid absorbs energy, causing 

evaporation and forming vapor bubbles. These 

bubbles create pressure fluctuations, driving the 

slug-bubble train to move vapor to the condenser 

and liquid back to the evaporator. This oscillatory 

motion enables efficient heat transfer through phase 

change and two-phase flow dynamics [3]. While the 

precise mechanisms of PHPs remain unclear, 

prototypes are being applied in sectors like space, 

chemical, and machine tool cooling [4-6]. 

To understand the complex physics of PHP 

operation, various experimental and numerical 

studies [7-9] have been conducted. Efforts to model 

PHP behavior range from 1D to 3D simulations, 

with 1D models requiring a deep understanding of 

complex fluid dynamics, including the behavior of 

fluid films and bubble coalescence [10-12]. To 

minimize the costs and computational time 

associated with experimental setups, lumped 

parameter modeling of PHPs was developed and 

validated. While this approach reduces conventional 

computational times, it still requires ten times the 

actual physical time for processing. Currently, it 

remains a preferred method for understanding PHP 

transient characteristics, yet for most preliminary 

design stages, investigating steady-state conditions 

is more suitable. Indeed, in the case of PHP 

operations, a Pseudo steady state (PSS) condition 

prevails [13,14], where the system appears to reach 

a thermal equilibrium in terms of average heat 

transfer rates and temperature distributions, but the 

internal fluid motion and oscillations are still present. 

Unlike true steady state, where all dynamic 

fluctuations cease, PSS in a PHP allows for 

continuous fluid motion and oscillations between 

phases (liquid and vapor), while the macroscopic or 

time-averaged quantities like heat input/output and 

temperature remain relatively constant over time. 
During PSS, the PHP achieves stable heat transfer 

performance despite ongoing fluid oscillations 

driven by intermittent boiling, condensation, and 

capillary forces.  

A tool that focusses on the pseudo steady state 

thermal characteristics could simplify and be a 
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candidate for quick predictions serving as a resource 

for decision making. Thus, this study aims to 

develop a rapid prediction tool for the pseudo steady 

state temperature (averaged periodically fluctuating 

temperature) of bottom-heated PHPs, by coupling 

the principles of heat balance and apt correlation 

choice which determines the tool accuracy. The 

primary research objectives of the present work are: 

1) To develop a heat balance coupled 

correlation-based tool for predicting the PSS 

temperatures in a bottom heated PHP. 

2) To validate the tool for one-loop and multi-

loop PHP geometrical and working fluid 

conditions.   

The article covers: Sec.2 - methodology (heat 

balance, correlations, algorithm); Sec.3 - validation 

with experimental results and tool limitations; 

Sec.4 - conclusion. 
 

2. Methodology 

To develop a bottom heated PHP heat exchanger 

temperature prediction tool, the authors analyzed 

heat balances on the coolant, condenser, evaporator, 

and heat transfer fluid flow sides of the PHP. The 

tool's current predictive capability relies on known 

types and mass flow rates , 𝑚ℎ ̇  and 𝑚𝑐 ̇ ,  of the heat 

transfer fluids (HTF), coolant inlet temperature (𝑇𝑐𝑖), 

and steady-state heat transfer value (Q) as inputs. 

Also the geometrical features of the PHP are 

prerequisites provided by the user to the tool. The 

following assumptions were used during the 

development of tool: 

- Both the hot side and cold side heat transfer 

fluids are single phase. 

- PHP is operating at a Pseudo Steady State 

condition. 

- The surface temperature of PHP at condenser 

and evaporator sides are taken to be the same 

for PHP working fluids at respective sections. 

To grasp the operational logic of tool temperature 

predictions, refer to Figure 1, which depicts the 

schematic of a typical two-loop, bottom-heated PHP 

Heat exchanger. 

A counter flow PHP heat exchanger having 

alternating evaporator and condenser sections, 

where heat is transferred from a hot fluid to a cold 

fluid is considered. At the top, the condenser section 

(blue in colour), where, the cold fluid enters at a 

temperature,𝑇𝑐𝑖  and exits at 𝑇𝑐𝑜 . Whereas, at the 

bottom  hot fluid  enters the evaporator section, (red 

in colour), where the fluid temperature at the inlet is 

denoted as 𝑇ℎ𝑖 and the outlet temperature is 𝑇ℎ𝑜 . 

The PHP placed in between these two HTFs having 

effective evaporator section length, 𝐿𝑒 , condenser 

section length, 𝐿𝑒, and adiabatic section length 𝐿𝑎, 

indicating the geometrical configuration of the PHP. 

The temperatures 𝑇𝑒
𝑝ℎ𝑝

and 𝑇𝑐
𝑝ℎ𝑝

 represent the 

temperatures of the PHP outer walls at the 

evaporator and condenser sections, respectively, 

which are influenced by the working fluid's heat 

transfer and oscillatory flow within the pipe. 

 

 

Figure 1. Schematic diagram illustrating a PHP 

and temperatures used in present study. 

With this preliminary understanding of a PHP 

heat exchanger, in the coming sections the details of 

heat balance formulations used and algorithm used 

in current tool development will be discussed. 
 

2.1 Heat Balance Formulations 

For a pulsating heat pipe heat exchanger 

transferring heat from a hot medium to a cold 

medium operating at a pseudo-steady state 

temperature the following heat balance must be 

satisfied at steady state; i.e. the heat entering from 

the hot fluid equals the heat convected into the PHP 

surface, transferred through the PHP, convected out, 

and exiting via the cold fluid. The following steps 

describe the Heat balance iterative numerical 

approach employed in construction of the tool. 

1) The heat balance at the condenser side is used to 

determine the coolant's outlet temperature, based 

on the equation 𝑄 =  𝑚̇𝐶𝑝(𝑇𝑐𝑜 − 𝑇𝑐𝑖) , where 

𝐶𝑝  represents the specific heat capacity of the 

coolant at the mean coolant temperature. The 

mean coolant temperature, 𝑇𝑐𝑚 is calculated as 

the average of the outlet and inlet temperatures, 

given by (𝑇𝑐𝑚 =  (𝑇𝑐𝑜 + 𝑇𝑐𝑖)/2). By applying 

this heat balance, the value of 𝑇𝑐𝑚  can be 

deduced via iterations having a minimizing error 

approach, allowing further calculations related to 

the heat transfer process within the system. 

2) For a specific PHP dimension, the heat transfer 

coefficient ℎ𝑐 is calculated using the appropriate 

correlations. In here, the correlation for PHP 
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condenser side, ℎ𝑐  is evaluated from reference 

[1] corresponding to condenser side coolant 

Reynolds number and thermos-physical 

properties. Heat balance is done for convected 

lateral surface area of PHP condenser side. This 

allows for predicting the PSS condenser 

temperature 𝑇𝑐
𝑝ℎ𝑝

 at PHP surface by balancing 

the convective heat transfer into the PHP with 

the input heat power. This step is crucial for 

ensuring that the predicted condenser 

temperature aligns with the actual heat input 

conditions of the system.  

3) By determining 𝑇𝑐
𝑝ℎ𝑝

, the corresponding 

saturation pressure 𝑃𝑐  can be calculated, which 

serves as an essential input for determining 

properties required to evaluate the individual 

terms of the Kutateladze number (Ku) 

correlations. In this study, the Kutateladze 

number definition is taken as: 

𝐾𝑢 =
𝑞̇

ℎ𝑓𝑔𝜌𝑣{𝜎𝑔(𝜌𝑙−𝜌𝑣) (𝜌𝑣)2⁄ }0.25         

(1) 
The appropriate Ku correlation, taken from 

reference [14] (this is a user choice- he/she could 

use another correlation), is applied and 

optimized to obtain the PSS evaporator 

temperature, 𝑇𝑒
𝑝ℎ𝑝

. This, in turn, allows for 

calculating the saturation pressure 𝑃𝑒 which 

drives the error minimization loop for 

refinement of the model. Additionally, the 

secondary Kutateladze number 𝐾𝑢2  is 

expressed as: 

𝐾𝑢2 = 𝑓(𝜑) (
𝑑𝑖

𝐿𝑒
)

l

(
𝐿𝑒

𝐿𝑒𝑓𝑓
)

m

(
𝐿𝑒

𝐿𝑐
)

m

 

                        𝑃𝑟n𝐽𝑎p𝐵𝑜q𝑀𝑜r𝐾𝑎s𝑁t𝑒𝑥 𝑝(𝛽)u (2)  

where the power and function values are 

obtained from the reference [14]. This 

formulation integrates various dimensionless 

parameters to further refine the predictive model. 

4) The final step involves calculating the mean heat 

transfer fluid temperature, which is derived as 

the average of the inlet and outlet temperatures 

of the heat transfer fluid. The same methodology 

described in points 1 and 2 is followed for 

calculating this temperature, ensuring that the 

heat balance and fluid temperature are consistent 

with the overall energy transfer through the PHP 

system. The same approach is also applied for 

determining the mean outlet temperatures at 

each step, ensuring consistency across all stages 

of the analysis. to find mean heat transfer fluid  

temperature ( 𝑇𝑒𝑚 =  (𝑇ℎ𝑜 + 𝑇ℎ𝑖)/2 ) and the 

inlet/outlet temperatures similar steps as  

described in first and second step are utilized. 

Throughout the iterative steps, updates of the PHP 

working fluid's and HTFs’ thermo-physical 

properties, based on temperature and pressure, are 

computed based on the NIST REFPROP database 

linked to Matlab.  
 

2.2 Solution Algorithm 

The iterative algorithm used to obtain a solution 

for the PSS temperatures of a PHP is shown in 

Figure 2.  

  
Figure 2. Flow chart of logic of operations used 

in the algorithm to determine PSS characteristics 

of PHP. 

The "heat balance" algorithm presented above 

was found to be very stable and converged within a 

few iterations. The measurable speed of calculations 

was governed only by the time required for the orbit 

calculations. The methodology provides a rapid 

alternative for predicting steady-state temperatures, 

with accuracy depending on the chosen correlation, 

and its validation against experimental results is 

detailed below. It is to be noted that this 
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methodology could also be formulated using known 

temperatures of cold or hot fluids heat transfer fluids. 
 

 

3. Results and discussions 

The methodology provides a rapid alternative for 

predicting steady-state temperatures, with accuracy 

depending on the chosen correlation, and its 

validation against experimental results is detailed 

below. Further for the knowledge of the reader the 

limitations and possible improvements in future to 

the current tool are also discussed under this section. 

3.1 Validation of results 

To validate the methodology and to assess the 

tool's performance, the authors tested it with varying 

conditions of bottom-heated PHP operation. 

Specifically, these validations could be considered a 

set for one-loop PHP and other for multi loop PHP. 

All of the depicted graphs with present results are 

plotted against experimental transient condition, for 

emphasizing that PSS condition’s importance.   
 

A) One –loop PHP 

The simplest of PHP configuration is a single/one 

loop which had been investigated mostly to 

understand the physics of oscillatory and circulatory 

flow inside PHP during operation. Nevertheless, in 

the present study also PSS condition of PHPs are 

evaluated in a single loop configuration at first. Two 

experimental cases with details of construction and 

working detailed in Table.1; Set 1 : Khandekar et.al 

[7]  and Set 2: Saha et.al [16]   are studied and the 

results are discussed.  
 

Table 1. Details of chosen PHP experiments for 

validation (one-loop PHP) 

Details Set I Set II 

Working Fluid Ethanol Water 

Heat Input 14.8/32.1 (W) 86.62 W 

Filling Ratio 60% 40% 

Section Lengths 

(e-a-c)  
45/100/45 mm 50/60/30 mm 

OD of PHP 4 mm 6 mm 

Coolant type Water 20 0C Water 25 0C 

Coolant flowrate 11.33 g/s  14.2 g/s  

 

Figure 3 presents a comparison of the 

evaporator temperature 𝑇𝑒
𝑝ℎ𝑝

 and 𝑇𝑐
𝑝ℎ𝑝

 between 

Set I experimental and predicted values for two 

different cases. In Case A for 14.8 W heat input, the 

experimental evaporator temperature at PSS is 

recorded as 74.80°C, while the predicted 

temperature is 83.21°C, resulting in a notable error 

of 13.3%. 

 
Figure 3. Evaporator and Condenser PSS 

temperatures against Khandekar et.al [7] 

Experiment. (Case A: 14.8 W and Case B: 32.1 W) 

 

 
Figure 4. Evaporator and Condenser PSS 

temperatures for Saha’s [16] Experiment. 

(Numerical results from Opalski et.al [15]) 

  

Whereas, in Case B for 32.1 W heat input, the 

experimental temperature is measured at 83.8°C, 

and the predicted value is 89.47°C, resulting in a 

smaller error of 8.89%, indicating improved 

alignment between the model and the experimental 

results for this case. An evaluation of thermal 

resistance (Rth) of PHP in the reported literature 

gives, for Case A, the experimental thermal 

resistance is recorded as 3.70 K/W, while the 

predicted value is 4.02 K/W, corresponding to an 

error of 8.7% and for Case B, the experimental value 

is 1.98 K/W, while the predicted value is 2.24 K/W, 

showing a slightly larger error of 11.6%.  
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Similarly, a comparison of the experimental 

results from Set II, as shown in Figure 4, reveals that 

the experimental evaporator temperature at PSS for 

86.62 W heat input is recorded as 79.2°C, but the 

projected temperature is 84.2°C, indicating a 

considerable inaccuracy of 8.85%. According to an 

assessment of PHP's thermal resistance (Rth) in the 

published literature, the measured thermal 

resistance is 0.433 K/W, but the expected value is 

0.55 K/W, or an 27.86% inaccuracy. The results of 

Set I and Set II validations show case the tools 

capability to predict the thermal characteristics at a 

reasonable level of accuracy 

 

B) Multi- loop PHP 

While single-loop validation tests provide 

reliable results for understanding the physics, multi-

loop PHPs, with their increased number of turns, are 

more practical and commonly used in real-world 

applications. This calls on for test of current tool 

against a multi-loop PHP at varying operating 

conditions [17], refer to Table 2 for experimental 

details.  

Table 2. Details of chosen PHP experiments for 

validation (multi-loop PHP) 

Details Set III 

Working Fluid Ethanol 

Heat Input 33/44/55 W 

Filling Ratio 62.5 % 

Section Lengths (e-a-c) 547.8/780/740 mm 

OD of PHP 1.9 mm 

Coolant type Water 20 0C 

Coolant flow rate 8.6 g/s 

No. of Loops 2 loops/ 3 meanderings 
 

A comparison of the experimental results, as 

shown in Figure 5, reveals that the experimental 

evaporator temperature/predicted temperature at 

PSS is recorded as 66.4°C/ 74.32°C, 68.88°C/ 

78.61°C, and 73.38°C/ 85.32°C, respectively, with 

errors of 17.1%, 19.90%, and 22.37% for heat inputs 

of 33 W, 44 W, and 55 W.  For each of the three 

cases that were taken into consideration, the thermal 

resistance (Rth) of PHP computed values for 1.68 

K/W, 1.32 K/W, and 1.1 K/W at errors of 30.16%, 

25.42%, and 21.31%, respectively.  

As, a remark, for the above error calculations of 

temperature prediction, normalization with 

corresponding coolant is carried out. These results 

showcase the tool's effectiveness and potential for 

predictive accuracy improvements, achieving rapid 

computations in mere seconds. These differences in 

thermal resistance and temperature predictions 

reflect the model's varying accuracy across different 

operational conditions, highlighting areas for further 

refinement and improvement in correlation use or 

calibration. 

 
Figure 5. Evaporator and Condenser PSS 

temperatures against Opalski et.al [15] 

Experiment. (Varying input power: 33, 44 ,55 W) 

 

3.2 Limitations and Future Improvements 

The current methodology heavily relies on 

empirical correlations like the Kutateladze number 

and heat transfer coefficient, which depend on 

experimental conditions, making it difficult to 

generalize for different PHP designs without 

recalibration. The model is also limited to steady-

state conditions, which may not predict transient 

behavior during startup or dynamic operation. This 

can reduce predictive accuracy in real-time or 

fluctuating heat transfer scenarios, limiting its 

application in systems with time-varying thermal 

loads. Furthermore, the model's accuracy decreases 

due to the lack of consideration for conductive 

resistance of the pipe material and additional 

convection at the working fluid-wall interface. 

Future improvements could focus on 

integrating machine learning to adaptively update 

empirical correlations using real-time data, making 

the tool more robust for diverse PHP systems. 

Expanding the model to include multi-phase flow 

dynamics and non-uniform temperature 

distributions along the PHP would also enhance 

prediction accuracy, especially for complex fluids 

and systems with high temperature gradients. 

 

4. Conclusions 

A numerical correlation-based prediction 

model coupled with iterative heat balance 

technique was developed to accurately predict the 

pseudo-steady state thermal characteristics of a 

bottom heated pulsating heat pipe. The major 
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findings of the study can be summarized as 

follows: 

- A quick prediction model for preliminary 

design of pulsating heat pipe at various steady 

state operating conditions is developed   

- A Six-step numerical algorithm is formulated 

and a prediction model based on MATLAB 

code was developed. 

- The experimental validation of the developed 

tool and its methodology demonstrates that 

the results are closely aligned, suggesting it 

as a viable alternative for PHP design 

considerations. 

- The developed prediction model has 

limitations in terms of selection of 

appropriate Kutateladze number correlation 

for estimating pseudo-steady state thermal 

characteristics (operating temperature and 

pressure) accurately. 

The development of this tool and its 

methodology will significantly contribute to the 

efficient design of pulsating heat pipes (PHP) and 

expedite decision-making in a world where cost-

efficiency is paramount. It has the potential to 

serve as a valuable alternative to coupled system 

analysis involving PHP components, particularly 

for evaluating steady-state performance. 
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Abstract 
This study explores the innovative application of Additive Manufacturing techniques to the design and production of 
vapor chambers. Utilizing Selective Laser Melting (SLM) to make vapor chambers incorporating Triply Periodic 
Minimal Surface (TPMS) Gyroid structures to increase thermal performance. The paper presents a detailed 
investigation of the effects of various porosity settings and fill ratios on the thermal resistance of these VCs. Results 
demonstrate that the VC with 60% porosity and a 200% fill ratio demonstrated the lowest thermal resistance (0.3948 
K/W) at 100W and sustained higher heating powers up to 150W, outperforming other configurations. Furthermore, 
the study highlights the potential of AM to create intricate, effective thermal management structures that can be 
tailored to specific application needs, thereby extending the functionality and operational efficiency of vapor 
chambers. The all-in-one forming capability of AM allows for the seamless manufacturing of uniform evaporator 
plates, enhancing the integration and performance of the vapor chambers. 

Keywords: Additive manufacturing; Vapor chamber; Porous structures; Thermal resistance 

1. Introduction
As technology advances, efficient thermal 

management has become a critical challenge in 
fields such as aerospace, chemical energy, and 
sustainable energy. Particularly in modern high-
power electronic devices, the miniaturization of 
components and high heat flux densities have 
rendered traditional cooling methods, such as 
natural convection, inadequate. Passive thermal 
devices such as vapor chamber and heat pipes, 
which lack moving parts and thus offer high 
reliability, remain effective solutions for dissipating 
high heat flux densities despite limitations imposed 
by gravity and capillary forces. 

Vapor chamber (VC) are devices that use the 
latent heat of an internal working fluid to transfer 
heat (Figure 1). By incorporating capillary 
structures within the vapor chambers, these 
structures utilize capillary forces as channels for 
liquid return, while also providing effective 
evaporation paths. Vapor chambers are particularly 
suited for dispersing heat from a single source over 
a larger area for cooling purposes. Due to their 
ability to quickly conduct heat and distribute it 
evenly across the surface, vapor chamber can 
prevent local overheating, thereby protecting 
electronic components from damage. With 
advancements in manufacturing technology, VC 
have been widely applied in various fields such as 
electronic chips, mold manufacturing, and plastic 
thermoforming. Traditional VC technology 
typically consists of independently assembled 
components, which limits the diversity of shapes; 
they are usually only available in simple curved, 

varying sizes, or flat casings, restricting design 
flexibility. Thus, design often needs to revolve 
around the VC rather than integrating it into the 
system. However, the development of additive 
manufacturing technology has opened new 
possibilities for the design and production of vapor 
chamber, allowing for a higher degree of 
manufacturing freedom. 

Figure 1 Schematic diagram of vapor chamber. 

Powder-bed fusion (PBF) is one of the additive 
manufacturing technologies. PBF technology 
mainly uses a high-density focused energy source 
(such as laser light or electron beam) to sinter or 
melt material powder (plastic or Metal) into layer of 
the desired shape [1]. Selective Laser Melting 
(SLM) is one of the PBF. 

Enhancing the performance of vapor chambers 
has been a focal point of research for many years. 
This includes increasing flow channel volume, 
expanding thermal flux range, enhancing overall 
power, and reducing thermal resistance. These 
improvements are achieved through the use of 
various working fluids, designing diverse capillary 
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structures, adjusting fill rates, and optimizing 
geometric parameters. To minimize flow resistance 
and maximize capillary forces, controlling the pore 
structure and geometric parameters is particularly 
crucial. Additionally, additive manufacturing 
technology allows for the capillary structures and 
the base material of the vapor chambers to be 
integrally formed, enhancing thermal conductivity. 
However, additive manufacturing is a complex 
process involving multiple variables, including 
structural design, equipment precision, laser beam 
size, and issues with filler clogging, all of which can 
affect manufacturing outcomes. Despite these 
challenges, the direct design, optimization, and 
manufacturing of evaporators through additive 
manufacturing from the pore scale demonstrate 
significant potential for improvement and broad 
application prospects. 

Current research on the additive manufacturing of 
vapor chambers primarily focuses on printing 
different areas separately and then assembling them 
through welding [2] However, all-in-one formed 
vapor chambers, due to printing limitations, offer 
less control over internal structures and tend to have 
simpler designs [3]. But it can reduce defects and 
imperfections that may arise during welding and 
processing, thereby decreasing contact thermal 
resistance. 

Porous structures in design are primarily 
categorized into three types: beam-column type, 
thin-plate type, and triply periodic minimal surface 
(TPMS) type. The beam-column type, based on a 
single columnar structure, is frequently utilized in 
the fields of stress analysis and biomedicine due to 
its high stiffness-to-weight ratio and excellent 
elasticity. Thin-plate structures are mainly used to 
increase heat dissipation area; they exhibit 
particularly high stiffness in specific directions and, 
when combined with flexible materials, can provide 
both elasticity and stiffness, making them ideal for 
the design of cushioning materials. TPMS are 
surfaces defined using topological mathematics, 
characterized by boundaries that change in an 
orderly and continuous cycle. This smooth 
boundary structure not only provides structural 
support but also significantly enhances the 
feasibility of printing in additive manufacturing [4]. 
By controlling the thickness and distribution, TPMS 
structures can create interlocking yet non-
intersecting fluid channels. Since TPMS structures 
have a clear mathematical definition, it allows for 
precise control over porosity and the fluid flow 
paths [5]. 

2. Design and manufacturing of vapor 
chamber 

This study investigates the VC in three parts: the 
condenser, support columns, and the evaporator. 
First, we focus on the condenser and support 
columns. We did not design a separate structure for 
the condenser; instead, we integrated its space with 
the support columns, utilizing the surface for 
condensation, as shown in the Figure 2 below. To 
enhance condensation efficiency, a TPMS-Gyroid 
structure was used to create porosity within the 
support columns. This configuration promotes 
vapor condensation at the top while the porous 
structure wicks the condensate back to the 
evaporator. 

 

 
Figure 2. Integrated schematic of the condenser 
and support. 

 

The advantage of vertical printing is that it avoids 
the creation of large overhanging spaces, ensuring 
that all parts have some degree of support during the 
manufacturing process, which reduces the 
likelihood of collapse and helps maintain the overall 
integrity of the VC. Additionally, this approach 
reduces the number of support columns needed, 
thereby increasing the cavity volume between the 
hot and cold ends. Moreover, vertical printing 
shortens the post-processing time, as the printed VC 
must be cut from the printing base. Since the contact 
area between the vertically printed VC and the base 
is smaller, the cutting process requires less time. 

For the evaporator, much of the VC performance 
is determined by the capillary structure. Its primary 
function is to use capillary force to quickly return 
the condensed liquid from the condenser to the 
evaporator, thereby completing a stable thermal 
cycle. This capillary return process is crucial to the 
performance of the VC. Without the capillary 
structure, the liquid cannot flow back, leading to a 
lack of liquid replenishment within the VC, which 
would negatively impact the evaporation efficiency 
and thermal conductivity. 

Secondly, the capillary structure plays a key role 
in the temperature uniformity within the vapor 
chamber. The operation of the VC requires the 
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formation of a uniform temperature field inside to 
prevent localized overheating. By increasing the 
liquid return speed, the capillary structure ensures 
heat exchange balance between the evaporative and 
condensing regions, reducing the temperature 
gradient. This is particularly important for 
applications in high heat flux environments, where 
any temperature non-uniformity could result in 
equipment failure or decreased performance. 

Moreover, the design of the capillary structure 
directly affects the thermal resistance of the vapor 
chamber. Thermal resistance is a critical indicator of 
the VC's performance, and lower thermal resistance 
translates into higher heat dissipation efficiency. By 
optimizing the shape of the capillary structure, the 
thermal resistance within the VC can be 
significantly reduced, thereby improving overall 
heat dissipation capability. Factors such as the 
choice of capillary structure material, pore size, and 
porosity all influence thermal resistance. For 
example, finer capillary pores can provide stronger 
capillary forces, facilitating faster liquid return. 
However, overly dense structures may increase fluid 
resistance, which could hinder liquid flow. 
Therefore, these factors must be balanced during the 
design process. 

In this study, the VC has dimensions of 62.5 x 
62.5 x 5 mm³, with two pipes located on the bottom 
and right side for powder removal and working fluid 
filling, respectively. Using TPMS Gyroid structures 
were designed for the evaporator, with porosity 
settings of 30% and 60%. Based on the conclusions 
drawn from the support design and printing strategy, 
we ultimately designed the support columns as 2 
mm diameter cylindrical structures. These were 
integrated with the TPMS-Gyroid porous structure 
to balance the working fluid’s return capability with 
the structural strength, enabling the support columns 
to wick liquid back to the evaporator. 

For the arrangement of the support columns, we 
referred to the optimization research conducted by 
Zhu et al [6]. on support structures and made design 
improvements accordingly. The supports were 
uniformly distributed within the VC with a spacing 
of 5 mm. The overall structural design and 
parameters are shown in Figure 3 and Table 1. 

 

 
Figure 3. Design and support distribution of 
vapor chamber. 

  

Table 1. Specifications of VC (unit: mm). 

 
 

In the design of porous structures, TPMS-Gyroid 
were created using nTopology software, which 
features specialized lattice generation functions that 
allow for the easy creation of complex lattice 
structures. The key to porous design lies in the 
design of the basic unit cell lattice and its structural 
layout, as each lattice type has its own unique and 
complex structure. The Figure 4 below shows the 
continuous structures generated using TPMS lattice 
designs. 

 

 
Figure 4. Porous structure patterns. 

  

The study [7] investigated the fluid dynamic 
properties of lattice structures by varying their 
porosity. The study found that, compared to random 
foam structures, the permeability of lattice 
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structures increased by 20% to 80%, and they 
exhibited thermal performance similar to or even 
better than foam structures. These results indicate 
that topological lattice structures are highly suitable 
for porous designs in heat transfer devices. 

The TPMS is a surface described using 
topological mathematical methods, characterized by 
its orderly and continuously varying boundaries. 
This smooth boundary structure not only provides 
support but also significantly enhances the 
printability in additive manufacturing. The TPMS 
structure allows for precise control of porosity and 
fluid flow paths by adjusting the thickness and 
distribution [8]. 

In our study, we selected the TPMS-Gyroid as 
one of the porous structures for the evaporator. The 
Figure 5 below shows the design of a single lattice 
unit, while equation (1) represents its mathematical 
expression. 

 

 
Figure 5. Unit cell lattice of TPMS Gyroid. 

 

sin X cos Y + sin Y cos Z + sin Z cos X          (1) 
 

In this function, where  represents the periodicity 
of the function, and f(X, Y, Z) = C, When C = 0, a 
thin-sheet structure (without thickness) is formed. 
The user can adjust the thickness by setting the 
value of the constant C. 

We use the Tongtai AMP-160 to printing our 
sample and selected stainless steel (316L) as the 
material for printing. The machine shown in 
Figure 6, consists of several key components, 
including the nitrogen generation system, powder 
handling unit, and software with printing controls. 
On the left side of the image is the main machine 
body, while the right side shows the internal 
working platform. Table 2 outlines the 
operational parameters of the AMP-160 machine.  

 

 
Figure 6. Tongtai AMP-160 AM system.  

 

Table 2. AMP-160 Technical data. 
Max laser power 300W 

Building volume ∅160mm x 160mm 

Focus diameter 50μm 

Building volume 1~10cm3/hr 

Scanning speed up to 6600 mm/s 

Layer thickness 20~100μm 

Size accuracy 100μm 
 

When selecting the printing parameters, we 
referred to previous research [9], which indicates 
that laser power significantly affects the metal's 
density and dimensional accuracy. Therefore, we 
used different parameters for printing the walls 
and the internal porous structure of the VC, as 
shown in the Table 3 below. 

 

Table 3. Laser parameters for the wall and wick. 

 

3. Experiment and result 
The experimental setup is shown in Figure 7, 

while Figure 8 clearly indicates the temperature 
measurement points and dimensions. The power 
of the heater is controlled by a power supply, and 
the condenser is maintained at a stable temperature 
using a circulating water cooling system. During 
the testing process, the temperature difference at 
the inlet and outlet of the cooling water is 
measured. The VC, once filled and sealed, is 
placed on the heating end, and a fixed pressure is 
applied to the condensing end using an electronic 
pressure loading platform to ensure the VC is 
securely pressed. After completing the test, a data 
acquisition system is used to record the 
temperature data, which is then transmitted to a 
computer for further analysis to evaluate the 
performance. 

 

386



 
 

 
Figure 7. Vapor chamber testing equipment. 

 

 
Figure 8. Schematic diagram of testing equipment 
and temperature measurement points. 

 

T-type thermocouples were used to measure the 
temperatures at both the heating and condensing 
ends. The red area on the heating end indicates the 
contact position of the heater, with an area of 25.4 
× 25.4 mm². The blue area on the condensing end 
represents the contact position of the condenser, 
with an area of 62.5 × 62.5 mm². The temperatures 
at the condenser, labeled T1~T5, along with the 
surface temperature of the heating load (TH), 
provide key temperature data during the heating 
and condensing processes. 

The working fluid used in the experiment was 
methanol. During the filling process, a vacuum 
pump was used to evacuate the chamber to below 
1×10⁻² Torr before injecting a specific quantity of 
working fluid to achieve the desired fill ratio. A 
100% fill ratio is defined as the state where the 
capillary structure at the evaporator is fully 
saturated with fluid. We used nTopology software 
to calculate the porous structure's pore volume, 
and the fill ratios and corresponding fluid 
quantities for this study are shown in Table 4. 

 
 
 
 
 
 

Table 4. Relationship filling ratio. 

 
 

To minimize experimental errors, L-shaped 
insulation blocks were installed around the heater 
to ensure that the VC is placed in the same position 
for each experiment (Figure 9). An electronic 
pressing platform was employed to apply a fixed 
pressure of 20 kgf, ensuring tight contact between 
the VC, the heater, and the condenser. To maintain 
temperature uniformity at the condenser, the water 
flow rate of the cooling plate was set to 30 LPM, 
and the water temperature was controlled at 28°C, 
ensuring consistent experimental conditions 
across all tests. 

 

 
Figure 9. Schematic diagram showing the 
relationship the heater positioning block. 

 

In the experimental phase, the heater power 
started at 50W and was gradually increased to 
80W, 100W, 120W, 140W, with a maximum of 
150W. The system was considered stable when the 
temperature variation was less than 0.5°C within a 
5-minute period. Once the temperature stabilized, 
the next power level was tested. Additionally, for 
safe operation and to simulate typical usage 
conditions, a maximum temperature limit of 
100°C (Th,max) was set. If the heater temperature 
exceeded this limit, the experiment would be 
immediately halted.  

The recorded data can be used to calculate the 
thermal resistance. Thermal resistance is a 
commonly used method to evaluate thermal 
performance. The equation (2) for calculating 
thermal resistance is as follows: 

 

Rsystem = (Th-Tc,avg)/Q                 (2) 
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4. Results and discussion 
In this study, five types of VCs were fabricated, 

The samples were made with a 60% porosity and 
filled with methanol at 100%, 150%, and 200% 
capacities. Additionally, for further comparison, a 
sample was created with 150% methanol fill but 
maintained at atmospheric pressure, as well as a 
sample with 30% porosity filled with 200% 
methanol, as detailed in the Table 5 below. 

 

Table 5. Different sample numbers. 
Sample 
number 

Porosity 
(%) 

Filling 
ratio (%) 

Chamber 
pressure 

A 

60 

100 Vacuum 
B 150 Vacuum 
C 200 Vacuum 
D 150 Atmospheric 
E 30 200 Vacuum 

 

Figure 10, Figure 11, and Figure 12 each 
display the temperature curves for samples A, B, 
and C, respectively, highlighting the variations 
due to different fill rates. When testing sample A, 
a heating power of 100W exceeded the 
temperature limits, so the sample was tested at 
60W and 70W to enhance the interpretability of 
the data. From the graph, it is observed that the 
sample exhibits good heat dissipation 
performance at low heating powers. However, as 
the heating power gradually increases, a 
significant change in the temperature curve 
gradient begins when the power reaches 80W, 
with a greater increase in the steady-state 
temperature compared to the rise to 60W and 70W. 
This indicates that with the increase in heating 
power, the evaporation rate within the VC 
accelerates, and the working fluid returning 
through condensation is insufficient to sustain a 
large amount of evaporation, leading to an 
accelerated accumulation of heat. However, due to 
the low fill rate, the working fluid struggles to 
support a stable thermal cycle. This results in a 
sharp decline in heat dissipation efficiency, 
leading to a significant rise in temperature.  

 

 
Figure 10. Temperature curve of the sample A. 

  

The sample B demonstrates superior 
performance. Even when the heating power 
reaches 120W, it maintains a stable temperature, 
indicating strong heat conduction capability and 
stability. This demonstrates that at higher fill rates, 
samples can operate stably under higher power. 
During the testing of sample C, two outcomes 
were observed. One, as shown in Figure 12, 
featured a noticeable decrease in evaporator 
temperature and an increase in condenser 
temperature (highlighted in the top left corner of 
the diagram). After this phenomenon, the steady-
state temperature significantly decreased, 
ultimately resulting in better performance for this 
test. The other outcome, as shown in Figure 13, 
did not exhibit any significant temperature drops, 
and thus, the performance was poorer .Even at a 
heating power of 150W, sample C1 maintains a 
steady temperature, demonstrating enhanced heat 
conduction abilities and stability. When 
comparing samples B and C2, the performance 
difference is minimal, with similar outcomes.  

Moreover, Figure 12 reveals a sudden 
temperature drop at specific moments in both 
temperature curves. This sharp decline indicates 
that at that instant, a substantial amount of the 
working fluid within the VC evaporates, quickly 
absorbing and removing heat from the heat source, 
resulting in a sudden decrease in temperature at 
the evaporator. Simultaneously, the condenser 
experiences a sudden temperature rise due to the 
large volume of vapor, which leads to a significant 
but gradual stabilization of the temperature. This 
phenomenon reflects the rapid phase change and 
heat exchange processes within the VC system, 
highlighting the significant impact of the working 
fluid's instantaneous evaporation and 
condensation on system stability and cooling 
performance. The higher fill rate ensures a more 
ample supply of working fluid, allowing the 
system to maintain a stable cooling cycle and 
effectively control temperature fluctuations even 
under high power conditions. 

 

 
Figure 11. Temperature curve of the sample B. 
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Figure 12. Temperature curve of the sample C1. 

 

 
Figure 13. Temperature curve of the sample C2. 

 

Figure 14 compares the thermal resistance of 
four temperature curves. We use "C1" to denote 
the scenario where sample C exhibits a noticeable 
temperature drop, and "C2" where there is no 
temperature drop. We observe that Sample A has 
better thermal resistance at power levels between 
50 and 80W. However, at 80W, the thermal 
resistance rapidly increases, and further testing 
becomes unfeasible. This indicates that due to its 
lower fill rate, sample A allows the working fluid 
to boil quickly at lower powers, but encounters a 
fluid shortage at higher powers. 

Sample B shows a decrease in thermal 
resistance as power increases, with the highest 
heating power around 120W. Samples C1 and C2 
exhibit significant differences; C1 experienced a 
temperature drop at 80W, significantly reducing 
its thermal resistance. Notably, at 100W, the 
thermal resistance reaches its lowest point at 
0.4K/W, then increases with further power 
increases, although it still maintains the best 
thermal resistance overall. 

We speculate that while sample C can operate 
stably at a power of 150W, excessive boiling 
above 100W hinders the smooth reflux of the fluid, 
leading to a reduction in overall performance. 

 

 
Figure 14. Thermal resistance of the VC with 60% 
porosity at different fill rates. 

 

We produced sample E with a porosity of 30%, 
and a fill rate identical to sample C for comparison 
purposes. Figure 15 shows the temperature 
changes of the sample E. Comparing this with 
Figure 12, it is observable that at lower heating 
powers, the sample E performs better, exhibiting 
improved cooling effects. However, as the heating 
power increases, despite the occurrence of sudden 
temperature drops, the temperature gradient still 
rises rapidly. Finally, the sample could only be 
tested up to a maximum power of 120W. 

This comparison highlights the impact of the 
porosity of the capillary structure on performance. 
While 30% porosity offers a surface area 
advantage that allows for better performance at 
lower heating powers—due to faster evaporation 
rates, helping reduce a temperature, the 
performance declines as the power increases. With 
higher power, the rate of fluid evaporation 
increases, and the denser structure hinders the 
flow of the working fluid, significantly reducing 
the heat dissipation efficiency. Even though there 
are brief temperature drops, the lack of smooth 
fluid circulation prevents stable temperature 
maintenance. On the other hand, a 60% porosity 
provides larger spaces that facilitate smoother 
fluid flow, thereby sustaining more stable and 
superior heat transfer performance at higher 
heating powers. 

 

 
Figure 15. Temperature curve of the sample E. 
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To test the reliability of VC made using an all-
in-one integrated manufacturing approach, we 
conducted long-term tests on sample B at a weekly 
frequency. Figure 16 shows the thermal 
resistance error results from these tests. All 
thermal resistance errors were within 10%, with 
no significant upward or downward trends, 
indicating that these errors are due to experimental 
operational discrepancies. From this testing, we 
infer that sample B has good seal integrity, capable 
of maintaining long-term airtightness and repeated 
usability. 

 

 
Figure 16. Range of thermal resistance errors in 
reliability tests. 

 

To assess the performance of the VC in the event 
of a leak, we fabricated sample D, identical to 
sample B, but did not perform vacuum processing 
during filling, thus maintaining atmospheric 
pressure inside and sealing it by welding. Results 
from Figure 17 reveal that if the VC cannot 
effectively prevent leaks, the fluid cannot boil at 
lower temperatures, leading to a significant 
decline in system performance. 

 
Figure 17. Temperature curve of the sample D. 

 

The Table 6 and Figure 18 summarize the 
thermal resistance of five different VC, 
highlighting their variations in thermal 
management performance. The data clearly show 
that if a VC is not well-sealed, its thermal 
resistance will increase, and it will be unable to 

handle higher heating powers. Sample A, with its 
lower fill rate, exhibits lower thermal resistance at 
heating powers between 50W and 80W. However, 
sample E, due to its denser porosity and higher 
surface area, produces stronger boiling effects, 
achieving the lowest thermal resistance at powers 
between 50W and 70W, but its performance 
significantly declines when the power exceeds 
80W. Sample C, with more porosity and a higher 
fill rate, can operate at higher powers while 
maintaining good performance. 

 

Table 6. Thermal resistance table of vapor 
chambers.  

 
 

 
Figure 18 Thermal resistance of vapor chambers. 

 

The TPMS Gyroid structured VCs exhibit 
distinctly different thermal management 
capabilities under various porosity and fill rates. 
Structures with lower fill rates and porosity 
perform better at lower heating powers, showing 
improved steady-state temperatures, while those 
with higher fill rates and porosity can withstand 
higher heating powers. This versatility makes the 
TPMS Gyroid structure an ideal choice for 
different thermal management requirements 
depending on the application scenario. 

5. Conclusion 
This study utilized Additive Manufacturing 

(AM) techniques to fabricate vapor chambers 
(VCs) and systematically compared the thermal 
performance of five kinds VC. The capillary 
structures in the VC were designed using the 
TPMS Gyroid, setting the porosity at 60% with fill 
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rates of 100%, 150%, and 200%. To verify 
reliability and test different porosities, samples 
were also made with chamber pressures at 
atmospheric levels and with lower porosity rates 
for comparison. Methanol was used as the 
working fluid, and the VCs were tested at fill 
ratios of 100%, 150%, and 200% under varying 
heating power conditions. The results show that 
the vapor chamber with sample C exhibited the 
lowest thermal resistance (0.3948 K/W) at a 
heating power of 100W. Furthermore, it was able 
to operate at higher heating powers (150W) 
compared to other designs. Although the thermal 
resistance slightly increased (0.4~0.43 K/W), it 
still remained lower than that of other vapor 
chamber designs. However, at lower power usage, 
samples with lower porosity (Samples A and E) 
exhibit better thermal resistance. Furthermore, the 
VC maintains consistent performance under 
prolonged testing, demonstrating that using 
additive manufacturing techniques to create 
integrated VC structures is feasible. 

And the research can be summarized as follows: 
Performance Advantages of TPMS Gyroid 
Structures:  

The TPMS Gyroid structures exhibited 
significant differences in thermal performance 
across various porosities and fill ratios. Structures 
with higher porosity and fill rates (such as 60% 
porosity at 150% and 200% fill rates) 
demonstrated lower thermal resistance and could 
handle higher heating powers with excellent 
cooling effects. Conversely, structures with lower 
porosity (such as 30% porosity at 200% fill rate) 
showed lower thermal resistance under low power 
heating, highlighting their potential application in 
low-power thermal management systems. These 
findings illustrate the ability of TPMS Gyroid 
structures to be flexibly adjusted to meet diverse 
cooling requirements based on different 
application needs. 
Potential of AM Technology: 

The study showed that AM technology brings 
unprecedented flexibility and precision to VC 
design and manufacturing. Additive 
manufacturing enables the creation of complex 
three-dimensional periodic structures like TPMS 
Gyroid, significantly increasing the heat 
conduction pathways, allowing for faster and 
more uniform distribution of thermal energy 
between the evaporator and condenser. This 
technology not only enhances the design freedom 
of VCs but also makes it possible to combine 
different structures and fill ratios, paving the way 
for the future development of more efficient, 

customized thermal management systems. The 
application of AM technology greatly expands the 
possibilities for VC structural design, especially in 
fields requiring precise thermal control, offering a 
highly promising solution. 

In conclusion, this research showcases the 
advantages of the TPMS Gyroid structure, 
particularly in thermal management systems, 
where optimal designs can be tailored for different 
heating power requirements by selecting 
appropriate porosities and fill ratios. Moreover, 
additive manufacturing technology provides the 
technical support necessary to realize these 
complex structures, significantly enhancing the 
flexibility and efficacy of VC designs. These 
achievements indicate that combining additive 
manufacturing with innovative structural design 
will lay a solid foundation for the development of 
future efficient thermal management systems. 

 
6. ACKNOWLEDGEMENTS 

We would like to thank National Science and 
Technology Council (NSTC), Taiwan, Republic 
of China, for supporting and funding the 
development of our research with project number 
112-2221-E-032 -026. 

 
References 
[1] W. E. Frazier, “Metal Additive Manufacturing: 
A Review,” Journal of Materials Engineering and 
Performance, vol. 23, no. 6, pp. 1917-1928, 2014. 
[2] Z. Gu, H. Liu, K. Yang, et al., “Enhancing heat 
transfer performance in 3D-printed integrated vapor 
chamber using composite structures,” Applied 
Thermal Engineering, vol. 234, 121292, 2023. 
[3] S. Ozguc, S. Pai, et al., “Experimental 
Demonstration of an Additively Manufactured 
Vapor Chamber Heat Spreader,” 18th IEEE 
Intersociety Conference on Thermal and 
Thermomechanical Phenomena in Electronic 
Systems, 2019. 
[4] Wakjira, Y., Cioni, A. & Lemu, H.G. “Current 
status of the application of additive-manufactured 
TPMS structure in bone tissue engineering.” 
Progress in Additive Manufacturing, 2024. 
[5] M.B. Hawken, S. Reid, et al., “Characterization 
of pressure drop through Schwarz-Diamond triply 
periodic minimal surface porous media,” Chemical 
Engineering Science, vol. 280, 119039, 2023. 
[6] Shuiping Zhu, Yong Li, “Sensitivity and 
optimization analysis of pillar arrangement on the 
thermal–hydraulic performance of vapor chamber,” 
Applied Thermal Engineering, Volume 240, 
122246, 2024. 

391



 
 

[7] P. Ekade, and S. Krishnan, “Fluid flow and heat 
transfer characteristics of octet truss lattice 
geometry,” International Journal of Thermal 
Sciences, vol. 137, pp. 253-261, 2019. 
[8] Benjamin W. Reynolds, Conan J. Fee, et al., 
“Characterisation of Heat Transfer within 3D 
Printed TPMS Heat Exchangers,” International 
Journal of Heat and Mass Transfer, Volume 212, 
124264, 2023. 
[9] Chen, K.-L, Luo, K.-Y, et al, “SLM Additive 
Manufacturing of Oscillating Heat Pipe,” 
Sustainability, 15(9), 7538, 2023. 
 
 
 
 
 
 

 

 

 

392



Numerical Simulation of Fluid Dynamics Characteristics in 3D printed TPMS 
Structures 

Senthilkumar S1, Kishore Bhaskar S1, Penubarthi Guru Varun2, Chen K. L2 and Kang S. W2 
1 Department of Aerospace Engineering, SRM Institute of Science and Technology, Kattankulathur, Chennai 603203, India 

2 Department of Mechanical and Electro‐Mechanical Engineering, Tamkang University, New Taipei City 25137, Taiwan 
* Corresponding author email address: swkang@mail.tku.edu.tw; Tel.: +886‐2‐2621‐5656 (ext. 3279) 

Abstract 
Heat pipe performance is influenced by fluid properties like permeability, contact angle, capillary action, surface 
tension, density, viscosity, and vapor pressure. These properties directly impact heat pipe efficiency by enabling fast 
fluid movement, efficient heat removal from the source, and enhancing capillary action. Optimizing these fluid 
properties is essential for designing heat pipes that meet specific performance needs, ensuring reliable and efficient 
thermal management across various applications. This research focuses on numerical study on improving the 
efficiency of such parameters by using TPMS (Triply Periodic Minimal Surfaces) porous structures. Simulations are 
carried out for four different TPMS structures namely TPMS Gyroid, Diamond, Octet, and Iso-truss with the unit cell 
size of 2×2×2 mm3 to understand the dynamic behavior of contact angles and penetration patterns of free-falling water 
drop of 16 μL in volume. Numerical results of transient drop evolution and its penetration patterns are compared with 
those of experimental findings and found a reasonably good agreement. 

Keywords: Triply Periodic Minimal Surfaces; Porous Structures; Numerical; Contact Angle; Drop 

1. Introduction

       Heat pipes play an increasingly vital role in 
managing heat effectively across various 
applications. In the realm of electronics, such as 
laptops, desktop computers, and LED lights, they 
are indispensable for curbing overheating and 
ensuring optimal performance. Moreover, in the 
domain of spacecraft thermal management, where 
temperature fluctuations pose a threat to sensitive 
electronics, heat pipes are crucial components. Their 
significance further extends to HVAC systems, 
power plant cooling setups, and the cooling 
mechanisms of high-performance CPUs and GPUs 
in modern computers. 

       The efficiency and effectiveness of heat pipes 
hinge greatly on fluid properties like contact angle, 
permeability, and porosity. The contact angle of the 
fluid with the inner surface of the heat pipe 
determines its ability to thoroughly wet the surface, 
directly impacting the performance of the heat 
transfer process. Additionally, Liquid behaviour on 
porous materials is controlled by both bulk 
penetration and surface spreading [1, 2]. The 
contact angle of a drop of liquid in contact with the 
substrate is a characteristic that is influenced by 
both the fluid and the structure [3]. It is the angle 
created by the tangent of the drop's outline at the 
point of contact with the substrate. The dynamic 
contact angle must be computed or monitored to 
achieve a delicate balance between drop and 
surface while absorbing substrates, which is rarely 
achieved. The contact angle (Θ) quantifies liquid 

adhesion to surfaces. Notable wetness is indicated 
by a low Δ value. In many applications, liquid 
behaviour on porous materials is crucial. In inkjet 
printing, the contact angle predicts how the dots 
will spread over the substrate [4]. Membrane 
liquid penetration is usually measured by the 
contact angle. 

       Several experiments have been carried out 
to examine the phenomenon of drop absorption 
and spreading on porous surfaces. This research 
has been conducted utilizing modelling techniques 
[6,7] or by direct observation [8,7,5]. These 
studies investigate the effects of substrate pore 
size and porosity, as well as liquid surface tension 
and viscosity, on drop spreading and penetration 
behaviour. The contact angle is affected by the 
absorption into the substrate, resulting in a 
reduction as the drop infiltrates the substrate [10, 
9, 5, 3]. However, none of these studies are 
currently looking into the effects of absorption, 
drop size, and surface tension on the measured 
contact angle with the TPMS structures. Rather 
numerical simulations were done for a random CT 
scanned porous structure and the effects of static 
contact angle were studied with the help of 2-
phase VOF models in OpenFoam [11]. 

2. Design and Numerical Method

       Four models were created namely TPMS 
Gyroid, Diamond, Octet, and Isotruss with the unit 
cell size of 2×2×2 mm3 with the dimensions of 
10×10×3 mm3. using a commercial implicit CAD 
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modeling software nTop as shown in Figure 1.           

 
Figure 1. Porous structures designed using nTopology 
a-Octet, b- Iso-truss, c- Gyroid, d- Diamond. 

 

          The following equations were used by the 
modeler for creating TPMS structures used in this 
study: 

 

TPMS 
Architec

ture 

 

Equation f (x, y, z) = 0 

Fischer-
Koch S 
(FKS) 

cos(2x)⋅sin(y)⋅cos(z)+cos(2y)⋅sin(z)
⋅cos(x)+cos(2z)⋅sin(x)⋅cos(y) 

 

Gyroid 
(G) 

cos(x)⋅sin(y)+cos(y)⋅sin(z)+cos(z)⋅s

in(x) 

Schwarz 
primitive 

(SP) 

cos(x)+cos(y)+cos(z) 

           

The static contact angle is to be known before we 
move forward with the simulation of different 
structures hence, a 3D-printed flat plat of a water 
droplet was kept on the surface and the static contact 
angle was measured to be 53.72o. The below figure 
shows the experimental results. 

 

 
Figure 2. Static contact angle of the solid 3-D printed 
flat plate measured by dpiMAX goniometer.  

 

          To validate the simulation’s accuracy, in this 
experiment, distilled water droplets of 16 

microliters were deposited on the porous TPMS-
Gyroid structure from a height of 30 mm. The 
machine employed for this task, the DKSH OCA 
15EC contact angle meter, is equipped with a high-
resolution camera and precision syringe control. 
These features are essential for capturing the 
evolution of the droplet that are in contact with a 
surface and ensuring accurate volume repeatability. 
The dynamic Contact angle was measured with the 
help of the elliptical fit method from the goniometer 
(Figure 2) and the experimental setup is shown in 
Figure 3. 

 
Figure 3. Experimental setup (DKSH OCA 15EC 
contact angle meter). 

 
          The boundary conditions and the geometry 
for validation are given in Figure 3. The following 
assumptions are used to simulate the drop 
dynamics: 
 Flow type: Transient 
 Gravity: 9.81 m/s2 
 Height at which the water was dropped: 30 

mm 
 Multiphase- VOF model. 
 Volume: 16 μL. 
 Droplet diameter: 1.529 mm 
 Droplet fluid material: Water 
 Turbulence model: Laminar 

 
Figure 4. Fluid Domain with Boundary conditions of 
the numerical model. 
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          The VOF (Volume of Fluid) with transient, 
multiphase model was used. The tracking 
interface between different phases is achieved by 
solving the continuity equation for the volume 
fraction of phases. For the qth phase, this equation 
has the following form:  

        (1)                      

In which, mqp- mass transfer from phase 1 to phase 
2, mpq is vice versa and the source term is by 
default 0. However, as there is no phase change 
occurred in this study, mqp and mpq are equal to 
zero. 
 
Volume fraction equation is solved by Explicit 
time discretization: 
 

 (2)   

Where,  
 n+1 = index for current time step 
 n = index for previous time step 
 V= volume of cell 
 Uf = volume flux through face, based on 

velocity. 
 αq, f = face value of the qth volume fraction, 

computed from the first- or -second-order 
upwind scheme. 
 

          A geometric reconstruction scheme was 
used for the interface capture of the two phases of 
fluids. A single momentum equation is solved 
throughout the domain, resulting velocity term is 
shared among the phases. The momentum term 
shown below is dependent on the volume fractions 
of all the phases: 
 

  (3)  
 
          Surface tension between air and water was 
0.072 N/m and the continuum surface force model 
was used with the surface tension model on wall 
adhesion and jump adhesion so that the contact 
angles are found with both sides being almost the 
same. 
          Considering the same boundary conditions 
the Gyroid structure was replaced with three other 
different structures namely Diamond, Iso-truss, and 
Octet of the same unit-cell size can be seen in Figure 
1. The volume of water contour in a plane was 
plotted and the video was obtained, at different time 

intervals. The droplet dynamic characteristics were 
captured and then used in a goniometer in this study 
software as mentioned in [13] was used to find the 
contact angle at different time.   
          The fluid domain was finely meshed with a 
maximum cell size of 0.2 mm and minimum cell 
size of 0.05mm and with a growth rate of 1.2 with 
the polyhexa mesh. The surface tension effects are 
to be captured, so near the top surface of the 
porous structure the mesh was refined with layers 
of hexa mesh. The mesh layout can be seen in 
Figure 5. 
 

 
 
Figure 5. Polyhexa mesh for Gyroid structure. 
 

3.  Results and Discussion 
 
The right and left dynamic contact angles, and the 
average dynamic contact angle between the right 
and left were plotted from both the experimental 
and simulated data as in Figure 6 and 7, 
respectively. In both cases same boundary 
conditions were used, i.e. volume of the droplet of 
16, drop height of 30 mm and, the Gyroid of unit 
cell size 2×2×2 mm3.  

The comparison of the right and left dynamic 
contact angles show that it is more agreeable that 
they are on a similar trend with the angles being 
almost the same. The average contact angle plot 
with the trendline with the regression equation 
shows that the contact angle which is the variable 
is independent of the mode of obtaining the angles. 
Both give out R² values that are close to each other 
and hence this numerical model is validated. 

The dispersion of the water droplet at different 
time intervals was recorded in both experimental 
and numerical analysis and the contours were 
plotted to compare the dynamic drop evolution 
patterns. Figure 8 illustrates the spreading pattern 
of water drop on the Gyroid structure with an 
initial contact angle of 53.72o. 

It can be seen from Figure 8 that the dynamics 
of the droplet are captured precisely for both 
experimental and numerical analysis. The error 
percentage between experimental and numerical 
results for average contact angle was less than 6% 
which was agreeable considering the printing 
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thickness difference and surface roughness in real-
time models when compared to CAD models 
which are smooth and uniform. 

 

 
 
Figure 6. Comparison of dynamic contact angles 
obtained from both experimental and simulation results 
for Gyroid structure: (a) Right contact angle (b) Left 
contact angle. 
 

  
 
Figure 7. Plot illustrating the average dynamic contact 
angle of both experimental and simulated results of 
Gyroid structure 
 
 

 
Figure 8. Comparison of water droplet evolution on 
Gyroid structure results from experiment and numerical 
simulation.  

 

        This study examined how surface wettability 
affects the time it takes for water droplets to 
penetrate through four distinct porous structures: 
gyroid, diamond, octet, and iso-truss. The droplets 
were discharged from a vertical distance of 30 mm 
with a radius of 1.529 mm. Although the contact 
angles were comparable among the structures, 
there was a substantial variation in the time it took 
for the droplets to enter each structure. This 
finding has critical implications for the efficiency 
of heat pipes. 

          Figure 9 gives an insight into the inner and 
outer retention of the water droplet for different 
porous structures, this helps us visualize the 
percentage of water that is initially retained on the 
porous structure before the droplet is fully 
penetrated. The efficiency of heat pipes, especially 
micro-channel heat pipes (MCHPs), is 
significantly affected by the wetting 
characteristics of the surfaces involved, which has 
a direct impact on their overall performance. The 
structures being examined have distinct geometric 
configurations that result in different levels of 
surface wettability. These variations have a direct 
impact on the thermal and flow characteristics of 
the working fluid inside the heat pipe. 
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Figure 9. Penetration pattern of the water drop into 
different TPMS structures at different times: Top – 
Gyroid & Iso-truss, Bottom – Octet & Diamond. 

 

 
Figure 10. Penetration time for all four structures. 

Figure 10 gives an insight into how much time 
different structures take for the droplet to fully 
penetrate. This gives us an overall idea about the 
wettability of different structures.   

          It can be seen that the droplet had a fast 
penetration time due to the gyroid's smooth and 
continuous surface topology. This structure's 
balance between wettability and permeability 
plays a crucial role in ensuring a consistent and 
smooth flow of the refrigerant in the evaporator 
section of a heat pipe. The heat transfer efficiency 
is significantly improved with the smooth 
transition of the liquid film over the surface. This 
makes it an excellent choice for applications that 
demand reliable thermal management. 

          With quick penetration time, the diamond 
structure, known for its high porosity, was next to 
the gyroid. Rapid penetration suggests less fluid 
flow resistance, which might benefit heat 
dissipation. Increased fluid velocity can reduce 
thermal isolation, compromising pipe heat 
retention in some places. This may reduce the 
effectiveness of sustained heat absorption systems. 

          The octet structure penetrated longer than 
diamond and gyroid structures. Reduced fluid 
flow may indicate higher heat transfer resistance, 
which might be useful when the heat pipe has to 
hold heat in some locations to maintain the 
required temperature differential. Over time, 
controlled flow through the octet structure can 
increase thermal performance by uniformly 
spreading temperature. 

           The complex lattice construction of the iso-
truss structure allowed penetration for the longest 
time. Higher surface contact and wetness indicate 
greater thermal insulation. This process may 
enhance thermal resistance in heat pipes and 
improve evaporator heat absorption. However, 
depending on the application, slower flow may 
delay heat transfer to the condenser portion, 
reducing heat pipe efficiency. 
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Figure 11. Comparison of the average contact angles 
for all four TPMS structures. 

 

          Through the simulation results, it was found 
that all four structures exhibit a contact angle in 
the range of 50o to 30 as shown in Figure 11. It 
shows the average dynamic contact angle for 
different structures. With a contact angle range of 
52° to 0° and a penetration time of 2 seconds, the 
gyroid structure has the quickest fluid movement 
measured. The high initial contact angle suggests 
a surface that resists wetting, but rapid penetration 
shows that the droplet quickly wets the surface. By 
this phenomenon, a refrigerant can rapidly cover 
and transport heat over the evaporator part of heat 
pipes, making it ideal for fast heat transmission. 
This can be easily understood from the the 
spreading patterns of water drop for various 
TPMS structures as shown in Figure 12. The 
videos of these interface patterns between air and 
water drop video was used to find the dynamic 
contact angle using Opendrop software.  

          Octet structure has contact angle in the 
range of 48° to 0°- and 3.25-second penetration 
time, slower fluid movement than gyroid. The 
comparatively smaller initial contact angle and 
longer penetration duration imply more regulated 
fluid distribution. Heat pipes need a slower, more 
constant fluid flow to maintain a steady 
temperature gradient, hence this trait may improve 
thermal management over time. 

The most fluid-resistant construction is the 
iso-truss, with a contact angle range of 39° to 0° 
and a penetration time of 3.75 seconds. Slow 
penetration suggests a structure that keeps fluid 
longer, improving thermal isolation, while a lower 
initial contact angle improves wettability. This 
tendency could prove useful in applications 
requiring continuous heat absorption, but it could 
hinder heat transfer efficiency in quick 
temperature reaction situations. 

          The diamond structure balances wettability 
and penetration time with a contact angle range of 

38° to 0° and a penetration duration of 2.75 
seconds. It has the lowest initial contact angle, 
indicating great wettability, but the penetration 
duration shows fluid spreads slower than in the 
gyroid structure. The diamond construction is 
flexible for heat pipes, balancing quick heat 
transmission with thermal isolation. 
 

 

 
Figure 12. Illustrates the water droplet dispersion 
behavior for the membrane with a static contact angle 
of 53.72 for three of the porous structures namely Iso-
truss, octet, and Diamond from left to right respectively. 

       

Comparative Analysis: Conventional 
Porous/Mesh Structures vs. Advanced 
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Geometric Structures: 

          Heat pipes commonly employ typical 
porous or mesh structures, such as sintered 
powders, metal foams, or wire meshes, to augment 
capillary action, facilitate fluid distribution, and 
boost heat transmission. These structures 
commonly demonstrate favourable wettability, 
capillary pumping, and thermal conductivity, 
which renders them very efficient in conventional 
heat pipe applications. Nevertheless, the 
effectiveness of their function is mostly 
determined by their consistent porosity and 
relatively uncomplicated geometric structure. 
          On the other hand, the complex geometric 
structures examined in this research, including 
Gyroid, Diamond, Octet, and Iso-truss, possess 
distinct and varied geometries that bring about 
novel dynamics in fluid penetration and heat 
transmission mechanisms. 

4. Conclusion 
          This study examined the influence of 
contact angles and penetration durations on the 
efficacy of four porous structures namely Gyroid, 
Diamond, Octet, and Iso-truss for heat pipe 
applications. The diamond structure exhibited the 
quickest penetration time of 2.75 seconds and a 
contact angle range of 38° to 0°, indicating little 
resistance to fluid flow, therefore rendering it 
optimal for applications necessitating fast heat 
dissipation. 
          The Gyroid structure exhibited rapid 
penetration in 2 seconds, with a contact angle 
ranging from 52° to 0°, indicating effective fluid 
dynamics, ideal for high-performance thermal 
transfer. On the other hand, the Iso-truss structure 
exhibited the longest penetration duration of 3.75 
seconds and a contact angle range of 39° to 0°, 
indicating enhanced surface interaction and 
superior thermal insulation, advantageous for 
longer heat absorption. The Octet configuration, 
exhibiting a penetration duration of 3.25 seconds 
and a contact angle ranging from 48° to 0°, 
facilitated an equilibrium between fluid dynamics 
and heat regulation.  
          In comparison to traditional porous or mesh 
structures, these advanced geometries have unique 
advantages. The Diamond and Gyroid 
configurations provide superior thermal 
conductivity, whilst the Iso-truss and Octet 
structures offer improved thermal insulation, 
rendering them appropriate for diverse thermal 
management requirements in heat pipe design. 
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Abstract 
Due to the high cooling requirements of 5th generation (5G) base stations, conventional metallic heat sinks are not 

capable of dissipating sufficient heat from these stations. Hence, a new type of air-cooled module is needed to fulfill 

this task. The roll bond flat thermosyphon (RBFT) is a phase-change solution that is affordable, easy to assemble, and 

has a high heat transfer coefficient. In the current study, the RBFT module, cooled by natural convection, has been 

investigated experimentally, considering the effects of filling ratio, working fluids, inclination, and heat loads on the 

thermal performance of the RBFT module. The results showed that the thermal resistance of the RBFT is around 10% 

to 25% lower than that of a similar flat plate fin for 100W and 400W heat loads, respectively. The best thermal 

performance was achieved with 25% and 40% filling ratios for R-600a and R-1233zd, respectively. Additionally, the 

best thermal performance was observed when the module was installed without any inclination. 

Keywords: Roll-bond flat thermosyphon; Air-cooled; Heat dissipation; Natural convection; Thermal performance;  

1. Introduction

Due to the boom in mobile communication 

technologies, 5th generation (5G) base stations are 

now widely used by many operators. Classical heat 

sinks with plate fin array configurations are 

inexpensive and easy to manufacture, but they are 

limited in heat dissipation [1]. The active antenna 

unit (AAU) in 5G stations is smaller in size 

compared to the remote radio unit (RRU) in 4th 

generation (4G) base stations. However, the 5G 

AAU consumes significantly more power, most of 

which is converted into heat [2]. Hence, it is 

essential to find an alternative to plate fins, which 

are typically mounted on the back of an antenna’s 

cabinet in 4G RRUs, to dissipate heat from the 

antenna and prevent overheating that could damage 

the AAU. The schematic of 4G and 5G base stations 

is shown in Figure 1. 

Figure 1. The schematic of 4G and 5G sites [2].

Since the fins of heat sinks are usually made of 

aluminum, and the thermal conductivity of 

aluminum cannot fulfill the needs for enhanced heat 

dissipation, the application of phase-change heat 

dissipation technologies, such as heat pipes and 

thermosyphons, has increased. These two 

technologies leverage the benefits of evaporation 

and condensation. In a heat pipe, the liquid returns 

from the condenser to the evaporator by means of 

surface tension through a wick structure, while in a 

thermosyphon, or wickless heat pipe, the driving 

force is gravity, which facilitates the return of the 

liquid from the condenser [3]. This can be seen in 

Figure 2. 

Figure 2. (a) Conventional aluminum fin; (b) heat

pipe fin [4]. 

An innovative solution for the dissipation of heat 

from the 5G active antenna unit is to replace the 

aluminum fins mounted on the back of the unit with 
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flat-plate heat pipes.  

Several studies have been conducted on roll bond 

flat heat pipes (RBFHP) and their applications. 

Deng et al. [1] carried out an experimental study of 

an RBFT with three different pipe configurations, as 

well as different filling ratios, to evaluate the 

effective thermal conductivity. They proposed an 

optimum design structure and an optimum filling 

ratio that provide high effective thermal 

conductivity compared to other cases in their study. 

In another study, Deng et al. [2] examined the 

RBFHP using multiple heat sources under natural 

convection conditions. They investigated the 

thermal performance based on different filling ratios, 

heat loads, inclination angles, and heat source 

distributions. They concluded that there is a 

relationship between the position of the liquid-vapor 

interface and the higher heat load source. 

Khodabandeh [3] studied an RBFT used for cooling 

a radio base station. Wan et al. [4] studied an 

RBFHP and concluded that dissipation efficiency 

was 10% to 55% better than that of a fin heat sink. 

They also investigated the effect of inclination on 

the performance of the RBFHP. Sacco et al. [5] 

proposed a mathematical model for an air-cooled 

thermosyphon cooling system using roll-bond fins 

for the condenser part and assessed their results 

through simulation and experiment, reaching a good 

agreement. Take et al. [6] studied the capillary limit 

and thermal performance of an RBHP. They 

proposed three different designs and found the 

optimum filling ratio and design. Gradinger and 

Agostini [7] compared the thermal performance of 

a classical heat sink and the roll-bond thermosyphon 

through simulation for forced and natural 

convection. They stated that the thermal resistance, 

using free air convection, was 25% to 30% lower for 

the RBFT compared to the classical heat sink. Gan 

et al. [8] used a radiator composed of a flat heat pipe 

as the base and RBFHP as its fins. They compared 

the thermal performance of the radiator with 

aluminum fins and RBFHP under different heating 

powers and air speeds. They showed that the 

optimum filling ratio for the RBFHP is 35%, and it 

exhibited a lower thermal resistance than a 

conventional aluminum fin radiator, whereas the 

maximum heat dissipation for both cases is the same 

under natural convection conditions. 
 

2. Experimental Setup 

The technique utilized for the manufacturing of 

these flat heat pipes is called roll bonding. Thus, 

they are referred to as roll-bond flat heat pipes. The 

rolling process includes four main steps. Firstly, 

graphite is printed on two similar plates with the 

same thickness and material to provide passages for 

the heat pipe. Then, the two plates are rolled 

together to bond them. In the next step, an inflation 

process occurs with compressed air, and the 

working fluid is charged in. Figure 3 shows the final 

module and a single RBFT fin. 

 

Figure 3. The schematic of the proposed RBFT 

module. 

 

Figure 4 illustrates the experimental layout. The 

main components of the setup include the module, 

the DC power supply, the acquisition module, and 

the thermocouples. The module is mounted on a 

platform 1 meter above ground level, inside a room 

at a constant temperature of 25 ± 1 °C. The heating 

modules consist of power resistors arranged in 8 

pairs in the same location, positioned behind the 

sample and near the evaporator side to mimic the 

heat sources in a real cabinet. The module is charged 

with R-1233zd, a low-pressure and environmentally 

friendly refrigerant, as the working fluid, and natural 

convection cooling is chosen as the ambient air 

condition. The RBFT module consists of 36 

aluminum RBFT fins attached to a base block. The 

interface between the heaters and the module base 

block is filled with thermal grease (Cooler Master 

Ice Fusion V2), which has a thermal conductivity of 

5 W/mK. The temperature acquisition system 

includes a data logger (IM MX100 Yokogawa) and 

8 T-type thermocouples with a measurement 

accuracy of ±0.1 °C, which were soldered beneath 

the power resistors. A Bakelite plate and a 

polyurethane cover were added to the back of the 

module and heaters to minimize heat loss and 

facilitate hanging the sample in the air. 

Using a DC power supply (GW Instek PSW 80-

40.5), the heating loads start from 100 W for the 

module and increase to 600 W in 100 W increments 

after each heat load reaches a steady-state condition. 

The steady-state condition is defined as when the 

changes in temperature of each coin are less than 

0.1 °C for at least 2 minutes. 

The average time to reach a steady-state condition 

was approximately 40 minutes for each heat load 
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increment. To investigate the temperature 

distribution of a single RBFT, 12 thermocouples 

were attached to different locations on the fin during 

the experiment with various heat loads. 

 

Figure 4. The schematic of the experimental setup. 

 

2.1. Thermal Characterization 

The widely used definition for thermosyphons 

and other passive thermal modules is the filling 

ratio. The liquid filling ratio for the module can be 

expressed as equation (1): 
 

100%
liquid

total

V
FR

V
=             (1) 

 

The module is charged with R-1233zd under 

ambient temperature and pressure, with different 

filling ratios varying from 25% to 50% for the entire 

module.  

The average temperature of the 8 pairs of resistors 

is considered the evaporator’s temperature, as 

shown in equation (2), while the ambient 

temperature is also considered the condenser’s 

temperature. 
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Based on the geometry of the module the 

equivalent thermal resistance for the module can be 

defined as equation (3). 
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2.2. Uncertainty Analysis  

As stated by Holman [9], multiple measurements 

are taken, each carrying a certain level of 

uncertainty, with equal probabilities assigned to 

these uncertainties. The uncertainty in the calculated 

outcome is then derived from the uncertainties in the 

primary measurements. The thermal resistance, Rth, 

is calculated based on a particular function of 

independent variables, including (Tevap, Tambient, in, I, 

V), as follows: 

 

.( ,  ,  ,  )th th evap ambientR R T T I V=            (4) 
 

The Kline and McClintock [10] method was used 

to calculate the experimental uncertainty as shown 

below:  
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The uncertainty calculated from aforementioned 

equation for the thermal resistance fall within 1.4% 

to 2.1%.  
 

3. Results and Discussion 

This study examined the effects of filling ratio, 

heating power, inclination angle, and alternative 

refrigerant on the thermal performance of the RBFT 

module through experimentation. The impact of 

each parameter is explained in the following 

subsections. 

3.1. Filling Ratio & Heating Power 

In the current study, R-1233zd is employed as a 

working fluid due to limitations arising from the 

pressure design of the module and the compatibility 

of aluminum with this refrigerant. R-1233zd is also 

favored for its low global warming potential (GWP) 

and non-ozone-depleting properties, making it an 

environmentally friendly alternative to traditional 

high-GWP refrigerants like R-123 or R-134a. 

Figure 5. Thermal resistance changes with different 

heating loads. 
 

In order to evaluate the relationship between 

filling ratio and the thermal performance of the 

module, five different filling ratios were considered, 
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and the results were compared with the vacuum 

condition (aluminum fin) and the fully charged 

sample to establish a benchmark for assessing the 

improvement of the RBFT.  

From Figures 5 and 6, it can be concluded that the 

thermal resistance of the module decreases with 

increasing heating power and filling ratio. 

According to Figure 6, the difference in thermal 

resistance between filling ratios of 25% and 40%, 

which is considered the optimum filling ratio, is 

approximately 1%, 1.4%, and 1.7% for low, 

moderate, and high heat flux, respectively.

 

Figure 6. Variation of thermal resistance with 

different filling ratios and optimum filling ratio. 

 

Since it is expected that the filling ratio affects 

performance more significantly, this unusual 

behavior of the RBFT module can be explained as 

follows. The RBFT single fin is divided into two 

parts: the bottom side, which functions like a 

classical fin, and the top part, which is an RBFT. 

Accordingly, a portion of the heat is dissipated from 

the fin part, which may affect the start-up time of the 

RBFT. 

Another reason can be derived from the 

temperature distribution on a single RBFT, gathered 

using 12 thermocouples attached to its surface. As 

shown in Figure 7, the temperature differences 

between thermocouples number 4, 5, 6, and 7 are 

nearly the same, at around 98 to 98.5 °C for the high 

heating power (600 W), while the temperatures of 

thermocouples number 8 and 9 are approximately 

3 °C and 6 °C lower, respectively. The temperatures 

of thermocouples number 1, 2, and 3 are 93.8 °C, 

92 °C, and 95 °C, respectively. 

Based on the temperature distribution, we can 

conclude that the fin operates effectively in the 

lower and middle parts where thermocouples 4 to 9 

are attached. However, for the top section where 

thermocouples 1 to 3 are attached, the temperature 

distribution is not uniform. The thermal resistance 

of the RBFT module decreases by 10% for low 

heating power and by 26.3% for moderate heating 

loads compared to a classic aluminum fin.

 

Figure 7. Temperature distribution of a single 

RBFT fin.  

 

3.2. Inclination Angle 

The AAU of 5G is installed outdoors, and the 

RBFT is also mounted to dissipate the heat 

generated in the 5G AAU; thus, the module may tilt 

due to external forces such as wind. Therefore, 

investigating the inclination angle of the RBFT 

module becomes important. The schematic of the 

angles examined for the module is depicted in 

Figure 8, which includes 60°, 75°, 85°, 90°, 95°, 

105°, and 120°. 

According to the experimental results for a given 

filling ratio shown in Figure 8, the optimal 

functioning angle for this module is 90°. The graph 

indicates that for low heat loads, the difference in 

thermal resistance at different angles compared to 

the vertical position is greater than for moderate and 

high heating powers. As the heat load increases, the 

thermal resistance of the module declines for all 

angles. 

On one hand, when the sample is tilted from the 

vertical position to 60°, the interface between the 

liquid and vapor phases increases, which should 

enhance the thermal performance of the module. On 

the other hand, the airflow inside the pitch between 

the RBFT fins decreases, as the air flows through 

the bottom of the module, and some of the heated 

air is reflected towards the fin by the top part of the 

bakelite plate behind the tested module. 

Consequently, the temperature of the fin surface 

may increase. 
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Figure 8. Thermal resistance vs. tilt angle and the 

optimal working angle of the module. 

 

 

Figure 9. Temperature distribution comparison of 

thermocouples   1 to 3 in 60° and 90° position. 

 

 

Figure 10. Temperature distribution comparison of 

thermocouples   4 to 6 in 60° and 90° position. 

 

Figure 11. Temperature distribution comparison of 

thermocouples   9 to 10 in 60° and 90° position. 

 

 

Figure 12. Temperature distribution comparison of 

thermocouples   10 to 12 in 60° and 90° position. 

The temperature distribution, as shown in Figures 

9 to 12, illustrates the comparison between the 

corresponding thermocouples at the 60° and 90° 

positions for the module. 

The reverse situation occurs in the 120° position 

of the module. Although airflow through the fins 

increases, less liquid contacts the heaters, resulting 

in decreased thermal performance of the module. 

Overall, at a given heat load and filling ratio, the 

120° angle indicates a higher thermal resistance 

compared to the 60° position. This suggests that 

airflow and natural convection have a dominant 

impact on the performance of the entire module. 
 

3.3. Alternative Refrigerant 

When comparing R-600a (isobutane) with R-

1233zd as potential working fluids, several factors 

need to be considered. R-600a exhibits a higher 

latent heat of vaporization, leading to greater 
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cooling capacity at lower mass flow rates, whereas 

R-1233zd operates at lower pressures, making it 

suitable for low-pressure systems like the present 

RBFT module. In terms of environmental impact, 

R-600a has a very low global warming potential 

(GWP) of approximately 3, while R-1233zd, with a 

GWP below 1, is similarly environmentally friendly. 

However, safety is a key differentiator: R-600a is 

a flammable refrigerant (A3 classification), 

requiring stringent safety measures, which limits its 

application in certain environments. In contrast, R-

1233zd is non-flammable (A1 classification), 

offering more flexibility in industrial applications. 

Both refrigerants demonstrate energy efficiency 

benefits, with R-600a being widely used in small-

scale systems like domestic refrigeration due to its 

high efficiency, while R-1233zd is more suitable for 

large-scale systems such as chillers and heat pumps. 

The choice between these refrigerants depends on 

the specific application requirements, balancing 

environmental considerations, safety, and 

thermodynamic performance. Figure 13 

demonstrates the thermal resistance versus heating 

power for R-1233zd and R-600a as alternatives for 

different filling ratios. While the best filling ratio for 

the module filled with R-1233zd is 40%, the thermal 

resistance of the module filled with R-600a is 

highest at this filling ratio. According to the results, 

the optimum filling ratio for R-600a is 25%. The 

figure of merit is a suitable scale for choosing the 

proper alternative refrigerant. 

 

Figure 13. The effect of different refrigerant, filling 

ratio, and heating powers on thermal resistance.  

 

4. Conclusions 

Overall, the following points can be extracted 

from the current experimental investigation: 

Despite some design deficiencies, the module 

can dissipate a heat load of 600 W with a 

temperature of less than 110 °C. 

Since the optimum filling ratio for R-1233zd is 

40% and only shows around a 2% improvement at 

high heat loads, it is prudent to consider large-

scale production costs associated with charging 

the module with refrigerant. Therefore, it is 

suggested to sacrifice this small improvement in 

favor of production cost and consider a filling ratio 

between 25% and 30%. 

The best working angle for this module is 90°; 

however, some modifications to the sample may 

lead to better performance. 

R-600a can be used as an alternative to R-

1233zd; however, safety and pressure issues 

related to the module should be considered. 
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Abstract 
Flow patterns and heat transfer characteristics of the polymer PHP with HFE-7100 were compared in horizontal, 

vertical, and sideways orientation modes. Extended experiments were conducted with visualization. In the 

experiments, the temperatures at evaporator and condenser sections of the PHP were controlled, and the temperature 

distributions of the PHP were obtained using thermocouples. At the same time, the oscillating flow of the working 

fluid was captured with a high-speed camera. In the vertical orientation mode, the oscillating flows of the liquid slugs 

and vapor plugs of various lengths were found in the PHP. In the horizontal and sideways orientation modes, only 

long liquid slugs and vapor plugs were oscillating in the channel. When the filling ratio of the working fluid was 

around 60%, the operational characteristics of the PHP were substantially the same. However, in the sideways 

orientation modes, the thermal performance of the PHP was decreased when the filling ratio was decreased from 60% 

to 40%. 

Keywords: Polymer pulsating heat pipe; Hydrofluoroether, Gravitational force; Thermal design  

1. Introduction

When an appropriate amount of working fluid 

is enclosed in a serpentine channel, and then both 

ends of the channel are respectively heated and 

cooled, an oscillation flow of liquid slugs and 

vapor plugs of the working fluid is induced in the 

channel. A pulsating heat pipe (PHP) uses this 

oscillation phenomenon and transports heat 

passively from a heated to a cooled section. 

Traditionally, the PHPs are made of metal 

materials [1−3]. Copper and aluminum are often 

used as metal materials. However, in recent years, 

polymer materials are also used to fabricate the 

PHPs [46]. The use of polymer materials reduces 

the cost and weight of the PHPs. Besides, polymer 

materials make it possible to develop 

mechanically flexible and electrically non-

conductive PHPs, which are advantages over 

metal PHPs. 

In the authors’ previous study [7], it was found 

that the distribution of liquid slugs and vapor plugs 

within a polymer PHP is greatly affected by the 

gravitational force when hydrofluoroether-7100 

(HFE-7100) is used as the working fluid. When 

the PHP is oriented vertically, liquid slugs flow 

down and vapor plugs flow up, resulting in a 

completely separated distribution of the working 

fluid within the channel. In the present study, 

extended visualization experiments were 

conducted to compare the operational 

characteristics of the polymer PHP at different 

orientations. Fluid flow patterns and heat transfer 

characteristics of the PHP were compared in 

horizontal, vertical, and sideways orientation 

modes. 

2. Experimental methods

A polymer PHP and an experimental apparatus 

were essentially the same as those shown in the 

authors’ previous paper [8]; thus, their brief 

overviews are shown here. Figure 1 shows the 

schematic diagram of the PHP. A serpentine 

channel body of the PHP was fabricated directly 
onto a polycarbonate (PC) sheet with a thickness 

of 0.12 mm. In the serpentine channel body, 

Figure 1. Schematic diagram of the polymer 

PHP.
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fourteen parallel channels were designed, and 

their ends were connected to form a serpentine 

channel. The cross-section of the channel was 1.3 

mm wide and 1.1 mm high. The serpentine 

channel body was fabricated with a 3D printer 

using acrylonitrile butadiene styrene (ABS) 

filament. The outer surface of the serpentine 

channel body was chemically treated to maintain 

airtightness. 

In the experiment, heating and cooling jackets 

were mounted on the PC sheet side of the PHP. 

Cooling water was supplied to the cooling jacket, 

while heating water was supplied to the heating 

jacket. Temporal changes in the temperatures at 

the evaporator (Te), adiabatic (Ta1, Ta2), and 

condenser (Tc1, Tc2) sections were measured using 

thermocouples. At the same time, the oscillating 

flow of liquid slugs and vapor plugs of the 

working fluid was captured using a high-speed 

camera. Temperature measurement points are also 

shown in Figure 1. Video analyses were conducted 

using a video analysis software. 

Hydrofluoroether-7100 (HFE-7100) was used as 

the working fluid. Figure 2 shows (a) horizontal, 

(b) vertical, and (c) sideways orientation modes. 

The experiments in the horizontal orientation 

mode were already conducted in the authors’ 

previous study [9]. The extended experiments 

were conducted in the vertical and sideways 

orientation modes. 
 

3. Results and discussion 

Figure 3 compares the flow patterns in the (a) 

vertical and (b) sideways orientation modes. The 

vertical axis is the distance (y) from the end of the 

condenser section, and the horizontal axis is the 

time from the start of video analyses. y = 0 is 

indicated in Figure 1. The evaporator, adiabatic, 

and condenser sections are also indicated using red, 

green, and blue colors, respectively. The dark 

region is liquid slugs, while the light color implies 

vapor plugs. In the vertical orientation modes, 

liquid slugs and vapor plugs of various lengths 

were distributed, and their randomly oscillating 

flows were found in the serpentine channel. In the 

sideways orientation mode, on the other hand, 

only long liquid slugs and vapor plugs were 

oscillating in the channel. In addition, the long 

liquid slugs and vapor plugs were oscillating in 

every two channels with almost the same 

amplitude, period, and center of oscillation. Under 

the condition that V was around 60%, almost the 

same flow patterns of liquid slugs and vapor plugs 

 

 

 

 

 

 

 

 

 

 

 

 

 
 

Figure 2. Orientation modes. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

(a) Vertical (V = 59.7%) 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

(b) Sideways (V = 64.7%) 

 

Figure 3. Flow patterns in the PHP. 
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were also obtained in the horizontal orientation 

mode. The details are shown below.  

The thermal resistance (R) of the heat pipe was 

evaluated by 

R =
𝑇𝑒 − 𝑇𝑐

Q
 (1) 

where Q is the heat transfer rate of the heat pipe, 

Te and Tc are the temperatures at the evaporator 

and condenser sections of the PHP, respectively. 

The Q value was obtained from an enthalpy 

balance of the cooling jacket, and Tc was the 

average of Tc1 and Tc2. 

 Figure 4 shows the R values in the vertical 

orientation mode. The experimental results 

obtained in the present study are compared with 

those in the previous study [10]. Note that the 

polymer PHP with the same dimensions was used 

in these studies. In the present study, the 

evaporator temperature of the PHP was controlled 

by using a heating jacket, and the results in Figure 

4 were obtained by changing V as 44.5%, 59.7%, 

and 64.7% at Te = 89C. In the previous study, on 

the other hand, the PHP was heated using an 

electrical heater. The electrical power to the heater 

was changed from 9.0 W to 19.0 W at V = 65.7%, 

and the results in Figure 4 were obtained. The 

heating methods were essentially different 

between the present and previous studies; however, 

no clear difference was found in R between these 

studies, which implies that the operational 

characteristics of the polymer PHPs are hardly 

affected by the difference in the heating method.  

Figure 5 compares the oscillation 

characteristics of long liquid slugs for the 

sideways and horizontal [9] orientation modes. 

The comparison was made at around V = 60% 

regarding the position of the center of oscillation 

(y0
i), amplitude (Ai), frequency (fi), and time 

difference (ti) of the i th long liquid slug, which 

was counted from the side closest to y = 0. y0
i is 

the distance from the end of each channel on the 

evaporator side. ti was defined by a time 

difference between the i th and i+1 th long liquid 

slugs except for t6. The time difference between 

the 6th and 1st long liquid slugs was used for t6. 

As mentioned earlier, the flow patterns of liquid 

slugs and vapor plugs were almost the same in the 

sideways and horizontal orientation modes. 

Moreover, it was confirmed that all the long liquid 

slugs were oscillating with almost the same values 

of y0
i, Ai, fi, and ti. The Q values for the sideways 

and horizontal orientation modes were 7.4 W and 

8.1 W, respectively. Although slight differences 

were found in Figure 5, these Q values confirmed 

that the operational characteristics of the PHP 

were substantially the same at around V = 60% in 

the sideways and horizontal orientation modes. 

Figure 6 shows the flow pattern in the sideways 

orientation mode at V = 40.6%. Although the 

oscillations of liquid slugs and vapor plugs were 

still observed, the center of oscillation varied with 

time, which implies that the oscillation became 

unstable when V was decreased from 60% to 40%. 

In the horizontal orientation mode, however, 

continuous oscillations like Figure 3 (b) were 

 
Figure 4. Thermal resistance of the PHP (vertical 

orientation mode). 
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Figure 5. Comparison between sideways and 

horizontal orientation modes when V was around 

60%. 
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observed at V = 37.7% with almost the same 

position of the center of oscillation. The Q values 

for the sideways and horizontal orientation modes 

were 7.7 W and 11.0 W, respectively. These 

values were obtained at V = 37.7% and 40.6%, 

respectively. Differing from the horizontal 

orientation mode, the oscillation became unstable 

in the sideways orientation mode at around V = 

40%, resulting in the decrease in the thermal 

performance of the PHP. 
 

4. Conclusions 

The operational characteristics of the polymer 

PHP with HFE-7100 were compared in horizontal, 

vertical, and sideways orientation modes. In the 

vertical orientation mode, the liquid slugs and 

vapor plugs of various lengths were distributed, 

and their randomly oscillating flows were found in 

the serpentine channel. In the horizontal and 

sideways orientation modes, on the other hand, 

only long liquid slugs and vapor plugs were 

oscillating in the channel. When the filling ratio of 

the working fluid was around 60%, the operational 

characteristics of the PHP were substantially the 

same in the horizontal and sideways orientation 

modes. However, in the sideways orientation 

mode, differing from the horizontal orientation 

mode, the thermal performance of the PHP was 

decreased when the filling ratio was decreased 

from 60% to 40%. 
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Abstract 
For the analysis of heat pipe-cooled micro modular reactors, the thermal hydraulic code AC²/ATHLET is currently 

extended for the high-temperature heat pipe simulation. Property packages for sodium and potassium are available in 

the latest program version. The current development state of the heat pipe module for horizontally orientated heat 

pipes is presented here. It includes models for the capillary pumping, the radial heat transfer, the phase change, axial 

pressure drop and horizontal pooling. Two demonstration cases were simulated. 1) The heat pipe of a reactor concept 

was simulated at different power levels. The result matches very well the analyze of the INL. 2) An experimental 

investigation of a potassium heat pipe was simulated and compared with the test results. It was shown that the 1-D 

heat pipe simulation module can be used for the efficient prediction of the temperatures within horizontal high-

temperature heat pipes. 

Keywords: High-temperature heat pipe; Transient 1-D simulation; Thermal hydraulics, Reactor safety analyze 

1. Introduction

Heat pipe-cooled micro modular reactors (HP-

MMR) are small, mobile systems designed for off-

grid or micro-gird operations [1–4]. Utilizing 

passively working, alkali metal-filled heat pipes 

(HP) for core heat removal, such concepts avoid 

high pressures in the core region [5]. The core 

consists of a solid steel monolith, which is 

perforated to contain a high number of fuel rods and 

heat pipes (see Figure 1). The heat pipes are 

connected to a primary heat exchanger to supply 

heat to the energy conversion unit during regular 

operation. The energy conversion unit is a Brayton 

cycle which is either based on air or super-critical 

CO2. The length of the integrated HPs can be up to 

several meters [3,4]. They operate at high 

temperatures for thermal efficiency and are often 

filled with sodium or potassium [6]. An annular 

wick or a screen-covered grooved wick is often 

preferred due to their low flow resistances [7,8]. The 

local power production differs within the core. 

Different heat pipe power classes can be defined 

based on the radial position [9]. Due to the high 

number of heat pipes, the failure of one or multiple 

heat pipes is likely and the regular operation should 

be possible to continue though one or even two 

adjacent heat pipes fail [9]. 

Numerical tools are required for the safety 

assessment and analysis of HP-MMR [10,11]. The 

1-D code THROHPUT was developed for the 

analysis of liquid metals during operation and start-

up from solid state [12]. HPTAM is a 2-D heat pipe 

simulation software considering axial and radial 

flow [13]. SOCKEYE is a currently developed 1-D 

heat pipe analyze application based on the thermal 

hydraulic code RELAP-7 [14]. Shi et al. presented a 

1-D, 3-field heat pipe model that accounts for vapor, 

liquid film and liquid droplets [15]. 

Figure 1. HP-MMR design [4]. 

The thermal hydraulic code AC²/ATHLET is part 

of the program package AC² developed by GRS 

[16]. It can be used for the transient simulation of 

the cooling circuit of a nuclear power plant and it 

enables the analysis of transients and design basis 

accidents [17]. For the transient simulation and 

analyze of HP-MMRs, AC²/ATHLET is currently 

extended for the heat pipe simulation. The goal is an 

efficient high-temperature heat pipe module that 

enables the transient simulation of heat pipes and 

predicts the thermal resistance and the operation 

limitations. It should be able to simulate different 

wick types, orientations, and filling ratios. A fluid 

property package covering liquid and vaporous 

potassium has recently been implemented [18], 

whereas sodium already existed as a fluid option in 

the beginning of the project. Hence, the two most 

relevant high-temperature heat pipe fluids, sodium 

and potassium, are available in the latest version of 

AC²/ATHLET. 
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This publication describes the current develop-

ment state of the heat pipe module. The modelling 

for horizontally orientated heat pipes is presented 

and simulation results are compared to data from the 

literature. 
 

2. Models and methods 

AC²/ATHLET employs a transient, two-fluid 

model with conservation equations for mass, 

momentum, and energy for each phase on a one-

dimensional grid [19]. The six solution variables are 

the temperatures of each phase 𝑇𝑣  and 𝑇𝑙 , the 

volumetric flow rate of each phase 𝑤𝑣𝐴 and 𝑤𝑙𝐴, 

the pressure 𝑝 and the mass quality 𝑥. 

The heat pipe module assumes the liquid inside the 

wick structure at the cylindrical heat pipe container 

and additionally within the vapor core if the wick is 

super-saturated and pooling occurs. The total flow 

cross section area 𝐴 (Equation 1) is the sum of the 

cross-section area of the vapor core 𝐴𝑣𝑐  and the 

open flow area of the wick 𝐴𝑤 (Equation 2). If the 

wick is an annulus behind a screen, 𝐴𝑤 consists of 

the open flow area of the screen structure 𝐴𝑠 and the 

annulus cross section area 𝐴𝑎. Here, 𝐷𝑤 is the inner 

wick diameter, 𝐷𝑎  is the inner annulus diameter, 

𝐷𝑐,𝑖  is the inner container diameter, and 𝜑  is the 

porosity. 
 

𝐴 = 𝐴𝑣𝑐 + 𝐴𝑤 (1) 

with 

𝐴𝑣𝑐 =
𝜋

4
𝐷𝑤
2  

 

𝐴𝑤 = {
𝜑
𝜋

4
(𝐷𝑐,𝑖

2 − 𝐷𝑤
2 ) ℎ𝑜𝑚𝑜𝑔𝑒𝑛. 𝑤𝑖𝑐𝑘

𝐴𝑠 + 𝐴𝑎    𝑎𝑛𝑛𝑢𝑙𝑢𝑠 𝑤𝑖𝑐𝑘
 (2) 

 

with 

𝐴𝑠 = 𝜑
𝜋

4
(𝐷𝑎

2 − 𝐷𝑤
2 ) 

𝐴𝑎 =
𝜋

4
(𝐷𝑐,𝑖

2 − 𝐷𝑎
2) 

 

Two void thresholds 𝛼0 and 𝛼1 are defined which 

correlate to a flat interface and a maximal bent 

interface respectively (see Figure 2 and Equation 3). 

Here, 𝑛𝑝(𝐷) is the volumetric pore density per unit 

length at the diameter 𝐷 , 𝑉𝑝,𝑚𝑎𝑥  is the 

hemispherical volume of a pore, 𝑟𝑝 is the effective 

pore radius of the wick structure. The porosity 𝜑 is 

utilized as a surface porosity for the prediction of 𝑛𝑝. 

The threshold 𝛼2  (Equation 4) correlates to the 

inner position of the annulus if the heat pipe has an 

annulus behind a screen wick. 𝛼2 is irrelevant for a 

homogeneous wick. 

 

 
 

𝛼0 =
𝐴𝑣𝑐

𝐴
;       𝛼1 = 𝛼0 + 𝑛𝑝(𝐷𝑤) ∙ 𝑉𝑝,𝑚𝑎𝑥  (3) 

 

with 

𝑛𝑝(𝐷) =
𝜑𝐷

𝜋𝑟𝑝
2𝐴
;       𝑉𝑝,𝑚𝑎𝑥 =

2

3
𝜋𝑟𝑝

3 

 

𝛼2 =
𝐴𝑣𝑐+𝐴𝑠

𝐴
+ 𝑛𝑝(𝐷𝑎)𝑉𝑝,𝑚𝑎𝑥  (4) 

 

 
Figure 2. Interface in a pore. 

 

In case of a super-saturated wick in a horizontally 

orientated heat pipe, a flat pool and a flat interface 

in the pores are assumed as shown in Figure 3 (Left). 

Here, 𝜃 is the central angle, 𝑐 is the chord length, 

and 𝑎 is the arc length. Figure 3 (Right) shows the 

assumed cross section only used by the heat transfer 

model in the case of pooling, which will be 

described further below.  
 

 
Figure 3. Cross section of a heat pipe with 

horizontal pool: (Left) Assumed phase 

distribution; (Right) Radial heat transfer model. 
 

The liquid momentum conservation (Equation 5) 

includes the liquid density 𝜌𝑙, the liquid velocity 𝑤𝑙, 
the time 𝑡, the length 𝑠, the gradient of pressure 𝑝 

and the capillary pressure difference ∆𝑝𝑐𝑎𝑝 , the 

standard gravity force 𝑔⃗, the liquid friction term 𝐹𝑙, 
the interfacial friction 𝐹𝛿,the momentum exchange 

due to phase change 𝑀𝛿, and the liquid level force 

𝐹𝐿𝐿. The closure terms are described in detail below. 
 

𝜕(1 − 𝛼)𝜌𝑙𝑤𝑙
𝜕𝑡

+
𝜕(1 − 𝛼)𝜌𝑙𝑤𝑙

2

𝜕𝑠
= (1 − 𝛼) ∙ 

[−
𝜕(𝑝−∆𝑝𝑐𝑎𝑝)

𝜕𝑠
+ 𝜌𝑙𝑔⃗ + 𝐹𝑙 + 𝐹𝛿 +𝑀𝛿 + 𝐹𝐿𝐿] (5) 

 

The gradient of ∆𝑝𝑐𝑎𝑝  enables the capillary 

pumping of the liquid. ∆𝑝𝑐𝑎𝑝 is based on the surface 

tension 𝜎 , the effective pore radius of the wick 

structure 𝑟𝑝, and the factor 𝑓𝑐𝑎𝑝(𝛼) which expresses 

the shape of the interface based on the void (see 
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Equation 6). It is equal to zero if the wick is super-

saturated and the interface is assumed to be flat (𝛼 ≤
α0). On the other hand, it is equal to one if the wick 

is sub-saturated and the interface is assumed to be 

bend to its maximum (𝛼 ≥ α1 ). In between a 

smooth transition is realized based on the sinus-

shaped function 𝑓𝑠𝑖𝑛()  shown in Figure 4. It is 

assumed that the capillarity in a sub-saturated wick 

is always active even in a partly filled annulus. 
 

∆𝑝𝑐𝑎𝑝 =
2𝜎(𝑇𝑙)

𝑟𝑝
𝑓𝑐𝑎𝑝(𝛼) (6) 

with 

𝑓𝑐𝑎𝑝(𝛼) = {

0 𝛼 ≤ α0
  𝑓𝑠𝑖𝑛(𝛼) 𝑜𝑡ℎ𝑒𝑟𝑤𝑖𝑠𝑒

1 𝛼 ≥  α1

 

 

𝑓𝑠𝑖𝑛(𝛼) = 0.5 ∙ [1 + sin (
𝜋

2
∙
𝛼 − 0.5(α0 + α1)

𝛼1 − 0.5(α0 + α1)
)] 

 

 

 
Figure 4. Capillary factor 𝑓𝑐𝑎𝑝() of the 

reference heat pipe. 
 

 

If ∆𝑝𝑐𝑎𝑝  is greater than zero, AC²/ATHLET is 

able to distinguish between a vapor pressure 𝑝𝑣 

which is now exclusively equal to the solution 

variable 𝑝 and the liquid pressure 𝑝𝑙: 
 

𝑝𝑣 = 𝑝 (7) 
 

𝑝𝑙 = 𝑝 − ∆𝑝𝑐𝑎𝑝  (8) 
 

The liquid flow through an annulus or a groove 

wick can be expected to be slow and laminar [20], 

and is computed based on Darcy’s law (Equation 9) 

with the permeability 𝐾 and the liquid viscosity 𝜇𝑙. 
The pressure drop of flow through porous wicks is 

computed including an inertia term with the drag 

coefficient 𝐶𝐸 = 0.55 [20].  
 

𝐹𝑙 = {
−
𝜇𝑙𝜑𝑤𝑙

𝐾
                           annulus wick 

−
𝜇𝑙𝜑𝑤𝑙

𝐾
−

𝐶𝐸

√𝐾
𝜌𝑙𝑤𝑙|𝑤𝑙|  porous wick

 (9) 

 

If the wick is not super-saturated (𝛼0 ≤ 𝛼) , it is 
assumed that the wick bears the momentum 

exchange with the vapor and 𝐹𝛿 and 𝑀𝛿 are equal to 

zero. If the wick is super-saturated, the liquid will 

bear a fraction of it based on the factor 𝜔  (see 

Equation 10). 𝑀𝛿 is calculated by Equation 11 with 

the phase change flux 𝜓𝛿  which is negative for 

condensation. The computation of 𝐹𝛿 (Equation 12) 

considers the pressure drop per unit length in the 

vapor 𝐹𝑣 (described further below in Equation 21). 
 

𝜔 = {
0 𝛼0 ≤ 𝛼  
𝑐

𝑐+(2𝜋−𝜃)𝐷𝑤
𝛼  < α0

 (10) 

 

𝑀𝛿 = 𝜔𝑤𝑣𝜓𝛿  (11) 
 

𝐹𝛿 = 𝜔
−𝛼

1−𝛼
 𝐹
𝑣

 (12) 
 

Pooling in horizontally orientated pipes creates a 

geodetic force perpendicular to the pipe axis. Its 

effect on the liquid momentum is expressed by the 

liquid level force 𝐹𝐿𝐿 [21].  

The solution variable 𝑇𝑙, which the computation of 

the liquid enthalpy is based on, is the temperature at 

the liquid center line with diameter 𝐷𝑙 (defined by 

Equation 13) with the interface diameter 𝐷𝛿  

(Equation 14). The radial heat transfer through a not 

super-saturated wick is predicted based on a 

conduction model considering the radial thermal 

resistance 𝑅. To model the radial heat transfer in the 

liquid energy conservation equation, the radial heat 

transport is split into two parts. One between the 

inner container wall with diameter 𝐷𝑐,𝑖  and the 

liquid center line (Equation 15) and another 

between the liquid center line and the interface at 

diameter 𝐷𝛿  (Equation 16). The effective wick 

conductivity 𝑘𝑒𝑓𝑓  is computed based on a 

correlation from Table 3.4 in Faghri’s book [20].  
 

𝐷𝑙 =
𝐷𝑐,𝑖+𝐷𝛿

2
 (13) 

 

𝐷𝛿 =

{
  
 

  
 √𝛼 

4

𝜋
𝐴 𝛼 ≤ α0

√𝐷𝑤
2 +

4

𝜋𝜑
(𝛼𝐴 − 𝐴𝑣) α0 < 𝛼 ≤ 𝛼2

√𝐷𝑐,𝑖
2 −

4

𝜋
(1 − 𝛼)𝐴 𝛼2 < 𝛼

 (14) 

 

𝑅𝑐,𝑖−𝑙 =
ln(

𝐷𝑐,𝑖
𝐷𝑙

)

2𝜋 𝑘𝑒𝑓𝑓
 (15) 

 

𝑅𝑙−𝑤/𝛿 =
ln(

𝐷𝑙
max(𝐷𝛿,𝐷𝑤)

)

2𝜋 𝑘𝑒𝑓𝑓
 (16) 

 

If the wick is super-saturated, the additional 

thermal resistance between the inner wick surface 

and interface is approximated by the conduction 

model in Equation 17. The assumed phase 

distribution is shown in Figure 3 (Right) with the 

inner, horizontal pool diameter 𝐷𝑝. 
 

𝑅𝑤−𝛿 = 𝜃

2𝜋
∙  
ln(

𝐷𝑤
𝐷𝑝

)

2𝜋 𝑘𝑙
if 𝛼  < α0

 (17) 
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The phase change mass flux at the interface 𝑚̇𝛿 is 

predicted based on kinetics theory (Equation 18) 

using the specific gas constant 𝑅𝑚  and the 

accommodation factor 𝜎̂  [22,23]. Latter is user-

provided and often assumed to be equal to one for 

liquid alkali metals. The free interfacial area per unit 

length 𝑎𝑖𝑛𝑡 is approximated by Equation 19. 
 

𝑚̇𝛿 =
𝜎̂

1−0.4𝜎̂
 √

1

2𝜋 𝑅𝑚
 [
𝑝𝑠𝑎𝑡(𝑇𝑙,𝛿)

√𝑇𝑙,𝛿
−

𝑝

√𝑇𝑣
] (18) 

 

𝑎𝑖𝑛𝑡 = {

(2𝜋 − 𝜃)𝑎𝑖𝑛𝑡,0 + 𝑐 𝛼  < α0
𝑎𝑖𝑛𝑡,0 𝛼0 ≤ 𝛼 ≤ 𝛼2
𝜋𝐷𝛿 𝛼2 < 𝛼  

 (19) 

 

with 
 

𝑎𝑖𝑛𝑡,0 = 𝜑𝜋max(𝐷𝛿 , 𝐷𝑤) [1 + 𝑓𝑐𝑎𝑝(𝛼)] 
 

The interfacial temperature 𝑇𝑙,𝛿  is computed 

based on an energy balance assuming a quasi-steady 

state at the interface. The implicit Equation 20 with 

the phase change enthalpy ∆ℎ is solved numerically. 
 

∆ℎ 𝑚̇𝛿 𝑎𝑖𝑛𝑡 =
(𝑇𝑙−𝑇𝑙,𝛿)

𝑅𝑙−𝛿
∙ 𝜋𝐷𝛿  (20) 

 

The pressure drop of the vapor flow due to friction 

(Equation 21) is predicted based on a Darcy friction 

factor 𝑓𝑣 considering the laminar and the turbulent 

case of flow within a smooth pipe. The hydraulic 

diameter 𝐷ℎ  is computed with Equation 22 

considering different states. 
 

𝐹𝑣 =
1

2
𝑓𝑣

𝜌𝑣

𝐷ℎ
|𝑤𝑣|𝑤𝑣 (21) 

with 

𝑓𝑣 = max [
64

𝑅𝑒𝑣
,
0.316

𝑅𝑒𝑣
0.25

] 

𝑅𝑒𝑣 =
𝑤𝑣𝐷ℎ
𝜈𝑣

 

 

𝐷ℎ = {
𝐷𝑤    𝛼0 ≤ 𝛼  

(2𝜋−𝜔)𝐷𝑤+𝑐

𝛼𝐴
𝛼  < α0

 (22) 

 

Azimuthal symmetry (exception horizontal 

pooling) and identical temperature of liquid and 

wick are assumed. Nucleate boiling in the wick is 

neglected. The axial heat conduction in the wick and 

the wall is neglected since it is insignificant for low 

values of 𝐾𝑐,𝑒𝑓𝑓  [24], which is the case for 

high-temperature heat pipes. Here, 𝑘𝑐 is the thermal 

conductivity of the container. 
 

K𝑐,𝑒𝑓𝑓 =
𝑘𝑐

𝑘𝑒𝑓𝑓
 (23) 

 

The heat conduction module of AC²/ATHLET is 

used for the computation of the radial heat 

conduction in the heat pipe container [19]. 

For the computation of the fluid flow within the 

heat pipe, AC²/ATHLET applies a finite volume 

method. The solution of the equation system and the 

time integration is based on a linear-implicit Euler 

method in combination with a polynomial 

extrapolation up to the order 3 allowing error-

controlled, adaptive time step size regulation [19]. 
 

3. Demonstration case 1: MMR heat pipe 

3.1. Setup 

The simulation of one heat pipe of the Special 

Purpose Reactor from Los Alamos National 

Laboratory [4] is used to verify the heat pipe module 

by comparing it to the analysis of the Idaho National 

Laboratory (INL) [9]. The parameters are listed in 

Table 1. According to [9], the fill is 100 g. Our 

analysis requires 120 g to saturate the entire wick 

and to create a little reservoir. The rods and the steel 

monolith are neglected, and heat is applied directly 

to the heat pipe container based on the axial power 

profile of the rods. The reactor concept utilizes an 

annulus heat exchanger to transfer heat from the 

heat pipe to the air inside the secondary system 

driving a Joule process. Latter is neglected and the 

heat exchanger is modelled with a fill and a pressure 

boundary condition (see Figure 5). The heat 

exchanger parameters are based on the analysis of 

the INL. 

Heat pipe operation at five power levels were 

simulated (see Figure 6). Each was simulated for 

5000 s to reach a stationary state and a change in 

power lasted 10 s. The power levels cover the 

following five cases [9]: 
 

▪ Low power core region (3.7 kW) 

▪ Medium power core region (4.5 kW) 

▪ High power core region (5.4 kW) 

▪ High power with 1 adjacent failure (6.3 kW) 

▪ High power with 2 adjacent failures (7.3 kW) 
 

 

Table 1. Heat pipe specifications. 
Working fluid & mass 120 g Potassium 

Orientation Horizontal 

Heat Pipe length 4 m 

Inner heat pipe diameter 15.75 mm 

Wall and wick material S316 

Wall thickness 2.0 mm 

Wick type Annulus behind screen 

Annulus thickness 0.7 mm 

Screen thickness 0.3 mm 

Effective pore radius 15 μm 

Screen Porosity 0.706 

Heat Exchanger Annulus with air flow 

Air inlet temperature 452 °C 

Air mass flow rate 20.12 g/s 

Heat transfer coefficient 326 W/(m²K) 
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Figure 5. Demonstration case 1. 

 

 
Figure 6. Course of the power. Power change 

within 10 s between each level. 
 

3.2. Results 

The steady state reached for 4.5 kW after 9000 s 

is presented. The axial velocity profile of the 

counter-current flow is presented in Figure 7. The 

adiabatic section can be identified by the zone in 

which the velocity gradients are zero. 
 

 
Figure 7. Axial velocity profile at 4.5 kW 

 

 

The axial temperature profile at different radial 

positions is compared to the analysis of the INL in 

Figure 8a. The temperatures match generally very 

well. There is a difference in the prediction of the 

axial temperature drop on the vapor flow path. The 

simulation predicted a drop of 2.5 K and the INL 

analysis predicted around 4.5 K. Within the 

condenser both results predicted a near isothermal 

𝑇𝑣  profile due to pressure recovery. Figure 8b 

compares the radial temperature difference 

through the container wall ∆𝑇𝑐or the wick ∆𝑇𝑤 

(see Equation 24 and 25 respectively), which are 

nearly identical with the result of the INL. 

 

∆𝑇𝑐 = 𝑇𝑐,𝑜 − 𝑇𝑐,𝑖  (24) 
 

∆𝑇𝑤 = 𝑇𝑐,𝑖 − 𝑇𝑣 (25) 
 

 

 
(a) 

 
(b) 

Figure 8. Comparison of the results for 4.5 kW 

with the result of the INL [9]: (a) Axial 

temperature profile at different radial positions; 

(b) radial temperature difference. 
 

 

Figure 9 shows the pressure distribution in the 

phases. 𝑝𝑣 is significantly affected by the pressure 

drop due to friction and due to acceleration. 

Deacceleration caused pressure recovery in the 

condenser. 25% of the capillary margin are 

consumed by the pressure losses. The wet point is 

around position 3.5 m and a small pool is 

predicted at the condenser end cap (see Figure 

10a). As expected for the capillary pumping 

process, the void increases in the liquid flow 

direction and its value is between 𝛼0 and 𝛼1 (see 

Figure 10b). 
 

 

 
Figure 9. Axial pressure profile at 4.5 kW 
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(a) 

 
(b) 

Figure 10. (a) Axial profile of the void at 4.5 kW. 

(b) detail view on active capillary pumping zone. 
 

 

The thermal resistance of a heat pipe 𝑅𝐻𝑃 can 

be computed considering the power 𝑄, the average 

outer container temperature of the evaporator 

𝑇̅𝑐,𝑜(𝑒𝑣𝑎𝑝. ) , and the average outer condenser 

temperature 𝑇̅𝑐,𝑜(𝑐𝑜𝑛𝑑. )  (see Equation 26). The 

axial thermal resistance 𝑅𝑎𝑥 considers the average 

vapor temperatures in the same fashion 

(Equation 27). Figure 11 presents the temporal 

course of 𝑅𝐻𝑃 , 𝑅𝑎𝑥 , and 𝑇𝑣  in the adiabatic 

section. 𝑅𝐻𝑃  decreases with respect to higher 

power levels. The reason is the lower 𝑅𝑎𝑥 due to 

the higher saturated vapor density at higher 

operation temperatures. 
 

 

𝑅𝐻𝑃 =
𝑇̅𝑐,𝑜(𝑒𝑣𝑎𝑝.)−𝑇̅𝑐,𝑜(𝑐𝑜𝑛𝑑.)

𝑄
 (26) 

 

𝑅𝑎𝑥 =
𝑇̅𝑣(𝑒𝑣𝑎𝑝.)−𝑇̅𝑣(𝑐𝑜𝑛𝑑.)

𝑄
 (27) 

 

 
Figure 11. Thermal resistance and heat pipe 

temperature at power levels 3.7, 4.5, 5.4, 6.3 and 

7.3 kW. 

4. Demonstration case 2: Heat pipe 

experiments 

4.1. Setup 

Experiments of Wang et al. [25] were analyzed 

by Tien at al. [26] and they were simulated with 

the presented heat pipe module. The setup consists 

of a heat pipe, an electrical heater coil, insulation, 

thermocouples on the container wall at different 

axial positions, and an inclination apparatus. The 

cooling was provided by natural convection of the 

ambient air and radiation. Table 2 shows the 

parameters. According to the designer, the amount 

of filling is 15 g. Resulting from our analysis, 

much more is required to saturate the wick and 

thus, we interpreted the value as additional fill. We 

found the total liquid mass of 94 g by considering 

an evaporator pool mass of 15 g and additional 

liquid in the wick which is saturated up to the 

capillary pumping height. The filling process was 

assumed to happen at 100 °C with a vertically 

orientated heat pipe.  
 

Table 2. Heat pipe specifications. 
Working fluid & mass 94 g Potassium 

Orientation Horizontal 

Heat Pipe length 0.8 m 

Inner heat pipe diameter 21 mm 

Wall and wick material S316 

Wick type Wrapped screen  

300 mesh 

Wall / Wick thickness 4.5 mm / 4 mm [26] 

Heat sink Ambient air 
 

 

The simulation model is similar to the one of 

demonstration case 1, but with a linear axial 

heating profile at the evaporator and without a heat 

exchanger model (see Figure 12). While 

experiments with different orientations were 

conducted, only three experiments of a horizontal, 

air-cooled heat pipe at different power levels were 

simulated and are discussed here. The heat transfer 

to the ambient air was approximated by assuming 

a homogeneous cooling profile. This approach 

was also done by [26]. 
 

 
Figure 12. Demonstration case 2. 
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4.2. Results 

The calculated axial temperature distribution is 

compared to the experimental data [25] and the 

simulation results of Tien et al. [26] in Figure 13. 

In general, they match very well. The temperatures 

at the positions 50 mm and 200 mm are outside the 

evaporator section and the experimental data 

shows a significant temperature difference 

between the two positions, which may be caused 

by a inhomogeneous axial heating power 

distribution [26]. Both simulations did not predict 

this, but predicted isothermal conditions in the 

evaporator, with temperatures between the two 

experimental data points respectively. 
 

 
Figure 13. Axial temperature profile during the 

experiments [25], from [26] and our results. 
 

 

The predicted thermal resistances are compared 

to calculated values based on the experimental 

temperatures and to calculated values based on the 

temperatures of [26] in Figure 14. The relative 

error of our analysis is presented in Table 3.  
 

Table 3. Relative error. 
472 W 580 W 720 W 

19% -5% 6% 
 

 

 
Figure 14. Thermal resistance. 

 

 

5. Discussion 

Regarding the results of demonstration case 1 

and the comparison with the INL analysis, the 

correct implementation of the radial conduction 

model was verified. The axial vapor temperature 

profile depends on the axial vapor pressure. The 

INL analysis utilized probably another friction 

correlation. Regarding the results of 

demonstration case 2, the thermal resistances at 

580 W and at 720 W were predicted very 

accurately and the value at 472 W was 

overpredicted to some extent. The verification 

with the INL analyze, and the simulation of the 

experiments showed that the presented heat pipe 

module can simulate a high-temperature heat pipe 

with good accuracy. 

Multiple implemented models can affect the 

local temperatures and 𝑅𝐻𝑃 . The implemented 

conduction model can be interpreted as the upper 

limit of the radial thermal resistance of a wick 

since convection would enhance the radial heat 

transfer. Other relevant factors are the pressure 

drop of the vapor, the horizontal pool model, and 

the thermal conductivity of each of the liquid, the 

wick, and the container material. More 

experimental data should be used for the 

validation, which is also necessary for testing 

different operation conditions such as other 

orientations and heat transfer limitations.  

The prediction of ∆𝑝𝑐𝑎𝑝  is not based on the 

geometry of the interface in a pore and a steeper 

and sharper increase with respect to 𝛼  can be 

expected for a geometry-based model (see Figure 

15a). Consequently, the presented model 

overestimates 𝛼 within the bounds 𝛼0 and 𝛼1 and 

the liquid film thickness is little underestimated. 

However, this has no significant effect on other 

models, since the misprediction of the interface 

position is limited to 𝑟𝑝, which is tiny compared to 

the wick thickness of a typical heat pipe. We found 

that using a smooth function such as the proposed 

𝑓𝑠𝑖𝑛(𝛼) can improve the numerical performance 

of AC²/ATHLET significantly compared to using 

a more realistic, geometry-based correlation. 

Larger time step sizes could be simulated as 

shown in Figure 15b, which significantly 

accelerates the iterative time integration and helps 

the efficient analysis of long operation periods. 

The total computational time consumption was 

significantly reduced (see Table 4). The predicted 

temperatures and the predicted thermal resistances 

were identically by both program versions 

respectively.  
 

 

Table 4. Single-thread time consumption for 

Demonstration case 1. 

𝑓𝑐𝑎𝑝(𝛼) based on 𝑓𝑠𝑖𝑛(𝛼) 3 min 

𝑓𝑐𝑎𝑝(𝛼) based on geometry 7 h 50 min 
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(a) 

 
(b) 

Figure 15. Comparison of using 𝑓𝑠𝑖𝑛 (𝛼 ) with 

using an expression based on the pore interface 

geometry [14]: (a) prediction of 𝑓𝑐𝑎𝑝(𝛼); (b) time 

step size ∆𝑡  (upper limit 5 s) for demonstration 

case 1. 
 

 

6. Conclusions 

The thermal hydraulic code AC²/ATHLET is 

currently extended for the simulation of high-

temperature heat pipes to analyze micro modular 

reactors. The current state of the heat pipe module 

enables the transient simulation of horizontally 

orientated heat pipes. The modelling includes the 

capillary pressure difference, the radial heat transfer 

based on a conduction model, the phase change at 

the free interfacial area, the axial pressure drop, and 

the horizontal pooling.  

Two demonstration cases were presented: 1) A 

potassium heat pipe of a reactor concept was 

simulated and compared to the result of the Idaho 

National Laboratory for verification. 2) An 

experimental investigation of a high-temperature 

heat pipe was analyzed.  

Further, a simple and smooth sinus-based function, 

𝑓𝑠𝑖𝑛(𝛼) for the prediction of ∆𝑝𝑐𝑎𝑝 was presented. 

Utilizing it instead of a more realistic, pore 

geometry-based correlation can improve the 

numerical performance, while it does not affect the 

result. Concluding, the presented heat pipe module 

enables the efficient analysis of horizontal high-

temperature heat pipes.  

The heat pipe model will be further developed and 

validated on the basis of experiments, which are 

planned at IKE, University of Stuttgart. 
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Abstract 

In response to the rising popularity of foldable electronics, Flexible Pulsating Heat Pipes (FPHPs) have emerged as a 

potential, adaptable and efficient solution for smart thermal management. This study experimentally investigates the 

performance of a novel FPHP with asymmetric channels at various bending angles. Four bending angles (0⁰, 30⁰, 60⁰, 

and 90⁰) were tested to observe the effect on the thermal resistance, evaporator temperature, pressure, and the 

underpinned two-phase flow dynamics. All experiments were conducted under constant filling ratio of 50% and 

heating power range of 4-32W using a compatible working fluid (FC-72). The tested FPHP was fabricated utilizing 

the stereolithography (SLA) technique. Results indicated that the required start-up temperature at the evaporator 

increases when the position of the condenser section is changed from vertical to 90° bending. Additionally, as the 

heating power increases, the thermal resistance variations are similar for 0°, 30°, and 60° bending angles, whereas the 

thermal performance deteriorates at 90°. The excessive bend at 90° results in a significantly increased flow resistance, 

affecting the internal flow. This results in a sudden increase of the evaporator temperature and pressure, leading to 

dry-outs. The maximum operating heating power is 32W for 0⁰, 30⁰, and 60⁰, while it reduces to 20W for 90⁰.   

Keywords: Pulsating heat pipe, Flexibility, Manufacturing method, Flow visualization 

1. Introduction

The increasing demand for miniaturised and

high-speed electronic components in industries 

ranging from power electronics to aerospace 

systems has led to a proportional increase in heat 

flux dissipation requirement [1-2]. Failures in 

electronic devices are often caused by factors such 

as high temperature, humidity, vibration, and dust as 

shown in Figure 1. Around 55% of these failures are 

due to inadequate thermal management [3]. 

Therefore, an effective cooling method integrated 

with advanced design and manufacturing is 

essential to achieve uniform heat distribution and 

reduce the risks associated with overheating.  

The Pulsating Heat Pipe (PHP) is a passive heat 

transfer device that operates thanks to the phase 

change of the working fluid. The temperature 

difference between the evaporator and condenser 

sections, in combination with capillary forces, 

creates a corresponding pressure gradient, which 

induces the oscillation motion of liquid slugs and 

vapour plugs within the capillary-sized channels of 

the pipe. The PHP has gathered a considerable 

interest in advanced cooling technologies due to its 

high heat transfer performance, rapid thermal 

response, compact form factor and simple 

construction [4].  

Figure 1. Main causes of electronic failures [3]. 

PHPs are usually made from rigid materials 

such as copper, aluminium, glass, and silicon [5-8]. 

However, there is a technical challenge in 

implementing non-flexible PHPs as a heat sink for 

foldable displays and wearable devices [9]. 

Therefore, the fabrication of a thin, flexible, and 

lightweight PHP is an important requirement for 
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bendable electronic applications. In this context, 

Flexible Pulsating Heat Pipes (FPHPs) made from 

polymer materials can be implemented in foldable 

systems as a thermal management device.  

This study delves into the experimental 

investigation of the impact of bending angle on the 

thermal performance of a FPHP at a constant filling 

ratio (50%). The considered FPHP is subjected to 

bending angles of 0°, 30°, 60°, and 90°, with FC-72 

serving as the designated working fluid. Additive 

manufacturing technology is utilised to fabricate the 

device.  
 

2. Experimental set-up and procedure 

A scheme of the experimental setup is shown 

in Figure 2. The evaporator and condenser 

sections are securely fixed to aluminium plates to 

ensure the integrity of the heat source and heat 

sink components. Two Kapton strip heaters are 

placed in the evaporator section (Omega-

KHLVA-104/10, 40W/28V) and connected to a 

DC power supply (EA-PS 2042-10B, 160W). In 

the condenser section, two heat sinks are used for 

the liquid loop system. The loop was maintained 

at 20 ⁰C to ensure a constant cooling temperature 

for the aluminium heat sinks. Two thermocouples 

are situated at the inlet and outlet of the heat sink 

respectively. The filling port and pressure 

transducer are affixed to a port located in the 

condenser section. A high-speed camera (Ximea 

XiQ) is also placed to capture the flow images at 

the adiabatic section.  
 

 

 
Figure 2. Experimental set-up. 

 

In this study, the FPHP was fabricated using an 

Anycubic Photon M3 Max Stereolithography 

(SLA) printer with Anycubic Flexible Tough Resin. 

The SLA 3D printing process enabled the seamless 

production of the FPHP, thus eliminating the 

necessity for layering or bonding processes. 

Moreover, the FPHP was constructed from a 

transparent resin, permitting the visualisation of the 

two-phase flow patterns. Figure 3 presents the 

fabricated flexible pulsating heat pipe. The 

experimental setup and procedure are described in 

detail in a previous work by the present Authors 

[10]. 
 

 
Figure 3. Illustration of the fabricated flexible 

polymeric pulsating heat pipe. 
 

The proposed FPHP has asymmetric channel 

pairs and comprises six turns. Each turn has 

channel widths of 2.5 mm and 3.4 mm, with a 

depth of 1 mm. The overall dimensions of the 

FPHP are 260 mm in length, 98 mm in width, and 

2.5 mm in thickness. The dimensions of the FPHP 

and channel widths are depicted in Figure 4. 
 

 
Figure 4. FPHP configuration with geometric 

details. 
 

As shown in Fig. 5, four distinct bending angles 

have been selected to evaluate the performance of 

the polymeric FPHP. In all bending 

configurations, the evaporator section remains 

stationary at vertical orientation, while the 

condenser section undergoes bending via an 

appropriate hinge mechanism. 
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Figure 5. Schematic of bending configurations of 

the tested FPHP. 
 

The FPHP undergoes a three-step preparation 

process before the experimental setup is activated. 

First, the working fluid is degassed to remove non-

condensable gases by heating and vacuuming. 

Next, the FPHP is evacuated with a 

turbomolecular pump until the internal pressure is 

reduced to 1 Pa. Lastly, the working fluid is 

transferred into the FPHP by utilising the pressure 

difference between the tank and the evacuated 

FPHP. The mass of the working fluid charged to 

the FPHP is observed using a high-precision 

laboratory balance.  

After completing the above procedures, the 

liquid loop system connected to the heat sink is 

activated in the condenser section of the test area. 

The power supply is activated to ensure heat input 

to the evaporator section. The initial heating 

power is set to 4 W and is gradually increased in 4 

W increments. Temperature measurements and 

flow images are recorded when pseudo-steady-

state conditions occur. Ten thermocouples (T-

type) are uniformly distributed between the 

condenser and evaporator sections of FPHP. In 

each section, four thermocouples contact the front 

surface of the FPHP, and one thermocouple 

contacts the back surface. The temperatures in the 

evaporator and condenser sections are used to 

calculate the thermal resistance (Rth). 
 

𝑅𝑡ℎ =
𝑇𝑒 − 𝑇𝑐

𝑄
 (1) 

 

where Te and Tc are the average temperatures 

of the evaporator and condenser sections 

respectively and Q is the heating power. The 

heating power supplied to the heaters is 

determined by equation (2). 
 

𝑄 = 𝑉 × 𝐼 (2) 
 

where V and I are electrical voltage and 

current, respectively. The uncertainty in thermal 

resistance calculations was assessed following the 

method by Kline and McClintock [11]. This 

approach yielded a maximum uncertainty of 5.5% 

in the thermal resistance, given a temperature 

uncertainty of ±0.2°C and maximum accuracies of 

0.3% for voltage and 0.2% for current. 
 

3. Results and discussion 

Figure 6 presents the effect of bending angle on 

the FPHP through the relationship between thermal 

resistance and heating power. The degree of 

deformation at the adiabatic section of the FPHP 

directly affects thermal resistance and the heating 

power required for the FPHP activation. A distinct 

reduction in thermal resistance is observed at 0⁰ 

(vertical), compared to other bending angles, when 

the heating power reaches 8W, indicating the 

initiation of FPHP. On the other hand, as the heating 

power increases, the changes in the thermal 

resistance values follow a similar trend at 0°, 30°, 

and 60° bending angles. However, the thermal 

resistance of the FPHP positioned at a 90° does not 

show a significant decrease as the heating power 

increases. The performance of the FPHP 

deteriorates in that extreme configuration due to the 

excessive bending. At a bending angle of 90⁰, 

disrupts the uniform distribution of liquid slugs and 

vapour plugs and leads to uneven heat distribution. 

This causes partial blockages or constrictions in the 

channels, restricting flow movement. It also affects 

the contact quality between the liquid and the FPHP 

walls, resulting in poor wetting and a reduced 

effective heat transfer area. All these facts in turn 

result to an increase of the thermal resistance with a 

corresponding increase in the power input. 
 

 

Figure 6. Plot of thermal resistance versus heating 

power, for different bending angles. 
 

Figures 7a, b, c, and d illustrate high speed 

camera snapshots at a heating power of 16W for 

bending angles of 0⁰, 30⁰, 60⁰, and 90⁰, 

respectively. These characteristic images are used 

to analyse the overall flow structure as a function 
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of the bending angle in the tested FPHP. In the 

vertically positioned FPHP orientation (0⁰), there 

is consistent movement of liquid and vapour along 

all the channels, directed towards the condenser 

section, with the dominant observed two-phase 

flow regime being churn-annular flow.  

At a bending angle of 30⁰, the flow structure 

reveals that the thin-film evaporation process in 

the evaporator section is notably efficient. In the 

configuration with low bending angles, the gravity 

assists the liquid in returning to the evaporator. 

This provides sufficient liquid for the inner wall of 

the evaporator, maintaining a stable liquid film. 

When the FPHP is positioned at a 60⁰ bending 

angle, a more pronounced impact on the flow 

resistance is observed. The increased bending 

angle hinders the smooth transport of vapour plugs 

towards the condenser. This increased flow 

resistance not only slows down the liquid-vapour 

movement, but also disrupts the flow uniformity 

as some channels become inactive. On the other 

hand, the suppression of flow motion does not 

result in a significant change in thermal resistance 

and evaporator temperature compared to 0⁰ and 

30⁰. 

At a bending angle of 90°, the motion of the 

liquid slugs and vapour plugs are almost 

completely diminished. The high flow resistance 

due to the horizontal positioning of the condenser 

section hinders the ability of vapour bubbles to 

push the liquid forward. Therefore, the liquid-

vapour alignment is seen in only one or two 

channels. The thin liquid film evaporation process 

is not effective under these conditions, as the lack 

of proper condensation leads to the drying of the 

FPHP, further increasing thermal resistance. This 

drying indicates that the FPHP's ability to sustain 

continuous flow oscillations is compromised at 

this sharp bending. The flow of liquid back into 

the evaporator is quite insufficient and this causes 

the oscillation motion to stop or slow down 

considerably. 

This observation highlights the crucial role of 

gravity in the thermal performance of the FPHP at 

a bending angle of 90°. In this configuration, 

where the evaporator is positioned vertically and 

the condenser horizontally, it becomes 

increasingly difficult for the force of gravity to 

overcome the flow resistance imposed by the 

bending angle. 
 

 
          (a) 

 

 

               (b) 

 

    (c) 
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           (d) 

Figure 7. The flow images at a heating power of 

16W for bending angles of 0⁰ (a), 30⁰ (b), 60⁰ (c), 

and 90⁰ (d). 
 

Figure 8 displays the changes in the 

evaporator temperatures across four different 

bending angles. At 8W heating power and 30⁰, 60⁰, 

and 90⁰ bending angles, the evaporator 

temperature exhibits an increasing and decreasing 

trend. Temperature fluctuations occur due to low 

amplitude oscillations and intermittent start-stop 

movements. As heating power increases, the 

FPHP encounters higher flow resistance at 90-

degree, resulting in higher temperature values. 

This causes the FPHP to stop operating, resulting 

in a sudden temperature rise in the evaporator 

section. The experiment concludes at 20W for a 

90⁰ bending angle, while the maximum heating 

power reaches 32W for bending angles of 0⁰, 30⁰, 

and 60⁰. 
 

 

Figure 8. Temporal variation of spatially averaged 

evaporator temperatures for the tested FPHP for 

different bending configurations. 
 

Considering the pressure transducer readings 

at the condenser section, at bending angles of 30⁰ 

and 60⁰, the induced flow resistance causes an 

overall reduction in the pressure, as seen Figure 9, 

which gradually reduces the driving force that 

facilitates the working fluid movement. This 

weakened force affects the minimum heating 

power required to initiate the operation of the 

tested FPHP. On the other hand, the 90⁰ bending 

configuration has the opposite effect, where the 

significantly increased flow resistance causes 

substantial temperature, and pressure increases 

due to the hindered liquid-vapour movement. 

Therefore, the condensation and evaporation 

processes are adversely affected, leading to dry-

outs. 
 

 

Figure 9. Pressure transducer readings at different 

heating powers and bending angles. 
 

4. Conclusions 

The thermal behaviour of a flexible polymer-

based pulsating heat pipe fabricated via additive 

manufacturing was experimentally analysed using 

FC-72 as the working fluid. The study aimed to 

investigate how the bending angle affects the 

performance of a polymeric FPHP. The main 

findings of the investigation are summarised 

below: 

• The heating power required for initiation of 

the FPHP is significantly affected by the increase 

of the bending angle. 

• All FPHP channels appear to be active at 

smaller bending angles, but as the bending angle 

increases the corresponding increase of the flow 

resistance disrupts the liquid-vapour transport, 

leading to inactive channels and reduced flow 

uniformity. 

• At a 90° bending angle, the uniform 

distribution of liquid and vapour in the FPHP 

disrupts. This results in increased thermal 

resistance which in combination with the 

insufficient gravity support, leads to a significant 

reduction in oscillation and dry-outs. 

• At bending angles of 30° and 60°, the flow 

resistance leads to pressure losses, reducing the 

driving force for fluid movement and to an 
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increase at the heating power threshold for the 

FPHP activation. Conversely, at 90°, the higher 

flow resistance causes sharp rises in temperature 

and pressure by obstructing liquid-vapour 

movements, which further increases thermal 

resistance. 
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Abstract 
This study aims to improve the performance of a pulsating heat pipe (PHP) by introducing asymmetry through the 

insertion of a copper wire into one column of a single-loop PHP. Five PHP configurations were tested: one with a 

uniform internal diameter (ID) of 2.5 mm (UPHP), one with dual diameters (2.5 mm and 1.8 mm ID) geometrically 

asymmetric PHP (GAPHP), and three with a uniform ID of 2.5 mm but different wire diameters (0.7 mm, 1.2 mm, 

and 1.7 mm) inserted into one column (WAPHP). Made of borosilicate glass, these PHPs were evaluated using 

visualization techniques and thermal resistance calculations. The study varied filling ratios, inclination angles, and 
heat loads to assess performance. Results showed that the WAPHP with a 1.2 mm wire diameter performed best at a 

60% filling ratio, exhibiting superior startup, delayed dry-out.  

Keywords: Pulsating heat pipe; Wire inserted asymmetry; Flow visualization; Thermal resistance  

1. Introduction

The escalating demand for efficient thermal 

management solutions in industries has spurred 
significant attention towards pulsating heat pipes 

(PHPs) among experimental and theoretical 

researchers. It finds its use from solar to cryogenic 
applications [1-4]. Geometric parameters such as 

cross-sectional shape and the number of turns, 

operational parameters like inclination angle (IA) 

and check valve configuration, and physical 
parameters such as filling ratio (FR) and working 

fluid properties play pivotal roles in determining 

PHP performance. 
The primary goal of pulsating heat pipe (PHP) 

studies is to optimize thermal performance and 

ensure orientation independence. In this endeavour 
Sedighi et al. [5] proposed an asymmetric design 

with an extra branch in the evaporator section, 

promoting one-directional fluid circulation. Chein 

et al. [6] developed a nonuniform flat plate PHP 
capable of horizontal operation at a filling ratio (FR) 

≥ 60%. Kwon and Kim [7] investigated optimal 

diameter ratios for asymmetry. Liu et al. [8] 

numerically assessed the startup and heat transfer 

performance of single and dual-diameter PHPs. 
Markal et al. [9] studied the effect of double cross-

sectional ratios on the performance of a flat plate 

PHP, finding that gradually constricted geometry 
enhanced flow circulation and maintained 

orientation-independent performance. Liu et al. [10] 

tested a large-area cryogenic heat pipe with multiple 

heat sources, which operated effectively within a 
temperature range of 80 to 120 K. Shukla et al. [11] 

studied the startup and thermal efficiency of a two-

loop PHP with alternating asymmetric diameters, 

showing superior performance compared to uniform 

two-loop PHPs. 

Due to the strong coupling between geometry and 
thermo-hydrodynamics in PHPs, the study of 

asymmetric channels is greatly important. So far, 

such asymmetry has been engineered through 

manufacturing processes. However, the current 
study presents a novel approach: crafting an 

asymmetric single loop PHP by inserting a copper 

wire within a channel. Notably, this PHP is 
constructed from borosilicate glass to facilitate 

visualization. The comparison has been conducted 

between this novel PHP, termed the wired 

asymmetric PHP (WAPHP), a geometrically 
asymmetric PHP (GAPHP), and a uniform PHP 

(UPHP). Effective thermal resistance and flow 

visualization are two methods used to estimate the 
performance of both PHPs.  

2. Experimental setup and methodology

Five different single-loop PHPs were 

manufactured using borosilicate glass. The uniform 

PHP (UPHP) has a uniform inner diameter (ID) of 
2.5 mm and an outer diameter (OD) of 8.9 mm. 

Geometrically asymmetric PHP (GAPHP) features 

an asymmetric diameter of 2.5/8.9 mm ID/OD and 
1.8/7 mm ID/OD respectively. Wired asymmetric 

PHP (WAPHP) maintains similar dimensions to the 

UPHP except incorporating three copper wires with 

diameters of 1.7 mm, 1.2 mm, and 0.7 mm diameter 
for creating asymmetry, as illustrated in Fig. 1.  
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Figure 1. Schematic of PHP configurations. 

 

The diameters of the copper wires were selected 
to ensure that the equivalent diameter (1.7 mm) and 

the hydraulic diameter (0.7 mm) of the annular 

region of the WAPHP match that of the smaller 

diameter of GAPHP. Both the wire and the 
asymmetric section of the GAPHP had a length of 

150 mm. The diameters of the PHPs were chosen 

based on the Bond number criteria given by [5, 12, 
13]. 

 

(𝐵𝑜)𝑐𝑟𝑖𝑡 = √
𝐷𝑐𝑟𝑖𝑡

2 . 𝑔.  (𝜌𝑙 − 𝜌𝑣)

𝜎
≤ 2 

 

The schematic of experimental setup is shown in 
Fig. 2. Deionized (DI) water served as the working 

fluid, and the system was evacuated using a vacuum 

pump with a capacity of 0.2 Pa. After degassing, DI 

water was introduced into the inlet manifold. The 
condenser housing was constructed from a 5 mm 

thick acrylic sheet, and the coolant flow rate was 

maintained at 20 kg/hr, regulated by a rotameter. 
The evaporator section was created by uniformly 

wrapping nichrome wire around it. Temperature and 

pressure data were recorded using a DAQ system 

integrated with a LabView program, with a 
sampling rate of 10 Hz. Video recordings were 

captured at 100 and 200 fps using a high-speed 

camera. The experiment began with an initial heat 
load of 5 W, which was then gradually increased in 

increments of 5 W. Since the system is uninsulated, 

heat loss occurs from both the evaporator and the 
adiabatic sections. As a result, the actual heat 

absorbed by the system is always less than the heat 

supplied from the DC source. Therefore, in this 

study, the thermal performance calculations are 
based on the heat transferred to the coolant flowing 

through the condenser section. 

 
Figure 2. Experimental setup. 

 
 

3. Data reduction and uncertainty analysis 

  The locations of thermocouples have been 
shown in Fig. 1. A total of six thermocouples have 

been used in the experiment. Time as well as spatial 

averaging has been performed for the evaporator 

and condenser temperature as follows: 

𝑇𝑒,1 =
1

𝑛
 ∑ 𝑇𝑒,1,𝑗

𝑛

𝑗=1

; 

Similarly, for 𝑇𝑒,1, 𝑇𝑐𝑖 and 𝑇𝑐,𝑜.  

Spatial averaging is performed as follows: 

 

𝑇𝑒 =
𝑇𝑒,1+𝑇𝑒,2

2
  and  𝑇𝑐 =

𝑇𝑐,𝑖+𝑇𝑐,𝑜

2
               (1)  

 
The equivalent thermal resistance (𝑅𝑡ℎ,𝑒𝑞 ) is 

commonly utilized as a metric to assess the thermal 

performance of PHP. Lower thermal resistance 

indicates superior heat transfer performance. This 
equivalent thermal resistance was calculated based 

on the heat transfer through the condenser to the 

coolant (i.e. 𝑄𝑐 ). 𝑄𝑐  represents the heat that is 
reliably entering the system. The equivalent thermal 

resistance for the system, measured between the 

evaporator and condenser sections, can be defined 

using the following formula [11, 14]: 
 

𝑅𝑡ℎ,𝑒𝑞 =
𝑇𝑒−𝑇𝑐

𝑄𝑐
                            (2)     
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The values of  𝑇𝑒 and 𝑇𝑐 are determined using Eq. 1. 

The Value of 𝑄𝑐 is determined using relation 𝑄𝑐 =
𝑚̇𝐶𝑝(𝑇𝑐,𝑜 − 𝑇𝑐,𝑖). Where 𝑚̇ is the mass flow rate of 

coolant and 𝐶𝑝 is the specific heat of coolant water. 

    Measured parameters are subjected to the 

uncertainty hence the uncertainty in  𝑅𝑡ℎ,𝑒𝑞  has 

been calculated. The DC source has an uncertainty 
of 0.1% + 300mV for the voltage readings and 0.1% 

+ 7.5 mA for the current readings. The T-type 

thermocouples used in this experiment has an 

uncertainty of ±  0.4% or ± 0.5°𝐶 , whichever is 

greater. The expression for the uncertainty in 𝑄𝑖𝑛 

and 𝑅𝑡ℎ  can be calculated as follows: 

𝑤(𝑄𝑖𝑛)

𝑄𝑖𝑛
= √(

𝛿𝑉

𝑉
)

2

+ (
𝛿𝐼

𝐼
)

2

 

 

𝑤(𝑅𝑡ℎ,𝑒𝑞)

𝑅𝑡ℎ,𝑒𝑞

= √(
𝑤(𝑇𝑒)

𝑇𝑒 − 𝑇𝑐

)
2

+ (
𝑤(𝑇𝑐)

𝑇𝑒 − 𝑇𝑐

)
2

+ (
𝑤(𝑄𝑖𝑛)

𝑄𝑖𝑛

)
2

 

 

    In this study, the heat input and equivalent 

thermal resistance were subject to maximum 

uncertainties of 3.7% and 6.1%, respectively. 

 
4. Results and discussion 

       The study used filling ratios (FRs) and 

inclination angles (IAs) to analyze flow 
visualization and thermal performance in PHPs. 

Introducing a wire to create asymmetry significantly 

enhanced performance compared to uniform and 
dual diameter PHPs. The wire affects flow 

dynamics by introducing additional physical 

interactions, adding complexity to the internal flow. 

High-speed photography and data signals revealed 
that the wire induces pressure differences, aids in 

bubble nucleation, acts as a heat source, assists in 

liquid droplet transport, and dampens slug 
oscillations. These effects are further detailed in the 

following sections. 

 

4.1.  Impact of Wire on system start-up 

Bubble nucleation and growth drive the start-up 

of the PHP when the evaporator is filled with liquid. 

This process needs a certain level of wall superheat, 
which is typically higher on smooth glass surfaces. 

However, the wire in the evaporator offers rougher 

surfaces, creating easier nucleation sites for bubbles 
by providing cavities for trapped gases or vapor.   

Fig. 3 shows the comparison of start-up time for 

different PHP configurations.  It can be observed 

that the WAPHP having wire diameter (𝑑𝑤) of 1.7 
mm shows the best start-up performance. 

 

Figure 3. Start-up time comparison for the different 

PHP configurations at 40% filling ratio. 
 

Easy bubble nucleation additional capillary 

forces are the main reason for the enhanced start-up 
performance of the WAPHP. 

 

4.2.  Impact of Wire on system dry-out 

    Fig. 4 shows the temperature vs. time plot for 

the different PHPs. It can be observed that dry-out 

occurred at 40 W and 45 W for UPHP and 

GAPHP, respectively. However, in the case of 
WAPHP, no dry-out occurred up to a heat load of 

65 W. Beyond this point, the experiments were 

halted for safety reasons. The main reasons for the 
delayed dry-out in WAPHP are that the wire helps 

prevent the formation of hot spots in the 

evaporator section at high heat loads by 
conducting heat through it, and it also aids in the 

movement of liquid back to the evaporator. 

 

 
(a) UPHP 

 

(b) GAPHP 
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(c) WAPHP (𝑑𝑤  =  1.2 𝑚𝑚) 

Figure 4. Temperature vs time plot for different 

PHPs at 50% filling ratio. 

4.3.  Thermal performance  

     

 
(a) 40% filling ratio. 

 
(b) 50% filling ratio. 

 
(c) 60% Filling ratio. 

Figure 5. Variation of 𝑅𝑡ℎ,𝑒𝑞 with filling ratios at 

IA = 90°. 

    The Thermal performance of PHP depends on 

the various operating parameters. Fig. 5 illustrate 

the variation of thermal performance of the tested 

PHP configurations with the filling ratios at 90° 

IA. It is evident from Fig. 5 that the best 

performance was achieved with the WAPHP 
having a wire diameter of 1.2 mm at a 60% filling 

ratio. 
The effect of inclination angle on the equivalent 

thermal resistance at 60% filling ratio is depicted in 

Fig. 6. The WAPHP ( 𝑑𝑤 = 1.2 mm ) shows 

superior performance at 60 °  and 30 °  inclination 

angles compared to the UPHP and WAPHP.  
 

 
(a) Inclination angle = 60° 

 
(b) Inclination angle = 30° 

Figure 6. Variation of  𝑅𝑡ℎ,𝑒𝑞  with filling 

inclination angles. 

5. Conclusions 

The study investigated the impact of different 

filling ratios, inclination angles, and heat loads on 

PHP performance, using water as the working 
fluid. The research primarily aimed to assess how 

the wire influences the flow dynamics within the 

PHP and to evaluate its overall thermal 
performance. The WAPHP shows better start-up 

performance as well as delayed dry-out compared 

to the UPHP and GAPHP. The thermal 

performance index 𝑅𝑡ℎ  was minimum in case of 

WAPHP ( 𝑑𝑤 = 1.2  mm) at 60% filling ratio 

among all the tested PHPs. The WAPHP 
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continued to function effectively at inclination 

angles of up to 30°, without any degradation in 

performance. The results of these novel 
asymmetric PHPs are promising, offering a simple 

and efficient solution from a manufacturing 

perspective. 
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Heat transfer performance of a prototypically 8 m-long two-phase closed 

thermosyphon for spent fuel pool passive cooling 
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Abstract 
This study investigates the heat transfer performance of an 8 m-long prototype two-phase closed thermosyphon 

designed for the passive cooling of nuclear spent fuel pools, with deionised water as the working fluid. The filling 

ratio was varied between 10% and 100%, and heat-source temperatures ranged from 45 to 80 °C This experimental 

study provides valuable data on the operation of long thermosyphons, aiding in the validation and improvement of 

numerical models simulating passive residual heat removal in nuclear plants. The results indicate that optimal heat 

transfer performance was achieved at a 30% filling ratio, with the thermosyphon initiating operation at a heat-source 

temperature of 50 °C. Additionally, the heat transfer coefficient in the evaporator section showed a decline at lower 

filling ratios. Compared to previous studies, it was found that increasing the length of the evaporator section from 1 m 

to 2 m resulted in a 35% improvement in heat transfer at temperatures above 55 °C. The length of the adiabatic section 

had minimal impact at 30% and 40% filling ratios, but at lower ratios, it caused dry patches and reduced performance. 

There were only slight variations at 50% filling ratio. 

Keywords: thermosyphon; filling ratio; stainless steel-water; passive cooling 

Introduction 

The 2011 Fukushima Daiichi nuclear disaster 

fundamentally reshaped the approach to reactor 

safety, particularly concerning Nuclear Spent Fuel 

Pool (NSFP) cooling during severe accidents. The 

disaster, triggered by a blackout and subsequent 

failure of backup generators, led to meltdowns in 

three reactor units. In the NSFP, the water level 

decreased rapidly due to the unavailability of the 

active heat removal system. This incident 

highlighted the need for passive residual heat 

removal systems in NSFP designs, as traditional 

electrically powered cooling methods are not 

operating during blackouts. The International 

Atomic Energy Agency (IAEA) emphasised in its 

report "Safety of Nuclear Power Plants: Design 

SSR-2/1 (Rev. 1)" [1] the importance of reliable 

cooling systems, where thermosyphons as a passive 

solution were recommended. 

In the meantime, several research groups have 

researched the potential of two-phase closed 

thermosyphons for passive NSFP cooling. Studies 

by Kusuma et al. [2; 3], Choi et al. [4] and Grass et 

al. [5], among others, have explored various 

methodologies and yielded different insights into 

the performance of thermosyphons in these settings. 

However, despite the progress in understanding the 

thermal properties of thermosyphons, their 

performance capabilities remain highly variable. 

Detailed experimental data on their heat transfer 

performance, especially for long thermosyphons, 

are still lacking. 

In response to this knowledge gap, experimental 

investigations were conducted at the Institute of 

Nuclear Technology and Energy Systems (IKE) to 

comprehensively understand the optimal heat 

transfer characteristics of long thermosyphons 

designed for NSFP cooling. In parallel, the 

Gesellschaft für Anlagen- und Reaktorsicherheit 

(GRS), a co-operation partner in joint R&D projects 

with IKE, has been improving its modelling 

capabilities. This effort involves the development of 

the AC²/ATHLET code, which simulates relevant 

phenomena within nuclear power plants, including 

passive residual heat removal using thermosyphons. 

The partnership also aims to improve the ATHLET 

thermal-hydraulic code system by integrating the 

modelling of thermosyphon and heat pipe 

operations into the AC²/ATHLET code [6; 7]. 

This paper focuses on the experimental 

investigation of the heat transfer performance of a 

prototypical 8 m-long thermosyphon designed for 

large-scale NSFP cooling applications. By varying 

key parameters such as the heat-source temperature, 

the heat-sink temperature, and the filling ratio, this 

study aims to address aspects that have not been 

extensively explored for long thermosyphons in the 

context of NSFP cooling. Additionally, the 

influence of the evaporator and adiabatic section 

lengths is investigated by comparing the results with 

previous studies on similar thermosyphons. These 

findings are crucial for developing safer and more 

efficient passive cooling systems, contributing to 

advancements in nuclear safety and reactor 

Paper ID 124(S4)

431



technology. Moreover, the results will support 

further development and validation of the 

mechanistic ATHLET model for 8 m long 

thermosyphons. 

 Experimental setup and procedure 

2.1 Test rig 

Figure 1 illustrates a schematic representation of 

the experimental setup used to examine the heat 

transfer characteristics of an 8 m-long 

thermosyphon. The experimental setup consisted 

mainly of a test thermosyphon and two separate 

water circuits for heating and cooling. The 

thermosyphon was constructed from 1.4301 

stainless steel with internal and external diameters 

of 35 and 38 mm, respectively.  
 

 
Figure 1. Schematic representation of the 

experimental test rig and arrangement of the 

measuring instrumentation. 
 

Both the evaporator and condenser sections of the 

thermosyphon were equipped with 1 m-long 

double-pipe heat exchangers, which served as the 

heat source and heat sink, respectively. These heat 

exchangers were connected to water-operated 

thermostats. The adiabatic section and the heat 

exchangers were insulated with 19 mm thick 

Armaflex XG insulation to minimise ambient 

influences on the thermosyphon. 

For the 8 m-long thermosyphon, the outer surface 

temperature 𝑇𝑠  was measured at various heights 

utilising 16 resistance thermometers PT100, with a 

Class A accuracy of ± (0.15 + 0.002*T RD). 

Furthermore, two sheathed resistance thermometers 

PT100 were positioned within the thermosyphon to 

measure the internal temperatures 𝑇𝑒,𝑖  and 𝑇𝑐,𝑖  of 

the evaporator and condenser sections, respectively. 

Absolute pressure transmitters PAA-33X with an 

accuracy of ± 0.15 % FS were situated at the base 

of the evaporator and the top of the condenser 

section to measure the internal pressure 𝑝𝑒  and 𝑝𝑐 

of the thermosyphon. The inlet and outlet 

temperatures 𝑇𝑒,𝑖𝑛 , 𝑇𝑒,𝑜𝑢𝑡 , 𝑇𝑐,𝑖𝑛  and 𝑇𝑐,𝑜𝑢𝑡  of both 

heat exchangers were acquired using sheathed 

resistance thermometers PT100. The inlet flow rates 

𝑉̇𝑒 and 𝑉̇𝑐 of both heat exchangers were determined 

using ultrasonic flowmeters with an accuracy of 

± (0.7 % RD + 0.7 % FS). Keysight data logger 

34980A and LabVIEW computer software were 

employed for the data acquisition. 

2.2 Test conditions and data reduction  

The thermal conditions of the experiments 

followed the pool water temperatures specified in 

"Kerntechnischer Ausschuss" (KTA) 3303 [8] for 

the design of fuel pool heat removal systems: 45 °C 

(normal operation), 60 °C (abnormal or 

malfunctioning operation), and 80 °C (accidental 

operation). Accordingly, the experiments in this 

study were conducted for heat-source temperatures 

within this range. A summary of the experimental 

parameters is presented in Table 1. A total of 107 

experiments were conducted. with a minimum 

duration of 5 min for each case. 
 

Table 1. Variation of parameters in experiments. 
Parameter Unit Value 

Volume flow l/min 10 

Filling ratio % 
10, 20, 30, 40, 50, 70, 

100 

Heat-source 

temperature 
°C 45, 50, 55, 60, 70, 80 

Heat-sink 

temperature 
°C 20, 30 

Measuring 

frequency 
Hz 0.5 

 

A brief overview of the calculations for the most 

important thermal variables is provided below. The 

fluid properties were derived by the International 
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Association for the Properties of Water and Steam 

(IAPWS) [9]. The heat transfer rate 𝑄̇ of the double-

pipe heat exchangers in the evaporator and 

condenser section is given by. 
 

𝑄̇ = 𝜌 𝑐𝑝 𝑉̇ (𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛)           (1) 
 

where 𝜌  is the fluid density, 𝑐𝑝  is the isobaric 

heat capacity, 𝑉̇ is the volume flow, and 𝑇𝑜𝑢𝑡  and 

𝑇𝑖𝑛 are the outlet and inlet flow temperatures of the 

double-pipe heat exchangers. The average heat 

transfer coefficients in the evaporator section ℎ̅𝑒,𝑒𝑥𝑝 

and in the condenser section ℎ̅𝑐,𝑒𝑥𝑝 are calculated 

using equations (2) and (3). 
 

ℎ̅𝑒,𝑒𝑥𝑝 =
𝑄̇𝑒

𝐴𝑒 (𝑇̅𝑤,𝑒−𝑇𝑣)
           (2) 

 

ℎ̅𝑐,𝑒𝑥𝑝 =
𝑄̇𝑐

𝐴𝑐 (𝑇𝑣−𝑇̅𝑤,𝑐)
           (3) 

 

where 𝑄̇𝑒  and 𝑄̇𝑐 are the input and output heat 

transfer rates in the evaporator section and 

condenser section, 𝐴𝑒 and 𝐴𝑐 are the outer areas of 

the thermosyphon evaporation section and 

condenser section, 𝑇̅𝑤,𝑒 and 𝑇̅𝑤,𝑐 are the mean wall 

temperatures in the evaporator section and the 

condenser section, and 𝑇𝑣 is the vapour temperature 

inside the thermosyphon. The thermal resistance 

𝑅𝑡ℎ  of the thermosyphon is determined using the 

following equation 
 

𝑅𝑡ℎ =
𝑇̅𝑤,𝑒−𝑇̅𝑤,𝑐

𝑄̇𝑐
           (4) 

 

The uncertainty analysis was conducted for the 

heat transfer rate and the heat transfer coefficient, 

followed by the “Guide to the Expression of 

Uncertainty in Measurement by International 

Organization for Standardization” [10]. 
 

𝛿𝑄̇ = √∑ (
𝜕𝑄̇

𝜕𝑥𝑛
⋅ 𝛿𝑥𝑛

2)
2

𝑛
𝑖=0            (5) 

 

𝛿ℎ̅ = √∑ (
𝜕ℎ̅

𝜕𝑥𝑛
⋅ 𝛿𝑥𝑛

2)
2

𝑛
𝑖=0            (6) 

 

𝛿𝑅𝑡ℎ = √∑ (
𝜕𝑅𝑡ℎ

𝜕𝑥𝑛
⋅ 𝛿𝑥𝑛

2)
2

𝑛
𝑖=0            (7) 

 

where δ𝑄̇ , δℎ  and δ𝑅𝑡ℎ  represent the error 

propagations of the considered equations (1) - (4), 

𝑥𝑛 is the independent measured variable and 𝛿𝑥𝑛 is 

the uncertainty of each used measurement device. 

 

 

 Results and discussion 

3.1 Optimal filling ratio 

Experiments were conducted under the thermal 

conditions specified in Table 1 to determine the 

maximum heat transfer rate of the test 

thermosyphon. Figure 2 illustrates the heat 

transfer rate in the condenser, denoted as 𝑄̇𝑐, as a 

function of the filling ratio 𝑉+  for heat source 

temperatures 𝑇𝑒,𝑖𝑛 from 45 °C to 80 °C and 20 °C 

(top) and 30 °C (bottom) heat-sink temperatures 

𝑇𝑐,𝑖𝑛.  
 

 
Figure 2. Heat transfer rate 𝑄̇𝑐 vs. filling ratio 𝑉+ 

at different heat-source temperatures 𝑇𝑒,𝑖𝑛  for 

20 °C (top) and 30 °C (bottom) heat-sink 

temperature 𝑇𝑐,𝑖𝑛. 
 

At a heat-sink temperature of 20 °C, the 

thermosyphon did not operate at a heat-source 

temperature of 45 °C. However, at a heat-source 

temperature of 50 °C and filling ratios between 

20% and 40%, the thermosyphon began to 

operate, achieving a heat transfer rate of 

approximately 1.7 kW. For heat-source 
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temperatures ranging from 50 °C to 80 °C, the 

heat transfer rate increased as the filling ratio 

decreased from 100 to 30%. 

For heat-source temperatures from 50 to 60 °C, 

the results demonstrated an increase in the heat 

transfer rate for all filling ratios, reaching an 

individual maximum for the 20% and 30% filling 

ratios. Notably, for the 70 °C and 80 °C heat-

source temperatures, the highest heat-transfer rate 

was reached at a 30% filling ratio. A maximum 

heat transfer rate of approximately 4.0 kW was 

achieved at 80 °C heat-source temperature, 20 °C 

heat-sink temperature and 30% filling ratio. A 

similar trend was observed for the 30 °C heat-sink 

temperature. 

In Figure 2, the heat transfer rate of the 

thermosyphons is discussed, providing insight into 

whether the thermosyphon is operating or not. 

However, the figure does not indicate whether the 

thermosyphon operates steadily or with 

fluctuations. Two parameters were selected to 

evaluate the operational stability of the 

thermosyphon: the mean wall temperature in the 

evaporator section 𝑇̅𝑒,𝑤 and the inner temperature 

at the top of the condenser section 𝑇𝑐,𝑖. Figure 3 

presents the mean wall temperature in the 

evaporator section 𝑇̅𝑒,𝑤 (left column) and the inner 

temperature at the top of the condenser section 𝑇𝑐,𝑖 
(right column) as functions of the heat-source 

temperature 𝑇𝑒,𝑖𝑛 for various filling ratios 𝑉+ and 

a heat-sink temperature 𝑇𝑐,𝑖𝑛 of 20 °C. Conditions 

where the thermosyphon did not operate were 

excluded from the plot. The bars of the data 

symbols in the diagrams indicate the minimal and 

maximal temperature fluctuations during the 

measurement. 

At 10% and 20% filling ratios, it was observed 

that the evaporator wall temperature is higher for 

the 10% filling ratio compared to the 20% filling 

ratio. Additionally, for heat-source temperatures 

above 55 °C, fluctuations of up to approximately 

10 °C in the wall temperature were detected. This 

increase in temperature variation suggests that, for 

brief periods, the thickness of the falling 

condensate film approached zero, leading to the 

formation of dry spots or local dry-outs in the 

upper part of the evaporator, as described by 

Mantelli [11]. 
 

 
Figure 3. Mean evaporator wall temperature 𝑇̅𝑒,𝑤 

(left column) and condenser inner temperature 𝑇𝑐,𝑖 
(right column) vs. heat-source temperature 𝑇𝑒,𝑖𝑛 at 

different filling ratios 𝑉+  for 20 °C heat-sink 

temperature 𝑇𝑐,𝑖𝑛 . 
 

At the 30% filling ratio, the thermosyphon 

exhibited slight fluctuations in the evaporator wall 

temperature at a heat-source temperature of 50 °C. 

Notably, during this initial operation phase, the 

thermosyphon did not reach a steady state, 

indicating that a continuous, uniform falling film 

had not yet formed. As a result, the liquid film 

intermittently broke into rivulets within the 

evaporator, causing intermittent dry patches. 

However, as explained by Faghri [12], such 

localised dry spots on the evaporator wall do not 

typically result in significant heat transfer 

limitations, as the wall temperature is expected to 

stabilise over time. This behaviour was further 

evidenced by the steady-state thermal 

performance observed at higher heat-source 

temperatures of 60 °C to 80 °C. Similar behaviour 

was reported in previous studies by Cáceres et al. 
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[13], involving a 3 m-long thermosyphon with 

identical 1 m-long evaporator and condenser 

sections. 

At 40%, 50%, and 70% filling ratios, a similar 

operational pattern to that of the 30% filling ratio 

was observed, characterised by minor fluctuations 

and eventual stabilisation at higher heat-source 

temperatures. However, at 70% filling ratio, 

increased oscillations in the inner temperature of 

the condenser were detected. These temperature 

fluctuations can be primarily attributed to bubble 

surges in the evaporator and the impact of liquid 

slugs against the thermosyphons’s condenser end 

cap, indicating that the geyser boiling 

phenomenon occurred. When the heat input was 

increased to a heat-source temperature of 60 °C, 

nucleate boiling occurred, allowing the system to 

reach steady-state temperatures. 

3.2 Average heat transfer coefficient in the 

evaporator section 

Figure 4 illustrates the average experimental 

heat transfer coefficient in the evaporator section 

ℎ̅𝑒,𝑒𝑥𝑝 as a function of the heat-source temperature 

𝑇𝑒,𝑖𝑛  for different filling ratios 𝑉+and heat-sink 

temperatures 𝑇𝑐,𝑖𝑛  of 20 °C (top) and 30 °C 

(bottom). Conditions where the thermosyphon did 

not operate were excluded from the plot. For each 

heat-sink temperature, starting with the highest 

filling ratio of 70% at 20 °C and 100% at 30 °C, 

the heat transfer coefficient initially increased as 

the filling ratio decreased to 30% and its value 

reached about 3.2 kWm-2K-1. However, at lower 

filling ratios of 10% and 20%, the heat transfer 

coefficients were reduced compared to 30%. This 

deterioration can be attributed to the decreased 

liquid volume and wetted area in the evaporator 

section as the filling ratio decreased, leading to 

partial dry-out in the upper part of the evaporator 

section, as described in Section 3.1. The maximum 

partial dry-out occurred at the lowest filling ratio 

of 10%. Consequently, the boiling heat transfer 

coefficient at this filling ratio was lower than that 

observed at a 30% filling ratio. 
 

 
Figure 4. Average experimental heat transfer 

coefficient in the evaporator ℎ̅𝑒,𝑒𝑥𝑝 vs. heat-source 

temperature 𝑇𝑒,𝑖𝑛 at different filling ratios 𝑉+ for 

20 °C (top) and 30 °C (bottom) heat-sink 

temperature 𝑇𝑐,𝑖𝑛 . 
 

3.3 Average heat transfer coefficient in the 

condenser section 

Figure 5 illustrates the average experimental 

heat transfer coefficient in the condenser section 

ℎ̅𝑐,𝑒𝑥𝑝 as a function of the heat-source temperature 

𝑇𝑒,𝑖𝑛  for different filling ratios 𝑉+and heat-sink 

temperatures 𝑇𝑐,𝑖𝑛  of 20 °C (top) and 30 °C 

(bottom). Conditions where the thermosyphon did 

not operate were excluded from the plot. For 20 °C 

heat-sink temperature, a relatively constant value 

of approximately 3.0 kWm-2K-1 was observed. In 

contrast, at a heat-sink temperature of 30 °C, 

higher heat transfer coefficients up to 6 kWm-2K-1 

were recorded. This increase in heat transfer 

performance is attributed to the reduction in the 

temperature difference between the saturated 

vapour temperature and the condenser surface 

temperature. The smaller temperature difference 
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at 30 °C results in a thinner condensate film, 

reducing heat conduction resistance. This 

phenomenon is further evidenced by the higher 

heat transfer coefficients observed at the 10% 

filling ratio, where the limited liquid volume in the 

thermosyphon further decreases the film 

thickness, leading to higher heat transfer 

coefficients. 
 

 
Figure 5. Average experimental heat transfer 

coefficient in the condenser ℎ̅𝑐,𝑒𝑥𝑝 vs. heat-source 

temperature 𝑇𝑒,𝑖𝑛 at different filling ratios 𝑉+ for 

20 °C (top) and 30 °C (bottom) heat-sink 

temperature 𝑇𝑐,𝑖𝑛. 
 

3.4 Overall thermal resistance 

Figure 6 illustrates the mean overall thermal 

resistance of the test thermosyphon 𝑅𝑡ℎ  as a 

function of the heat flux 𝑞𝑒  for different filling 

ratios 𝑉+and heat-sink temperatures 𝑇𝑐,𝑖𝑛 of 20 °C 

(top) and 30 °C (bottom). Conditions where the 

thermosyphon did not operate were excluded from 

the plot. For both 20 °C and 30 °C heat-sink 

temperatures, it was generally observed that the 

thermal resistance decreased with increasing heat-

source temperatures, except at the 10% filling 

ratio. As discussed in Section 3.2, the decrease in 

the heat transfer coefficient in the evaporator 

section at this low filling ratio was attributed to 

local dry-out, which consequently led to an 

increase in the thermal resistance. It can be 

observed that thermal resistance remained 

relatively stable and reached its lowest values of 

about 0.006 KW-1 at the 20% and 30% filling 

ratios for both investigated heat-sink 

temperatures. 
 

 
Figure 6. Mean overall thermal resistance 𝑅𝑡ℎ vs. 

heat flux 𝑞𝑒 at different filling ratios 𝑉+ for 20 °C 

(top) and 30 °C (bottom) heat-sink temperatures 

𝑇𝑐,𝑖𝑛. 
 

As previously discussed and demonstrated in 

earlier studies [13–15], at a 20% filling ratio, 

increased heat input may lead to the undesirable 

formation of local dry-outs due to the low liquid 

content. Consequently, based on these 

observations, a 30% filling ratio was considered 

the most suitable for achieving steady-state 

thermosyphon operation under the investigated 
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thermal conditions. Steady-state operation is 

defined as the state where no fluctuations occurred 

due to intermittent operation, partial dry-out or 

geyser boiling, as discussed in Section 3.1. 

3.5 Influence of evaporator section length 

The results of this study were compared with 

those of a previous investigation conducted by 

Cáceres et al. [16] to assess the influence of the 

evaporator section length. In their study, the same 

8 m-long thermosyphon used in this work featured 

an extended evaporator section length of 2 m, 

while the condenser section length remained 

unchanged at 1 m. Figure 7 depicts the percentage 

ratio of the heat transfer rate for a 2 m-long 

evaporator section to that of a 1 m-long evaporator 

section, plotted against the heat-source 

temperature 𝑇𝑒,𝑖𝑛 at various filling ratios 𝑉+ for a 

heat-sink temperature 𝑇𝑐,𝑖𝑛  of 20 °C. Positive 

values in the plot indicate an increase in heat 

transfer rate with the longer evaporator section, 

and negative values indicate a decrease. 

Conditions where the thermosyphon did not 

operate were excluded from the plot. Generally, an 

increase in the heat transfer rate was observed at 

heat-source temperatures above 55 °C when a 

longer evaporator section was used. This 

enhancement can be primarily attributed to the 

doubled heat transfer area, which allowed a higher 

heat input at the same heat-source temperatures. 
 

 
Figure 7. Percentage ratio of heat transfer rates 𝑄̇𝑐 

of an 8 m-long thermosyphon with 1 m resp. 2 m 

evaporator section vs. heat-source temperature 

𝑇𝑒,𝑖𝑛 at different filling ratios 𝑉+ for 20 °C heat-

sink temperature 𝑇𝑐,𝑖𝑛. 
 

In contrast, at lower heat-source temperatures, a 

reduction of the heat transfer rate of up to 35% was 

observed. This reduction is likely due to the 

thermosyphon failing to achieve operation with 

the extended 2 m-long evaporator section under 

these lower thermal conditions. In contrast, the 

thermosyphon with a 1 m-long evaporator section 

reached operation.  

3.6 Influence of adiabatic section length 

Similar to the approach described in Section 

3.5, the influence of the adiabatic section length 

was evaluated by comparing the results of this 

study with those from a previous investigation 

conducted by Cáceres et al. [13], applying a 3 m-

long thermosyphon with 1 m-long sections for the 

evaporator, adiabatic, and condenser. Figure 8 

presents the percentage ratio of the heat transfer 

rates for both configurations. 
 

 
Figure 8. Percentage ratio of heat transfer rates 𝑄̇𝑐 

of a 3 m long thermosyphon with 1 m adiabatic 

section resp. an 8 m long thermosyphon with 6 m 

adiabatic section vs. heat-source temperature 𝑇𝑒,𝑖𝑛 

at different filling ratios 𝑉+  for 20 °C heat-sink 

temperature 𝑇𝑐,𝑖𝑛. 
 

Starting with a 20% filling ratio, a decrease in 

the heat transfer rate of approximately 10% was 

observed at lower heat-source temperatures of 50 

to 60 °C. The heat transfer rate improved by about 

10% as the heat-source temperature increased. As 

previously mentioned, partial dry-out may occur 

at low filling ratios and high heat inputs. For the 

thermosyphon with a 6 m-long adiabatic section, 

the probability of forming longer dry patches in 

the upper part of the evaporator section increases, 

which can deteriorate the heat transfer coefficient 

in the evaporator and, consequently, reduce the 

overall heat transfer rate. 

At 30% and 40% filling ratios, the ratio of heat 

transfer rates remained relatively constant around 
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zero, indicating that the influence of the adiabatic 

section length was negligible under these 

conditions. For a higher filling ratio of 50%, the 

heat transfer rate for the thermosyphon with a 

shorter adiabatic section showed a slight decrease, 

suggesting minimal sensitivity to adiabatic length 

variations at higher filling ratios. 

 Conclusions 

The experimental investigation on the heat 

transfer capacity of a prototypically 8 m-long 

straight thermosyphon for nuclear spent fuel pool 

passive cooling has led to several conclusions: 
1. The thermosyphon exhibited its highest 

thermal efficiency at a 30% filling ratio, initiating 

operation at a heat-source temperature of 50 °C 

and achieving a peak heat-transfer rate of 

approximately 4.0 kW at 80 °C. 

2. An increase in the heat transfer coefficient 

in the evaporator was observed as the filling ratio 

decreased to 30%, reaching a maximum of 

3.2 kWm-2K-1 at 80 °C. 

3. At the filling ratios of 10% and 20%, a 

deterioration in the heat transfer coefficient was 

linked to partial dry-out. 

4. Extending the evaporator section from 1 m 

to 2 m improved the heat transfer rate at heat-

source temperatures above 55 °C, due to the 

increased heat transfer area. However, at lower 

temperatures, the thermosyphon with the extended 

section failed to achieve steady-state operation, 

resulting in a 35% reduction in heat transfer rate. 

5. The adiabatic section length had a 

negligible effect on heat transfer at 30% and 40% 

filling ratios. At low filling ratios, the longer 

adiabatic section led to dry patches, reducing 

performance, while at 50% filling ratio, only slight 

variations were observed. 

This investigation offers a dataset for 

numerical model developments and validation of 

numerical simulations on 8 m-long 

thermosyphons. In future work, the experimental 

results will be used to validate and improve the 

code system ATHLET incorporating the 

modelling of the thermosyphon bundle operation 

as an integral component of the AC2 code. 
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Abstract 

This study presents the fabrication and testing of a bi-porous nickel wicked flat evaporator miniature loop heat pipe. 

The device demonstrated successful startup at a heat load of 10 W and efficiently removed up to 270 W using methanol 

as the working fluid. The transient thermal response of the heat pipe was analyzed across various heat loads, revealing 

stable operation throughout the tested range. The device's thermal resistance decreased with the rising heat load, 

reaching approximately 0.3°C/W at 270 W. This reduction in thermal resistance is attributed to enhanced vapor flow 

rates that improve heat transfer performance. Additionally, the condenser's thermal resistance exhibited an initial 

increase due to underutilization at low heat loads but decreased as mass flow rates improved with higher loads. The 

evaporator heat transfer coefficient increases with an increase in heat load. Overall, the findings highlight the effective 

thermal management capabilities of the bi-porous nickel wicked flat evaporator miniature loop heat pipe.  

Keywords: Miniature loop heat pipe; Flat evaporator; Bi-porous wick; Nickel wick; Thermal resistance 

1. Introduction

Loop heat pipes (LHPs) are innovative thermal 

management solutions that utilize phase change to 

transport heat away from critical components 

efficiently. Unlike traditional heat pipes, LHPs are 

designed to function effectively in microgravity 

environments, making them ideal for aerospace 

applications [1]. Their flexible mounting options 

and minimal thermal resistance are crucial for high-

performance electronics. Miniature loop heat pipes 

(MLHPs) are one of the most reliable, passive two-

phase cooling techniques used for the thermal 

management of high-power electronics [2-3].  

Recent advancements have emphasized the 

importance of flat evaporators in LHP design. Flat 

evaporators offer a larger heat exchange surface 

area, which is especially advantageous for modern 

electronics known for their compact designs and 

high-power densities. Integrating flat evaporators 

eliminates the need for extra transfer surfaces, 

reducing overall thermal resistance and improving 

system efficiency [4-7]. 

The wick plays a vital role in heat dissipation by 

providing the necessary evaporation surface area [8]. 

The wick's design parameters, material, and 

working fluids must be carefully assessed to ensure 

optimal system performance [9]. The porous wick 

must have a high capillary driving force to 

overcome pressure drops and ensure sufficient 

liquid return. This requires minimizing effective 

pore radii. However, the wick must also have low 

hydraulic resistance for high flow rates, which 

requires high porosity, large pore radii, and an 

efficient pore structure [10]. Balancing capillary 

pressure and permeability is challenging due to their 

opposing dependence on pore size. Bi-porous wicks 

represent a significant advancement in LHP 

technology. Engineered with two distinct pore sizes, 

these wicks enhance capillary action and reduce 

thermal resistance compared to traditional single-

porous wicks [11]. Research shows that bi-porous 

wicks effectively manage liquid-vapor separation, 

improving overall LHP performance under varying 

conditions. The larger pores facilitate vapor flow, 

while the smaller pores maintain necessary capillary 

forces, ensuring reliable liquid supply to the 

evaporator surface during high heat flux conditions 

[12].  

Therefore, bi-porous wicked structures are 

incorporated in some recent studies to overcome the 

challenge of poor pore connectivity and required 

permeability. The evaporator structure of MLHP 

can be of different types, such as cylindrical, flat, 

and disk-shaped [13]. Since MLHP is mostly 

preferred for cooling electronic equipment, it is 

easier to mount a flat evaporator directly over the 

heat source. Flat evaporator MLHP can be directly 

mounted over the heat source and does not require 

any saddle for the evaporator assembly. Thus, flat 

evaporator structures are generally preferred for the 

thermal management of electronic packages [14]. 

Therefore, a bi-porous wicked flat evaporator 

MLHP is developed in the current work to solve the 

challenge of poor pore connectivity and required 

permeability. The evaluation of bi-porous wicked 

flat miniature loop heat pipes is a promising area of 

research in thermal management technology. By 

addressing existing challenges and utilizing recent 

advancements in wick design and fluid dynamics, 

this research seeks to improve the reliability and 
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efficiency of cooling solutions for next-generation 

electronic devices.  

2. Methodology 

The Nickel wick was directly sintered over the 

evaporator base plate to reduce the thermal contact 

resistance between the wick surface and the 

evaporator plate. The sintering of the nickel powder 

was done at 850°C for 2 hours.  

2.1. Fabrication 

The bi-porous wick was composed of a mixture 

of nickel powder of granule size less than 50 

microns mixed with salt (sodium chloride) 15% by 

volume and 15% graphene nano-particles (5-10 nm). 

The silicon oil was used as a binder and pore former 

to fabricate the wick. The graphene provides better 

strength to wick, which makes it suitable for 

machining ability easily for making grooves.  

Figure 1 shows the fabricated flat evaporator for 

MLHP. Figure 2 shows the fabricated MLHP test 

section. The copper tubing was brazed in the 

evaporator section. Table 1 shows the details of 

MLHP parameters. 

 

Figure 1. Fabricated bi-porous Nickel wicked 

evaporator  

 

Figure 2. Assembled MLHP device 

 

Figure 3. Experimental setup 

2.2. Charging  

The MLHP was first evacuated using a rotary 

vane pump up to 10-2 Torr. Further, the device was 

charged with methanol. The charging ratio was kept 

at 50%. 

 

Table 1. Experimental parameters of MLHP. 

Base-Plate Material Copper 

Wick Material Nickel 

Powder size <50 µm 

Charging Ratio 50% 

Working Fluid Methanol 

Transport lines ID=4 mm 

OD=6 mm 

Overall Length 590 mm 

Pore Radius of Wick <10 µm 

Porosity of wick 50% 

2.3. Experimental setup 

Figure 3 shows the experimental setup of 

MLHP. A DC power supply was used to supply 

power to the flat ceramic heater mounted over the 

evaporator base plate. T-type thermocouples were 

placed at different locations of MLHP. NI-DAQ 

was used to record the temperature data measured. 

A pin-finned heat sink was mounted over the 

condenser region. A recirculating chiller was used 

to maintain the heat sink temperature constant. 

High conductive thermal paste was used to mount 

the heater over the evaporator plate. The 

experiments were performed at 20°C sink and 

23°C ambient temperatures. The Experimental 

investigation of MLHP is performed using 

methanol as the working fluid. 
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3. Results and discussion 

 

Figure 4. Transient response of MLHP at different 

heat load 

 

Figure 5. Effect of heat load on thermal resistance 

of MLHP system 

   Figure 4 shows the transient thermal response of 

MLHP at various heat loads. The device showed a 

successful start-up at 10 W. The MLHP was 

capable of removing 270 W of heat load. The 

MLHP shows stable operation in all heat loads. 

When the heat load rises, the evaporator vaporizes 

more working fluid. This process absorbs heat 

from the liquid, raising the evaporator's 

temperature. The saturation temperature of the 

working fluid increases with rising pressure, 

which is also elevated by increased vapor 

production. Figure 5 shows the effect of heat load 

on the thermal resistance of the MLHP system. 

The thermal resistance decreases with an increase 

in heat load. At 270 W heat load, the thermal 

resistance of the MLHP was around 0.3°C/W. 

When the heat load increases, the evaporator 

vaporizes more working fluid. This results in a 

higher vapor flow rate, which improves heat 

transfer and reduces thermal resistance. The 

increased vapor mass flow efficiently transports 

heat to the condenser, leading to better LHP 

performance. Figure 6 shows the variation of 

evaporator thermal resistance with heat load. The 

thermal resistance of the evaporator in the MLHP 

initially decreases with increasing heat load but 

eventually stabilizes. The evaporator's wick 

structure uses capillary forces to draw liquid from 

the condenser. As the heat load rises, these 

capillary forces become more efficient, ensuring 

quicker liquid replenishment and efficient heat 

transfer. The capillary pressure adjusts 

dynamically to accommodate the higher vapor 

flow, reducing thermal resistance. Eventually, 

with continued increases in heat load, the wick 

reaches its maximum capillary pumping capacity. 

This occurs when the meniscus within the wick is 

reduced to the size of the wick material's pores. 

Beyond this point, further increases in heat load do 

not significantly improve liquid return rates or 

vapor flow, stabilizing thermal resistance. 

 

Figure 6. Effect of heat load on evaporator 

thermal resistance  

 

Figure 7. Effect of heat load on condenser thermal 

resistance  
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Figure 8. Variation of evaporator heat transfer 

coefficient with heat load  

   Figure 7 shows that the condenser thermal 

resistance decreases with increased heat load. At 

low heat loads, the condenser operates 

inefficiently due to underutilization. The liquid 

exiting the condenser is near the sink temperature, 

limiting its ability to remove heat from the vapor. 

This underutilization increases thermal resistance, 

leading to higher system temperatures. Also, the 

working fluid's mass flow rate is low at low heat 

loads. This can force the compensation chamber to 

increase its temperature significantly to 

compensate for heat leaks from the evaporator. 

The higher compensation chamber temperature 

contributes to increased thermal resistance in the 

condenser. Figure 8 shows the variation of the 

evaporator heat transfer coefficient with the heat 

load. As the heat load increases, the evaporator 

heat transfer coefficient also increases. When the 

heat load rises, the evaporator vaporizes more 

working fluid. This increased vapor production 

boosts the vapor mass flow rate, enhancing overall 

heat transfer efficiency. The higher vapor flow 

improves convective heat transfer from the 

evaporator surface, resulting in a higher heat 

transfer coefficient. 

4. Conclusion 

   A novel bi-porous capillary wicked evaporator-

based miniature loop heat pipe was fabricated and 

tested. The working fluid used was methanol. The 

developed MLHP device demonstrated effective 

thermal management capabilities across varying 

heat loads. The device successfully initiated 

operation at low power levels of 10 W and 

maintained stable performance while efficiently 

handling high heat loads up to 270 W at a sink 

temperature of 20 °C. 

The thermal resistance of the MLHP decreases 

with increased heat load. The thermal resistance 

was found to be around 0.3°C/W at 270 W heat 

load. The observed decrease in thermal resistance 

with increasing heat load highlights the 

importance of vapor flow dynamics and capillary 

action in optimizing heat transfer within the 

system. These results indicate that bi-porous wick 

structures are promising for advancing flat loop 

heat pipe technology, providing practical solutions 

for applications requiring reliable and efficient 

thermal management. 
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Abstract 
In this paper, passive cooling approaches based on heat pipes has been considered to enhance thermal management of 

electric vehicle (EV) battery system. Heat pipe based passive system with high effective thermal conductivity and 

flexibility to be implemented in constrained spaces has been applied at cell, module and pack level to resolve hot spot, 

integration, system complexity and leakage hazard related issues in existing battery packs. Thin heat pipes have been 

applied directly on prismatic cells to cool terminal externally, and current collector internally providing 2-5 °C 

temperature reduction at these heat generation sites. In another case, heat pipes help to improve thermal uniformity 

on cell surface by more than 5 times of baseline metal interspace plate design. Cooling of battery module bus bar by 

heat pipes diffuse hot spots, and provide thermal uniformity from module top to bottom. At pack level, heat pipes 

helped to simplify overall mechanical design of the battery pack by downsizing cold plates thereby reducing system 

complexity and thermal uniformity to within 5 °C. Specifically, this work extends the concept of hybridization of two-

phase technology, based on heat pipes, with single-phase technology, predominately based on liquid cooling, to extend 

performance, functionalities and operational regime of cooling solutions for vehicle battery packs. In summary, heat 

pipes will help to improve overall reliability, performance and safety of air and liquid cooling systems in electric 

vehicles. 

Keywords: Li-ion battery, Electric vehicle, Heat pipe, Two-phase cooling, battery pack, terminal cooling 

1. Introduction

Battery Electric Vehicles (BEVs) are expected to 

completely replace Ignition Combustion Engine 

(ICE) Vehicles by 2050 timeline [1] depending on 

regional interests, people affordability, government 

support and more importantly technical innovations 

to make these vehicles more greener and price 

affordable for common people. Effective thermal 

management of battery systems in electric vehicles 

is very critical for driving range, fast charging, 

driving comfort and long term reliability of battery 

system. Figure 1 presents the simplified form of 

vehicle electric power train with charging system 

from inlet port to battery, and discharging system 

(or traction system) from battery to motor [2].   

Electric vehicle, in contrast with engine vehicle, 

have more specific and specialized cooling needs. 

Specific needs because of high sensitivity of 

electronics and electrical systems to temperature. 

Engine vehicle generally uses materials, which have 

high tolerance to wider temperature ranges. 

Specialized needs because of exclusive 

requirements and design customization needed per 

system functionalities and specifications. Overall 

electric propulsion system consists of electric 

system (like cables, connector, fuse, motor), 

electronic system (like inverter, converter, OBC) 

and electrochemical system (like Li-ion batteries).  

Figure 1. Electrified propulsion system in 

electric vehicle showing battery system and motor 

along with control electronics 

Each of these categories have very specific 

cooling requirements due to different materials, 

chemistry and functions of these systems. 

Additionally, each system even in similar categories 

have diverse thermal challenges owing to their 

Paper ID 126(S3)
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electrical architecture (or simply design), location in 

car (front, back, in-cabin, under-cabin) and cooling 

method (air-base, liquid-base, conduction to 

chassis). Cooling requirements of these devices 

could be dictated by material temperature limits 

(SiC chip have higher temperature limits than Si 

chip), criticality of system (autonomous drive 

system need higher redundancies than infotainment 

system) and sometime mere system cost (to avoid 

replacement costs).  

Most components of electric drive train requires 

thermal management for performance and longevity. 

Electrical (e.g. e-motors) and electronic systems 

(e.g. IGBTs – inverter, converters) can sustain 

higher operating temperatures (~ 100 to 150°C) than 

electrochemical systems like battery cells (~ 40 °C) 

[3]. Lithium-Ion cells, in either prismatic, 

cylindrical or pouch form, are invariably used for 

automotive batteries owing to their high energy 

density and better charging-discharging efficiency. 

For good calendar life and performance of Li-ion 

battery, temperatures should be maintained within 

narrow temperature range ~ 25 to 40 °C. For the 

battery electric vehicle (BEV), the range can reduce 

by 18% when driving on hot summer day (+35 °C, 

40% RH) and by 36% when driving on cold winter 

day (~ -10 °C, 90% RH), due to cabin and battery 

thermal management. Based on aforesaid facts, it 

can be safely asserted that thermal management of 

automotive batteries is very critical for vehicle range 

(economy), performance and lifetime cost.   

In light of above discussion, it is important to 

understand that existing state of cooling technology 

in vehicle has been mainly developed to manage 

engines and other mechanical systems, and 

therefore could not provide an efficient migration to 

vehicles with significant electric built (plug in 

hybrids - PHEVs, battery electric vehicles - BEVs). 

Battery systems in EVs are mainly cooled by cold 

plates with circulating liquid coolant that dissipate 

heat to remotely located radiator assembly. The 

system is effectively adaption of engine cooling 

mechanism however thermal needs and temperature 

sensitivity of batteries are very different than 

engines. Particularly, with the increasing energy 

density of battery systems and requirements to 

achieve 90% of state of charge within the time it 

need to fill gas in ICE (ignition combustion engine) 

vehicles, the thermal management for batteries is 

attracting attention for technically more innovation 

and economically more cost-effective system. 

Particularly, batteries need to maintain their 

temperature in very narrow bandwidth of 25-30 °C 

(with max of 40 °C for Li-ion based cells) which 

means that they might need heating during sub-zero 

climatic conditions, and cooling systems need to 

maintain more precise temperature control to 

achieve better longevity and reliable operation for 

battery systems. Cooling system enhancements 

based on heat pipes [4-8], loop heat pipes [9-11], 

phase change materials [12, 13] have been proposed 

and investigated by different researchers which 

could support to affect development of thermal 

management systems for next generation vehicular 

batteries. It is important that new technologies 

including two phase technologies based on heat 

pipes should consider some of critical factors to 

make proposed cooling solutions practically viable 

for implementation in actual mass produced electric 

vehicles. These includes: 

1) Space constraints: battery systems are very 

densely packed and any new improvements 

need to critically consider available space for 

integration. 

2) Weight impact: Automotive OEMs are very 

critical about running cost (or energy 

consumption) from every gram of added 

weight even if implanted technology show 

improvements. 

3) Added Cost: This would be the prime factor 

for technology consideration unlike in high 

performance computing industry where 

performances are more critical than added 

costs. Generally, in automotive, cost images 

are judged on the basis of number of degree 

reduced for every added dollar cost.  

4) Performance Gains: It is critical to judge 

performance metrics with respect to existing 

baseline system. Unlike computing sector, 

where every degree reduction in temperature 

is important, in automotive, two number 

gains are important to start considering new 

technologies for development. 

5) System Long-Term Reliability: long term 

reliability and production quality of the 

enhancement technologies are important for 

practical considerations  

In the present work, we have attempted to identify 

domains where two phase technology based on heat 

pipes could help to enhance thermal performance of 

the existing battery cooling systems. It is not 

attempted neither recommended that heat pipes 

could replace existing air or liquid cooling battery 

systems completely, but through their passive 

operation and superior thermal conductivity, heat 
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pipe technology have potential to solve existing 

issues of hot spots, thermal gradient/non-uniformity, 

elevated operating temperatures during stress 

conditions, cooling system weight, leakage hazard 

and so on. Particularly, hybridization or optimum 

mixing of two phase and single phase technologies 

have potential to provide cooling design 

breakthroughs in area of battery thermal 

management.  
 

2. Vehicle Battery System 

Electric vehicle battery system in overalls 

comprises of battery cell modules and related 

control electronics [14] as shown in Figure 2. Cells 

are generally derived from Li-ion technology with 

different form factors (cylindrical, prismatic, pouch). 

Battery electronics consists of control devices to 

manage and monitor battery stacks, and includes 

cell management controller (CMC), battery 

management system (BMS), battery junction box 

(BJB) and associated high voltages cabling and 

connectors. Cooling system is largely considered 

part of mechanical hardware of the battery pack, and 

extend beyond battery system to include liquid flow 

loop and radiator units located elsewhere in the 

vehicle, and shared with other cooling loops meant 

to manage electro-mobility power electronics (OBC, 

Inverter, Converter) and autonomous drive 

assistance systems (ADAS), depending on vehicle 

cooling architecture. The current paper is mainly 

concentrated on cooling of the battery cells modules 

at cellular, module or pack level.   
 

 
Figure 2. Vehicle battery system details [14] 

 

2.1. Datacenter Analogy 

While reviewing different technologies for 

battery system cooling, it is convenient to derive an 

analogy between vehicle battery system and high 

performance data center:  

1. Battery modules arranged in pack while server 

racks arranged in data center facility both 

represents a modular approach 

2. Battery modules have low heat density battery 

cells, and high heat density management 

systems (BMS, BJB) whereas data center rack 

have low power density auxiliary chips (MPU, 

power management) and high power main 

chipsets (CPU, GPUs) 

3. In both types, heat collection from sources and 

dissipated remotely using designed facility 

(pump, manifolds, coolant distribution, 

radiator/chiller) 

4. Both systems need to adapt in real time to 

changing operating and environmental 

conditions  

There would be some stark difference between 

two systems, however current analogy could help to 

take some of the lessons learned from mature data 

center technology and consider it for battery pack 

cooling design. 
 

3. Battery Thermal Generation  

Heat is generated by battery cell via 

electrochemical reactions inside cell during 

charging/discharging (reversible heat), and via joule 

heating owing to current flow inside the conductive 

elements i.e. bus bars, terminals, current collectors, 

connectors (irreversible heat). More than 65-75% of 

generated heat is irreversible with remaining 25 to 

35% reversible heat [15] depending on ambient 

temperatures. General tendency for battery heat is to 

increase with reducing ambient temperatures owing 

to inverse relation of cell internal resistance with 

temperature.  

Traditionally, cells are arranged in module with 

the individual cooling systems (cold plates) which 

are then housed in the battery pack (Figure 3).  

 

 
Figure 3. Thermal dissipation flow from cell to 

ambient as ultimate heat sink 

 

Overall cells are connected in series and parallel 

combinations to achieve an overall pack voltage 

between 400 (current) to 800 V (next generation). 

Max current from 300 to 1000 A is possible to 
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handle by EV battery packs depending on OEM, 

region and pack concept [16]. Typical cell voltage 

is ~ 3.7 V with capacity (ampere-hour) depending 

on cell size, type and pack concept (4.8 Ah 

cylindrical cells for Tesla Model Y, 55.6 Ah pouch 

cells for Kia EV6, 72 Ah prismatic cells for Audi Q8 

e-tron) [17]. Under given operating conditions, 

battery cell could generate heat in wider spectrum 

ranging from 5-10 W for optimal operations, 50-100 

W for sudden accelerations/discharging and fast 

charging conditions. With such wider range of heat 

generation, it is generally difficult to consider 

battery thermal mass capacity in cooling design, 

particularly for high end EVs with ultra fast or fast 

charging features. For reference, based on simple 

heat capacity calculations, fast discharge/charge 

from/to battery pack could fill thermal capacity (25 

to 40 °C) of Audi e-tron battery within 4 min or less.  

Battery module on an average considers heat 

dissipation of 100-200 W in their cooling system 

design (Figure 4) which is on the higher end of the 

spectrum when compared to different electronics 

and electric systems in EVs. 

 
Figure 4. Heat output from different systems in 

EVs 

 

From cooling system design viewpoint, the heat 

flux from battery modules/pack is on lower end ~ < 

1 W/cm2, however volumetric heat density for high 

voltage modules is high 100 kW/cm3 (Figure 5).  

 
Figure 5. Heat flux versus package heat density 

for battery modules 

In this case, the cooling system design need to 

concentrate heavily on the heat removal/transfer 

function to collect large amount of low flux heat 

from large pack (more than 1 x 2 m2) area and 

transport/dissipate it to remotely located (> 2 m in 

some instances) radiator/chiller unit. 
 

4. Battery Cooling Requirements 

Concentrating on the electrochemical cellular 

makeup of the battery system (i.e. excluding 

associated electronics and electrical systems), 

cooling of the battery cell is required to satisfy 

different needs: 

1) Temperature Control: Cooling system is 

expected to efficiently remove heat generated 

inside battery cells as a results of 

electrochemical reactions (reversible heat due 

to reactions in electrodes/electrolyte) and joule 

heating (irreversible heat due to current flow) 

during charging and discharging of the Li-ion 

matrix. For EVs, heat output per cell can vary 

from 5 to 50 W depending on cell geometry, 

charging/discharging rates (nominal versus fast 

charge) and ambient temperature. Target of the 

cooling system is to maintain battery pack as 

close to optimum temperatures of 20-25 °C for 

lithium-ion batteries 

2) Thermal Uniformity: Thermal management 

system is expected to keep pack thermal 

gradient within 5 °C or better. Cell internal 

resistance show high dependence on their 

operating temperatures, and thus overall electric 

characteristics and pack range is affected by 

thermal non-uniformities.  

3) Safety: A thoroughly cooled battery system 

provide safety against thermal runaway and 

thus overall security against catastrophic 

failures related to elevated temperatures 

including fire hazards.    

4) Long Term Reliability: Battery life has direct 

dependence on its operating and storage 

temperatures [18]. As temperature of battery 

rises above permissible limits of 40 °C (for Li-

ion cells), the extent of chemical reactions 

inside battery increases resulting in 

consequences of self-discharging, chemical 

aging and premature failures of the cells due to 

water loss and corrosion [19].  
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5. Battery Cooling Architecture 

This section will review existing state of art of 

battery cooling system for electric vehicles to 

outline design attributes, mode of heat transfer and 

cooling concepts. It is important to understand the 

complexity of the EV battery system to appreciate 

challenges that any technology including heat pipe 

or vapour chambers would have to face in order to 

successfully implement in such rigid, rigorous and 

constrained atmosphere. Figure 6 represents a very 

simplified schematic of battery cooling system that 

outlines two different circuits that are available to 

dissipate heat generated by battery pack; 1) thermal 

dissipation directly to forced air cooled radiator 

(heat sink) when cooler ambients allows to maintain 

cell temperature less than 25 °C threshold, and 2) 

heat dissipation to chiller cooled by vapour 

compression system (VCS) when ambient 

temperatures are high or battery pack is undergoing 

fast charging/discharging sequences. In this case, 

VCS will have a separate two phase loop to dissipate 

battery heat to ambient via air cooled radiator.  

Battery pack cooling design philosophy is based 

on number of factors including, but not limited to: 

1. Nominal pack heat generation  

2. Fast charging power (kW) which is generally 

higher for European OEM than Asian OEMs 

3. Charging curve (maximum current, charging 

time) that directly affect overall heat generation  

4. Battery packaging (cell to module, cell to pack) 

5. Mode of cooling (air, liquid, two-phase, 

immersion)

 

Figure 6. Schematic of battery cooling system 

immersion) 
 

Depending on the vehicle class and maker, 

different cooling mechanism and architectures 

could be use to cool EV battery pack. On the lower 

end of the performance spectrum, air cooling 

provides simple and low cost cooling solution for 

low power battery packs. Figure 7 present air 

cooling for Lexus UX 300e [20] that uses chilled air 

circulated by fan in close circuit to dissipate heat 

from battery pack. Air cooling system has capacity 

limitation and low efficiency, and could sometimes 

results in dust contamination which could degrade 

system performance overtime. Cell to pack density 

with air cooling is lower due to larger ducting spaces 

need for circulating air.  

 

 

  
Figure 7. Air cooled Li-ion battery pack in Toyota Lexus UX 300e [20] 

 

Liquid cooling, on the other hand, provide 

precise temperature control, high heat capacity and 

adaptation to changing cooling needs however 

system is complex, poses high demands on 

leakproof over vehicle life span, have high 

installation and maintenance costs. Generally, water 

based coolant (mix of water with ethylene glycol or 

propylene glycol) is used due to good performance, 

anti-freeze ability and cheap cost. Battery cells 

could be cooled from bottom side (Figure 8) or sides 

(Figure 9 & 10). Both approaches have their pros 

and cons, with the bottom cold plate [21] help to 

provide good isolation protection for high voltage 

batteries, and low connectivity/installation  

complexity by separating electric flow 

infrastructure and cooling system. Cold plate 

contacting cell sides would provide more efficient 

cooling due to larger contact surface area [22], 
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however system usually tends to be complicated 

(Figure 9). Traditional methodology of bottom 

cooling of prismatic cells, and side cooling of 

cylindrical cell has been combined in innovative 

approach [23] to cool prismatic cells from side 

where cooling system provide structural support for 

pack as well (Figure 10). This approach would 

provide high cell to pack density, better cooling and 

economical structural approach with low 

complexity.  

 

 

 

  
Figure 8. Liquid cooled battery pack in Audi Q4 e-tron [21] 

 

 

 

 
Figure 9. Liquid cooling system for Tesla Model S 

battery pack [22] 

 

 
 

 
 

Figure 10. Liquid cooled battery pack with cooling 

system integrated in structures (CATL Qilin) [23] 

Approach of direct refrigerant (two-phase) 

pumped cooling [24] has been attempted by some 

OEMs (Figure 11) where cooling efficiencies and 

capacities better than single phase liquid cooling 

could be achieved but at added complexity 

(difficulty in controlling temperature), system cost 

and environmental impacts (refrigerant leakage). 

Refrigerants like R134a and R1234yf has been in 

common use in such systems. High end carlines 

with ultra-fast charging features and operating in 

extreme temperature conditions could facilitate 

from this approach.  

 
Figure 11. Refrigerant cooling system for battery 

pack of BMW i3 [24] 

 

Immersion cooling have been attracting a lot of 

technical attention in data centers and recently in 

vehicle battery system due to their versatility to cool 

number of electronic/electrical system arranged in 

3D manner. For battery pack cooling, the technique 

have been tried by limited and very specialized 

vehicles till now [25], however the approach is 

being developed by different institutes, [26] and as 

more experience is accumulated, it is expected to be 

available for more general carlines. Cooling 
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efficiencies for immersion cooling is good when 

there are multiple heat sources including battery 

cells and battery electronics arranged in compact 

setting, however leakage control, system weight, 

system cost, serviceability are some of issues that 

need to be looked into more details. Figure 12 

present immersion cooling system in its current state 

of art in market. Techniques like phase change 

material based cooling has been investigated by 

different companies/researchers however still the 

method is mainly explored in academic setting and 

difficult to apply for actual application unless clear 

advantages over approaches in practices are 

outlined.  

 

 
 

 
Figure 12. Immersion cooled battery pack [25] 

 
 

6. Battery Cooling Enhancements with Heat 

Pipes  

Existing thermal management architectures 

for electric vehicle battery packs have been 

primarily influenced by the cooling approaches for 

electric drive components including power 

electronics (on-board charger, traction inverter, 

power converter), motor and autonomous drive 

assistance system (ADAS) which are mostly 

liquid cooled. As discussed in previous section, air 

cooling is generally limited to low power battery 

systems in basic EV models and poses limitations 

for fast charging and adverse ambient conditions. 

Liquid cooling offers a safer thermal control 

options and could be readily implemented owing 

to the presence of liquid loop in the vehicle, and 

decades long experience with liquid cooling of 

engines (in ignition combustion engine (ICE) 

vehicles). Battery pack needs a dedicated liquid 

flow without influence from other components of 

e-drive due to temperature sensitive behaviour of 

battery cells, and its influence on pack longevity 

and operational performance. As explained 

earlier, battery pack can have a dedicated liquid 

loop with separate battery radiator, or this can 

share loop with power electronics through flow 

distribution control system.  

Liquid based loop can control cooling capacity 

with the aid of temperature modulated flow 

control by pump system, and offer options to 

switch between structural based cooling (using 

thermal mass of battery system) for optimal drive 

modes, and high capacity liquid cooling (using 

liquid loop) for sudden acceleration/discharging 

and fast charging modes.  

Said that, liquid cooling have performance to 

cost competitiveness however not always 

adequate in fulfilling cooling needs of battery 

packs under stress situations. Most of cabin base in 

EVs are occupied by battery modules arranged in 

single pack, and customarily cooled by low-end 

cold plates positioned under the modules. Such 

cooling system poses safety issues from liquid 

leakage in high voltage areas, presents temperature 

gradient within/amongst modules, have heavy 

weight due to extend of liquid coolant and cold plate 

volume, and have high system complexity (multiple 

cold plate integration and connectivity). In this 

section, we will look at some of these issues, and 

provide potential cooling enhancement solutions 

based on heat pipe based two phase technologies. It 

is important to emphasis that heat pipes would 

normally serve to enhance the thermal performance 

of existing cooling system, through their high 

effective conductivity and passive operation, and 

not meant to completely replace it. Although 

performance would be major need to effect 

introduction of heat pipes, however in certain 

instances, benefits of weight reduction, safety 

against leakage and/or addressing pack mechanical 

connectivity/complexity can support heat pipe 

implementation in the battery pack.  

Cold plate technology can be mainly applied at 

the module or pack level (Figure 13) due to size, 

form factor, manufacturing limitations and 

integration complexities (die casted, extruded or 

CNC machined) of these devices which are 

generally in planar or plate form. For attachment 

directly to module, these are generally attached at 

bottom for single cold plate per module basis and 
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sometime side when two modules sandwich one 

cold plate. Connecting multiple cold plates in 

overall pack for flow distribution introduces 

challenges against leak proofing and fault 

diagnostics. Single dedicated cold plate for overall 

pack help to address connectivity issues, however at 

the expense of manufacturing, logistics and 

integration complexities.  

From thermal standpoint, the design and location 

of cold plate could provide cooling to only one 

side/face of the battery cell (Figure 13) through 

layers of thermal interface materials (minimum two 

locations), electrical isolation and pack enclosures. 

Figure 14 presents the breakdown thermal 

resistance from cell terminal to battery radiator that 

clearly shows that bulk of thermal flow obstruction 

lies close to generation areas inside cell. This means 

targeting efficient heat dissipation device closer to 

cell generation areas, although difficult to 

implement, would provide best cooling benefits in 

the form of temperature drops.  

 

 

  
 

Figure 13. Exploded view of battery pack 

showing different thermal interfaces 

 
 

Figure 14. Thermal resistance breakdown for thermal 

propagation from cell to radiator/heat sink. 

Current design of liquid cooling presents high 

temperature gradient from cooled to uncooled face 

that is elevated during stress phases like fast 

charging when extend of release heat from cell 

terminals and jelly roll increases exponentially. 

Battery cells have low effective thermal 

conductivity ( 18 – 30 W/m.K) that impede heat 

flow from cell interiors (electrolyte, electrodes) and 

exteriors (terminal, contacting point with bus bar) 

[27]. Generally, electric connections (terminal, bus 

bar) where most of joule heat is generated are lined 

opposite to cold plate connection side. Additionally, 

internal joule heat generated at current collector 

have to be released through complicated and long 

winding path through cell terminal at top, to cold 

plate at the bottom of cell. Part of electrochemical 

heat is released to larger sides area along the cell 

thickness which is partially attempted to be released 

by using conductive spacer plates (with isolation 

layers for maintaining electric flow integrity). In 

summary, cold plate location is far from heat 

generation sites and not thermally optimal, but 

represents best compromise when considering 

available space, electrical safety and mechanical 

integration in pack. Extending this discussion 

further, Figure 15 presents the comparison of 

different cooling approaches for fast charged battery 

pack with different configurations and loading 

sequences. It is evident that standard liquid cooling 

at pack or module level would not be able to sustain 

cell temperatures below 40 °C limit. Introducing 

heat pipe thermal connection between cells to cold 

plate for modules based or pack based battery 

packaging could benefit by keeping cell operating 

temperatures in safety limits. In this analysis, it is 

estimated that heat load output from cell would 

triple, than nominal, during fast charging cycle.  

 

 
Figure 15. Temperature evolution for battery 

pack with different cooling method including 

heat pipe enhancements 
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Further in this section, cases are discussed to 

outlay methods in which heat pipes could improve 

cooling for battery packaging in EVs, starting 

from cell to pack levels.   

 

6.1 Cell Terminal Cooling 

Figure 16 depicts two different methods to 

cool cell terminal – externally (left) or internally 

(right). For cell exterior cooling, heat pipe was 

soldered attached to positive and/or negative 

terminals with electrical isolation layer at 

condenser interface to avoid short circuiting. 

Based on simulation results, which were verified 

by actual lab experiments, heat pipes were able to 

reduce terminal temperature by 1 to 3 °C 

(depending on number of heat pipes and terminal 

type). Gains with heat pipe was higher at positive 

terminal due to large output heat at this terminal 

owing to incoming current [28] as evident in 

Figure 17.  

 

 
Figure 16. Methods to cool cell terminal (left) 

and cell current collector (right) using heat pipes 

[28, 29] 

With cell interior cooling at current collector 

sites, both overall cell temperature reduction and 

thermal uniformity was more superior, with jelly 

roll temperature drop by more than 5 °C for 

extreme stress situations during fast charging [29]. 

For experimental verification, heat pipe was 

attached to source area by mechanical adhesion 

while keeping dielectric gap at one end of heat 

pipe using isolation layer.  

The challenging aspects of heat pipe 

integration was bending of heat pipe with sharp 

radii (for terminal area) and in 3D fashion (for 

current collector area) to obey space limitations 

both externally and internally to cell. In both 

instances, heat pipe(s) attempted to reduce thermal 

gradient along the height of the cell (with cold 

plate based cooling at cell bottom). Such gradient 

results from heat generated at cell terminal, cell 

current collector as well as external mounted 

electronics/electrics around cells (cell control unit 

– CDU, current bus bar, battery management 

system – BMS).  

 

 
Figure 17. Comparative results for cooling cell 

terminal extremally and internally using heat 

pipes [29]. 

 

6.2 Intercellular Thermal Gradient 

Improvement   

As depicted in Figure 17, thermal gradient on 

the sides of the cell can result due to thinner 

geometry (< 1 to 2 mm) and lower thermal 

conductivity of the interspace plates. For high 

voltage batteries under fast charging conditions, 

these gradients could exceed safer temperature 

limits for Li-Ion cells or in other words, baseline 

design would not allow fast charging possibility 

without any thermal enhancement. In this case, 

heat pipes could provide high effective thermal 

conductivity to interspace plates thereby reducing 

overall gradients by more than 5 times of baseline 

design at single cell heat dissipation of 100 W. 

Figure 18 presents module integration concept 

(left) and actual prototype of heat pipe cooling 

plates using 4 heat pipes with diameter 6 each 

[30].  

The concept uses cold plate on the side of 

battery module rather than bottom due to 

difficulties of routing heat pipes at the bottom side, 

and availability of space at sides that could allow 

such idea in practice, wherever space exists on the 

module side. For this concept, the complexity of 

interfacing and integration of heat pipes plates 

between module and cold plate in actual 

application could be overpowering and need to be 

considered for simplifications.  

 

 
Figure 18. (left) Heat pipe based module cooling 

enhancement, (right) Heat pipe intercellular 

plates to reduce gradient on sides of prismatic 

cells 

 

6.3 Module Bus Bar Cooling  
The notion of cell terminal cooling could be 

extended to cool battery module bus bar using heat 

pipe(s) as shown in Figure 19. Such design is able 
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to provide twofold advantages [31]; 1) suppress 

thermal gradient (and hot spots) from top to 

bottom of cells (or module), and 2) reduce 

working temperature for module electronics 

(battery management system) and electrical (bus 

bar) system located on top of the module. In other 

words, heat pipe based system could help to 

channel heat release by electronics and terminals 

on top of module to the original cold plate housed 

at bottom side. Diameter 8 heat pipes were 

attached on either side (positive and negative 

respectively) bus bars using mechanical fasteners. 

To avoid short circuiting, heat pipes were coated 

with polyimide based isolation with dielectric 

strength exceeding 2 kV. Generally, under fast 

charging condition, top to bottom temperature 

gradient of more than 10 °C can exist across cell. 

By implementing heat pipes into the module bus 

bar, these gradients were reduced to less than half 

of original values.  

 

 
Figure 19. Battery module bus bar cooling using 

heat pipes 

 

6.4 Pack Mechanical Simplification  

Figure 20 present cooling approach for battery 

pack with heat collection using heat pipe carrier 

plates and heat transfer to radiator area using 

significant downsized cold plate loop. Each heat 

pipe carrier plate was more than 600 mm long with 

condenser area ~ 50 mm, and was required to 

transfer 240 W heat load from 1.5 share of battery 

modules per heat pipe carrier plate. Heat pipe plate 

was able to provide temperature uniformity within 

±5 C and significant temperature reduction (~ 40 °

C) compared to metal Aluminum plate design 

(Figure 20). Pack level cooling approach is readily 

easy to apply and integrate in the vehicle without 

any major mechanical changes.  

In this case, two-phase systems based on heat 

pipes could extend significant advantages to 

improve temperature uniformity, simplify 

mechanical design of pack by reducing cold plate 

size and connectivity between multiple cold plates, 

reduce overall system weight owing to cold plate 

downsizing and coolant charge reduction,  and 

improve safety against leakage in high voltage area 

by keeping downsized cold plate out of battery 

enclosure through low water charged heat pipes in 

the vicinity of pack [32]. 

 

 

 

 

Figure 20. (Top) Heat pipe carrier plate for cooling 

battery pack with prismatic cells, (Bottom) Pack 

temperature evolution with and without heat pipes 

 

It should be noted that mix of two phase and 

single-phase system, as outlined above, would 

provide most performance and cost optimum 

approach for battery cooling.  

Fully two-phase system are high performance but 

integration and cost intensive. Similarly, fully 

single-phase system are bulky, complex and low 

performance (particularly thermal non-uniformity 

close to battery cells). The innovative aspect of 

using heat pipes in battery cooling is hybridization 

of two-phase and single-phase systems to improve 

performance and simplify design. The concept can 

be extended for battery pack with cylindrical cells 

as shown in Figure 21.  
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Figure 21. Heat pipe based cooling of battery pack 

with cylindrical cells 

 

7. Heat Pipe Development for Battery 

Cooling  

Application of heat pipe for battery thermal 

management need some specific technological 

advances in performance and structures of heat 

pipe to make them viable for implementation in 

vehicle environment. These areas include: 

1. Longer heat transfer distances: For module and 

pack cooling, heat pipes are needed to be more 

than 250 mm (genuine length in consumer 

electronic cooling) that requires development of 

wicking structure with superior wicking 

properties (to promote faster liquid transfer, 

high capillary pressure for fluid circulation) 

Figure 22 presents combined wick structure for 

heat pipe for higher heat capacity and long 

distance heat transport.  

2. Condenser development: In battery packs, the 

heated area is generally 4-5 time larger than heat 

sink area (contrary to electronic cooling) which 

need development of condensation heat transfer 

coefficient through methods like micro 

texturing of wick surfaces. 

3. Electric Isolation: High voltage battery 

modules need dielectric layering between 

evaporator and condenser to avoid short circuit 

discharges. This could be done by isolation 

coatings which are high temperature tolerable 

and reliable against vibration over extended 

time period. 

4. Structural Strength: Automotive environment 

need ability for cooling system to sustain 

structures under impact loading and vibration 

environments. Appropriate wall and wick 

strength need to be achieved by optimal design 

and manufacturing parameters.  

5. Complex Forming: Space restriction requires 

heat pipe to be bend with sharp radii and 

complicated 3D shapes. Wick design and tube 

cross section need to be consider to maintain 

fluid continuum and structures over lifetime. 

 

 
Figure 22. Heat pipe wick development for long 

distance heat transport. 

 

8. Conclusions 

The work have identified niche for heat pipes in 

improving thermal management ability of existing 

battery cooling systems: 

1. Cell level terminal/current collect cooling 

tend to reduce heat resistance close to 

generation site and thus addressed hot spot 

issues  

2. Cell side cooling using heat pipe interspace 

plates were able to improved cell thermal 

uniformity   

3. Module bus bar cooling concept could 

reduced hot spots on battery bus bar and thus 

improved thermal uniformity of overall 

battery module 

4. Pack cold plate downsizing helped to reduce 

complexity of battery pack cooling system, 

reduce system weight, improve thermal 

homogeneity and reduce leakage hazards.  

In summary, heat pipe based passive system will 

provide system with high runtime reliability, better 

thermal uniformity and more safety for battery 

cooling in electric vehicles.  
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